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Summary

The hotel sector features high thermal demands, often realized through processes
that advance the global warming effect. The energy consumption within the hotel
sector is high compared to other commercial sectors due to the high number of
occupants. Excessive energy use within the hotel sector in cold climates is primarily
contributed to the thermal energy production of domestic hot water, space heating
and cooling. Moreover, the application of conventional and inefficient thermal
energy sources in hotels is extensive. Consequently, an efficient and environmentally
friendly solution for thermal energy production is necessary to reduce the specific
energy consumption and ensure sustainable growth within the sector.

Heat pump systems satisfy these criteria by reducing energy consumption and op-
erational costs related to thermal energy production. The application of natural
and environmentally friendly refrigerants, such as carbon dioxide (CO2), or R744,
has gained much attention as an approach to reduce greenhouse gas emissions from
refrigeration, air-conditioning, and heat pump systems. The superior thermody-
namic properties of COs enables the application of integrated systems, in which a
single vapor compression system supplies all major thermal demands of the build-
ing. The installation of thermal storage is an effective measure to improve the
performance of integrated systems. In hotels, thermal storage in the form of hot
water tanks can be applied to reduce peak loads. The potential benefits of applying
integrated COq9 systems with thermal storage in hotels are considerable due to the
characteristically substantial hot water demand.

The review of state-of-the-art COq applications, particularly integrated COo sys-
tems for heat pump applications, indicate the necessity of further investigation
and development of COs9 systems for hotels. In addition, the review demonstrated
that the control strategy for hot water production and storage influences the CO2
system efficiency considerably.



This research work includes a large-scale investigation of the market potential of
integrated CO9 systems within the Nordic hotel sector, an in-depth performance
evaluation of an integrated COs hotel unit, and, finally, numerical evaluations of
designs and control strategies to enhance performance.

The large-scale data analysis of Norwegian and Swedish hotels revealed that there is
a large market potential for integrated CO2 systems. The hotel sector is character-
ized by high energy consumption and related emissions. However, a shift towards
sustainable energy sources was observed over the five-year investigated period, in-
dicating interest and willingness to adapt energy-efficient and sustainable thermal
solutions. Two of the 140 hotels in the analysis were equipped with integrated COq
systems. These hotels demonstrated a reduction in specific energy consumption of
approximately 60% in relation to thermal energy production. Thus, hotels that
use traditional thermal systems could benefit both economically and in terms of
emissions by applying integrated COq systems.

The in-depth investigation of an integrated COs hotel unit with thermal storage
illustrated that the thermal energy demand of hot water heating represented more
than half the annual heat requirement of the hotel. It was found that a substantial
thermal storage is essential to ensure high performance of the integrated COq hotel
unit, as it reduces peak loads and enables more flexible operations and charging
over extended periods of time. Moreover, the storage of the system was found to be
inadequate, as it forced the COs unit to operate under unfavorable conditions to
fulfill domestic hot water demands. Thus, the flexibility that the storage provided
was not fully utilized with the current traditional hot water charging strategy.

A numerical evaluation of the system mentioned above demonstrated that the over-
all performance of the hotel’s thermal system could be enhanced when applying a
low load strategy for charging the domestic hot water storage. The principle of the
proposed control strategy was to charge the storage at longer periods of time and
at reduced loads, thus utilizing the cold supply water to continuously cool down the
CO4 gas cooler outlet temperature and, by this, enhance performance. Applying
this strategy resulted in annual energy savings in the range of 8.4%. Further, three
different design concepts for integrated COq units were evaluated in terms of energy
consumption, environmental impact and economic viability. The main character-
istics of the evaluated designs were single-stage compression, parallel compression,
and ejector-supported parallel compression. In addition, two hot water charging
strategies were implemented and investigated, namely the reduced load strategy
and the traditional approach. Applying continuous charging at low loads enhanced
the performance of the system over a wide range of ambient temperatures. It
was also revealed that the charging strategy was the least expensive measure to
enhance performance. Moreover, considerable emission reductions were achieved
when applying integrated COs solutions in place of a boiler and HFC chiller.

vi



In summary, integrated COs systems represent an efficient and environmentally
friendly option for thermal energy supply within the hotel sector in cold climates.
Integrated heating and cooling loads within the same cycle enable high efficiencies,
which can be enhanced by applying a thermal storage. However, the specific ther-
mal storage control strategy can influence overall performance considerably. To
enhance performance, charging of the hot water thermal storage should take place
at low loads over longer time periods.
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1 Introduction

This chapter presents the motivation and main objectives of the doctoral work,
thesis structure and list of scientific publications within the scope of this thesis.

1.1 Motivation

Tourism, and thereby hotels, play a crucial role in the European economy. The
hotel sector features high energy consumption, which greatly contributes to the
global warming effect. According to the EU strategic plan for heating and cooling
in buildings, new and sustainable solutions for generating thermal energy must be
applied to achieve the 2-degree goal of the Paris Agreement [1]. Presently, buildings
account for more than 40% of the total end-use energy consumption in Europe [2].
Approximately 1/3 of this energy consumption and related emissions is connected
to the commercial sector [3]. By implementing measures to increase efficiency and
manage demands, it is estimated that energy saving of 30% can be achieved within
the commercial sector [4, 5]. The European hotel sector has increased during the
last decade with an annual market growth between 7 to 13%, and it is expected
that the number of international visitors will increase by 43 million annually until
2030 [6, 7].

Hotels are energy-intense buildings due to the nature of their operation and the
behavior of occupants [8]. The energy consumption in hotels is high compared to
other commercial buildings, such as schools and hospitals [9]. The largest contrib-
utor to excessive energy use within the hotel sector is hot water, space heating and
cooling. In cold climates, it is estimated that approximately 60% of the total energy
consumption in hotels is allocated to heating and cooling [10]. Fossil fuel-fired boil-
ers are still the most applied source of heating in Europe despite high emissions [1].
Heating in Nordic hotels has been highly dominated by electric panels or hydronic
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heating through electric boilers due to relatively low electricity prices caused by
the availability of renewable energy sources. A majority of hotels apply centralized
heating stations, where thermal heat is generated and further transported through-
out the building by a secondary hydronic circuit. Excessive use of electrical power
by peak heating and the use of low-efficiency air-conditioning (AC) units aggravate
the electricity problems society is facing. Existing hotels exhibit the most severe
problems of excessively high energy demand rates, inevitably requiring renovations
along with retrofitting of thermal systems [11]. To reduce the environmental foot-
print, legislation and favorable incentives have been introduced in Nordic countries
to encourages building owners to adopt sustainable heating solutions [12, 13]. More-
over, the environmental aspect of tourism is becoming important for guests when
selecting hotels [8]. Nearly 80% of potential guests believe that renewable energy
is important for European tourist accommodations [14]. Yet, reducing the oper-
ational cost is undeniably the biggest incentive among hotel owners to introduce
environmentally-friendly initiatives [15]. Thus, efficient and sustainable solutions
for thermal energy production must be applied to reduce the energy consumption
and footprint of this growing sector.

Vapor compression systems are among the most energy-efficient methods of provid-
ing heating and cooling in buildings. A significant share of AC and heating systems
within the hotel sector apply synthetic refrigerants with high environmental impact.
Carbon dioxide (COg) is a natural refrigerant with negligible environmental impact
and favorable thermodynamic properties and is firmly established in both heating
and refrigeration applications. Integrated CO5 heat pump system is a promising
technology for space heating and high-temperature hot water production [16]. In
these systems, the heat rejection process occurs at gliding temperatures with a
high-temperature difference compared with traditional condensers. Thus, COs is
superior in heating processes that require a high-temperature lift, such as hot wa-
ter production [17]. The potential benefits of applying integrated COy systems
in hotels are considerable due to the characteristically substantial hot water de-
mand [18]. COy systems can be implemented with ease and high flexibility as a
retrofit solution in existing hotels, where other natural refrigerants are limited due
to safety restrictions on account of toxicity and flammability. The installation of
thermal storage is an effective measure to improve the performance of integrated
COg systems and reduce peak loads. Hence, integrated COs systems for heating
and cooling may be a suitable solution to increase hotels’ thermal efficiency with
minimal environmental impact. The market potential and performance of inte-
grated systems in relation to conventional thermal systems should be investigated
to quantify potential savings. In addition, detailed system performance evaluations
should be performed to identify measures to increase system performance. More-
over, control strategies and system designs can be further investigated to improve
the energy efficiency of integrated CO3 systems for hotel applications.
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1.2 Research objectives

The aim of this work is to describe concepts and evaluate the performance
of integrated CQOgz systems for hotels in cold climates. As this research
involves the application of a novel concept within a new sector, the focus is partially
on investigating the potential market. Additionally, it is necessary to analyze the
operation of an integrated COs hotel unit to identify measures that can improve
system performance. The main research objective can be divided into the following
sub-goals:

e Investigate and quantify thermal energy demands within the hotel sector in
cold climates to identify the market potential of integrated COq systems.

e Evaluate the performance of an integrated CO; hotel system through opera-
tional data to identify measures that can improve energy efficiency.

e Develop, apply and validate transient simulation models to evaluate thermal
storage charging strategies.

e Design, develop and evaluate concepts for integrated CO2 systems with ther-
mal storage for hotels in terms of energy efficiency, environmental impact,
and economic feasibility.

1.3 Thesis contents

e Chapter 1 introduces the background and motivation for the doctoral research
work. The first part of the introduction demonstrates the advantages related
to installing integrated COq units within the hotel sector. Following are the
objectives of the thesis and the list of scientific publications.

e Chapter 2 reviews the technological status of COs as a refrigerant. The
first section describes past, current and future state-of-the-art transcritical
CO4 applications. Furthermore, a state-of-the-art review of integrated COq
systems is given. A particular focus is granted to integrated CO2 systems
with heating and cooling capabilities, in addition to thermal storage. The
last part of the chapter illustrates the development and challenges related to
integrated CO2 systems in hotels in cold climates.

e Chapter 3 explains the methodologies applied in the doctoral work, in which
the focus is to elaborate on the research methods described in the papers.
The first part describes data collection and analysis procedures applied to

3
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perform large-scale and in-depth evaluations of thermal systems. The second
part describes the software applied in the numerical investigations, model
development and simulation model validation.

e Chapter 4 presents the main research related to the sub-objectives of the
doctoral work, which has been performed based on the four journal articles
listed in Section 1.4.1. A brief summary is given for each article.

e Chapter 5 concludes the thesis by presenting the main results, contributions
and value of the research work.

e Chapter 6 gives suggestions for further work to improve integrated CO heat
pumps for hotel applications.

1.4 List of publications

The author of this thesis contributed to four journal articles and four conference
papers within the subject of CO4 applications in hotels. All papers are attached in
the appendix. The author contributions for each paper are based on the CRediT
classification [19] are given below.

1.4.1 Journal publications

Article I

S. Smitt, I. Tolstorebrov, P. Gullo, A. Pardinas, A. Hafner (2021). "Energy use and
retrofitting potential of heat pumps in cold climate hotels.” In: Journal of Cleaner
Production 298, 2021, 126799. DOI: 10.1016/j.jclepro.2021.126799

Author contributions: Conceptualization: S. Smitt, I. Tolstorebrov, A. Hafner,
Investigation: S. Smitt, Formal analysis: S. Smitt, Writing - Original Draft: S.
Smitt, P. Gullo, A. Pardinas, Writing - Review and Editing: S. Smitt, I. Tolstore-
brov, P. Gullo, A. Pardifias, Visualization: S. Smitt, Supervision: I. Tolstorebrov,
A. Hafner.

Article 11

S. Smitt, I. Tolstorebrov, A. Hafner (2020). "Integrated CO2 system with HVAC
and hot water for hotels: Field measurements and performance evaluation.” In:
International Journal of Refrigeration 116, pp. 59-69. DOI: 10.1016/j.ijrefrig.202
0.03.021
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Author contributions: Conceptualization: S. Smitt, I. Tolstorebrov, A. Hafner, In-
vestigation: S. Smitt, I. Tolstorebrov, Formal analysis: S. Smitt, Writing - Original
Draft: S. Smitt, Writing - Review and Editing: S. Smitt, I. Tolstorebrov, Visual-
ization: S. Smitt, Supervision: I. Tolstorebrov, A. Hafner.

Article IT1

S. Smitt, I. Tolstorebrov, A. Hafner (2021). "Performance improvement of inte-
grated COq systems with HVAC and hot water for hotels.” In: Thermal Science
and Engineering Progress 23, 1 June 2021, 100869. DOI: 10.1016/j.tsep.2021.1008
69

Author contributions: Conceptualization: S. Smitt, I. Tolstorebrov, A. Hafner,
Investigation: S. Smitt, Software: S. Smitt, Writing - Original Draft: S. Smitt,
Writing - Review and Editing: S. Smitt, 1. Tolstorebrov, Visualization: S. Smitt,
Supervision: 1. Tolstorebrov, A. Hafner.

Article IV

S. Smitt, A. Pardinas, A. Hafner (2021). "Evaluation of integrated concepts with
COy for heating, cooling and hot water production.” In Energies 14 (14), 4103.
DOI: https://doi.org/10.3390/en14144103

Author contributions: Conceptualization: S. Smitt, A. Pardifias, A. Hafner, Method-
ology: S. Smitt, A. Pardiiias, Software: S. Smitt, Investigation: S. Smitt, Original
Draft: S. Smitt, A. Pardinas, Writing - Review and Editing: S. Smitt, A. Pardinas,
A. Hafner, Visualization: S. Smitt, Supervision: A. Pardinas, A. Hafner.

1.4.2 Conference papers

The following papers are in the scope of the thesis subject and have been published
in international conference proceedings during the doctoral research period.

Paper 1

S. Smitt, A. Hafner (2018). "Integrated energy concepts for high performance hotel
buildings.” In: Proceedings of the 13th IIR Gustav Lorentzen Conference on Natural
Refrigerants, Valéncia, Spain.

Author contributions: Conceptualization: S. Smitt, A. Hafner, Investigation: S.
Smitt, Resources: A. Hafner, Writing - Original Draft: S. Smitt, Writing - Review
and Editing: S. Smitt, A. Hafner, Visualization: S. Smitt, Supervision: A. Hafner.
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Paper 11

S. Smitt, A. Hafner, E. Hoksrpd (2019). "Presentation of the first combined COq
heat pump, air conditioning and hot tap water system for a hotel in Scandinavia.”
In: Proceedings of the S8th IIR International Conference on Ammonia and COg
Refrigeration Technologies, Ohrid, North Macedonia.

Author contributions: Conceptualization: S. Smitt, A. Hafner, Investigation: S.
Smitt, Resources: E. Hoksrgd, Writing - Original Draft: S. Smitt, Writing - Review
and Editing: S. Smitt, A. Hafner, Visualization: S. Smitt, Supervision: A. Hafner.

Paper II1

S. Smitt, A. Hafner (2019). "Numerical performance investigation of a CO2 heat
pump and refrigeration system for a Nordic hotel.” In: Proceedings of the 25th IIR
International Congress of Refrigeration. Montréal, Canada.

Author contributions: Conceptualization: S. Smitt, A. Hafner, Investigation: S.
Smitt, Resources: S. Smitt, A. Hafner, Writing - Original Draft: S. Smitt, Writing
- Review and Editing: S. Smitt, A. Hafner, Visualization: S. Smitt, Supervision:
A. Hafner.

Paper IV

S. Smitt, I. Tolstorebrov, A. Hafner (2020). "Integrated R744 unit for hotels: Anal-
ysis of field data.” In: Proceedings of the 13th IIR Gustav Lorentzen Conference on
Natural Refrigerants, Kyoto (Online), Japan.

Author contributions: Conceptualization: S. Smitt, I. Tolstorebrov, Investigation:
S. Smitt, I. Tolstorebrov, Formal analysis: S. Smitt, Writing - Original Draft: S.
Smitt, Writing - Review and Editing: S. Smitt, I. Tolstorebrov, Visualization: S.
Smitt, Supervision: I. Tolstorebrov, A. Hafner.



2 Background

This chapter reviews the technological background of the doctoral work. The
first part review state-of-the-art transcritical COo applications. The second part
presents state-of-the-art integrated COs2 systems, with emphasis on supermarket
and heat pump applications. The last part presents challenges related to the de-
velopment of integrated COy systems for hotels.

2.1 State-of-the-art transcritical CO, applications

Carbon dioxide, with molecular formula CO» and refrigerant name R7/4, is a work-
ing fluid with a history that can be traced back more than 100 years. The first
COg, refrigeration systems were applied for AC and cold storage from the mid
194y century. In contrast to its rival refrigerants at the time, such as ammonia
and sulfur dioxide, COs is neither toxic nor flammable. As a result, COs was
preferred in applications where refrigerant exposure to produce and people could
occur. However, the first COq refrigeration systems struggled with many chal-
lenges, such as compromised cooling capacity at high ambient temperatures, high
operating pressure and refrigerant leakage [20]. Thus, the general public opinion
reflected the belief that CO5 was an outdated refrigerant. The "father of industrial
refrigeration”, Carl von Linde, stated that ”...[CO3] can never reach the efficient
performance ratio of ammonia.” [21]. The search for new and superior synthetic
working fluids started, which resulted in the introduction of the chlorofluorocar-
bons (CFCs) and hydrochlorofluorocarbons (HCFCs) refrigerants, also known as
Freon. By the 1930s, new COq refrigeration systems practically disappeared [20)].
This trend continued for more than 50 years until the Montreal and Kyoto proto-
cols were established in 1987 and 1997, respectively. The protocols aimed to phase
out synthetic refrigerants that were harmful to the environment. This included the
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CFCs and HCFCs refrigerants, which cause severe depletion of the ozone layer, and
the newly introduced hydrofluorocarbons (HFCs) refrigerants due to high global
warming potential (GWP) [22, 23]. Hardly any interest had been granted to COq
refrigeration until its "revival” by Professor Gustav Lorentzen in 1990 when he
introduced and patented the transcritical COq cycle [24]. Figure 2.1 principally
illustrates the difference between (a) a condensing cycle and (b) a transcritical cy-
cle. Since the transcritical CO2 cycle operates above the critical point (31 °C, 73.8
bar), a gas cooler in place of a condenser accomplishes the heat rejection by cooling
compressed fluid at supercritical high-side pressure. Thus, the heat rejection in the
transcritical cycle occurs at gliding temperatures, making it exceptional for appli-
cations that require a high-temperature lift, such as hot water heating. Reducing
the CO5 temperature before expansion is imperative to ensure a high cooling ca-
pacity, as it limits the amount of vapor (flash gas) after expansion, resulting in a
high coefficient of performance (COP).

a4 b 4
Gas cooling
) . g ) 5
=T Condensation .% *é - =
g 3 8 3
1) b Q Q.
ar g Q- =
E () o E (e Q
= = @) & S O
8. Evaporation & Evaporation
% x
L 8 L 53
L 1 1 1 Ly I 1 I I Ly
Specific Entropy Specific Entropy

Figure 2.1: T-s diagram of ideal vapor-compression with (a) a condensing cycle and a (b)
transcritical cycle.

The operating pressures in CO4 systems are typically 5-10 times higher than for
conventional refrigerant cycles, which results in special requirements for design
and equipment. High-side pressure control is crucial in achieving high efficiency
in transcritical CO9 cycles, as both temperature and pressure before expansion
highly influence the refrigeration capacity. Furthermore, the COP of any refrigera-
tion cycle depends on the compressor work input and the discharge pressure. The
COP of a conventional vapor-compression cycle is reduced as the pressure ratio
increases. As demonstrated by Pettersen [25] in 1994, the approach for optimal
high-pressure determination is very different in a transcritical cycle. In addition,
the high pressure introduces some advantages, such as exceptionally high vapor
density and correspondingly high volumetric heating capacity. Consequently, a
significantly smaller volume of CO; is required in the vapor-compression cycle to

8
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achieve the same heating or refrigeration demand as other refrigerants. This, in
turn, allows for the application of smaller components, more compact systems and
a considerably lower compressor volume compared to conventional refrigerants [26,
17]. Lorentzen predicted that COy and other natural refrigerants, i.e., hydrocar-
bons, ammonia, water and air would become essential within future refrigeration
and heat pump applications. He advanced this goal by describing strategies to
improve COq applications, including multi-stage compression, heat and expansion
work recovery [27, 28]. In the following years, considerable research efforts were
devoted to COq refrigeration and heat pump applications.

NTNU and SINTEF established the initial research on COs, in which the main
focus revolved around two applications; mobile AC units and heat pump water
heaters (HPWHs). Experimental results demonstrated that a mobile AC unit with
CO9 achieved a comparable system efficiency with that of CFC-12 mobile AC
units. These findings were groundbreaking when considering that mobile AC units
contributed to about 60% of the CFC emissions within the refrigeration sector at
the time [29]. Neksa et al. [30] showed experimentally in 1998 that an HPWH can
achieve a COP above 4 when heating water to a temperature of 60 °C. Around
the same time, Bredensen et al. [31] measured heat transfer and pressure drop
values to validate correlations and adapt simulation tools for COg cycles. The
findings were an important contribution to COs heat exchanger design procedures
and illustrated that COy evaporators could be designed for high fluid velocities due
to the unique relationship between temperature loss and pressure loss (AT/AP).
For instance, the AT/AP value of ammonia is more than 8 times higher than
that of CO2 at -30 °C ( 17.2 K/bar vs. 2.1 K/bar). This was significant for the
establishment of a new generation of CO4 refrigeration applications, as new systems
could be designed for large pressure drops and enhanced heat transfer. Neksa et
al. [32] first introduced the concept of decentralized COq supermarkets in 1998,
which included heat recovery from the refrigeration cycle to both space heating and
hot water. In the following years, Girotto et al. [33] investigated a COq field-test
supermarket installed in Italy, which was found to consume 10% more energy than
conventional HFC refrigeration solutions. The authors suggested using a dual-stage
compression and suction of the vapor in the liquid receiver to enhance the system
performance.

The first comprehensive review on state-of-the-art transcritical COgy technology in
various refrigeration and heat pump applications was presented by Kim et al. [26]
in 2004. The study aimed to evaluate system design issues, methods of high-side
pressure control, cycle modifications, component /system design, safety factors, and
promising application areas. Pearson [34] later elaborated on the subject by tracing
the development of the first COy systems, considers the technical, commercial and
social reasons for their slow development and eventual decline. Included in the
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review were suggestions for future developments and necessary areas of research
and product development required to maximize the potential of CO4 applications.
The consequences, outlook and current options for various types of refrigerants in
light of existing international agreements and local control measures were reviewed
by Calm [35] in 2008. The newly established 2006 EU fluorinated greenhouse gas
(F-gas) directive [36] restricted the use of HFC refrigerants in mobile AC units
to refrigerants with GWP values of 150 or less. As a consequence, a new group
of synthetic refrigerants was introduced, namely the hydrofluoroolefins (HFOs).
These refrigerants were categorized as having zero ozone depletion potential and
low GWP. However, many within the research community had adopted the beliefs
of Gustav Lorentzen and were concerned about the long-term effects of HFOs,
considering the history of its synthetic refrigerant predecessors. Thus, research
efforts for the advancements of COs refrigeration, AC and heat pump systems
continued over the next decade.

Tremendous technological advances have occurred since then, and plentiful ex-
amples demonstrate successful commercialization of COq transcritical systems in
several sectors. In the Japanese domestic heat pump market, transcritical CO, HP-
WHs have been commercially available for two decades. Introduced in 2001, over
3 million units of the EcoCute HPWP had been sold by 2011 [37]. Application of
COg4 systems have flourished within the commercial supermarket sector. In 2008,
roughly 140 standalone CO2 supermarket units were installed worldwide. By 2020,
more than 35,000 transcritical COq2 systems existed globally [38]. Currently, COq
refrigeration systems are considered the benchmark solution in the European su-
permarket sector. However, synthetic refrigeration systems still hold the majority
market share within heat pump and refrigeration applications. Recent studies and
reports have raised concerns regarding the HFO’s decomposition product trifluo-
roacetic acid (TFA). Widespread and long-term application of HFO’s can result
in TFA accumulating in drinking water, which can have severe effects on human
health and the environment [39]. Recently, Holland et al. [40] presented a detailed
model of the effects of complete transition from HFC-134a to HFO-1234yf on TFA
pollution. A staggering 33-fold increase in global atmospheric TFA is predicted fol-
lowing a complete transition. In addition, a newly published article by Cambell et
al. [41] demonstrates that one of the most applied HFOs (HFO-1234ze) in current
use ultimately decomposes partially into the refrigerant HFC-23; one of the most
potent greenhouse gases known (100-year GWP of 14,800). Thus, advancement of
natural refrigerant, such as COs, is as imperative today as during the introduction
of the first regulations on harmful substances in the 1980s and 1990s.

A great deal of the technological advancements within transcritical CO5 heat pump
and refrigeration systems can be attributed to the development of modern super-
markets. Defining improvements include the application of internal heat exchang-
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ers (IHXs), multi-stage compression, parallel compression and ejector technology.
Traditionally, IHXs were applied as safety devices in refrigeration plants to pre-
vent liquid from entering the compressor. However, several authors have shown
that applying IHXs at various places in the transcritical CO2 cycle can improve
performance significantly. The benefits of applying both inter-stage heat exchang-
ers (intercooler) in combination with an IHX were demonstrated by Cecchinato et
al. [42] in a comprehensive investigation of several COg design concepts. Among
the evaluated systems were transcritical CO2 AC systems that incorporated dual-
stage compression and throttling with an inter-stage heat exchanger between the
compression stages. Substantial energy benefits could be achieved by applying
an inter-stage heat exchanger in combination with IHXs. The authors estimated
that such configurations could attain average enhancements in COP of close to
30% compared to a single-stage COq refrigerating unit. Torrella et al. [43] later
investigated the energy benefits associated with the application of a suction gas
IHX in a transcritical COs refrigeration unit at various evaporation temperatures,
gas cooler outlet temperatures and high-side pressures. The analysis illustrated
that COP and cooling capacity can be increased up to 12% compared to a single-
stage system with no IHX. However, the sole implementation of THXs was not
satisfactory in improving the efficiency of the single-stage transcritical COs sys-
tem enough to compete with state-of-the-art HFC alternatives. Thus, research
efforts were invested in reducing compressor input power by applying compression
in several stages, eventually leading to the development of the dual-stage (booster)
transcritical CO9 compression system.

The first CO9 booster unit was installed in Denmark in 2007 as a result of joint
academic and industrial efforts [44]. Measurements from the system demonstrated
an increase in energy savings and reduction in carbon footprint by respectively
4% and 52% when compared with an HFC-404A system [45]. Ge and Taasou [46]
studied parameters that effect the performance of CO2 booster systems, and found
that the COP increased when the intermediate pressure was reduced and flash gas
was removed by the high-stage compressor. Sawalha et al. [47] later supported
these findings with an analysis of five Swedish supermarkets, in which CO2 booster
designs with and without flash gas removal were evaluated. A combination of
long-term operational data and modeling revealed that flash gas removal from the
intermediate pressure level enhanced COP by up to 16%, whereas a 2-3 K increase
in evaporation temperature contributed to a COP enhancement of up to 14%.

Flash gas removal from an intermediate pressure receiver has become defining in
modern COs system design and is applied in various manners today. In conven-
tional COs9 booster systems, the amount of flash gas removed from the intermediate
pressure receiver by the high-stage compressor increases significantly with elevated
temperatures before expansion, e.g., in air gas cooler applications at high ambi-

11



Background

ent temperatures. As illustrated by Gullo et al. [48], compared to an HFC-404A
direct expansion unit, the energy efficiency limit experienced with a CO2 booster
system at ambient temperatures of 14 °C and above can be raised to 27 °C by
adopting parallel compression. However, as Javerschek et al. [49] emphasized, the
advantages related to adopting this solution are dependent on how many hours the
parallel compression is employed. Wiedenmann et al. [50] recommended focusing
on the design of the auxiliary parallel compressor section in order to suitably se-
lect the minimum suction volume rate of the parallel compressor(s). This would
enable a considerable increase in the parallel compressor operating time, resulting
in enhanced overall performance and increased compressor lifespan. However, the
application of auxiliary parallel compressors may pose a challenge due to the rela-
tively large investment cost of compressors compared to other system components.
In large commercial systems, the number of required parallel compressors may in-
flate the investment cost if considerable variations in the heat sink temperature
occur.

Pardinas et al. [51] suggested applying several parallel compressors with pivoting
suction ports, i.e., pivoting compressors, to reduce the overall system investment
cost. Their work surrounding pivoting compressors was realized with the newly
installed full-scale transcritical CO2 supermarket in the SINTEF/NTNU labora-
tory facilities, which was introduced by Hafner and Banasiak [52] in 2016. The
test facility was designed with high versatility as it permits testing of several sys-
tem configurations, i.e., booster, ejector supported AC integration and pivoting
compressors. The pivoting suction port of the particular compressor refers to the
possibility of selecting the suction manifold connection and integrating it in either
the base compressor section or the parallel section. The pivoting suction ports can
be implemented by applying valves at the suction ports, which can be opened and
closed towards the desired pressure level. Consequently, the option of pivoting com-
pressors can decrease the overall number of compressors installed and, as a result,
the overall investment cost of the system. In addition, flexibility is significantly
enhanced as the integrated system can swiftly adapt the number of compressors
assigned to a particular suction group. The concept of pivoting compressors was
in 2020 validated in the laboratory facilities at NTNU/SINTEF by Pardinas et
al. [53], in which they concluded that pivoting compressors are primarily benefi-
cial in ejector-supported systems. This was explained by the increase in parallel
compressor load due to the vapor ejector that unloaded the base compressors in
favor of the parallel compressors. They also found that the investment cost of
ejector-supported CO» systems with pivoting compressors could be comparable to
less sophisticated CO9 systems. As indicated, integration of two-phase ejectors is
immensely beneficial in transcritical CO5 systems since the large pressure difference
between the gas cooler and evaporator offers excellent potential for work recovery
of losses associated with convectional isenthalpic expansion.
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Significant progress has occurred since the first experimental investigations on tran-
scritical COs9 ejectors took place in the late 2000s. As reported by Elbel and
Lawrence [54], the initial experimental campaigns of ejectors in transcritical COq
systems demonstrated COP improvements in the range of 15-30%. Hafner et al.
[55] developed the concept of multi-ejectors, in which several ejectors of different
sizes are arranged in parallel. Each ejector can be turned on or off independently
by the use of solenoid valves in order to achieve different high-side pressures for
different operating conditions. Simulation results for multi-ejector integration in a
supermarket illustrated that 5-17% improvement in cooling COP could be achieved,
dependent on ambient conditions. Several commercialized versions of the multi-
ejector exist today, which can cover a cooling load of 0-193 kW in 32 steps (6 kW),
making it possible to control the high-side pressure over a large operating range.
An extensive review by Gullo et al. [56] found that the application of multi-ejectors
can greatly enhance the energy efficiency of commercial transcritical COgq systems,
especially in warm climates. Hafner et al. [57] presented operational data from an
Italian supermarket commissioned in 2014. The transcritical COq refrigeration unit
is equipped with multi-ejector supported parallel compression and can cover the en-
tirety of the AC load. The results showed a 15-30% increase in energy-saving when
the multi-ejector was utilized to unload the high-stage base compressors in favor
of the parallel compressors. Tosato et al. [58] later presented one-year operational
data from two additional multi-ejector equipped supermarkets located in Italy. The
authors concluded that the systems were reliable and efficient in warm climates but
that further operational comparisons to traditional systems were necessary.

Despite its success in the Northern European market, transcritical CO9 systems are
still struggling to become established in southern parts of Europe. The low rate of
installations of CO3 systems in warm European countries can be accredited to the
low efficiency experienced at high ambient temperatures. Matthiesen et al. [44] de-
fined this geographical ambient temperature limit as the “CO4 efficiency equator”.
However, as pointed out by Minetto et al. [59], the low penetration of COg appli-
cations into high ambient temperature markets is mainly due to a few remaining
non-technological barriers, such as shortage of COs technicians, little confidence in
transcritical COq refrigeration systems, as well as other social and political factors.
The next frontier and now key research area within CO, refrigeration is applications
in warm climates at high ambient temperature conditions.

The demand for thermal energy, in particular cooling, is increasing rapidly in de-
veloping countries. It is estimated that an additional 14 billion cooling appliances
will be necessary by 2050 to meet demand; four times the current number [60].
Consequently, refrigeration is currently one of the most important and relevant
topics in the world, and the advancement of natural refrigerants is crucial to limit
climate change [61]. Field-test installations with COg in tropical and arid climate
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zones have demonstrated promising results. The first COs transcritical supermar-
ket in the Middle East was built in Amman, Jordan, in 2018. Operational results
revealed that a reduction in refrigeration energy demand by more than 30% com-
pared to state-of-the-art HFC installations in the region [62]. Singh et al. [63]
demonstrated, through experimental data, that a COq transcritical supermarket
test-rig located in Madras, India, could achieve a system COP of 3.1 at ambient
temperatures of 40 °C. In 2020, Singh et al. [64] presented numerical simulations
of a planned installation of a 140 kW transcritical CO5 heat pump for a centralized
kitchen in Bangalore, India. The heat pump will preheat hot water to 90 °C for
steam production while supplying AC cooling for the entire building and utilizing
thermal storage to compensate for asynchronous thermal demands. Simulations
illustrated that the system could achieve a COP above 6 when operating in com-
bined heating and cooling mode. The total energy consumption is expected to be
reduced by 33% compared to the current solution, which will reduce annual CO2_¢q
emissions by about 300 tonnes. Thus, application with CO2 can be successful in
warm climates if heat rejection is integrated towards demands within the building
or its surroundings.

In addition to geographical advancements, new areas of application for transcrit-
ical COq systems have emerged due to the integration of heat recovery from the
refrigeration process. Traditionally, heat recovery implementation was applied as
an auxiliary function in refrigeration units. As reported in the review by Gullo
et al. [65] in 2018, the application of heat recovery has become standard within
supermarket refrigeration, as it offers a noteworthy chance further to reduce the en-
ergy consumption and carbon footprint of installations. Application of transcritical
COg refrigeration systems integrated with heat recovery can lead to satisfactory
payback times and thus facilitate the transition of transcritical COs systems in
non-traditional sectors. Rogstam [66] presented the the historic development of
COg in ice rink applications. He illustrated through recent COs ice rink systems
that essentially all-new indoor ice rinks can be self-sufficient with heat when the
systems are integrated with heat recovery. Stensli [67] presented the COq refrigera-
tion system installed at the newly built indoor ski arena in Oslo, in which a 2 MW
heat pump is applied to recover heat to the district heating network at 75 °C. The
overall cooling capacity of the system is 3.5 MW, making it the largest transcritical
COq refrigeration system in Norway to date.

CO» transcritical systems have unique fluid properties and cycle characteristics that
make them applicable in a variety of thermal processes. Since its reintroduction
by Gustav Lorentzen in the 1990s, CO5 systems have undergone a technological
leap in terms of applications. Considerable research and industrial efforts have
been invested in advancing transcritical COq systems, including optimizing control
and operating strategies, improving components and developing innovative system
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designs. All these contributions are facilitating the introduction of COg systems to
new sectors. Heat recovery from the refrigeration processes has traditionally been
applied as an auxiliary function in CO9 supermarkets. However, as recent works
have illustrated, heat recovery enables geographical advancements of the CO» cycle
to warm climates. In addition, combining heating and cooling within the same
cycle enables high efficiency and sufficient payback times, which makes it possible
for CO2 and other natural refrigerants to compete with synthetic refrigerants in
non-traditional markets, such as the hotel sector.

2.2 State-of-the-art integrated CQO, systems

Vapor compression systems are generally categorized according to process function-
ality, typically divided into two distinctive groups; "heat pump” or "refrigeration”
processes, in which the primary function is to provide either heating or cooling, re-
spectively. Combined cycles that incorporate both heating and cooling functionali-
ties, i.e., "heat pumping processes” [68], utilize both sides of the vapor compression
cycle. Figure 2.2 illustrates the operation of the refrigeration process, heat pump
process and heat pumping process. The refrigeration process extracts heat at the
refrigeration temperature and rejects the heat, Qp, at ambient temperatures. The
utilizable energy from the refrigeration process is the amount of extracted heat,
Qo. A heat pump process extracts heat, Qp, at ambient temperatures and delivers
the heat at the heating temperature. Thus, the utilizable amount of energy, Qp, is
the sum of both extracted heat and supplied work, i.e., Qo + W. A heat pumping
process combines the two aforementioned processes by utilizing heat at the refrig-
eration temperature and the heating temperature. Hence, the usable energy is the
sum of both the rejected and the extracted heat, Qj, + Qo, respectively. The value
of the utilizable energy can be as large as 2.Qo + W, depending on how much of
the refrigerating and heating energy is utilized.

Qn Qp Qn

Tog_ 4D = SN o o

Refrigeration <—_—| W Heat pump <—_—| W Heat pumping <—_—| W
process process process

Qo Qo Qo
Eutilizable = Qh + QO .
Eutilizable < 2. QO +W

Eutilizable = QO Eutilizable = Qh W+Q0

Figure 2.2: Illustration of typical heat pumping processes.
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An 7all-in-one” or "integrated system” is a heat pumping process that integrates
refrigeration and heating at different temperatures and loads. There is no official
definition of integrated systems, although Hafner and Neksa [69] characterized in-
tegrated systems by their “ability to simultaneously provide refrigeration capacities
at various temperature levels, AC, dehumidification, space heating and even DHW
at adequate temperature levels”. In contrast to heat recovery from the refrigeration
process, a fully integrated system requires active control according to both heating
and cooling demands. As follows, it is possible to cover all thermal demands within
the building, independent of seasonal loads and ambient temperatures.

Integrated systems are organized into single centralized units, which replace conven-
tional separate refrigeration and heating units. Consequently, centralized systems
enable the possibility of surplus heating or cooling export towards nearby buildings
or industrial processes. Generally, the total investment, maintenance and operating
costs are reduced compared to conventional thermal solutions. Also, the intricacy
of system operation and maintenance is reduced on the ownership side, as there is
no longer a need for communications between various operation and maintenance
crews responsible for their respective heating or refrigeration unit [70]. Integrated
solutions with COq are very compact units that require less space compared to ap-
plications with conventional refrigerants due to the unique fluid properties of COs.
Also, COg is a non-toxic and non-flammable refrigerant. Thus, direct heating or
cooling towards the source can be applied without secondary safety barriers for
leakage prevention. These qualities make CQO» suitable in applications where other
natural refrigerants, such as ammonia and propane, are challenging on account of
toxicity and flammability. Thus, integrated CO9 systems can be implemented with
ease and high flexibility as a retrofit solution in existing buildings.

2.2.1 Supermarket applications

It is firmly established that the integrated CO9 system is an energy-efficient, sus-
tainable and compact solution to provide the entire thermal demand of supermar-
kets. In recent years, it has become common practice to install integrated systems
when applying CO2 as a refrigerant. Hafner et al. [71] presented an integrated
CO4 supermarket unit installed in Trondheim, Norway, which is illustrated in Fig-
ure 2.3. The COq refrigeration unit is a simple dual-stage booster system with
evaporation temperatures of -35 and -8 °C for low temperature (LT) freezing and
medium temperature (MT) refrigeration cabinets, respectively. The heat from the
refrigeration system is rejected through three gas coolers in series, which can al-
ternate heat allocation to different secondary circuits. The system is integrated
with floor heating, snow melting, in addition to AC heating and cooling. Thermal
storage in the form of hot water tanks and geothermal energy wells is included to
compensate for asynchronous thermal demands. Gas cooler 1 is applied to reject
heat to a high-temperature circuit, in order to primarily provide ventilation heat-
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ing. The second gas cooler supplies heat for the floor heating and snow-melting of
store entrances.

At low heating demands during summer, geothermal storage can reduce the refrig-
erant temperature prior to expansion through gas cooler 3. The geothermal glycol
loop is also connected to the ventilation unit and can provide free cooling of the
ventilation air. A heat exchanger interface to the COgy evaporation can provide
additional cooling if needed. During the winter season, geothermal storage can be
applied as a heat source to cover the high heating demands through the evaporator
at the MT level of the COg refrigeration system. In 2014, Jorschick [72] collected
data representative for winter, summer and spring/fall operations. Operational
data from spring/fall illustrated that a cooling COP of 3.3 was achieved over the
investigated period. In addition, 74% of the surplus heat was recovered.
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Figure 2.3: Illustration of integrated CO5 supermarket unit in Trondheim.

Karampour and Sawalha [73] suggested that parallel compression should be adopted
for integrated supermarkets in cold climates due to high vapor fraction after expan-
sion and alternatively AC integration during summer operations. Karampour and
Sawalha [70] experimentally validated their system design by field measurements
collected from a Swedish supermarket in January and July 2014. The system was
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able to satisfy the whole AC demand and a large part of the heat recovery for
space heating and DHW. Also, COPs during heat recovery were similar or better
than those of conventional heat pump units. Polzot et al. [74] suggested an ad-
ditional air-evaporator at the MT level if heat recovery from refrigeration could
not satisfy the thermal demand of the heating system. This solution enables "full
integration” of transcritical COg systems in buildings where heating demand can
be dominant. In 2018, Karampour and Sawalha [75] investigated state-of-the-art
features of integrated transcritical COg booster systems for supermarket applica-
tions. Their findings illustrated that two-stage heat recovery, parallel compression,
AC integration and flooded evaporation are essential features of integrated COq
systems.

Azzolin et al. [76] recently presented an analysis of monitored data from a su-
permarket system in Italy, illustrated in Figure 2.4. The transcritical COq unit is
designed as a booster system with parallel compression and two-stage heat recov-
ery. Two IHXs are installed in the system and can be employed along with active
compressors. A notable system feature is the arrangement of the air evaporator and
air gas cooler installed in the same framework to reduce system space requirements
and investment costs.
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Figure 2.4: Tllustration of integrated CO2 supermarket unit in Italy.

The results from the operational analysis showed that the performance of the COq
unit was strongly influenced by the compressor discharge temperature, especially
in the summer. They also found that the system efficiency was strongly penalized
at high ambient temperatures, despite the implementation of parallel compression,
which increased the system capacity and entirely satisfied the AC demand. Dur-
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ing winter operations, the system was forced to work in transcritical conditions
due to the temperature requirements of DHW and space heating. However, the
air-evaporator enabled the COs unit to fully meet both space heating and DHW
demands of the supermarket.

2.2.2 Heat pump applications

Integrated COq systems have traditionally been found within the supermarket sec-
tor, as illustrated in the previous section. Implementation of integrated COs units,
in which their primary function is to serve both heating and cooling requirements,
offers a large advantage in buildings and industrial processes that have thermal de-
mands at several temperature levels. In contrast to supermarket application, where
the cooling load is usually larger and more stable than the heating demand, cooling
and heating demands vary significantly in other commercial buildings. Thus, these
systems must be designed to operate in cooling mode, heating mode and combined
mode, depending on the thermal envelope of the specific building.

Stene [16] presented a CO2 heat pump for residential heating in 2005. The gas
cooler was partitioned into three parts, which separately served the functions of
DHW preheating, space heating and DHW reheating. Thus, the temperature pro-
file of the heated water closely matched that of the COy temperature glide, which
was utilized as an advantage to maximize the gliding heat rejection. Moreover,
carefully fitting the temperature profile of the different fluids assisted in minimiz-
ing CO2 temperature downstream of the gas cooler, reducing expansion losses and
improving performance. Results from the experimental setup demonstrated that
the COP was highest for combined mode operation, slightly lower for DHW heating
only and lowest when only space heating was applied. Byrne et al. [77] theoreti-
cally investigated a CO9 heat pump layout for simultaneous production of heating
and cooling aimed at hotels, luxury dwellings or smaller office buildings. The sys-
tem design was based on dividing the gas cooler into three parts, with a DHW
heat exchanger, a heat exchanger for space heating and a subcooler applied water
heating to defrost a backup air evaporator. This air evaporator is necessary to
balance the system when the space cooling demand is insufficient to achieve the
heating demand. The authors performed a numerical study to compare this heat
pump architecture operating with CO9 and with HFC-407C, and observed that
CO3 could outperform the HFC in terms of environmental impact. However, the
results illustrated that the COs heat pump consumed respectively about 4% more
energy than the HFC-407C heat pump and 13.2% less electricity in comparison
with a standard heat pump in a hotel located in Paris.

Minetto et al. [78] presented a single-stage ejector equipped CO4 heat pump system
for AC space cooling, space heating and DHW. The system was designed to have
a flexible operation of secondary circuits, which could alternate the application
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of components according to the mode of operation. During summer, the system
would connect the AC cooling circuit towards the COs evaporator in order to pro-
vide cooling for the building. Heating was then rejected through a connection to an
external air-heat exchanger. In winter, the same external air-heat exchanger was
connected to the COqy evaporator in order to collect heat. Thus, high flexibility
of the system was facilitated while reducing the number of necessary components.
Applications in Northern Italy resulted in an annual energy saving of about 15%
over a conventional solution. Diaby et al. [79] appear as a continuation of the
previous work, as the authors present transcritical CO9 heat pump models for ei-
ther simultaneous cooling, space heating, DHW or desalination. The numerical
results in both cases are satisfactory, and the authors conclude that COs is an
exceptionally suited refrigerant for multi-purpose heat pumps compared to conven-
tional refrigerants. Tosato et al. [80] performed an experimental and numerical
investigation of a newly developed COgz air/water reversible heat pump intended
for household applications. The system was evaluated at a range of ambient tem-
peratures (-2.0 to 11.2 °C), and at DHW setpoint temperatures ranging from 60 to
80 °C. The results illustrated that the highest COP was achieved at DHW setpoint
temperature of 60 °C, due to an increase in DHW mass flow rate through the gas
cooler. However, charging time was significantly reduced at 60 °C when compared
with DHW setpoints of 70 and 80 °C.

In 2019, Tosato et al. [81] presented the layout of a CO2 heat pump installed in
a hotel located in Northern Italy intended to provide heating, cooling and DHW.
The unit, which is illustrated in Figure 2.5, can apply groundwater as either a heat
source or a heat sink to balance thermal demands within the building. For instance,
if the building does not request heating, the geothermal energy wells will act as a
heat sink and store the surplus heat. An additional heat exchanger can be applied as
both a gas cooler and evaporator if needed. The gas cooler pressure is regulated by a
two-phase multi-ejector, which works parallel to a high-pressure valve. The system
architecture includes ejector-supported two-stage evaporation, which can be applied
either as a heat source or for AC production, depending on the operation mode. The
first evaporation level is flooded and gravity-driven, while the second one is ejector-
driven. Water flows firstly through the gravity-driven heat exchanger, where COq
evaporation transpires at the compressor suction pressure. Furthermore, the water
is directed to the ejector-driven heat exchanger for additional cooling. This heat
exchanger benefits from a lower evaporation pressure, according to the pressure lift
provided by the ejector. DHW is produced in a single step and accumulated in
two water tanks connected in series to ensure proper stratification. Results from
a limited operational period in winter indicated a good efficiency during DHW
production. In addition, the benefit of the control strategy resulted in reducing
heat pump starts and stops. The authors highlighted that the compressor control
strategy during charging should be evaluated to enhance the performance of the
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Figure 2.5: Illustration of integrated CO2 hotel unit in Italy.

system. The potential of evaporation in two stages was not fully evaluated with
the available data in Tosato et al. [81]. The first results in summer mode for
the aforementioned CO2 heat pump were presented by Hafner et al. [82] in 2020,
showing COPs around 5 when producing chilled water at 7 °C (from 11 °C) and
DHW at 60 °C (from 30 °C). The authors concluded that the potential of two-
stage evaporation with an ejector would be more advantageous if higher waterside
temperature differences were applied in the evaporators.

2.3 Development of integrated CO, systems for hotels

As discussed in Section 2.2.2, integrated COs2 systems can be beneficial in buildings
with large thermal demands at several temperature levels. Hotels are such an
example, as this type of building typically has large demands for DHW, space
heating and cooling. Simulations of such systems have shown promising results,
and first-hand data from an existing installation in Italy illustrates the potential of
integrated COq systems in hotel buildings. Yet, it is necessary to gather information
to evaluate the performance of integrated CO2 hotel systems in other climates,
where other factors for success may apply. It is well-established that elevated
MT cooling and low-temperature glide in the gas cooler, e.g., operating conditions
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that can occur in cooling or space heating mode, favor conventional working fluids
over COy. Thus, as for COy supermarket systems operating in warm climates,
successful implementation of integrated CO9 hotel systems is highly dependent on
factors that can increase the overall performance. An example is applying cycle
designs and components that can enhance energy savings in a sustainable manner,
such as ejector technology and parallel compression. Another is to take advantage
of simultaneous heating and cooling, which can be realized by applying thermal
storage. The performance of integrated CO2 heat pump systems is influenced by
many factors, such as control strategy, operating pressure, return temperatures
from secondary systems, and magnitudes of heating and cooling loads. Therefore,
it is necessary to investigate the operation of integrated COs heat pump systems
and apply control strategies that enhance overall performance. The application
and control of the thermal storage enable large flexibility in terms of operation,
as demands can be "shifted” to other periods and allow more favorable operating
conditions. Therefore, thermal storage is becoming an attractive choice in vapor
compression systems to enhance efficiency, reduce peak electricity loads, minimize
the size of installed components, and increase the lifetime of the system by limiting
fluctuations. In hotels, the easiest and most effective way of achieving this is by
implementing thermal storage in the form of DHW tanks, which stores water at
a high temperature. The latest developments in regards to DHW thermal storage
implementation and control strategies concerning CO9 applications are discussed
in the following section.

2.3.1 Control strategies for domestic hot water production and storage

Hot water storage is a well-established and efficient method of storing thermal en-
ergy. Commonly, DHW consumption follows a specific schedule depending on the
occupancy and the daily activities, e.g., showering in the morning and the evening.
This results in significant consumption peaks during particular hours of the day.
Thus, hot water is produced and stored prior to utilization to avoid large power
peaks in relation to DHW production and ensure sufficient hot water for the con-
sumer. This is especially important in hotel buildings, which have many occupants
and therefore immense DHW consumption peaks. Thermal stratification is often
employed in DHW tanks to ensure high-quality thermal storage and high efficiency
during production. This is an essential element when dealing with DHW produc-
tion in COq transcritical systems, as elevated DHW production temperatures can
result in high temperatures prior to expansion, and thus low capacity and cycle
efficiency.

The motivation of stratification is to minimize the mixing effect so that high-
temperature water can be taken at the consumption end, thus maintaining high
thermal efficiency at the demand side. The low-temperature water can be drawn
from the cold end of the storage and directed towards reheat, thus maintaining

22



Chapter 2

low supply temperature to the CO5 gas cooler. Higher DHW storage temperatures
entail larger heat storage capability and easier preservation of stratification. Typ-
ically, several DHW tanks are employed in series when a large volume of water
is needed, as illustrated in Figure 2.6. As a result, stratification transpires across
the entire storage with hot water tanks at the consumption end and cold tanks at
the hot water production end. Minetto et al. [83] described the ”charging” process
in an investigation of CO; HPWH with several DHW tanks in series. During the
DHW charging process, water is pumped from the cold end of the storage towards
the CO4 gas cooler. After heating until setpoint temperature, hot water is directed
towards the storage. Hot water moves through the series of tanks during produc-
tion until the storage is fully charged and the normally stratified storage reaches a
high and uniform temperature.

mixing valve

% hot water

supply

Hot water storage tanks

CO; gas

cooler
recirculation

line

O

city water

Figure 2.6: Illustration of hot water circuit and thermal storage tanks.

Cecchinato et al. [84] theoretically and experimentally studied an air-source COq
HPWH. The system was investigated when heating water from 15 to 45 °C and
from 40 to 45 °C. These temperature spans represent hot water production during
city water supply and reheat of mixed water, respectively. The results showed that
the COP of the transcritical cycle decreased significantly in the case of mixing, by
35-55%, dependent on the season and the heat transfer area of heat exchangers.
The authors concluded that the poor performance during mixing was due to higher
temperature of the inlet water to the gas cooler, in addition to poor matched tem-
perature profile between the fluids. To avoid this, stratification of water inside the
tank must be preserved. Liu et al. [85] performed an investigation of a water-source
CO2 heat pump coupled with hot and cold thermal storage. The experimental re-
sults illustrated that higher heat loads lead to a shorter energy charging time and
a higher overall COP of the heat pumping system. Moreover, low flow rates of
hot and cold water resulted in good thermal stratification in the storage tanks, as
mixing was avoided.
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Cortella et al. [86] presented a numerical model of a COy supermarket unit with
heating, ventilation, and air-conditioning (HVAC) and DHW. Through simulations,
they demonstrated how hot and cold thermal storage units can be applied to com-
pensate for asynchronous demands and reduce peak loads. They investigated the
implementation of water reservoirs to store the recovered heat from the supermar-
ket and thereby cover the complete heating loads of the building. The motivation of
applying the storage was to illustrate the extended heat recovery time throughout
the day, thus shaving peaks and preventing the intervention of the auxiliary heating
system. They found that implementation of thermal storage resulted in full heat
coverage in months with moderate temperature when investigated at continental
climate conditions. In addition, the amount of heat recovery increased by up to 30%
during the coldest winter months. The authors suggested that energy flows in vari-
ous plants should be fully understood before initiating the design process to achieve
the heat recovery exploitation. Polzot et al. [87] developed a numerical model to
evaluate the implementation of cold thermal storage in a COs supermarket unit.
The energy consumption of the COy system was 9% lower than the baseline when
applying a control strategy that utilized the thermal storage to reduce CO2 gas
cooler outlet temperature. Additionally, the authors concluded that the rejected
heat could effectively be collected by applying hot thermal storage. Tammaro et
al. [88] implemented an alternative control strategy in a numerical model of a COq
air-source heat pump for DHW production, where the frequency of compressors
and pumps were reduced to maintain a constant temperature gradient inside the
DHW tanks. The results revealed that the thermal storage enabled higher COq
operational flexibility and longer operational time for the heat pump.

These investigations have illustrated that the DHW charging strategy highly affects
the overall performance of transcritical COqy systems. However, few studies have
focused on implementing DHW charging strategies to enhance efficiency in large
and complex systems dominated by heating and/or cooling demands. Moreover,
the system design and balance between the thermal demands are also important
considerations that influence energy efficiency.

2.4 Summary

The discussed challenges related to state-of-the-art COo applications, integrated
heat pump and refrigeration systems illustrate the necessity to further develop and
investigate integrated CO2 heat pump solutions. Integrated COs systems have
demonstrated great performance in Northern European supermarkets and could
further be used as a sustainable solution in new sectors, especially where thermal
demands are large. Therefore, this thesis investigates the potential of integrated
COg systems in hotels located in cold climates.
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This chapter explains the methodology applied to conduct the doctoral work.
Firstly, data collection and analysis tools are presented. The second and final
part describes the numerical simulation platform, models and boundary conditions
applied in the transient investigations.

3.1 Data collection and analysis

Data collection is defined as the process of collecting, measuring, and analyzing
targeted variables in an established system, enabling the opportunity to answer
relevant questions and evaluate outcomes based on a systems behavior. Several data
issues must be managed when collecting information from real-life thermal systems.
For instance, recorded data are often incomplete due to missing measurements
caused by system downtime or sensor fallout. The same problems may also cause
an unrealistic response in the system, which must be identified and handled. The
procedure of defining operational limits and identifying outliers for specific variables
is often grounded in empirical knowledge and experience with the specific system.
Moreover, sets of data can be incompatible due to differences in response and
recording time. Variables may only be recorded at irregular intervals, which can
vary from daily recordings to instantaneous values. After collecting and handling
the data, analysis of the system can begin. However, data in thermal systems,
especially in vapor compression systems, are often directly dependent. Thus, it
can be difficult to identify data of importance for the overall system behavior.
Some factors may not change much over time, making it challenging to detect their
impact. In addition, certain variables, such as temperature and pressure, can vary
simultaneously. Therefore, it is important to pinpoint which variable is responsible
for particular system behavior.
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3.1.1 Large-scale data analysis

A large investigation of the energy performance in a number of hotels was per-
formed as part of the thesis work and is presented in Article I in the Appendix.
Energy data from the hotels were collected via several web-monitoring services,
such as the software IWMAC [89]. The resolution of the data varied from annual
recordings to instantaneous values. In the case of the latter, the data were in-
terpolated over the specific investigated time period. The energy data contained
information about the specific energy use according to the thermal energy source
in each hotel from 2015-2019. In addition, information regarding installed energy
systems, energy consumption and guest nights were collected through surveys di-
rected to the thermal system operator at each hotel. The initial number of hotels
was limited to a sample group in Norway and Sweden. The following criteria were
applied to increase the validity of the results:

e Energy data must be logged automatically through surveillance systems.
e Dependable data must be available for a minimum of three of the five years.
e Hotels must have replied to the survey.

e Information from the survey and logged data must be consistent.

Heating degree days (HDD) were applied to compare the energy consumption in
the hotels, independent of variations in annual ambient temperature. The HDD
values for the different zones were calculated with a standard threshold of 17 °C,
as defined by Thom [90]. Figure 3.1 and Table 3.1 shows the different climate
zones and lists the annual specific adjustment factor for heating, respectively. The
adjustment factor was defined as the HDD for a particular year, divided by the
HDD of a standard year. The values indicate the relative coldness for a particular
year related to a normal year. The HDD data for Norway were obtained from Enova
SF [91], while The Swedish Meteorological and Hydrological Institute provided the
commercially available Swedish climate data. The annual heat energy consumption
in the hotels was corrected according to their zone-specific adjustment factors, as
shown in Equation 3.1.

Eodgjusted = Erecorded - Adjustment factor (3.1)

Erccorded and Eqgjysteq 1s the annual thermal energy consumption in a specific hotel
before and after correction, respectively. Heat supplied to the hotels was assumed
to be dependent on ambient temperatures only.
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Table 3.1: Adjustment factor for climate zones in

Norwegian Norway and Sweden related to climate data from
climate zones 1981-2010.

CIN1

BN

EN3 Zone 2015 2016 2017 2018 2019
N4

W N5 N1 0.884 0.926 0.920 0.924 0.907
ENe N2  0.885 0928 0.913 0931 0911

B N7

N3 0.892 0.942 0.939 0.940 0.924

. N4 0.873 0.939 0.930 0.950 0.944
Swedish

climate zones N5 0.895 0.947 0915 0.986 0.959

sl
N6  0.868 0.926 0953 0.962 0.985
Hs2
0S3 N7  0.896 0.900 0950 0.938 0.986
M s4
S1  0.892 0.950 0.971 0.968 0.981
N
W@E S2  0.892 0936 0.950 0.942 0.932
N P S3  0.885 0.937 0.927 0.916 0.896
| =]

S4 0.884 0924 0916 0.891 0.860

Figure 3.1: Hotel climate zones.

3.1.2 In-depth data analysis

An in-depth analysis of operational data from an integrated COs hotel unit was
performed as part of the doctoral work and is described in detail in Article II in
the Appendix. The hotel thermal data were gathered and processed for the period
from September 2018 to September 2019, and obtained through the real-time field
measurement web-monitoring software IWMAC. The measurements were updated
continuously. However, the data for a certain sensor were only logged if a change
in the sensor value was detected. The recorded data points were therefore regarded
as constant step values within the specific time interval until the next recorded
value. All the recorded data were resampled and synchronized to the same time
step, using the weighted average of the time intervals. The weighted average, v,
was calculated using Equation 3.2:

n t
v = i — 2
v ;fu ” (3.2)

where v; is the value for the recorded duration of time, ¢;. The duration of the
weighted average value is defined by a selected time period, t.
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Calculation of parameters

Due to the absence of an energy meter in the DHW supply line, the DHW heat
energy consumption, Qpmw, was calculated using the energy balance equation on
the DHW subsystem, as illustrated in Equation 3.3. The terms Q HX?2, Q mxs3 and
Qx4 defines the heat entering the subsystem by means of DHW preheat, reheat
and back-up heating, respectively. The last expression in Equation 3.3 represents
the change in internal energy in the thermal storage. Change of energy in the water
storage at each time step, given by subscript 4, is defined as the difference between
the current time step, ¢, and the next, i 4+ 1.

10
Qprw, = Quxz2, + Quxs, + Qux4, — pAt'p Z(ij - Tj) (3.3)
7 ]:1

A more detailed description of the calculation procedure is given in Article II.

Uncertainty

Several definitions of COP were applied to evaluate the performance of the inte-
grated CO4 unit and were defined as illustrated in Equation 3.4. The sum of useful
thermal energy included in each evaluation, Q, and the sum of work input in the
form of electricity, W, were calculated as shown in Equation 3.5.

cop-9 (3.4)
W

Q= Z Qi; W= Z Wi (3.5)

The uncertainty of the thermal energies and the work input, 79 and oy, were cal-
culated according to the rules of propagating uncertainty, as illustrated in Equation

3.6:
0=\ 0% =3 o (35

Uncertainty for COP, ocop, was further calculated according to Equation 3.7:

o3 ()
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3.2 Numerical modeling and simulation

3.2.1 Principle of the Modelica language and Dymola platform

Modelica is a programming language developed to describe the behavior of tech-
nical systems [92]. The language is built on causal mathematical modeling, which
requires the user to explain the cause-effect relationship among the different vari-
ables and concepts. Moreover, Modelica is object-oriented, thus revolving around
the concepts of applying classes and objects to facilitate the reuse of dynamic sys-
tem models in a standardized format.

A modeling and simulation platform is necessary to apply the Modelica language
to solve physical problems. This platform, or environment, translates the defined
set of equations so that the model can be efficiently simulated. The platform can
conveniently convey information to the user through a visual interface, e.g., by
graphical representations of variables. Dymola is an example of such a platform
that is suitable for Modelica modeling and simulation of thermal systems [93].
It can efficiently translate large system models and be applied for real-time in-
vestigations. It supports hierarchical model construction and the application of
external component libraries. TIL-Suite is a commercially available library de-
veloped by TLK-Thermo GmbH [94] for steady-state or transient simulations of
thermodynamic systems, e.g., heat pumps, refrigeration, cooling and heating sys-
tems. Among the components that are included in the library are compressors,
pumps, valves and heat exchangers that can be connected in Dymola to construct
complex models. Each physical element in the diagram structure represents a real
physical element in the system. When the component elements are connected in
the model structure, the mathematical equations in all components constitute the
behavior of the model. TIL-Suit includes the fluid properties library, TIL-Media,
which is equipped with a range of refrigerants. External data for boundary condi-
tions, e.g., ambient temperatures and heating loads, can be imported to the model
environment with the software TIL-FileReader, enabling realistic representations
of thermal systems. Thus, the TIL bundle supplies system components, refrigerant
properties and interfaces to external data in the development of transient models
of integrated COs systems.

3.2.2 Transient model description

Several transient models were constructed and investigated as part of the doctoral
work. The development of the models, definition of boundary conditions and com-
ponent specifications are described in detail in Article IIT and Article IV in the
Appendix. Table 3.2 lists the resolution and description of the six time-dependent
variables applied in the construction of the simulation model in Article III, which
will be presented in this section to describe the modeling process.
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Table 3.2: Model input demands and temperatures.

Name Variable Unit Intervals

Qv Ventilation heating load W 20 minutes
Oru Radiators/floor heating load \WY% 20 minutes
Qac AC cooling load \WY% 20 minutes
Q DF Evaporator defrost heating load %% 20 minutes
MDHW DHW mass flow consumption kg st 20 minutes

T, Ambient temperature/ °C 60 minutes

CO2 evaporation temperature

Logged thermal system data from a hotel equipped with an integrated COs unit
were collected and applied as inputs in the numerical model. Data for three different
weeks of operation were selected based on ambient temperatures representative of
the seasonal performance of the system, namely nominal (spring and fall), winter
and summer. Figure 3.2 illustrates the transient model of the integrated COq
system. It includes the COg heat pump loop (U), a hydronic circuit applied for
defrosting evaporators (D), the DHW subsystem and thermal storage (W), and the
medium and high-temperature circuits applied to transport heat to and from the
hotel building (V).

Heat is supplied to the hydronic subsystems through two gas coolers in series, GC1
and GC2, at high (>60 °C) and medium (<50 °C) temperatures. The MT circuit
provides heat primarily to ventilation batteries and a radiator/floor heating circuit,
represented in the model by Qy g and Qru, respectively. The remaining heat is
supplied to preheat DHW through heat exchanger HX2. During winter operations,
HX1 in the MT circuit is applied to defrost evaporators through a brine circuit. The
HT circuit mainly supplies heat for DHW reheat through HX3. The HT circuit also
supplies extra heat through HX5 for the radiators during winter conditions. Four
air evaporators serve as the primary heat source for the CO4 unit. Alternatively,
an interface to the chilled water circuit, HX6, can be employed for heat recovery if
AC cooling is needed.

The DHW subsystem consists of 10 tanks in series. During DHW charging, water
is drawn from tank no. 10 and is directed towards preheat and reheat in HX2
and HX3, receptively. Water is drawn from the top of each tank and directed
towards the supply line, represented by the flow boundary, mpmw_g. Similarly,
the interfaces to city water supply and circulated DHW are applied as the respective
flow boundaries mcw and mpgw_gr. The thermal demands of the hotel building
were implemented using thermal heat boundaries with the time-dependent input
variables, thus limiting the numerical model to heat transport within the main
branches of the system. The thermal boundaries include QVH, Q RH, QDF and
Qac described in Table 3.2, as well as EL1 and EL2, which represents heat from
the electric boiler.
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Figure 3.2: Illustration of a numerical model developed for the simulation of integrated
CO3 hotel unit.

The four air evaporator components share the same control logic, as illustrated by
evaporator control in Figure 3.2. Initially, one evaporator is applied when the CO2
unit is activated, and the compressors are turned on. The thermostatic expan-
sion valve of the active evaporator, e.g., EV2, continuously modulates the opening
degree of the valve to meet the setpoint for superheating at the exit of the evapo-
rator. If more heat is required, additional evaporators are employed until the heat
demand is satisfied. Similarly, active compressors are deactivated if the heat sup-
plied by the COq system is greater than the demand, which is represented by the
thermal load boundaries. The fan unit controls the air volume flow rate to reach a
specific temperature difference, AT, through the evaporator. AT is dependent on
T,, which is imported to the model through the air-flow boundaries.

The control scheme of the CO45 unit and secondary systems were implemented ac-
cording to specifications supplied by the system manufacturers. However, control
of the high-pressure compressors and evaporators was approximated for simula-
tion purposes. The requested heating load is calculated based on measured signals
from the model system and is related to the maximum compressor capacity by the
requested load ratio. The control scheme continuously ensures that the system set-

31



Methodology

points, e.g., ventilation and radiator supply temperatures, are satisfied by adjusting
the requested load accordingly. Control of individual components was achieved by
applying proportional-integral (PI) -controllers. Setpoints, signals and control ob-
jectives for components in the model are listed in Table 3.3. The locations of the
PlI-controllers and sensors can be found in Figure 3.2 according to the subscript,
which specifies the particular subsystem.

Table 3.3: Setpoints and control objectives for system components.

Name Measured signal(s) Control signal Control objective

Domestic hot water subsystem (W)

Ply

Plyyo
Plyys
Plwy4

Twi, Twiz

Twi1
Twi2
Twia

DV2

MV3
EL2
P4

Hysteresis control with 5 min delay. Flow path a if Tyr12 >
Twi1+2 K, flow path b if Ty < Ty 1+2 K.

Mix water streams till Ty11 = 55 °C.

Backup heater. Activates if Ty12 < 55 °C.

Controls pump speed to reach Ty14 = 65 °C.

Ventilation and radiator heating (V)

Ply: Tp: P8 Activated when P9 is on. Controls pump speed to reach Tpy >
20 °C.

Plys Tyi, Tve, Twis P7 Controls pump speed to reach Ty = 23 °C. Turns off pump
when Tng Z Tvg.

Plys Tya P2 Controls pump speed to Ty 4 = Ventilation setpoint tempera-
ture.

Plyys Tys EL1 Backup heater. Activates if Ty 5 > ventilation setpoint tem-
perature.
Modulates flow through b to reach Ty ¢ = Ty 4 = ventilation

Plys Tva, Tve MV5 . . . .
setpoint temperature during winter operations.

Plyg Tye, Tvr P3 Controls pump speed to reach Ty 7 - Tyg = 15 K.
Closed if ventilation setpoint temperature > radiators setpoint

Ply7 Tyr V1 . X
temperature. Controls opening to reach Ty 7 = radiators set-
point temperature.
Controls pump speed to reach min Ty7 = 70 °C. Increases

Plys Tys P1 . . . .
setpoint to 80 °C if radiators setpoint > 70 °C.

COz2 unit (U)

Ply1 SHya EV1 Recovers cooling if heat pump is on and Q¢ is activated.
Controlled to reach SHy, = 5 K.

Plys Pys FGV Controls valve opening to hold Pys = intermediate pressure

setpoint (38-52 bar)

Additional information regarding the specification of components and heat transfer
phenomena can be found in Article III.
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3.2.3

Model validation process

The integrated CO2 system model validation was achieved using measured data for
several variables during three different scenarios. Equations 3.8 and 3.9 defines the
coefficient of determination, R?, and the relative root mean square error, RRMSE,
which were applied to evaluate the accuracy of the modeled system. RRMSE
indicated the average percentage error between measured and simulated values,
while R? indicates (from 0 to 1) how well the model can predict the variability
of the measured data. The measured and simulated values are denoted m and s,

respective
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Figure 3.3: Measured and simulated values obtained for nominal week (October 18¢-25t"
2018) showing (a) ventilation heating energy (VH), (b) evaporator defrost heat energy
(DF), (c) radiator/floor heating energy (RH) and (d) AC cooling energy (AC).
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respectively, for the variables illustrates in (a), (b) and (c), which indicates that
the model can represent heat energy values of ventilation (VH), defrost (DF) and
radiators (RH), with high quality. A higher error is observed in Figure 3.3 (d)
between simulated and measured AC cooling energy values, which demonstrate a
relative error of 18.6%. The variation is reflected in the R2-values for the same
variable, which is above 0.743.

Figure 3.4 illustrates the variation between simulated and measured supplied DHW
heat energy for a selected week. As illustrated in the figure, RRMSE is below 10%

for the selected week. Moreover, the R? value of 0.993 indicates a high model
accuracy.
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Figure 3.4: Measured and simulated DHW values for nominal week (October 18t"-25t"
2018).

Table 3.4 illustrates the seasonal COP (SCOP) for the particular week. Subscripts
h, HP and tot indicates SCOP for heating, the entire heat pump unit and the com-
plete thermal system of the hotel. Simulated SCOPy, is lower than the counterpart
measured values. A similar trend is observed for SCOPyp. Thus, it can be con-
cluded that the simulated performance is slightly lower when compared to the real
system. All simulated SCOPs are comparable to the measured values and below a
relative error of 10%. Thus, it can be concluded that the modeled system is sat-

Table 3.4: Comparison between monitored and simulated SCOPs for nominal week
(October 18t"-25t" 2018).

Variable Measured* Simulated Relative error [%]
SCOPy 3.05 £ 0.17 2.81 7.87
SCOPyup 3.23 £ 0.18 3.15 2.48
SCOPxot, 3.21 + 0.34 3.12 2.80

" The range of uncertainty for the measured SCOP-values are described in Article 1.
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isfactory in characterizing the behavior of the real system for the nominal week of
October. Similar investigations have been performed with data sets representative
for summer and winter, which are described in Article III.

3.3 Summary

This chapter explains the methodology used to achieve the research objectives of
the doctoral work. The analysis of collected data provided valuable information
on the performance of thermal systems in hotels. In addition, the detailed evalua-
tion of system performance and the influence of variables contributed to in-depth
knowledge leading to measures that can enhance efficiency. The numerical inves-
tigations provided practical information regarding the performance of integrated
CO, systems at diverse operating conditions.
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4 Summary of research work

This chapter presents a summary of the doctoral work corresponding to the ob-
jectives of the thesis. The published articles are intended to accomplish the sub-
objectives of the doctoral work in sequential order, in short, "investigate and quan-

2 ”

tify thermal energy demands within the hotel sector in cold climates”, “evaluate
the performance of an integrated CO2 hotel system”, "validate transient simulation
models to evaluate charging strategies” and “evaluate concepts for integrated COo
systems with thermal storage for hotels”. Each complete article is enclosed for an

extensive introduction to the respective research topic.

4.1 Article I: Energy use and retrofitting potential of heat
pumps in cold climate hotels

This article presents a study of the energy use of 140 hotels in Norway and Sweden
over a five-year period. The energy use, available energy sources and thermal
systems are investigated to identify successful and sustainable measures to reduce
energy consumption and related emissions within the hotel sector. Information
applied in the study was collected through web-monitoring services and surveys.

Figure 4.1(a) shows the available energy sources in the hotels from 2015 to 2019.
The number of hotels with only electricity access has been halved over the five years.
During the same period, the number of hotels connected to district heating and
cooling networks increased by 18.0 and 10.9%, respectively. The total electricity
consumption in the hotels was reduced by 8% from 2015 to 2019 in favor of district
heating, which increased by 7% over the same period.
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Figure 4.1(b) illustrates the primary and secondary thermal heating systems applied
in the hotels. The results show that 70% of the hotels applied district heating as
the main source of heating. The specific energy consumption for this group of
hotels is 219.9 kWh/m2/year, which is larger when compared with hotels that use
electricity or heat pump technology to generate heat. The 9% of the hotels that
apply heat pumps as their main heating system have the lowest specific energy
consumption of all the investigated thermal systems, with 175.4 kWh/m? /year.
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Figure 4.1: Results from energy study showing (a) available energy sources in the hotels
and (b) an overview of primary and secondary thermal heating systems in all hotels in
2019. The evaluated energy sources include electricity (EL), district heating (DH) and
cooling (DC), and others, i.e., biofuel (BIO), heat pumps (HP), natural gas (NG) and oil.

70% of the hotels have a mean annual energy consumption between 150 and 250
kWh/m?/year, with the mean value for all hotels being 213 kWh/m? /year. For
the average hotel, the annual energy consumption is in the vicinity of 2 GWh. On
average, large-sized hotels consume more than 4.5 GWh annually and have related
annual emissions of close to 1,200 tonne COz-eq. Thus, there is a large potential
to reduce energy consumption and emissions within the Nordic hotel sector.

Two of the investigated hotels have been equipped with integrated CO2 heat pump
systems and thermal storage, where a reduction in energy usage in the range of
73.2 to 88.6 kWh/m2/year was achieved. A heat energy consumption reduction of
about 60% was observed in both cases, revealing the great potential of integrated
COg2 heat pump systems as a thermal solution for hotels.
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4.2 Article II: Integrated CO, system with HVAC and hot
water for hotels: Field measurements and performance
evaluation

This article investigates the one-year performance of an integrated CO2 unit in a

Norwegian hotel, illustrated in Figure 4.2. The system consists of a single unit for
heating, cooling and hot water production with a 6 m? integrated thermal storage.
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Figure 4.2: Schematic drawing of the integrated COs hotel unit.

The analysis of field data shows that the DHW usage accounts for 52% of the
annual heat load and that the thermal storage reduces hot water demands peak
with more than 100 kW. The analysis of the integrated CO4 system demonstrates
an annual SCOP of 2.90 and thus an untapped system potential. The system
performance is higher during the DHW charging process at ambient temperatures
above 15 °C, due to limited space heating loads. The fluid return temperature from
the building is elevated at high space heating loads, resulting in high gas cooler
exit temperatures and reduced performance. System performance can be improved
by charging the storage for longer periods of time at reduced capacities, limiting
the number of CO3 unit starts/stops and mixing in DHW tanks.
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4.3 Article III: Performance improvement of integrated CO,
systems with HVAC and hot water for hotels

This article presents the numerical investigation of an integrated CO4 heating and
cooling unit in the previous article. A transient numerical model of the hotel’s
thermal system was developed and validated for three seasonal representative weeks
using recorded ambient temperatures, setpoints and thermal loads. All simulated
SCOPs were within a relative error range of 8.5% and illustrated the same seasonal
variations as the measured values. Thus, the modeled system was found to be
satisfactory in characterizing the behavior of the real system.

A low load charging (LLC) strategy, which exploits the thermal storage flexibility,
was evaluated as an approach to improve the overall system performance. The
principle of the proposed control strategy is to reduce the return temperature from
the secondary system by limiting supply temperatures to the building during DHW
charging. In contrast to the current traditional baseline charging strategy, this
entails constantly ensuring that setpoints are met and adjusting compressor load
accordingly to minimize the heating load and peak power utilization.

Table 4.1 lists the main results obtained when applying the LLC strategy, which il-
lustrates that the number of on/off cycles is reduced significantly. The active time,
ON%, of CO2 unit is increased, resulting in reduced application of the backup
boiler. However, such a strategy increases the return temperature from the hotel
during summer, as illustrated by Tg . Elevated Tr during summer operation is ex-
plained by an increased supply temperature when applying the LLC strategy. Yet,
a significant increase was observed in COP;,; and energy savings in all investigated
scenarios. Moreover, peak power usage in the thermal system was reduced by up
to 32.5% when applying the LLC charging strategy.

Table 4.1: Performance indicators when applying the low load hot water storage charging
(LLC) strategy in favor of the baseline control. Energy-saving and the performance of the
entire hotel’s thermal system, COPy,;, is evaluated relative to the measured data in the
baseline scenario.

Control ON/OFF ON% Tr Energy COPot
Case . .
strategy cycles [] (%] [°C] savings [%] increase [%)]
Nominal Baseline 33 92.4 33.5 - -
LLC 1 99.7 30.7 5.8 9.6
Winter Baseline 0 100.0 28.4 - -
LLC 0 100.0 26.6 7.5 7.7
g Baseline 86 72.1 33.9 - -
Hmer e 13 935 345 13.2 23.0
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4.4 Article IV: Evaluation of integrated concepts with CO, for
heating, cooling and hot water production

This article theoretically compares the energy consumption, environmental impact
and cost of three different design concepts for integrated CO2 units equipped with
thermal storage. The main characteristics of the evaluated designs are single-
stage compression (SC), parallel compression (PC) and ejector-supported parallel
compression (EJ). Furthermore, two separate hot water charging strategies were
implemented and investigated over a large span of ambient temperatures and loads,
namely the leveled (LLC) and aggressive (traditional) charging strategies.

Figure 4.3 compares the COP of the investigated designs as a function of ambient
temperature and charging strategy. The EJ system with the ejector arrangement
outperforms both SC and PC, independent of charging strategy. Moreover, lev-
eled charging generally increased COP compared with aggressive charging due to
continuous DHW production during all operational hours.

8 | |
7L B sc NN Leveled charging ~ |
5 E? [ Aggressive charging

-15 -10 -5 0 5 10 15 20 25 30 35
Ambient temperature [°C]

Figure 4.3: COP as a function of ambient temperature for the investigated designs when
applying the aggressive DHW charging strategy.

The evaluations were carried out by considering eight different European locations,
ranging from Scandinavia to the Mediterranean. The results revealed that the
ejector-supported parallel compression design was superior in terms of annual COP,
which was found to be in the range of 4.27 to 5.01 for the Scandinavian locations
and 5.03 to 5.71 for the other European locations. When accounting for investment
cost and electricity prices, the payback period at the Scandinavian locations was 6.3
to 7.7 years. Payback periods of 3 and 4.5 to 7.5 were obtained for hotels located
in temperate and Mediterranean climates. The investigation also revealed that the
hot water charging strategy, rather than the specific CO2 heat pump design, is the
least expensive measure to enhance performance.

All details and discussions regarding the results of the research work can be found
in the enclosed articles in the Appendix.
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5 Conclusions

The main objective of this work was to describe concepts and evaluate the perfor-
mance of integrated COy systems for hotels in cold climates. In order to complete
this aim, investigations of the current energy status in hotels were performed to
uncover the need and demand within the particular sector. Moreover, an in-depth
comprehensive analysis of an integrated CO2 hotel unit was performed and eval-
uated through numerical models. Finally, several concepts and control strategies
for integrated CO9 hotel systems were described and investigated through evalu-
ations of the energy performance, environmental impact and economic viability.
The following general conclusions can be summarized for the thesis work.

The investigation of hotels in Norway and Sweden revealed that the sector has a
large potential to reduce energy consumption and related emissions. The group of
medium and large-sized hotels demonstrated a mean annual energy consumption
of 1.9 and 4.5 GWh, with accompanying emissions in the range of 500 to 1200
tonnes, respectively. Thus, the largest potential of energy reduction lies in these
two specific groups of hotels.

A shift towards sustainable energy sources was observed over the five-year inves-
tigated period, which is in agreement with findings in the literature. The overall
consumption of electricity was reduced by close to 8%, in favor of district heating.
Access to district heating also increased substantially over the investigated period.
As a consequence, hotels with only electricity access have been halved over the
five years. Investigations of installed thermal energy systems illustrated that the
majority (90%) of the hotels utilized either district heating or electric boilers as
the primary heat source. Application of the latter represents the least efficient way
to generate thermal energy. As a consequence, relatively high specific energy con-
sumption is observed when this technology is applied. District heating was applied
in all types of hotels, heavily related to network availability. Though considered
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a green alternative, district heating does not necessarily contribute to reductions
in operational costs. This is due to the fact that prices vary considerably depend-
ing on season and are generally high during the coldest months of the year when
heating demand is at its peak. Thus, many hotels that apply district heating and
electric boilers could benefit economically and in terms of emissions by applying
more energy-efficient thermal systems.

Integrated CO2 systems have been successfully established as a sustainable and
efficient technology within the supermarket sector. As a natural refrigerant, COq
has a low global warming potential. The unique properties of COq, especially the
large temperature glide in the transcritical region, is highly advantageous when
heating domestic hot water. Hotels have relatively sizeable hot water demands,
which makes COq particularly applicable in this type of building. Moreover, CO4
systems can be implemented with ease and high flexibility as a retrofit solution in
existing hotels, where other natural refrigerants are limited due to safety restrictions
on account of toxicity and flammability. An investigation was performed of the
energy consumption in two hotels, newly equipped with integrated COs systems
and thermal storage. In both cases, heat energy consumption reductions of about
60% were observed, revealing the great potential of integrated COs heat pump
systems as a thermal solution for hotels.

An in-depth investigation of the operations of an integrated CO» unit revealed that
the thermal energy demand of hot water heating represented more than half the
annual heat requirement of the hotel. Significant consumption peaks were observed
in the mornings and evenings, which were successfully reduced by more than 100
kW on account of the thermal buffer provided by the 6 m® hot water storage. It
was found that a substantial thermal storage is essential for high performance of
the integrated COs hotel unit, as it enables more flexible operations and charging
over longer periods of time. In the observed system, charging of the thermal storage
took place over a period of 7-10 hours. With the current operating strategy at low
ambient temperature, it was revealed that system performance, when charging did
not occur, was generally higher when compared with charging mode. In general,
during periods with high space heating demands, the COPs were about 1-5% lower
during hot water charging at ambient temperatures below 10 °C, due to elevated
fluid return temperatures from the hotel. This behavior was attributed to poor
stratification caused by mixing in the storage tanks during hot water production.
Moreover, the storage of the system was found to be inadequate, as it forced the
CO2 unit to operate under unfavorable conditions, i.e., high gas cooler pressures,
to fulfill domestic hot water demands that were not covered by the storage. Thus,
the flexibility that the storage provided was not fully utilized with the current hot
water charging strategy.
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A numerical transient model of the above-mentioned system demonstrated that the
overall performance of the hotel’s thermal system could be enhanced considerably
when applying an alternative control scheme for charging the domestic hot water
storage. The principle of the proposed low load control strategy was to charge the
storage at longer periods of time and at reduced loads, thus utilizing the cold supply
water to continuously cool down the COgy gas cooler outlet temperature and, by
this, enhance performance. Applying this strategy resulted in an increase of energy
savings of up to 13.2% depending on the season. The annual energy savings were
estimated to be 8.4%. Other observed benefits from applying the strategy include
reduction in peak power utilization and operational fluctuations, such as a high
number of on/off cycles, which can shorten the system’s lifetime.

Finally, three different design concepts for integrated COg units were evaluated
in terms of energy consumption, environmental impact and economic viability.
The main characteristics of the evaluated designs were single-stage compression,
parallel compression, and ejector-supported parallel compression. In addition, two
hot water charging strategies were implemented and investigated, namely the low
load strategy and the traditional approach. The investigations demonstrated that
applying continuous charging at low loads enhanced the performance of the system
over a wide range of ambient temperatures. It was also revealed that charging
strategy, rather than specific cycle design, was a larger influence on COP and
also the least expensive measure to enhance performance. Moreover, emissions
reductions of up to 400 tonne COs-eq were achieved when applying integrated COo
solutions in place of a boiler and HFC-based chiller system. The payback periods
for the different designs were comparable and varied from 3~8 years, depending on
location.

Application of refrigerants with low global warming potential and known environ-
mental effects is necessary to achieve the climate goals established in numerous
international environmental protocols, regulations and agreements. The findings
of the doctoral work demonstrate that integrated COq systems are efficient in pro-
viding heating and cooling in hotels. Moreover, the performance of the system is
enhanced with the application of a thermal storage, which enables the compensa-
tion of asynchronous thermal loads. This thermal management philosophy will be
essential in the future to reduce energy and power consumption within the growing
hotel sector. As demonstrated in this thesis, the charging strategy of the thermal
storage is a crucial element in achieving high efficiency. This research can be ap-
plied to further climate goals, as it provides the theoretical basis for manufacturers
and consumers to successfully introduce novel integrated COs hotel solutions in
cold climates.
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6 Suggestions for further work

This doctoral work described concepts and evaluated the performance of integrated
CO, systems for hotels in cold climates. Evaluation of field data and simulations
revealed that the performance of the systems can be improved by applying a thermal
storage charging strategy that aims to continuously produce hot water at low loads.
However, more research is necessary to quantify and experimentally validate the
findings in this thesis.

Future studies within the application of integrated COs systems for hotels should
focus on the following.

e This doctoral work revolved around the application of integrated CO5 systems
within medium-sized hotels. Due to the high level of individuality in terms of
thermal demands within each specific building, the application of integrated
CO» systems should be investigated for hotels of all sizes and functionalities,
i.e., large conference hotels and small city hotels.

e Additional pilot installations of integrated COg systems in hotels in cold
climates should be established and thoroughly documented to quantify the
findings of this research. Documented information regarding performance,
energy savings, emissions reductions and achieved economic savings should
be made available for potential customers in order for the technology to gain
a higher degree of public confidence.

e Further research is necessary to evaluate the application of integrated COq
systems in other climates, such as temperate and Mediterranean locations.
Experimental investigations applying typical demands for the specific regions
should be performed. Moreover, detailed analysis of the recorded operational
data, performance and economic viability should be performed to establish
integrated COq systems as an alternative to HFC-based thermal solutions.
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In respect to the application of low load thermal storage charging in integrated
COg systems, the following suggestions are given for future research.
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e Practical experimental investigations of the suggested charging strategy are

necessary to validate the operating strategy in a real integrated COs2 system.
Such an investigation should take place over longer periods in order to validate
the strategy for all possible operating conditions.

Other measures that can enhance the performance and reduce operational
cost during thermal storage charging should be evaluated in light of the pro-
posed charging strategy. One such example that should be considered is
accounting for fluctuation in electricity prices. Typically, electricity prices
in Scandinavia are lower during nighttime when the overall public electricity
consumption is low. Thus, integrated COq systems, as well as other instal-
lations that apply a large thermal storage, could benefit from shifting the
storage charging period to a time that enabled a reduction in operational
costs.

Finally, interesting results have been presented regarding the possibility of im-
plementing prediction algorithms, e.g., machine learning, to predict demands
within thermal systems. Such algorithms can be integrated with thermal sys-
tem operational data, in addition to the planned guest load. A consequence
of applying this technology is that hot water demands could be predicted and
used as an input to the integrated COq system. Thus, it would be possible
to optimize control of the thermal system according to future demand, i.e.,
increase production in periods when high hot water demands are expected.
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ABSTRACT

Tourism, and thereby hotels, play a crucial role in the European economy. The hotel sector features high
energy consumption, which greatly contributes to the global warming effect. Thus, there is a need to
investigate environmentally friendly technologies that have the potential to reduce energy usage within
this sector. Information regarding the current status of the energy consumption in hotels is essential.
Therefore, a study of 140 hotels in Norway and Sweden is presented in this paper to identify successful
and sustainable measures to reduce energy consumption and related emissions.

The energy use, available energy sources and thermal systems in the hotels are studied over a five-year
period to identify consumption trends. The results reveal that 70% of the hotels have a mean annual
energy consumption between 150 and 250 kWh/m?. A shift towards sustainable energy sources is
observed in the hotels from 2015 to 2019, where application and overall consumption of district heating
and cooling have increased, while electrical energy consumption has been reduced. District heating is the
most prominent source of heating and is applied as the primary heat source in 70% of the hotels. The
specific energy consumption for the group hotels that apply district heating is 218.9 kWh/m?/year, which
is nearly 25% higher than the specific energy consumption of the 9% of hotels that apply heat pump
solutions as a primary heat source. Thus, there is a potential to reduce the specific energy consumption in
hotels. Two integrated transcritical carbon dioxide (CO;) heat pumps were investigated as a sustainable
measure to reduce energy consumption. The results reveal that a reduction of thermal energy con-
sumption of approximately 60% can be achieved.
© 2021 The Author(s). Published by Elsevier Ltd. This is an open access article under the CC BY license

(http://creativecommons.org/licenses/by/4.0/).

1. Introduction

Hotels are energy-intense buildings due to the nature of their
operation and the behavior of the occupants (HES, 2011). The en-

According to the EU strategic plan for heating and cooling in
buildings, new and sustainable solutions for generating thermal
energy must be applied to achieve the 2-degree goal of the Paris
Agreement (EC, 2016). Presently, buildings account for more than
40% of the total end-use energy consumption in Europe (Rousselot,
2018). Approximately 1/3 of this energy consumption and related
emissions is connected to the commercial sector (Eurostat, 2017).
By implementing measures to increase efficiency and manage de-
mands, it is estimated that energy saving of 30% can be achieved
within the commercial sector (Economidou et al., 2011; EC, 2006).

* Corresponding author.
E-mail addresses: silje.smitt@ntnu.no (S. Smitt), ignat.tolstorebrov@ntnu.no
(I Tolstorebrov), parigul@mek.dtu.dk (P. Gullo), angel.a.pardinas@sintef.no
(A. Pardinas), armin.hafner@ntnu.no (A. Hafner).

https://doi.org/10.1016/j.jclepro.2021.126799

ergy consumption in the hotel sector is high compared to other
commercial sectors, such as the school and hospital sector (Pérez-
Lombard et al,, 2008). Many authors have tackled the challenge
related to excessive energy consumption in hotels by applying
alternative renewable energy sources and surveillance tools
(Karagiorgas et al., 2006; Dalton et al., 2009; Aagreh and Al-
Ghzawi, 2013). The largest contributor to excessive energy use
within the hotel sector is hot water, space heating and cooling. In
cold climates, it is estimated that approximately 61% of the total
energy consumption in hotels is allocated to heating and cooling
(Langseth, 2015). The application of conventional thermal energy
sources in hotels is extensive, such as electric boilers in large
inefficient central systems (Dalton et al., 2008b). A majority of
hotels apply centralized heating stations, where thermal heat is
generated and further transported throughout the building by a

0959-6526/© 2021 The Author(s). Published by Elsevier Ltd. This is an open access article under the CC BY license (http://creativecommons.org/licenses/by/4.0/).
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Nomenclature

AC Air-Conditioning

BIO Biofuel

cor Coefficient of Performance
DC District Cooling

DH District Heating

EL Electricity

GO Guarantees of Origin

GWP Global Warming Potential
HDD Heating Degree Days

HFC Hydrofluorocarbons

HP Heat Pump

MAAT Mean Annual Air Temperature [°C]
N Norway

NG Natural Gas

R Hydrofluorocarbons

S Sweden

T Temperature [°C]

secondary hydronic circuit.

Heating in Nordic hotels has been highly dominated by electric
panels or hydronic heating through electric boilers, as a result of
relatively low electricity prices caused by the availability of
renewable energy sources. Norway is nearly exclusively supplied
with electricity from hydro- and wind power, which share of the
national production totaled approximately 98% in 2017 (Scheben
et al, 2020). In Sweden, about 58% of the electric energy was
renewable in 2018, mainly supported by hydro- and nuclear power
(SEA, 2020). However, due to the high amount of energy guarantees
of origin (GO) exported to Europe from both Norway and Sweden,
the end-use CO, emissions related to electricity is estimated to 396
and 339 g COz-eq/kWh for 2019, respectively (NVE, 2020; Ei, 2020).

Fossil fuel-fired boilers are still the most applied source of
heating in Europe despite high emissions (EC, 2016). Boilers are
combustion machines that burn fuel, such as oil and natural gas
(NG), for heating purposes. The related emissions from boilers
applying oil and NG are 268 and 205 g CO,-eq/kWh, respectively
(SDHA, 2018). To reduce the environmental footprint, legislation
and favorable incentives have been introduced in Norway and
Sweden to encourages building owners to adopt sustainable heat-
ing solutions (Di Lucia and Ericsson, 2014; Norwegian Ministry of
Environment, 2008; Swedish Ministry of the Environment, 2009).
An environmentally friendly alternative to traditional fossil fuels is
biofuels, which have related emissions of 15 g CO,-eq/kWh
(Gustafsson et al., 2016).

District heating (DH) has become a well-established heat source
within the Nordic countries. DH is a network of insulated pipes,
where heat is distributed to customers that are connected to the
grid through in-house heat exchangers. The heat is generated at a
centralized location near industrial processes with surplus heat,
such as waste disposal plants. 49 and 22% of the heat in the DH
networks in Norway and Sweden were generated from waste
disposal in 2019 (Swedenergy, 2020; SSB, 2020). The related
emissions from DH heat consumption in Norway and Sweden are
calculated based on the 2019 DH mix and footprint values estab-
lished by SDHA (2018). DH related emissions for Norway and
Sweden are calculated to 115 and 63 g CO,-eq/kWHh, respectively.
For the production of district cooling (DC), cold water from lakes
and the sea is normally used. Alternatively, DC can be produced
with the cooling effect from heat pumps during DH heat genera-
tion. The emissions related to the use of DC is estimated to 60 g CO,-
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eq/kWh (Dalin and Rubenhag, 2006).

In contrast with EL and DH, heat pumps upgrade heat from one
temperature level to another. Thus, a considerably smaller amount
of electricity is needed to generate thermal heat than for EL boilers.
The performance indicator of a heat pump system, referred to as
the coefficient of performance (COP), gives the amount of heat
generated per unit of electricity. The COP of the heat pump is highly
dependent on the supply and return temperatures in the heating
system. The installation of thermal storage is an effective measure
to improve the performance of heat pump systems. For hotels,
thermal storage in the form of hot water tanks is applied to reduce
peak loads (Tosato et al.,, 2019; Smitt et al., 2019).

The refrigerant, from which heat is transferred while undergoing
the heat pump cycle, is selected based on characteristics like tem-
perature, pressure, heat capacity, flammability and toxicity. The
environmental impact of these fluids is referred to as global warming
potential (GWP). Non-synthetic refrigerants that are naturally
occurring, such as carbon dioxide (CO;), ammonia and propane, have
marginal GWPs (Lorentzen, 1995). Synthetic refrigerants, such as
hydrofluorocarbons (HFCs), have high GWP and contribute signifi-
cantly to global warming (Abas et al., 2018). Therefore, industrial and
scientific efforts have been invested in improving heat pump sys-
tems with natural refrigerants and identifying new areas of appli-
cations, such as the hotel sector. Additionally, national legislation,
governmental economical incentives and reduced operational costs
are strengthening the position of efficient and environmentally
friendly thermal systems (Norwegian Ministry of Environment,
2008; Swedish Ministry of the Environment, 2009). Moreover, the
environmental aspect of tourism is becoming important for guests
when selecting hotels (HES, 2011). Nearly 80% of potential guests
believe that renewable energy is important for European tourist
accommodations (Dalton et al., 2008a). Yet, reducing the operational
cost is undeniably the biggest incentive among hotel owners to
introduce environmentally-friendly initiatives (Bohdanowicz, 2006).

The European hotel sector has increased during the last decade
with an annual market growth between 7 and 13% (PwC, 2018).
Although heavily affected by the COVID-19 epidemic, it is expected
that the European hotel sector will recover and that the number of
international visitors will increase by 43 million a year until 2030
(UNWTO, 2020; UNWTO, 2019). In order to reduce the energy
consumption of this growing sector, sustainable solutions for
thermal energy production must be applied. Information regarding
the current status of energy consumption and thermal heating in
hotels is therefore essential. To the best of the authors’ knowledge,
no large-scale investigations of Nordic hotels have been conducted
in the last decade. Furthermore, no analyses of thermal systems in
hotels have been performed to differentiate energy consumption
and emissions according to thermal heat source. This paper pre-
sents a study of 140 hotels in Norway and Sweden, where energy
consumption, energy source and thermal systems are evaluated
over a five-year period.

The scope of this paper is to evaluate key performance in-
dicators related to energy consumption in Norwegian and Swedish
hotels. The annual energy consumption per heated floor area (kWh/
mzlyear) and energy consumption per guest-night (kWh/guest-
night/year) are applied to evaluate the energy performance of the
hotels. Energy usage based on different activities in the hotel
buildings is beyond the scope of the research. The results are
reviewed over a five-year period to reveal the energy-related
trends and the long-term dynamics of the sample hotels. The
focus of the study is the thermal heating systems, which are the
main contributing source of excessive energy usage in cold-climate
hotels. The environmental impact of different thermal solutions in
hotels are evaluated by the use of the CO,-equivalent carbon
footprint values and the energy source-specific consumption in
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each hotel. Two of the hotels in this study are among the first in
Europe to implement thermal solutions with integrated CO, heat
pumps, both heating and cooling. The energy performance and the
sector-wide implementation potential of the systems are evaluated
in terms of energy savings.

2. Methods and materials
2.1. Data collection

The sampled hotels presented in this analysis are located in
Norway and Sweden. The sample group consists of 140 hotels. As a
whole, the Norwegian and Swedish hotel sectors consist of nearly
3900 hotels (Horwath HTL, 2010). To increase the validity of the
results, only hotels with automatic energy logging surveillance
systems were included in this study. Energy data from the hotels
have been collected via several web-monitoring services, such as
the software IWMAC (IWMAC, 2019). The energy data contain in-
formation about the specific energy use according to the energy
source in each hotel, e.g. DH and electricity. The data are presented
on an annual basis. The performance of the hotels is considered
over a five year period, from 2015 to 2019. Hotels with compro-
mised energy data for specific years, due to e.g. energy system
maintenance or facility closure, have been excluded from the
analysis for that particular year. Information regarding installed
energy systems, energy consumption and guest-nights have been
collected through surveys. Further, the information has been
compared and validated with logged data from each specific hotel.

2.2. Hotel classification

Fig. 1 illustrates the arrangement of the climate zones in Norway
and Sweden according to their respective national standards.
Norway (N) is divided into seven climate zones, primarily based on
coastal, inland and highland climates, ranging from south to north
(Tokle and Tennesen, 1999).

The four Swedish (S) climate zones are established primarily
based on latitude and are defined in the 2015 Swedish building
code (Boverket, 2015). Climate zone characteristics, mean annual
air temperature (MAAT) and the number of hotels in each zone are
listed in Table 1 The number of hotels are equally distributed be-
tween Norway and Sweden, with 70 in each country. The location
of the hotels, according to the different climate zones, is consistent
with the population density of each country.

Approximately 10% of the Norwegian population and 6% of the
Swedish population reside in the northern climate zones (SSB,
2014; SCB, 2020a). Consequently, a mere 12% of the sample hotels
are located in the northern part of the countries (N6, N7 and S1).
60% of the sample hotels are located in the southern regions of
Norway and Sweden, in zones N1, N2 and S3, due to the close
proximity to major cities.

Heating degree days (HDD) are applied to compare energy
consumption in buildings, independent of variations in annual
ambient temperature and thus heating consumption. The HDD
values for the different zones are calculated with a standard
threshold of 17 °C, as defined by Thom (1954). Table 2 lists the
annual specific adjustment factor [-] for heating, which is defined
as the HDD for a particular year, divided by HDD of a standard year.
The values indicate the relative coldness for a particular year
related to a normal year. The HDD data for Norway have been ob-
tained from Enova SF (2020), whilst the commercially available
Swedish climate data have been provided by The Swedish Meteo-
rological and Hydrological Institute. The heat energy consumption
in the hotels has been corrected according to their zone-specific
adjustment factors. As illustrated in Table 2, all zones have
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Fig. 1. Norwegian and Swedish climate zones.

Table 1
Description of climate zones and the location of the hotels.
Zone Description MAAT* No. of
[ ] hotels
N1 Southern Norway, coastal climate 5.1° 27
N2 Southern Norway, inland climate 7.1° 24
N3 Southern Norway, highland climate 2.3° 4
N4 Central Norway, coastal climate 5.4° 8
N5 Central Norway, inland climate 3.0° 0
N6 Northern Norway, coastal climate 3.8* 7
N7 Northern Norway, inland climate 0.7¢ 0
S1 Northern Sweden, inland climate -2.0—-0.0° 10
S2 Central Sweden, inland climate 2.0-4.0° 9
S3 Southern Sweden, inland climate 4.0-6.0" 34
S4 Southern Sweden, coastal climate 6.0-8.0" 17

* Mean annual air temperature.
2 Tokle and Tennesen (1999).
b Lundstrom et al. (2018).

experienced elevated ambient temperatures during the five-year
period, as the adjustment factor is below 1.00.

All sample hotels have a heated floor area, henceforth referred
to as floor area, in the range of 1446 to 38,000 m?Z. The hotels have
been arranged according to floor area to evaluate the energy per-
formance of small, medium and large-sized hotels. As no standard
for hotel classification exists in Norway and Sweden, a range of floor
area has been selected for the classification, in preference to the
number of rooms. This is done to best illustrate the energy con-
sumption in a variety of hotels: small city hotels with many rooms
to large spa hotels with a moderate number of rooms. However, the
hotel sizes (small, medium and large) correlate to the number of
hotel rooms in the range of 34—99, 100—299 and above 300. The
number of hotels in each category is listed in Table 3.
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Table 2
Adjustment factor for climate zones in Norway and Sweden related to climate data
from 1981 to 2010.

Zone/Year 2015 2016 2017 2018 2019
N1 0.884 0.926 0.920 0.924 0.907
N2 0.885 0.928 0913 0.931 0911
N3 0.892 0.942 0.939 0.940 0.924
N4 0.873 0.939 0.930 0.950 0.944
N5 0.895 0.947 0915 0.986 0.959
N6 0.868 0.926 0.953 0.962 0.985
N7 0.896 0.900 0.950 0.938 0.986
S1 0.892 0.950 0.971 0.968 0.981
S2 0.892 0.936 0.950 0.942 0.932
S3 0.885 0.937 0.927 0916 0.896
S4 0.884 0.924 0916 0.891 0.860

3. Results and discussion
3.1. Energy analysis

The energy data from the hotels have been analyzed and are
presented in this section. Fig. 2 shows the five-year mean annual
energy consumption per floor area for all the sample hotels (kWh/
m?/year). When observing the energy consumption for all the ho-
tels, it can be seen that about 40% have an energy consumption in
the range of 175—225 kWh/m? The majority of the hotels,
approximately 70%, have an energy consumption between 150 and
250 kWh/m?/year. The mean energy consumption for all hotels is
calculated to 213 kWh/m?/year, which is slightly low when
compared with earlier findings in other large-scale investigations
of Nordic hotels. A comprehensive study by Bohdanowicz et al.
(2005) found that a sample of hotels located in Sweden had an
annual specific energy consumption of approximately 280 kWh/
m?/year in 2003. SEA (2011) concluded that a mean energy con-
sumption of 250 kWh/m?/year applies for hotels in Sweden. At a
later time, Langseth (2015) suggested that a mean energy con-
sumption of 240 kWh/m?/year is representative for Norwegian
hotels. It is reasonable to assume that the energy consumption in
Nordic hotels has decreased during the last decade, due to an
increased focus on energy management, innovations in building
technologies and legislative restrictions.

The energy consumption distribution profile for small and large-
sized hotels are considerably shifted compared to the distribution
for all the hotels. This is in agreement with the mean average
consumption for the small, medium and large-sized hotels, which
is calculated to 237, 209 and 192 kWh/m?/year, respectively. Thus,
the results indicate an inverse relationship between hotel size and
specific energy consumption, which can be explained by the typical
energy systems installed in different sized hotels. Smaller hotels are
often located in city centers, where space, building mass and in-
vestment costs limit the economical advantages of replacing
outdated thermal systems. Larger hotels consume considerable
amounts of energy and therefore deal with high operational costs.
The most efficient energy systems are therefore installed in this
category of buildings, as the potential savings are substantial along
with shorter payback time. When investigating the energy

Table 3

Hotel classification.
Category Size No. of hotels
Small floor area < 5000 m? 34
Medium 5000 m? < floor area < 16,000 m* 83

Large floor area > 16,000 m? 23
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Fig. 2. Average annual energy consumption for the hotels per square meter floor area
(2015-2019).

consumption of the hotels according to country, the Norwegian and
Swedish hotels were found to have an annual specific energy
consumption of 203 and 222 kWh/m?/year, respectively. The dif-
ference can be attributed to the fact that 60% of small-sized hotels
in this investigation are located in Sweden.

Fig. 3 shows the average annual energy consumption of the
hotels per guest-night, where 55% of the hotels display a specific
consumption in the range between 20 and 40 kWh/guest-night/
year. The mean annual energy consumption for all the sample ho-
tels is calculated to 37.8 kWh/guest-night/year.

Similar to Fig. 2, the distribution according to different hotel
sizes is also illustrated in Fig. 3. The mean annual energy con-
sumption is calculated to 29.2, 39.8 and 43.4 kWh/guest-night/year,
for small, medium and large hotels, respectively. Thus, the opposite
trend is observed when evaluating the specific energy consumption
in terms of guest-nights and floor area. As can be observed in Fig. 3,
the specific energy consumption per guest-night increases with
hotel size, being that large hotels consume nearly 48% more than
hotels that are categorized as small. Specialized hotels, such as spa
and conference hotels, are generally of larger size and require more
space and energy per guest due to the nature of the facilities.

Table 4 lists the mean annual energy consumption per guest-
night, which is steady between 38 and 41 kWh/guest-night/year
for the years 2015—2018. A small reduction in specific energy
consumption per guest-night is observed in 2019, which can be
attributed to the increase in the average number of guest-nights for
that particular year.

The mean annual energy consumption (GWh/hotel), along with
the related emissions (kg CO,-eq/hotel), are included in Table 4. For
the average hotel, the energy consumption is in the vicinity of
2 GWh/year. The energy consumption and the emissions related to
hotel size is shown in Table 5. On average, large hotels consume
more than 4.5 GWh/hotel/year, which is five times more than
small-sized hotels. The same trend is observed for the total emis-
sions, where small and large hotels emit, on average, 209,885 and
1,166,734 kg CO,-eq/hotel/year, respectively. The mean annual
emissions from energy consumption in the hotels vary with
approximately 30,000 kg CO,-eq/hotel during the five years, as
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Fig. 3. Average annual energy consumption for the hotels per guest-night
(2015-2019).

shown in Table 4.

The highest amount of emissions occurred in 2018, where more
than 560,000 kg CO,-eq on average were emitted from each hotel.
Between 8.4 and 9.7 kg CO;-eq is recorded per guest-night during
the five-year period. The range of emissions related to the hotel
sizes is shown in Table 5 and vary from 7.7 to 13.7 kg CO,-eq/guest-
night/year. The values presented in this study are higher than
emissions reported for the Nordic hotel sector, which generally vary
between 3.3 and 6.0 kg COz-eq/guest-night (Thompson, 2019;
Larsson and Kamb, 2018). However, the contribution of energy GO
export between nations was not accounted for in these studies,
only each countries’ standard calculated emissions per kWh
consumed. This presents a challenge, as each country tend to
calculate the energy-related emission with favorable values. Thus,
some country standard values for emissions include the energy GO
related emission and some do not. As explained in Section 1, GO
related emissions are applied in this study to give a comparative
account for the large-scale environmental impact from different
energy sources and thereby the impact from different thermal
systems in hotels.

The distribution of the energy consumption according to source
is shown in Fig. 4, while the available energy sources in the hotels
are illustrated in Fig. 5. The category other includes burners for oil,
natural gas and biofuel. The energy consumption of this group is
stable at around 1% for the whole period, as shown in Fig. 4. A slight
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Table 5
Mean energy indicators for the hotels categorized by size based on data for all five
years (2015—2019).

Value/Hotel size Small Medium Large
Energy consumption

GWh/hotel/year 0.8 1.9 4.5
Emissions

kg CO,-eq/hotel/year 209,885 508,232 1,166,734
kg CO,-eq/guest-night/year 7.7 11.0 13.7

Energy consumption by source [%)]

2015 2016 2017 2018 2019
Time [year]

Fig. 4. Energy consumption by energy source in the hotels [%].

increase in the use of other energy sources is observed in Fig. 5,
which is mainly

attributed to newly installed bio-fuel systems. EL in Fig. 4 con-
stitutes the largest share of the energy consumption each year and
includes the total electricity consumption in the hotels. All pro-
cesses that require electricity within the buildings are included in
this category. For certain hotels, this entails electricity for electric
boilers, heating panels, heat pumps and air-conditioning (AC) units.
Approximately 71% of the total energy consumption in 2015 was
recorded as EL. However, an 8% decrease in the total share of EL
energy consumption is observed over the five-year period. This is in
agreement with the data presented in Fig. 5, which shows that the
amount of hotels with EL-only access is almost halved, from 37.5%
in 2015 to 19.4% in 2019. During the same period, the number of
hotels connected to DH and DC networks has increased by 18.0 and
10.9%, respectively. This trend is reflected in the percentage DH
consumption to the total energy usage in Fig. 4, which shows an
increase of 7% over the five years, from 24.5 to 31.5%. Thus, many
hotels have replaced electric thermal heating systems in favor of

Table 4

Mean annual energy indicators for the sample hotels.
Value/Year 2015 2016 2017 2018 2019
Hotels analyzed [-] 96 125 136 140 134
Guest-nights [guest-night/hotel] 54,772 58,178 59,472 60,382 64,377
Energy consumption [GWh/hotel] 1.8 2.1 2.0 2.1 2.0
Energy consumption per guest-night [kWh/guest-night] 38 39 38 41 36
Energy consumption per floor area [kWh/m?] 195 214 214 218 211
Emissions from energy consumption [kg CO,-eq/hotel] 529,739 567,132 548,069 560,371 538,116
Emissions per guest-night [kg CO,-eq/guest-night] 9.7 9.7 9.2 9.3 84
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Fig. 5. Available energy sources in the hotels.

DH during this period. Likewise, DC energy consumption increased
by about 2% from 2015 to 2019. Similar trends have been docu-
mented within the Swedish non-residential buildings sector, where
the total share of DH consumption has increased by 7.6% from 2005
to 2016 (SEA, 2017).

Fig. 6 shows an overview of the primary and secondary thermal
heating systems installed in the sample hotels. The four primary
thermal heating systems that are applied in the hotels are DH, HP
solutions, NG and EL, in which the latter includes both electric
boilers and electric panels. DH represents the.

largest group of the primary thermal energy system, as 98 of the
140 hotels (70%) use DH as a primary heat source. DH is used as a
secondary or back-up thermal energy system in four hotels. This
corresponds to the data presented in Figs. 4 and 5, which illustrate
high consumption levels of DH and a high degree of DH availability

Secondary/backup
thermal system

L
[IDH
EBIO
up
NG
oL
EIN/A

=

Number of installations

EL DH HP NG
Main thermal heating system

Fig. 6. Overview of primary and secondary thermal heating systems in all hotels
(2019).
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in the different hotels. The second most applied primary energy
system is EL, with 28 hotels (20%). 9 of these hotels have an alter-
native backup heat source, with OIL and DH being the most
prominent. Only three hotels lack information about secondary
systems, denoted N/A in figure Fig. 6. Despite providing relatively
low system efficiencies and a high carbon footprint, EL heating is
reliable and easily implemented. EL is, therefore, favored as a sec-
ondary/peak heating source and applied as such in 124 hotels
(88%). As shown in Figs. 6 and 13 hotels use HP systems as their
primary heating system. This category includes stand-alone heat
pump units, integrated heat pump and chiller units and large
central heat pump units that supply heat to a collective of buildings.
Only two of the hotels in this category apply natural working fluids,
which have a minimal GWP compared to the HFC working fluids
(Bolaji and Huan, 2013). Two additional heat pumps are applied as
secondary system solutions, mainly for domestic hot water
production.

Table 6 lists key energy indicators, such as energy use and
emissions, with respect to the four primary thermal systems shown
in Fig. 6.

The sole hotel that represents the NG primary systems has the
largest area-specific energy consumption of the groups, at a value
of 236.7 kWh/m?/year. The DH primary thermal system group in-
cludes 70% of the hotels and is the most applied heating system in
both countries. The mean specific energy consumption for this
group is among the highest at a value of 218.9 kWh/m?/year.
However, the mean guest-specific energy consumption of DH sys-
tems is only 35.6 KkWh/guest-night/year, which is lower than EL and
NG based primary systems. The group of hotels that apply EL as
their primary thermal heating system have the highest recorded
guest-specific energy consumption at 43.1 kWh/guest-night/year,
and area-specific energy consumption of 204.9 kWh/m?/year. Thus,
an inverse relationship exists between the specific energy con-
sumption of the two groups, EL and DH, which can be explained by
trends shown in Figs. 2 and 3. The group of hotels that apply EL as
their primary thermal system are generally of medium-to-large
size, whereas small-to-medium sized hotels are over-represented
in the DH primary heat source category. As listed in Table 6, ho-
tels that apply EL as their primary systems perform poorly in
regards to energy-related emissions. The mean specific emissions
from this group are 79.8 CO»-eq/m? and 16.8 CO»-eq/guest-night,
which is considerably higher than for the alternative heating sys-
tems. The superior thermal solution, in terms of emissions, is DH
primary systems. Both the area and guest-related emissions are
considerably lower for the group of hotels with DH primary sys-
tems, at values of 48.7 CO,-eq/m? and 8.3 CO»-eq/guest-night. The
low emissions of DH compared to the alternative systems are
directly tied to the electricity GO export, which elevates the specific
emissions of EL and HP primary systems.

The HP based system is the most efficient primary thermal
system of the alternatives presented in Table 6. The hotels that are
categorized within this group have a mean specific energy con-
sumption of 175.4 kWh/m?[year and 34.0 kWh/guest-night/year.
Thus, the hotels equipped with HP as the primary systems consume

Table 6

Mean energy indicators with respect to primary thermal system (2015—2019).
Value/Main system EL DH HP NG
Energy consumption
kWh/m? 204.9 218.9 175.4 236.7
kWh/guest-night 43.1 35.6 34.0 36.3
Emissions
kg CO,-eq/m? 79.8 48.7 62.8 64.4
kg CO,-eq/guest-night 16.8 8.3 11.8 9.9
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14.6% and 19.9% less kWh/m?/year compared with EL and DH,
respectively. The heat pumps that constitute the HP group are of
different design and year of installation. The efficiencies of the heat
pumps are not accounted for in this study. However, the recent
development of heat pump technology affirms that heat pump
solutions for hotels can achieve a considerably larger amount of
energy savings when compared with EL and DH thermal systems.
Bianco et al. (2017) illustrated how renewable technologies, such as
heat pumps, could decrease the energy consumption and related
emissions within the Italian hotel sector by 13% (1.6 TWh). Yet, not
all working fluids are preferred for heat pumps in hotels, due to
safety restrictions on account of toxicity and flammability (EN
378—1:2016). Additionally, many non-natural refrigerants, like
HFC, are in the process of being phased out in the EU and Scandi-
navia (Heath, 2017). CO; is a natural and safe working fluid, which
application in heat pumps is thoroughly accepted and documented
(Rony et al., 2019; Zhang et al., 2015). If design properly, CO; heat
pumps are efficient, safe, and sustainable solutions for thermal
heating in hotels (Neksa, 2002; Smitt et al.,, 2020; Tosato et al.,
2019; Smitt and Hafner, 2019). Section 3.2 presents the opera-
tional results of two hotels implemented with such thermal
systems.

3.2. COy heat pump solutions for hotels

Two different schematic designs of integrated transcritical CO,
heat pump systems are shown in Fig. 7.

The system illustrated in Fig. 7(a) consists of four separate par-
allel units and has a total heating capacity of 800 kW. The system
was installed in 2019 in hotel A, which is located in climate zone N2.
The hotel was built in 1990 and has a floor area of 13,500 m?. The
CO, system collects heat from seawater through two titanium heat
exchangers and lifts this to a temperature of approximately 80 °C.
Through the secondary system, heat is supplied for space and water
heating. The hot water system is equipped with 10 m> thermal
storage and supplies hot water for guests in the main building and

Water heating
for water park

Spaf:e Space
heating it
8 m? storage

44444 44444

280 kW
Heating

Total 800 kW Heating INTEGRATED
CO72 HEAT PUMPS CO7 SYSTEM
24444 44444
Sea water

Ambi Chilled water

mbient ; .

(direct heat exchange) air SkW AC
cooling

(b) Hotel B

(a) Hotel A

Fig. 7. Schematic of thermal systems installed in (a) hotel A and (b) hotel B.
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the hotel water park. Additionally, heat is exported from the hotel
to a nearby gym. The space heating circuit supplies heat to both the
hotel and the water park, as well as heating of the swimming pool.
An 8 m> thermal storage is included in this circuit as a heat buffer to
reduce the return temperature from the hotel to the CO, heat
pump. This is imperative in transcritical CO, systems to achieve
high efficiency and is described thoroughly in the literature
(Minetto et al., 2016; Tammaro et al., 2016). Fig. 7(b) illustrates the
integrated CO; system that was installed in hotel B in 2018, which is
located in zone N4. The hotel is 9000 m? and the thermal system
consists of a single CO; unit that supplies heat to space heating and

the 6 m? hot water storage. The heating and AC cooling capacity
of the system is 280 and 75 kW, respectively. A detailed description
and analysis of the system installed in hotel B is given by Smitt et al.
(2020). Though different in design, a key feature in both tran-
scritical CO, systems is the thermal storage, which acts as a buffer
that allows for flexible operation of the thermal system. Thus, peak
power demands are reduced by accumulating heat over time,
rather than supplying peak-heating to meet the instantaneous
demands.

Fig. 8 shows the specific energy consumption of hotel A for the
last five years. Hotel A was equipped with an electric boiler before
the CO, heat pump was installed in November 2019. For the year
2019, hotel A achieved a reduction in the overall energy con-
sumption in the hotel of 26.3%, which corresponds to a reduction of
1.2 GWh/year or 88.6 kWh/m?/year.

In order to indicate the performance of the CO, system after the
commissioning period, the energy consumption and guest-nights
for selected months in 2020 are shown in Fig. 9. The mean
monthly energy consumption and guest-nights from 2015 to 2019
are given as a reference. Months of operation that were influenced
by the COVID-19 outbreak are not included in Fig. 9. All selected
months in 2020 demonstrate a reduction in the specific energy
consumption compared to the mean values (2015—2019), despite
the increase in guest load over this period. The largest change in
specific energy consumption is observed during the month of
September when a 51.3% reduction in energy consumption is ach-
ieved. July represents the month with the lowest reduction in total
specific energy consumption, at -31.6% compared to the mean
value. It should, however, be noted that hotel A experienced a 32.9%
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Fig. 8. Energy consumption of hotel A for the years 2015—2019. The reduction in en-

ergy usage after retrofit in 2019 is related to the mean of the four previous year.
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Fig. 9. Specific energy consumption and guest-nights for hotel A for selected months
in 2020. Mean values for energy consumption and guest-nights for the period
2015—-2019 are used as reference.

increase in the guest-load during July 2020. The average monthly
savings based on the selected months in Fig. 9 is calculated to 39.8%.
If the monthly reduction in specific energy consumption is
extrapolated to the annual performance of the thermal system,
more than 1.8 GWh of energy could be saved each year. This is a
considerable improvement in the efficiency of the thermal system
and would correspond to a 60% reduction in the hotel’s area-
specific heat consumption.

The specific heat consumption of hotel B in relation to the
reference years 2015 and 2016 is shown in Fig. 10. Operational data
from 2017 is not included. The system was installed in June 2018
and, similar to hotel A, demonstrated a meager improvement in
thermal system efficiency during the first year of operation. How-
ever, a reduction of 66.7% in specific heat energy consumption was
achieved in 2019, which corresponds to an overall reduction of
73.2 kWh/m?/year or 600 MWh/year in the hotel.

The operation data from hotel A and B demonstrate that CO,
heat pump systems can achieve a reduction in heat consumption of
approximately 60% when compared with EL and DH. However,
optimal design of main and secondary systems is essential for a
successful implementation of CO; heat pumps. The integrated CO,
unit in hotel B illustrates a sustainable approach to heating and
cooling in hotels, as thermal energy is recovered within the
building itself and stored for later use. This thermal management
philosophy will be essential in the future to reduce energy and
power consumption within the hotel sector. The integration of CO,
technology for heating and cooling in hotels is in its infancy, and the
technology must be improved to be acknowledged as a worthy
competitor to the traditional HFC systems (Diaby et al., 2019; Byrne
et al., 2009). CO, refrigeration systems for supermarkets faced
similar challenges when the first units were installed in the early
2000s. At present, CO; refrigeration is the benchmark solution
within the European supermarket sector, where more than 29,000
units are installed (Shecco, 2020). Heat pump and refrigeration
systems with low GWP refrigerants are unarguably necessary to
reduce global warming and to reach the 2-degree goal of the Paris
Agreement (Rogelj et al., 2016). Thus, new areas of application for
natural refrigerants must be identified, such as integrated CO; heat
pumps solution in hotels.
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Fig. 10. Heat energy consumption of hotel B for specific years. The reduction in energy
usage after retrofit is related to the mean heat energy consumption from 2015 to 2016,
as the data from 2017 is insufficient.

4. Conclusions

The energy consumption in cold-climate hotels has been studied
for the period 2015—2019 by using field measurements. The
following conclusions can be made based on the investigation of
140 hotels in Norway and Sweden.

e 70% of the hotels have a mean annual energy consumption be-
tween 150 and 250 kWh/m?/year, with the mean value for all
hotels being 213 kWh/m?/year. Thus, there is a potential to
further reduce the energy consumption in the hotels.

A shift towards sustainable energy sources is observed in the
sample hotels from 2015 to 2019. Electricity is the most applied
energy source in hotels and accounted for more than 70% of the
total energy use in 2015. However, the overall electricity con-
sumption was reduced by 8% from 2015 to 2019 in favor of
district heating, which increased by 7% over the same period.
The access to district heating and cooling increased by 18.0 and
10.9% from 2015 to 2019. The number of hotels with only elec-
tricity access has been halved over the five-year period.

The evaluation of primary and secondary thermal heating sys-
tems revealed that 70% of the hotels apply district heating as the
main source of heating in 2019. The specific energy consump-
tion for this group of hotels is 219.9 kWh/m?/year, which is
larger when compared with hotels that use electricity or heat
pump technology to generate heat. The 9% of the hotels that
apply heat pumps as their main heating system have the lowest
specific energy consumption of all the investigated thermal
systems, with 175.4 kWh/m?/year.

Two of the investigated hotels have been equipped with inte-
grated CO, heat pump systems and thermal storage, where a
reduction in energy usage in the range of 73.2—88.6 kWh/m?/
year was achieved. In both cases, a heat energy consumption
reduction of about 60% is observed, revealing the great potential
of integrated CO; heat pump systems as a thermal solution for
hotels.

It can be concluded that heat pump systems, especially the ones
relying on CO, as the sole working fluid, represent the most
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sustainable solution for cold climate hotels, regardless of their size.
Therefore, it is thought that highly energy-efficient hotels involving
reversible transcritical CO, heat pump units and renewable energy
technologies will become standard in cold climates in the next few
years.
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This study investigates the performance of an integrated CO, (R744) heat pump and chiller unit in a Nor-
wegian hotel. The system consists of a single unit for heating, cooling and hot water with an integrated
thermal storage. The thermal system of the hotel is described and data from the first year of operation
are analyzed. Using the field measurements, hot water loads and COPs are calculated and averaged to 20-
minute intervals. The heating and cooling capacities supplied by the R744 unit are studied on a weekly
and monthly basis to evaluate the seasonal behavior of the system. The hot water storage holds an energy
capacity of 350 kWh at fully charged conditions and demonstrates peak demand reductions of more than
100 kW during a 2-day period. The results show that the hot water usage accounts for 52% of the annual
heat load of the hotel. Energy efficiency analysis of the integrated R744 system reveals an annual system
SCOP of 2.90, and thus an untapped system potential that can be exploited by increasing the AC load
delivered by the R744 unit. Other factors that greatly influence the efficiency of the system are variations
in the ambient temperature and high gas cooler exit temperatures. The latter is often a result of high
temperatures in the water returning from the subsystems of the hotel. This can be improved by reducing
the number of starts and stops of the R744 unit and by insuring stratification in hot water tanks.

© 2020 The Author(s). Published by Elsevier Ltd.
This is an open access article under the CC BY license. (http://creativecommons.org/licenses/by/4.0/)

Systéme de CVC et de production d’eau chaude intégré au CO, pour les hotels :
mesures sur le terrain et évaluation des performances

Mots-clés: R744; Pompe a chaleur ; CVC; Eau chaude; Stockage de chaleur; Systémes énergétiques dans I'hotellerie

1. Introduction

efficiency (Economidou et al., 2011; EC, 2006). Hotels are catego-
rized as high energy demanding buildings, due to their operational

In order to secure a sustainable future, it is necessary to adopt
more efficient means of converting, storing and using thermal en-
ergy. Buildings are directly responsible for more than 40% of end-
use energy consumption and CO, emissions in the EU (EC, 2010).
Non-residential buildings, which are largely represented by the
commercial sector, account for 35% of the energy use and related
emissions (Eurostat, 2017). The potential energy savings within the
commercial sector is estimated to 30%, which can be achieved by
implementing measures to manage demand and increase energy

* Corresponding author.
E-mail addresses: silje.smitt@ntnu.no (S. Smitt), ignat.tolstorebrov@ntnu.no (1.
Tolstorebrov), armin.hafner@ntnu.no (A. Hafner).

https://doi.org/10.1016/j.ijrefrig.2020.03.021

characteristics and the behavior of occupants (HES, 2011). The ap-
plication of conventional thermal energy sources in hotels is ex-
tensive, such as fossil fuels and electric boilers for heating in large
inefficient central systems (Dalton et al., 2008). Excessive use of
electrical power by peak heating and the use of low-efficiency air-
conditioning (AC) units aggravate the electricity problems society
is facing. Existing hotels exhibit the most severe problems of ex-
cessively high energy demand rates, inevitably requiring renova-
tions along with retrofitting of thermal systems (Santamouris et al.,
1996).

Vapor compression systems are among the most energy-
efficient methods of providing heating and cooling in buildings
(Liu et al, 2017). An increased focus on environmentally friendly

0140-7007/© 2020 The Author(s). Published by Elsevier Ltd. This is an open access article under the CC BY license. (http://creativecommons.org/licenses/by/4.0/)
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Nomenclature

cop Coefficient of Performance
DHW Domestic Hot Water

SH Space heating

T Temperature [°C]

%4 volume [1]

G specific heat capacity [kWh kg=! K~!]
ref reference

i time step index

set setpoint

E Energy [kWh]

AC Air Conditioning

ES. Full Scale

Q cooling or heating load [kW]
1 mass flow rate [kg s—!]
1% power [kW]

P Pressure [bar]

HPWH Heat Pump Water Heater
comp COMPpressors

fans evaporator fans

pumps  all system pumps

aux, el auxiliary electrical systems
evap evaporation

w supply water

exit exit

gc gas cooler

a ambient

avg average

SH space heating

DHW Domestic Hot Water

AC Air conditioning

sys system

min minimum

max maximum

ch DHW charging

nch No DHW charging

HVAC  Heating, Ventilation, and Air-Conditioning
usage consumption by end users
supply  supply by heat pump

HFC Hydrofluorocarbon

Greek symbols
A change
0 density [kg m—3]

solutions together with a global effort to reduce the application
of fluorinated gases is strengthening the position of natural refrig-
erants (UNEP, 2016; EP and EC, 2014). Carbon dioxide (R744) is a
natural refrigerant with negligible environmental impact and fa-
vorable thermodynamic properties (Lorentzen, 1994; Gullo et al.,
2019; Ciconkov, 2018). It is inexpensive, readily available and is
neither flammable nor toxic. These qualities make R744 suitable
in applications where other natural refrigerants, such as ammonia
and propane, are challenging due to safety concerns (Bolaji and
Huan, 2013). R744 is firmly established in both heating and re-
frigeration applications and is accepted as a viable alternative in
several sectors, e.g. supermarket, transportation, domestic hot wa-
ter (DHW) heat pumps and industrial processes (Gullo et al., 2018;
Hafner, 2015; Neksa et al., 2010). The distinctive temperature glide
of R744 in the gas cooler during transcritical operations allows
for efficient heating of water (Neksd, 2002; Neksa et al., 1998),
even up to temperatures of 90 °C (Bamigbetan et al., 2017). In the
Japanese market alone, more than 5 million R744 heat pump wa-
ter heaters (HPWHs) are installed (Shecco, 2016). However, as il-

lustrated by Cecchinato et al. (2005), a suitable R744 heat pump
design is imperative to ensure a high efficiency when compared
with hydrofluorocarbon (HFC) installations, such as R134a. In their
later work, Cecchinato et al. (2010) identified compressor capacity
rate and secondary fluid temperatures as key influencing factors
on optimum R744 high pressure, and thus cycle efficiency. Minetto
(2011) presented experimental results from the development of an
R744 air/water HPWH for residential buildings, and also concluded
that optimum operating high-pressure conditions are highly de-
pendent on both inlet temperature and production setpoint tem-
perature for hot water. Several other works have tackled the high-
pressure control problem to achieve maximum cycle coefficient of
performance (COP) (Yang et al., 2015; Hu et al.,, 2015; Wang et al.,
2013; Cecchinato et al.,, 2012). The design and operation of the sec-
ondary system, especially the DHW storage, is equally important to
ensure high efficiency in R744 HPWH installations. It is firmly es-
tablished that reducing the return temperature from the secondary
system to the gas cooler will limit the R744 gas cooler outlet tem-
perature, and thus enhance cycle COP (Lorentzen, 1994). Thermal
stratification of the DHW storage should therefore be employed
to reduce mixing and ensure the return of cold water to the gas
cooler (Fernandez et al., 2010). The impact of the return tempera-
ture of water on cycle efficiency, with respect to ambient air and
city water temperatures, was illustrated by Yokoyama et al. (2007).
They concluded that the R744 HPWH efficiency does not always
increase with ambient temperature, as the storage efficiency de-
creases with the increase of city water temperatures. Besides DHW,
another application of the transcritical R744 heat pump is a com-
bined heat supply system for space heating (SH) and DHW by the
means of several gas coolers in series (Stene, 2005; Heinz et al.,
2010).

R744 systems have a long tradition in refrigeration processes. In
the European supermarket sector alone, more than 16,000 stores
are relying on R744, where 14% of the installations are operating
in the transcritical region (Skacanova and De Ofia, 2019). Trans-
critical R744 systems with integrated heating and cooling applica-
tions are traditionally found within this sector, where excess heat
is recovered as a byproduct of the refrigeration process (Pardifias
et al., 2018; Hafner, 2017; Girotto, 2016). Combined operations with
heat recovery highly enhance the performance of the R744 refrig-
eration system (Karampour and Sawalha, 2017), and can be espe-
cially beneficial in warm climate applications, as demonstrated by
Gullo (2019). However, the control strategy during these operations
of heating and cooling can highly influence the efficiency (Sarkar
et al., 2004; Sarkar et al., 2006). Water storage units can be applied
to compensate for asynchronous heating and cooling demands, and
reduce peak load operation (D'Agaro et al, 2019; Polzot et al,
2016). Integrated heating, ventilation, air-conditioning (HVAC) and
DHW systems for buildings are widely applied (Fabrizio et al,
2014; Chua et al, 2010; Omer, 2008). However, applications of
R744 integrated HVAC and DHW systems outside the supermarket
sector are not well-established nor sufficiently documented. The
current status of R744 systems proves the potential benefits of im-
plementing integrated R744 in buildings with large DHW demands,
such as hotels. Byrne et al. (2009) conducted a theoretical compar-
ison between an integrated R744 unit for HVAC and DHW with a
state-of-the-art R407A system, and found the energy performances
comparable. Minetto et al. (2016) presented a water-side reversible
R744 HVAC and DHW unit that operated highly efficient during
DHW production. However, COP was significantly reduced during
the SH heating mode, due to high return temperatures from the
heating system. Tosato et al. (2019) presented a layout of an in-
tegrated HVAC and DHW R744 unit for a hotel located in North-
ern lItaly, where ground-water was utilized as a heat source. Re-
sults from a charging cycle of the 1.5 m?® DHW storage revealed a
COP of 4.1 during the process. As of yet, no studies have been con-
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duction of long term operations of R744 systems in hotels. At the
same time, there is a need to evaluate these systems with respect
to DHW storage capacities during different operational modes, e.g.
charging and discharging. This paper presents the evaluation of
long-term logged data from an integrated R744 unit installed in
a hotel in Norway. A 6 m3 DHW storage is included in the thermal
system for peak load shaving, the operation of which is presented
and discussed.

2. System description

The R744 system analyzed in this work is part of the existing
heating system for a medium-size hotel in Varnes, Norway. The
system provides HVAC and DHW for a floor area of approximately
9000 m2, which includes 157 guest rooms. The hotel was built in
1987, with an annual heat energy demand of approximately 1.2
GWh prior to the refurbishment of the thermal system in June
2018. The annual heat demand was reduced to approximately 1
GWh following the refurbishment. The location of the hotel is char-
acterized by cold climate conditions with a normalized average an-
nual temperature of 5.3 °C and 4276 heating degree days (HDD)
(average from 1961 to 1990). HDD for the location of the hotel is
calculated as described in Thom (1954) with Scandinavian standard
values (Skaugen et al, 2002). The annual average temperature for
the first year of operation was recorded to be 6.8 °C with 3860
HDD over the period from September 2018 to September 2019.

2.1. R744 heat pump and chiller unit

The previous thermal system of the hotel, consisting of an
electric- and oil boiler, has been replaced with the R744 heat pump
and chiller system. The first 6 months of operation revealed a
monthly energy-saving potential of 59-69% (Smitt et al., 2019). The
installed heating and AC cooling capacity is 280 kW and 75 kW,
respectively. In this paper, AC is defined as the ventilation cooling
load. Fig. 1 illustrates the configuration of the R744 heat pump and
chiller unit and secondary distribution systems. The R744 unit is
an adapted single-stage supermarket refrigeration unit with heat
recovery towards two separate hydronic circuits. The compres-
sor rack consists of four parallel compressors (displacement range
from 17.8 to 21.2 m—>h~! at 50 Hz). One compressor is equipped
with a variable speed drive (VSD), while the three other compres-
sors are controlled by ON/OFF. The compressors are activated based
on the requested capacity. The VSD compressor is always active
to meet the capacity setpoint between the constant capacity steps
provided by the other compressors.

The main function of the R744 system is to provide heating
and DHW for the hotel, which is achieved with the same strat-
egy as for heat recovery in transcritical R744 supermarket units
(Danfoss, 2015; Danfoss, 2012), with the exception that the heat-
ing load, rather than the cooling load, is the controlling param-
eter. The capacity control of the R744 unit is based on feedback
signals from the hotel, such as from the DHW, ventilation- and ra-
diator circuits. The building side supplies a heat demand signal to
the R744 controller, which adjusts the setpoints for the compres-
sor capacity and the high pressure. If an increase in capacity is re-
quested, the setpoint for the evaporation temperature is temporar-
ily reduced to activate another compressor in the rack. This some-
what unconventional control is due to the conversion of the R744
unit from a supermarket refrigeration rig. The high pressure Pg is
regulated based on the gas cooler outlet temperature Tgeeyir. The
control principle of the gas cooler pressure is described in Gullo
et al. (2016). The high pressure control valve (EV1) expands the
fluid directly to the liquid separator at an intermediate pressure of
38-55 bar. Four air evaporators (50 kW at —15 °C) are fed from the
liquid receiver. Thermostatic expansion valves (EV2-EV5) regulate

the superheat at the exit of each evaporator. The number of active
evaporators is dependent on the heating load. The gas returning
from the evaporators is mixed with flash gas and is directed in a
passage through the liquid receiver for heat exchange before com-
pression. Also, a heat exchanger (HX) interface (75 kW at 12/7 °C)
to the chilled water circuit (HX6) can be employed to recover heat
if AC is needed. The chilled water produced by the R744 system is
used to supplement the existing AC chiller unit, and is thus only
applied as an auxiliary function during heat generation.

2.2. Subsystems and hot water storage

The system is designed to supply heat for ventilation heating,
DHW and SH. Heat is supplied to the hydronic subsystems through
two gas coolers in series, GC1 and GC2 as shown in Fig. 1, at high
(> 60 °C) and medium ( < 50 °C) temperatures. The medium tem-
perature (MT) circuit provides heat primarily to ventilation batter-
ies and a radiator/floor heating circuit. Remaining heat is used to
preheat DHW through HX2 from approximately 8 to 30 °C. During
winter operations, HX1 in the MT circuit is applied for defrosting
of the evaporators through a brine circuit.

The high temperature (HT) circuit mainly supplies heat for
DHW reheat through HX3. During operational conditions with neg-
ligible SH demand, the entirety of the DHW production can be
covered with HX3. HX2 is then bypassed with valve MV1. Simi-
larly, GC1 can be bypassed through the directional valve, DV1, if
the DHW storage is fully charged and there is no demand for HT
heat. The R744 unit will in these instances operate at a subcritical
high-pressure level. The HT circuit also supplies extra heat thought
HX5 for the radiators and floor heating during winter conditions.
This is typically done when the setpoint temperature of the radia-
tors exceeds the setpoint of the MT circuit. When the return tem-
perature is higher than the setpoint temperature of the MT circuit,
MVS5 closes off the passage between MT and the radiators. A shunt
circuit is then established exclusively between the radiators and
HX5, to prevent an increase in water temperature to GC2.

The DHW subsystem consists of several tanks in series with a
combined volume of 6 m3. The subsystem is supplied with heat
from the R744 unit through HX2 and HX3, or from the backup
electric boiler through HX4. The system control is characterized by
two distinctive modes of operation depending on the state of the
DHW storage and whether active charging is needed. When active
charging of the storage is unnecessary, the majority of the heating
load is allocated to the MT circuit to cover the moderate temper-
ature demands, e.g. radiators, floor and ventilation heating. Excess
heat is allocated to the DHW subsystem, usually at a low load to
meet the required DHW temperature.

The second mode of operation occurs during active charging of
the DHW storage and is activated when the temperatures in tanks
1 or 3 fall below a threshold. A few steps are initiated to start the
charging process. First, the setpoint of Pump P4 is changed to pro-
vide a higher flow rate. Then, the heat demand from the building is
then given an offset signal to induce charging. The increase in de-
mand triggers an increase in compressor load, which is maintained
by temperature insurance of the HT and MT circuit supply tem-
peratures. During the charging process, excess hot water is stored
and moves through the series of tanks as the buffer is gradually
charged from tank no. 1 to no. 10. Water is drawn from tank no.
10 and is sent through the heating process, in the same manner as
described by Minetto (2011). The thermal storage is fully charged
when the normally stratified storage reaches a high and uniform
temperature. During discharge, water is drawn from tank no. 1 and
is mixed in MV3 with cold water to a temperature of 55 °C be-
fore entering the supply line. The setpoint for DHW production is
66 °C. Once a week, the setpoint temperature is boosted to 86 °C,
during which all tanks must meet the setpoint temperature for at
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Fig. 1. Schematic drawing of the R744 heat pump and chiller unit with thermal storage and secondary system.

least one hour to prevent legionella growth. The start signal for the
timer is reset if the temperature level has been reached. As addi-
tional insurance, heating elements are installed in each tank for
temperature boosting purposes.

3. Data collection and evaluation methods

The secondary hydronic system is instrumented with tempera-
ture sensors (NTC10 thermistors, + 0.2 K) and mass flow meters
(oscillator mass flow sensor, class 2) in every fluid branch. Temper-
ature sensors in the DHW tanks and secondary systems have been
validated to operate within a range of + 0.1 K. Heat flow me-
ters for secondary fluids are installed at every HX (PT500 tempera-
ture sensors, oscillator mass flow sensor, class 2). Pressure sensors
(£ 0.3% at full scale), temperature sensors (PT500 temperature
sensors, + 0.15 + 0.002T) and electrical power supply monitors
(energy analyzer in control unit, + 2%) are installed in the R744
unit. The real-time field measurements of the hotel have been ob-
tained via the web-monitoring software IWMAC (IWMAC, 2019).

The measurements are updated continuously, but the data at a cer-
tain time is only logged by the measurement system if it differs
from the value in the previous time step. The recorded data points
are therefore regarded as constant step values within the specific
time interval until the next recorded value. All the recorded data
have been resampled and synchronized to the same time step,
using the weighted average of the time intervals. The data used
in this analysis were collected and processed for the period from
September 2018 to September 2019.

3.1. Domestic hot water (DHW) loads

Due to the absence of an energy meter in the DHW supply line,
the consumption load and mass flow rate are calculated using the
energy balance equation on the DHW subsystem. The reference
temperature, Ty, represents the temperature of the cold supply
water, which is fairly stable throughout the year. The water tem-
perature is therefore assumed to keep a constant temperature of
8 °C. The energy stored in the tanks, Eguys [KWh], at each time
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step, i, is calculated by Eq. (1).
10
Erunksi = pVCp Z(T'i - Tref) (1)
j=1
where T; is temperature measured in tank j, which holds a water
volume, V, of 600 I. The temperature in the storage tanks normally
varies between Ty and 66 °C, and are measured in the middle of
each tank, which gives a good overview of the temperature gradi-
ent across the storage. space Water density, p [kg m—3], and spe-
cific heat capacity, ¢, [kWh kg=! K-1], at the mean operation tem-
perature of 30 °C are used in the calculations. Applying the energy
balance on the DHW subsystem yields the following equation:

AE anks . . . .
d[?" " = Quxz, + Quxs, + Qux4, — Qouw, (2)
1
where
AEmnfc:i = Emnks,ﬂ - Etanks,- (3)

QDHW, [kW] in Eq. (2) is the heat load accompanying DHW
usage. Other parameters are explained in Sections 2.1 and 2.2.
Change of energy in the water storage at each time step, AEygps,
[kWh] (Eq. (3)), is defined as the difference between the current
time step, i, and the next, i+ 1. The DHW heat load, (Eq. (4)), is
derived from Egs. (1) to (3). The heat losses from the storage tanks
are accounted for in QDHW,-- The average value of calculated mea-
surement uncertainty [%] is presented in the equation.

10

. . . . VC

Qo = Gies, + Qs +Qnxa, = 2 DT, ~T) £45% (4)
=

The DHW consumption mass flow rate, 1iipgw; [kg s71], is then
calculated as

QDHW,
(Tser — Tref)cp
where T is the DHW supply setpoint temperature (55 °C).

(5)

MpHw, =

3.2. Coefficients of performance (COPs)

Collected measurements for heating capacities, AC capacities
and power consumption are used to calculated the COPs of the in-
tegrated thermal system. The total system COP [-], referred to as
COPgys, is defined as the ratio of useful thermal load to the total
electricity consumption, using Eq. (6):

Qsct + Qocz + Qac
Wcomp + Wfans + Wpumps + Waux.e!

COPys = +6.2% (6)

where Weomp, Wfﬂns and Wpyumps [KW] represent the combined
electricity consumption for all compressors, evaporation fans and
pumps, respectively. Waux,el [kw] is the electricity consumption for
auxiliary systems, such as control systems. Quc is the AC load that
is supplied through HX6.

The heat pump COP, COPy, [-], is the ratio of the total heat load
to the electricity necessary to provide the heating functions. This
includes electricity consumption of the compressors and the fans
in the evaporators, as shown in Eq. (7).
cop, = X+ %2

+5.7% (7)
Wcomp + Wfans

The COP of the AC chiller system is not evaluated as a singular
parameter since cooling is not a controlling parameter in the R744
unit, but rather a byproduct of the heating operation.

The seasonal coefficient of performance (SCOP) for the entire
heat pump system with/without boiler, SCOP,_ ¢ [-] and SCOPgys
[-], and SCOP for heating, SCOP, [-], are calculated as the ratio

between supplied heating and/or AC cooling energy [kWh] to the
work of compressors and auxiliary devices [kWh], as shown in Egs.
(8) and (9).

S (f Qecr + [ Qoez + [ Qac)

- - - - +6.2%
Z([ Wcomp + fwfans + prumps + fWaux.el)

SCOPys =
(8)

SCOP, sys+el

Z(fQGCl +fQGc2+fQAf+fQEL)

= - - - - 4 +10.5%
2 Weomp + [ Wrans + [ Wpumps + [ Wauxer + [ WeL)

()
X/ Qocr + [ Qoc2)

Z([ chmp + foarrs)

where Qg and W, is the heat and power associated with the op-
eration of the electric boiler, respectively.

SCOP, = +5.7% (10)

4. System performance analysis
4.1. Analysis of key operating parameters

In order to assess the system performance during different
operational conditions with variations in heating, DHW and AC
loads, key operating parameters of the system are evaluated and
discussed in this section. Specific periods are categorized based
on weather conditions that demonstrate different seasonal per-
formance of the system: summer (June through August), winter
(November through March), and nominal for operating conditions
representing fall and spring (September through October, April
through May).

4.1.1. Key system operational parameters

Key R744 cycle parameters and high-side temperatures are ana-
lyzed. The studied parameters include ambient air temperature Tq
[°C], R744 evaporation temperature Teygy [°C], as well as MT and
HT supply water temperatures, represented by T, yr and Ty, pr
[°C], respectively. The high pressure, Py [bar], and gas cooler out-
let temperature, Tgeeyi [°C] are included in the analysis. The per-
formance of the system under four weeks of winter operation is
shown in Fig. 2. The period is characterized by low ambient tem-
perature and marginal AC loads.

As can be observed in Fig. 2, Pg operates in the transcritical
pressure region with a maximum working pressure of 100 bar. Rel-
atively large fluctuations in pressure occur during this period, as a
result of variations in T ey Low fluid return temperature from the
secondary thermal systems will consequently limit Ty ey and thus
also Pg.. However, some situations will cause unwanted high re-
turn temperatures from the MT circuit to the second gas cooler: (a)
transitions between different modes of operation, (b) low load op-
erations with many starts and stops, and (c) mixing in DHW tanks,
which result in high return temperature during charging. The neg-
ative impact of high return temperature can be reduced by increas-
ing the gas cooler pressure.

Heat is supplied to the secondary thermal system at the two
different temperature levels T, yr and Ty, yr. The MT and HT cir-
cuit setpoint temperatures are regulated based on outdoor temper-
ature compensation curves, which varies from 25 to 50 °C and 60
to 70 °C, respectively. Fig. 2 shows that Ty, yr generally operates
between 65 and 70 °C.

The mass flows through the four air evaporators are controlled
according to the superheat at the exit of each evaporator. Hence,
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Fig. 2. Key operating parameters for winter operations (November 6th to December 4th 2018).

Tevap generally follows the pattern of T, with a temperature dif-
ference determined by the superheat control. The setpoint for su-
perheat is periodically changed according to temperature level of
Tq. For the interval displayed in Fig. 2, the superheat setpoint is
fixed to a minimum of 4 K. The sudden drop of Teyqp is illustrated
halfway through week 2. This behavior occurs when the heat load
is increased, e.g. during heat pump start-up, capacity increase or
during activation of additional evaporators. Hence, the setpoint of
the evaporation, Teyqp, is Teduced to boost the discharge temper-
ature and to increase the capacity. The reduction of Teygp is extra
work for the compressors and cause excessive superheat that re-
duces COP considerably.

4.1.2. Domestic hot water (DHW) accumulation

The consumption of hot water typically follows a certain pat-
tern dependent on the behavior of the residents and the operation
of the hotel facilities. The major consumers of hot water in hotels
are primarily guests, kitchens, laundry services and spa or pool fa-
cilities (Bohdanowicz, 2006; Lawson, 2001). Generally, the hot wa-
ter consumption in hotel buildings is characterized by large con-
sumption peaks for a few hours during the mornings and evenings
(Ndoye and Sarr, 2008; Rankin and Rousseau, 2006; Deng and Bur-
nett, 2002). In circumstances where no DHW storage buffer is in-
stalled, the high consumption peaks will be directly reflected in
the hotel’'s power consumption. Fig. 3 shows the hot water average
daily consumption profile, DHW sqge [kWh], and the profile of en-
ergy supplied by the heat pump to the storage, DHW,p,y, [kWh],
over a period of one year. The average DHW daily usage during this
period is 1104 kWh/day. However, significant variations in daily
consumption were recorded with maximum and minimum values
of 2480 and 480 kWh/day. On average, 2.3% of the DHW/sqge is cov-
ered by the electric boiler.

As seen in Fig. 3, most of the DHW consumption occurs be-
tween hour 8 and midnight. The DHW usage during this time pe-
riod accounts for 87% of the daily consumption. The activity level
in the hotel is low between hours 0 and 6, hence the DHW usage
is lower during this time. DHWysage peaks occur during the hours
9 and 23 at values around 70 kWh. However, DHWsypp;, does not
exceed 58 kWh due to the buffer effect granted by the storage,
and demonstrates how the system handles power peaks on an av-
erage basis. The impact of the storage is the difference between
DHW(sqge and DHWgppiy, which reaches a peak of 22 kWh during
hour 8. The charging of the storage begins at hour 0 and declines
to a minimum around hour 6, as the storage is fully charged. When

80 ‘ : ‘
BDHW usage

—DHW supply

Energy [kWh]

0 4 8
Time [Hour of day]

12 16 20 24

Fig. 3. Hourly-average DHW consumption and supply profiles over a one-year pe-
riod.

DHW/5qge increases to a peak of 73 kWh at hour 9, the storage is
empty and active charging begins, holding a value between 50 and
55 kWh through the day.

The control strategy of the stratified heat storage in an R744
system is essential for successful operation, as described by
Tammaro et al. (2016). Detailed operating parameters of the DHW
storage are shown with a 20-minute resolution over a 2-day pe-
riod in Fig. 4. Fig. 4A shows the temperature stratification across
the storage, which is illustrated by the temperatures in tanks 1,
3, 5, 7 and 10, as labeled in Fig. 1. The storage load and the cor-
responding energy in the storage over the period are shown in
Fig. 4B and C, respectively. The water temperature of the stor-
age fluctuates between 8 and 78 °C during the period. The state
of the storage can be determined by studying the temperatures
Tank1 and Tank10. As the last tank in the series, Tank10 is sensi-
tive to change in DHW mass flow rates entering and exiting the
DHW subsystem. Supply water at 8 °C enters tank 10 during dis-
charge and is gradually pushed through the storage as hot water is
drawn from Tank1 and supplied to the hotel. The sudden drop in
all temperatures in Fig. 4A illustrates the discharge of the storage
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Fig. 4. Operation of the DHW subsystem over a 2-day period showing (a) storage temperature, (b) DHW usage and supply and (c) energy in the storage.

and corresponds to peaks in the DHWusage, as can be observed
in Fig. 4B. The energy potential of the storage is fully exploited
when Tank1 reaches its minimum water temperature. The charg-
ing of the storage is illustrated by the increase in the temperatures
across the buffer. Hot water is supplied to the storage via tank 1
and is circulated through the buffer. The temperature boundary be-
tween hot and cold moves through the storage, as tank tempera-
tures are lifted. As a consequence, the temperatures in the middle
of the storage (tanks 3-7) can occasionally be higher than the tem-
perature of tank 1 if the hot water supply temperature fluctuates
during the charging process. This behavior is illustrated by Tank5,
which sometimes is higher than TankI. Simultaneously, cold water
is drawn from tank 10 for heating, as explained in Section 2.2. The
storage is charged when Tank10 reaches its peak temperature. As
seen from Figs. 4A, there is a 24-hour pattern to the behavior of
the DHW storage temperatures. The DHW storage energy is fully
exerted and is recharged twice a day, which is in agreement with
the findings in Fig. 3. Fig. 4B shows that the storage is typically
charged for 7-10 h. The sudden drop in storage temperature can
be seen in reference to the behavior of DHWusage. As shown in
Fig. 4A and B, large DHWusage peaks in the range of 200 kW cause
a rapid decrease in the storage temperatures. It can be observed
from Fig. 4C that it takes approximately 2 hours to discharge the
entire storage during these periods. There is still a high demand
for DHW at hour 9 each day when the storage reaches its mini-
mum energy potential. The hot water generated by the R744 unit
is then supplied directly to the hotel to compensate for large de-
mands. This system behavior indicates that the storage volume of
6 m3 is not quite sufficient to meet the peak DHW demands of the
hotel. This is especially evident in the mornings, as Tankl drops
below its setpoint of 55 °C. At fully charged conditions, the stor-
age reaches an energy potential of approximately 350 kWh. A pos-
sible solution for the insufficient energy reserve in the storage is
to store the water at higher temperatures. By increasing the wa-
ter temperature in all tanks to 70 °C, one could increase the en-
ergy storage capacity with about 25%. Nevertheless, the storage
buffer still provides a beneficial reduction of peak loads. This is
represented by the difference between DHWusage and DHWSsupply,
which is more than 100 kW during peak hours. Another benefit of
the large storage volume is higher flexibility in DHW production,

which allows for low-intensity DHW generation over longer time
intervals.

4.2. Evaluation of energy performance

The energy efficiency of the system including the provided
heating, AC loads and COPs are evaluated in the following sub-
sections.

4.2.1. Heating and AC cooling loads

Seasonal hourly-averaged heating and AC loads, Q. of the inte-
grated R744 system, together with hourly-averaged ambient tem-
peratures, Ty gy, and recorded maximum and minimum tempera-
tures, Tamax and Ty pp, are shown in Fig. 5A-C. The specific load
for DHW, SH and AC are indicated by subscripts. Heating loads are
shown as positive values and the AC loads are shown as nega-
tive values. Error bars for the loads indicate the range of values
recorded for that particular hour. The hourly-averaged loads are in-
vestigated over 24-hours during summer, winter and nominal pe-
riods of the year, which definitions are explained in Sections 4.1.
Fig. 5D shows the annual heating and AC cooling energy supplied
by the R744 system, E, and ambient temperatures on a monthly
basis. The hourly-averaged loads and the monthly total energy con-
sumption are used to evaluate the performance of the system for
the full range of operation from September 2018 to September
2019. The trends for the different loads are discussed individually
in the following paragraphs. It should also be stated that the Y-axis
temperature scale for the seasonal cases are different.

- Qsy: The SH load is dependent on Tg, gug and varies in a range
of 5-100 kW for the different seasonal scenarios displayed
in Fig. 5A-C. The lowest recorded values are observed in the
summer case, where Qsy decreases significantly when Tq, avg
exceeds 15 °C. In this case, the entirety of Qg is supplied to
the batteries in the ventilation units. Naturally, the highest
recorded hourly-averaged values are observed in the winter
scenario in Fig. 5B. Approximately 80% of Qgy is then sup-
plied to the ventilation units, due to the relatively large ca-
pacity of these units. Thus, only a small portion of the heat
load is used to cover direct SH, e.g. for floor heating and ra-
diators.
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Fig. 5. Hourly-averaged heating and AC loads for (A) summer (May 18th-25th 2019), (B) winter (January 15th to 22nd 2019) and (C) nominal (October 18th-25th 2018).

Total annual energy supplied by the R744 unit on (D) monthly basis (Sep. 2018 to Sep. 2019).

- Qpyw: The DHW loads in Fig. 5A to 5 C drop to the

minimum value of 20 to 30 kW at hour 6, followed by
a rapid increase in Qpgy between 60 to 80 kW, which
stay present throughout the day. A noticeable difference in
the magnitude of Qpyw is shown in the various seasonal
scenarios. These inconsistencies are due to variations in
guest load and are independent of seasonal operational load
and Tq, avg.

- Quc: The AC refrigeration capacity varies in a limited range

of 0 to 24 kW in all seasonal cases. The load is indepen-
dent of the hour-of-day and Ty qug. However, the AC load
provided by the R744 is not independent of T, gy. This un-
usual behavior in supplied AC load from the R744 unit is
caused by the fact that it is an auxiliary system to the pre-
installed separate cooling unit. It should be noted that AC
cooling provided by the primary stand-alone chiller is not
included in Fig. 5A-D. The separate AC chiller unit is op-
erating at full load during the summer scenario in Fig. 5A,
though hardly any AC is supplied by the R744 unit during
this time due to the low-side pressure control. As shown in
Fig. 1, the air evaporators and HX6 in the R744 unit operate
at the same pressure level, controlled solely by the air evap-
orators. The R744 unit therefore only supplies extra AC when

the evaporation temperature is below the 7 °C setpoint for
AC chilled water. The largest Q4c capacities are observed in
the winter and nominal scenarios in Fig. 5B and C, respec-
tively. In these scenarios, moderate Ty qvg enables operation
of the chilled water HX within the acceptable evaporation-
temperature range.

- Egy: Egy varies in a range of approximately 10,000 to

55,000 kWh, in close connection to Tg avg. As shown in
Fig. 5D, the heating demand is still present during the sum-
mer months, due to the relatively cold climate at the ho-
tel’s location. The largest recorded values of Egy is observed
during the winter months when Tg, avg is below 5 °C. Esy is
then in a range of 42,000-55,000 kWh monthly, which is up
to 5 times the SH usage for the summer months. The total
amount of Egy over the year is 380,000 kWh.

- Epyw: The monthly energy for DHW shown in Fig. 5D is stable

throughout the year in a range of 30,000 to 40,000 kWh per
month, with an average value of 33,600 kWh. The annual
energy supplied for DHW over the year is 403,000 kWh.
Thus, 52% of the annual heating energy to the hotel is al-
located to DHW heating. The relative consumption of DHW
to total heating in hotels is typically between 40 and 70%,
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Table 1
COPs for selected intervals in the period from Sep. 2018 to Sep. 2019.
Season  Period SCOPsys]-] SCOPygal-]  SCOP4[-] To, ave[°C]
Winter ~ November-April 278 +£ 017 257 + 027 269 + 015 04
January 15th to 22nd 263 +£ 016 237 £ 025 249 + 014 53
Summer June-September 320 = 020 275 £ 029 309 + 018 150
May 18th-25th 334 £ 021 297 £ 031 330 £ 019 158
Nominal September-November, April-June 299 + 0,19 2,73 £ 029 290 + 0.17 84
October 18th-25th 323 + 020 321 + 034 305 + 017 63
Annual  September-September 290 + 018 264 + 028 280 + 016 68
Seasonal intervals are from the 1st to the 1st in the stated months.
and is dependent on the location, building envelope and use 25 . . : : : : : .
of facilities (Su, 2012; Deng and Burnett, 2000).
— Eac: As previously explained, Eac is larger during the nominal +COPSyS‘an
months of operation. AC is primarily used for climate control 20
and temperature adjustments in common areas and guest —o-COP
rooms. The AC cooling capacity is therefore larger during pe- 15+ h.ave ]
riods with high guest loads and large heating demands. For =
the entire year, only 75,500 kWh of AC cooling energy was E
recovered through the chilled water HX. % 10 5
4.2.2. Coefficient of performance (COPs) © :
The SCOPs for the scenarios depicted in Fig. 5, together with < S5t 1
seasonal and annual values are listed in Table 1. The average am-
bient temperature, Tg, avg, for the specified intervals are included .
in the table. Predictably, SCOPsys is higher than SCOP, for the in- 0 w
vestigated scenarios. However, the annual SCOPgy is only 0.1 or
3.6% higher than the SCOPy,. Byrne et al. (2009) estimated numeri- 5 ]

cally a SCOP of 3.57 for a heat pump and chiller system for hotels
using R407a. They also investigated an R744 system with similar
operational conditions and found a SCOP of 3.24. However, sec-
ondary systems and real operating conditions were not accounted
for in this study. The conventional thermal systems found in the
Nordic hotel market normally utilize electric boilers/district heat-
ing stations in combination with separate HFC-units for AC. Typi-
cally, a SCOPsys in the vicinity of 1 is achieved for these systems,
due to the relatively large magnitude of heating load to AC load.
The somewhat low value of annual SCOPgys for the integrated sys-
tem is partially due to the limited recovery of cold energy to the
AC cooling circuit. This is also the case for the long-term seasonal
periods, e.g. winter, summer and nominal. On an annual basis, ap-
proximately 5% of the total heat to the hotel is supplied by the
electric boiler. As a result, SCOP, ,, is reduced by 9% when com-
pared to SCOPsys. It is expected that the boiler is applied during
the winter season to cover peak heating. However, the low value
of SCOPyy o during the summer season indicates excessive use of
the boiler for DHW heating. This is explained by the high return
temperature of water to GC2. A temperature above 45 °C triggers
a signal to reduce the compressor capacity, due to compromised
efficiency. Consequently, DHW production by the heat pump is re-
duced and the required load is then compensated by the boiler.

All SCOPs are highly dependent on T, aye and increase with ap-
proximately 0.4 from the winter to the summer season. A larger
difference between the specific SCOPs is observed when compar-
ing the summer and winter week scenarios (Fig. 5A and B), which
can be attributed to the change in Tg, avg. The nominal week of Oc-
tober 18th-25th reveals uncharacteristically high values of SCOPsys
when related to the nominal season. Moreover, T, qyg for this week
is 2.1 °C below the average temperature for the particular season.
The high value of SCOPgys during this week can be explained by
the relatively large utilization of AC, as displayed in Fig. 5C. The
gain from Q¢ is therefore larger than the contribution from Wfﬂn
and Waux,ei in the calculation of SCOPyys, as defined in Eq. (8).

The mean COPgs and COP, for transcritical operations
(> 73.9 bar), according to specific temperature intervals, are

-15-10 -5 0 5 10 15 20 25 30
T, [°C]

Fig. 6. Difference between the DHW charging and no charging COPs.

listed in Table 2. The COPs are categorized by whether or not DHW
charging is taking place. The subscript nch includes circumstances
when the heat supply to the hotel is controlled by SH demands,
and no active charging of the DHW storage is taking place. Sit-
uations when the DHW storage is being actively charged, and the
system is controlled according to both SH and DHW loads are iden-
tified by the subscript ch. The analysis of variance (ANOVA: single
factor) was applied to analyze the efficiency of the system under
different modes of operations. The difference is considered signifi-
cantatp < 0.05.

Table 2 shows a significant difference between charging and no
charging values of COPy, 4, at temperatures below 0 °C and above
15 °C. COPsys, qvg exhibit significant difference between all intervals,
with the exception of —10 to —5 °C and 10 to 15 °C. Fig. 6 depicts
the relative change in COP, ACOP [%], from no charging (COP,,) to
charging (COP,). The COPs during no DHW charging are generally
higher than charging mode at low temperatures, which results in a
decrease of ACOP. However, both COPsys, avg and COPp, 44 Increase
considerably at Ty above 15 °C. This unusual relationship between
the two modes of operation can be explained by the magnitude
of the SH load and the temperature of the water returning to the
second gas cooler. The temperature of the fluid returning from the
secondary system is generally higher at high values of SH, as the
setpoints of SH and thus the return temperatures are elevated at
low values of Tq. Additionally, DHW charging provides a tempera-
ture lift in the return circuit when the stratification in the DHW
storage is not fully intact, as discussed in Sections 4.1.2. This be-
havior was also illustrated by Tosato et al. (2019). They noted a
reduction in COP of 18% during the final part of the DHW charging
process, which was caused by high return temperatures from the
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Table 2

System and heating COPs during DHW charging and no charging at different temperature intervals.
Ta [°C] [-15,-10) [-10,-5) [-5,0) [0,5) [5,10) [10,15) [15,20) [20,25) [25,30)
COPyy g [-] 2.59 (0.50) 240 (0.22) 253 (0.34) 2.82 (0.44) 3.17 (0.50) 3.387 (0.58) 3.37(0.61) 3.38(0.62) 3.28 (0.50)
COPyy i, v -] 2.40 (0.70) 241% (0.33) 2.61(056) 2.89 (0.66) 3.32 (0.68) 3437 (0.92) 3.07(0.92) 2.80(0.83) 293 (0.85)
COPep, avg [-] 2.47 (0.46) 232 (0.23) 253 (034) 2.77° (045) 3.03* (047) 3.11° (0.50) 3.19 (0.54) 323 (0.57) 3.24* (0.53)
COPy e, avg [-] 2.27 (0.70) 2.38 (0.31) 2.58 (049)  2.76* (0.57) 3.04? (0.53) 3.08% (0.80) 2.99(0.87) 293 (0.87) 3.00° (0.85)
Tach, avg [°C] -120(1.3) -7.2(14) -2.0(14) 24 (1.5) 74(14) 123 (14) 17.3 (1.5) 219 (1.3) 26.9 (1.4)
Tanh, avg [°C] -12.1(13) -75(1.4) -1.8(14) 23(14) 7.1 (1.5) 120 (1.4) 17.0 (1.5) 216 (13) 26.8 (1.4)

2 No significant statistical difference (p > 0.05) between corresponding DHW charging and no charging values. Standard deviation is shown in the brackets.

Values for calculated measurement uncertainties are not included.

storage. Hence, during seasons with low Tg, high SH and thus gen-
erally high return fluid temperature, the heating load of the CO,
unit is limited due to high Ty ;. This problem diminishes when
the SH load is limited, as can be observed in Fig. 6 at T, above
15 °C. The COPs during DHW charging are generally higher than
the no charging mode at high ambient temperatures, which is in
agreement with the findings in Tosato et al. (2019). Thus, the DHW
charging strategy of the system should be regarded as a key influ-
encing factor to achieve high efficiency.

5. Conclusions

This work investigated key operating parameters for an R744
heating and AC cooling unit installed in a Norwegian hotel. The
system is integrated with HVAC, DHW and a 6 m> thermal stor-
age. Field measurements from the hotel were analyzed for a one-
year period and essential parameters to evaluate the system perfor-
mance were discussed, including heating and AC loads, tempera-
tures, pressures and mass flow rates. DHW consumption loads and
COPs were calculated using the collected data. The DHW consump-
tion was estimated by the energy balance due to the peculiarities
of the instrumentation installed by the supplier. Consequently, the
heat loss from the storage tanks were included in the DHW con-
sumption rate and thus not evaluated in this study. The same ap-
plies to the existing AC cooling machine, as this unit is not inte-
grated in the measurement and control system.

The heating and AC loads supplied by the R744 unit were stud-
ied on a weekly and monthly basis to assess the seasonal behavior
of the system. The results reveal that the DHW load is fairly stable
throughout the year and is independent of seasonal ambient tem-
peratures. The DHW load accounts for 52% of the annual heat load
supplied to the hotel and follows a particular 24-h pattern, with
low consumption between midnight and hour 6. The peak DHW
load occurs around hour 9 and reaches an hourly-averaged value of
73 kWh. The DHW storage holds an energy capacity of 350 kWh at
fully charged conditions and demonstrates peak demand compen-
sation of more than 100 kW during October 18th-20th 2018. Pe-
riodical decrease in storage temperatures to values below the set-
point indicates that the storage is not fully equipped to handle the
peak DHW loads of the hotel. This can be solved by installing more
tanks in series or by increasing the water storage temperature.

The COPs during DHW charging mode are higher when com-
pared with no charging at ambient temperatures above 15 °C, due
to limited SH demands. The SH is highly dependent on ambient
temperatures and varies noticeably in the different seasonal sce-
narios. The monthly supply of SH energy increases significantly at
average ambient temperatures below 5 °C. The AC capacity deliv-
ered by the R744 unit is limited and not fully exploited, which
is reflected in the moderate annual SCOPsys of 2.90. Additionally,
about 5% of the total heat to the hotel is supplied by the electric
boiler, which decreases overall SCOPss by 9%. The latter is often a
result of high return temperatures from the building, which is ag-
gravated by increased number of R744 unit starts and stops and
mixing in DHW tanks. Other factors that greatly influence the ef-

ficiency of the system are variations in the ambient temperatures
and high temperatures at the gas cooler exit.

Observations from this work can be used as a good starting
point for modeling and optimization of the existing and similar
systems. Future work should focus on increasing the system per-
formance by charging the storage during longer periods at reduced
capacities. The optimal storage volume for this type of system is
an important issue that should be prioritized.
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Carbon dioxide (R744) systems have emerged as a sustainable and viable alternative to hydrofluorocarbon (HFC)
applications within refrigeration. During the past decade, advancements in R744 technology and system ar-
chitecture have paved the way for new areas of application. Integrated R744 systems for heating and cooling in
hotels have demonstrated promising results within a sector characterized by high thermal demands and a large
carbon footprint. However, further research is necessary to establish integrated R744 systems as a competitive
alternative to traditional HFC systems in hotels. This paper presents the numerical model of an R744 heating and
cooling unit installed in Northern Europe. The system is integrated with HVAC and a 6 m® thermal storage for
domestic hot water. A dynamic model of the hotel’s thermal system was created and validated for three seasonal
representative weeks using recorded ambient temperatures, heating, and cooling loads. A low load charging
strategy, which exploits the thermal storage flexibility, was evaluated as an approach to improve the overall
system performance. Simulations demonstrated that charging the thermal storage for longer periods at low
compressor loads enhanced the overall efficiency of the system. Energy savings in the range of 5.8-13.2% were
achieved based on the different seasonal scenarios. Additionally, peak power usage, operational fluctuations, and
ON/OFF cycles were considerably reduced with the low load charging strategy. The proposed strategy can be
implemented in similar applications to enhance overall system performance.

The application of natural and environmentally friendly refrigerants,

1. Introduction

Increasing environmental awareness and strict regulations are
strengthening the position of natural refrigerants within heat pump and
chiller applications [18]. This is mainly due to their low global warming
potential when compared with hydrofluorocarbon (HFC) refrigerants.
The hotel sector features high thermal demands, which are often real-
ized through processes that contribute to the global warming effect [11].
The energy consumption within the hotel sector is high compared to
other commercial sectors, due to the number and the behavior of oc-
cupants [29]. The largest contributor to excessive energy use within the
hotel sector is domestic hot water (DHW), space heating, and cooling. In
cold climates, it is estimated that approximately 61% of the total energy
consumption in hotels is allocated to heating and cooling [21]. The
application of conventional thermal energy sources in hotels is exten-
sive, such as electric boilers in large inefficient central systems [7].
However, national legislation, governmental economic incentives, and
reduced operational costs are promoting efficient and environmentally
friendly thermal systems [26].

* Corresponding author.

such as air, water, hydrocarbons, ammonia, and carbon dioxide (R744),
has gained much attention as an approach to reduce greenhouse gas
emissions from refrigeration, air-conditioning (AC), and heat pump
systems [4]. R744 has a negligible global warming potential (GWP = 1),
is inexpensive, readily available, and non-flammable [22]. Despite being
non-toxic, leakage detection in the machine room is necessary as R744
can displace oxygen in air at high concentrations. R744 systems operate
at significantly higher pressures than conventional vapor compression
systems, especially at operations above the critical point. Thus, high-
pressure rated components are required, and special care must be
taken when handling the system.

In the past decade, R744 refrigeration systems have become the
benchmark solution in the European supermarket sector [33]. Inte-
grated R744 systems, with heating, ventilation, and air-conditioning
(HVAC), and DHW are spreading within this sector [17]. The heat for
HVAC and DHW is recovered as a byproduct from the refrigeration
process in integrated R744 supermarket units [15]. The cooling load,
rather than the heating load, is the controlling parameter for these
systems. Integrated HVAC and DHW systems for heat pump applications
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Nomenclature

Nomenclature

m Mass flow rate [kg s ']

P Pressure [bar]

Q Cooling or heating load [kW]
T Temperature [°C]

A% Volume [1]

w Power [kW]

Abbrevations

AC Air-Conditioning

Avg Average

COP Coefficient Of Performance
DHW Domestic Hot Water

fans Evaporator fans

GC Gas Cooler

GWP Global Warming Potential
HFC Hydrofluorocarbon

HT High Temperature

HTA Heat Transfer Area

HVAC  Heating, Ventilation, and Air-Conditioning
HX Heat Exchanger

LLC Low Load Charging

MT Medium Temperature

PI Proportional Integral

RRMSE Relative Root Mean Square Error

SCOP Seasonal Coefficient of Performance

SD Standard Deviation

VSD Variable Speed Drive
Subscripts

a Ambient

AC Air-Conditioning

aux,el  Auxiliary electrical systems
comp Compressors

CcwW City Water

DF Evaporator defrost heat
DHW Domestic Hot Water

EL Electric boiler

fans Evaporator fans

GC Gas Cooler

h Heating

HP Heat Pump

i Index

max Maximum

min Minimum

pumps  All system pumps

R Return

RH Radiators/floor Heating
S Supply

Setpoint

tot Total

VH Ventilation Heating

A Change

P Density [kg m 3]

outside the supermarket sector are dominated by synthetic refrigerant
systems [13].

The integrated R744 heat pump system is a promising technology for
HVAC and high-temperature DHW production [37]. In these systems,
the heat rejection process occurs in the transcritical region at high
working pressures and gliding temperatures. The cooling of transcritical
R744 gas provides a considerably higher temperature difference be-
tween the inlet and outlet of the gas cooler when compared with
traditional condensers. Thus, R744 is superior in heating processes that
require a high-temperature lift, such as DHW production [25]. However,
the efficiency of the transcritical R744 systems can be compromised if
the gas cooler outlet temperature becomes too high [1]. Therefore, a low
fluid (water) inlet temperature is essential in counter-current R744 gas
coolers to reduce the temperature before expansion, thereby ensuring a
high coefficient of performance (COP) [20].

The potential benefits of applying integrated R744 systems in hotels
are considerable due to the characteristically substantial DHW demand
[10]. R744 systems can be implemented with ease and high flexibility as
a retrofit solution in existing hotels, where other natural refrigerants are
limited due to safety restrictions on account of toxicity and flammability
[12]. Consequently, the hotel sector is recognized as a promising area of
application for integrated R744 heating and cooling systems [34]. The
first R744 heat pump and chiller unit installed in a Nordic hotel was
presented by [35]. The system consists of a single unit for heating,
cooling, and DHW with an integrated 6 m® thermal storage. Key oper-
ating parameters were evaluated, and system capacities were analyzed
for a one-year period. The first-year seasonal coefficient of performance
(SCOP) for the R744 system was found to be 2.90. The DHW usage was
identified as the largest contributor to the overall thermal energy use in
the hotel, accounting for 52% of the annual heat load. The DHW con-
sumption follows a particular 24-h pattern with high consumption peaks
during morning and evening hours, enabling operational freedom in
terms of the thermal storage charging strategy. The main influencing

parameter on efficiency was identified as high fluid return temperatures
from secondary systems, resulting in elevated R744 temperatures before
expansion.

Numerous authors have investigated control strategies to enhance
the performance of transcritical R744 systems [44,28,45]. The perfor-
mance of these systems is influenced by many factors, such as control
strategy, operating pressure, return temperatures from secondary sys-
tems, and asynchronous heating and cooling loads. Few studies have
focused on improving the control strategy by utilizing thermal storage to
increase the performance of transcritical R744 systems. Cortella et al.
[5] presented a numerical model of an R744 supermarket unit equipped
with HVAC and DHW. Through simulations, they demonstrated how hot
and cold thermal storage units can be applied to compensate for asyn-
chronous demands and reduce peak loads. Polzot et al. [30] developed a
numerical model to evaluate the implementation of cold thermal storage
in an R744 supermarket unit. The energy consumption of the R744
system was 9% lower than the baseline when applying a control strategy
that utilized the storage to reduce R744 gas cooler outlet temperature.
Additionally, the authors concluded that the rejected heat could effec-
tively be collected by the use of hot thermal storage. Tammaro et al. [38]
implemented an alternative control strategy in a numerical model of an
R744 air-source heat pump for DHW production, where the frequency of
compressors and pumps were reduced to maintain a constant tempera-
ture inside the hot thermal storage tanks. The results revealed that the
thermal storage enabled higher R744 operational flexibility and longer
operational time for the heat pump. Field data presented by Tosato et al.
[42] illustrated how the operating strategy during DHW charging in-
fluences the efficiency of an integrated R744 heat pump unit in an
Italian hotel, which features both HVAC and DHW production. The
authors highlighted that the compressor control strategy during
charging should be evaluated to enhance the performance of the system.
Thus, there is a need to investigate alternative control strategies to
improve integrated R744 heat pump units for HVAC and DHW heating.



S. Smitt et al.

The charging strategy is a key influencing factor to achieve a high
overall system performance in R744 heat pumps. As illustrated by recent
studies, thermal storage provides a buffer that enables a high degree of
flexibility with regard to operating strategy. The control strategy for
integrated R744 heat pumps with simultaneous HVAC and DHW pro-
duction is, to the best of the authors’ knowledge, not yet investigated.
For the first time in the literature, an alternative charging strategy is
presented to increase the efficiency of integrated R744 heat pump sys-
tems with combined HVAC and DHW production. The principle of the
strategy is to utilize the storage capacity to charge the DHW storage for
longer periods of time at a reduced load. Charging at reduced loads has
the potential to limit return temperatures from the secondary systems
and by this, enhance system performance. The influence of the charging
strategy is evaluated through a dynamic simulation model for different
representative seasonal scenarios. The current research contributes to
improving the performance of integrated R744 systems with HVAC and
DHW production, thereby benefiting current and future installations.

Thermal Science and Engineering Progress 23 (2021) 100869

2. System description and operation

The R744 integrated unit analyzed in this work is part of an existing
heating system for a hotel in Trondheim, Norway (63.44 °N, 10.40 °E).
The hotel’s location is characterized as a cold coastal climate with a
normalized average annual temperature of 5.3 °C [41]. The R744 system
provides HVAC and DHW for a floor area of approximately 9000 m?,
including 157 guest rooms. The installed heating and cooling capacity is
280 kW and 75 kW, respectively. Fig 1 presents the entire thermal sys-
tem and the secondary distribution circuits. Heat is supplied to the hy-
dronic subsystems through two gas coolers in series, GC1 and GC2, at
high (>60 °C) and medium (<50 °C) temperatures. The medium tem-
perature (MT) circuit provides heat primarily to the ventilation heating
(VH) batteries and a radiator/floor heating (RH) circuit. The remaining
heat is used to preheat DHW through the heat exchanger (HX) HX2. The
high temperature (HT) circuit mainly supplies heat for DHW reheat
through HX3. During winter operations, HX1 in the MT circuit is applied
to supply heat for the defrosting of evaporators through a brine circuit.
The HT circuit supplies extra heat through HX5 during winter conditions
when the setpoint temperature of the radiator/floor heating circuit is

e -I—v
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Fig. 1. Schematic drawing of the R744 heat pump and chiller unit including thermal storage and secondary system with control points for simulations.
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elevated. MV5 is, in these instances, closed towards the MT circuit to
prevent elevated return temperatures towards GC2. An additional
modulating valve (not included in Fig 1) recirculates flow to reduce the
supply temperature to floor heating. Four air evaporators (50 kW at —15
°C) serve as the main heat source for the R744 unit. Alternatively, a HX
interface to the chilled water circuit (HX6) can be employed for heat
recovery if AC is needed. The chilled water supplied through HX6 is used
to supplement the existing AC chiller unit, and is thus only applied as an
auxiliary function during heat generation.

The DHW subsystem consists of several tanks in series with a com-
bined volume of 6 m®. The DHW system control is characterized by two
distinctive modes of operation: DHW charging and non-charging mode.
During non-charging mode, the majority of the heating load is allocated
to the MT circuit to cover the moderate temperature demands, e.g. ra-
diators, floor, and ventilation heating. Excess heat is supplied to the
DHW subsystem. During DHW charging, water is drawn from tank No.
10 and passes through the preheat and reheat section. Hot water is
stored and moves through the series of tanks as the buffer is gradually
charged from tank No. 1 to No. 10, with the same strategy as described
by Minetto [24]. The thermal storage is fully charged when the normally
stratified storage reaches a high and uniform temperature. During
discharge, water is drawn from tank No. 1 and is mixed in the modu-
lating valve, MV3, with cold water to a temperature of 55 °C before
entering the hot water supply line.

3. Methodology
The research strategy consisted of four primary steps:

1. Collecting thermal energy demand profiles from the hotel, which
includes profiles for DHW, ventilation heat, heat for radiators, and
AC cooling loads. Recorded ambient temperatures and evaporator
defrost load (DF) profiles were also included in the analysis.

2. Developing a dynamic simulation model of the hotel’s thermal sys-
tem in Dymola, including the R744 unit and all secondary hydronic
systems.

3. Simulating various seasonal scenarios to validate the model ac-
cording to variations in load, setpoint temperatures, and modes of
operation.

4. Implementing a low load charging strategy and investigating po-
tential benefits through simulations.

These steps are described in detail in the following sections.
3.1. Data management

Climate and operational data were collected and used as input in the
numerical model. Ambient temperatures, T,, were obtained from the
Norwegian Meteorology Institute Database and applied to the model.
The annual average temperature for the first year of operation was
recorded to be 6.8 °C. Field data from the hotel have been obtained via
the web-monitoring software IWMAC [19]. The measurements are not
logged at specific time intervals, but rather when a change in a sensor
value is registered. Therefore, the recorded data points are regarded as
constant step values within the specified time interval until the next
recorded value. The hydronic system is instrumented with temperature
sensors and mass flow meters in every fluid branch. Moreover, heat flow
meters for secondary fluids are installed at every heat exchanger. Due to
the absence of an energy meter in the DHW supply line, the consumption
load and mass flow rate were calculated using the energy balance
equation on the DHW subsystem, as described in Smitt et al. [35]. Heat
losses from the storage tanks were accounted for in the DHW demand
profile.

All input variables have been resampled and the weighted averaged
value over 20 min were applied to the model. The weighted average, v,
was calculated using Eq. 1:
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where v; is the value of the variable, v, over the time interval ;. The
length of the time interval was selected as a trade-off between accuracy
and model computational time. All model inputs were interpolated
using Steffen Interpolation, such that the monotonicity is preserved and
the first derivative is continuous [36].

3.1.1. Performance indicators

Key performance indicators were defined to validate the model and
to evaluate the DHW charging strategy for different seasonal scenarios.
The R744 unit heating SCOP, SCOPy, [-], is defined as the sum ratio of
the total heat load to the electricity necessary to provide the heating
functions, as shown in Eq. 2:

(S Qocr + [ o)

O S (W + W)

©)]

where Wmmp and Wians [KW] represent the combined electricity con-
sumption for all compressors and evaporation fans, respectively.

The R744 unit heating and cooling SCOP, SCOPyp [-], is defined as
the ratio of useful thermal load to the total electricity consumption
necessary to supply the thermal load, using Eq. 3:

E(fQG(‘l +fQG<‘2 +fQAC)

SCOPyp = - - - -
S (S Weomn + J Wns + | Woanps + [ Worwr)

3

WpumpS and Qac [kW] represent the total pump work in secondary
systems and the AC cooling load, respectively. Waux,el [kW] represents
the electricity consumption for auxiliary systems, such as control sys-
tems, which were not included in the simulation SCOP evaluation.

SCOPy [-] is defined as the SCOP for the entire integrated thermal
system, including the R744 unit, secondary systems, and the electric
boiler. SCOP; is the ratio between supplied thermal load and total work
[kW] over a specific period of time, as shown in Eq. 4.

SCOP,,, =
= (foeas fouert foucs fon) Q)
2( f Weomp+ f Wians+ f Wamps+ f Wosel+ f W,,)

Qg1 and Wy, [kW] represent the heat and power associated with the
operation of the electric boiler, respectively.

3.2. Numerical model

A detailed model of the entire thermal system was created in the
Modelica object-oriented programming language. The programming
environment, Dymola 2017, was used to simulate the model. The stan-
dard solver, DASSL, was applied for this investigation [8]. Construction
of the model was achieved by using components from the commercially
available thermodynamic library TIL-Suite 3.5, developed by TLK-
Thermo GmbH [39]. TIL-Media 3.5 library was applied for the simula-
tion of the fluids used in the model, which includes refrigerant R744,
water, glycol, and dry air [40]. The TIL extensions are advanced libraries
for transient simulations of fluid systems and are especially applicable
for heat transfer modeling purposes, i.e. heat pumps, refrigeration,
cooling, and heating systems. Among the components that are included
in the library are compressors, pumps, valves, and heat exchangers. The
components are connected in the oriented physical modeling interface,
Dymola, to construct complex models. External data for boundary
conditions, heating, and cooling loads were imported to the model, as
illustrated in Fig. 2.
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Fig. 2. Outline of numerical model with external inputs.

3.2.1. Components

The R744 unit consists of four parallel compressors that are con-
nected to the 25 L suction accumulator. One compressor is equipped
with variable speed drive (VSD) while the rest is controlled by on/off
power supply. All compressors were modeled by their swept volumes, as
well as correlations for circulated mass flow rate and electric power
consumption based on the data published by the manufacturer. Corre-
lations for each compressor were implemented in the model as a func-
tion of suction and discharge conditions, in addition to the rotational
speed of the frequency converter (for the VSD compressor) [27]. The
operation of the oil return system and the influence of oil in the refrig-
erant were neglected.

Table 1 lists thermal system components and specification, which
were applied in the simulation. The components are labeled in reference
to Fig. 1.

The R744 high-pressure valve, EV1 in Fig. 1, was modeled using an
orifice-valve, where the Bernoulli equation was applied to calculate the
mass flow rate as a function of pressure difference. An ideal separator
with a volume of 340 L was applied to model the liquid receiver. Each
evaporator was modeled as fin-and-tube cross-flow heat exchangers, as
specified by technical data provided by the manufacturer. Constant fin
efficiency was assumed and the heat transfer coefficient on the refrig-
erant side was estimated to 2500 W m? K~ !. The fan power was
formulated as a function of air volume flow through each evaporator.

The gas coolers and the heat exchangers in the hydronic circuits were
implemented using plate heat exchanger models from the TIL library.
The pressure drop in each heat exchanger was approximated using
quadratic correlations formulated based on nominal pressure loss at
nominal volume flow rate [43]. The heat transfer coefficient for the
refrigerant in the gas cooler was estimated to 3000 W m? K~?, while the
VDI Heat Atlas correlation for chevron plate heat exchangers was
applied to calculate the coefficient of heat transfer for the single-phase
fluids [23]. The gas coolers (GC1 and GC2) were modeled as brazed
plate heat exchangers for extreme high-pressure requirements, while the
single-phase heat exchangers (HX1-HX5 in Fig. 1) were modeled as
standard brazed plate heat exchangers. Each heat exchanger was

specified according to the number of plates, thickness, length, and
width.

External demands were implemented using thermal heat boundaries
with specified time-dependent input variables, as discussed in Section
3.1. A closed brine circuit was implemented to simulate the heat
transport from the MT circuit (HX1 in Fig. 1) to the evaporators during
defrosting. Consequently, the specific mechanisms related to frost for-
mation in the evaporators were not evaluated. The electric boiler was
modeled as a heat boundary, in which the amount of load supplied
through the boundary was determined based on specified setpoints.

The DHW subsystem was included in the model as a water circuit
with 10 hot water tanks in series. Each tank was modeled as a tube
element of approximately 600 liters (I.D. x H = 0.325m x 1.8 m). Five
stratified temperature layers were included in each tank to approximate
the water stratification from top to bottom. The inlet of each tank is
located at the top, which is connected via the bottom of the next tank in
the series. Water enters the top of each tank element during charging
and the stratified water layers are pushed towards the last tank in the
series (tank nr. 10). Water is drawn from the top of each tank and
directed towards the supply line, rmpuw-_s, during discharging of the
storage. mpuw-—s is displaced with +0.2 kg s'asan approximation for
the circulation in the hot water line. The hot water, which is circulated
back to the subsystem from the hotel (fipuw-_g), was assumed to have a
temperature of Tpyw_s — 5 K and a mass flow rate of 0.2 kg s~!, on the
bases of analysis of the system during periods with negligible hot water
demands. A mass flow boundary (riicw) supplies cold city water to the
subsystem. The city water is assumed to maintain a temperature of 8 °C.
All pumps, standard valves, and three-port valves were implemented
using standard components from the TIL library and are controlled with
proportional integral (PI) controllers.

3.2.2. Control

The control scheme of the R744 unit and secondary systems have
been implemented according to specifications supplied by the system
manufacturers. However, control of the high pressure, compressors, and
evaporators have been approximated for simulation purposes. The high

Table 1
Thermal system components and specifications.
Component Label Model/type Specification
Compressors c1,c2 4FTC-30 K (C1 with VSD) Swept volume: 17.8 m®h~! at 50 Hz
C3, C4 4DTC-25 K Swept volume: 21.2 m®h ! at 50 Hz
Heat exchangers GC1, GC2 High-pressure rated brazed plate HTA: 7.6-16.6 m?
HX1 - HX6 Standard brazed plate HTA: 2.8-11.0 m?
Evaporators CXGHN HTA: 561.9 m?, tube volume: 0.157 m®
Pumps P1-P10 In-line centrifugal pumps (VSD) Capacity: 4.5-21.9 m/h at 50 Hz
Temperature sensors Tx NTC10/TP500 Accuracy: & 0.2 K/ + 0.15 +0.002 T
Pressure sensors Py Pressure transmitter Accuracy: + 0.3% at full scale
Mass flow meters Ty Oscillator mass flow meter Accuracy: Class 2
Energy meters Qx Oscillator mass flow meter, TP500 Accuracy: Class 2

HTA: Heat Transfer Area.
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pressure controller regulates Pgc in Fig. 1, where a temperature
approach of 2 °C between Tgc and Ty is applied. The maximum and
minimum gas cooler running pressure is 100 and 60 bar, respectively.
The operating pressure is divided into operating zones, according to the
principles described by Gullo et al. [16].

The model is equipped with four air evaporator components that share
the same control logic. Initially, one evaporator is applied when the R744
unit is activated and the compressors are turned on. The thermostatic
expansion valve of the active evaporator, e.g. EV2 in Fig. 1, continuously
modulates the opening degree to meet the setpoint for superheating at the
exit of the evaporator. The air volume flow rate is controlled by the fan unit
toreach a specific temperature difference, AT, through the evaporator. AT
is dependent on T, and is regulated in a range from 3 to 5 K. The number of
active evaporators is determined based on fan capacity. Initially, one
evaporator is activated during start-up conditions. An additional evapo-
rator is applied if the fan capacity (0 to 100%) of the current evaporator(s)
exceeds 80% for more than 5 min. If the fan capacity for the active evap-
orator(s) is below 20% for more than 5 min, one evaporator is deactivated.
The is also the case during defrosting operations. All evaporators are
deactivated at the same time when the heat pump is inactive.

The control of the compressor rack consists of two separate schemes
to manage (1) the requested heat load and (2) the operation of the
compressors. The modeled controllers are based on the specification
published by the manufacturer. The requested load ratio is used as the
controlling parameter for the activation of the different compressors. The
compressors are employed according to the combination of active com-
pressors that satisfies the requested load. The control logic to determine
the requested heat load ratio from the building is shown in Fig. 3.

The requested heat load is calculated based on measured signals from
the modeled system. The control scheme continuously ensures that the
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Fig. 3. Simplified decision tree control logic to determine requested
compressor load ratio. Safety regulations are not included.
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system setpoints, e.g. ventilation and radiators supply temperatures
(Tyu and Tgry in Fig. 1), are satisfied by adjusting the requested load
accordingly. When the thermal storage requires charging, the requested
heat load ratio is increased and adjusted further if the conditions in
Fig. 3 are not satisfied. The heat load during charging is determined
based on the temperature difference across the storage. The requested
compressor load ratio is boosted if the temperatures in the storage tanks,
T; to Tqp, do not increase towards the setpoint. This is illustrated in
Fig. 3 by the sub-process during the DWH charging mode.

3.3. Simulations

Three different weeks of operation were selected to validate the
model based on weather conditions that demonstrate the different sea-
sonal performance of the system: nominal (spring and fall), winter, and
summer. The heating and cooling demands for the different weeks are
shown in Fig. 4. It should be noted that the demands applied to the
model are equal to the loads in the real system. The operational char-
acteristics of the different representative seasonal scenarios are listed
below and discussed in detail by Smitt et al. [35]. Only supplied cooling
energy from the R744 system have been included in this analysis, as
cooling energy from the auxiliary chiller unit is not logged. Information
regarding minimum, maximum, and average demands along with
ambient temperatures are listed in Table 2.

e Nominal week (October 1825t 2018): Moderate and fluctuating
space heating demands. High AC cooling load due to indoor setpoint
temperature adjustments. This week represents seasonal operations
from September through October, and April through May.

Winter week (January 15%-22" 2019): High heating demands cor-
responding to low ambient temperature. The operation characteris-
tics for the week are representative of system operations from
November through March.

Summer week (May 18-25th 2019): Characterized by low heating
demands and moderate AC cooling demands. Relative low AC cool-
ing loads when compared with nominal and winter weeks, as a result
of high evaporation temperatures. Due to high ambient tempera-
tures, summer week is representative for the period of June through
August.

The model has been validated with the collected operational data
from the specific periods, which characteristics are listed in Table 2.
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Fig. 4. Measured energy demands for the representative seasonal weeks.
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Table 2

Demands and temperature characteristics for representative seasonal scenarios.
Case name/variable Nominal Winter Summer

Max Min Avg Max Min Avg Max Min Avg

Qun [kW] 66.8 1.0 27.6 119.7 2.4 65.8 85.5 1.0 5.3
QR“ [kW] 23.5 1.0 8.7 45.4 1.9 23.3 47.8 1.0 1.7
Qac [kw] 25.6 1.0 14.6 15.0 9.0 13.1 25.1 1.0 6.4
Qor [kw] 88.0 1.0 12.4 72.6 1.0 10.9 107.6 1.0 12.8
Qpnw [kw] 229.6 6.4 76.3 207.6 8.1 66.9 251.8 4.5 55.6
Ta [°C] 10.9 2.5 6.3 0.8 -12.6 -5.3 239 7.0 15.8

A minimum requested load limit of 1 kW is applied to all inputs for computational purposes.

4. Results and discussion
4.1. Model validation

Transient simulations were conducted for the three representative
weeks that reflect the seasonal variations in operating conditions to
illustrate the model validity. Table 3 lists the measured demands
(weekly integrated) and error related to the simulated supplied loads.
The R%values and relative root mean square error (RRMSE) values for
hourly results are also listed in the table and have been calculated as
described by Despotovic et al. [9]. The simulated relative error for
weekly supplied energy is below 8% for all loads in all scenarios. This is
acceptable according to D’Agaro et al. [6], which found that a relative
weekly error below 10% for supplied energy is sufficient to validate a
transient model for an integrated R744 system with storage.

The simulated supplied heat energy shows high accuracy in terms of
hourly RRMSE-values of less than 10% [2]. All R%-values are above
0.743, which is in same range as other validations of transient thermal
systems [31,32]. However, deviations occur between the measured and
simulated values for the cooling energy, AC in Table 3. The variations
are reflected in the hourly RRMSE-values for this variable, which have a
range of 17-18% for the summer and nominal scenarios. The reduced
accuracy for the simulated AC energy is explained by the on/off acti-
vation of the heat pump, which is controlled by the heating demand, as
explained in Section 2. The setpoints are not always met in the real
system, and thus activation of the heat pump does not always trigger
according to the constraints specified by the manufacturers, as discussed
by Smitt et al. [35]. In the modeled system, control of the heat pump is
limited by the model constraints and responds directly to these. Thus, a
larger portion of the AC cooling energy is recovered during the winter
simulation, as the total heat load provided by the simulated system is

Table 3
Comparison between monitored and simulated energy values.
Case Variable ~ Measured Relative RRMSE R?
weekly [kWh] weekly error hourly [%] hourly
[%] -]
VH 4640 —0.005 0.101 1.000
DF 1472 —0.012 0.184 1.000
Nominal AC 2451 —6.101 18.674 0.746
DF 2082 —0.014 7.916 0.997
DHW 12823 —3.829 9.387 0.993
VH 11054 —0.007 0.133 1.000
RH 3911 —0.001 0.026 1.000
Winter AC 2200 0.008 0.115 0.996
DF 1878 —0.002 0.173 0.999
DHW 11214 —0.360 8.088 0.990
VH 2171 —0.064 1.010 1.000
RH 427 —0.662 6.296 0.999
Summer AC 1116 —7.981 17.044 0.950
DF 973 —0.025 4.252 0.991
DHW 9332 4.827 4.825 1.000

larger for this scenario.

The total delivered heat energy from the heat pump on a daily basis is
shown in Fig. 5, in which the R%value for measured and simulated
values is 0.958. Fig. 5 illustrates a slight overestimation of supplied heat
from the thermal system, despite the low deviations displayed in
Table 3. This behavior is reflected in the simulated SCOPs for the hotels’
entire thermal system in Table 4, SCOPy,, which is underestimated for
both the nominal and the summer scenario. Hence, a larger portion of
the heat supplied to the hotel is covered by the electric boiler in these
simulations. The opposite is true for the winter scenario, where the
values in Fig. 5 are slightly underestimated. Thus, the SCOP, is higher
than the measured value for the winter simulation.

All simulated SCOPs for heating, SCOPy, are lower than their coun-
terpart measured values. A similar trend is observed in the SCOPs for the
entire R744 unit, SCOPyp, for the nominal and winter scenarios. Thus, it
can be concluded that the simulated performance is slightly lower when
compared to the real system. However, when accounting for the un-
certainties, a majority of the simulated SCOPs are within the measure-
ment range of error. All simulated SCOPs are comparable to the
measured values and within a relative error range of 8.5%. In addition,
the simulated SCOPs illustrate the same seasonal variations as the
measured values. Thus, it can be concluded that the modeled system is
satisfactory in characterizing the behavior of the real system.

4.2. Low load domestic hot water charging strategy

The DHW charging strategy is a key influencing factor on the overall
system performance, as discussed in Section 1. On an annual basis, more
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Fig. 5. Measured and simulated total heat energy supplied to the hotel per day
for different seasons.
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Table 4
Comparison between monitored and simulated SCOPs for the selected seasonal scenarios.
Case name/Variable Nominal Winter Summer
Measured* Simulated  Relative error [%] Measured* Simulated ~ Relative error [%] Measured* Simulated  Relative error [%]
SCOPy, 3.05 + 0.17 2.81 7.87 2,45+ 0.14 2.39 4.02 3.30 +£ 0.19 3.24 1.82
SCOPyp 3.23 +0.18 3.15 2.48 2.63 +0.16 2.60 1.14 3.34 +0.21 3.57 6.89
SCOP ¢ 3.21 +0.34 3.12 2.80 2.37 £0.25 2.49 5.06 2.97 + 0.31 2.72 8.42

* The range of uncertainty for the measured SCOP-values are described by Smitt et al. [35].

than 52% of the heat energy in the hotel is allocated to DHW heating
[35]. Thus, improving the DHW strategy can have a significant influence
on the overall system performance. With the current charging strategy,
illustrated in Fig. 3, it was discovered that the DHW storage capacity of
6 m® occasionally is insufficient. The heat supplied to DHW is in these
instances compensated by the boiler. Also, DHW charging mode can
negatively impact the overall performance of the thermal system,
especially during operations with low T, and high loads, resulting in
high return temperature, Tg, from the secondary system. Implementing
a strategy that supplies heat for longer periods of time at low loads can
reduce fluctuations and high return temperatures from secondary sys-
tems during DHW charging mode. Thus, improving the operating
strategy could have a positive influence on the overall system
performance.

A low load charging (LLC) strategy was established and incorporated
in the model to investigate its influence on the overall system efficiency.
A simplified decision tree describing the outline of the control strategy
algorithm is shown in Fig. 6. The principle of the proposed control
strategy is to reduce the return temperature from the secondary system
by limiting supply temperatures to the building during DHW charging.
In contrast to the current charging strategy, this entails constantly
insuring that setpoints are met, and to adjust compressor load accord-
ingly to minimize the heating load and peak power utilization. This
achieved by establishing a high limit for the different temperature
supply sensors, such as Try and Tyy. When the temperature exceeds this
limit, the requested heat load ratio is reduced if all other conditions are
within acceptable limits.

4.2.1. Results obtained when applying the low load charging strategy

Simulations have been conducted for the three specified seasonal
representative weeks, in which the LLC strategy has been implemented
to evaluate the influence on the overall system performance during
different operating conditions. The inputs used in the LLC simulations
were identical to the baseline cases, which were described in Table 2 and
Fig. 4. All results obtained with the LLC strategy are related to the results
obtained with seasonal baseline scenarios presented in Section 4.1.

The SCOPs and energy savings obtained with the LLC strategy are
shown in Fig. 7. It can be observed that there is an increase in SCOPy, [%]
during the nominal and the winter scenarios by 6.6 and 4.5%, respec-
tively. When evaluating SCOPy, for the summer case, the impact of the
LLC strategy is distinctively negative. Similar results were obtained for
SCOPyp for all seasonal cases.

The SCOP for the entire thermal system, SCOPyy in Fig. 7, demon-
strates the beneficial effects of applying the LLC strategy. The largest
improvement in overall performance is achieved for the summer case, in
which a 23% increase in SCOPy is achieved. When comparing the
values of SCOPyp and SCOP;y in Table 4, it can be concluded that the
electric boiler covers a large part of the heat during the baseline summer
case. This is due to operational restrictions that require the R744 unit to
reduce the compressor load at high gas cooler outlet temperatures (>45
°C), due to compromised efficiency. Consequently, DHW production by
the heat pump is significantly reduced in the baseline case, as the heat
pump operates at temperatures above the threshold.

Table 5 shows the share of active operation, ON%, of the R744 unit
for different cases. For the summer cases, the active operational time is
increased from 72.1 to 93.5% when applying the LLC strategy. Thus, the
heat pump can cover a larger portion of the heating demand during
summer than the baseline. The strain on the system is also reduced as the
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Fig. 7. Simulation results showing relative SCOP},, SCOPyp, SCOP, and energy
savings in relation to seasonal baseline for nominal, winter and sum-
mer operations.
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Table 5
Results for the control logic comparison of baseline cases and low load charging
strategy implementation.

Case Control strategy ON/OFF cycles [-] ON% [%] Tr[°C]
Nominal Baseline 33 92.4 335
Nominal LLC 1 99.7 30.7
Winter Baseline 0 100.0 28.4
Winter LLC 0 100.0 26.6
Summer Baseline 86 72.1 33.9
Summer LLC 13 93.5 34.5

number of ON/OFF cycles is decreased from 86 to 13 in the summer
case. However, such a strategy results in an increase of the return tem-
perature from the hotel, as illustrated by Tg in Table 5. The elevated
return temperature during summer operation is explained by an
increased supply temperature when applying the LLC strategy. During
the baseline case, return temperatures exceed the established limit for
Tg. The response of the thermal system is to rely solely on boiler heat,
supplied at lower temperatures. Thus, an increase in Tg is observed
during the LLC summer case. However, the range of operation of the
R744 system is increased when applying the LLC strategy. As a result,
SCOPy, and SCOPyp are reduced for the summer case when applying LLC
strategy. Thus, a trade-off occurs between high R744 system perfor-
mance and overall system performance. The LLC strategy improved the
SCOPyy¢ during the nominal and winter week with 9.6 and 7.7%,
respectively. This result can be significant for R744 heat pump appli-
cations in cold climates, as these two scenarios represent the largest
period of annual operations, from September through May.

The energy savings obtained with the LLC strategy in Fig. 7 exhibit
the same trends as SCOPyy. A 13.2% increase in savings is observed
during the summer week when applying the LLC strategy in comparison
to the baseline scenario. The nominal and winter scenarios demonstrate
energy savings of 5.8 and 7.5%, respectively. If the results are extrap-
olated to annual operation, a 8.4% increase in energy saving is achieved
when applying the LLC strategy. Thus, a significant increase in energy
savings of integrated R744 heat pump systems can be realized by
reducing the load and stabilizing the system operations.

The peak power utilization is analyzed to illustrate how the LLC
strategy can benefit R744 heat pump operations beyond an increase in
SCOP and energy savings. Fig. 8 demonstrates how the daily power peak
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Fig. 8. Demonstration of mean and peak power results for baseline and low
load charging strategy for the nominal case (20" October).
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is reduced relative to the baseline scenario. The maximum peak recor-
ded for that specific day is reduced by approximately 12 kW with the
LLC strategy. The weekly mean power usage for the nominal case is
reduced from 45.0 to 39.3 kW.

The results for power and total R744 electricity usage for all seasonal
cases are listed in Table 6. The smallest reduction of mean power usage
occurs in winter case, due to the magnitude of the heating demand.
However, the application of the LLC strategy for the summer case results
in a mean power reduction of 14 kW or 5% of the installed heating ca-
pacity. Similar reductions are obtained in the standard deviation (SD) of
power usage, which illustrates the R744 system operational fluctuations.
The SD for power usage is reduced significantly for both the nominal and
summer cases. Additionally, a reduction in total electricity usage can be
observed in all cases.

The electricity usage at high loads are listed in Table 6 and is defined
as the amount of supplied electric energy [kWh] at values above the
mean weekly power usage [kW] for that specific week. A noticeable
reduction in electricity usage at high loads can be observed in com-
parison to the respective baseline scenarios. Thus, the benefits of the LLC
strategy are considerable in terms of stabilizing the operation of the
thermal system. To evaluate the reduction in peak power usage, the
maximum power peak every 24-h was recovered and averaged for all
cases, as illustrated by Fig. 8. The largest peak power reduction is ach-
ieved during summer operations, where a 32.5% reduction is gained. For
the nominal and winter cases, peak power reductions of 14.3 and 21.2%
were achieved. Based on the results in Table 5 and Table 6, it can be
concluded that operational fluctuations are decreased when applying
the LLC strategy, as a result of reduced peak power utilization and on/off
cycles. Excessive power usage represents a significant operational
expense due to peak power tariffs established by the power companies,
as reported by Chua et al. [3]. Implementing an LLC strategy that aims to
reduce peak power usage will have positive consequences beyond
increased energy savings. Meeting the increasing power demand is a
large challenge for power networks and suppliers. It is necessary to
apply demand-side management of power utilization to ensure suc-
cessful implementation of smart grids technology [14]. A heat pump
system with thermal storage offers a high degree of operational freedom,
which can reduce electricity peak usage and decoupling electricity
consumption from heat demand. Applying an LLC strategy that aims to
reduce power usage, therefore, offers benefits beyond reduced opera-
tional costs.

5. Conclusions

Heat pump and refrigeration systems with low global warming po-
tential refrigerants are unarguably necessary to reduce global warming
and to reach the 2-degree goal of the Paris Agreement. Thus, new areas
of application for natural refrigerants must be identified, such as inte-
grated R744 systems in hotels. The findings in this paper can be applied
to improve system performance in current and future installations of
R744 integrated systems in hotel buildings.

The thermal storage enables a high degree of operational freedom for
heating and cooling systems. Utilizing the buffer capability that the
storage provides, by applying a low load thermal storage charging
strategy, can highly influence overall system performance. The
following conclusions can be made based on the numerical in-
vestigations of the charging strategy.

e Low load charging of the DHW storage for longer periods of time has
a positive influence on heat pump SCOP at low ambient tempera-
tures, eg. spring, fall, and winter. However, the heat pump SCOP,
SCOPyp, is reduced in the summer case due to high return temper-
atures from secondary systems. Thus, the low load charging strategy
is more applicable in cold-climate conditions in terms of SCOPyp.
Yet, the total thermal system performance, SCOP;, is improved for
all representative scenarios. The largest improvement of SCOP;; is
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Table 6
Comparison of electricity and power usage of R744 unit with the LLC strategy.
Case name/Variable Nominal Winter Summer
Baseline LLC strategy Baseline LLC strategy Baseline LLC strategy
Mean power usage [kw] 45.0 39.3 68.9 63.7 39.0 24.8
SD power usage [kW] 22.3 12.7 25.8 16.9 23.6 11.4
Total electrical usage [kWh] 6982 6577 11573 10706 4726 3890
Electricity usage at high loads [kWh] 1665 906 1825 1191 1742 804
Peak power* [kw] 79.0 67.7 118.3 90.9 75.3 50.8
Peak power reduction [%] - 14.3 - 23.2 - 325

* Maximum peak power is recorded over 24 h and averaged over one week.

achieved in the summer case, where a 22.6% increase is gained when
applying the low load charging strategy.

Energy savings in the range of 5.8-13.2% are achieved when
applying the low load charging strategy to the different seasonal
scenarios. The application of the back-up boiler is reduced as the
R744 system is operating for longer periods of time. An annual en-
ergy savings of 8.4% can be obtained by applying the low load
charging strategy.

Peak power usage is reduced within the range of 14.3-32.5% in the
different scenarios when applying the new charging strategy.
Though not evaluated in this paper, the decrease in peak power
usage represents a considerable reduction in operational costs. Sys-
tem fluctuations are reduced with the new charging strategy due to
limited ON/OFF cycles and high loads operations of the R744 unit.
Thus, the benefits of charging at low loads are considerable in terms
of stabilizing the operation of the thermal system.
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Abstract: The hotel sector is characterized by high thermal demands and a large carbon footprint,
which greatly contributes to the global warming effect. Consequently, there is a need to investigate
solutions that can reduce energy usage within this sector by means of environmentally friendly and
sustainable technologies. Integrated CO, heat pump systems for heating, cooling, and hot water
production in hotels have demonstrated promising results. This paper theoretically compares the
energy consumption, environmental impact, and cost of three different design concepts for integrated
CO; units equipped with thermal storage. The main characteristics of the evaluated designs are single-
stage compression, parallel compression, and ejector-supported parallel compression. Furthermore,
two separate hot water charging strategies were implemented and investigated over a large span of
ambient temperatures and loads. The evaluations were carried out by considering eight different
European locations, ranging from Scandinavia to the Mediterranean. The results revealed that the
ejector-supported parallel compression design was superior in terms of annual COP, which was
found to be in the range of 4.27 to 5.01 for the Scandinavian locations and 5.03 to 5.71 for the other
European locations. When accounting for investment cost and electricity prices, the payback period
at the Scandinavian locations was 6.3 to 7.7 years. Payback periods of 3 and 4.5 to 7.5 were obtained
for hotels located in the temperate and Mediterranean climates, respectively. The investigation also
revealed that the hot water charging strategy, rather than the specific CO, heat pump design, is the

least expensive measure to enhance performance.

Keywords: heat pump; system design; heating and cooling; hotels; CO,; thermal storage; numerical
modeling; concept evaluation

1. Introduction

Different actors are involved in a global and intersectoral effort to achieve the 2-
degree goal of the Paris Agreement by limiting CO, emissions through efficiency and
reduction of energy demands [1]. Energy use in buildings involves approximately 18% of
greenhouse gas emissions globally. A staggering one-third of these emissions are linked to
commercial buildings, such as hotels [2]. Similar numbers are given for Europe, with the
commercial sector being responsible for one-third of the total energy consumption and
related emissions in buildings [3]. Thus, measures to increase efficiency by improved
technology, management, and integration of demands in the hotel sector will significantly
contribute towards realizing the goals of the Paris Agreement. Estimations indicate a
potential in energy saving within the commercial sector of approximately 30% [4,5]. This is
particularly important as the tourism sector is estimated to increase by 3.8% annually until
2030 [6].

The dominant thermal demands in hotels include domestic hot water (DHW) produc-
tion, space heating (SH), and cooling, with the share between them depending on hotel
location or quality of construction (level of insulation), among other factors. For SH and
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DHW, Nordic hotels have been utilizing conventional thermal energy sources, e.g., electric
boilers with inefficient central systems [7], justified by relatively low electricity prices.
Within Europe in general, fossil fuel-fired boilers still represent the most applied heating
source [5]. In the past decade, district heating and cooling networks have gained solid
footing and are becoming important in Scandinavia [8,9]. Yet, separate chillers, i.e., vapor
compression units, are generally utilized to fulfill the cooling demands in hotels, even
if access to the district cooling network exists at the location. Heat pumps appear as a
suitable alternative to meet all the different demands with a single unit while boosting
energy efficiency and reducing operational costs. This is achieved through their principle
of operation of upgrading heat from one temperature level to another with a considerably
low input of work, namely, electricity. Furthermore, a recent five-year study of hotels
in Nordic countries has shown that the specific energy consumption in hotels with heat
pumps as the primary heat source is lowest compared to those using alternative systems,
such as electric boilers or district heating [10].

Heat pumps are vapor compression systems that transfer heat from a heat source at
relatively low temperature, e.g., air, water, ground, or chilling water loop, to a heat sink at
a higher temperature, such as a SH circuit or hot water tanks. Heat is transferred through a
fluid, i.e., refrigerant, which is circulated and adapted to the required temperature levels
by means of work input to a compressor. Refrigerant selection has been a hot topic in the
last decades, mainly as the historically favored synthetic refrigerants are, or have been,
responsible for significant environmental consequences, either destruction of the ozone
layer by CFCs (chlorofluorocarbons) and HCFCs (hydrochlorofluorocarbons) or global
warming by HFCs (hydrofluorocrbons). Natural refrigerants, such as ammonia, CO;,
and hydrocarbons, are widely utilized in different applications and have the potential to
replace synthetic refrigerants in heat pumps and chillers. The natural refrigerants were
among the first utilized in vapor compression systems and have negligible impact on the
environment, but can introduce challenges in terms of toxicity, operation at high pressure,
or flammability [11]. Natural refrigerants are competing for the niche of heat pumps with
the newly developed HFOs (hydrofluoroolefins), which fulfill the requirements of low
global warming potential (GWP) dictated by several national or international regulations,
e.g., F-gas in Europe. However, recent studies and reports have raised concerns regarding
the HFO’s decomposition product trifluoroacetic acid (TFA). Widespread and long-term
application of HFOs can result in TFA accumulating in drinking water, which can have
severe effects on human health and the environment [12]. In addition, a newly published
report demonstrates that one of the most applied HFOs (HFO-1234ze) in current use
ultimately decomposes partially into the refrigerant R23; one of the most potent greenhouse
gases known (100-year GWP of 14,800) [13]. Although a recent study predicts that HFOs,
HFCs and their mixtures will still have a significant market share as far as 2030 [14], it
could be agreed that natural refrigerants are the long-term solution, and among them
CO, (GWP =1) appears as a safe and sustainable choice for commercial heat pumps,
e.g., for hotels. CO; has had a success story in commercial refrigeration (centralized
units, condensing units, and plugins). Now, CO; is becoming a competing alternative in
other sectors, such as industrial refrigeration, due to factors like increased efficiency and
component size, reductions in operational costs (economy of scale), and legislation [15].

Due to its low critical temperature (31 °C), CO; applications were initially limited to
operations where heat rejection (condenser) would happen well below the critical point,
such as freezing in cascade refrigeration units. The implementation of CO; in heat pumps
and commercial refrigeration, which can operate with heat rejection or production above
COy’s critical temperature, was realized thanks to the investigations of Gustav Lorentzen
and his team. Lorentzen (1994) [16] presented the basic layout of a transcritical CO; heat
pump, based on a system with suction accumulator, high-pressure control through the valve
feeding the evaporator, and the application of a gas cooler in place of the condenser. At the
time, this unit was suggested as an efficient and environmentally friendly replacement of
R12 in mobile air conditioning (AC) [17]. Neksa et al. (1998) [18] stated that transcritical
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CO; heat pumps are suitable to produce DHW, as the temperature glide in the refrigerant
side of the gas cooler follows nearly perfectly the relatively large temperature difference
in the waterside, reaching up to 90 °C. Additionally, Neksa (2002) [19] mentioned other
applications for CO; heat pumps that, with the course of years, were realized, e.g., SH and
residential heat pumps and heat pump dryers. Stene (2005) [20] investigated the efficient
integration of SH and DHW to maximize the use of the gliding heat rejection of CO, heat
pumps. The concept is based on splitting the gas cooler into three parts connected in
series: the warmest and coldest parts to reheat and preheat DHW, and the intermediate
part to produce SH. Thus, it is possible to minimize CO, temperature downstream of
the gas cooler, reducing expansion losses and improving the performance. Tosato et al.
(2020) [21] performed an experimental and numerical investigation of a newly developed
CO; air/water reversible heat pump, intended for household applications. The system
was evaluated at a range of ambient temperatures (—2.0 to 11.2 °C), and at DHW setpoint
temperatures ranging from 60 to 80 °C. The results illustrated that the highest COP was
achieved at DHW setpoint temperature of 60 °C, due to an increase in DHW mass flow rate
through the gas cooler. However, charging time was significantly reduced in comparison
to when setpoints of 70 and 80 °C were applied. Dai et al. (2019) [22] suggested using
mechanical subcooling in CO, transcritical heat pump cycle to reduce the gas cooler outlet
temperature. They found that the primary energy consumption was reduced compared
to a conventional transcritical single-stage CO; heat pump, which resulted in additional
reductions in emissions of around 16%. Emissions were reduced by approximately 18-33%
and 62-69% compared to a coal-fired boiler and direct electric heating, respectively.

Another measure to increase the system efficiency of CO, heat pumps is simultaneous
production of DHW and cooling. Byrne et al. (2009) [23] investigated a CO, heat pump lay-
out for simultaneous production of heating and cooling aimed at hotels, luxury dwellings,
or smaller office buildings. The system design is based on a division of the gas cooler
into three parts: a DHW heat exchanger, a SH heat exchanger, and a subcooler that heats
water to defrost a backup air evaporator. This air evaporator is necessary to balance the
system when the space cooling demand is an insufficient heat source to achieve the heating
demand. The authors performed a numerical study to compare this heat pump architecture
operating with CO, and with R407C, and observed that CO; can outperform the HFC in
terms of environmental impact. Diaby et al. (2019) [24] is a continuation of the previous
work, as the authors present heat pump models for either simultaneous cooling, SH, and
DHW or desalination. The numerical results in both cases are satisfactory, and the authors
conclude that CO; is an exceptionally suited refrigerant for multipurpose heat pumps
compared to “standard” refrigerants. This statement is supported by the conclusions in the
study from Liu et al. (2016) [25], where the purpose of the heat pumps would be cooling
and heating processes in food processing industries. An experimental study of combined
AC and DHW production with a CO; heat pump is introduced in Adriansyah (2004) [26].
The results revealed a combined (heating and cooling) coefficient of performance (COP)
as high as 8 when all the heat available in the gas cooler can be recovered. Farsi et al.
(2016) [27] delved into the use of heat pumps for combined cooling and desalination,
and the authors indicate the potential of CO, to improve desalination. Moreover, energy
savings are maximized and the total annual cost is reduced when compared to separate
systems (CO; refrigeration system and a desalination unit using steam from a boiler run
with methane). Singh et al. (2020) [28] presented numerical simulations of a planned
installations of a 140 kW transcritical CO; heat pump for a centralized kitchen in Banga-
lore, India. The heat pump will preheat hot water to 90 °C for steam production while
supplying AC cooling for the entire building and utilizing thermal storage to compensate
for asynchronous thermal demands. Simulations illustrated that the system can achieve
a COP above 6 when operating in combined heating and cooling mode. The total energy
consumption is expected to be reduced by 33% compared to the current solution, which
will reduce yearly CO;.q emissions by about 300 tonnes.
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CO; heat pumps are increasing their presence in the portfolio of different manu-
facturers in Europe, in some cases adapting existing compressor packs for commercial
refrigeration. An example of this is shown in Smitt et al. (2020) [29], with a performance
analysis based on field measurements of a CO, heat pump for integrated production
of heating and cooling with a 6 m® thermal storage. The study evaluates how different
demands change during the specific year and how they affect the different performance
indicators. One of the main conclusions of this study is that COPs improve with DHW
charging (compared to SH only), meaning that DHW charging strategy is crucial to boost
efficiency. A later numerical study of the same system demonstrated how the energy
savings could be reduced with 5.8-13.2% for different seasonal scenarios when charging
the DHW storage at low loads [30]. Additional perks of applying the low load charging
strategy were reduced peak power usage, operational fluctuations, and ON/OFF cycles.

A dedicated and more complex CO; heat pump architecture is introduced in Tosato et al.
(2020) [31], including two-stage evaporation supported by ejector (heat source or AC
production, depending on operation mode). Results from a limited period in winter are
presented, indicating a good efficiency with DHW production and the benefit of developing
control strategies to minimize start and stops. The potential of evaporation in two stages
was not fully evaluated with the available data in Tosato et al. (2020) [31]. The first results
in summer mode for the aforementioned CO, heat pump were presented in Hafner et al.
(2020) [32], showing COPs around 5 when producing chilled water at 7 °C (from 11 °C)
and DHW at 60 °C (from 30 °C). The authors concluded that the potential of two-stage
evaporation with an ejector could not be fully utilized unless higher waterside temperature
differences are allowed in the evaporators.

In contrast to most of the previous articles and references, which analyzed or in-
troduced rather simple layouts for CO, heat pumps, this work presents sophisticated
architectures applicable for hotels, which are evaluated numerically with transient models.
These systems include ejectors, parallel compression, and combined air-to-CO, evapora-
tors/gas coolers, which can be applied as either heat source or sink. Load profiles are
established based on previous analysis of a medium-sized hotel, and the performance
is determined for each heat pump architecture and according to the climate of different
cities in Scandinavia. Additional locations in Central Europe and the Mediterranean are
included to evaluate the feasibility of such installations in warmer climates. Two separate
DHW charging strategies are implemented to evaluate the influence of charging strategy
in comparison to design with respect to performance. The sustainability of each design
is investigated in terms of annual global warming contribution at each location. An eco-
nomic evaluation is included to discuss whether these CO, heat pumps are cost-efficient
compared to more conventional approaches, including electric boilers and separate chillers
for AC cooling applications.

2. System Description

The approach of the integrated solution with CO, is to use a single unit with a
flexible design to supply SH, DHW, and AC within the building. The simplified schematic
of an integrated CO, unit with a standard single-stage compression (5C) is shown in
Figure 1. The main system components are four compressors, a gas cooler section for heat
production, AC evaporators, an intermediate temperature (INT) liquid receiver, and four
air evaporators that can be employed as gas coolers for heat rejection when surplus heat
is produced. The integrated unit is dimensioned to operate in the Scandinavian ambient-
temperature range, from —15 to 35 °C. In addition to SC integrated system design, which is
described in Section 2.1, two alternative system configurations are presented in Section 2.2
to investigate measures that can enhance efficiency. Note that ambient air has been selected
as the main heat source for all configurations. Superior heat sources, such as seawater
and boreholes, could be applied in place of ambient air. However, alternative heat sources
are highly dependent on the building’s specific location and would not be applicable
everywhere. As a result, air heat exchangers are applied in all system configurations.
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2.1. Design and Operation

Figure 1 illustrates the SC integrated CO, unit. The evaporation level consists of four
ambient air fin-and-tube evaporators and two glycol AC heat exchangers, which function to
supply the heating and cooling load, respectively. Simultaneous operation with both air and
glycol evaporators is limited, as SH and AC cooling loads are rarely concurrent. The cooling
demand of the building is realized by employing the plate evaporators, EVAPsc; and
EVAPc, in Figure 1, which supply chilled glycol to the AC units in the building. Each
evaporator’s thermostatic expansion valve controls the mass flow of CO; according to the
superheat at the exit of the respective unit. The mass flow of glycol is controlled to achieve
the AC setpoint temperature.

DHW SUPPLY
SPACE HEAT @
GCgy
Tn Gcnwn 2
°\
DHW STORAGE -
E
CITY o
WATER o
)4 Q@ Ne—

COMPRESSOR RACK 4

< -[><l<—
&1— _._\_
LIQuID Plahial-5 Iy ® % >
RECEIVER %— v
AC2 H><te
AC ] p><te
COOLING R

EVAPORATORS, EVAPR,r/
GAS COOLERS, GCar

Figure 1. Simplified representation of the standard integrated CO, concept, equipped with single-
stage compression (SC). High-pressure lines are indicated in red, intermediate pressure lines in
yellow, and low-pressure lines in dark blue.

The fin-and-tube heat exchangers are exclusively connected to either the high-pressure
side (red line) for gas coolers operation or the low-pressure line (dark blue) for evaporation
at low temperature (LT). The distribution lines through the heat exchangers are switched
between the different pressure levels, dependent on the mode of operation. Traditionally,
a design selection with separate evaporators and gas coolers is preferred for simplicity and
heat transfer considerations. However, due to advances within heat exchanger develop-
ment and operation, several suppliers offer combined units to reduce the investment cost.
The air heat exchangers are employed according to the heating demand of the building
when operating in evaporator mode. Airflow through the evaporators is controlled by
fans equipped with high-efficiency brushless DC motors. The CO; evaporation pressure
is controlled by the thermostatic expansion valves, which secure a superheat at the exit
of each evaporation unit. The superheat is fixed to a minimum, such that enhanced heat
transfer is achieved in the heat exchangers. The suction accumulator and the internal
heat exchanger, FGT and IHX; in Figure 1, respectively, ensure no liquid carryover to
the compressors.
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The CO, compressors remove vapor from the evaporator pressure level and discharge
it to the gas coolers at high pressure. The compressor rack consists of four parallel piston
compressors, in which compressor 1 in Figure 1 is equipped with a variable speed drive
(VSD). Compressors 2 to 4 operate at a fixed speed and are controlled by ON/OFEF, while
the VSD compressor continuously adjusts the compressor section capacity according
to demand. Thus, a broad range of capacities can be achieved by employing the VSD
compressor alongside various combinations of the fixed compressors. The number of
active compressors is determined based on the magnitude and combination of thermal
demands; typically, high SH and DHW demands at low ambient temperatures and high
AC cooling demands at high ambient temperatures.

The CO, gas cooler section is applied for heat recovery to SH and DHW, heat rejection
to the ambient, or as a combination of the aforementioned. When heat rejection to the
ambient is required, the directional valve, DV, directs the flow towards the air-cooled gas
coolers, GC,i;. The gas cooler section producing SH, GCgp, are in these instances bypassed.
The number of gas cooler units employed is determined based on the AC cooling and the
DHW demand.

The main CO; gas cooler section consists of three plate heat exchangers that supply
heat for DHW and SH. The temperature span of each heat exchanger is arranged according
to the transcritical temperature glide of CO; [20]. Preheating of the DHW takes place at
the lower end of the CO, temperature glide, in GCpnw,1, as cold city water enters the
heat exchanger. The DHW is further reheated to its setpoint temperature in GCpgw 2.
The modulating valve, MV, continuously controls the flow of CO, through GCppw to
reach the DHW setpoint temperature. Thus, the load distribution between GCppyy 1 and
GCpnw,2 automatically adjust according to the load and temperature profile of the mid
heat exchanger, GCsy. For instance, the majority of the DHW load is rejected through
GCppw,1 when the SH demand and setpoint temperature are high. During operations
with low SH demand, most of the DHW load is rejected through GCppw,2. This configura-
tion enables continuous low load production of DHW, which in turn reduces gas cooler
outlet temperature and enhances overall system COP [30]. The requested DHW heating
load is determined based on the energy reserve in the DHW storage, constituted by the
temperature and volume in the storage tanks.

The storage, which is shown in Figure 1, has a water volume of 6 m? and is comprised
of hot water tanks connected in series. The energy reserve is calculated based on the
temperature boundary across the storage. At times when the temperature in the storage
is low, a signal is sent to the DHW pump, P, to increase the mass flow and thus DHW
charging load. DHW enters the first tank in the series, T1, and the hot water boundary
gradually moves across the storage from right to left during charging. Cold water is
supplied from city water or drawn from the last tank, Ty, and is directed towards preheating.
The storage is fully charged when the last tank in the series, Ty, reaches a high and
uniform temperature.

The control of the high pressure is achieved with the high-pressure valve (HPV)
in Figure 1. The integrated unit typically operates in the transcritical region (above 73.8 bar)
to ensure the DHW setpoint temperature is reached. The maximum operating pressure of
the system is 105 bar. After expansion, liquid enters the receiver, which holds a pressure
between 36 to 50 bar. The receiver pressure is controlled by the flash gas valve, FGV,
and is regulated according to evaporating pressure. During operations with low ambient
temperature and high heating loads, receiver pressure is reduced to limit the vapor fraction
at the inlet of the evaporators.

2.2. Alternative System Configurations

Two alternative system designs are presented in Figure 2. Both configurations, (a) par-
allel compression (PC) and (b) ejector-supported parallel compression (EJ), introduce
compression from the liquid receiver at INT pressure level. Compressors 2 and 3 are
equipped with pivoting suction ports, which directions are controlled by DV3 and DVy,
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respectively. The pivoting suction port of the particular compressor refers to the possibility
of selecting the suction manifold connection and integrating it in either the LT section or
the INT parallel section. Thus, flexibility is significantly enhanced as the integrated system
can swiftly adapt the number of compressors assigned to a particular suction group [33].
Both pivoting compressors work in support of the LT base compressor at low ambient
temperature and high SH loads. During operational conditions with high ambient tem-
peratures and dominant AC cooling loads, the pivoting compressors are employed at the
INT level. Thus, the number of compressors employed at each pressure level is adjusted to
meet both heating and cooling loads without the need for additional compressors.
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b) Ejector-supported parallel compression (EJ)
Figure 2. Alternative design of CO, integrated system with (a) parallel compression (PC), and
(b) ejector-supported parallel compression (EJ).

Both configurations presented in Figure 2 are equipped with two AC evaporators,
which are applied to provide cooling in series at different pressure levels. EVAPsc is
installed at the INT pressure level and relies on gravity self-circulation from the liquid
receiver. The evaporator is installed below the liquid receiver and is fed through a liquid
column from the bottom of the receiver, creating a static pressure difference. The cooling
load is determined based on the chilled water mass flow rate and the INT pressure level.
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The parallel compressor section controls the latter in order to meet the total cooling demand
from the building. EVAP s, is installed at the LT evaporation level and ensures cooling of
the chilled water to setpoint conditions.

The HPV in Figure 2a is replaced by a ejector block in Figure 2b. The ejector is
connected to the high-pressure side and recovers the expansion work in the high-pressure
stream to lift the pressure of refrigerant from the LT pressure level. The vapor ejector
operates in parallel to the LT compressors and is installed downstream of IHX;, and so
provides a dual benefit. First, it ensures a high value of superheat at the suction port of
both the ejector and the compressor, which allows the evaporators to operate with a low
superheat. Second, additional cooling downstream of the gas cooler is provided to reduce
expansion losses. Typically, applications of ejectors demonstrate the largest benefits when
the gas cooler outlet temperature is elevated. Such a scenario transpires in both winter and
summer when either SH or AC cooling loads are high and DHW demands are low.

2.3. Operational Modes

The system designs have been established to provide flexibility and a high degree of
operational freedom independent of the specific mode of operation, e.g., summer and winter.

2.3.1. Winter Mode

The air evaporators shown in Figure 1, EVAP,;,, are employed based on SH demand.
Vapor is sucked from EVAP,;, through IHX; by the LT base compressors. The compressor
capacity is mainly controlled by the SH demand, as additional heat for DHW is continu-
ously recovered as a byproduct if needed. Neither of the AC cooling evaporators is active
during winter mode. For the the system solutions shown in Figure 2, parallel compressors
are employed to remove flash gas from the system and control the pressure of the liquid
receiver. The number of compressors employed at LT and INT pressure levels is determined
based on heating demand. Vapor from the liquid receiver is superheated in IHX; before
compression. The ejector in Figure 2b introduces expansion work recovery from the high
pressure level. Thus, a portion of the required compressor capacity is moved from the LT
section to the INT section, reducing the total work of the system.

2.3.2. Summer Mode

The base compressor capacity is controlled by the cooling load, as the LT pressure
is regulated to meet the requested AC cooling demand of the building. The mass flow
rate of chilled water is controlled to meet the setpoint at the outlet of the AC evaporators.
For the AC-chiller arrangements presented in Figure 2, two separate pressure levels are
used to chill down the liquid. After the first stage of cooling, chilled water from EVAPc
is directed to the second AC evaporator, EVAP( », for further cooling until the setpoint
is reached. EVAP s is installed in parallel to the air evaporators, which are generally
not employed during summer mode. The pressure of EVAP ¢ is controlled by the LT
base compression block, which during cooling mode operates 4 to 6 bar below the INT
level. The parallel compressor(s) will increase capacity and thus reduce INT pressure if
additional cooling is needed. Simultaneously, the AC chilled water pumps will increase
the mass flow rate through the heat exchangers. In the case of the ejector-supported system
displayed in Figure 2b, a large portion of the CO; is lifted from LT to the INT pressure level.

The DHW storage functions as the only useful heat sink to the system during summer
mode, as SH demand is lacking during high ambient temperature operations. If removal
of excess heat is needed, DV directs the flow towards GC,;, for rejection towards the
ambient air.

3. Methodology
3.1. Numerical Model

Detailed models of the thermal systems were created in the object-oriented program-
ming language Modelica. The programming environment Dymola 2018 was applied to
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simulate the models. The standard solver, DASSL, was used for the investigations [34].
Construction of the models was achieved by using components from the commercially
available thermodynamic library TIL-Suite 3.9, developed by TLK-Thermo GmbH [35].
The TIL-Media 3.9 library was applied for the simulation of the fluids used in the models,
which includes CO,, water, propylene glycol (30% mass fraction), and air with an assumed
relative humidity of 60% [36]. The TIL extensions are advanced libraries for transient simu-
lations of fluid systems and are especially applicable for heat transfer modeling purposes,
i.e., heat pumps, refrigeration, cooling, and heating systems. Among the components that
are included in the library are compressors, pumps, valves, and heat exchangers. The com-
ponents are connected in the oriented physical modeling interface, Dymola, to construct
complex models. Data for boundary conditions, such as ambient temperatures and thermal
demands, were externally imported to the model.

All investigated cases are equipped with four compressors, which were modeled by
their swept volumes. Correlations for circulated mass flow rate and electric power con-
sumption were implemented based on the data published by the manufacturer. The com-
pressor sizes were selected based on which combination of active compressors satisfied
all operating criteria in the investigated cases. Compressors 1 to 4a were defined based
on compressor model 4FTE-30K, with a swept volume of 17.5 m3h~! at 50 Hz. Compres-
sor 4b was modeled after type 4 TE-15K, with a swept volume of 9.3 m3h~! at 50 Hz,
and was implemented in the alternative system designs, i.e., PC and EJ. Correlations for
each compressor were implemented in the model as a function of suction and discharge
conditions, in addition to the rotational speed of the frequency converter (for the VSD
compressors) [33].

All expansion valves were modeled using orifice valves, where the Bernoulli equation
was applied to calculate the mass flow rate as a function of pressure difference. Modulating
and directional valves (MV and DV) were modeled using three-way linear directional
control valves, in which inlet mass flow is split into two flows, depending on the value of
the switching position. The opening of the valves is regulated by proportional-integral (PI)
controllers to reach their respective setpoints temperature. MV controls the flow of CO,
through GCppw 2 to reach a DHW temperature of 70 °C. MV, and MV3 are controlled to
ensure a superheat of 10 K at the suction line of the parallel and base compression stack,
respectively. The mass flow rate of each branch is calculated using a linear pressure drop
relation, which is formulated based on nominal pressure loss at nominal volume flow
rate [37]. Table 1 lists the characteristics and heat transfer area for the heat exchangers
applied in the models.

Table 1. Heat exchangers characteristics based on commercial available components.

Heat Secondary Heat Transfer
Label Exchanger Type Fluid Area [m?]
GCsyy Gas cooler Plate Water 16.87
GCpuw,1 Gas cooler Plate Water 5.07
GCpaw,2 Gas cooler Plate Water 2.73
GCAR Gas cooler Fin and tube Air 4 x 297.60*
EVAPAc1 Evaporator Plate Glycol 9.61
EVAPAc Evaporator Plate Glycol 7.67
EVAPAR Evaporator Fin and tube Air 4 x 297.60 *
THX, Internal heat Plate co, 0.85

exchanger
HX, Internal heat Plate CO, 175

exchanger

* Air-side heat transfer area, tube volume of 51.2 L.

The four air heat exchanger units, which can be applied as both evaporators and gas
coolers, are modeled in the same manner independent of operation. Each unit was modeled
as a fin-and-tube cross-flow heat exchanger. Haaf’s correlation [38] was applied to calculate
the air-side heat transfer coefficient. The heat transfer coefficient on the refrigerant side
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was estimated to 2500 W m~2 K~1. The fin efficiency of each unit was modeled after the
correlation by Schmidt [39]. In evaporation mode, the setpoint of the airflow through each
heat exchanger is controlled to maintain an evaporating temperature 4 K below ambient
temperature. Similarly, airflow is controlled to cool the temperature of CO, down to 4 K
above ambient temperature in gas cooler mode.

The gas coolers for SH and DHW production, AC evaporators, and internal heat
exchangers were implemented using plate heat exchanger models from the TIL library.
The pressure drop in each heat exchanger was approximated using quadratic correlations
formulated based on nominal pressure loss at nominal volume flow rate [37]. The cor-
relation for chevron plates developed by Huang et al. [40] was applied to calculate the
coefficient of heat transfer for the single-phase fluids in the gas coolers. This correlation
was also applied to calculate the heat transfer coefficient on the glycol side in each of the
two AC evaporators. An ideal separator with a volume of 300 L was applied to model the
liquid receiver.

The gas cooler pressure is regulated with the high pressure valve, HPV, in the system
configurations presented in Figures 1 and 2a. A PI-controller continuously regulates the
valve opening area to meet the setpoint for the high pressure, which is defined based on
operating zones, according to the principles described by Gullo et al. [41]. Additional
constraints, such as supply temperature for SH and DHW, are applied to ensure that
setpoints of the system are satisfied. The minimum and maximum gas cooler running
pressure is 60 and 105 bar, respectively. In the system configuration presented in Figure 2b,
the ejector is applied to control the gas cooler pressure. The ejector is modeled as a Multi-
ejector block based on type HP 2875, which consists of fixed-geometry ejectors of different
sizes, arranged in parallel within a block and which can be enabled or disabled according to
the operating conditions. The nozzle flow was modeled using correlations by Brennen [42]
and continuous control of the ejector opening degree was assumed. The ejector efficiency,
7, was defined according to the relations presented in Elbel and Hrnjak [43]. Furthermore,
the ejector efficiency was modeled by the use of the correlations given in Equations (1)
and (2), which were developed based on operational performance data made publicly
available from the manufacturer. The correlations are applicable for an ejector pressure-lift
range of 4 to 6 bar.

1 =a+bPy + Ty +dPy + ePu Ty + fTa, + gPa T + hPu Ty, +iT5, — Neorr (6 — Piigr) (1)

where T, [°C] and P, [bar] represents the motive temperature and pressure, respectively.
The pressure lift, Pj;f; [bar], is introduced and corrected for, within the limits of the pressure-
lift range, by the means of 7, given in Equation (2). Values for the correlation coefficients
applied in the equations are listed in Table 2.

Ucorr:a+me+CTm+dP31+€Pme+fTr2y,+gPr3y,+hP31Tm+ime§1 (2)

Table 2. Values of correlation coefficients for Equations (1) and (2), which were applied to simulate
the multi-ejector efficiency (developed for the range 46 bar).

7 (Equation (1)) corr (Equation (2))

a= 4258 a=—6839 x 1071
b=—7943 x 1072 b= 4743x1072
c=-1718 x 1071 c=—9.552x 1072
d= 3902x107* d=—7155x10"*
e= 0.378x1072 e= 1.688x1073
f=-1348 x107* f= 6161x107*
=-2334x107° g= 2996 x107°
h=—6288x10"°

8
h= 1.780x10"°
i=—2459 x 1075 i= —7.867 x 107
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3.2. DHW Charging Strategy

The DHW charging strategy is a key influencing factor to achieve a high overall
system performance in CO, heat pumps [29]. The thermal storage of 6 m3 provides a
buffer that enables a high degree of flexibility with regard to operating strategy. Two
different charging strategies, leveled and aggressive charging, are investigated to evaluate
the influence of thermal storage operation in light of design and overall performance.

3.2.1. Leveled Charging

Charging at reduced loads has the potential to limit return temperatures from the
secondary systems and, by this, enhance system performance. A control scheme that aims
to reduce DHW charging load and increase charging time has been formulated based on
the storage volume and the temperature span across the storage. The simplified decision
tree describing the outline of the leveled control strategy algorithm to determine the DHW
charging load at time i, L;, is shown in Figure 3.

Calculate Ejand Z; —>»< ;=747

A

DHW CONTROLLER INPUT
M T1v T2, Tn
M QDHW,usage
* QpHw,supply

Lmin [Minimum charging load [kW] =L Dy
Lmax |[Maximum charging load [kW] YES ! max
Ls |Change in charging load [kW] Li = Lmax YES
E; |Energy in storage at time i [kWh] NO
Z; |Storage zone Z(E;) at time i [-]
L |Charging load at time i [kW] Li=Li+Ls NO @

Figure 3. Simplified decision tree control logic to determine DHW charging load with the leveled
charging strategy.

The DHW storage is divided into six separate zones, Z, which are formulated based on
the maximum available energy reservoir of the storage,E,,x. For instance, zone 1 applies
when the DHW storage has a low temperature and, thus, no useful energy reserve. Zone 6
is reached when all tanks attain a temperature of 70 °C. The energy in storage at time 7,E;,
is calculated based on DHW controller input variables, which include the temperatures
across the storage, T; — Ty, the rate of energy entering, Qppw, supply, and exiting the storage,
QDHW’“WE. These values are attained directly in the simulations but could easily be
calculated in a real-life system as a function of measured mass flow rates and temperatures
of water entering and exiting the DHW storage tanks. The zone at time i,Z;, is further
calculated to determine L;. The minimum and maximum loads in which the heat pump
can actively produce hot water, L,,;, andL,y, are defined as 50 kW and 110 kW, based on
the load profile and the size of the heat exchangers. The step value in which the charging
load increases or decreases, Ls, is fixed to 10 kW.

3.2.2. Aggressive Charging

The aggressive charging strategy represents a common practice in regards to the
operation of DHW thermal storage’s [29,30]. The aim of the strategy is to charge the DHW
storage tanks periodically from low to high temperature, which results in charging over
several periods during the day, usually at high loads and intervals of 8 to 12 h. Typically,
the aggressive charging strategy is applied when DHW is produced through heat recovery,
e.g., from a supermarket, as the heat source is more available for particular hours of the
day [44]. In addition, heat pump operations with under-dimensioned thermal storage or
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excessive DHW demands will inevitably result in aggressive charging to meet demands.
The control logic for the aggressive charging strategy is shown in Figure 4.

Similar to the leveled charging strategy illustrated in Figure 3, six separate zones, Z,
are applied. Also, L,,;, and Ly, are defined as 50 kW and 110 kW, respectively. The starting
point of the algorithm for the aggressive charging strategy is when the energy in the storage,
E;, reaches its minimum, E,;;,,. The charging load, L;, is set to zero when the energy in the
storage reaches its maximum, Ej;y.

Calculate Ej and Z;

’iEmin’?
A

DHW CONTROLLER INPUT
* T, T2, T
* QDHW,usage
. QDHW,supply

Lmin [Minimum charging load [kW] L = Lmax
Lmax |Maximum charging load [kW]
Ls |Change in charging load [kW]
E; |Energy in storage at time i [kWh]
Z; |Storage zone Z(E;) at time i [-]
" — > Li=0 Li=L
L; |Charging load at time i [kW] i J ¢

Figure 4. Simplified decision tree control logic to determine DHW charging load with the aggressive
charging strategy.

3.3. Operating Range

The integrated CO, heat pumps have been designed with the aim of achieving high
performance through system flexibility. An ambient temperature span from —15 to 35 °C
has been selected to demonstrate different operating modes in a typical Scandinavian
climate. The assumed SH and AC cooling loads supplied by the heat pump at different am-
bient temperatures are listed in Table 3. The loads have been established based on thermal
demands of a medium-sized Norwegian hotel [29]. The setpoint curve for the SH water
temperature is dependent on ambient conditions and is shown in Figure 5. The dimension-
ing supply and return temperature of chilled water are 7 and 12 °C, respectively. The values
have been defined as per the industry rule-of-thumb for AC cooling in Scandinavia [45].

Table 3. Ambient temperature dependent space heating and AC cooling loads supplied by the
integrated system.

Ambient temperature [°C] -15 -10 -5 0 5 10 15 20 25 30 35
Space heatingload [kW] 180 180 140 100 80 60 40 O 0 0 0

AC cooling load [kW] 0 0 0 0 0 0 0 40 80 150 220
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Figure 5. Set point curve for hydronic circuit for space heating depending on ambient temperature.
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Four Scandinavian cities have been selected for comparisons, covering a broadest
range of temperature profiles. Included in the analysis are four cities located in Central
and Southern Europe to evaluate the warm climate performance potential of the designs.
The climate data were obtained with the software MeteoNorm 7.1 and is based on recorded
data from the period 1991-2010 [46]. The occurrences of ambient temperatures across a
standard year are shown in Figure 6. A temperature bin of +2.5 °C for given ambient
temperatures has been applied.

3000

: : T T T T
—<— Stockholm Winter mode <> Summer mode
—&— Copenhagen
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—b— Athens
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o
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-15 -10 -5 0 5 10 15 20 25 30 35
Ambient temperature [°C]

Figure 6. Number of hours per year at different ambient temperatures for the selected locations.

An hourly-dependent DHW demand profile is applied to the models to demonstrate
the DHW thermal storage charging and discharging. Figure 7 depicts the DHW demand
profile, which is repeated every 24 h. As for the thermal demands established for SH and
AC cooling, the DHW demand profile is based on recorded operational data presented by
Smitt et al. [29]. The city water temperature and DHW setpoint temperature are assumed
independent of ambient conditions and have been applied to the models as constant values
of 10 and 70 °C, respectively.

90
80
70
60
50
40
30
20
10

DHW demand [kW]

0 4 8 12 16 20 24
Time [hours]

Figure 7. Domestic hot water consumption curve for the hotel, which is applied to the models.

3.4. Performance Evaluation

The overall COP of the system, hereafter referred to as COP, is applied to evaluate the
performance of the system designs, and is defined in Equation (3):

Qsu + Qpaw + Qac
W

COP =

@)

where Qs , Qpuw and Qac represent SH, DHW, and AC loads, respectively, and W the
electricity consumption of the compressor(s). Which terms are included at the span of
ambient temperatures is given by Table 3. For instance, only the heating loads for DHW
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and SH are considered during winter mode. While operating in summer mode, only DHW
heating and AC cooling loads are included in the COP calculation.

3.5. Environmental Impact Evaluation

The total equivalent warming impact (TEWI) assesses both the direct and indirect
emissions of greenhouse gases related to the system. Direct emissions are due to refrigerant
leaks and is a function of refrigerant GWP [kg COZ_eq-kg*]] and leakage rate, L [kg].
Indirect emissions are a product of annual electric energy consumption at each location, E,,
and the CO, emissions associated with the process of electricity generation at each location,
Blg COz_eq-kWh_l], The annual TEWI, TEWI,,,,,,1, is defined in Equation (4).

TEWImmual = TEWIdirecf + TEWIindirecf (4)
TEWIjee = GWP - L )
TEW Lingirect = Ee - ﬁ ©)

The following values were applied in the analysis:

e GWPof CO; = 1. GWP of existing R134a AC system = 1430 [47].

*  Annual leakage rate is assumed 15% of refrigerant charge for all systems [48].

*  The charge of the CO, systems is assumed to be 300 kg. The charge of the R134a
system is assumed to be 2 kg134a- kWac max " [48].

*  Emissions associated with electricity generation at each location is given according to
country values (2019) as Bstockholm = 12, ﬁCopenhagen =112, Brromso = 19, PHelsinki = 89,
BMunich = 350, Brome = 233, BAthens = 606 and Pyjadria = 210 [49].

3.6. Economic Evaluation

In evaluating the proposed designs’ economic viability as retrofit solutions, both initial
capital cost and operational costs are considered. Cost functions were applied for all major
system components, i.e., compressors, heat exchangers and valves. Equipment costs were
collected from the manufacturer catalogs for specialized components, such as the ejector
and the combined air evaporator/gas cooler. Table 4 lists the capital cost functions applied
in the economic analysis, which are applied for full load conditions.

Table 4. Cost functions of various components [50-52].

Component Capital Cost Function
Compressors with electrical motor 10,167.5 x W046a
Plate HX 1397 x A082
Fin-and-tube HXs 119,500 br*

Valves 1145 x m?

Receiver 1000 ®

Ejector 9000 b+

2 Function given in $, ® Function given in €, * From manufacturer catalog.

Investment costs related to the secondary systems have not been considered, as the
necessary components would already be in place during a retrofit. The cost of installation
and additional equipment, such as the control system and piping, is assumed to be equal
to 15% of the total capital cost of the system [53].

The Chemical Engineering Plant Cost Index is applied to adjust the original cost to
the cost at reference year [54]. The annual average cost index (607.5) of 2019 is used as a
reference. The cost of the components is adjusted according to the cost index as given by
Equation (7) [55].

Index value for reference year
Index value for original year

@)

Cost at reference year = original cost x
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The economic viability of the designs is evaluated by means of the net present value
(NPV) and discounted payback period (DPP), defined in Equations (8) and (10), respectively.
NPV is a method to represent the discounted cash flow, which is defined as the sum of net
cash flows over the plant economic life, N, calculated as

N t
Ce(1+7e)
NPV =Ci+ ) -
7 =0 (1+rd))'L

®)
where 1 is the average annual effective discount rate (cost of money), and . is the general
inflation rate of electricity prices. The net cash flow is represented by the initial investment
cost, C;, and the sum of all operational incomes over the system’s lifetime, which in this
analysis amount to the saved electricity expenses, C,. The latter is defined in Equation (9).

_Esy+Epnaw Eac Esu+Epuw + Eac
Ce =l el * COP4c,a cop ) ©)

An existing reference system (capital cost = 0), consisting of an electric boiler and an
alternative standard AC cooling unit, is applied for the analysis. It is assumed that all SH
and DHW energy requirements, Egyy and Eppyyy, are covered by the electric boiler, while
all cooling energy, Epy, is covered by the alternative AC chiller.

The DPP, defined in Equation (10), determines the time from investment to return of
the invested capital. DDP is calculated by identifying the year, Y, in which the proceeding
cumulative net cash flow (NCF), Y} NCF,, turns positive. The exact time of return is
found by accounting for the discounted value of the cash flow of the next period, NCF, ;1.

abs(y}_y NCE,)

DPP =Y, + NCF, 1

(10)

Data applied in the economic analysis are listed below.

e The general inflation rate is r, = 2.5% [53].

e The average annual effective discount rate is r; = 10% [53].

e The plant economic life is N = 15 years [52,53].

e The electric boiler efficiency is #,; = 95% [56].

¢ The European seasonal energy efficiency ratio (ESEER) of the alternative R134a AC
cooling system is ESEER = COP4c ,; = 2.52 (from manufacturer catalog).

®  Costs related to system maintenance and operation have been neglected [52,53].

4. Results and Discussion
4.1. System Performance and Operation

Transient simulations were conducted for the purposed CO; systems with the bound-
ary conditions and control schemes described in Section 3. Figure 8 compares the COP
of the investigated designs as a function of ambient temperature and charging strategy.
Naturally, the COP for all designs increases with ambient temperature as the pressure ratio
of the compressors diminishes. At 20 °C, the COP of all designs increases considerably
to values in the range of 7.3 to 7.6 and 5.8 to 6.3 for leveled and aggressive charging,
respectively. This is explained by the presence AC cooling demand during high ambient
temperatures, which enables combined heat pump and chiller operations. The COP of all
designs are gradually reduced from 25 °C, due to the increase in AC cooling loads relative
to the DHW production load.

Figure 8 clearly illustrates that the system with the ejector arrangement, EJ, outper-
forms both SC and PC, independent of charging strategy. A more significant benefit is
achieved from the ejector at ambient temperatures above 15 °C, where the performance
is enhanced by up to 20% and 14% compared with SC and PC, respectively. Moreover,
leveled charging results typically increased COP compared with aggressive charging due
to continuous DHW charging during all operational hours. In contrast, DHW production
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transpires in about 60% of the operation when aggressive charging. The most considerable
difference in performance in terms of charging strategy occurs at 20 °C, in which leveled
charging enhances COP considerably. As observed in the figure, an increase in COP of
more than 20% is achieved for all investigated designs. DHW is continuously produced
when applying the leveled charging strategy, and thus, there is no need to dump heat
to the ambient. In contrast, DHW is periodically produced at high loads when applying
aggressive charging, resulting in heat rejection to the ambient and reduced COP compared
with leveled charging.
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Figure 8. COP as a function of ambient temperature for the investigated designs when applying the
aggressive DHW charging strategy.

The power consumption of the compressors is illustrated in Figure 9; also included
in the figure is the arrangement of the pivoting compressors for the PC and EJ designs.
The data shown in Figure 9 demonstrate the behavior of the system when the leveled
charging strategy is applied. Generally, the SC design attains higher power consumption
due to a slight increase in compressor pressure ratio compared to PC and E]J, which are both
equipped with optional pivoting parallel compressors. However, the power consumption
of all investigated designs are nearly equal in the temperature range from 10 to 15 °C.
This is explained by the relatively large DHW demand, which results in a reduced CO,
gas cooler outlet temperature, and thus less vapor formation after expansion to the liquid
receiver. Consequently, solely base compressor 1 is employed to cover the heating demand
in all investigated designs.

Both PC and EJ designs rely heavily on the base compressors during low ambient
temperature operations from —15 to 5 °C. Compressor 2 is in both designs employed as
a base compressor. The opposite trend is observed at ambient temperatures of 20 °C and
above, as the pivoting compressors (2 and 3) are integrated in the parallel compressors
section. Thus, the pivoting compressors enable flexible and efficient operation of integrated
CO, systems over a wide range of ambient temperatures. In addition, a smaller total
compressor capacity is needed when applying the pivoting option, as illustrated by the
reduced swept volume of compressor 4 (b) in PC and EJ, the value of which is given in
Section 3.1. Thus, pivoting compressors have the potential to reduce both investment and
operational costs when compared with a single-stage compression system, especially for
installations of considerable size [57].

Figure 10 presents the ejector efficiency and entrainment ratio for the EJ system design
when applying both the leveled and aggressive charging strategy. The average ejector
efficiency is recorded in the range of 0.0 to 0.34 when leveled charging is applied. The low
values of efficiency occur at 10 and 15 °C, as the efficiency function (Equation (1)) advances
towards zero when the CO, temperature before expansion is low. In the case of aggressive
charging, the ejector operates in an average efficiency range of 0.17 to 0.28. Moreover, it can
be observed that more liquid is entertained when applying the aggressive charging strategy.
Thus, the overall benefit of the ejector is more significant when applying the aggressive
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charging strategy, explained by the elevated gas cooler outlet temperature during this
mode of operations.
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Figure 9. Electric power consumption and arrangement of the compressors when applying the
leveled charging strategy. The three different bars at each temperature interval represents the designs
of SC, PC, and EJ.
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Figure 10. Ejector efficiency (7) and entrainment ratio (w) for the EJ design when applying the leveled
and aggressive charging strategy.

As illustrated in Figure 7, a constant DHW demand pattern was selected for this
investigation. However, fluctuations will occur in real-life systems due to variation in hotel
guest load, which will highly influence the magnitude of DHW demand peaks. Thus, it is
likely that the CO, system is occasionally forced to operate with aggressive charging to
fulfill excessive DHW demands. An alternative scenario is heat pump operations during
periods when the guest load is low. In these instances, a surplus of stored DHW will
result in periods of operation without DHW production, and as a consequence, elevated
gas cooler outlet temperatures. Therefore, the advantages of the ejector are likely more
prominent than what was achieved in this investigation. This may speak for applying
ejector technology in CO, heat pump and chiller systems for hotels, despite the fact that
the benefits and influence on COP are limited when applying the leveled charging strategy.

4.2. Annual Energy Consumption and Environmental Impact

The annual COP and energy consumption of the investigated solutions for different
locations are listed in Table 5. The EJ design demonstrated superior performance, followed
by PC and SC for all locations independent of charging strategy. The COP at the locations
were improved by 3.1% (Copenhagen) to 4.1% (Athens) when comparing EJ to SC (leveled
charging strategy). Similar results were obtained with the aggressive charging strategy,
in which the COP at each location increased by 4.7% (Stockholm) to 6.9% (Athens) with the
EJ design.
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Table 5. Annual COP, energy usage, and emissions (TEWI) of the investigated systems at the selected locations when

applying the leveled charging strategy.

Annual Energy Annual Emissions
Annual COP [-
Strategy Variable/Location 1 Usage [MWh- y '] [Tonne COy.eq- y~ '
SC PC EJ SC PC EJ SC PC EJ
Stockholm 4.68 4.75 4.85 278.65 277.19 268.32 3.39 3.37 3.26
Copenhagen 4.86 4.92 5.01 240.64 240.90 233.61 27.00 27.02 26.21
Tromse 4.12 4.16 4.27 333.56 331.32 319.54 6.38 6.34 6.11
Leveled Helsinki 4.48 4.55 4.64 311.25 308.52 298.82 27.74 27.50 26.64
charging Munich 4.86 4.93 5.03 253.35 252.57 244.84 88.72 88.44 85.73
Rome 5.49 5.61 5.71 206.74 205.60 199.60 48.21 47.95 46.55
Athens 5.62 5.76 5.85 213.01 210.34 203.40 129.18 127.51 123.30
Madrid 5.19 5.30 5.40 237.44 235.76 227.15 49.91 49.55 47.75
Stockholm 4.43 4.45 4.64 293.56 290.39 276.11 3.57 3.53 3.36
Copenhagen 4.50 4.61 4.80 254.05 252.64 240.35 28.50 28.34 26.96
Tromse 3.88 3.96 4.14 349.94 345.25 328.18 6.69 6.61 6.28
Aggressive Helsinki 417 4.28 4.46 327.84 323.07 307.26 29.22 28.80 27.39
charging Munich 4.51 4.65 4.82 267.18 264.57 251.45 93.56 92.64 88.05
Rome 5.03 5.20 5.40 218.57 217.10 206.23 50.97 92.64 88.05
Athens 5.19 5.34 5.55 224.95 221.68 209.86 136.36 134.38 127.22
Madrid 4.82 4.94 5.15 250.07 247.09 234.02 52.56 51.94 49.19

The results in Table 5 illustrate that the ambient temperatures at each location highly in-
fluence annual energy consumption. The lowest annual energy consumption was achieved
in the warmest city, Rome, where the range of consumption was recorded from 199.60
to 218.57 MWh- y~! for all investigated cases. In the coldest city, Tromse, the annual
energy consumption was found to approximately 60% higher, in the range of 319.54 to
349.94 MWh- y~1. When comparing results obtained with the two different charging
strategies, it can be concluded that the highest annual COPs were achieved when applying
the leveled charging strategy. Furthermore, results from aggressive charging with the best
design in terms of COP, EJ, are comparable to the COPs obtained with SC when applying
leveled charging. For instance, Munich achieved an annual COP of 4.86 with SC (leveled
charging) and 4.82 with EJ (aggressive charging). Thus, DHW control strategy rather than
system design appears to be the largest influence factor on COP and energy consumption
at each investigated location.

The annual global warming impact from each system, in terms ton COy.¢q emission,
is included in Table 5. A large variation in emission is observed at the different locations,
in which Stockholm displays the lowest emission values of approximately 3 tons CO;.¢q
per year. This amounts to approximately 2.5% of the related emissions in Athens, which
are between 123 to 129 tonne per year, dependent on system design. Energy savings and
emission reductions associated with installing the SC design in place of the existing solution
(boiler + separate AC chiller) are shown in Figure 11. The largest reduction of emissions is
achieved in Athens and Rome, where between 310 to 380 tonnes COy.¢q can be prevented
on an annual basis. In terms of energy utilization, the largest savings were achieved in the
Scandinavian locations, ranging from 850 to 1000 MWh-y~1. Information related to energy
savings and emission reduction for PC and EJ can be found in Appendix Table Al.

4.3. Economical Analysis

The total capital cost of the considered designs is listed in Table 6. As can be observed
from the table, the investment cost related to compressors and heat exchanger represent
the majority of the capital cost in all cases. When considering all designs, the total capital
cost for each of the suggested designs is within a range of 42.5%.
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Figure 11. Annual energy savings and reduction in related emissions (TEWI) of SC design in relation
to the reference thermal system. The eight selected locations are investigated when applying both the
leveled and aggressive charging strategy.

Table 6. Total equipment investment cost of the CO, designs with single-stage compression (SC),
parallel compression (PC), and ejector-supported parallel compression (EJ).

Capital Cost [k€]
Investment
SC PC EJ

Compressors 174.6 169.2 169.2
Heat exchangers 171.7 174.2 174.2
Valves/receiver/ejector 2.3 2.4 11.2
Installation and additional equipment (15%) 50.6 51.9 53.2
Total 399.2 397.7 407.8

The DPP and NPV for the SC design at different electricity prices are shown in
Figures 12 and 13. The results for the eight locations have been divided into two separate
plots for each economic comparison. Moreover, the influence of both the leveled and the
aggressive charging strategies is included in the figures.

As seen from Figure 12, aggressive charging prolongs the DPP for all locations with
approximately 0.7 to 1.5 years at 0.06 €-kWh 1. As the electricity price increases, the benefit
of the charging strategy on DPP is reduced to a few months at 0.20 €-kWh~!. However,
the economic benefit at high electricity prices for each location is more evident when
evaluating NPV. As shown in Figure 13, the difference in NPV for leveled and aggressive
charging varies between 0.07 and 0.1 M€ at an electricity price 0.20 €-kWh~! for all eval-
uated locations. Thus, it is possible to save up to 25% of the initial investment cost by
applying the leveled charging strategy.

The DPP for the locations drops significantly from a range of 9 to 16 to around 3
years as the electricity price increases from 0.06 to 0.20 €. kWh~!. Similarly, the NPV for
the locations varies between 0 and 0.02 M€ and 0.8 and 1.4 M€ at the selected range of
electricity prices (Figure 13). Locations with low ambient temperatures and low annual
COP display the shortest DPP and highest NPV, which is in contrast to COP values listed
in Table 5. This is explained by the large savings in SH energy achieved at locations
characterized by low ambient temperatures, such as Tromsg and Helsinki, where the
alternative would be application of an electric boiler. The best performing location in the
operational analysis, Athens, has the longest DPP with a break-even point between 3.3
and 16+ years. The NPVs for Athens, Rome, and Madrid are close to and below zero at an
electricity price of 0.06 € kWh~!, and thus not economically viable investments. However,
the actual electricity price at the locations must be considered to give a more accurate
evaluation. Generally, the electricity price for commercial actors in Scandinavia is in the
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range of 0.06 to 0.08 €-kWh~!, while the equivalent electricity price in Germany (Munich),
Italy (Rome), and Athens (Greece) is typically at values of 0.18, 0.15, and 0.10 €-.kWh~!,
respectively [58]. If only considering results in which leveled charging is applied, DPPs of
approximately 3 (Munich), 4.5 (Rome), and 7.5 years (Athens) and NPVs in the range of
0.25 to 0.95 M€ were achieved when considering typical electricity prices at the locations.
Thus, integrated heating and cooling systems with CO, can be efficient, cost-effective and
environmentally friendly when applied in warmer European climates.
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Figure 12. Discounted payback period for selected cities with the SC design at different electricity
prices when applying the leveled and aggressive charging strategy.
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Figure 13. Net present value for selected cities with the SC design at different electricity prices when
applying the leveled and aggressive charging strategy.
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The DPP for the Scandinavian locations is 9 to 12.5 years at 0.06 € kWh~!. At an
electricity price of 0.08 €-kWh~1, DPP and NPV for the Scandinavian locations are between
6.3 to 7.7 years. This is considered high when related to the rule-of-thumb for heat pump
investments within Scandinavia, which generally points to a payback time of 5 years or
less. However, the NPV for this investment for the Scandinavian locations is between 0.23
to 0.34 ME€. Thus, profits of approximately 50-85% of the initial investment can be gained
over the systems’ economic lifetime. Integrated CO, heat pumps and chillers are, therefore,
cost-efficient compared to more conventional approaches, including electric boilers or
district heat in combination with separate chillers for AC. Nevertheless, when compared
to HFO systems for hotels, CO, integrated systems still face a challenge in terms of the
high investment cost. Throughout history, new and supposedly safe refrigerants have been
introduced (CFC, HCFC and HFC) as an alternative to natural refrigerants. All of them
have eventually been phased out as their impact on human health and the environment
is revealed. In later years, research suggests that the decomposition products from HFO
refrigerants are harmful. Moreover, the research community is investing significant efforts
to uncover all unknown side effects of applying HFOs [12,13]. Thus, when factoring in
environmental concerns, and the fact that future regulations regarding HFOs are unknown
and thus pose an economic risk for the hotel owner, one can argue that the somewhat high
investment costs related to integrated CO; systems in Scandinavia are justified.

Tables 7 and 8 list the NPV and DPP at the selected locations when the PC and EJ
system designs are applied, respectively. Results for the entire range of electricity prices
can be found in Tables A3 and A2. Both PC and EJ display comparable results to SC
(Figures 12 and 13). However, the economic data obtained with PC illustrate a slightly
better NPV and DPP at all locations when applying the leveled charging strategy.

In contrast to the results presented in Section 4.2, in which EJ was found to be the
superior solution in terms of annual COP and energy consumption, the economical analysis
reveals that PC is better when considering overall system cost. However, results from
both the operational and the economic evaluation show that improving the DHW charging
strategy is the least expensive and most efficient measure to enhance the performance of
integrated CO, systems.

Table 7. Net present value (NPV) and discounted payback period (DPP) for selected cities with the
PC design at different electricity prices when applying the leveled and aggressive charging strategy.

NPV at Selected DPP at Selected
Strategy Variable/Location Electricity Prices [M€] Electricity Prices [years]
0.06 0.14 0.20 0.06 0.14 0.20
Stockholm 0.10 0.77 1.27 10.5 3.7 25
Copenhagen 0.08 0.71 1.18 11.4 3.9 2.6
Tromsoe 0.16 0.90 1.46 9.0 32 22
Leveled Helsinki 0.13 0.83 1.35 9.8 3.5 2.3
charging Munich 0.08 0.71 1.19 11.3 3.9 2.6
Rome 0.01 0.55 0.96 14.4 4.6 3.1
Athens <0 0.50 0.89 15< 4.9 33
Madrid 0.03 0.60 1.02 13.4 44 29
Stockholm 0.08 0.71 1.18 11.3 3.8 2.6
Copenhagen 0.05 0.65 1.10 12.2 4.0 2.7
Tromsoe 0.13 0.84 1.37 9.6 3.4 23
Aggressive Helsinki 0.10 0.76 1.26 10.5 3.6 2.4
charging Munich 0.05 0.66 111 12.1 4.0 2.7
Rome <0 0.50 0.89 15< 4.8 32
Athens <0 0.45 0.82 15< 5.2 34

Madrid 0.01 0.54 0.95 14.6 4.6 3.0
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Table 8. Net present value (NPV) and discounted payback period (DPP) for selected cities with the
EJ design at different electricity prices when applying the leveled and aggressive charging strategy.

NPV at Selected DPP at Selected
Strategy Variable/Location Electricity Prices [k€] Electricity Prices [years]
0.06 0.14 0.20 0.06 0.14 0.20
Stockholm 0.10 0.77 1.27 10.8 3.7 2.5
Copenhagen 0.07 0.71 1.18 11.7 4.0 2.7
Tromse 0.15 0.90 1.46 9.2 3.3 22
Leveled Helsinki 0.12 0.82 1.35 10.1 35 24
charging Munich 0.07 0.71 1.19 11.6 3.9 2.7
Rome 0.00 0.55 0.96 14.9 4.7 32
Athens <0 0.50 0.89 15.0 5.0 34
Madrid 0.02 0.59 1.02 13.8 45 3.0
Stockholm 0.07 0.71 1.19 11.5 39 2.6
Copenhagen 0.05 0.65 1.11 12.5 41 2.7
Tromse 0.13 0.84 1.38 9.7 3.4 23
Aggressive Helsinki 0.10 0.77 1.27 10.7 3.6 2.5
charging Munich 0.05 0.66 1.12 12.4 4.1 2.7
Rome <0 0.50 0.89 15.0 49 33
Athens <0 0.45 0.82 15.0 5.3 35
Madrid 0.00 0.55 0.96 14.9 4.6 3.1

5. Conclusions

In this paper, three different designs of integrated CO, systems with thermal storage
for hotels were evaluated through an energetic and economic analysis. The investigated
designs were standard single-stage compression (SC), parallel compression (PC), and
ejector-supported parallel compression (E]J). The performance of the systems was numer-
ically investigated by implementing two separate DHW charging strategies: aggressive
and leveled charging. In addition, variations in loads, ambient temperatures, and setpoints
were applied to each numerical model. Evaluations of the annual efficiency, emissions,
energy performance, net present value, and discounted payback period were carried out at
eight different locations, ranging from Scandinavia to the Mediterranean.

The main conclusions drawn from this investigation are as follows.

. The EJ design demonstrated enhanced annual performance, followed by PC and SC,
at all locations independent of charging strategy. Annual COPs of 4.27 to 5.03 were
achieved at the location in central Europe and Scandinavia. In the Mediterranean loca-
tions, Annual COPs in the range of 5.40 to 5.70 were obtained. Considerable reductions
in both related emissions and energy consumption were achieved at all locations.

e The highest annual COPs were achieved when applying the leveled charging strategy,
independent of design. An increase in COPs of up to 7.3% was attained compared
to the aggressive charging strategy. Thus, control of the DHW charging is a larger
influencing factor on performance than system designs.

e DPP and NPV for the Scandinavian locations were found to be between 6.3 to 7.7 years
and 0.23 to 0.34 M£ at typical Scandinavian electricity prices. Hotels in temperate
and Mediterranean climates obtained DPPs of approximately 3 and 4.5 to 7.5 years,
respectively, and NPVs in the range of 0.25 to 0.95 M€. Thus, integrated heating
and cooling systems with CO, can be an efficient, cost-effective and environmentally
friendly solution for hotels located in temperate and Mediterranean locations.

Integrated CO; systems have proven to be efficient and sustainable alternatives for
hotel applications. However, high investment cost decelerates the rate of installation
for these type of solutions. History has shown that potential harmful refrigerants are
eventually heavily regulated and even banned. As a result, HFO alternatives may pose an
economic risk for hotel owners. Thus, the somewhat high investment costs of integrated
CO; systems can be justified. Further research is necessary to establish integrated CO,
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systems as a competitive alternative to traditional synthetic refrigeration systems. From this
study, it can be concluded that improving the DHW charging strategy is the least expensive
and most efficient measure to enhance the performance of integrated CO, systems.
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Nomenclature

Symbols

B CO, emission factors [g COz,eq-kWh'l]
i efficiency [-]

C cost [€]

E energy [kWh]

L leakage rate [%]

N plant economic life [years]
P pressure [bar]

p electricity price [€kWh™1]
0 heat [kW]

r rate [%]

T temperature [°C]
Subscript

AC air-conditioning

al alternative

corr corrected

d discount

DHW domestic hot water

e electricity

el electric boiler

eq equivalent

i investment

lift pressure lift

m motive

SH space heating
Abbreviations

AC air-conditioning

CFC chlorofluorocarbons

CO, carbon dioxide

cor coefficient of performance
DHW domestic hot water

DPP discounted payback period
DV directional valve

EJ ejector-supported parallel compression
ESEER European seasonal energy efficiency ratio
EVAP Evaporator

FGT flash gas tank

GC gas cooler

GwWpP global warming potential
HCFC hydrochlorofluorocarbons
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HFC
HFO
HX
IHX
INT
LT
MV
NCF
NPV
PC
PI
SC
SH
TEWI
TFA
VSD

Appendix A

hydrofluorocarbons

hydrofluoroolefins
heat exchanger

internal heat exchanger
intermediate temperature

low temperature
modulating valve
net cash flow

net present value

parallel compression
proportional-integral
single-stage compression

space heating

total equivalent warming impact

trifluoroacetic acid

variable speed drive

Table Al. Annual energy savings and emission reductions (TEWI) of the investigated systems in
relation to the reference thermal system. The eight selected locations are listed when applying both

the leveled and aggressive charging strategy.

Annual Energy Annual Emission
Strategy Variable/Location Savings [MWh- y~] Reduction [Tonne COp.eq- y ']
PC EJ PC EJ

Stockholm 901.97 908.64 101.83 102.02

Copenhagen 856.32 861.78 163.26 164.69

Tromse 1005.47 1014.84 107.14 107.55

Leveled Helsinki 947.00 954.30 151.16 152.67
charging Munich 860.54 866.28 307.12 311.84
Rome 735.52 739.52 217.81 220.14

Athens 697.00 701.46 389.25 396.15

Madrid 770.38 776.34 206.61 209.66

Stockholm 884.03 896.07 101.46 101.77

Copenhagen 839.85 850.18 160.10 162.64

Tromse 987.30 1002.01 106.53 107.14

Aggressive  Helsinki 927.71 941.19 148.15 150.76
charging Munich 843.74 854.70 297.05 305.47
Rome 718.33 727.00 211.12 215.68

Athens 679.56 688.63 371.81 384.47

Madrid 753.48 763.76 200.68 205.58
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Table A2. Net present value (NPV) and discounted payback period (DPP) for selected cities with the EJ design at different electricity prices when applying the leveled and aggressive

charging strategy.
NPV at Selected DPP at Selected
Strategy Variabl/Locatione Electricity Prices [M€] Electricity Prices [years]
0.06 0.08 0.10 012 0.14 0.16 018 0.20 0.06 0.08 0.10 012 0.14 0.16 0.18 020
Stockholm 010 026 043 0.60 077 093 110 127 108 7.3 55 45 37 32 28 25
Copenhagen 007 023 039 055 071 0386 1.02 118 1.7 7.8 59 438 40 34 30 27
Tromse 015 034 053 072 090 1.09 128 146 92 64 49 39 33 29 25 22
Leveled Helsinki 012 030 047 065 082 1.00 118 1.35 101 69 52 42 35 30 27 24
charging Munich 0.07 023 039 055 071 087 1.03 119 116 7.8 59 47 39 34 30 27
Rome 0.00 0.14 027 041 055 068 082 096 149 9.6 7.1 57 47 41 36 32
Athens <0 011 024 037 050 063 076 089 15< 104 77 6.1 50 43 38 34
Madrid 0.02 017 031 045 059 074 088 1.02 138 9.0 67 54 45 338 34 30
Stockholm 007 023 039 055 071 087 1.03 119 1150 7.6 57 46 39 33 29 26
Copenhagen 005 020 035 050 065 0381 096 111 1250 82 6.1 49 41 35 31 27
Tromso 013 031 049 067 084 1.02 120 138 9.70 66 5.0 40 34 29 26 23
Aggressive Helsinki 010 026 043 0.60 077 094 110 127 1070 7.2 54 44 36 31 28 25
charging Munich 0.05 020 036 051 066 0381 097 112 1240 8.1 6.1 49 41 35 31 27
Rome <0 011 024 037 050 063 076 0.89 15< 102 75 59 49 42 37 33
Athens <0 0.08 021 033 045 058 070 082 15< 111 80 64 53 45 39 35
Madrid 0.00 0.14 027 041 055 068 082 096 1490 95 7.0 56 46 40 35 31

Table A3. Net present value (NPV) and discounted payback period (DPP) for selected cities with the PC design at different electricity prices when applying the leveled and aggressive

charging strategy.
NPV at Selected DPP at Selected
Strategy Variable/Location Electricity Prices [M€] Electricity Prices [years]
0.06 0.08 0.10 0.12 014 0.16 018 020 0.06 0.08 0.10 012 014 0.16 0.18 020
Stockholm 0.10 027 043 0.60 077 093 110 127 105 7.1 54 44 37 32 28 25
Copenhagen 0.08 023 039 055 071 1.02 118 114 7.6 58 46 39 33 29 26
Tromse 0.16 034 053 072 090 127 146 90 62 48 39 32 28 25 22
Leveled Helsinki 013 030 048 0.65 083 118 135 9.8 67 51 41 35 30 26 23
charging Munich 0.08 024 040 056 071 1.03 1.19 13 7.6 57 46 39 33 29 26
Rome 0.01 015 028 042 055 082 096 144 94 7.0 56 46 40 35 31
Athens <0 012 025 037 050 076 0.89 15< 101 75 59 49 42 37 33
Madrid 0.03 017 031 046 0.60 088 1.02 134 8.8 66 53 44 38 33 29
Stockholm 0.08 023 039 055 071 1.02 118 1.3 75 57 45 38 33 29 26
Copenhagen 0.05 020 035 050 065 095 1.10 122 8.0 60 438 40 35 30 27
Tromse 0.13 031 048 0.66 0.84 119 1.37 9.6 6.5 49 4.0 34 29 25 23
Aggressive Helsinki 010 026 043 0.60 076 1.09 1.26 105 7.0 53 43 36 31 27 24
charging Munich 0.05 021 036 051 066 096 112 121 8.0 60 48 40 34 3.0 27
Rome <0 012 024 037 050 076 089 15< 100 74 58 48 41 36 32
Athens <0 0.09 021 033 045 070 082 15< 109 7.9 63 52 44 39 34
Madrid 0.01 014 028 041 054 0381 095 146 9.3 69 55 46 39 34 30
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ABSTRACT

Integrated energy concepts with heat recovery are not widely applied for hotels, i.e. there is a huge potential to
further reduce the specific primary energy demand in this kind of buildings. The development and
implementation of such concepts would reduce the cost of ownership and the environmental footprints in the
sector, significantly.

A combined heat pump and refrigeration system applying carbon dioxide (CO:) and propane is presented for
the main and backup system, respectively. Grey Water (GW) usage and thermal energy storage are included in
the energy system. A model of the system has been developed and several simulations were carried out in order
to investigate the energy demand of a hotel building in several scenarios and ambient temperatures.

The integrated energy system can efficiently provide heating, Air Conditioning (AC), Domestic Hot Water
(DHW) and refrigeration capacities at various temperature levels. The implementation of thermal storage
resulted in both reduction and delay of peak loads.

Keywords: CO; heat pump and refrigeration, hot and cold thermal energy storage, integrated energy systems

1. INTRODUCTION

The EU fluorinated greenhouse gas regulation aims for a major phase out of hydrofluorocarbons (HFCs) by
the year 2030, which grants natural working fluids a strong position in regards to implementation in new
systems (Heath, 2017). CO; and propane are both natural working fluids widely used in both heat pumps and
chiller units. Due to heat rejection at gliding temperatures in the transcritical region, CO; is exceptional for
DHW heating. Propane, on the other hand, is suitable for both low and medium temperature applications. If
combined in an integrated system, excessive heating and cooling loads can be efficiently covered. By
introducing an energy system that employs natural working fluids to cover all thermal demands, one is able to
induce both economic and environmental benefits.

This paper aims to investigate the energy related potential of a combined heat pump and refrigeration system
intended for hotels in cold climates, where the combined demands for DHW, space heating and cooling are
substantial. The main motivation behind the system design is to utilize excess heat for useful purposes, which
otherwise would be disregarded. By recovering heat from freezing rooms, refrigerated rooms and the AC
circuit to provide space heating and to produce DHW, one is able to provide multiple services simultaneously.

Optimizing features, such as heat recovery from additional heat sources, like GW and thermal energy storage,
have been included in order to balance the daily thermal demands. These elements will function as thermal
buffers that provide peak load reduction and allow, to a greater extent, optimum operational conditions for
both the CO; and propane heat pumps. Combined heating and cooling systems using CO, are mainly found
within the supermarket industry, where excess heat is integrated into space heating, DHW and even district
heating (Polzot et. al, 2017; Hafner and Banasiak, 2016; Selvnes, 2017). Stene (2004) described the use of a
tripartite CO, gas cooler for domestic hot water and space heating supply in different operational modes.
However, few investigations have been carried out regarding combined CO- systems for large scale building
with complex heating and cooling demand, such as hotels.
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2. INTEGRATED SYSTEM SOLUTION AND SIMULATION MODEL

2.1 Building modeling and load estimations
A building model of a hotel had to be made in order to estimate the annual demand for DHW, space heating
and cooling. A model, based on the building design of Britannia Hotel Trondheim, was created in the software
Simien’. The building occupies 4 floors and has a combined floor area of 8400 m?, including 247 guest rooms.
The building body is modeled as a single temperature zone with 24-hour operation of the heating and cooling
systems. The building construction is assumed to meet minimum standards in accordance to the Norwegian
Building Regulations (TEK10). Climate data for Trondheim were used in the simulation. Additional demand
curves for conference rooms, refrigerated rooms and freezers were constructed using CoolPack’. As infiltration
losses due to high activity are sporadic, it is assumed that the load from refrigeration rooms and freezers are
constant. The cooling demand for refrigeration rooms and freezers were assumed to be 5 kW and 10 kW,

300
~—Space heating
| - - DHW
200 A ===Space cooling
= ~*-base load coolin;
= 100
B itiensssis st sts st s s s e
3 O gy e
S ’ = N
-100 - %
>\_<
-200 |
L L L L L X
0 1460 2920 4380 5840 7300 8760
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Figure 1: Annual load-duration curve for the hotel including space
heating and AC, DHW and the base load cooling from

refrigeration and freezing rooms

respectively. The DHW
consumption for the hotel has been
estimated based on Standard
Norway SN/TS 3031:2016 and has
an average demand of 30 kW and
a peak of 70 kW. To simplify the
energy flow tool, a constant
operational load per hour is
assumed. Figure 1 displays the
annual accumulated load-duration
curve for the hotel. Thermal loads
for one week were picked for each
season to serve as input data in the
Dymola® energy simulation model.
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Figure 2: Conceptual sketch of integrated energy system

! Building energy simulation software by ProgramByggerne, http://www.programbyggerne.no/.
2 Refrigeration system modeler by IPU, http://www.en.ipu.dk/Indhold/refrigeration-and-energy-technology/coolpack.aspx.
3 Dynamic modeling software by Dassault Systémes, https://www.3ds.com/products-services/catia/products/dymola/.
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2.2 Integrated energy system concept

The main energy system concept is to provide flexibility according to the demand for DHW, space heating and
AC. The combined system for the hotel consists of two separate heat pumps working in parallel, as presented
in Figure 2. The primary system utilizes CO as a working fluid to mainly produce DHW from continues
sources, such as refrigerated rooms and freezers. A propane heat pump can be employed in parallel to the
primary system for redundancy or in case additional heating or AC is needed. The propane heat pump thus
functions as a backup system that is activated if the demand is larger than the load provided by the CO; system.
The solution grants the possibility of only using the CO, cycle during parts of the year when space heating and
AC demands are sufficiently low, for instance during late spring.

The heat pumps are provided with interfaces to indirect hydronic subsystems for distribution and collection of
heat. Only the refrigerated and freezing rooms are implemented with direct cooling by CO, evaporators. The
DHW subsystem is equipped with buffer storage tanks of a combined size of 10 m?, as it necessary to meet
instantaneous demand. Filtered water is preheated and reheated at gliding temperatures in the CO, gas cooler.
After reaching the desired temperature of 70°C, water is supplied to tanks for storage and circulated within the
hotel building. As the thermal buffer for heating purposes is charged, fluid is distributed in parallel lines to
both heat pumps. The propane cycle can be operated purely as a heat pump, refrigeration unit or as a
combination unit, depending on the application of the different heat exchangers.

Rather than having a direct heat exchange with ambient air, a secondary loop circuit is implemented between
both heat pumps and the ambient. The circuit provides an indirect interface to the ambient, as heat can be
absorbed or rejected via an air-to-brine heat exchanger, not shown in Figure 2. Dependent on necessity, the
circuit can function both as heat source and heat sink within a single loop.

The low-temperature hydronic space heating system utilizes the middle section of the CO, temperature glide
to generate water at around 35°C, which is supplied to buffer storage tanks or directly distributed for heating
purposes. After heat has been rejected across the building, the fluid enters the return line and is recirculated to
the tanks or to the CO» heat pump for reheating. Ice water is utilized as a primary heat source in the CO; cycle,
where the brine is cooled to 7°C before storage and/or distribution. For the space heating and AC subsystems,
the purpose of the thermal storage is to shift peak demands and grant a higher degree of continuous operation
of the combined heating and cooling system (Fleischer, 2015). It is desirable to maximize the storing potential
of the thermal energy tanks, which can be achieved by utilizing phase changing materials (PCMs). The phase
change takes place at an almost constant temperature, resulting in a stable thermal environment around the
elements. The PCM module tanks can be installed for both hot and cold storage. Figure 3 displays a hydronic
tank equipped with PCM modules, similar to the 11,200 kWh cold storage units installed at Bergen University
College (Stavset and Kauko, 2015).

Return line Supply line «— Inlet grey water
PCM elements N -
S = [~
=) From N —
i o\ 3/ heat A
L / pump L[><]—>To drainage

Figure 3: PCM tank for hot and cold thermal Figure 4: GW heat recovery with secondary fluid
storage circulation to evaporator

The hotel energy system model was equipped with both a space heating and cooling energy reservoir of
approximately 500 kWh and 440 kWh, respectively. This corresponds to a 10 m? tank with PCM elements of
the same capacity as the aforementioned installation for both heating and cooling. Compared to sensible
hydronic energy storage of equal sizes, this is a 473- 481 % increase in capacity. This type of energy storage
was used in the model with a temperature difference of 10 K and 5 K for heating and cooling, respectively.
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Optimizing measures related to thermal energy production involves covering demands by utilizing available
and easily accessible heat sources. For buildings with large DHW demand, GW is a potential heat source that
will remain fairly constant throughout the year. GW is in this paper defined as drainage water from showers,
bathtubs, sinks, dishwashers and washing machines, which generally has a high temperature before entering
the sewage system. The potential energy to be recovered from the fluid is dependent on the supply temperature
of the GW and the temperature approach in the heat exchanger, where the amount of available heat is tied to
the DHW consumption. By assuming that GW has a temperature difference of 18 K in the heat exchanger
(from 20 °C to 2 °C), the potential maximum heat recovery is 275 kWh/day. A storage system for GW that can
function as a buffer is implemented, as illustrated in Figure 4. The indirect solution is beneficial as the water
impurities are limited to the GW tank, which represents a standard solution.

2.3 Main heat pump and refrigeration concept

The CO; system is designed for operations at low pressure (LP), medium pressure (MP) and a regulative
parallel pressure level that is dependent on ambient temperature, as illustrated in Figure 5. The system concept
aims to incorporate as many available heat sources as possible. The refrigerated rooms and freezers require
continuous operation of the heat pump, resulting in 24/7 generation of heat, which is stored (e.g. DHW) for
later use.

DHW The gas cooler configuration consists
Spéice heatind cireuit of three heat exchangers in series,
which deliver heat to the DHW and

space heating circuits. In the gas cooler,

Parallel heat is rejected at relatively constant
“omprogsars pressure until it reaches a temperature
in the proximity of the inlet DHW.
During seasons with no demand for
space heat, the middle heat exchanger

Expansion
valve

Flash gas bypass

pressure
receiver

'Cwé’fer SZRC: is bypassed and all the heat is applied
for DHW. The high-pressure side is
Crey WAL B ot regulated for an optimum heat transfer,
Intercooler ~ dependent on  the gas  cooler
LP level Refrigerated arrangement. From the gas cooler, the
@ 14.2 bar, ToomEDYapomElor fluid is expanded from the high-
0% m—w O LP pressure side to an intermediate
R Freezer compressor(s)| K
Regulated —++ | evaporator pressure receiver at 40 bar. The
pressure level receiver is a flash tank where vapor is
Brine circut ‘ot 2, | removed through a bypass to the MP
=55 e receiver. Hence, only fluid of low
LP: Low pressure vapor quality is entering the various

Figure 5: Integrated CO, heat pump and chiller unit with MT and ~ ©€vaporators downstream.
LT cooling loads, DHW, space heating and AC with auxiliary

regulative pressure level and GW heat recovery The CO; cycle recovers thermal energy

from the ice water, the refrigerated

rooms and the GW at the MP level.
After evaporation, the gas proceeds to the MP receiver, which serves several purposes, such as preventing
liquid carryover to the second stage compressors. Consequently, it enables the possibility of running the
evaporators flooded. The MP receiver functions as an intercooler for the gas from the LP stage, and assists in
evaporating liquid present in the tank. When heat recovery from GW is not sufficient to cover the DHW
demand, the interface to the brine circuit is employed and the parallel compressor is activated. The current
parallel circuit implementation enables the possibility for the compressor to function in several ways. When
the ambient temperature, and thus brine temperature, provides the means of evaporation close to the MP level,
it is possible to run the parallel compressor incorporated in MP compressor arrangement. This is achieved by
opening the valve on the suction manifold between the compressors. The compressors will then work in a
single stage. Switching of different compressor suction lines could reduce investment cost and improve
compactness in the CO, unit (Hafner et al., 2016).
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During cold seasons, the ambient reaches a temperature close to or below that of the CO, MP level evaporating
temperature (-0.9 °C), which makes it difficult to operate the parallel compressor integrated in the medium
compressor arrangement. The valve between the compressors will then be closed and the parallel compressor
is dismantled from the MP level. The brine evaporator circuit then operates with a parallel compressor to the
rest of the system and thus enables evaporation at low ambient temperatures.

2.4 Dymola simulation setup and control strategy

The object-orientated simulation tool, Dymola, together with TIL-Media library, was applied for the
construction and simulation of the energy system. The hotel energy system has been modeled in a single model
structure and has been simplified in design for simulation purposes: PCM tanks have been modeled as hydronic
tanks with equal energy storage capacity: the brine circuit interfaces have been modeled as direct-air heat
exchange units. The following assumptions has been made for the overall system:

* No unintentional pressure loss in components

* No unintentional heat transfer between components and the ambient

*  Constant heat transfer in all heat exchangers

* Constant speed, volumetric and isentropic efficiency of 0.70 in all compressors

Additional details regarding the model is described in Smitt (2017).

The system must be controlled according to both heating and cooling demands. This becomes especially
challenging during parts of the year when neither heating nor AC demand is in vast dominance, but still of a
certain magnitude. When this occurs, both the CO, and propane heat pumps are active. The operational strategy
is then coordinated according to both contributions, due to the shared sources and sinks, e.g. space heating and
AC. The CO; system produces maximum possible space heat within the temperature glide, but at the same
time, the magnitude of heat produced is dependent on the cooling provided. Whether or not this heat is
sufficient to meet the next peak demand is thus dependent on variables beyond the instantaneous charge in the
thermal storage. The control strategy for the system is presented for the following three scenarios:

e Heating mode
When the system is running in heating mode, all available sources are utilized for such a purpose. The

CO; cycle collects heat from GW, in addition to the base load from refrigeration rooms and freezers.
The brine circuit interface is activated as a backup source, should there be need for additional heating.
If space heating demand predominates that of DHW, the gas cooler is controlled for maximum
rejecting to this circuit. This is managed by controlling the water flow through the heat exchangers
and reducing the pressure in the gas coolers, ensures a more leveled heat rejection curve. Similar to
the COs system, the propane heat pump will use the brine circuit as a heat source in case the ice water
tanks are fully charged.

e Cooling mode

During cooling mode, the space heating demand is insignificant and the thermal storage is fully
charged. The CO, heat pump therefore only includes the necessary base load functions from
refrigeration rooms and freezers, in addition to the ice water interface. The DHW buffer is utilized as
a heat sink in the CO; circuit. Hence, the heat exchanger interface to the space heating circuit is
bypassed. The GW heat recovery is bypassed in the COs circuit, as the integrated systems is
functioning as a chiller unit producing ice water for AC. The surplus heat from the propane system is
rejected to the ambient via the secondary circuit, as this heat pump is working purely in refrigeration
mode.

e Combined heating and cooling mode

When neither heating nor cooling demands are excessive, only the CO> unit is employed. The system
functions as a combined heat pump and chiller unit that provides DHW, space heat and AC. The ice
water circuit provides the majority of heat to the system and is supplemented by GW heat recovery if
necessary. Only when all other available heat sources have been exerted is the brine interface towards
the ambient air at the regulative pressure level activated. The propane unit is employed if there are
additional thermal demands and the integrated system will then be operating in either heating or
cooling mode.
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2.5 Results and discussion

The simulated results are given for three seasons, where all thermal demands are covered by the integrated
energy system. The results are concentrated around CO, system performance for fall/spring simulations, as this
scenario is representative for the largest period of the year. The main focus of the simulated results is to review
the system performance under different operational conditions. The energy consumption in relation to pumps
and fans is not considered in the results, only work from the compressors. Figure 6 depicts the CO; system and
propane system efticiency for all seasons, respectively. The energy efficiencies are defined as all useful thermal
contributions divided by the total compression work within the compression cycle, as stated in equations 1

HGas Cooler + HIntercooler + CFreezin Rooms + CRe rigerated rooms + CAC
CO, energy ef ficiency = g [1t9 (eq. 1)

WMP + WLP + WRegulated pressure level

where H and C represent heating and cooling contributions, respectively. The yearly average energy efficiency
for the CO; system of 5.55 is calculated based on the average energy efficiency values for the simulated weeks,
with the summer and winter results weighted at 25% each, while the fall/spring result is weighted 50%.
Compared to a conventional hotel heat pump solution (coefficient of performance = 4) with 80% space heating
coverage, electric generated DHW and no heat recovery, the purposed combined system would provide a 68%
reduction in operational costs.
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Figure 6: CO, system energy efficiency for all Figure 7: Energy efficiency related to CO; gas

simulated seasons cooler outlet temperature

Figure 7 shows the CO, system energy efficiency
related to gas cooler outlet temperature. The on preree
efficiency is considerably higher for winter conditions i
as the heating demand is larger and the gas cooler
outlet temperature has a maximum of about 15 °C due
to low ambient temperatures. Figure 8 illustrates the
operation of the propane system. Due to the combined
operation of heating and cooling, as well as large
thermal buffers, the system is able to operate
continuously for long periods of time.

‘—Fall/spring ---Winter **** Summer

Operation [on/off]

A total of 1994 kWh is rejected thought the brine
evaporator to the ambient during the simulated

off
summer week. It is evident that there is a relation 0 1

4
between heat rejection and total heating demand for Time [days]
the hotel as the amount of energy rejected to the  Figure 8: Operation of propane system for all
ambient is at its lowest for the winter simulation, with  simulated seasons
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an average of 64 kWh per day. However small, the disregarded heat represents a loss in the system and should
be assessed. As heat rejection accounts for approximately 9% of the annual operational costs, it should be
investigated if simultaneous deployment of all three gas coolers at the same time is the best strategy. An
alternative solution is to only supply heat to one subsystem at a time. The second gas cooler would then be
bypassed during charging of the DHW tanks. Only when the tanks are fully charged would the first and third
gas coolers be bypassed. The CO; pressure is regulated for optimal heat rejection to the space heating circuit, as
this interface is reconnected. This procedure would repeat itself when the DHW tanks are close to empty. The
separate heat rejection strategy and CO» pressure adaptation could potentially reduce the heat rejection a great
deal.

For all simulations, the heat exchanger in the regulative pressure level is only utilized at the beginning of the
simulated week. This is due to the fact that the DHW tanks are empty at the start of each simulation and need
quick charging. If not taking this circumstance into consideration, it can be questioned whether or not this
evaporator is dispensable under normal operational conditions. 410 kWh is recovered from the GW over a two-
day period for the fall/spring simulated week. However, the GW could be employed in a different manner. A
possibility is controlling the mass flow of GW, and thus heat recovery, according to the load variations in the
CO; MP level. If regulating the mass flow of GW in order to stabilize this level, one can insure fewer variations
in MP compressor mass flow. This will, however, require more or less continuous heat recovery and a certain
GW storage capacity. Figures 9 and 10 show the instantaneous space heating and AC production versus the
actual demands. For both cases, the load is reduced significantly due to the magnitude of the thermal storage.
For space heating and AC, the maximum peaks are reduced with 22.3 kW and 31.4kW, respectively.

© Space heating demand
—Instantaneous production

o Space cooling demand
|—Instantaneous production
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Figure 10: Space cooling production versus actual

3 4
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Figure 9: Space heating production versus ‘ !
actual demand for fall/spring scenario demand for fall/spring scenario

The heating system peak load is delayed with a few hours each day, representing the effects of the thermal
buffer. Reduction and balancing of the heat demand variations would allow for a smaller installed heat pump
unit working with a higher degree of continuous operations. In order to evaluate how the size of the space
heating and cooling tanks influence the performance of the system, simulations with different storage volumes
have been performed. Figure 12 depicts the space heating production load versus the actual demand over an
interval of 24 hours. The storage volumes of both space heating and cooling have been evaluated for 50% and
8% of the original volumes. The base load case of 100% capacity is equivalent to the plot presented in Figure 9
(day 3), where the peak is considerably lower than the demand. As the sizes of the tanks decrease, the load
required to cover the demand increases. For the 50% capacity case, the load is well above the actual space
heating demand. This is due the low charge in the space heating tank, which triggers a high compressor
displacement as the system attempts to cover the demand while charging the tank. The 8% capacity case
illustrates the production load when there is nearly no thermal buffer. As the space heating demand is
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approaching its peak, the compressor overcompensates 100
the displacement, similar to the 50% capacity case. One —Demand
major difference between the cases is that the peak load f_éguo/% capacity
is not delayed when the volume is reduced to 8%. As o g "Czizjil;y
the compressor attempts to cover the load, it turns on
and off sporadically. In comparison with the original =
case of 100% capacity, the compressors and heat %
3

exchangers would have to be dimensioned for a higher
load and the energy efficiency of the system would be
reduced with at least 50%, as combined heating and
cooling operations are highly limited. 20

Another design aspect that should be assessed is the )
arrangement of the CO, MP level. In the current 0 4 ] 12 16 20 24
design, the refrigeration load of 5 kW and the room Time [hours]

temperature requirement of 3 °C are governing the MP.
As the space heating load is decidedly larger, the MP
should be raised to a level where production of ice
water is optimized. The refrigeration rooms could alternatively run on a separate lower pressure level with its
own compressor. In addition, direct evaporation, rather than by use of ice water, should be considered for large
and continuous AC loads, such as accumulated by the commercial kitchens and central HVAC units. Hence, a
secondary energy transfer would be eliminated and ice water pump work would be reduced.

Figure 12: Space heat demand versus actual
production load for different tank sizes

3. CONCLUSION

The results from the simulations reveals a high efficiency for the CO; unit, as the thermal buffers make it
possible to utilize the heat pumps simultaneously for both heating and refrigeration. The CO; heat pump has
an average energy efficiency of 5.55, due to combined operations and heat recovery from available sources.
The purposed system is able to cover all thermal demands for the simulated scenarios. This includes DHW,
space heating, AC and refrigeration of cold storage rooms. There is a strong relationship between ambient
temperature and CO; energy efficiency. For optimal heat pump performance, the CO, gas cooler outlet
temperature should be less than 15 °C. The magnitude of the storage tanks limits the number of compressor
stops and enables a high energy efficiency for the system. By implementing thermal storage for space heating
and cooling, the compression work is reduced considerably in comparison to actual demand. The consequence
of this is that peak loads are delayed with a few hours, which was the same effect expected from the PCM
modules. More stable operation with a 20-30 kW peak reduction is achieved in relation to both space heating
and AC. The integrated energy system is more profitable in regards to operational costs, in comparison to more
conventional hotel heat pump solutions. System improvements includes evaluating alternatives for heat
production in order to reduce heat rejection; employing GW heat recovery according to load variations in the
MP level; installation of refrigeration rooms on a separate pressure level, which enables elevation of the CO,
suction pressure level of the MP compressors, in accordance to ice water temperature requirements.

NOMENCLATURE
AC Air Conditioning HFC Hydrofluorocarbon
C Cooling load (kW) HVAC Heating Ventilation Air Conditioning
CO, Carbon Dioxide LP Low Pressure (14.2 bar)
DHW Domestic Hot Water MP Medium Pressure (34 bar)
GW Grey Water PCM Phase Changing Materials
H Heating load (kW) w Power input (kW)
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ABSTRACT

Hotels are high-energy consuming buildings with numerous demands for heating and cooling at several
temperature levels. The heating load is largely dominated by hot water production (28%: NVE, 2016) in order
to meet the hot water consumption of the many guests. The current practice is to have several independent
heating and cooling systems. Most of the hotels in northern Europe use thermally inefficient methods, such as
electric boilers or district heating stations, which simultaneously provide high temperature heat for tap water
and a high temperature space heating circuit. Currently, CO, technologies are widely used in Scandinavia at
an industrial scale thanks to their high efficiency in cold climates. The first combined CO, heating, air
conditioning and hot tap water system with an integrated thermal storage for a hotel is installed (2018) in
Norway (Trondheim) and is presented in this paper. The working principal of the system is clearly described
in this work and data obtained from the first test campaigns are presented. The heat pump has an installed
capacity of 280 kW. If cooling is needed, chilled water for AC cooling is used as a heat source. Heat is rejected
to two different circuits in the gas cooler in order to achieve high and medium temperature levels according to
the setpoint of the different heating applications. The tap water system is mainly composed of a 6 m* buffer
tank storage unit, in order to ensure continuous production of hot water to covers the peak demand period.
Preliminary results show significant energy savings (59-68%) and peak power reductions (15-45%).

Keywords: CO, heat pump, energy savings, hotel buildings, HVAC, peak power reduction

1. INTRODUCTION

Energy for heating purposes is the greatest contributor to the overall energy consumption within the Nordic
hotel sector. On an average basis, hotels in Norway use approximately 240 kWh/m? year, where the share of
space heating and hot tap water needs is about 60 % of the total energy consumption (NVE, 2016). Commonly,
the hot water consumption follows a specified schedule depending on the occupancy and the daily activities
(showering) e.g. in the morning (from 6 to 8 a.m.) and the evening (from 7 to 9 p.m.), which generates large
consumption peaks. Very few energy systems installed in Scandinavian hotels take actions to reduce the peak
power consumption that occur following these time periods of large hot water consumption. Moreover, most
hotels use electric boilers or district heating stations to provide high temperature heat (80°C) to both hot water
and the hydronic space heating circuit, which is neither thermally nor exergy efficient compared to low
temperature hydronic heating (Hesaraki and Holmberg, 2013).

During the last few years, the interest for environmentally friendly thermal energy systems is steadily growing
within the Scandinavian hotels sector. One of the main factors being the governmental restrictions in building
construction and operation, which encourages the building companies to adopt new, sustainable and more
environmentally friendly solutions (Swedish Ministry of the Environment (2009), Norwegian Ministry of the
Environment (2008)). Moreover, the competition is getting tougher between the hotel chains, which are
continuously adopting new strategies in order to present the best quality service and increase their market
share. Environmental awareness is now becoming a key element and one of the main concerns in hotel
marketing and branding (Lee ef al. (2010), Bohdanowicz (2005)).
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CO, is an environmentally friendly and natural refrigerant, which has no ozone depleting potential (ODP) and
a negligible global warming potential (GWP) comparing to synthetic refrigerants. CO, is widely available,
inexpensive, and is neither toxic nor flammable. Due to its temperature glide in transcritical cycle, CO- as a
refrigerant is excellent for heating tap water. The technology for residential water heaters is well established
(Zhang et al., 2015). However, the application of CO; heat pumps at an industrial scale, for a combined hot
water and space heating systems remains very limited. Neksa (2002) and Stene (2004) were first to describe
such concepts for transcritical CO, heat pump systems. In their approach, heat is delivered for different tasks
(e.g. hot water and floor heating) at appropriate temperature levels through a series of gas coolers (two or
three). Currently, CO; transcritical cycles with heat recovery are mainly applied within the supermarket sector.
In order to achieve a higher energy efficiency, the excess heat obtained from the gas cooling process is used
for space heating, air handling unit (AHU) and hot tap water production (Stavset and Kauko (2015), Hafner
and Banasiak (2016)). In this work, the first combined CO» heat pump and chiller unit with an integrated
thermal energy storage for hotels in Scandinavia is presented. The main system components and operations
are described. First operational data are collected and analyzed and main conclusions are presented.

2. SYSTEM DESCRIPTION

Scandic Hell Hotel in Trondheim, Norway, was established in 1987. Until 2018, it has been equipped with a
heating system consisting of an electric boiler (for base load coverage) and an oil boiler (to cover peak loads).
Figure 1 shows the CO; system installed in June 2018, which provides the hotel with space heating, hot tap
water and AC cooling. The heat pump design is based on a typical single-stage supermarket refrigeration unit
equipped with heat recovery. The CO» unit is composed of four parallel compressors, ranging in sizes from
17.8 m3/h to 21.2 m*h (50 Hz). Only one compressor is equipped with a variable speed drive (VSD) for low
load operations and for adaptive load control between the activation steps of the non-variable compressors. In
comparison to a large, single VSD compressor, the presented solution is advantageous as only one compressor,
carrying part of the load, is operating below its optimal point. The high pressure and load control of the heat
pump is based on feedback signals from the different thermal demands, such as hot tap water, ventilation and
the radiators. These signals are supplied to the controller!, which optimizes the high-pressure level within
specific constraints, such as the different setpoint temperatures. The CO, heat pump uses up to four 50 kW air-
evaporators. In case of simultaneous cooling and heating demands, it is possible to recover heat from a chilled
water heat exchanger (HX) for AC cooling. The combination of the chiller unit and the heat pump will have a
double benefit: Improve the overall system efficiency and satisfy the heating needs of the hotel.
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Figure 1: Layout of the combined CO: heat pump and chiller system
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The heat pump is designed to maximize the benefit of the
CO, temperature glide by allocating heat to adapted
temperature levels and thus reduce the thermodynamic o
losses. The main strengths of the system lies in its
operational flexibility during different seasons and with
varying demands. The system rejects heat to two K Radiators [_

Radiators

Shunt valve
A HX4

o . i Ventilation
separate secondary hydronic circuits through a series of backup HX

gas coolers (GC1 and GC2), as shown in figure 2. The -
mid temperature (MT) circuit provides heat primarily to <
ventilation batteries and a radiator circuit. The remaining ‘ |

heat is used to preheat the tap water from approximately T sixl —
8-25°C through a heat exchanger (HX1). Next, the fluid 9 i < &= X
g g : > preheat Tap water

[

is recirculated back to GC2. The CO, temperature is then
further reduced and the efficiency of the cycle is thus Evaporator
considerably enhanced. For winter season operations, it gofrost — * B
is possible to employ the last HX in the series (HX2) for E HT

defrost of the air evaporators at temperatures close to or HX2 MT circuit Feircuit

below 0°C. <50°C —{ >60°C
W—

The high temperature (HT) circuit is mainly used to ¢Gc2 ' 61 A
reheat tap water through HX3, by the use of the : €0, Ot 5
recovered high temperature heat from GCI1. A radiator

backup interface (HX4) is also installed in the HT circuit Figure 2: Layout of secondary hydronic circuits
and acts as an interface between the two secondary

circuits. HX4 is only used if the radiator setpoint temperature is higher than the MT circuit setpoint
temperature. In these instances, the fluid from the MT circuit is reheated past 50°C in HX4. When the fluid
returning from the radiators is higher than the setpoint temperature of the MT circuit, the passage to the
radiators is closed off. A shunt circuit is then established exclusively between the radiators and HX4, in order
to insure a low temperature of the fluid returning to GC2.

reheat

Hot tap water is continuously produced in both the preheat and reheat HXs when there is demand for ventilation
heating. A sufficiently large water storage is therefore a key factor to achieve a high system efficiency, as the
heat pump to a lager extent can operate in optimal conditions. This configuration is especially advantageous
in hotel facilities since the hot water consumption curve is characterized by peak hours. In case of hot water
generation excess, the heat storage can represent an optimal solution as it represents two important benefits.
First, it supplies the extra hot water during peak hours and secondly it allows for continuous accumulation of
hot tap water, which stabilizes the compressor power input. Figure 3 describes the possibility to bypass the
preheat HX and use the reheat interface for the entire heating operation in case of an instantaneous need for
hot water. This configuration is also useful when there is low space heating demand, typically during summer
operations. The heat pumps function is thus fully dedicated to the hot water production. The CO- heat pump
is then controlled similarly to the traditional CO, residential water heaters. The high pressure of the heat pump
is lifted from optimal pressure to 100 bar and is only reduced when the buffer storage system is fully charged.
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Figure 3: Hot water circuit and buffer storage system
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The hot water storage system consists of a set of tanks in series, where the last seven containers of 4.2 m®
represent the thermal buffer. The buffer storage should, as a minimum, be dimensioned to cover the entire peak
demand for hot water. As most hotels are lacking an accurate overview of their water consumption, the option
of integrating additional storage units should be considered during the design process.

During the charging process, the excess hot water is stored and moves through the series of tanks as the buffer
is gradually charged from right to left. Water is drawn from the last tank ((e) in figure 3) and is directed towards
HX1 and HX3 for heating. The thermal storage is fully charged when the normally stratified tanks have a high
and uniform temperature throughout the buffer. During the discharging process, water is drawn from tank (a)
and is mixed with city water to a setpoint temperature of 55°C before entering the supply line. The buffer will
then become stratified as the high temperature boundary moves gradually to the right. Tank (a) has a storage
volume of 1.8 m3. It is designed to keep a higher temperature than the buffer in order to guarantee hot water,
independent of the status of the buffer. In addition, an auxiliary electric boiler is used to cover additional
heating demands.

3. RESULTS AND DISCUSSION

3.1. Hot tap water generation and storage

Temperature sensors are located at the center of each tank (a->e) (see Figure 3) to measure the bulk
temperatures (Ta->Te), respectively. A typical charging and discharging cycle of the buffer over two-day
period is shown in Figure 4. One may clearly note the presence of a thermal stratification inside the buffer is
described by the gradual increase of temperature from tank (b) to tank (e). The storage cycle has a periodicity
of 24 hours. The discharging cycles are characterized by a sudden temperature drop as the buffer is refilled
with cold city water. The backup tank temperature (Ta) occasionally drops below its setpoint (55°C) and thus
more heat is required from the heat pump to satisfy the set point conditions. In this case, the generated hot
water flows directly to the mixing valve (see Figure 3) in order to satisfy the supply temperature requirement.
This indicates that the storage volume of the buffer is not able to handle the whole hot water peaks. As a
solution, either the buffer storage volume should be increased or the trigger signal for hot water production
must be moved further down the buffer. The recommended position of the trigger signal should allow for the
complete utilization of the buffer in the high hot water demand situations. The consequence of moving the
trigger sensor down the buffer would be an increase in hot water generation at an earlier time, insuring the
temperature integrity of tank (a).
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Figure 4: Thermal stratification in the thermal buffer over 48-hours (from 3.nov to 5.nov 2018)

Figure 5 shows the variation in the heat input from the CO, heat pump over the two-day period. It can be
observed that hot water production occurs in periods of 7-8 hours. A total of 64 m® hot tap water is produced
by the CO; system through the preheat and reheat HXs (HX1 and HX3), where an energy average of 1515
kWh/day is used for hot water heating. It can also be seen that the heat pump is operational for 85 % of the
time over the two day period. In figure 5, 54% of the total heat output from the gas coolers is used for hot
water generation. The average coefficient of performance (COP) of the entire heating system (compressors,
pumps, fans) is 2.92 during the two-day period under an average ambient temperature of 7.4 °C.
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Figure 5: Heat output from CO:z gas coolers (from 3.nov to S5.nov 2018)

3.2. First results on energy savings

Figure 6 shows the energy consumption used to satisfy the heating needs during the first six months operational
period of the CO; heat pump and chiller system. The energy consumption in 2018 is related to data from 2015
and 2016, as complications with the heating system in 2017 rendered the energy data invalid. A significant
reduction in energy consumption can be observed since the first month of operation. The relative energy
savings of the system increases significantly during commissioning due to post-installation adjustments and
improvements of control parameters. The inclusion of old components in the system, e.g. hydronic supply lines
and ventilation heating batteries, can have a negative effect on the system efficiency in terms of pressure losses
and flow assurance. The average COP of the entire heating system is 2.993 over the first six months of
operation, and is being improved by replacing problematic components, such as ventilation batteries. The
largest relative monthly savings occurs in October, where the energy consumption is reduced by 69 % (78,500
kWh) compared to 2016. The energy consumption stabilizes at a 59-69% reduction in the period from
September to December.
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Figure 6: Heating energy consumption from July — December

Figure 7 depicts the monthly average and peak power consumption from July to December 2015, 2016 and
2018. The average power consumption is significantly reduced (59-75%) from September to December,
compared to that of 2015 and 2016. A similar behavior of the peak power consumption of the system was
observed. The reduction of peak power is small in July and August, but increases during the commissioning
period. From October to December 2018, one may note that the entire heating systems has an average power
consumption of 50-60 kW. The maximum power draw for the entire thermal system stabilizes over the same
period to around 190 kW, or 54-84% compared to previous years. This is significant in terms of operational
expenses, as a high peak power consumption coincide with peak power tariffs. Based on the six months of
energy consumption, the specific heating energy consumption for the hotel is estimated to be 55-65 kWh/m?
year for 2019. This is far below the Norwegian average of 144 kWh/m? year.
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This paper presents the layout and working principle for the first CO» heat pump and chiller unit installed in a
Scandinavian hotel. The system delivers heat to secondary hydronic circuits through two gas coolers in series,
in order to reduce the thermodynamic losses by temperature adaptation towards the specific heating demands.
Within the secondary system, heat is distributed to ventilation, radiators, hot tap water and alternatively an
evaporator defrost loop. This is achieved by rejected heat in a configuration that insures a low CO; gas cooler
outlet temperature before expansion. A large portion of the heat is allocated to hot tap water, and a large storage
buffer is therefore essential in order to reduce fluctuation in operational load. The hotel has a total storage
volume of 6 m®, which handles large hot water consumption peaks in the mornings and evenings. The buffer
system was charged with 64 m> hot water over a two day period, where production of hot water from the CO,
system typically transpired in periods of 7-8 hours and with an intensity of 100 kW. An average of 1515
kWh/day is directed to hot tap water heating, which is about 54 % of the total heat output from the system over
the period. The temperature in the first storage tank occasionally drops below its setpoint temperature and this
should be corrected by moving the trigger signal for water generation. This would increase production at an
earlier time and insure the temperature integrity of the hot water system.
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Figure 7: Power consumption in relation to heating from July - December
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4. CONCLUSIONS

The energy consumption and power outtake of the hotel is reduced significantly after the installation of the
CO; heat pump and chiller unit. During the first six months of operation, a monthly maximum energy reduction
of 78,500 kWh was achieved in October, describing a reduction of 69 % compared to previous years. The
average COP of the CO; heat pump is 2.993 during the first six months, which includes the commissioning
period. There is an increased interest for environmentally friendly thermal energy systems within the
Scandinavian hotel sector. The solution presented in this paper presents a real potential to reduce energy and
power consumption by the use of a safe, inexpensive and environmentally friendly natural working fluid.

NOMENCLATURE
AC  Air conditioning HFC Hydrofluorocarbons
AHU  Air handling unit HT High temperature
CO,  Carbon dioxide HX  Heat exchanger
COP  Coefticient of performance LT Low temperature

VSD Variable speed drive
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ABSTRACT

This article evaluates the first adaptation of a CO2 supermarket unit as an integrated solution for
hotel applications. The system consists of a single unit for heating, ventilation, air conditioning
(HVAC) and domestic hot water (DHW). The heat pump and chiller unit is installed in Northern
Europe and has a heating and cooling capacity of 280 and 75 kW, respectively. Included in the
thermal system is a 6 m® DHW storage for peak load shaving. A dynamic model of the system is
developed in the Modelica programming language and the validity of the model is discussed. The
model behavior is similar to actual system performance. The operational benefits of applying fixed-
speed compressors are evaluated through simulations. The results show that the overall efficiency
of the complete thermal system is improved by 3.8% when compared to using the current variable
speed drive (VSD) control strategy.

Keywords: CO; heat pump and AC, combined heating and cooling systems, hot thermal energy
storage, hot tap water production

1. INTRODUCTION

The interest for environmentally friendly thermal energy systems is steadily growing within the Nordic
hotels sector and is becoming an important element in hotel branding (Lee et al. (2010),
Bohdanowicz (2005)). Energy for heating purposes is the greatest contributor to the overall energy
demand within the Nordic hotel sector. On an average basis, hotels in Norway require approximately
240 kWh/m? per year, where the share of DHW demand is about 16 % of the total energy demand
(NVE, 2016). A study of water consumption in hotel chains in Europe show that 70 % of the hotel
facilities use 151-250 liter of water/guest-night (Bohdanowicz et al, 2007). The hot water
consumption follows a specified schedule depending on the occupancy and the daily activities
(showering) e.g. in the morning (from 6 to 8 a.m.) and the evening (from 7 to 9 p.m.), which generates
large consumption peaks (Deng et al. (2002), Standard Norway SN/TS 3031 (2016)). Very few
energy systems installed in Nordic hotels take actions to reduce the peak power demand that occur
following these time periods of large DHW consumption.

In order to satisfy future legislation and environmental goals, efficient and profitable energy systems
must be implemented to reduce the large energy demand and environmental footprint of the sector.
Integrated CO2 heat pump and chiller systems is a solution that meets these standards and can
cover all thermal needs of the hotel. CO; is an environmentally friendly and natural refrigerant, which
has no ozone depleting potential (ODP) and a negligible global warming potential (GWP) compared
to synthetic refrigerants. It is widely available, inexpensive, and is neither toxic nor flammable. Due
to its temperature glide when operating in a transcritical cycle, CO; as a refrigerant is excellent for
heating tap water and the technology for residential water heaters is well established (Zhang et al.,
2015). Currently, CO. transcritical cycles with heat recovery are mainly applied within the
supermarket sector, where excess heat obtained from the gas cooling process is used for space
heating, air handling units (AHU) and DHW production (D'Agaro et al (2019), Hafner and Banasiak
(2016)).



The first combined CO; heat pump and chiller unit for hotels in cold climates was installed in Norway
in 2018 (Smitt et al, 2019). The system is equipped with 6 m® integrated thermal energy storage to
reduce DHW consumption peaks. The buffer storage offers two important benefits as it supplies
extra hot water during peak hours and enables continuous production and accumulation of DHW,
which stabilizes the operation of the heat pump unit. There are generally large variations in the
heating demand of the hotel during the spring/fall season. The current accumulation strategy in these
instances is to charge for short periods, typically 6-8 hours, at high loads (~100 kW). When charging
the storage over a longer period, however, the heat load could be reduced by taking advantage of
the continuous accumulation that the storage provides. An alternative charging strategy is to
accumulate based on available compressor load when operating the compressor at optimum
conditions at fixed speed. Moreover, an on/off control of the compressors would reduce the
inefficiencies associated with VSD regulation. This paper investigates the operational influence of
using a fixed speed compressor compared to a VSD controlled device. System efficiencies are
evaluated according to the optimal compressor operation and continuous DHW accumulation.

2. SYSTEM DESCRIPTION

The hotel building was established close to Trondheim, Norway, in 1987. Until 2018, it has been
equipped with a heating system consisting of an electric boiler (for base load coverage) and an oil
boiler (to cover peak loads). Fig. 1 shows the CO, heat pump and chiller unit, which provides the
hotel with space heating, DHW and AC cooling. The heating capacity of the system is 280 kW. The
heat pump design is based on a typical single-stage supermarket refrigeration unit equipped with
heat recovery. The CO- unit is composed of four single-stage compressors arranged in parallel,
where one compressor is equipped with a VSD. The high pressure and load control of the heat pump
is based on feedback signals from the different thermal demands, such as hot tap water, heat
towards ventilation- and radiators circuits. The building side supplies these signals to the heat pump
controller, which optimizes the high-pressure level within specific constraints, such as the different
setpoint temperatures.

The CO. heat pump is equipped with four 50 kW air/CO.-evaporators, at -15 °C evaporation
temperature. In case of simultaneous cooling and heating demands, it is possible to recover heat
from a 75 kW chilled water heat exchanger (HX) for AC cooling. The combination of the chiller unit
and the heat pump is beneficial, as it reduces the overall operational cost for the hotel operators
while satisfying the heating and cooling demands. Heat is delivered to two secondary hydronic
circuits through the two gas coolers (GC1 and GC2) in series, where the appropriate temperature
adaptation to each secondary circuit is achieved by the CO. temperature glide in the supercritical
region. The high temperature (HT) circuit is mainly used to reheat tap water through the reheat HX
by the use of the recovered high temperature heat from GC1. A radiator backup interface is also
installed in the HT circuit and acts as an interface between the two secondary circuits. The mid
temperature (MT) circuit provides heat primarily to ventilation heat exchanger batteries and a radiator
circuit. The remaining heat is used to elevate the tap water temperature from approximately 8 to 25°C
through the preheat HX. Next, the MT fluid is recirculated back to GC2. The CO, temperature is
thereby further reduced and the efficiency of the cycle is considerably enhanced. For winter season
operations, it is possible to employ the defrost HX in the MT circuit for defrost of the air evaporators.

Hot tap water can be produced continuously in both preheat and reheat HXs when there is a need
for ventilation heating. An optimum sized water storage is a key factor for a high system efficiency,
as the working range in which the heat pump can operate in optimal conditions is larger. A hot water
buffer configuration is especially advantageous in hotel facilities since the DHW consumption curve
is characterized by enormous peaks during a few hours in the mornings and evenings. Yet, if DHW
is continuously generated, it can be stored for later usage in order to handle these peaks. The hot
water storage system consists of tanks in series with a storage capacity of 6 m®. During charging,
DHW is directed to the storage, where it moves through the series of tanks as the buffer is gradually
charged from right to left. Cold water is drawn from the last tank (no. 8) and is sent through the
heating process. The thermal storage is fully charged when the normally stratified tanks have a high
and uniform temperature throughout the buffer.
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Figure 1: Circuit diagram of CO2 unit with HYAC and DHW

3. SIMULATION MODEL
A model of the entire thermal system was created in the Modelica programming language. The
programming environment Dymola was used to simulate the quasi-dynamic system with variations
of 20 minutes intervals in the setpoint temperatures, heating and cooling loads and DHW usage. The
model was built using components from the thermodynamic library, TIL-Suite, developed by TLK-
Thermo GmbH. TIL-Suite is an advanced library for transient simulations of fluid systems and is
especially applicable for heat transfer modelling purposes, i,e. heat pumps, refrigeration, cooling and
heating systems. Among the components that are included in the library are compressors, pumps,
valves and HXs. These can be connected in the oriented physical modeling interface, Dymola, to
construct complex models. Each physical element in the diagram structure represent a real physical
element in the system. When the component elements are connected in the model structure, the
mathematical equations in all components constitute the behavior of the model. All components used
in the simulation model of the heat pump and chiller system are specified according to manufacturer
description. Plate HXs are used for all heat exchange between the different internal circuits. The VDI



heat transfer model in TIL-library (Martin, 2010) is used to describe the transfer properties of all
single-phase liquids in the system. The pressure losses are assumed to be quadratic and mass flow
dependent. Constant heat transfer coefficient of 3000 W.m=2.K" and 2500 W.m=.K" are used for the
CO.-side of the gas coolers and evaporators, respectively. TIL-library correlations for quadratic
pressure drop in pipes describe the pressure losses in the fin-and-tube evaporators (Wagner, 2001).
TIL-Media library is applied for the simulation of the fluids used in the model, which includes
refrigerant CO,, water, glycol and dry air. External data for boundary conditions, heating and cooling
loads are imported to the model with the program TIL-FileReader. All external data inputs to the
model have the resolution of one hour. Dampening transitions are included to increase the stability
of the model by reducing rapid changes. The set of model equations are solved with the DASSL
algorithm.

3.1. Boundary conditions and controlling

The control of the components in the model is achieved according to the specification given by the
manufactures of the CO2 heat pump and chiller unit. Pl-controllers operate all the active components
in the model, such as compressors, pumps, fans and valves. Each component in the model is
controlled according to setpoints in the system. All the important parameters in the hotel thermal
system are measured and logged at irregular intervals. As the system is not operating in a controlled
environment, irregular data points may occur. A 72-hour period of system operation (3@ — 6™
November 2018) was chosen in order to validate the behavior of the Dymola model. This period was
selected as it best reflects the specified and typical behavior of the system. Fig. 2 shows the ambient
temperatures recorded at the hotel location during the correspondent period. The data was obtained
from the Norwegian Meteorology Institute Database. Hourly mean ambient temperatures are applied
as model input in evaporators and are used to define the setpoint temperatures of the hotel building
(Fig. 3). Curve fittings are applied to the building setpoints that are used in the model.
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The modeled requested compressor load is defined in Eq.(1), where the ratio is approximated based
on logged data from the system. The VSD compressor is controlled from a frequency of 30 to 70 Hz,
dependent on the required capacity. The three remaining compressors in the rack are controlled by
on/off switching. The requested capacity of the model will be increased in steps of 0.05 (5% of total
system capacity) if the required temperatures in the system are not reached. The displacement will
continue until the temperature setpoints in Fig. 3 are satisfied. A similar strategy is used to reduce
capacity should the ventilation supply temperature become considerably higher than the setpoint
temperature. The compressors are turned off during low load operations if the setpoints in the model
are satisfied.

0.24708(Qyent + Qraq + 1.0335)

100 + state * 0.16

Requested compressor load ratio = Eq. (1)



State in Eq.(1) is a variable that is assigned values from 0 to 2 based on the energy remaining in the
DHW storage. When the temperatures in the DHW storage becomes lower than a threshold, the
requested heating capacity of the thermal system is increased as state is no longer zero. Fig. 5
shows the simplified control logic used in the Dymola model to recreate the charging behavior in the
system. State 1 is triggered by the requirements described in path A. If the demand for DHW is
greater than what is supplied to the storage, more heat input is necessary. Path C is then activated
resulting in state 2. Path D is included as a temperature restricting of the fluid returning to GC2 (T:
in fig. 1) to limit the CO- gas cooler outlet temperature. Only when the storage is fully charged is path
B triggered and the system returns to normal operations. Fig. 5 shows the specific heat demands
applied to the model over the 72 hour period. The data are calculated based on logged power output
in the hotel thermal system, where the mean measured values per 20 minutes are used as input to
the model. Momentary power peaks and rapid changes are therefore not included. However, the
same sum amount of energy per 20 minutes is applied. No AC cooling demand occurred over this
time period.
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3.2, Model validation

A model of the entire thermal system is simulated for a 72-hour period with the input values described
in the previous section. Fig. 6 shows the simulated and measured power input to the hot water
subsystem, where the area represents the heat input. These values are equivalent to DHW heat
input through the preheat and reheat HXs (see Fig. 1). The figure also displays the percentage
energy charge in the storage. 50 and 400 kW are used to define the range between 0-100%. Fig. 7
shows the heat power input to the thermal system through the two gas coolers. The hourly root mean
square deviation (RMSD) is 37.1 and 39.0 for the simulated values in Fig. 6 and Fig. 7, respectively.
This would be considered high errors were the goal of the model to predict the exact system point
values. However, the model behavior is similar to the actual system trends as the heat input (area)
occurs at approximately the same time over the period. This is also reflected in the storage energy
as chagrining and discharging are cooccurring during the period. A certain delay is observed in the
simulated data, which has a large influence on the RMSD values. As the data is investigated over a
long time interval, external factors might influence the system behavior. The largest deviation
between the simulated and measured data is the magnitude of the power. As it can be seen in Fig.
6 and Fig. 7, the simulated data does not achieve the high power peaks that is observed in the
measured data. The underprediction of power input could be explained by model simplification, i.e.
neglecting heat losses. This behavior is of little consequence as it is undesirable, and can be
explained by the interval length mean values used as model input (Fig. 5). A reduction of the interval
would be a possible solution that would decrease the power error. However, the important aspect of
the simulation results is that the model is able to fulfill all demand inputs during the period. In addition,



all minimum setpoint temperatures are satisfied during active model operation. The model responds
similarly during the same occurrences, i.e. when there is demand for charging the DHW storage and
during the low load operations.
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Eq.(2) defines the energy efficiency of the system over the period as total amount of heat supplied
to the thermal system divided by the sum of all power inputs. Table 1 lists the measured and
simulated energy efficiency to be comparable. This is indicates that experimental and numerical
results are in a good agreement. This is further confirmed when considering the total heat
accumulations over the period. Table 1 depicts accumulated heat deviations between the numerical
and experimental data of 5.1% (DHW subsystem, Fig.6) and 4.7% (entire thermal system, Fig.7).

Table 1: Measured and simulated produced heat and efficiencies

Parameter Values Period (72 h)
Measured 4079
Total DHW heat input [kWh] Simulated 4285
% Error 5.1
Measured 8041
Total thermal system heat input [kWh] | Simulated 8418
% Error 4.7
Mean energy efficiency Measured 2.94
Simulated 2.92
- Qcc1 + Qeez
Energy EfﬁClenCy (E. E.) Z M/compressors + Z Wfans + Z VVpumps Eq. (2)

3.3. Alternative DHW accumulation and compressor control

Constant frequency of 50 Hz is applied to all compressors in the model and the control strategy of
the system is modified in order to investigate possible operational benefits. The DHW storage is
charged with available heat when the compressors are operating in optimum conditions. The
requested capacity is defined by Eq.(1). However, state is zero at all times. The compressors will
operate with the same off-conditions at low loads when setpoints are satisfied. If the setpoints
temperatures in the system are not satisfied, a second compressor will be activated. This will also
be the case if condition A (Fig. 4) is satisfied. If this is still not sufficient to charge the storage, a third
compressor will be switched on as condition C is satisfied. Similar as the behavior presented in Fig.
4, the number of compressors activated by the storage is reduced to normal when the storage is fully
charged, during which the number of active compressors again is defined by Eq.(1).



4. SIMULATION RESULTS AND DISCUSSION

A fixed-speed compressor control strategy is applied to the model and simulations are conducted for
a 72-hour period. No additional model modifications are made. Setpoints, boundary conditions and
input values are as stated in section 3.1. Fig. 8 shows the power and heat (area) to the DHW
subsystem and the instantaneous energy charge (%) in the storage. Fig. 9 shows the power and
heat to the entire thermal system. It is observed from both figures that the heat area and peak power
values are reduced compared to the simulations with VSD regulation. The desired model behavior
of heat recovery over a longer period at lower intensity is achieved. The buffer is charged over a
longer period by using available load in the compressors. The storage capacity is higher for longer
periods due to continuous DHW accumulation. The total heat energy accumulated over the period
is 4275 kWh and 8420 kWh for the fixed-speed compressor case in Fig. 8 and Fig. 9, respectively.
This is a slight increase compared to results from the simulation with VSD, which confirms that the
fixed-compressor operational strategy is a functional alternative to VSD-regulation. All thermal
demands are fulfilled and all minimum temperature setpoints are satisfied during the operating time
of the system.
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compressors

The mean energy efficiency of the entire thermal system is 3.03 for the period, which is a 3.8%
increase in relation to the reference validation case (E.E. = 2.92) with VSD controlled compressors.
For both simulations, only three of the four compressors in the rack are activated during the 72-
hours. However, the maximum compressor motor power input is reduced with 22.6 kW (from 99.2
kW to 76.6 kW) in the fixed-speed investigation. The overall energy input to the compressors are
reduced from 2726 kWh to 2601 kWh, which is a difference of 125 kWh or about 4.6% for the entire
period. A 108 kWh or 3.6% reduction in work energy input to the complete thermal system is
achieved (from 3034 kWh to 2926 kWh) in relation to the VSD regulation results. The energy
consumption of the entire thermal system is thus reduced whilst there is an increase in total heat
output. The operating time of the compressors are increased from 91% to 94% or with about 3 hours
over the interval. Heat recovery from the AC chiller unit is normally limited, as heating and cooling
demands are generally not synchronized. However, fixed-speed compressor control allows for DHW
accumulation over longer periods. A larger amount of heat could therefore potentially be recovered
from the AC ice water as the operating period is increased. Combined heat pump and chiller mode
is not investigated in this paper, as a cooling demand is not recorded in the selected time interval.
This investigation only reveals the benefits of fixed-speed compressors for periods with similar
system operation and behavior. A broader selection of operational scenarios should therefore be
investigated to fully reveal the potential benefits of fixed-speed compressor control in systems with
thermal storage.



5. CONCLUSIONS

This work investigates the operational strategy and design of the first CO, heat pump and chiller unit
installed in a Nordic hotel. A dynamic simulation model of the entire thermal system is constructed
with the Modelica programming language. A 72-hour period of system operation is selected to
validate the model behavior. Variations with 20 minute intervals in the ambient temperatures,
setpoint temperatures, heating and cooling loads and DHW usage are applied to the model. The
simulation results show high RMSD values, which are mainly caused by mismatch due to delay in
model behavior. The model responds similarly to the system during events, which is the
consequential aspect of the model validation. All demands and all minimum setpoint temperatures
are satisfied with 4.7% error in total heat energy accumulated over the period.

The thermal storage enables accumulation of DHW based on available load when operating the
compressors, which is currently applying VSD to one compressor. An alternative fixed-speed
compressor control strategy is therefore evaluated. The mean energy efficiency of the complete
thermal system increases by 3.8% to 3.03. The maximum compressor motor power input is reduced
with 22.6 kW in the fixed-speed investigation. The overall energy demand (wihtin the investigated
period of 72 h), to the compressors is reduced with 125 kWh or about 4.6%. For the model of the
entire thermal system, a 3.6% reduction in energy input is observed. The energy consumption of the
entire thermal system is reduced with a similtanous increase in the total heat output. The results
show that a fixed-speed compressor control is beneficial and should be considered in future systems.

NOMENCLATURE
Q Work Input (kW) w Heat Input (kW)
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ABSTRACT

This study investigates the performance of an integrated R744 HVAC and domestic hot water unit for a
Norwegian hotel. The thermal system of the hotel is described and data from the first year of operation are
analyzed. The heating and cooling capacities supplied by the integrated R744 unit are studied on a weekly and
monthly basis to evaluate the seasonal behavior of the system. The hot water storage devices can hold an
energy of 350 kWh at fully charged conditions and demonstrated peak demand reductions of more than 100 kW
during a two-day period. The results show that the hot water usage accounts for 52 % of the annual heat load
ofthe hotel. The energy efficiency analysis reveals an annual system COP 0f2.90, and thus an untapped system
improvement potential that can be exploited by re-evaluating the hot water charging strategy of the R744 unit.

Keywords: CO; heat pump and AC, combined heating and cooling systems, hot thermal energy storage,
domestic hot water production, analysis.

1. INTRODUCTION

An increased focus on environmentally friendly heat pump solutions together with a global effort to reduce the
application of F-gases is strengthening the position of natural refrigerants. In recent years, R744 heat pumps
has been successfully implemented in buildings with high domestic hot water (DHW) demands, such as hotels,
gyms and pool facilities (Rony et al., 2019). Integrated R744 units that provide DHW, heating and cooling can
achieve efficiencies that are comparable to HFC systems, as demonstrated by Tosato et al. (2019), Byrne et
al., (2009) and Cecchinato et al. (2005). However, different modes of R744 operation and control of DHW
storage systems can highly influence efficiency (Tosato et al., 2019; Minetto et al., 2016). This paper presents
the operation of an integrated R744 unit with 6 m?® thermal storage for hotel application through long-term
logged data, where the influence of different modes of operation are evaluated.

2. SYSTEM DESCRIPTION AND INSTRUMENTATION

The integrated R744 HVAC unit is installed in medium sized (9000 m?) hotel in Trondheim, Norway. The
system was installed as part of a refurbishment of the thermal system in 2018, replacing the existing electric-
and oil boiler. After 6 months of operation a monthly energy-saving of 59-69 % was achieved (Smitt et al.,
2019). The R744 unit is an adapted single-stage supermarket refrigeration unit with an installed heating and
air conditioning (AC) cooling capacity of 280 kW and 75 kW, respectively. Heat production is achieved with
the same strategy that is applied for heat recovery in transcritical R744 supermarket units (Danfoss, 2015),
with the exception that the heating load, rather than the cooling load, is the controlling parameter. Four air
evaporators (50 kW at -15 °C) are installed and applied dependent on the heating load. Alternatively, a heat
exchanger (HX) interface (75 kW at 12/7 °C) to the chilled water circuit (HX6) can be used to recover heat if
AC cooling is needed. The chilled water produced by the R744 system is used to supplement the existing AC
chiller unit and is only applied as an auxiliary function during heat production. The R744 system provides
heating and DHW for the hotel through two separate hydronic circuits, as shown in Figure 1. A mid temperature
circuit (< 50 °C) provides heat through the second gas cooler (GC2) to space heating, DHW preheat and defrost
of evaporators. The high temperature circuit (> 60°C) is supplied through GC1 and is primarily applied for
DHW reheating through HX3. During winter operations, high-temperature heat can be supplied from this
circuit to the hotel’s radiators and floor heating systems through HXS.
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The DHW subsystem consists of several tanks in series with a combined water volume of 6 m*. The DHW
system is supplied with heat from the R744 unit through HX2 and HX3, or from the backup electric boiler
through HX4. The control of the R744 unit is characterized by two distinctive modes of operation; active
charging of DHW tanks (charging mode) and non-charging mode. During the non-charging mode, most of the
heating load is allocated to the mid-temperature circuit to cover the moderate temperature demands, e.g.
radiators, floor and ventilation heating. Excess heat is allocated to the DHW subsystem, usually at a low load
to achieve the required DHW temperature. The second mode of operation occurs during charging of the DHW
storage and is activated when the temperatures in foremost tanks (1-3) fall below a threshold. During the
charging process, excess hot water is stored and moves through the series of tanks as the buffer is gradually
charged from tank 1 to tank 10. Water is drawn from the last tank, tank 10, and is sent through the heating
process, in the same manner as described by Minetto (2011). The thermal storage is fully charged when the
normally stratified storage reaches a high and uniform temperature.
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Figure 1: System layout
2.1. Data acquisition method

The evaluation of the system performance under different modes of operation is carried out by means of sensors
that are used to calculate key performance indicators. All hydronic fluid branches are instrumented with
temperature sensors (NTC10 thermistors, + 0.2 K) and mass flow meters (oscillator mass flow sensor, class
2). Temperature sensors in the DHW tanks and secondary systems have been validated to operate within a
range of = 0.1 K. Heat flow meters for secondary fluids are installed at every HX (PT500 temperature sensors,
oscillator mass flow sensor, class 2) and electrical power supply monitors (energy analyzer in control unit, +
2%) are installed in the R744 unit. The real-time field measurements of the hotel have been obtained via the
web-monitoring software IWMAC (IWMAC, 2009). All the recorded data have been resampled and
synchronized to the same time step, using the weighted average of the time intervals. The DHW loads were
calculated as described by Smitt et al. (2020), due to the lack of an energy meter in the DHW supply line. The
data used in this analysis were collected and processed for the period from September 2018 to September 2019.
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2.2. Performance indicators

The following parameters are calculated to assess the performance of the thermal system. Collected
measurements for heating capacities, AC capacities and power consumption are used to calculate the seasonal
coefficient of performance (SCOP) of the R744 system. The SCOP of the R744 unit and secondary systems,
referred to as SCOPyys, is defined as the ratio of useful thermal load to the total electricity consumption, using
Eq. (1). The average value of calculated measurement uncertainty is included in the equation.

2(J Qeer +J Qocz + J Qac) +62% Eq. (1)

SCOP;,s = - - - - +
s Z(f Wcompressors + foans + prumps + fWauX,el)

Wmmprcmr, W tans, and WpumpS [kW] represent the combined electricity consumption for all compressors,
evaporation fans and pumps, respectively. W e [KW] is the electricity consumption for auxiliary systems,
such as control and monitoring equipment. Qgc1 and Qcca [kW] is the heat supplied through the gas coolers as
shown in Figure 1, while Q ac is the AC load that is supplied through HX®6.

The SCOP for the entire thermal system is used to evaluate the overall performance of the thermal system in
the hotel. SCOPgy + o1 is calculated using Eq. (2) and includes heat and work from the electric boiler.

YX(J Qec1 +J Qoca + [ Qac + [ QkL)
Z(f Wcompressors + fwfans + prumps + fwaux,el + fWEL)

SCOPgys 4o = +10.5% Eq.(2)

where QgL and Wy is the heat and power associated with the operation of the electric boiler, respectively.

3. RESULTS

Field results from the operation of the thermal system in the hotel is presented in this section. The focus of the
results is surrounding how DHW charging and non-charging mode influence the system performance. Figure
2 shows parameters essential to the operation of the DHW system over a two-day period, demonstrating both
charging and non-charging mode. Figure 2A shows the temperature stratification across the storage, which is
illustrated by the temperatures in tanks 1, 5 and 10. The storage load and the corresponding energy in the
storage over the period are shown in Figures 2B and 2C, respectively. Figure 2D shows the temperature of
water that is returned to gas cooler 2 for reheating.

The water temperature of the storage fluctuates between 8 and 78°C during the period. The state of the storage
can be determined by studying the temperatures in tank 1 and tank 10. As the last tank in the series, tank 10 is
sensitive to change in DHW mass flow rates entering and exiting the DHW subsystem. Supply water at 8 °C
enters tank 10 during discharge and is gradually pushed through the storage as hot water is drawn from tank 1.
The sudden drop in all temperatures in Figure 2A illustrates the discharge of the storage and corresponds to
peaks in the DHW usage, as can be observed in Figure 2B. The energy potential of the storage is fully exploited
when tank 1 reaches its minimum water temperature. The charging of the storage is illustrated by the increase
in the temperatures across the buffer. Hot water is supplied to the storage via tank 1 and is circulated through
the buffer. The temperature boundary between hot and cold moves through the storage, as tank temperatures
are lifted. As a consequence, the temperature of the water returning from mid temperature circuit to the second
gas cooler increases, which elevates both the gas cooler outlet temperature and pressure.

As seen from Figures 2A to 2D, there is a 24-hour pattern to the behavior of the DHW storage temperatures.
The storage energy is fully exerted and is recharged twice a day. This is reflected in Figure 2B, which shows
that the storage is typically charged for 7 to 10 hours. The sudden drop in storage temperature can be seen in
reference to the behavior of DHW usage. As shown in Figures 2A and 2B, large values of DHW usage peaks
in the range of 200 kW cause a rapid decrease in the storage temperatures. The storage buffer provides a
beneficial reduction of peak loads, which is represented by the difference between DHW usage and DHW
storage heat supply, which is more than 100 kW during peak hours. At fully charged conditions, the storage
reaches an energy potential of approximately 350 kWh. Another benefit of the large storage volume is higher
flexibility in DHW production, which allows for low-intensity DHW generation over longer time intervals.
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Figure 2: Operation of the DHW system over a 2-day period showing (A) storage temperature, (B)
storage loads, (C) energy in the storage and (D) water return temperature to gas cooler 2 (GC2).

The hot water consumption in hotel buildings is characterized by large consumption peaks for a few hours
during the mornings and evenings. Figure 3 shows the hot water average daily consumption profile, DHW
usage [kWh], and the profile of heat supplied by the heat pump to the storage [kWh], over a period of one year.
The average DHW daily usage during this period is 1104 kWh/day. However, significant variations in daily
consumption were recorded with maximum and minimum values of 2480 and 480 kWh/day. On average, 2.3%
of the DHW usage is covered by the electric boiler. As seen in Figure 3, most of the DHW usage occurs
between hour 8 and midnight. The peaks in DHW usage occur during hours 9 and 23 at values around 70 kWh.
However, the heat supply to the storage does not exceed 58 kWh due to the buffer effect granted by the storage,
which demonstrates how the system handles power peaks on an average basis. On an annual basis, DHW usage
account for 52 % (403,000 kWh) of the annual heat consumption in the hotel, which is within the normal value
of 40-70% for this type of building (Su, 2012; Deng and Burnett, 2000).
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Figure 3: Hourly-average DHW usage and DHW storage heat supply from Sep. 2018 — Sep. 2019.

The seasonal SCOPs and annual values are listed in Table 1. The average ambient temperature, T,, for the
specified intervals are included in the table. All SCOPs are highly dependent on T. and increase with
approximately 0.4 from the winter to the summer season. The somewhat low value of annual SCOPys of 2.90
for the integrated system is partially due to the limited recovery of cold energy to the AC cooling circuit. On
an annual basis, approximately 5% of the total heat to the hotel is supplied by the electric boiler. As a result,
SCOPgys:c1 is reduced by 9% when compared to SCOPgy. It is expected that the boiler is applied during the
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winter season to cover peak heating. However, the low value of SCOPjys+. during the summer season indicates
excessive use of the boiler for DHW heating. This is explained by the high return temperature of water to GC2,
as shown in Figure 2D. Excessive gas cooler exit temperature triggers a signal to reduce the compressor
capacity, due to compromised efficiency. Consequently, DHW production by the heat pump is reduced and
the required load is then compensated by the boiler.

Table 1: Seasonal and annual COP from Sep. 2018 to Sep. 2019

Season Period SCOP;ys SCOPsys+a  Tal°Cl
Spring, Fall September-November, April-June 2.99+0.19 2.73+£0.29 8.4
Winter November-April 278+0.17  2.57+027 0.4
Summer June-September 320+£020  2.75+0.29 15.0
Annual September-September (2018-2019) 2.90+0.18 2.64+£0.28 6.8

The mean COPyy for transcritical operations (>73.9 bar), within specific temperature intervals are shown in
Figure 4. The COPs are categorized by whether DHW charging is taking place. Situations when the DHW
storage is being actively charged, and the system is controlled according to both SH and DHW loads, are
identified by the subscript ch. The subscript nch includes circumstances when the heat supply to the hotel is
controlled by SH demands, and no active charging of the DHW storage is taking place. The analysis of variance
(ANOVA: single factor) was applied to analyze the efficiency of the system under different modes of
operations. The difference is considered significant at p < 0.05.
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Figure 4: COP during DHW charging and non-charging for specific temperature intervals.

Figure 4 exhibits significant difference between charging and no charging values of COPyy, for all intervals,
with the exception of -10 to -5°C and 10 to 15°C. The mean COPyys during no DHW charging, COPgys nch, 1S
generally higher than charging mode COPgy;, COPgysch, at low temperatures. However, both COPgysch is
considerably higher than COPgy, nch at ambient temperature above 15°C. This unusual relationship between the
two modes of operation can be explained by the magnitude of the space heating load and the temperature of
the water returning to the second gas cooler. The temperature of the fluid returning from the secondary system
is generally higher at high values of space heating, as the setpoints of space heating and thus the return
temperatures are elevated at low values of T.. Additionally, DHW charging provides a temperature lift in the
return circuit, which was also illustrated by Tosato et al. (2019). They noted a reduction in COP of 18 % during
the final part of the DHW charging process, which was caused by high return temperatures from the storage.
Hence, during seasons with low Ta, high space heating and thus generally high return fluid temperature, the
heating load of the R744 unit is limited due to high gas cooler outlet temperatures. This problem diminishes
when space heating is limited, as can be observed in Figure 4 at T, above 15°C.

4. CONCLUSIONS

This work investigated key operating parameters for an R744 heating and AC cooling unit installed in a
Norwegian hotel. The system is integrated with HVAC, DHW and a 6 m® thermal storage. Field measurements
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from the hotel were analyzed for a one-year period and essential parameters to evaluate the system performance
under different modes of operation were discussed. The DHW load accounts for 52% of the annual heat load
supplied to the hotel and follows a particular 24-hour pattern, with low consumption between midnight and
hour 6. The peak DHW load occurs around hour 9 and reaches an hourly-averaged value of 73 kWh. The
DHW storage holds an energy capacity of 350 kWh at fully charged conditions and demonstrates peak demand
compensation of more than 100 kW during a two-day period. The COPs during DHW charging mode are
higher when compared with no charging mode at ambient temperatures above 15°C, due to limited space
heating demands. The annual SCOP for the integrated R744 system was found to 2.90. Additionally, about
5% of the total heat to the hotel is supplied by the electric boiler, which decreases overall system SCOP by
9%. The application of the boiler is often a result of high return temperatures from the building during DHW
charging, which limits the operation of the heat pump. Other factors that greatly influence the efficiency of
the system are variations in the ambient temperatures and high temperatures at the gas cooler exit. Future work
should therefore focus on increasing the system performance by charging the storage during longer periods at
reduced capacities.

NOMENCLATURE
AC Air Conditioning subscripts
DHW  Domestic Hot Water
GC Gas Cooler aux,el  Auxiliary electrical equipment
HVAC Heating, Ventilation, Air Conditioning ch Charging mode
HX Heat Exchanger EL Electric boiler
Q Thermal load [kW] nch Non-charging mode
SCOP  Seasonal Coefficient of Performance Sys R744 unit and secondary systems
w Power [kW] systel R744 unit, secondary systems and boiler
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