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Abstract

The motivation for this thesis was to design a reverse osmosis system that
is small, lightweight, durable and easy to transport. The intended appli-
cation area of the system is to secure the supply of clean drinking water
in remote parts of the world where infrastructure is lacking, or in areas
struck by natural disasters. Reverse osmosis is a leading water treatment
technology. In a reverse osmosis system, pressurized feedwater is forced
through a membrane, and low pressure permeate and high pressure con-
centrate exits. The energy consumption of the process is a key factor that
influences the production cost of the water. By utilizing the energy of the
exiting high pressure concentrate, the energy consumption of the process
can be significantly reduced.

The primary focus of this thesis was the high pressure pump supplying
the feedwater to the system and the energy recovery device utilizing the
pressure energy of the exiting concentrate. These components and their
influence on the performance of the entire system was to be evaluated by
looking at four different solutions. The first solution comprises a high pres-
sure centrifugal pump and a Turgo turbine energy recovery device coupled
together on the same shaft. The second solution comprises a high pressure
reciprocating pump and a Turgo turbine energy recovery device coupled
together on the same shaft. The third solution comprises a high pressure
reciprocating pump without any energy recovery device. The fourth and
final solution comprises a reciprocating pump with integrated energy re-
covery. After investigating all four solutions the most practical solution for
the given application area was decided, and a prototype of the entire sys-
tem was constructed using the computer-aided design software Autodesk
Inventor.

The most practical solution for the system is believed to be the reciprocat-
ing pump with integrated energy recovery. It is believed that the energy
savings can be as high as 43 percent when using this solution. The reason
for choosing the reciprocating pump over the centrifugal pump is that a
reciprocating pump is much better suited for applications of high pressure



and low flow rate. The centrifugal pump could not be designed without
considerable hydraulic losses. The design of the Turgo turbine was however
successful, and it was found that the energy savings by implementing the
Turgo turbine as an energy recovery device could be as high as 41 percent.
The drawback of the Turgo turbine is that it will increase the size of the
system compared to a reciprocating pump with integrated energy recov-
ery. The efficiency of the Turgo turbine will also depend more closely on
available head. The reciprocating pump without energy recovery will only
reduce the size and complexity of the system slightly, and the recommended
solution for the system is therefore the reciprocating pump with integrated
energy recovery.

To further validate the assumptions made on the efficiency of the recip-
rocating pump with integrated energy recovery, a Computational Fluid
Dynamics analysis should be performed. Due to time limitations this was
however not performed in this master’s thesis, and is therefore suggested
as further work.







Sammendrag

Motivasjonen for denne masteroppgaven var å designe et system som benyt-
ter teknologien reversert osmose til å produsere drikkevann. Målet var å
designe et lett, lite og robust system som enkelt kan transporteres. Sys-
temet skal kunne benyttes i katastrofeomr̊ader og i andre deler av verden
hvor infrastruktur er manglende eller fraværende. Reversert osmose er en av
de ledende teknologiene p̊a verdensbasis for produksjon av drikkevann. I et
reversert osmosesystem føres vann med høyt innhold av uønskede partikler
gjennom en membran som holder igjen de uønskede partiklene, og lar rent
vann passere. Det urene vannet føres inn p̊a membranen med høyt trykk,
rent vann med lavt trykk passerer, og restvann med høyt trykk og høy
konsentrasjon av partikler føres ut av systemet. Energien som kreves un-
der denne prosessen utgjør en stor del av kostnaden p̊a det ferdige vannet.
Ved å utnytte trykkenergien til restvannet kan energiforbruket reduseres
betraktelig.

Hovedfokuset i denne masteroppgaven har vært pumpa som trykksetter
tilførselsvannet og enheten som gjenvinner trykkenergien i restvannet. Disse
komponentene og deres innvirkning p̊a ytelsen til hele systemet skulle eval-
ueres ved å vurdere fire forskjellige løsninger. Den første løsningen best̊ar
av en sentrifugalpumpe og en Turgoturbin. Den andre løsningen best̊ar
av en stempelpumpe og en Turgoturbin. I b̊ade første og andre løsning
er pumpa og turbinen koblet p̊a samme aksling, slik at energien gjenvun-
net i turbinen direkte bidrar til å redusere energien som kreves for å drive
pumpa. Den tredje løsningen best̊ar av en stempelpumpe uten noen form
for energigjenvinning. Den fjerde og siste løsningen best̊ar av en stem-
pelpumpe med integrert energigjenvinning. Etter å ha undersøkt alle fire
løsninger, skulle den mest praktiske løsningen for systemet bestemmes. En
modell av hele systemet ble konstruert med designprogramvaren Autodesk
Inventor.

Den mest praktiske løsningen for systemet antas å være en stempelpumpe
med integrert energigjenvinning. Ved å benytte en slik løsning er det grunn
til å tro at energibesparelsen kan bli s̊a mye som 43 prosent. Grunnen til



å velge en stempelpumpe over en sentrifugalpumpe er at stempelpumpa er
mye bedre egnet for systemer som krever høyt trykk og lav volumstrøm.
Det var ikke mulig å designe en sentrifugalpumpe uten store hydrauliske
tap. Designet av Turgoturbinen anses som vellykket, og det antas at en-
ergibesparelsen ved å benytte denne til energigjenvinning kan bli opp mot
41 prosent. Bakdelen ved å benytte Turgoturbinen til energigjenvinning er
at størrelsen p̊a systemet vil øke i forhold til å benytte en stempelpumpe
med integrert energigjenvinning. Virkningsgraden til Turgoturbinen er
ogs̊a mye nærere knyttet opp mot tilgjengelig trykk. Ved å benytte en
stempelpumpe uten energigjenvinning vil størrelsen og kompleksiteten p̊a
systemet kun reduseres litt. Den anbefalte løsningen for systemet er derfor
stempelpumpa med integrert energigjenvinning.

For å validere antakelsene gjort om virkningsgraden til stempelpumpa med
integrert energigjenvinning, burde det vært gjort en CFD analyse. P̊a
grunn av tidsbegrensninger ble dette ikke gjort i arbeidet med denne mas-
teroppgaven, og det er derfor foresl̊att som videre arbeid.
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1 Introduction

”We’d empty half the hospital beds in the world if we just gave people
clean water.” These are the words of a very inspirational man by the name
of Dean Kamen [24]. His words are supported by the World Health Orga-
nization (WHO) who in 2014 confirmed that at least 1.9 billion people rely
on unimproved or contaminated water [33]. WHO also states that access
to safe drinking water is essential to health and a basic human right [32].

In areas where clean water is a scarce resource, water treatment technolo-
gies are essential. Kamen, well known as the man behind the Segway
personal transportation device, has designed a small and portable water
treatment system that goes by the name of the Slingshot Water Purifier.
The system is the size of a dorm fridge. The technology behind the Slingshot
is vapor compression distillation. Water is heated in a boiling chamber, the
vapor is collected and compressed, and the superheated vapor is condensed
in a heat exchanger between the incoming and outgoing water. The energy
required to heat the incoming water is thus reduced at the same time as
the superheated vapor is condensed.

Being able to produce an efficient water purification system is one thing.
Distributing it to the parts of the world where it is needed is another.
Kamen managed to distribute his Slingshot in a very clever manner. He
approached the Coca-Cola Company which has one of the best developed
distribution systems in the world. Together, Coca-Cola and Kamen an-
nounced that they would place up to 2000 units around Africa, Asia and
Latin America within the end of 2015 [24].

The objective of this thesis is to design a small scale water treatment sys-
tem. The intended application area of the system is to secure the supply
of clean water in remote parts of the world where infrastructure is lacking,
and in areas struck by natural disasters. For this reason, the system is de-
signed to be lightweight, small, durable and easy to transport. The system
is however based on a different technology than Kamens Slingshot, namely
reverse osmosis. Reverse osmosis is a leading water treatment technology
worldwide, both for small and large scale applications. Reverse osmosis,
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although an energy intensive process, is known to be less energy intensive
than vapor compression distillation. This is because the energy required
to pressurize the water in a reverse osmosis system is less than the energy
required to vaporize water [15].

In a reverse osmosis system, pressurized feedwater is forced through a mem-
brane. The products of the process are low pressure freshwater called per-
meate and high pressure reject water called concentrate. The process is
very energy intensive, and the energy cost could represent up to 50 percent
of the final cost of the water product [34]. By utilizing the energy of the
exiting high pressure concentrate, the energy consumption of the process
can be significantly reduced.

The primary focus of this thesis is the high pressure pump supplying the
feed water to the system and the energy recovery device utilizing the high
pressure energy of the exiting concentrate. These components and their in-
fluence on the performance of the entire system is to be evaluated by look-
ing at three different solutions. The first solution comprises a high pressure
centrifugal pump and a Turgo turbine energy recovery device coupled to-
gether on the same shaft. The second solution comprises a high pressure
reciprocating pump and a Turgo turbine energy recovery device coupled
together on the same shaft. The third solution comprises a high pressure
reciprocating pump without any energy recovery device. The fourth and
final solution comprises a reciprocating pump with integrated energy re-
covery. After investigating all four solutions the most practical solution for
the given application area is decided.

This report will have the following structure. First a short background
and history on the reverse osmosis technology is given. Then the theory
on reverse osmosis, the centrifugal pump, the reciprocating pump, and the
Turgo turbine is covered, together with their respective working principles.
With the theory in mind, the design procedure and results are covered
in detail. Finally the optimal solution for the reverse osmosis system is
discussed and presented, and further work is suggested.
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2 Background and History

This section is taken from the project thesis written in the fall of 2015 by
Løken [26].

Desalination is a water treatment technology applied to recover freshwater
from sea and brackish waters with a high concentration of dissolved solids.
In the early 1950s, the predominating technologies were based on thermal
energy [21], like thermal flash evaporation. With thermal flash evaporation
the feedwater is evaporated, the evaporated water is collected, and the
remaining concentrate returned to the sea. The energy requirement for this
process is independent of the salt content [39], but the process is extremely
energy intensive.

A significant breakthrough in desalination technology was made in 1959,
when researchers at the University of California (UCLA) demonstrated the
process known as reverse osmosis (RO). Reverse osmosis is not a thermal
process like thermal flash evaporation, but a membrane process. Samuel
Yuster and two of his students at UCLA, Sidney Loeb and Srinivasa Souri-
rajan, were able to produce a synthetic RO membrane from cellulose acetate
polymer. The membrane was capable of rejecting salty water and passing
freshwater at acceptable pressures and flow rates.

The first commercial RO plant producing pure water began operation in
1965 in Coalinga, California. The Coalinga plant produced pure water from
brackish water. Producing freshwater from seawater is a more challenging
task, seeing as the salt content of seawater is roughly ten times that of
brackish water. Nevertheless, research progressed rapidly, and today fresh-
water is produced from seawater at large scale through reverse osmosis
[18]. The working principle of reverse osmosis is reviewed in more detail in
section 3.1.
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3 Theory

3.1 Reverse Osmosis

Parts of this section is taken from the project thesis Desalination of Water
by Reverse Osmosis written in the fall of 2015 by Løken [26].

Figure 3.1: Sketch showing the working principle of osmosis (left) and
reverse osmosis (right) [11].

Osmosis is a natural process that plays an important role in the metabolism
of humans, plants and animals. Osmosis equalizes the difference in con-
centration of a solute between two solutions. If seawater and freshwater
are separated by a semi-permeable membrane (meaning that only specific
particles may travel through), the freshwater will travel through the mem-
brane and tend to dilute the seawater, lowering the salt concentration on
this side. This process will continue until the osmotic pressure is reached
on the seawater side, and freshwater can no longer travel through the mem-
brane.

Reverse osmosis is the opposite process of osmosis, i.e., the water is forced
in the opposite direction by applying an external pressure greater than the
osmotic pressure. This is the working principle when producing drinking
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water from seawater or brackish water. By applying an external pressure
greater than the osmotic pressure of the saline waters, freshwater can be
forced through a membrane while the unwanted particles remain. The
energy requirement, i.e., the external pressure required, depends on the
salt content of the feedwater, in contrast to the energy requirement for
thermal flash evaporation.

Due to remarkable improvements in membrane technology and energy con-
sumption, reverse osmosis is today a leading desalination technology. It is
used worldwide in both small and large scale applications [21].

A simple sketch showing the main components of a reverse osmosis system
is given in figure 3.2.

Figure 3.2: The main components of a reverse osmosis system. The feed-
water is pressurized through a high pressure pump (HPP).

The feedwater enters the membrane at high pressure, and low pressure
freshwater and high pressure concentrate exits. The amount of freshwater
produced depends on the recovery ratio of the membrane, defined as the
volume of freshwater produced per unit volume of feedwater. The recovery
ratio for seawater is in the range of 40 - 70 percent [20]. The sea or brackish
water, here on out referred to as the feedwater, must be applied a pressure
exceeding that of the osmotic pressure to force freshwater through the
membrane. For seawater this pressure is in the range of 65 to 75 bar [39],
and for brackish water in the range of 15 to 40 bar.

The energy consumption is a key factor that influences the production cost
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of freshwater produced by reverse osmosis. Typically 50 - 75 percent of the
energy consumed by seawater RO desalination plants is used to drive the
motors for the high pressure feed pumps [21]. The energy consumption can
be reduced by improving the membrane technology, and by utilizing the
high pressure of the exiting concentrate stream in energy recovery devices
(ERD).

3.1.1 Energy Recovery Devices

The first energy recovery devices were turbines, utilized in RO systems
since the early eighties. In a paper published in the international journal
Desalination in 1981 [43], Woodcock suggests that the Pelton turbine can
be used to convert the kinetic energy of the concentrate jet to rotating
mechanical energy which again can drive an electric generator. Woodcock
also suggests that the turbine might be coupled directly to the shaft of the
feedwater pump to reduce the electrical input to the motor. The simplicity
as well as the flat efficiency curve of the Pelton turbine is emphasized,
making it well suited to operate at flows outside the best efficiency point
(BEP). A compact unit comprising a pump and a turbine on the same shaft
was featured in the journal World Pumps in 2000, manufactured by Sulzer
Roteq [39]. The application area for the system was geographical regions
with dry climates and towns and villages located in remote areas.

Today, energy recovery devices can be classified as turbine types or positive
displacement types. The turbine based ERDs include Francis turbines, Pel-
ton turbines and hydraulic turbochargers. The positive displacement types
are pressure exchangers or work exchangers. The positive displacement
types can achieve a higher energy recovery efficiency, up to 90 - 95 per-
cent, and is a promising technology. However, the turbine type recovery
devices, with efficiencies ranging from 50 to 90 percent, are the most com-
mon devices utilized due to mechanical simplicity, higher process uptime
and operational flexibility [21].

3.1.1.1 Turbine Energy Recovery Devices

The turbine energy recovery device converts the kinetic energy of the con-
centrate jet exiting the nozzle to rotating mechanical energy. When the
turbine is connected to the same shaft as the pump, the total energy trans-
fer efficiency is the product of the efficiency of the nozzle, the turbine and
the high pressure pump [21]. A sketch of a system configuration including
a turbine is provided in figure 3.3.
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Figure 3.3: RO system configuration including a turbine. The feedwater is
pressurized through a high pressure pump (HPP).
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The turbocharger energy recovery device comprises a pump and a tur-
bine combined in one housing as shown in figure 3.4. Both the pump
and the turbine contain a single stage impeller or rotor. The feedwater is
initially pressurized by high pressure pumps connected in series with the
turbocharger to an intermediate pressure level, and then the pressure is
increased to the RO inlet pressure in the turbocharger.

Figure 3.4: Turbocharger [17].

3.1.1.2 Positive Displacement Energy Recovery Devices

In the positive displacement energy recovery devices, the pressure energy
of the concentrate is directly transferred to the feedwater. A sketch of this
kind of system configuration is given in figure 3.5.

The pressure exchanger comprises a rotating cylinder with ducts parallel to
the axis of rotation. The cylinder rotates within a sleeve between two end
covers and is turned by the flow itself. The high pressure of the concentrate
is directly transferred to the low pressure feedwater. Mixing between the
concentrate and the feedwater is minimal because the exposure time is so
short. The working principle is illustrated in figure 3.6.

The work exchanger is based on moving pistons in cylinders. Referring to
figure 3.7, the high pressure concentrate enters the cylinder from the left
and transfers energy to seawater which initially is at low pressure through
the piston moving to the right. The seawater leaves the cylinder at high
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Figure 3.5: RO system configuration including positive displacement en-
ergy recovery device. Parts of the feedwater is pressurized through a high
pressure pump (HPP), and the other part is pressurized in an energy recov-
ery device and rejoins the rest of the feed stream through a booster pump
(Booster).
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Figure 3.6: Schematics of a pressure exchanger. Arrows indicate flow di-
rection and pressure. Red color for concentrate, blue for feedwater, high
pressure white arrow, low pressure transparent arrow. [1]
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pressure, and the concentrate is now at low pressure. The piston moves
to the left and low pressure seawater enters from the right as seen in the
bottom cylinder.

Figure 3.7: Schematics of a work exchanger [13].

The energy transfer efficiency of the the positive displacement type ERDs
can exceed 95 percent [34]. Another advantage of the positive displacement
ERDs compared to the centrifugal ERDs is that the efficiency varies little
with operating pressure and flow rate.

3.2 The Centrifugal and the Reciprocating

Pump

Parts of this section is taken from the project thesis Desalination of Water
by Reverse Osmosis written in the fall of 2015 by Løken [26].

The objective of a pump is to lift or raise the pressure of a fluid. Common
applications of pumps include the raising of fluid from a low level to a high
level, the supply of high pressure fluid to some industrial process, or even
the supply of fluid from a higher to a lower level. The latter may be the
case in long pipelines where the hydraulic resistance is very high [25].

3.2.1 Classification of Pumps

In a pump, mechanical energy is transformed into hydraulic energy. Pumps
are classified according to the way in which energy is imparted to the fluid.
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Two of the basic methods are volumetric displacement and addition of
kinetic energy [16].

In the positive displacement pump, energy is imparted to the fluid by means
of volumetric displacement. In impeller pumps, also referred to as kinetic
pumps, energy is imparted to the fluid by the addition of kinetic energy.
One of the main differences between the two lies in how the fluid is trans-
ferred from the suction side to the discharge side, i.e., from the low pressure
side to the high pressure side of the pump.

In a positive displacement pump, the fluid on the suction side is raised by
a pressure drop created by an increasing cavity in the pump. A decreasing
cavity pushes the fluid out to the discharge side. A fixed volume of fluid is
displaced from the suction to the discharge.

In an impeller pump, the rotation of the impeller sets the fluid particles in
motion, from the suction side to the discharge side. This motion produces a
reduction in pressure at the inlet side, and the fluid flows through the suc-
tion pipe and into the pump casing. The fluid is accelerated by the motion
of the impeller, and thus experiences an increase in kinetic energy. The ki-
netic energy is transformed into pressure energy partly in the impeller and
partly in outlet elements such as diffusers and volutes, commonly termed
recuperators [25].

The types of positive displacement pumps and impeller pumps can again
be subdivided into different categories depending on their principle of op-
eration. Two different pump types will be considered here. The first one
is a type of impeller pump called centrifugal pump, and will be reviewed
in section 3.2.2. The second, a type of displacement pump, namely the
reciprocating pump, will be reviewed in section 3.2.3.

3.2.2 The Centrifugal Pump

The centrifugal pump can be classified as belonging to one of three cate-
gories depending on the flow direction through the impeller. According to
this, a centrifugal pump is classified as radial, semi-axial or axial.

In the axial pump the fluid flows along the axis of rotation in a spiraling
motion. In the radial pump, the fluid flows axially into the impeller eye, and
radially outwards. The shape of the impeller and the casing determines the
path of the flow, i.e., the shape of the impeller and casing decides whether
the pump is radial, semi-axial or axial. The geometry varies continuously
from the radial to the axial pump types, depending on the flow and head
of the pump. More generally, the geometry varies with the specific speed
of the given pump [6].
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The specific speed is used to classify pumps according to the geometry of
the impeller. This is useful because the performance of a given machine can
be predicted by comparing it with the experimentally known performance
of another geometrically similar machine [41].

The specific speed is defined as

nq = n

√
Q

H3/4
(3.2.1)

See figure 3.8 for representative impeller geometries related to different
specific speeds. Note that the specific speeds given in the figure was cal-
culated on the basis of flow and head given in gallons per minute and feet,
respectively, not in SI units.

Figure 3.8: Impeller geometry as a function of flow and head [6].

The generation of head in the radial centrifugal pump is treated in section
3.2.2.1.

3.2.2.1 Energy conversion

In a centrifugal pump, the mechanical energy of the impeller or runner
is transformed into hydraulic energy in the fluid. In the radial type of
centrifugal pump, the total head generated is produced by the action of
centrifugal forces as well as the change in absolute velocities.

A simple sketch of a radial centrifugal pump is given in figure 3.9.

The theoretical considerations for the conversion of energy in a radial cen-
trifugal pump will be simplified with the assumption that the number of
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Figure 3.9: Simple sketch of a single stage centrifugal pump. Axial view to
the left, and radial view to the right [5].
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blades or vanes are infinite and that the blades are infinitely thin. This is
equivalent with assuming perfectly axi-symmetrical flow. In a cylindrical
coordinate system this means that the velocity of the flow can be described
by the r and z coordinates only and is independent of θ. Further, the axi-
symmetrical flow is resolved into two components, the meridional and the
circumferential or tangential flow components.

The meridional velocity, denoted by subscript m, is the velocity in the axial
direction at the inlet of the impeller, and at the outlet of the impeller, it
is the velocity in the radial direction in the plane passing through the axis
of rotation. The circumferential velocity, denoted by subscript u is the
velocity in concentric circles around the axis of rotation [25].

In the following all losses are neglected, meaning that the total power out-
put from the motor driving the impeller is assumed transformed into hy-
draulic energy in the fluid.

The energy conversion in the impeller can be described by considering the
velocity diagrams at the inlet and outlet. See figure 3.10 for typical velocity
diagrams in a radial centrifugal pump.

Figure 3.10: Velocity diagrams at inlet and outlet of a radial centrifugal
impeller. An axial view of the impeller is given in the upper left corner and
radial view of the impeller is given in the lower left corner [6].

In figure 3.10 the absolute velocity of the water is denoted by c, the relative
velocity of the water to the impeller is denoted by w and the peripheral
velocity of the impeller is denoted by u. The angle between the relative and
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peripheral velocity is denoted by β and the angle between the absolute and
peripheral velocity is denoted by α. The inlet and outlet of the impeller is
denoted by the subscripts 1 and 2, respectively. The angular speed of the
impeller is denoted by ω.

The force, F , exerted on the fluid by the impeller under the above men-
tioned assumptions is given by the product of density, ρ, flow rate, Q and
the change in absolute circumferential velocity, cu [5]

F = ρQ(cu2∞ − cu1∞) (3.2.2)

The subscript∞ indicates that the impeller has an infinite number of blades
and infinitely thin blades.

The torque on the fluid is given by the product of the force and the radial
distance from the axis of rotation, r [5]

T = ρQ(r2cu2∞ − r1cu1∞) (3.2.3)

The power exerted on the fluid by the impeller is given by [5]

P = Tω = ρQ(u2cu2∞ − u1cu1∞) (3.2.4)

where the relationship between the angular speed ω and the peripheral
velocity u of the impeller is u = ωr.

The power exerted on the fluid can also be expressed as [5]

P = ρQgHt∞ (3.2.5)

where Ht∞ denotes the theoretical head of the pump with an infinite num-
ber of infinitely thin blades. By combining equations 3.2.4 and 3.2.5 the
famous Euler equation is obtained [5]

Ht∞ =
u2cu2∞ − u1cu1∞

g
(3.2.6)

This equation was introduced by Leonhard Euler in 1754, and is one of
the fundamental equations in turbomachinery [25]. The Euler equation
expresses that the theoretical head of the pump is dependent on the velocity
changes through the impeller. From equation 3.2.6 it can be seen that a
flow free of rotation at the inlet, i.e., cu1 = 0 maximizes the theoretical
head.
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The Euler equation can be rewritten by applying trigonometric relations
found from the velocity diagrams in figure 3.10. The resulting equation
shows the contribution to the theoretical head by the individual velocity
components [5].

Ht∞ =
u22 − u21

2g
+
w1

2
∞ − w2

2
∞

2g
+
c2

2
∞ − c12∞

2g
(3.2.7)

The theoretical head is the sum of the potential head and the dynamic
head. The potential head is given by the first and second term on the right
hand side of equation 3.2.7, and is produced by the action of centrifugal
forces and the reduction of the relative velocity. The dynamic head is given
by the last term on the right hand side and is equal to the difference in the
absolute velocity. The dynamic or kinetic head is transformed into pressure
energy in the outlet elements of the pump, which are described in section
3.2.2.2.

Equation 3.2.7 describes the head generated by a pump with an infinite
number of infinitely thin blades and no losses. In reality the head generated
by a pump is influenced by the finite number of blades and hydraulic,
volumetric and mechanical losses. To differentiate between theoretical and
actual head, the following notation is used. Ht∞ denotes the theoretical
head of a pump with an infinite number of infinitely thin blades, Ht denotes
the theoretical head of a pump where the influence of a finite number of
blades is considered and H denotes the actual head of a pump with losses.

The effect of a finite number of blades leads to a phenomenon known as slip.
Slip is caused by the pressure difference between the front and backside of
the blades, and causes the fluid to leave the impeller at a slightly different
angle than the one given by the blade outlet, β2. By consulting the velocity
diagrams in figure 3.10, a reduction of the angle β2 leads to a reduction in
the velocity component cu2 and from equation 3.2.6 this means a reduction
in the head generated by the pump.

The main losses in a centrifugal pump are hydraulic losses, leakage losses
and mechanical friction losses [5]. These losses reduce the total head gen-
erated by the pump, and the size of these losses can be quantified by the
pump efficiency. The total pump efficiency, ηp, describes the percentage
of the available energy transformed to useful energy in the pump. The
total efficiency is the product of the hydraulic, mechanical and volumetric
efficiency

ηp = ηhηmηV (3.2.8)
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The volumetric efficiency is the ratio of the outlet flow rate to the inlet
flow rate which differ because of leakage losses [25]. The leakage losses
arise when the fluid travels between the different components of the pump.
The essential components of a centrifugal pump are mentioned in section
3.2.2.2.

3.2.2.2 Essential components

Centrifugal pumps may be single stage or multistage, vertical or horizontal.
A single stage pump comprises one impeller, a multistage pump comprises
several impellers arranged in an appropriate manner, in order to increase
the total head of the pump. Independent of whether the pump is single
stage or multistage, the essential components of a centrifugal pumping
system are; inlet pipe, impeller (rotor), seals, shaft, bearings, casing (stator)
and delivery pipe.

In figure 3.11 a cutaway of a multistage pump is given to aid the visualiza-
tion of the different components.

Figure 3.11: A cutaway of a multistage pump with 5 stages connected in
series [14].

A pump may receive water from a sump, river, tank, reservoir or pipe,
above or below the centerline of the pump [3]. The shape of the inlet pipe
leading the fluid to the impeller is of great importance, and affect both the
impeller efficiency and pump cavitation characteristics [41]. It is important
that the flow into the centrifugal pump is without prerotation or prewhirl,
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as seen from equation 3.2.6. To ensure this the piping should be smooth,
and the cross-sectional area of the inlet pipe gradually reduced to produce
a uniform velocity increase in the pipe. It is equally important to avoid
air pockets in the piping, as this will reduce the efficiency of the pump.
To avoid air pockets the inlet pipe should be rising at a slope from the
reservoir towards the pump centerline. If the inlet pipe is horizontal, air
pockets may appear.

The impeller is rotating at a certain angular speed and transfers mechanical
energy to the fluid. The impeller often has a complex shape, and requires
thorough consideration.

Seals separate the rotating and stationary parts. There will always be
leakage losses through the clearance spaces.

The shaft connects the driver with the impeller(s). The driver is most
frequently an electric motor. The shaft must be designed to withstand
the torsional forces, the bending forces and the axial forces acting on the
shaft. The bending forces arise from the load of the shaft itself and the
parts attached to it, together with the radial thrust arising from an uneven
pressure difference along the periphery of the impeller. The axial forces
arise from the pressure difference between inlet and discharge and between
the stages in a multistage pump.

The bearings transfer the radial and axial forces in the pump, and en-
sures that the axial movement of the shaft and radial deflection is within
acceptable limits with a minimum friction loss.

The casing is stationary. In the casing the kinetic energy of the fluid leaving
the impeller is transformed into pressure energy. This transformation takes
place in elements called recuperators. The recuperators can have several
different shapes, the most common ones are volutes and diffuser-rings. All
recuperators have an increasing flow area in order to reduce the velocity
and increase the pressure. A multistage pump also has return passages to
lead the flow into the next stage.

The delivery pipe delivers the high pressure fluid or the discharge to the
required location. The discharge may be regulated for changes in demand.
Disharge regulation at constant speed is most commonly achieved by open-
ing or closing the delivery valve [25].

3.2.2.3 Operation

Before start-up, a centrifugal pump must be primed. Priming means filling
the system with fluid and driving out all air. The inlet or suction pipe,
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casing and delivery pipe up until the delivery valve must be completely filled
with fluid such that all air pockets are gone. At this point the delivery valve
is still closed.

Priming of the centrifugal pump is essential. The pump may be started
when it is filled with air, and a head will be generated. But, because of the
low density of air, the suction head generated will not be enough to lift the
fluid into the pump and flow can not take place [3].

When the pump is primed the motor that drives the pump may be started.
The delivery valve is kept closed while starting the motor to reduce the
required starting torque.

When the delivery valve is opened, the fluid flows outward in the radial
direction and leaves the vanes of the impeller with high velocity and pres-
sure.

Suction is created at the eye of the impeller due to centrifugal forces. This
causes the fluid from the sump which may be at atmospheric pressure, to
travel through the suction pipe and into the impeller eye.

When the fluid leaves the impeller it enters the stator. The purpose of
the stator is to diffuse kinetic energy into pressure energy. This is done by
gradually expanding the flow area. The fluid may travel from the impeller
through the casing and to the next stage in a multistage pump, and finally
the fluid travels through the delivery pipe and delivery valve.

3.2.2.4 Cavitation

Cavitation is the formation of vapor bubbles in the fluid flowing through
the pump. This happens if the local static pressure falls below the vapor
pressure of the fluid at the given temperature. Small vapor bubbles will
form, and when reaching regions of higher pressure, they will collapse.
When the bubbles collapse near a surface, a jet stream will be formed in the
center which hits the surface with large impact. The collapse creates large
local pressure oscillations, and because of this, fully developed cavitation
can send vibrations through the whole pump and even the foundations of
the pump.

In a centrifugal pump, the highest danger of cavitation is at the impeller
inlet. To avoid cavitation the pressure must be above the vapor pressure
of the fluid. The pressure at the inlet can be found by applying Bernoulli’s
equation along a streamline from the lower reservoir to the inlet of the
impeller.

The required head to avoid cavitation at the inlet is called the required
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Net Positive Suction Head, NPSHR. It can be found from the following
empirical formula

NPSHR = a
cm1

2

2g
+ b

u21
2g

(3.2.9)

The available Net Positive Suction Head is given by

NPSHA = Hatm −Hva −Hs (3.2.10)

where Hatm is the atmospheric pressure, Hva is the vapor pressure of the
water at the given temperature, and Hs is the elevation of the impeller
inlet relative to the free surface of the lower reservoir as depicted in figure
3.12.

The requirement for avoiding cavitation thus becomes

NPSHA > NPSHR (3.2.11)
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Figure 3.12: Principal sketch of a centrifugal pumping system with lower
and upper reservoir [25].
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3.2.3 The Reciprocating Pump

John E. Miller defines the reciprocating pump as a mechanical device used
to impart a pulsating, dynamic flow to a fluid through positive displacement
elements such as pistons or plungers. The displacement element moves in
a linear reciprocating motion inside a stationary cylinder. The cylinder is
alternately filled and emptied of fluid due to the increasing and decreasing
cavity created in the cylinder by the displacement element. Check valves
at the inlet and outlet of the cylinder ensures that the fluid is directed from
the suction to the discharge. The piston or plunger is driven by a rotating
crank and connecting rod mechanism [29].

3.2.3.1 Energy Conversion

In a reciprocating pump, the mechanical energy of the positive displacement
element is transformed into hydraulic energy in the fluid. See figure 3.13,
showing the basic geometry of a single-acting reciprocating piston pump.

Figure 3.13: Sketch showing the basic geometry of a single-acting recipro-
cating piston pump.

With figure 3.13 in mind, the working principle of the reciprocating pump
can be more thoroughly explained. As the crankshaft rotates, the rotating
motion is transferred through the connecting rod to the crosshead. The
crosshead is constrained to a linear reciprocating motion. In this manner,
the rotating motion of the crankshaft is converted to linear reciprocating
motion through the connecting rod and crosshead. The positive displace-
ment element, the piston, is connected to the crosshead through the piston
rod. During the rotation of the crankpin from 0◦ to 180◦, the suction
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stroke, the piston moves to the left and a cavity is created in the cylinder.
The increasing cavity causes the pressure in the cylinder to drop below the
pressure in the suction pipe. This allows the inlet valve to open, and fluid
fills the cylinder. During the rotation of the crankpin from 180◦ to 360◦,
the discharge stroke, the piston moves to the right, the inlet valve is forced
closed, and the fluid in the cylinder is compressed. When the pressure in
the cylinder exceeds the pressure in the discharge pipe, the outlet valve
opens, and the fluid is forced out into the discharge pipe. In this manner,
mechanical energy is transformed into hydraulic energy.

The generation of pressure head in a reciprocating pump differs from the
generation of pressure head in a centrifugal pump. In a centrifugal pump,
the rotation of the impeller imparts kinetic energy and a centrifugal force
to the fluid particles and the fluid moves radially outwards. Mechanical
energy is transferred to the fluid, and at the discharge side of the impeller
both the pressure and kinetic energy of the fluid rises when the impeller
starts rotating. In a centrifugal pump, the flow rate is dependent on the
head generated, as seen from equation 3.2.7, in section 3.2.2.1, where the
absolute and relative fluid velocities, c and w, are a function of the flow
rate and flow inlet and outlet area. In a reciprocating pump, the flow rate
is dependent on pump rotational speed only, because a fixed volume of
fluid is displaced for every rotation of the crankshaft. The pressure gener-
ated in the reciprocating pump is dependent on the system flow resistance
downstream of the pump.

The main losses in a reciprocating pump are hydraulic losses, leakage losses
and mechanical friction losses in bearings, seals and valves. These losses
can be quantified by the pump efficiency. The total pump efficiency, ηp,
describes the percentage of the available energy transformed to useful en-
ergy in the pump. The total efficiency is the product of the hydraulic,
mechanical and volumetric efficiency

ηp = ηhηmηV (3.2.12)

Volumetric efficiency is defined as the ratio between the actual displace-
ment of fluid to the theoretical displacement calculated from pump piston
diameter, stroke length and speed [29]. The delivered flow rate is always
less than the theoretical flow rate given by the displacement volume, due
to valve delay and leakage, and the the compressibility of the fluid.
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3.2.3.2 Essential Components

Within the class of reciprocating pumps there are many possible configura-
tions, and there are both horizontal and vertical pumps. Prior to presenting
the essential components of a given reciprocating pump, the differences be-
tween some of the most important configurations will be explained. This
includes the difference between a power pump and a direct-acting pump,
the difference between a single-acting and a double-acting pump, the differ-
ence between a pump having one cylinder as compared to a multicylinder
pump, and the difference between a piston and a plunger.

A power pump is a pump where rotary motion from an electric motor or
turbine is converted into reciprocating motion through a crankshaft and
connecting rod mechanism. In a direct-acting pump the reciprocating mo-
tion is caused by an integral reciprocating engine. The engine reciprocating
motion is directly transferred to the positive displacement element [42].

A single-acting pump is a pump where the fluid in each cylinder is dis-
charged only once per complete cycle or revolution. In a double-acting
pump the fluid in each cylinder is discharged twice per complete cycle or
revolution. To achieve this, a piston or a plunger must be situated between
two sets of suction and discharge valves in a single cylinder. See figure 3.14
for a sketch showing the operating principle of a double-acting pump.

Figure 3.14: Sketch showing the basic geometry of a double-acting recip-
rocating pump [7].
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A pump consisting of only one cylinder is often referred to as a simplex
pump. A pump consisting of several cylinders is referred to as a multicylin-
der pump. The number of cylinders is usually emphasized in the name of
the pump, like duplex for a two-cylinder pump, triplex for a three-cylinder
pump, and so on. The advantages a multicylinder pump holds over a sim-
plex pump are explained in section 3.2.3.4.

All configurations mentioned above may have either a piston or a plunger
as the positive displacement element. They both impart energy to the
pumped fluid and causes the pressure to rise in the cylinder. A plunger
is a smooth rod moving through a stationary seal. Plungers are normally
used in pumps delivering lower flow rates and higher pressures. A piston is
a cylindrical disc, having a seal attached to the outer diameter. So in this
case, the seal moves with the piston. Pistons are normally used in pumps
delivering higher flow rates and lower pressures [42].

Having mentioned the differences between some of the most important
configurations of the reciprocating pump, further discussion of the essen-
tial components will be conducted considering a power pump, namely the
triplex single-acting piston pump. For illustration purposes a model of this
kind of pump is given in figure 3.15.

The definitions in this section are taken from the book The Reciprocating
Pump by John E. Miller [29]. The components of the pump belong to one
of two main parts, the fluid end or the power end.

The Fluid End

Comprises all the parts that handles fluid, like the cylinder and valves.

Fluid cylinder. A chamber in which the motion of the piston is imparted
to the fluid.

Cylinder liner. A replaceable liner which is placed in the cylinder of a
piston pump. The piston reciprocates within the liner.

Manifold. A suction manifold is a chamber which accepts fluid from the
suction port and distributes it to the suction valves. A discharge manifold
is a chamber which accepts fluid from the discharge valves and directs it
to the discharge port.

Valve chest cover. A cover for the valves within the cylinder.

Valve plate. A plate that contains the suction or discharge valves.

Piston. A cylindrical body which is attachable to a rod and is capable of
exerting pressure upon a fluid within the fluid cylinder. A piston usually
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Figure 3.15: Model drawing of a triplex single-acting piston pump [35].
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has grooves for containing rings which seal against the cylinder or cylinder
liner.

Stuffing box. A cylindrical cavity through which the piston rod reciprocates
and in which fluid leakage is controlled by means of packing.

Packing. A material used to provide a seal around the piston rod or piston.

Valve assembly. Usually consists of a seat, valve and spring. See figure 3.16,
where a wing valve assembly is shown. The valve assemblies allow fluid to
enter and leave each cylinder. The fluid flow through valves is associated
with pressure loss. Because of this, several experimentally determined flow
parameters exist for the various types of valves, describing the relationship
between velocity and pressure loss [40].

Figure 3.16: Wing valve assembly. [29]

The Power End

Comprises the parts that converts the rotating motion of the crankshaft to
a reciprocating motion through the connecting rod and crosshead.

Power Frame. That portion of the power end which contains the crankshaft,
connecting rods, crossheads, and bearings used to transmit power and mo-
tion to the fluid end.
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Crankshaft. The shaft that transmits power and motion to the connecting
rods. Main bearings and connecting rods are fitted on the crankshaft.

Main bearing. The bearing which supports the crankshaft. This bearing
absorbs the fluid and inertia loads which are developed by the piston as it
displaces the fluid.

Connecting rod. Transfers the motion of the crankshaft to the crosshead.
Power is transmitted through compression and tension.

Crankpin. Transmits the oscillating reciprocating load transmitted by the
connecting rod to the crankshaft.

Crosshead. Creates a linear reciprocating motion derived from the crankpin
rotary motion through the connecting rod. The reciprocating motion of the
crosshead is applied to the piston via the piston rod.

Piston rod. Connects the crosshead to the piston.

3.2.3.3 Operation

One of the advantages of the reciprocating pump is that it can be consid-
ered self-priming under the right suction conditions [42]. When the pump
is started, the pump will deliver a constant, but pulsating flow rate at
constant speed, because the volume displaced by the plunger with every
rotation is constant. The pressure delivered by the reciprocating pump is
dependent on the system flow resistance downstream of the pump. Depend-
ing on the downstream flow resistance, the pump will continue to deliver
fluid and build pressure until action is taken to control the pump’s work.
To ensure safe operation of the pump, a safety relief valve should always
be placed between the pump and the discharge pipe [42].

The pulsating flow of the reciprocating pump leads to pressure pulsations,
and these pressure pulsations must be carefully considered when design-
ing the pump, to allow safe operation, a long pump lifetime and to avoid
cavitation.

3.2.3.4 Pressure Pulsations

John E. Miller defines three sources of dynamic pressure disturbances gen-
erated by the positive displacement pump: frictional pressure drop, ac-
celeration from the fluid flow variation of the pump, and low-amplitude
waterhammer-type pressure disturbances that occur each time a pump
valve opens or closes [29].
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3.2.3.5 Pressure Pulsations due to Friction

The pulsating flow at the suction and discharge of the reciprocating pump is
caused by the variation in the piston velocity during a stroke. The velocity
varies from zero at the beginning and end of each stroke, to a maximum at
mid-stroke. The instantaneous piston velocity can be found by considering
the geometry of the pump as depicted in figure 3.17.

Figure 3.17: A sketch showing the geometry of one single-acting cylinder
in a reciprocating pump [29].

The horizontal position of the crosshead relative to the centerline of the
crankshaft, the point denoted A in figure 3.17, can be found by using
trigonometry. Once the position of the crosshead is found, and therefore
also the position of the piston, the velocity of the piston can easily be found
by differentiation. The piston velocity, vp, is given in equation 3.2.13.

vp = rω

(
sin θ +

1

2

r sin 2θ√
L2
c − r2 sin2 θ

)
(3.2.13)

As seen from equation 3.2.13, the piston velocity is a function of the geom-
etry of the pump, along with the crank angle θ and the angular speed of
the crankshaft ω. The shape of the piston velocity pattern during one full
revolution of the crankshaft is illustrated in figure 3.18.

When the piston velocity is known, the velocities in the suction and dis-
charge pipes can be found from mass conservation. These velocitites will
depend on the piston velocity vp, the piston diameter dp, and the suction
or discharge diameter, ds or dd. In the case of a multicylinder pump, the
suction and discharge velocities will be the summation of the contributions
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Figure 3.18: The piston velocity pattern during one full revolution of the
crankshaft.
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from all the cylinders, n. The respective velocities are given in equation
3.2.14 and 3.2.15.

vs =
n∑
i=1

d2p
d2s
vpi (3.2.14)

vd =
n∑
i=1

d2p
d2d
vpi (3.2.15)

When the velocities are known, the flow rates can be found as the product
of velocity and flow area. The flow rates will therefore have the same shape
and frequency as the velocity pattern. In figure 3.19, the flow in a single
cylinder is illustrated.
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Figure 3.19: The flow rate in one cylinder of a reciprocating pump during
one full revolution of the crankshaft.

As seen from figure 3.19, the flow variation in the cylinder is consider-
able. Large flow variation leads to varying frictional pressure drop, or in
other words, pressure pulsations in the suction and discharge pipe. These
pressure pulsations are illustrated in figure 3.20.
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Figure 3.20: The piston velocity generates varying flow rate and thus vary-
ing frictional pressure loss or frictional pressure pulsations. Valid for a
single-cylinder reciprocating pump.
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From figure 3.20 it is clear that loss of pressure head because of friction
is zero at the beginning and end of each stroke, and at a maximium at
mid-stroke. This is not surprising, as the pressure drop is a function of the
velocity of the fluid. The frictional pressure drop may be approximated by
the DarcyWeissbach equation in terms of head [9]

Hf = f
L

d

v2

2g
(3.2.16)

where f is Darcy’s coefficient of friction. As seen from equation 3.2.16,
the frictional pressure drop Hf is indeed a function of the square of the
velocity v, and will lead to pressure pulsations with the same frequency as
the velocity and flow. In other words, the frequency of these pulsations are
exactly related to pump speed.

The large variation of flow in the single-cylinder pump is one of the main
reasons to use multicylinder pumps. In a multicylinder pump the flow in the
suction pipe and discharge pipe will be the sum of the contributions from
all the cylinders. Having a pump with three cylinders, a triplex pump,
where all the crankpins are spaced evenly, meaning 120◦ apart, the flow
variation will be significantly reduced. See figure 3.21, where the flow in a
simplex, a duplex and a triplex pump is illustrated.

As seen from figure 3.21, the variations from the average flow rate, and
thus the pressure pulsations due to friction, become smaller as the number
of cylinders is increased. The pressure pulsations due to friction are not
however the only pressure pulsations that must be considered in the recip-
rocating pump. There are also pressure pulsations due to acceleration, and
these will be described in section 3.2.3.6.

3.2.3.6 Pressure Pulsations due to Acceleration

The flow in a reciprocating pump is pulsating, and so the fluid is constantly
accelerating and decelerating. Through one piston stroke in a reciprocating
pump cylinder, the velocity varies from zero at the beginning and end of
the stroke, to a maximum at mid-stroke. The piston velocity was found
in equation 3.2.13, and the acceleration can thus be found by taking the
derivative of the velocity with respect to time. The expression for the
piston acceleration is given in equation 3.2.17.

ap = rω2

(
cos θ +

r cos 2θ√
L2
c − r2 sin2 θ

+
r3 sin2 θ cos2 θ
3
√
L2
c − r2 sin2 θ

)
(3.2.17)
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Figure 3.21: The shape of the discharge flow pattern in a triplex single-
acting pump during one full revolution of the crankshaft.
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As seen from equation 3.2.17, the piston acceleration is a function of the
geometry of the pump, along with the crank angle θ and the square of the
angular speed of the crankshaft ω. The shape of both the piston veloc-
ity and acceleration pattern during one full rotation of the crankshaft is
illustrated in figure 3.22.
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Figure 3.22: The velocity and acceleration of the piston during one stroke.

When the piston acceleration is known, the acceleration in the suction and
discharge pipes can be found from mass conservation. These accelerations
will depend on the piston acceleration ap, the piston diameter dp, and the
suction or discharge diameter, ds or dd. In the case of a multicylinder
pump, the suction and discharge accelerations will be the summation of
the contributions from all the cylinders, n. The respective accelerations
are given in equation 3.2.18 and 3.2.19.

as =
n∑
i=1

d2p
d2s
api (3.2.18)

ad =
n∑
i=1

d2p
d2d
api (3.2.19)
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The acceleration of the fluid causes pressure pulsations. This can be seen
from Newton’s second law, equation 3.2.20, stating that the product of
mass m, and acceleration a, equals force.

F = ma (3.2.20)

Equation 3.2.20 can be rewritten in terms of head, see equation 3.2.21.

Ha =
La

g
(3.2.21)

As seen from equation 3.2.21, the acceleration pressure head Ha, is depen-
dent on the acceleration a of the fluid, the length of the pipe L, and the
gravitational constant g. The pattern of the friction and acceleration head
in the suction and discharge pipe is illustrated in figure 3.23.
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Figure 3.23: The friction and acceleration pressure in the suction and dis-
charge pipe.

From figure 3.23, it is clear that the acceleration head is at a maximum
at the beginning and end of each stroke, and zero at mid-stroke. For the
pumping system illustrated in figure 3.23, it is also seen that the accelera-
tion pressure pulsations dominates over the frictional pressure pulsations in
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the suction pipe, and that the frictional pressure pulsations dominates over
the acceleration pressure pulsations in the discharge pipe. This is typical
for pumping systems where the suction pipe is relatively short, and the
discharge pipe is relatively long, and not vertical.

The last dynamic pressure disturbance generated by the positive displace-
ment pump is the low-amplitude waterhammer-type pressure disturbances
that occur each time a pump valve opens or closes. These will be briefly
described in section 3.2.3.7.

3.2.3.7 Waterhammer due to the Opening and Closing of Valves

The pulsations described in the two previous sections, 3.2.3.5 and 3.2.3.6,
were due to the varying flow rate causing frictional pressure drop, and the
rapid acceleration and deceleration of fluid. Waterhammer occurs when
fluid is suddenly started, stopped or forced to change direction. When a
valve is being opened or closed, the change in kinetic energy introduces a
transient change in the static pressure in the pipe. In a pipe, this can lead
to vibration and a hammering sound, and according to Smith and Zappe
[40], this is the origin of the name waterhammer. The transient pressure
wave travels from the valve to the end of the pipe and then reverses. This
pressure wave travels at the speed of sound. The pressure rise, ∆H due
to instantaneous valve closure can be found from the Joukowsky equation
[30]

∆H =
av

g
(3.2.22)

where a is the speed of sound in the fluid and v is the velocity of the
flow that was stopped. This maximum pressure rise will only occur if
the valve closes rapidly. If the valve closes slower than the time it takes
for the pressure wave to travel the length of the pipe and back again,
the returning pressure wave will dampen the outgoing waves so that the
maximum pressure rise is reduced [40].

The pressure wave oscillates back and forth until it is dissipated by friction
and other losses. The pressure rise due to waterhammer must be consid-
ered, because an uncontrolled pressure surges might destroy system pipes,
valves and other components.

The pressure trace due to waterhammer, along with the pressure trace due
to friction and acceleration is illustrated in 3.24. The figure shows the
actual suction pressure trace during one full revolution a triplex single-
acting pump.
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Figure 3.24: Pump inlet pressure trace. Pulsations due to acceleration are
denoted SA, pulsations due to frictional pressure drop are denoted SV, and
waterhammer due to the opening of the valve are denoted SO. Note how
acceleration pressure overwhelms the friction pressure [29].

3.2.3.8 Cavitation

The phenomena of cavitation was explained in section 3.2.2.4. The highest
danger of cavitation in the reciprocating pump is at the inlet, just like is
was for the centrifugal pump. To avoid cavitation the local static pressure
must be above the vapor pressure of the fluid. In figure 3.25 a sketch of a
typical suction system with suction lift, z, is given. When the free water
surface of the suction tank is placed lower than the inlet of the pump, the
term suction lift applies. If the suction tank is placed higher than the inlet
of the pump, the term suction head applies.

The absolute static pressure at the connection between the suction tank
and the cylinder, Hs will be given by applying Bernoulli’s equation along a
streamline from the lower reservoir to the inlet of the reciprocating pump.
See equation 3.2.23.

Hs = Hatm −
v2s
2g
− z −Hfs −Has (3.2.23)

The losses between the two points are accounted for as the frictional pres-
sure drop Hfs and the acceleration head Has.

Cavitation will start to occur when the absolute pressure Hs falls below the
vapor pressure of the fluid Hva. This is equivalent with stating that the
Net Positive Suction Head Available must not fall below the Net Positve
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Figure 3.25: Typical suction system with suction lift, z.
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Suction Head Required, as was done in section 3.2.2.4. From equation
3.2.23, it is seen that cavitation puts a limit on the suction height of the
pump suction pipe, z, and the speed of the pump, because the acceleration
head Has is proportional to the square of the speed [38].

The upper part of figure 3.26 shows a suction pressure trace with a typical
cavitation wave form. A typical cavitation waveform has sharp upward
spikes and rounded bottoms. The downward spikes extend into the vapor
pressure region. The spikes can not extend further because of the formation
of vapor bubbles. The rounded bottoms are followed by sharp upward
spikes due to the collapse of the cavitation bubbles [29].

The lower part of figure 3.26 show the suction pressure trace of the same
pump with a suction stabilizer. A suction stabilizer is a pulsation damp-
ener, and as seen from the lower trace in figure 3.26, the suction stabilizer
greatly reduces the pressure pulsations in the suction of the pump. Pulsa-
tion dampeners are devices used to dampen the pressure pulsations of the
reciprocating pump, and will be further discussed in section 3.2.3.9.

3.2.3.9 Pulsation Dampener

The pressure pulsations at the suction and discharge of a reciprocating
pump might be damaging depending on the pressure conditions. Severe
pressure pulsations might cause cavitation, vibration in pipes and inhibits
safe operation of the pump. In systems where this is a problem, the pulsa-
tions can be dampened with devices called pulsation dampeners.

There are many different kinds of pulsation dampeners, and they can ei-
ther dampen the pulsations or partly filter out pulsations so that they don’t
propagate downstream. Pulsation dampeners that dampen the actual pul-
sations can be described as accumulators. The accumulators are pressure
vessels charged with gas having lower pressure than the system pressure at
that point. This allows fluid to accumulate in the suction dampener at the
closing of the suction valve, and in the discharge dampener at the opening
of the discharge valve.

When the inlet valve closes, the fluid enters the inlet pulsation dampener
and accumulates, and when the valve opens again we have a ready source
of fluid right at the inlet of the pump. The pump then does not have to
accelerate the whole string of fluid in the inlet pipe, and thus less energy
is required. This inlet pulsation dampener, also referred to as suction
stabilizer, ensures that less energy is required and that cavitation is avoided.
The effect of the suction stabilizer is illustrated in figure 3.26, where the
upper and lower curve shows the pressure trace without and with a suction
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Figure 3.26: Suction pressure trace for the same pump without (upper) and
with (lower) suction stabilizer. The upper pressure trace shows a typical
cavitation waveform, where the downward pressure spikes have rounded
bottoms. The lower pressure trace with suction stabilizer shows that the
pressure spikes have lower amplitude and no rounded bottoms. The low-
frequency cycles over which the high frequency is imposed, are the remnant
of pump rotation-generated cycles [29].
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stabilizer, respectively.

A pulsation dampener at the discharge works similarly to the suction sta-
bilzer. On the discharge stroke of the pump, a certain amount of fluid
accumulates in the dampener. When the pump starts the suction stroke,
the pressure in the discharge dampener will be higher than the system
pressure, and the fluid in the dampener will be pushed back into the sys-
tem. In this manner we can achieve near steady-state flow in the system
downstream of the pulsation dampener.

According to Cornell [12], both the discharge dampener and inlet stabilizer
should be located within ten pipe diameters from the inlet or discharge.

3.2.3.10 Pump Rotational Speed

The rotational speed is one of the factors that greatly influences the per-
formance of the pump. There is a tendency to choose a high rotational
speed in order to reduce the size and weight of the pump. However, the
speed of the pump can not be increased indefinitely. A higher rotational
speed leads to higher piston velocity and consequently higher fluid velocity.
A high fluid velocity may lead to hydraulic difficulties, especially through
the valves. Another consideration is the increased friction and accelera-
tion pressure pulsations at the pump suction and discharge. This again
increases the danger of cavitation.

Finally, an excessive pump speed may not only lower the performance of
the pump, but also increase parts wear and reduce the lifetime of the pump
[29].

This is why pump rotational speed must be chosen with care.

3.2.4 Comparison between the Reciprocating and the
Centrifugal pump

One of the main differences between the reciprocating and the centrifugal
pump is that in reciprocating pumps mechanical energy is transferred pe-
riodically to the fluid, while in the centrifugal pump energy is transferred
continuously. This means that in the reciprocating pump there is a peri-
odic variation in the rate of pressure and flow with every stroke. In the
centrifugal pump, the motion is uniform.

In a centrifugal pump, the flow rate is dependent on the head generated.
In a reciprocating pump, the flow rate is dependent on pump rotational
speed only, because a fixed volume of fluid is displaced for every rotation
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of the crankshaft. The pressure generated in the reciprocating pump is
dependent on the system flow resistance downstream of the pump.

The centrifugal pump is one of the most widely used pumps today [36]. It
is very reliable, due to the simplicity of the moving parts, and the absence
of self-acting valves. However, the efficiency of the centrifugal pump is low
at small discharges and high pressures. This is because a centrifugal pump
with a small discharge gives narrow flow passages, and high friction losses.

The reciprocating pump is suitable for high pressure and low flow rate appli-
cations. The advantages the reciprocating pump holds over the centrifugal
pump, is a flow rate, head and speed flexibility, and an almost constant effi-
ciency over a wide operating range. When these advantages outweighs the
advantages of the centrifugal pump, being a smaller footprint, lower initial
and maintenance costs, and lack of pulsations, the reciprocating pump is
selected [37].

3.3 The Turgo Turbine

Parts of this section is taken from the project thesis Desalination of Water
by Reverse Osmosis written in the fall of 2015 by Løken [26].

The objective of a turbine is to extract mechanical energy from a flowing
fluid. The energy conversion in a turbine runner can be attributed to
reaction and impulse forces. The change in the pressure of the fluid from
the inlet to the outlet of the turbine is called the reaction part of the energy
conversion. The change in the direction and magnitude of the fluid velocity
is called the impulse part of the energy conversion [6].

According to the relationship between the reaction and impulse part of
the energy conversion, a turbine is classified as either a reaction turbine
or an impulse turbine. In a reaction turbine, the channels of the turbine
runner must be completely filled with fluid in order to achieve a pressure
drop. Unlike the reaction turbine, the impulse turbine has no pressure drop
between the inlet and outlet of the runner, and the energy conversion is
due to the impulse of the kinetic energy of the fluid hitting the turbine
runner.

The science of extracting energy from water by rotating machinery has
developed over hundreds of years, from the water wheel used by the Romans
and Greeks [31], into the turbines seen all over the world today.

The Turgo turbine is an impulse turbine, greatly resembling the more
widespread Pelton turbine. The Turgo turbine has gained renewed atten-
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tion in research partly because of its potential in pico-hydropower, mean-
ing hydropower resources of 5 kW or less. The Turgo turbine can handle
higher flow rates than a Pelton turbine of the same diameter, and operate
efficiently in lower head ranges than the Pelton turbine [10]. A smaller run-
ner which is less expensive to manufacture than a Pelton wheel can lead
to a lower installation cost in pico-hydropower installations. It can also be
argued that the Turgo can operate for longer time periods and with less
wear than Pelton turbines when the water contains sediments [2]. Another
reason for the increased interest in the Turgo turbine is its applicability for
energy recovery of discharged water in public water systems [19].

However, the published work on the Turgo turbine is not vast. This sec-
tion aims to gather the relevant information on design of Turgo turbines,
taken from published work on the Pelton turbine, as well as some sources
investigating only the Turgo turbine. Firstly, because the Pelton turbine
is more widespread than the Turgo turbine, this discussion will start by
considering the differences between the Pelton and the Turgo turbine, and
describe the flow of water in the Turgo turbine.

As seen from figure 3.27, both turbines have buckets placed along the pe-
riphery. A water jet enters the buckets through nozzles, where the avail-
able pressure energy of the water is converted into kinetic energy. The flow
through the buckets of a Turgo and a Pelton is illustrated in figure 3.28.

As seen in figure 3.28, a water jet hits the buckets of both the Turgo and the
Pelton with high velocity. The water jet is deflected through the surface of
the buckets, and leaves the bucket with a relative velocity opposite to the
inlet velocity. The pressure at both the inlet and outlet of the buckets is
atmospheric, and the total available energy to be extracted by the turbine,
is the kinetic energy of the water jet hitting the buckets.

The difference between the two lies in the shape of the buckets and the
flow through the buckets. The water jet enters the buckets of the Turgo
turbine at an angle, and does not split the water jet into two parts.
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Figure 3.27: Photos of a Turgo turbine (a) and a Pelton turbine (b) [10].
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Figure 3.28: Difference in direction of water flow between the Pelton (left)
and Turgo (right) turbines [19].

3.3.1 Energy Conversion

The energy conversion in the Turgo turbine can be described by considering
the velocity diagrams at the inlet and outlet of the runner, in a similar
manner as for the centrifugal pump in section 3.2.2.1.

The velocity diagrams at the inlet and outlet of a Turgo bucket is depicted
in figure 4.8.

In section 3.2.2.1 the Euler equation 3.2.6 was introduced, expressing the
theoretical head of a pump depending on the velocity changes through the
impeller. The Euler equation is one of the most important equations in
turbomachinery and applies to turbines as well as pumps. In a turbine,
hydraulic energy in the fluid is transferred to mechanical energy in the
runner, not the other way around. The Euler equation therefore expresses
the hydraulic energy H transferred to the runner as

H =
u(cu1 − cu2)

g
(3.3.1)

In the Turgo runner, subscript 1 denotes the inlet of the bucket and sub-
script 2 denotes the outlet of the bucket. The water enters and leaves the
bucket at approximately the same radial distance from the axis of rotation,
thus the runner peripheral velocity, u, is the same at inlet and outlet, and
the subscripts are dropped. The hydraulic power transferred to the runner
becomes

P = ρQu(cu1 − cu2) (3.3.2)
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Figure 3.29: Velocity diagrams at inlet and outlet of Turgo bucket [27].

49



The available hydraulic power is given by

P = ρgQHn (3.3.3)

where Hn denotes the available head of the water before being converted to
kinetic energy in the nozzle. The hydraulic efficiency is given by the ratio
between the available power and the power output from the runner. By
considering equations 3.3.2 and 3.3.3, the hydraulic efficiency is expressed
as

ηh =
u(cu1 − cu2)

gHn

(3.3.4)

By assuming an absolute inlet velocity in the peripheral direction of

cu1 = c1 cosα1 =
√

2gHncosα1 (3.3.5)

and an absolute outlet velocity of cu2 = 0, the maximum efficiency given
from equation 3.3.4 is achieved when

u =
1

2

√
2gHn (3.3.6)

From equation 3.3.4 this would give a maximum efficiency of unity. In
reality there are always losses involved, and we assume a hydraulic efficiency
of ηh = 0.96. This gives an optimum peripheral velocity of

u = 0.48
√

2gHn (3.3.7)

The total efficiency of the Turgo turbine ηt will be given as the product of
the hydraulic ηh, the mechanical ηm and the volumetric efficiency ηV , as
shown in equation 3.3.8.

ηt = ηhηmηV (3.3.8)

The total efficency ηt describes the percentage of the available energy trans-
formed to useful energy in the turbine. The efficiency expresses the effect
of losses that reduce the total energy transferred to the turbine. The volu-
metric efficiency quantifies the losses of the water not hitting any buckets,
and the mechanical efficiency quantifies the mechanical friction losses.
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3.3.2 Jet Inlet Angle

The jet inlet angle α1 is the absolute angle of the water relative to the
bucket peripheral velocity u. This angle depends on the adjustment of the
nozzle. The literature does not claim one specific inlet angle to be more
efficent than others. The inlet angle will also depend on the shape of the
buckets. By looking at equation 3.3.4 descring the hydraulic efficency of
the runner, one can however assume that an inlet angle chosen as small
as possible would maximize the efficiency. This is because the hydraulic
efficiency is a function of the absolute velocity in the peripheral direction,
given by cu = c1 cosα.

3.3.3 Shape of Buckets

The discussion of the Turgo turbine so far has covered the theoretical energy
transfer from the water to the turbine. To achieve an energy transfer as
close to the theoretical as possible, the shape of the turbine buckets are
of great importance. This is the part of the Turgo turbine design that
is not very well covered in the literature. There is however made certain
efforts to describe design guidelines and equations. The performance and
design of the Turgo turbine has been investigated with both mathematical,
experimental and numerical methods.

The jet inlet angle α1 affects the optimum angle of the bucket at the inlet.
If it is assumed that the relative inlet angle of the water to the bucket β1 is
equal to the buckets inlet edge, the relative inlet angle β1 and thus also the
constructional angle of the bucket inlet can be found from trigonometry
when α1, u and c1 is known. The assumption that the constructional angle
of the bucket inlet and the relative inlet angle of the water to the bucket is
equal is according to Gaiser et al. [19] called the no-shock condition. This
ensures smooth entry of the water to the bucket and reduces losses. The
outlet angle of the bucket β2 should be chosen to equal the outlet angle
in order to turn the water around as much as possible, and maximize the
energy transfer to the runner.

Correa et al. [28] have outlined a design procedure for the buckets of
the Turgo turbine using a two-dimensional potential flow. According to
Bertin and Cummings [23], one can obtain stagnation streamlines in the
shape of an oval, by combining the elementary flow functions suggested
by Rankine. This is known as a Rankine oval. The Rankine oval is valid
for incompressible and inviscid flow fields. For this incompressible and
inviscid flow field, both a velocity and a stream function can exist. Since
any streamline in a potential flow can also be considered a solid surface, an
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appropriate streamfunction can be chosen to simulate the bucket surface.

Correa et al. chose the inlet and outlet angles of the bucket, and then
solved the streamfunction to find the desired shape of the bucket surface.
An additional paper was later published by Correa, Andrade and Asuaje
[27], where a CFD analysis of the flow over the buckets using ANSYS
CFX was presented. This was done to find the numerical solution of the
streamline’s path through the bucket and compare it to the solution of the
streamfunction describing the bucket surface. One of the most important
findings was that the effects of the centrifugal force acting on the runner
caused the streamline to deviate slightly from the centerline of the bucket
to the outside. However, the mean deviation between the path of the
streamline predicted by the numerical results, and the theoretical path
imposed by the bucket surface was only 5.6 percent.

Correa et al. also made a theoretical consideration of the losses, such as the
friction and turbulence losses and effects of water missing the buckets. They
estimated the total efficiency of the turbine designed to have a mean value
of 80.8 percent, where the mechanical efficiency was taken as ηm = 0.97
and the volumetric efficiency was taken as ηV = 0.97.

Finally, Correa et al. [28] suggested a useful range for the geometric param-
eters of the runner bucket as a function of the jet diameter dj. The work
of Correa et al. is however not validated by experiments on the turbine
runner designed.

3.3.4 Number of Buckets

Gaiser et al. [19] have performed experiments on a low-cost Turgo tur-
bine to determine the effects of different design parameters. The parame-
ters considered were the nozzle diameter, jet inlet angle, number of blades
and peripheral velocity of the runner. By adjusting these parameters and
performing several experiments, they developed a second order regression
model to predict the efficency as a function of each parameter, and the in-
teraction between each of these. Based on this they predicted the optimum
value of each of these parameters through four unique design equations.
These experiments were however all performed on the same turbine, and it
might therefore be assumed that the results are somewhat specific for this
turbine.

The number of buckets chosen in the design of the Turgo turbine in section
4.1.2, is therefore based on requiring that no water should be lost.
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3.3.5 Parameters Influencing the Efficiency

The work of Gaiser et al. did however assert that the factors affecting the
turbines efficency the strongest were the nozzle diameter and the the ratio
of the peripheral velocity u to the absolute peripheral velocity cu1 of the
water entering the bucket. The strong influence of this velocity ratio is also
confirmed by the expression for the hydraulic efficiency given in equation
3.3.4. Gaiser et al. also asserted that the interaction between the jet angle
and the number of buckets greatly influenced the turbine efficiency. This
is also demonstrated in the design of the Turgo turbine in section 4.1.2,
because the requirement to not lose any water leads to an expression for
the minimum number of buckets involving the jet inlet angle.
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4 System Design

The motivation for this thesis was to design a reverse osmosis system that is
small, lightweight, durable and easy to transport. Because of the intended
application area, another important consideration was to make the system
simple and robust.

In this thesis, four different system configurations have been considered.
The four solutions vary according to the type of high pressure pump and
energy recovery device that is utilized.

When designing the high pressure pump, the most important requirements
are the capacity and pressure, or in other words, the flow rate and generated
head. The pressure requirement for the high pressure pump is given by the
osmotic pressure of the feedwater. Considering that the feedwater could be
either brackish water or seawater, the feedwater with the highest osmotic
pressure must serve as a basis for the pump pressure requirement. As
mentioned in section 3.1, the osmotic pressure of brackish water is in the
range of 15 to 40 bar, and the osmotic pressure of seawater is in the range
of 65 to 75 bar.

The flow rate of the system could be chosen more freely. The limiting
factor for the feedwater flow rate is the reverse osmosis membrane. The
membrane will have a maximum capacity. For this reason, the feedwater
flow rate requirement for a few of the system designs was chosen to be the
one equaling the maximum flow rate of the smallest RO membranes on the
market.

The first solution considered is a centrifugal pump and a Turgo turbine.
Both chosen because of their robustness and mechanical simplicity. They
are also suited for running at high speeds, thus reducing the necessary size
of the components.

The second solution considered is a reciprocating pump and a Turgo tur-
bine. A system very similar to this was already designed and the final parts
assembled during the work with this master’s thesis. The only difference is
that the turbine installed in the system is a Pelton turbine and not a Turgo
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turbine. The investigation of this solution therefore allowed for performing
measurements on a system that was already assembled in the laboratory.

The third solution considered is a reciprocating pump without energy re-
covery.

The fourth and final solution considered is a reciprocating pump with in-
tegrated energy recovery.

The flow and head specifications that constituted the basis for all four
system designs are given in table 4.1.

Table 4.1: Flow and head specifications.

DESIGN BASIS

Centrifugal
Pump
and

Turgo
Turbine

Reciprocating
Pump
and

Turgo
Turbine

Reciprocating
Pump

without
Energy

Recovery

Reciprocating
Pump
with

Energy
Recovery

PUMP

Density of water ρ 1000 1000 1000 1000 kg/m3

Required delivery flow rate Q 100 40 20 20 l/min
Required delivery flow rate Q 0.001667 0.000667 0.000333 0.000333 m3/s

Required delivery pressure p 65 7-210 80 80 bar
Required delivery pressure H 663 71 - 2141 815 815 mWc

ENERGY RECOVERY DEVICE

Density of concentrate ρ 1050 1050 - 1050 kg/m3

Available flow of concentrate Q 30 20 - 12 l/min
Available flow of concentrate Q 0.0005 0.0003 - 0.0002 m3/s

Available pressure of concentrate p 63 50 - 77 bar
Available pressure of concentrate H 612 612 - 612 mWc

As seen from table 4.1, the flow and head specifications differ between the
different solutions. The solution with the centrifugal pump and the Turgo
turbine was the first to be considered. The pressure requirement for this
solution is based on the assumption of a 3 percent pressure loss through
the RO membrane and a membrane efficiency of 70 percent, meaning that
the remaining 30 percent of the feedwater is passed to the turbine as high
pressure concentrate. The flow rate was not reduced further than 100
l/min, because the centrifugal pump was already in a flow and pressure
range that is well outside the traditional range for the centrifugal pump.
The flow and head specifications for the system comprising a reciprocating
pump and a Turgo turbine were given by the system that was already
built. The flow rate constituting the basis for both the reciprocating pump
designs are based on the feedwater capacity of the smallest RO membranes
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on the market. This means designing the system for a feed flow rate of 20
liters per minute. The pump pressure requirement was be chosen to be a
maximum of 80 bar.

The rest of this section will be devoted to describing the details and the
design procedures for the four solutions discussed above.

4.1 The Centrifugal Pump and the Turgo

Turbine

4.1.1 Design of the Centrifugal Pump

A pump is designed to meet given requirements of capacity and pressure,
or in other words, given requirements of flow rate and generated head.
The design will be optimized in regard to this operating point, and it is
therefore called the best efficiency point (BEP). With these parameters
given the pump designer needs to choose the type and design of the pump.

The requirements for the reverse osmosis system as given in section 4 was
a flow rate of Q = 100 l/min and a head of p = 65 bar.

With these parameters given, the next step was to choose the rotational
speed of the pump. The speed was maximized in order to reduce the size of
the pump. The maximum possible speed for a pump driven by an electric
motor without a gearbox, depends on the frequency of the supply current
and the number of pole pairs per phase in the motor. The maximum
rotational speed, n, is given by

n =
60f

Zp
(4.1.1)

where f is the frequency of the supply current given in Hz, and Zp is the
number of pole pairs per phase in the motor. With a minimum of one pole
pair per phase, it is seen from equation 4.1.1 that the maximum rotational
speed is n = 3000 rpm on a 50 Hz supply current. This was the rotational
speed chosen for the pump.

A first approach to the design of the impeller was done by applying the
equations and assumptions of section 3.2.2.1. It was found that the pump
would require several stages to generate the required head, and the number
of stages chosen was seven. A more detailed design approach taking the
effect of a finite number of blades and losses into account was performed
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next. Two different impeller designs were developed, here on out referred
to as the standard and adjusted design.

4.1.1.1 Impeller

With the aid of the book Impeller Pumps by  Lazarkiewicz and Troskolański
[25], the design procedure for the impeller was performed. Some flow pa-
rameters had to be chosen. Often times, parameters such as this can be
chosen on the basis of empirical values and charts as the ones developed
by Stepanoff [41]. The charts are given for certain ranges of flow and head,
i.e., certain ranges of specific speed. The centrifugal pump designed for the
reverse osmosis system was outside the specific speed range of the charts,
and the parameters was therefore chosen within reasonable values given by
empirical knowledge as found in the literature [25]. The complete design
procedure for the pump is summarized here. A radial view of an impeller
blade including nomenclature is given in figure 4.1.

First off, the total, hydraulic, volumetric and mechanical efficiencies were
assumed to be as given in table 4.2.

Table 4.2: Assumed pump efficiencies

ηp 78 %

ηh 85 %
ηV 96 %
ηm 96 %

The total pump efficiency, ηp, is the product of the other efficiencies

ηp = ηhηV ηm (4.1.2)

The efficiencies account for the losses in the different parts of the pump as
described in section 3.2.2.1.

Shaft and hub diameter

The shaft input power was found from the following equation

Psh =
ρgQH

ηp
(4.1.3)
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Figure 4.1: Radial view of an impeller blade of single curvature, slightly
extended forward [25].
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Allowing for a reserve of 17 %, the required motor power was determined
as

Pm = 1.17Psh (4.1.4)

Assuming that the shaft is made from a material with a tensile strength
of 5500× 105 Pa, the maximum permissible torsional stress was taken as
τ = 450× 105 Pa.

The minimum diameter of the shaft was then found from

dsh,min =
3

√
49Pm
τn

(4.1.5)

Allowing for radial thrust due to non-uniformity of the pressure distribution
around the impeller, the shaft diameter was taken as

dsh = 1.14dsh,min (4.1.6)

The hub diameter on the inlet side

dh = (1.3− 1.4)dsh (4.1.7)

The hub diameter on the outlet side

dh = (1.35− 1.5)dsh (4.1.8)

Inlet diameter

Because of leakages the pump was designed for a slightly larger flow rate
than the requirement at BEP

Q′ =
Q

ηV
(4.1.9)

By choosing the meridional velocity, cm1, at the blade inlet, the inlet area
and inlet diameter was found from continuity. The inlet velocity at the
impeller eye was taken as

c0 = 0.95cm1 (4.1.10)
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The inlet velocities were chosen below a certain limit to avoid cavitation
at the inlet as described in section 3.2.2.4. See table 4.3 for the cavitation
check performed for both impellers.

Table 4.3: Checking for cavitation at impeller inlet

Standard pump design Adjusted pump design

a 1.8 1.8 -
b 0.23 0.23 -
cm1 2.30 2.12 m/s
u1 6.12 7.84 m/s
Hatm 10.32 10.32 m
Hva 0.32 0.32 m
Hs 1 1 m
NPSHR 0.92 1.13 m
NPSHA 9.00 9.00 m

As seen from table 4.3 the centerline of the pump can be raised several me-
ters above the lower reservoir (increasing Hs), and still satisfy the condition
that

NPSHA > NPSHR (4.1.11)

The free inlet cross-sectional area at the impeller eye

A0 =
Q′

c0
(4.1.12)

The hub inlet cross-sectional area at impeller eye

Ah =
πd2h
4

(4.1.13)

The total inlet cross-sectional area at the impeller eye

A′0 = A0 + Ah (4.1.14)

The diameter of the impeller eye inlet was finally found as

d0 =

√
4A′0
π

(4.1.15)
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The blade was chosen to be slightly extended forward and for the standard
design impeller the blade inlet diameter was chosen as

d1 = 0.939d0 (4.1.16)

Blade inlet angle

The peripheral velocity at the blade inlet

u1 =
πd1n

60
(4.1.17)

Assuming that the flow into the impeller is without rotation, i.e., the ve-
locity component cu1 is zero, the inlet angle α1 = 90◦, as shown in figure
3.10. The inlet angle β1 was then given by

tan β1 =
cm1

u1
(4.1.18)

Experimental measurements on centrifugal pumps have shown that the dis-
charge at BEP is less than that corresponding to a velocity cm1 = u1 tan β1
[25]. The blade angle was therefore increased by δ1 = 3◦ and

β′1 = β1 + δ1 (4.1.19)

Inlet width

When finding the inlet area A1 for the chosen velocity cm1 it was taken
into account that the flow area found by continuity is less than the actual
flow area A1 because of the constriction of the inlet by the blades. The
constriction coefficient is given by

φ1 =
t1

t1 − su1
(4.1.20)

where t1 = πd1
Z

is the pitch length between the Z blades and su1 is the
projection of the blade thickness s1 on the circumference.

The blade inlet area was then found as

A1 = φ1
Q′

cm1

(4.1.21)

62



Finally, the width of the impeller was given by

b1 =
A1

πd1
(4.1.22)

Impeller outlet diameter

To find the outlet diameter, d2, the Euler equation 3.2.6 was applied. By
assuming no rotation at the inlet, cu1 = 0 and using the relations from the
velocity diagram in figure 3.10, the expression for the peripheral velocity
at the outlet was rewritten as

u2 =
cm2

2 tan β2
+

√( cm2

2 tan β2

)2
+ gHt∞ (4.1.23)

The theoretical head with an infinite number of blades was found by ap-
plying the hydraulic efficiency ηh and Pfleiderer’s correction for slip, Cp
[25]

Ht∞ = Ht(1 + Cp) =
H

ηh
(1 + Cp) (4.1.24)

H is the required head delivered per stage at BEP, and Ht is the theoretical
head with a finite number of blades.

The velocity cm2 was decided as cm2 = 0.7cm1. The outlet angle β2 was
chosen in the range 15◦ to 35◦, based on experimental data [25].

Finally, the outlet diameter was found as

d2 =
60u2
πn

(4.1.25)

Impeller outlet width

The impeller outlet width was found in the same manner as the impeller
inlet width, by considering the constriction of the outlet by the blades.
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Checking the chosen number of blades

Finally, the chosen number of blades, Z, was checked using the empirical
formula

Z = 6.5
d2 + d1
d2 − d1

sin
β′1 + β2

2
(4.1.26)

Calculating the shape of the blades

The shape of the blades was calculated by the point by point method as
described in Impeller Pumps by  Lazarkiewicz and Troskolański [25]. See
table 4.5 and 4.7.

The blades of the impeller were chosen to be of single curvature, with the
inlet slightly extended forward as depicted in figure 4.1. With forward
extended blades, the velocity cm1 makes an angle ε1 with the radial com-
ponent cr1 as shown in figure 4.2.

The constructional inlet angle of the blade is then given by

tan β′′1 = tan(β1 + δ1) cos ε1 (4.1.27)

Two different impellers were designed by the procedure given above. The
standard design was designed to have optimal dimensions by the standard
procedure, and the adjusted design was adjusted to reduce the friction loss
in the impeller channels, i.e., the width and length of the channels was
maximized. The final dimensions of both impellers are given in table 4.4.

4.1.1.2 Guide-ring, U-turn and Return Passage

The casing between the impellers must transfer the kinetic energy from
the outlet of the impeller to pressure energy, and remove the rotating com-
ponent of the flow from the impeller outlet, such that the flow conditions
into the next stage are optimal. The elements of the casing between the
impellers were chosen to be a vaneless guide-ring, a vaneless U-turn and a
vaned return passage.
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Figure 4.2: Radial view of an impeller blade of single curvature, slightly
extended forward [25].
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Vaned return passage

The flow in the gap between the rotating impeller and the stationary casing
is a free vortex. For free vortices the following relation applies

cur = constant (4.1.28)

The inlet diameter of the return passage was chosen to equal the outlet
diameter of the impeller, so that the cu velocity component at the inlet to
the return passage could be assumed to be the same as at the outlet of the
impeller.

The cm velocity component at the inlet of the return passage was found by
considering the constriction of the inlet by the blades of the return passage,
as described in section 4.1.1.1.

With both velocity components known, the inlet angle of the blades in the
return passage was found

tanα =
cm
cu

(4.1.29)

The shape of the blades in the return passage was then found by the point
by point method, in a similar manner as the shape of the impeller blades.
See table 4.6 and 4.8 for the dimensions of the return passages for both
impellers designed.

4.1.1.3 Pump Characteristic

The pump characteristic for the standard design is given in figure 4.3.
The curve denoted H includes friction loss and impact losses, and is the
predicted performance of the pump. The friction losses were approxi-
mated as ∆Hfriction = kQ2, where the constant k is a fricion coefficient
approximated as k = 150000. The impact losses were approximated as
∆Himpact = j(Q−QBEP )2, where the constant j was set to j = 150000 and
QBEP = 0.00167 is the design flow rate at the best efficiency point. The
values of the loss coefficients are very high, but due to narrow passages of
the impeller this was considered reasonable.

4.1.1.4 Pump Dimensions

The complete specification data basis and the inlet and outlet values for
the impeller and return passage for both designs are given in table 4.4.
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Figure 4.3: Pump characteristic for the standard design.
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The shape of the blades of the impeller and return passage for both designs
are given in table 4.5, 4.7, 4.6 and 4.8.

The shape of the impellers are pictured in figure 4.4 and 4.5.

Finally, a cutaway of the casing containing the seven pump stages for both
impellers are shown in figure 4.6 and 4.7.

More detailed drawings are given in appendix B.
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Table 4.4: Specification basis and inlet and outlet values for impeller and
return passage for both pump designs
PUMP SPECIFICATIONS AND DIMENSIONS STANDARD ADJUSTED

FLOW AND HEAD, CONSTANTS, EFFICIENCIES AND ROTATIONAL SPEED

Gravitational constant g 9.81 9.81 m/s2
Density of water ρ 1000 1000 kg/m3

Required delivery flow rate Q 100 100 l/min
Required delivery flow rate Q 0.00167 0.00167 m3/s
Volumetric efficiency ηV 0.96 0.96 -
Flow rate including leakage Q′ 0.00174 0.00174 m3/s

Rotational speed n 3000 3000 rpm
Angular rotational speed ω 314 314 rad/s

Required delivery pressure p 65 65 bar
Required delivery pressure p 6500000 6500000 Pa
Required delivery pressure H 663 663 m

Total pump efficiency ηp 78 78 %
Mechanical efficiency ηm 96 96 %
Hydraulic efficiency ηh 85 85 %
Shaft input power Psh 13889 13889 W
Motor power Pm 16250 16250 W

SHAFT AND HUB

Shaft tensile strength T.S. 5.50E+08 5.50E+08 Pa
Torsional stress τ 4.50E+07 4.50E+07 Pa
Shaft diameter dsh,min 0.0181 0.0181 m
Chosen shaft diameter dsh 0.0206 0.0206 m
Hub diameter inlet dh 0.0268 0.0268 m
Hub diameter outlet d′h 0.0278 0.0278 m

IMPELLER

Number of vanes Zi 4 2 -

Inlet velocity cm1 2.30 2.12 m/s
Inlet velocity c0 2.19 1.52 m/s

Free inlet cross-sectional area A0 0.000795 0.004389 m2
Cross-sectional area of hub Ah 0.000563 0.000563 m2
Total inlet cross-sectional area A′0 0.001357 0.001099 m2

Inlet diameter impeller eye d0 0.0416 0.0460 m
Inlet diameter impeller blade d1 0.0390 0.0499 m

Inlet peripheral velocity u1 6.12 7.84 m/s
Blade inlet angle β1 20.59 15.14
Angle of incidence δ1 3.00 3.00
Increased blade inlet angle β′1 23.59 18.14
Angle between cm1 and the radial ε1 27.00 27.00
Constructional blade inlet angle β′′1 21.26 0.00
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PUMP SPECIFICATIONS AND DIMENSIONS STANDARD ADJUSTED

Pitch t1 0.0306 0.0784 m
Blade thickness s1 0.0050 0.0150 m
Blade thickness projected su1 0.0125 0.0580 m
Inlet constriction coefficient φ1 1.69 3.83 -
Blade inlet area A1 0.001275 0.003136 m2
Inlet width of impeller b1 0.0104 0.0200 m

Number of stages 7 7 -
Head per stage Hstage 95 95 m
Theoretical head per stage Htstage 112 112 m

Outlet meridional velocity cm2 1.61 1.49 m/s
Outlet angle β2 25.00 20.00
Pfleiderer’s correction factor for slip Cp 0.4109 0.7776 -
Outlet peripheral velocity u2 41.11 46.25 m/s
Outlet diameter d2 0.2617 0.2944 m
Outlet velocity circumferential component cu2 37.66 42.17 m/s
Outlet velocity corrected for slip cu3 26.69 23.72 m/s

Pitch t2 0.2055 0.4625 m
Blade thickness s2 0.0050 0.1440 m
Blade thickness projected su2 0.0118 0.4210 m
Outlet constriction coefficient φ2 1.06 11.15 m
Outlet area A2 0.001144 0.01304 m2
Outlet width of impeller b2 0.0014 0.0141 m

Slip angle β′2 6.37 3.77

Checking calculated number of blades Zi 4 3 -

VANED RETURN PASSAGE

Number of vanes return passage Zr 5 5 -

Inlet diameter return passage d7 0.2617 0.2944 m
Outlet diameter return passage d8 0.0456 0.0550 m
Inlet witdh return passage b7 0.0014 0.0141 m
Gap between impeller outlet and casing r4 − r2 0.0030 0.0030 m

Pitch t7 0.1644 0.1850 m
Thickness of blades s7 0.0050 0.0050 m
Blade thickness projected su7 0.0708 0.1656 m
Constriction coefficient φ7 1.76 9.55 -
Inlet area return passage A7 0.001144 0.013038 m
Inlet velocity circumferential component cu7 37.66 42.17 m/s
Inlet velocity meridional component cm7 2.66 1.27 m/s
Inlet angle return passage α7 4.05 1.73

Outlet angle return passage α8 90 90
Outlet witdh return passage b8 0.0060 0.0200 m
Thickness of blades s8 0.0050 0.0050 m
Pitch t8 0.0286 0.0346 m
Constriction coefficient φ8 1.21 1.17 -

Outlet area return passage A8 0.000857 0.003456 m2
Outlet velocity return passage cm8 2.46 0.59 m/s

70



Table 4.5: Point by point method determining the blade shape for the
standard design impeller [25].
Point r ∆r cm β s b w B ∆a

∑
∆a θ

m m m/s ◦ m m m/s - - - ◦
1 0.0195 - 2.30 21.26 0.0050 0.0104 6.8299 131.8867 0.0000 0.0000 0.00
2 0.0306 0.0111 2.23 21.64 0.0050 0.0095 3.5812 82.3257 1.1928 1.1928 68.34
3 0.0418 0.0111 2.16 22.01 0.0050 0.0086 2.5731 59.2391 0.7883 1.9811 113.51
4 0.0529 0.0111 2.09 22.39 0.0050 0.0077 2.1128 45.9026 0.5855 2.5666 147.05
5 0.0640 0.0111 2.02 22.76 0.0050 0.0068 1.8801 37.2277 0.4629 3.0295 173.58
6 0.0752 0.0111 1.96 23.13 0.0050 0.0059 1.7759 31.1413 0.3807 3.4102 195.39
7 0.0863 0.0111 1.89 23.51 0.0050 0.0050 1.7681 26.6407 0.3218 3.7320 213.83
8 0.0974 0.0111 1.82 23.88 0.0050 0.0041 1.8586 23.1814 0.2774 4.0094 229.72
9 0.1086 0.0111 1.75 24.25 0.0050 0.0032 2.0867 20.4426 0.2429 4.2523 243.64

10 0.1197 0.0111 1.68 24.63 0.0050 0.0023 2.5786 18.2227 0.2153 4.4676 255.98
11 0.1309 0.0111 1.61 25.00 0.0050 0.0014 3.8096 16.3889 0.1927 4.6603 267.02

Table 4.6: Point by point method determining the blade shape for the
standard design return vane [25].

Point r ∆r cm α s b ∆arc ∆θ θ

m m m/s ◦ m m m ◦ ◦
1 0.1309 0.0000 2.66 4.05 0.0050 0.0014 0.0000 0.00 0.00
2 0.1200 0.0108 2.64 12.65 0.0050 0.0019 0.0482 22.99 22.99
3 0.1092 0.0108 2.62 21.24 0.0050 0.0023 0.0278 14.58 37.57
4 0.0984 0.0108 2.60 29.84 0.0050 0.0028 0.0188 10.97 48.54
5 0.0876 0.0108 2.58 38.43 0.0050 0.0032 0.0136 8.91 57.45
6 0.0768 0.0108 2.56 47.03 0.0050 0.0037 0.0101 7.51 64.96
7 0.0660 0.0108 2.54 55.62 0.0050 0.0041 0.0074 6.42 71.37
8 0.0552 0.0108 2.52 64.22 0.0050 0.0046 0.0052 5.42 76.79
9 0.0444 0.0108 2.50 72.81 0.0050 0.0051 0.0033 4.31 81.11

10 0.0336 0.0108 2.48 81.41 0.0050 0.0055 0.0016 2.79 83.89
11 0.0228 0.0108 2.46 90.00 0.0050 0.0060 0.0000 0.00 83.89
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Table 4.7: Point by point method determining the blade shape for the
adjusted design impeller [25].
Point r ∆r cm β s b w B ∆a

∑
∆a θ

m m m/s ◦ m m m/s - - - ◦
1 0.024959 - 2.12 16.28 0.0150 0.0200 6.2231 137.2364 0.0000 0.0000 0.00
2 0.037185 0.012226 2.06 16.65 0.0279 0.0194 8.0335 89.9378 1.3887 1.3887 79.57
3 0.04941 0.012226 1.99 17.02 0.0408 0.0188 9.9483 66.1152 0.9539 2.3426 134.22
4 0.061636 0.012226 1.93 17.39 0.0537 0.0182 11.3878 51.7956 0.7208 3.0634 175.52
5 0.073862 0.012226 1.87 17.77 0.0666 0.0176 11.7148 42.2572 0.5749 3.6383 208.46
6 0.086087 0.012226 1.80 18.14 0.0795 0.0171 10.8494 35.4610 0.4751 4.1134 235.68
7 0.098313 0.012226 1.74 18.51 0.0924 0.0165 9.3242 30.3821 0.4025 4.5159 258.74
8 0.110538 0.012226 1.68 18.88 0.1053 0.0159 7.7157 26.4494 0.3474 4.8633 278.64
9 0.122764 0.012226 1.61 19.26 0.1182 0.0153 6.3187 23.3192 0.3042 5.1675 296.08

10 0.13499 0.012226 1.55 19.63 0.1311 0.0147 5.2021 20.7724 0.2695 5.4370 311.52
11 0.147215 0.012226 1.49 20.00 0.1440 0.0141 4.3376 18.6630 0.2411 5.6781 325.33

Table 4.8: Point by point method determining the blade shape for the
adjusted design return vane [25].

Point r ∆r cm α s b ∆arc ∆θ θ

m m m/s ◦ m m m ◦ ◦
1 0.1472 0.0000 1.27 1.73 0.0050 0.0141 0.0000 0 0
2 0.1352 0.0120 1.20 10.56 0.0050 0.0147 0.0642 27.21 27.21
3 0.1233 0.0120 1.13 19.38 0.0050 0.0153 0.0340 15.81 43.03
4 0.1113 0.0120 1.07 28.21 0.0050 0.0159 0.0223 11.49 54.52
5 0.0993 0.0120 1.00 37.04 0.0050 0.0165 0.0159 9.15 63.67
6 0.0874 0.0120 0.93 45.87 0.0050 0.0170 0.0116 7.62 71.29
7 0.0754 0.0120 0.86 54.69 0.0050 0.0176 0.0085 6.44 77.73
8 0.0634 0.0120 0.79 63.52 0.0050 0.0182 0.0060 5.39 83.12
9 0.0514 0.0120 0.72 72.35 0.0050 0.0188 0.0038 4.24 87.36

10 0.0395 0.0120 0.66 81.17 0.0050 0.0194 0.0019 2.70 90.06
11 0.0275 0.0120 0.59 90.00 0.0050 0.0200 0.0000 0.00 90.06
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Figure 4.4: Shape of the standard impeller, model constructed in Autodesk
Inventor.
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Figure 4.5: Shape of the adjusted impeller, model constructed in Autodesk
Inventor.
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Figure 4.6: Cutaway of the casing containing the seven pump stages of the
standard design, model constructed in Autodesk Inventor.

Figure 4.7: Cutaway of the casing containing the seven pump stages of the
adjusted design, model constructed in Autodesk Inventor.
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4.1.2 Design of the Turgo Turbine

The design of the Turgo turbine was based on hydrodynamic principles
and partly on literature concerning the Pelton turbine. The work done by
Anagnostopoulos [2], Gaiser [19], Cobb [10] and Correa [27] [28] has also
been an inspiration.

When designing the turbine, the objective was of course to maximize the
power output with the given available flow and head. The shape of the
buckets was designed so that the jet would have a shockless entry and a
smooth deflection, and leave the bucket with as little kinetic energy as
possible. The kinetic energy of the water leaving the bucket is lost.

The rotational speed chosen for the turbine was n = 3000 rpm, the same
as for the centrifugal pump, in order to couple them together on the same
shaft without gears. By choosing the maximum rotational speed the size
of the turbine was also reduced.

The energy conversion in the runner is governed by the Euler equation and
the velocity diagrams at the inlet and outlet as given in figure 4.8.

The Euler equation as given in section 3.3.1.

ηh =
u(cu1 − cu2)

gHn

(4.1.30)

Because the water leaves and enters the Turgo bucket at approximately the
same radial distance from the center of rotation, the peripheral inlet and
outlet velocity is the same, as seen from figure 4.8.

In the following subsections the design strategy for the Turgo turbine will
be outlined, and the resulting values for the dimensions is given in table
4.9.

4.1.2.1 Runner Diameter

The absolute inlet velocity entering the bucket from the nozzle was taken
as

c1 =
√

2gHn (4.1.31)

where Hn is the available head at the inlet of the nozzle. The optimal
peripheral velocity of the runner was found from equation 3.3.7 in section
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Figure 4.8: Radial view of the velocity diagrams at inlet and outlet of the
Turgo bucket [2].
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3.3 when assuming a hydraulic efficiency of ηh = 0.96 and an absolute
outlet velocity of cu2 = 0.

u = 0.48
√

2gHn (4.1.32)

The diameter of the runner was found from

D =
60u

πn
(4.1.33)

4.1.2.2 Jet Diameter and Number of Nozzles

The jet diameter is given by continuity

dj =

√
4Q

Znπcu1
(4.1.34)

where Zn denotes the number of nozzles. The number of nozzles chosen for
the Turgo turbine was Zn = 1 due to the low flow rate.

4.1.2.3 Number of Buckets

The minimum number of buckets was found by requiring that no water
should be lost. In figure 4.9 an axial view of a Turgo runner with buckets
along the periphery is given.

Referring to figure 4.9, requiring that no water should be lost is the same
as requiring that the water travel the distance lw faster than the bucket
travel the angular distance ψ. Mathematically this was expressed as

tw < tb (4.1.35)

where tw denotes the time elapsed by the water traveling the distance lw,
and tb denotes time elapsed by the bucket traveling the angular distance ψ.
If the bucket travels ψ faster than the water travels lw, i.e., tb < tw, water
will be lost because there will not always be a bucket there to catch it.

The velocity of the water, cu1, is known when the jet inlet angle α1 is
chosen. The peripheral velocity at the bucket tip, ut, can be found if the
diameter at the bucket tip, Dt, is known. The diameter at the bucket tip
is found by adding the diameter of the runner and the length of a bucket,
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Figure 4.9: Axial view of the Turgo runner.
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L. The length of the bucket will influence the required minimum number
of buckets, and must be chosen with that in mind.

Equation 4.1.35 can be rewritten as

lw
cu1

<
πDtψ

360ut
(4.1.36)

The peripheral velocity at the bucket tip is known as ut = πnDt

60
, and the

distance traveled by the water is lw = Dt sinφ, with reference to figure 4.9.
The expression for ψ was then found as

ψ >
360nDt sinφ

60cu1
(4.1.37)

The maximum distance between two buckets was then taken as

θ = 2φ− ψ (4.1.38)

The minimum number of buckets is then

Zb =
360

θ
(4.1.39)

To complete this derivation, an expression for φ was found from trigonom-
etry

cosφ =
D + dj
Dt

(4.1.40)

By applying the above equations an expression for the minimum number
of buckets was found.

The approach discussed above would also apply to Pelton turbines. How-
ever, when considering the minimum number of buckets in a Turgo turbine,
the radial view of the runner must also be considered. This is because the
water enters at an angle, as seen in figure 4.10.

The requirement could have been not to lose any water here as well. But,
because the water enters at an angle, the relative velocity of the water will
also have an angle with respect to the bucket, denoted β1 in figure 4.8.
To achieve a shockless entry of water, this angle should coincide with the
constructional angle of the bucket. Thus it was required that the angle of
the bucket should coincide with the angle of the water velocity relative to
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Figure 4.10: Radial view of the Turgo runner. Angles between the bucket
positions from the axial view.

the bucket for the entire period of jet incidence on the bucket. The distance
from the outer edge of the bucket where the first water hits to the point
on the bucket where the last water hits was denoted kBB, as seen in figure
4.10, where B is the width of the bucket and kB is the constant of incidence
along the width of the bucket.

By again requiring that the water travel the distance lw faster than the
bucket travel the angular distance ψ, the additional equations describing
the minimum number of buckets was found as

ψ >
kBBπn

30c1 sinα1

360

2π
(4.1.41)

where α1 denotes the angle of incidence of the water as seen from figure
4.10. The angle of incidence was chosen to be very small, but without
interfering with the incoming buckets. Making the angle α1 small, means
making the velocity component cu1 of the water jet big, and from the Euler
equation 4.1.30, this is beneficial.

tanφ =
kBB

D tanα1

(4.1.42)

θ < 2φ− ψ (4.1.43)
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and finally

Zb =
360

θ
(4.1.44)

When applying the equations for the radial view, the width B and the
factor kB must be chosen. Thus, an acceptable relationship between the
bucket width B and the number of buckets must be found. Another value
for the minimum number of buckets is found by considering the equations
for the axial view. The final number of buckets must be the highest number
of the two.

4.1.2.4 The Shape of the Buckets

The width, depth, length and angles of the bucket strongly influence the
flow pattern through the bucket. The dimensions are illustrated in figure
4.11

Figure 4.11: Dimensions of the Turgo bucket. Width B, length L and depth
H is indicated.

The width of the bucket, B, and the length of the bucket, L, is already
found from the considerations pertaining to the minimum number of buck-
ets in the previous section.

The depth is decided by the length given by kBB, see figure 4.10, and
inlet and outlet angles β2 and β2. The outlet angle β1 was chosen to equal
the inlet angle in order to turn the water around as much as possible and
maximize the efficiency. Trigonometry provided the profiles at the inlet
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and outlet, and a smooth transition was demanded. β1 was found from
trigonometry when α1, u and c1 was known.

The depth was found to be considerable, and the shape was adjusted
slightly to make the blade more shallow by gradually increasing the blade
angle β from the inlet towards the centerline of the bucket.

Considering the axial view of the bucket it was decided that the shape
should resemble an arc in this direction as well, as illustrated in figure
4.9. The blade inlet angle in this direction, denoted by βa1 was found
from trigonometry, when the cu1 and u velocity components and the angle
between them was known.

The relative velocity vectors at the point of the bucket where the jet is
incident is shown in figure 4.12 for the Turgo design given in table 4.9.

Figure 4.12: Axial view of the Turgo runner. Relative velocity vector at
point of bucket where jet is incident.

The main dimensions and physical properties of the Turgo design are found
in table 4.9.

A three-dimensional model of the finished design was constructed using the
computer-aided design software Autodesk Inventor. The model is shown in
figure 4.13, and additional drawings are given in appendix A.

4.1.2.5 Materials Selection

The most common construction materials for turbine runners are stainless
steel alloys. The Turgo turbine designed for the reverse osmosis system
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Table 4.9: Main dimensions and physical properties of the Turgo design.
TURGO DIMENSIONS AND SPECIFICATIONS

FLOW AND HEAD, CONSTANTS AND ROTATIONAL SPEED
Density of brine ρ 1050 kg/m3
Gravitational constant g 9.81 m/s2
Atmospheric pressure patm 101325 Pa
Vapor pressure of water at 25C pv 3184 Pa
Viscosity of water µ 0.00089 kg/(ms)

Available flow rate Q 30 l/min
Available flow rate Q 0.0005 m3/s
Pressure loss through membrane ∆p 3 %
Pressure after membrane p 63 bar
Pressure after membrane p 6305000 Pa
Pressure after membrane H 612 m

Rotational speed n 3000 rpm
Rotational speed ω 314 rad/s

VELOCITIES, NOZZLES AND DIAMETERS
Absolute inlet velocity c1 109.59 m/s
Angle of absolute inlet velocity α1 10.0 ◦
Absolute inlet velocity perpheral component cu1 107.92 m/s
Runner peripheral velocity u 52.60 m/s
Number of nozzles Zn 1 -
Jet diameter dj 0.0024 m
Runner diameter D 0.335 m

BUCKET SHAPE FROM CONSIDERATION OF THE RADIAL VIEW AND RELATIVE VELOCITIES
Inlet angle α1 10 ◦
Relative inlet velocity w1 58.50 m/s
Inlet angle of bucket β1 19.0 ◦
Width of bucket B 0.1 m
Factor bucket kB 0.2 -
Angle traveled by bucket when in contact with water φ 18.7 ◦
Angle traveled by bucket when water travels angle 2φ ψ 18.9 ◦
Maximum distance between buckets θ 18.5 ◦
Minimum number of buckets Zb 19 -
Outlet angle of bucket β2 19.0 ◦
Absolute outlet velocity peripheral component cu2 0.0 m/s
Output hydraulic power P 2980 W
Available hydraulic power Ph 3153 W
Hydraulic efficiency ηh 95 %

BUCKET SHAPE FROM CONSIDERATION OF THE AXIAL VIEW
Length of buckets L 0.05 m
Diameter at bucket tip Dt 0.3849 m
Angle traveled by bucket when in contact with water φ 28.8 ◦
Angle traveled by bucket when water travels angle 2φ ψ 30.4 ◦
Maximum distance between buckets θ 27.1 ◦
Minimum number of buckets Zb 13 -
Inlet angle between cu1 and u αa1 -29.5 ◦
Relative inlet velocity w1 67.35 m/s
Inlet angle between cu1 and w1 βa1 22.6 ◦

FORCES ON BUCKET
Dimensioning force on bucket FR 29.32 N
Torque on root of bucket Tb 1.47 Nm
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Figure 4.13: Model of the designed Turgo turbine.

will operate in a highly corrosive environment, due to the salinity of the
concentrate. The material selected must therefore be very corrosion resis-
tant. The material must also be strong enough to endure the forces and
the stresses in the runner. A possible construction material apart from
stainless steel is hard plastic. Then the turbine could be manufactured by
injection molding. A plastic material would beneficial because it is very
light and highly corrosion resistant.

The dimensioning force acting on the turbine bucket can be approximated
by the formula

FR = ρQR(wu1 − wu2) = 2ρQR(cu1 − u) (4.1.45)

where QR is the relative flow rate given by

QR =
πd2j
4

(cu1 − u) (4.1.46)

The torque in the root of the bucket can then be found from

T = FRa (4.1.47)

where a is the distance from the jet normal to the root of the bucket.

85



4.2 The Reciprocating Pump and the Turgo

Turbine

During the work with this thesis, the opportunity arose to run tests on
a newly built reverse osmosis system in the laboratory. This system is a
prototype produced by one of the initiators of this thesis, Julia Navarsete
at Waterbox4Life Norway AS.

The system has the appropriate name Waterbox, and is a system built and
intended for the same application area as the systems considered in this
thesis. The results from the tests on the system is therefore seen as relevant
for this thesis.

4.2.1 About the System

Waterbox is a reverse osmosis system for producing clean drinking water.
The feedwater is pressurized to a pressure ranging between 15 to 70 bar
in a reciprocating plunger pump, and forced through the reverse osmosis
membrane. The low pressure freshwater permeate and the high pressure
concentrate leaves the membrane. The concentrate may leave the system
directly after the membrane, or pass through a nozzle where the pressure
energy is converted to a water jet with high kinetic energy. This water jet
hits a Pelton turbine, and the kinetic energy is transferred to mechanical
energy. The turbine is coupled directly to the shaft of the reciprocating
pump and the electric motor that drives the pump. In this manner, the
total power consumption of the electric motor may be reduced. See figure
4.14, where the the working principle of the system is illustrated.

The nozzle diameter in the Waterbox is 2.5 mm, and the diameter of the
Pelton turbine where the water jet hits is 100 mm. The rotational speed
of the system is 1500 rpm.
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Figure 4.14: Sketch showing the working principle of the Waterbox. An
electric motor drives a high pressure pump (HHP) coupled to the same shaft
as a Pelton turbine. The feedwater is forced through the membrane and
the products are low pressure freshwater (permeate) and high pressure con-
centrate. The concentrate leaves the system directly or is directed through
the Pelton turbine where the hydraulic energy is converted to mechanical
energy.
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4.2.2 About the Measurements

The objective of the measurements was to quantify the difference in the
power consumption of the electric motor when the concentrate was directed
through the turbine, versus the case where it leaves the system directly after
the membrane.

The system parameters that were measured are pressure, flow rate, current
and voltage. See figure 4.15 for a sketch showing the system measurement
setup and the locations in the system where the different parameters were
measured.

Figure 4.15: Sketch showing the measurement setup for the reverse osmosis
system Waterbox. The alternating current supply is denoted AC. The
current supplied to the electric motor and the voltagte over the motor was
measured by a power analyzer. Pressure was measured at the locations
denoted P1, P2 and P3, and the flow rate was measured at the location
denoted Q.

The power consumption of the motor was found by measuring the current
supplied to the motor and the voltage over the motor. The system was
connected to a three-phase 230 V power supply. The current and voltage
was analyzed by the power analyzer PM3000A Power Analyzer. Details on
the power analyzer and system connection are given in figure 4.16. In the
figure, three phase load is referring to the electric motor, and three phase
source is referring to the power supply.

The current was measured by connecting clamp-on current transformers
of the type CL1000 Current Transformer over each of the three phases.
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Figure 4.16: The measurement setup for the PM3000A Power Analyzer.

The power analyzer gave the effective values of current IRMS and voltage
VRMS, and the power consumption P of the electric motor could therefore
be found from equation 4.2.1.

P = VRMSIRMS (4.2.1)

The pressure at the locations denoted P1, P2 and P3 in figure 4.15 was
measured using manometers of the European standard EN 837-1.

The flow rate was measured at the location denoted Q in figure 4.15 by
using a stopwatch to measure the time elapsed when filling a known volume
with water.

4.2.3 Measurement Results

Figure 4.17, 4.18 and 4.19 present the results of the measurements per-
formed. The total power consumption of the electric motor when the con-
centrate is leaving the system directly after the membrane versus the power
consumption when the concentrate is passed through the Pelton turbine is
shown in figure 4.17.

The total power savings when the turbine is part of the system is presented
in figure 4.18. The power savings were found from equation 4.2.2.

Power savings =
Pwithout turbine − Pwith turbine

Pwithout turbine
∗ 100 (4.2.2)
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Figure 4.17: Measured power consumption with and without the turbine
as part of the system. Each of the curves represent the mean value of three
measurements done with continuous operation of the system.
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As seen from equation 4.2.2, the difference in power consumption without
the turbine Pwithout turbine and with the turbine Pwith turbine is expressed as
a percentage of the power consumption without the turbine Pwithout turbine.
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Figure 4.18: Measured power savings when operating the turbine as part
of the system. The curve is based on the mean values in figure 4.17.

The measured efficiency of the turbine is presented in figure 4.19. This
efficiency was found by comparing the measured difference in the mean
power consumption with and without the turbine. The efficiency was found
from equation 4.2.3.

η =
Pwithout turbine − Pwith turbine

(p3 + 1
2
ρv23 + ρgh3)Q

∗ 100 (4.2.3)

In equation 4.2.3 η is the measured turbine efficiency, P is the power as
found from equation 4.2.1, p3 is the gauge pressure measured at manometer
P3 as shown in figure 4.15, v3 is the velocity at manometer P3, h3 is the
elevation difference between manometer P3 and the inlet to the turbine and
Q is the flow rate to the turbine. ρ and g is the density of the concentrate
and the gravitational constant, respectively.
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Figure 4.19: Measured efficiency for the Pelton turbine. The curve is based
on the difference in the mean power consumption with and without the
turbine compared to the available hydraulic power.
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4.2.4 Uncertainty Analysis

All measurements are associated with some degree of uncertainty. This
might be due to the measurement instruments, faulty readings or changed
circumstances for the measurements. The error might be categorized as
either systematic or random. Random errors are errors that varies with
every measurement, and are caused by human error or changes in the cir-
cumstances of the measurements. The systematic error depends on the
measurement instruments and the system, and these are errors that can
not be reduced by increasing the number of measurements. The system-
atic error for different types of measuring instruments is often given.

By assuming that the measurements are normally distributed around the
true mean value of the parameter being measured, the total uncertainty is
found by taking the square of the sum of the squares of the random and
the systematic uncertainty. The total uncertainty is found from equation
4.2.4.

Total uncertainty =
√
Random uncertainty2 + Systematic uncertainty2

(4.2.4)

By applying equation 4.2.4, the total uncertainty will have a confidence
interval of 95 percent. This means that there is a 95 percent probability
that the true mean value of the measured parameter lies within the limits
given by the total uncertainty.

In the same manner as the total uncertainty for one measured parameter
is found, the total uncertainty for a derived value can be found by taking
the square of the sum of the squares of the total uncertainties of all the
variables that are part of the expression for the derived value. The total
uncertainty for the power is therefore found from equation 4.2.5.

Uncertainty Power =
√
Uncertainty current2 + Uncertainty voltage2

(4.2.5)

The total uncertainty for the different parameters that have been measured
are given in table 4.10, and the probability of the true value lying within
these limits is then 95 percent.

The uncertainty limits for power is given graphically in figure 4.20, as the
vertical lines.
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Table 4.10: Uncertainty analysis.

Measured
parameter

Measuring
equipment

Random
uncertainty

Systematic
uncertainty

Total
uncertainty

Voltage Voltech PM3000A ± 0.05 % ± 0.05 % ± 0.07 %
Current Voltech PM3000A ± 0.05 % ± 1.50 % ± 1.50 %
Power Voltech PM3000A ± 0.07 % ± 1.50 % ± 1.50 %

Pressure
Manometer 0/100 bar

EN 837
± 1.00 % ± 1.60 % ± 1.89 %

Flow rate
Stopwatch and container

of known volume
± 0.09 % ± 0.00 % ± 0.09 %

Efficiency

Stopwatch, container of
known volume,

manometer 0/100 bar EN-837
and Voltech PM3000A

± 1.01 % ± 2.19 % ± 2.41 %
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Figure 4.20: Measured power consumption with and without the turbine as
part of the system. Each of the curves represents the mean value of three
measurements done with continuous operation of the system. The vertical
lines represent the uncertainty of the efficiency measurements.
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4.2.5 Discussion of the Results

Figure 4.17 clearly shows that by passing the concentrate through the tur-
bine, the power consumption of the electric motor will decrease. The max-
imum efficiency of the turbine was measured to be 14 percent as shown in
figure 4.19. The maximum power savings by utilizing the turbine was mea-
sured to be 6 percent of the total power consumption without the turbine,
as shown in figure 4.18. The total power savings depend on the efficiency
of the turbine. A higher efficiency means higher total power savings. Sug-
gestions on how to increase the efficiency of the turbine are given in section
4.2.6.

4.2.6 Suggestions on Improvement

To increase the total power savings in the system by passing the high pres-
sure concentrate through a turbine, several suggestions are made. Firstly,
the jet should be aligned more precisely with the runner. Secondly the Pel-
ton turbine should be replaced with a Turgo turbine. The nozzle diameter
required to obtain the necessary pressure in the membrane of the Waterbox
is only 2.5 mm. It is believed that significant incident losses occur when
the water jet hits the splitter of the Pelton turbine. A Turgo turbine does
not have a splitter, and is therefore seen as a better solution. Thirdly, the
diameter of the turbine needs to be increased. The diameter of the Pelton
turbine where the water jet hits is only 100 mm.

When the pressure available upstream of the nozzle is known, the necessary
turbine diameter can be found by considering the theoretical hydraulic
efficiency. Much in the same way it was done in section 4.1.2 when designing
the Turgo turbine for the first system solution.

The measured efficiency of the turbine in the Waterbox as given by equation
4.2.3 differs from the theoretical hydraulic efficency in that the measured
efficiency also incorporates losses in the nozzle and runner, and other me-
chanical losses. The theoretical hydraulic efficiency of the turbine is given
by equation 4.2.6.

ηh =
ρu(cu1 − cu2)

p3 + 1
2
ρv23 + ρgh3

∗ 100 (4.2.6)

In equation 4.2.6, ηh is the theoretical hydraulic turbine efficiency, cu1 is the
absolute peripheral velocity of the water entering the turbine, and cu2 is the
absolute peripheral velocity of the water leaving the turbine. The available
hydraulic energy of the water before entering the nozzle is given by the
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expression in the denominator where p3 is the gauge pressure measured at
manometer P3 as shown in figure 4.15, v3 is the velocity at manometer P3
and h3 is the elevation difference between manometer P3 and the inlet to
the turbine. ρ and g is the density of the concentrate and the gravitational
constant, respectively.

All the variables of equation 4.2.6 are given by the system upstream of the
turbine, with the exception of the peripheral velocity u and the absolute
peripheral water velocity cu. By assuming that the buckets of the turbine
are shaped in such a way that the absolute peripheral velocity of the buckets
at the outlet cu2 is zero, equation 4.2.6 shows that the theoretical efficiency
can be increased by increasing the peripheral velocity u of the turbine. The
peripheral velocity of the turbine is given by equation 4.2.7.

u =
2πnD

120
(4.2.7)

In equation 4.2.7, n is the rotational speed of the runner and D is the
diameter of the runner where the water hits the buckets. From equation
4.2.6 and 4.2.7, it is apparent that increasing the diameter of the turbine
means increasing the theoretical hydraulic efficiency of the turbine. From
the previous equations and the system parameters, it is found that the
optimal diameter of the turbine would be D = 636 mm. The turbine in
the Waterbox system has a diameter of only 120mm.

4.2.7 Concluding Remarks on the Measurements

The measurements performed on the Waterbox indicates that passing the
concentrate water through a turbine coupled to the shaft of the electric mo-
tor and reciprocating pump will give energy savings compared to the case
when the concentrate water leaves the system directly after the membrane.
The energy savings might be increased considerably by installing a Turgo
turbine with the right dimensions as described in section 4.2.6. The total
energy savings for the system might be as high as 40 percent by installing
a turbine with an efficiency ranging upwards of 90 percent.

The measurements on the Waterbox has indicated that energy recovery in a
reverse osmosis system is possible by coupling a turbine directly to the shaft
of the electric motor driving the reciprocating pump. These measurements
therefore supports the idea behind two of the four investigated solutions for
the reverse osmosis system to be designed in this thesis. It also accentuates
the importance of installing a properly designed turbine in such a system.
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4.3 The Reciprocating Pump without En-

ergy Recovery

4.3.1 Design of the Reciprocating Pump

Some of the most important configurations of a reciprocating pump were
discussed in section 3.2.3.2. The configuration chosen for the design of
the reciprocating pump for the RO system is a triplex single-acting piston
pump. The triplex configuration is chosen because three cylinders is the
minimum amount of cylinders required to reduce the flow variation and
pressure pulsations in comparison to the simplex pump. A single-acting
pump is chosen because of its simplicity. The piston is chosen over the
plunger to allow the possibility of introducing pressurized fluid in the power
end during the discharge stroke in order to reduce the required power input
to the pump. This type of configuration will be described further in section
4.4. The crankpins of the three pistons will be spaced evenly, 120 degrees
apart.

4.3.1.1 Pump Rotational Speed

The pump rotational speed greatly influences the flow and pressure pul-
sations in the pump. An excessive speed can be detrimental to the entire
system. The advantages of high pump speed are higher flow rate with
smaller pump size. The choice of rotational speed must therefore be as
high as possible, without causing operational problems. Also, the speed
should be synchronous with the power grid, to avoid gears between the
drive and the pump, for greater mechanical efficiency. This is assuming
that the drive is an electric motor.

The possible synchronous speeds depends on the frequency of the supply
current and the number of pole pairs per phase in the motor. The rotational
speed, n, is given by

n =
60f

Zp
(4.3.1)

where f is the frequency of the supply current given in Hz, and Zp is the
number of pole pairs per phase in the motor. With four pole pairs per
phase, it is seen from equation 4.3.1 that the rotational speed becomes n =
750 rpm on a 50 Hz supply current. This was the rotational speed chosen
for the pump.
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4.3.1.2 Displacement

The displacement in one pump cylinder is the volume swept by the piston
during one stroke. The total displacement of the pump is therefore the
total volume swept by all three pistons.

The delivered flow rate of the pump depends on the displacement D, the
rotational speed n, and the volumetric efficiency ηV , according to equation
4.3.2.

Q =
DnηV

60
(4.3.2)

When the desired volume flow rate is known, the necessary displacement
can be found from equation 4.3.2.

4.3.1.3 Piston Diameter and Stroke Length

When the displacement volume is known, the stroke length s and piston di-
ameter dp can be determined. According to Miller [29], there is no absolute
rule when choosing the piston diameter and stroke length. One guideline
is that the piston diameter should be no greater than the stroke length.
Pumps with piston diameter equal to stroke length are called square pumps,
and this configuration is chosen for the reciprocating pump designed in this
section.

The stroke length s is given by dividing the cylinder displacement Dcylinder

by the piston area Ap.

s =
Dcylinder

Ap
(4.3.3)

The piston area is given by

Ap =
π

4
d2p (4.3.4)

By combining equations 4.3.3 and 4.3.4 and requiring that the piston di-
ameter dp should equal the stroke length s, the following expression for the
stroke length is found

s =
3

√
4Dcylinder

π
(4.3.5)
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The piston length is chosen to equal the piston diameter and stroke length.
For the reciprocating pump without energy recovery, no piston rod is nec-
essary between the piston and the crosshead. The piston can be attached
directly to the crosshead.

4.3.1.4 Cylinder

The necessary pressure the cylinder must withstand can be found by con-
sidering the maximum delivery pressure required for the RO system, and
add the maximum pressure rise due to pressure pulsations. From a dynamic
analysis of the pressure in a system with a required delivery gauge pressure
of 80 bar and the specifications given in table 4.12, the total maximum
gauge discharge pressure is found to be pd,max = 98 bar.

When the pressure requirement for the cylinder is known, the necessary
cylinder thickness can be found from equation 4.3.6.

t =
pd,maxdp

2σy
Sf (4.3.6)

4.3.1.5 Crosshead and Connecting Rod

The forces acting on the crosshead, connecting rod, and crankshaft can all
be found when the geometry of the pump and the differential pressure on
the piston is known. These forces will vary with the crank angle. In figure
4.21 the forces are indicated.

Fp is the force on the piston which varies between the suction stroke and
the discharge stroke. Fcr is the force on the connecting rod, and Fch is the
force on the crosshead. Fcs,n and Fcs,t is the normal and tangential force
on the crankshaft from the connecting rod.

The maximum forces on the crosshead and connecting rod occurs when
θ = 0◦. The maximum tangential force on the crankshaft occurs when θ =
270◦, while the maximum normal load on the crankshaft occurs when θ
=0◦. All maximum forces are given in table 4.11.

When the maximum forces are known, the connecting rod and crosshead
can be designed. The necessary connecting rod area Acr is found by con-
sidering the maximum stress in the connecting rod, and requiring it to be
below the allowable stress in the material. The connecting rod area is found
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Figure 4.21: Sketch showing the connecting rod, crosshead and crankshaft
forces. The force on the piston Fp is transferred to the connecting rod and
crosshead. Fp is therefore the vector sum of Fch and Fcr.

Table 4.11: Maximum forces on crosshead and connecting rod.

Maximum connecting rod load Fcr,max N 4263

Maximum crosshead load Fch,max N -710
Maximum crankshaft normal load Fcs,n,max N 4203
Maximum crankshaft tangent load Fcs,t,max N -4203
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from equation 4.3.7.

SfFcr < σfAcr (4.3.7)

The dimensions of the crosshead are chosen to equal the dimensions of the
piston.

4.3.1.6 Crankshaft

The design of the crankshaft was based on a calculation of the bending mo-
ments and bending stress acting on it. The forces are transferred through
the pistons and the connecting rods to the three different locations on the
crankshaft where the connecting rods are fastened. The forces are ab-
sorbed by the main bearings on either side of the crankshaft. The distance
between the connecting rods was decided by considering the outer diame-
ter of each of the three pump cylinders. The forces were found from the
maximum pressure acting on each piston. When the point of maximum
bending moment and maximum bending stress was found, the diameter of
the crankshaft was chosen so that the maximum stress at this point would
not exceed the maximum allowable stress in the material. The necessary
area of the crankshaft was found from equation 4.3.8.

SfFcs < σfAcs (4.3.8)

The calculation of the crankshaft was based on an example in the book
The Reciprocating Pump: Theory, Design and Use by John E. Miller [29].
The results and information for the different steps of the calculation are
given in table 4.12.

4.3.1.7 Check Valves

As mentioned in section 3.2.3.2, the flow through valves is associated with
pressure loss. It is therefore wise to choose a valve that will minimize this
pressure loss. According to Smith and Zappe [40], the resistance coefficient
ζ determines the friction loss through a valve in relation to the fluid ve-
locity through the valve. Smith and Zappe have suggested values for the
resistance coefficient of different types of valves under fully turbulent flow
conditions. The ball valve are among the valves having the lowest friction
loss. The resistance coefficient for a ball valve is estimated to ζ = 0.1, and
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the head loss through the valve due to friction can therefore be approxi-
mated as [40]

∆h = ζ
v2

2g
(4.3.9)

Based on the reasons given above, ball valves are chosen for the inlet and
outlet valves of the reciprocating pump.

4.3.1.8 Safety Relief Valve

In order to avoid the build up of excessive pressure in the the pump and
system, a safety relief valve should be placed at the discharge of the pump.
This can be a spring controlled valve, which can be adjusted to different
pressure levels.

The main dimensions and physical properties of the reciprocating pump
without energy recovery are found in table 4.12.

A three-dimensional model of the finished design was constructed using the
computer-aided design software Autodesk Inventor. The model is shown in
figure 4.22, and additional drawings are given in appendix C.
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Table 4.12: Main dimensions and physical properties of the reciprocating
pump design.
RECIPROCATING PUMP SPECIFICATIONS AND DIMENSIONS

FLOW AND HEAD, CONSTANTS, EFFICIENCIES AND ROTATIONAL SPEED

Gravitational constant g 9.81 m/s2
Density of water ρ 1000 kg/m3

Required delivery flow rate Q 20 l/min
Required delivery flow rate Q 0.00033 m3/s
Volumetric efficiency ηV 0.9 -
Flow rate including leakage Q′ 0.00037 m3/s

Rotational speed n 750 rpm
Angular rotational speed ω 79 rad/s

Required delivery pressure p 80 bar
Required delivery pressure p 8000000 Pa
Required delivery pressure H 815 m

Total pump efficiency ηp 78 %
Mechanical efficiency ηm 92 %
Hydraulic efficiency ηh 94 %
Pump power output Po 2667 W
Pump power input Pi 3426 W

DISPLACEMENT, CYLINDERS, STROKE, PISTON, INLET AND OUTLET DIAMETER

Displacement per revolution D 30 cm3
Number of cylinders m 3 -
Displacement per revolution per cylinder Dcylinder 10 cm3
Stroke length s 2.34 cm
Piston diameter dp 2.34 cm
Piston area Ap 4.28 cm2
Inlet diameter ds 2.00 cm
Outlet diameter dd 2.00 cm

PISTON FORCES, CYLINDER FORCES, PISTON ROD DIAMETER, CYLINDER THICKNESS

Maximum differential pressure piston pdp 95 bar
Force on piston Fp 4068 N
Stainless Steel Grade 310, fatigue limit in water σf 100 MPa
Safety factor Sf 3.80 -
Piston rod area Apr 1.55 cm2
Piston rod diameter dpr 1.40 cm
Safety factor Sf 4.50 -
Stainless Steel Grade 310, fatigue limit in water σy 100 MPa
Cylinder thickness t 0.50 cm
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RECIPROCATING PUMP SPECIFICATIONS AND DIMENSIONS

FORCES ON PISTON, CROSSHEAD, CONNECTING ROD AND CRANKSHAFT

Radius from crankshaft center to crankpin r 1.17 cm
Connecting rod length Lc 7.01 cm

ROD 1
Crank Angle θ1 86 ◦
Angle between piston rod and connecting rod α1 10 ◦
Maximum differential suction pressure on piston ps 0.52 bar
Force on piston Fp 22.23 N
Force on connecting rod Fcr 22.55 N
Force on crosshead Fch 3.75 N
Normal force on crankshaft Fcs,n -2.19 N
Tangent force on crankshaft Fcs,t 22.44 N

ROD 2
Crank angle θ2 206 ◦
Angle between piston rod and connecting rod α2 -4 ◦
Maximum differential discharge pressure on piston pd 94.99 bar
Force on piston Fp 4067.80 N
Force on connecting rod Fcr 4078.70 N
Force on crosshead Fch -298.00 N
Normal force on crankshaft Fcs,n -3786.75 N
Tangent force on crankshaft Fcs,t -1515.37 N

ROD 3
Crank angle θ3 326 ◦
Angle between piston rod and connecting rod α3 -5 ◦
Maximum differential discharge pressure on piston pd 94.99 bar
Force on piston Fp 4067.80 N
Force on connecting rod Fcr 4085.58 N
Force on crosshead Fch -380.77 N
Normal force on crankshaft Fcs,n 3159.43 N
Tangent force on crankshaft Fcs,t -2590.36 N

MAXIMUM FORCES ON PISTON, CROSSHEAD, CONNECTING ROD AND CRANKSHAFT

Maximum piston load Fp,max 4203 N
Maximum connecting rod load Fcr,max 4263 N
Maximum crosshead load Fch,max -710 N
Maximum crankshaft normal load Fcs,n,max 4203 N
Maximum crankshaft tangent load Fcs,t,max -4203 N

Stainless Steel Grade 310, fatigue limit in water σf 100 MPa
Safety factor Sf 1.5 -
Connecting rod area Acr 0.63945 cm2
Connecting rod diameter dcr 0.90231537 cm
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RECIPROCATING PUMP SPECIFICATIONS AND DIMENSIONS

CRANKSHAFT BENDING MOMENTS AXIAL PLANE

Force on piston 1 Fp1 22.23 N
Force on piston 2 Fp2 4067.80 N
Force on piston 3 Fp3 4067.80 N
Distance from point A to line of action of Fp1 a1 4.11 cm
Distance from point A to line of action of Fp2 a2 4.11 cm
Distance from point A to line of action of Fp2 a3 4.11 cm
Distance from point A to point B a4 4.11 cm
Reaction force point A RA 3067.52 N
Reaction force point B RB 5090.31 N
Moment about point A MA 0.00 Nm
Moment about point B MB 0.00 Nm

Bending moment about point 1 M1 125.95 Nm
Bending moment about point 2 M2 250.99 Nm
Bending moment about point 3 M3 209.01 Nm

CRANKSHAFT BENDING MOMENTS COAXIAL PLANE

Force on crosshead 1 Fch,1 3.75 N
Force on crosshead 2 Fch,2 -298.00 N
Force on crosshead 3 Fch,3 -380.77 N
Distance from point A to line of action of Fp1 a1 4.11 cm
Distance from point A to line of action of Fp2 a2 4.11 cm
Distance from point A to line of action of Fp2 a3 4.11 cm
Distance from point A to point B a4 4.11 cm
Reaction force point A RA 241.38 N
Reaction force point B RB 433.64 N
Moment about point A MA 0.00 Nm
Moment about point B MB 0.00 Nm

Bending moment about point 1 M1 9.91 Nm
Bending moment about point 2 M2 19.98 Nm
Bending moment about point 3 M3 17.81 Nm

CRANKSHAFT BENDING MOMENTS RESULTANT

Bending moment about point 1 M1 126.342 Nm
Bending moment about point 2 M2 251.786 Nm
Bending moment about point 3 M3 209.765 Nm

CRANKSHAFT BENDING STRESS

Crankshaft diameter dcs 3.00 cm
Second moment of area cylindrical shaft I 3.98 cm4
Maximum bending stress σb 94.99 MPa
Torque on shaft T 43.62 Nm
Polar moment of area cylindrical shaft J 7.95 cm4
Torsional stress on shaft τ 8.23 MPa
Maximum principal stress on shaft σmax 95.70 MPa
Stainless Steel Grade 310, yield limit σy 310.00 MPa
Stainless Steel Grade 310, fatigue limit σf 217.00 MPa
Safety factor Sf 2.30 -
Allowable stress σallowable 94.35 MPa
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Figure 4.22: Model of the designed reciprocating pump without energy
recovery.
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4.4 The Reciprocating Pump with Integrated

Energy Recovery

The design of the reciprocating pump with energy recovery was based on
the design of the reciprocating pump without energy recovery. The recipro-
cating pump with energy recovery will be a solution where the reciprocat-
ing pump and a positive displacement energy recovery device is integrated.
However, this solution differs from the solutions described in the theory
section 3.1.1.2. All the solutions described in section 3.1.1.2 are based on
transferring the high pressure energy of the concentrate stream to the feed
stream prior to the feed stream entering the high pressure pump, or an ad-
ditional booster pump. These solutions therefore necessitates at least two
devices, an energy recovery device and a high pressure pump, or even three
devices, an energy recovery device, a booster pump, and a high pressure
pump.

The solution designed in this section aims to transfer the energy of the
exiting high pressure concentrate directly to the pistons of the reciprocat-
ing pump. The solution suggests incorporating high pressure chambers in
the power end of the reciprocating pump, directly behind the pistons. In
this manner, high pressure concentrate can fill the chambers behind the
piston on the discharge stroke, thereby transferring power to the piston,
and ultimately, reducing the total power input to the reciprocating pump.

This solution will require check valves at the inlet and outlet of the pres-
sure chamber behind the piston, able to control the flow of concentrate in
and out. These valves can not be spring controlled check valves, seeing
as the pressure of the concentrate is approximately constant, and we only
want the concentrate to fill the pressure chambers at the discharge stroke
of the pump. At the suction stroke of the pump, the concentrate must then
be evacuated from the pressure chambers, so as not to exert an excessive
force on the pistons opposite to the direction of movement. Without ap-
propriately controlled valves, the high pressure concentrate would increase
the work required of the piston on the suction stroke, and an energy re-
covery would not be possible. The solution chosen was therefore based
on camshafts operating the check valves of the pressure chambers. The
camshafts will be driven by the crankshaft. In this manner the valves can
be controlled to only allow high pressure concentrate to enter the pressure
chambers on the dishcarge stroke of the pump.

This solution will increase the size of the reciprocating pump, but not as
significantly as the solutions comprising separate energy recovery devices
and booster pumps.
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4.4.0.9 Piston Rod Diameter

For the reciprocating pump with energy recovery, a piston rod is necessary
to enable the high pressure concentrate to fill the pressure chambers behind
the pistons.

The piston rod diameter must be chosen after considering the forces it
must be able to withstand. During the discharge stroke the piston is in
compression and during the suction stroke it is in tension.

The force acting on the piston and therefore also the piston rod during
a discharge stroke is given by the product of the piston area Ap, and the
differential pressure between the discharge pressure and the pressure at the
power end of the piston pdp, given in equation 4.4.1.

Fp = pdpAp (4.4.1)

The necessary piston rod diameter can be found by requiring that the stress
in the piston rod does not exceed the yield limit of the material.

When a material is subject to cyclic stresses it is possible for failure to occur
at a stress level considerably lower than the yield limit of the material.
Because the piston and piston rod in the reciprocating pump is clearly
subjected to cyclic stresses, the maximum permissible stress in the material
must be found from an S-N curve, where stress levels, S, are plotted against
the number of cycles to failure, N [8]. Stainless steels exhibit a fatigue limit
when cyclic stresses are applied. This means that beneath a certain stress
level, the fatigue limit, failure should not occur. This limit is determined
from a series of tests [4]. Data is found on the mechanical properties of
stainless steel, and according to the International Nickel Company [22], the
fatigue limit of stainless steel AISI type 310 in dry air is 215 MPa. The
fatigue limit of a material subjected to corrosive fluid should be expected
to be significantly reduced. For this reason, the piston rod is designed by
requiring that the maximum stress in the piston rod should be less than
100MPa. The necessary piston rod area can then be found from equation
4.4.3

SfFp < σfApr (4.4.2)

where Sf is a safety factor, Fp is the force acting on the piston rod as found
from equation 4.4.1, σf is the fatigue limit of the piston rod material and
Apr is the piston rod area.
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The piston rod diameter can then finally be found from equation 4.4.3.

dpr =

√
4Apr
π

(4.4.3)

4.4.1 Size of Concentrate Pressure Chambers

The length of the concentrate pressure chambers will have to equal or be
greater than the length of the feedwater pressure chambers. This is because
the stroke of the piston is already determined, and will of course be the
same on both sides of the piston. If the lengths are chosen to be equal,
the volume swept in the concentrate pressure chamber will be less than the
volume swept in the feedwater pressure chambers, because of the necessary
volume of the piston rod. This will not be a problem, because the flow
rate of the concentrate stream is lower than the flow rate of the feedwater
stream. The recovery ratio of the system determines the concentrate flow
rate. The recovery ratio for seawater is in the range of 40 - 70 percent [20],
and thus the concentrate flow rate is not expected to exceed 60 percent of
the feedwater flow rate.

4.4.2 Camshafts and Check Valves

The check valves controlling the flow in and out of the concentrate pres-
sure chambers are driven by camshafts. Camshafts are an integral part
of internal combustion engines, where they are used to operate the valves
controlling the air/fuel mixture intake and exhaust gases. A camshaft is
a shaft to which a cam is fastened. The shape of the cams control the
timing of the opening and closing of the valves, because the translational
movement of the valves follow the surface of the cams. When the camshaft
is connected to the pump crankshaft through gears, the shape of the cams
can be adjusted so that they open and close a valve during one half-rotation
of the crankshaft, or in other words during one discharge or suction stroke.
In order to be able to control the inlet and outlet valves of the concentrate
pressure chamber efficienctly, one camshaft will drive the inlet valves, and
another will drive the outlet valves. Both camshafts will be coupled to the
pump crankshaft with gears.
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4.4.3 Safety Relief Valve

In order to avoid the build up of excessive pressure in the the pump and
system, a safety relief valve should be placed at both the discharge of the
pump and by the concentrate inlet to the pressure chambers. This can be
spring controlled valves, which can be adjusted to different pressure levels.

The main dimensions and physical properties of the reciprocating pump
with energy recovery are the same as for the reciprocating pump without
energy recovery, and are found in table 4.12. The additional parameters
in the design with energy recovery is the pressure chambers behind the
pistons. These pressure chambers all have a length that equals the stroke
length s in table 4.12, and a diameter that equals the piston diameter dp
in table 4.12. The inlet and outlet diameters of the pressure chambers are
the same as the inlet and outlet diameters given in table 4.12, ds and dd.

A three-dimensional model of the finished design was constructed using the
computer-aided design software Autodesk Inventor. The model is shown in
figure 4.23, and additional drawings are given in appendix D.
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Figure 4.23: Model of the designed reciprocating pump with energy recov-
ery.
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4.5 Energy savings

Of the four solutions considered, only three of them incorporated an energy
recovery device. This is of course the first and second solution with the
Turgo turbine and the fourth solution with the reciprocating pump with in-
tegrated energy recovery. The objective of the first and second solution was
to connect the Turgo turbine directly to the pump shaft in order to reduce
the required input power to the motor. The objective of the fourth solution
was to fill the pressure chambers behind the pistons with high pressure con-
centrate on the discharge stroke in order to reduce the required input power
to the motor. An estimation of the energy savings for different membrane
efficiencies or recovery ratios, i.e., permeate to feedwater ratios are given in
table 4.13 for the solutions comprising a turbine and the solution compris-
ing a reciprocating pump with integrated energy recovery. The estimated
savings for the solutions comprising a turbine assumes that the turbine has
the right dimensions for the given flow and head specifications.

Table 4.13: Estimated energy savings for systems with energy recovery.
Recovery ratio of RO membrane R 40 % 70 %

Density of feed water ρfeed kg/m3 1000 1000
Density of concentrate ρconcentrate kg/m3 1050 1050
Gravitational constant g m/s2 9.81 9.81
Flow rate of feed water Qfeed m3/s 0.00033 0.00033
Flow rate of permeate Qpermeate m3/s 0.00013 0.00023
Flow rate of concentrate Qconcentrate m3/s 0.00020 0.00010
Delivery pressure of feed water Hfeed mWc 815 815
Assumed efficiency of pump ηp 78 % 78 %
Maximum input power pump Pp kW 3.4 3.4
Available pressure energy recovery device HERD mWc 750 750
Assumed total effiency of turbine ηt 90 % 90 %
Assumed total efficiency of integrated reciprocating ERD ηr 95 % 95 %
Maximum power output turbine Pt kW 1.4 0.7
Maximum power output of integrated reciprocating ERD PERD kW 1.5 0.7
Energy savings with turbine 41 % 20 %
Energy savings with integrated reciprocating ERD 43 % 21 %

The expected total efficiency of the energy recovery part of the recipro-
cating pump is somewhat higher than the expected total efficiency of the
turbine. This is based on how the energy transfer occurs. The turbine
transfers energy through more intermediary mechanical parts. In the re-
ciprocating pump with integrated energy recovery, the concentrate exerts
force on the pistons directly. The assumed efficiencies for the energy recov-
ery part of the reciprocating pump and the turbine are 95 percent and 90
percent respectively. According to Gude [21], this is a reasonable assump-
tion.
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4.6 System Drive Mechanism

Seeing as all four system designs are based on relatively high rotational
speeds, ranging from 750 to 3000 rpm, the optimal solution for the system
drive mechanism would be an electric motor. However, because 1.4 to 1.6
billion people around the world does not have access to electricity, and
another one billion people depend on unreliable electricity grids [10], the
possibility of an alternative drive mechansim should be considered. One
alternative would be to supply the system with a diesel driven generator,
able to produce electricity to drive the electric motor. This solution will
however make the system dependent on diesel instead of electricity. An
optimal solution would be to make the system able to run on renewable
resources such as wind, solar, or hydropower. A challenge with this solution
is the unreliable nature of these resources, and the high rotational speed
required for the system. The existing design of the system will therefore
be based on the assumption that electricity is an available resource.

4.7 Reverse Osmosis System

A suggestion on the entire system design has been made. This design is
based on the reciprocating pump with integrated energy recovery. The
additional components added are an electric motor, a filtering and UV-
filtration system, and the reverse osmosis membrane.

A three-dimensional model of the finished design was constructed using the
computer-aided design software Autodesk Inventor. The model is shown in
figure 4.24, and additional drawings are given in appendix E.

Additional information on the motor, filtering and UV-filtration system,
and the reverse osmosis membrane are given in appendix F.
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Figure 4.24: Model of the designed reciprocating pump with energy recov-
ery.
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5 Discussion and Conclusion

Parts of this section is taken from the project thesis Desalination of Water
by Reverse Osmosis written in the fall of 2015 by Løken [26].

The intended application area of the reverse osmosis system is to secure
the supply of drinking water in remote parts of the world where infrastruc-
ture is lacking, or in areas struck by natural disasters. When evaluating
which high pressure pump and energy recovery device is best suited for
the system, the intended application area must be kept in mind. Several
parameters might be examined, such as size, weight, simplicity, durability,
cost, energy requirement and efficiency. The most important parameters
must be identified. Size and weight are obviously important parameters in
order to have a portable system. Because the system is intended for use in
areas where infrastructure is lacking, simplicity and durability become im-
portant parameters as well, seeing as the system should be easy to operate
and that spare parts might be hard to come by. The energy requirement
is important because the system might operate in areas where energy is a
scarce resource. The four proposed solutions for the system, described in
detail in the previous parts of this thesis, should be discussed in light of
these parameters.

The first proposed solution was a centrifugal pump and a Turgo turbine.
The design of these components were based on a required feedwater flow
rate of 100 l/min and a required delivery pressure of 65 bar. The Turgo
turbine was to be directly coupled to the shaft of the centrifugal pump.
The rotational speed was chosen to be 3000 rpm, the highest synchronous
rotational speed that can be achieved with a 50 Hz supply current. A high
rotational speed reduces the necessary size of the rotating machinery. The
centrifugal pump and Turgo turbine were chosen because of their robustness
and simplicity. The given flow and head specifications are however well
outside the range of a typical centrifugal pump. A larger flow rate would
have made the centrifugal pump a more natural choice for the system. The
flow rate is limited by the capacity of the RO membrane. More membranes
could have been installed but this would increase the total size of the system

117



and the possibility was thus discarded.

Nevertheless, two different centrifugal pump designs were produced. The
details of these designs are given in section 4.1.1, and in appendix B. The
first design was produced by applying the governing Euler equation and
using a standard procedure as outlined by  Lazarkiewicz and Troskolański
in the book Impeller Pumps [25]. It was found that the channel width
at the outlet of the impeller became extremely small, only 1.4 mm. It is
obvious that this standard design would lead to enormous friction losses
due to the viscosity of water and the narrowness of the channels.

A second design was therefore attempted, where the channel width and
height of the impeller was constrained to a lower limit of 1.4 cm. The
resulting design is everything but conventional, with the thickness of the
blades being many times the height of the channels. The impeller design is
shown in figure 4.5. To avoid unnecessary material costs, the blades could
be made hollow. The flow behavior through the impeller might however
cause serious losses. At the outlet of the impeller the flow area is rapidly
increasing and the flow will separate off the channel walls due to the abrupt
area change. Separation causes severe disturbances in the flow, and this
will lead to losses.

The design of the turbine also proved to be somewhat challenging. This was
due to the scarcity of published literature on the design of such turbines.
The Turgo was however designed on simple principles such as to not lose
any water, and to provide a shockless entry of the water into the buckets.
The shape of the buckets was also designed to give a smooth deflection of
water through the bucket, making the water leave with a relative outlet
velocity opposite to the relative inlet velocity, and as small kinetic energy
as possible.

The design of the Turgo as seen in figure 4.13 and appendix A, is thought
to be quite efficient. The size of the runner is also reasonable, and it is as-
sumed that it can be manufactured in a light weight material such as hard
plastic, by considering the dimensioning forces on the bucket. Although
the theoretical considerations suggests a high efficiency for the turbine de-
signed, this should be confirmed through Computational Fluid Dynamics
(CFD), experiments or both.

The centrifugal pump would be a durable component, giving a continuous
pressure rise to the water, and not requiring any valves or extra lubrication
of the moving parts in contrast to the reciprocating pump. The centrifu-
gal pump designed is however bound to give very high frictional hydraulic
losses, due to the narrowness of the channels and the viscosity of water.
The poor suitability of the centrifugal pump to the RO system was however
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expected, because the given flow rate and head specifications are well out-
side the range for centrifugal pumps. Consequently, another type of pump
should be considered for the RO system, a type more suitable for high head
and low flow rate applications, such as the reciprocating pump.

The advantages of the reciprocating pump is the ability to generate high
discharge pressure at low flow rates. The need for several stages, as in the
case of the centrifugal pump, is avoided, and therefore the size and weight
of a reciprocating pump will be less than that of the centrifugal pump. The
complexity of a reciprocating pump is somewhat higher due to the need for
valves and lubrication of the moving parts, but the advantages outweighs
the disadvantages.

The second proposed solution was a reciprocating pump and a Turgo tur-
bine. The Turgo turbine was to be directly coupled to the shaft of the
reciprocating pump. The evaluation of this solution is partly based on
experiments performed on a similar system, namely the Waterbox as de-
scribed in section 4.2. The Waterbox is based on a feedwater flow rate of
40 l/min. The rotational speed of the system is 1500 rpm. The turbine
in the Waterbox is a Pelton turbine, but the diameter of the turbine is
too small for the operating range of around 60 bar. The maximum power
savings by utilizing the turbine was measured to be 6 percent of the to-
tal power consumption without the turbine, as shown in figure 4.18. This
was to be expected due to the small diameter of the Pelton turbine runner.
The most important result of the experiments was the indication that there
is a potential for saving energy when a turbine is coupled directly to the
shaft of the reciprocating pump. However, the efficiency of the turbine,
and therefore also the energy recovery of the system, is highly dependent
on the system pressure, as was demonstrated by the low energy recovery
with the small diameter turbine runner.

The third proposed solution was a reciprocating pump without energy re-
covery. The design of this component was based on a required feedwater
flow rate of 20 l/min and a required delivery pressure of 80 bar. These
specifications were adjusted from the first solution partly because the re-
ciprocating pump allowed for a lower flow rate. At the point of designing
the reciprocating pump it was also recognized that the capacity of the
pump should coincide with the feedwater capacity of the smallest reverse
osmosis membranes on the market, in order to reduce the size and weight
of the entire system. The rotational speed chosen for this solution was 750
rpm. Although a higher rotational speed means smaller components, exces-
sively high rotational speeds are known to cause problems in reciprocating
pumps.

The design of the reciprocating pump was aided by the book The Recipro-
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cating Pump: Theory, Design and Use by John E. Miller [29]. The design
in shown in figure 4.22 and appendix C.

The solution comprising the reciprocating pump without energy recovery
might be a good solution when size and weight are the most important
considerations, and when energy consumption is less important.

The fourth solution considered was a reciprocating pump with integrated
energy recovery. The design of this component was based on the design of
the reciprocating pump without energy recovery. Pressure chambers were
added behind all three pistons, allowing for the concentrate stream to fill
the pressure chambers on the discharge stroke of the pistons. The design
is shown in figure 4.23 and appendix D. The reciprocating pump with
integrated energy recovery is the most compact solution comprising energy
recovery. The energy transfer efficiency is also believed to be higher, as
illustrated in table 4.13. In contrast to the Turgo turbine where the design
is quite dependent on a specific pressure region, it is believed that the
energy transfer efficiency of the reciprocating pump with integrated energy
recovery will be high over a wide range of operating pressures.

Because it is possible to construct a reciprocating pump with integrated
energy recovery of smaller size and weight than the system comprising a
pump and a Turgo turbine, the fourth solution is believed to be the best
solution for the reverse osmosis system.

A suggestion on the total system design including a reciprocating pump
with integrated energy recovery is given in figure 4.24 and appendix E. The
final size of the reverse osmosis system comprising a reciprocating pump
with integrated energy recovery, a reverse osmosis membrane, a filtration
and UV-system and an electric motor is 1.2m× 0.5m× 0.7m.

The final recommendations that can be made from the work done, are the
following. A centrifugal pump seems to be a poor choice. The flow rate
and head specifications of the system make a design without large hydraulic
losses difficult. The recommended type of pump is the reciprocating pump,
better suited for the given flow rate and head specifications. A Turgo tur-
bine energy recovery device is a possibility, but the solution comprising
the reciprocating pump with integrated energy recovery will make the sys-
tem smaller in size and most likely more efficient, and this is therefore the
recommended solution.
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6 Further Work

Further work related to the reverse osmosis system should focus on vali-
dating the assumptions made on efficiency of the reciprocating pump with
integrated energy recovery. The solution should be evaluated by doing a
Computational Fluid Dynamics Analysis. The solution could also be fur-
ther evaluated by building a prototype and performing experiments in a
laboratory.

Another consideration is the drive mechanism for the system. The current
solution is based on an electric motor supplied either from the power grid
or by a diesel generator. Because the system should be able to operate in
remote areas lacking infrastructure, alternative drive mechanisms should
be considered. An option might be to reduce the rotational speed of the
system in order to make renewable resources like wind a possibility.

To further reduce the size and weight of the system, other solutions or
technologies could be considered.
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Ordering data:

Data sheet for three-phase Squirrel-Cage-Motors

1LE1001-1DD22-2AA4

[Hz]

1.6

MK/MN

3.80.51

[Nm]

730
3/4

85.5

3.7
18.30

NOM. EFF at ... load [%]

60
8.40 0.59

- / -
880

2/4

52.0 3.7 1.9230

Y

69 kg

10.50

IM B3 / IM 1001

n

50

Y

IE2

IP55

81.94.00
4.00 81.9

730
1.949.0

50
IE2

[A] 4/4

82.6

[hp]

81.4 IE2
1.6

M

IE2

1.9
85.1

60 85.3
85.5

IEC, DIN, ISO, VDE, EN

P

0.61Y400
0.61- / -

Δ / Y
2/4[V]

f

1.6

I

2.0

IA/INU

4.55
0.65- / - 2.2

52.0

4/4

83.240.0
460

P

0.67 0.50

[1/min]

MA/MN

81.4

Power factor at ... load
II/IN

4.00
10.00- / -

0.67Δ

86.2
4.6

FS 160 M

TI/TN[kW]

0.62
460 0.47

0.67

IEC/EN 60034

885

TB/TN

82.6
3/4

IE-CL

These values are calculated. The final rating plate data will be calculated when the order is placed
The efficiency values and efficiency class according to EuP directive are valid for standard power ratings under standard conditions.

Locating bearing NDE

External earthing terminal

Material of terminal box

TB1 J00

Environmental conditions

A

Cable diameter from ... to ...

aluminum

Terminal box position

Bearing DE | NDE

 RAL7030

Direction of rotation

Condensate drainage holes

(A) without (Standard)

Vibration class

-/-

40000 h

No

Cable entry

Color

Contact screw thread

Mechanical data

2xM40x1,5

No

Motor protection

0.065 kg m²

2 plugs

Data of anti condensation heating

Duty type

6209 2ZC3 Type of terminal box

Regreasing device 19.0 mm - 28.0 mm

155(F) to 130(B)

Cable gland

6209 2ZC3

Max. cross-sectional area

Sound pressure level 50Hz/60Hz (load)

No

M5

Moment of inertia

Method of cooling

-20 °C - +40 °C

Frame material

16.0 mm²

Type of bearing

Bearing lifetime

bidirectional

63 dB(A)

Ambient temperature

Esso Unirex N3

Grease nipple

Lubricants

IC411 - self ventilated, surface cooled

Insulation

71 dB(A)

Aluminium

1000 mAltitude above sea level

top

Coating

- / -

Standard paint finish C2

S1

Special design

Item no.:Client order no.:
1AV2162D

Remarks:

Consignment no.:

Motor type:

Offer no.:
Order no.:

Project:

0.50

Terminal box

Technical data are subject to change! There may be discrepancies between calculated and rating plate values. Version: 2016.02
Generated: 10.06.2016 03:15:57
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Congratulations on the purchase of your ultraviolet (UV) water disinfection 
system! This system uses the most advanced UV technology on the market and is 
designed to provide you with years of trouble free operation with minimal maintenance 
required to protect your drinking water from microbiological contaminants.

To ensure ongoing disinfection of your water, UV lamps need to be replaced annually 
with VIQUA factory-supplied replacements. VIQUA lamps are the result of extensive 
development resulting in a highly efficient disinfection platform with extremely stable UV 
output over the entire 9000 hour lifetime. Its success has led to a proliferation of 
non-genuine copies in the market.

The UV lamp is the heart of the disinfection system, and there should be no compromise 
when it's time for a replacement.

Why should you insist on genuine factory supplied VIQUA replacement lamps?

• Use of widely available, non-genuine, replacement lamps has been shown to damage 
the control module of VIQUA UV disinfection equipment.

• An increasing number of calls to VIQUA Technical Support are connected with 
non-genuine lamps being used (unknowingly) as replacements. 

• Damage arising from the use of non-genuine lamps poses a safety risk and is not 
covered by equipment warranty.

• Unless the UV equipment is equipped with a UV sensor (monitor), it is not possible to 
verify the UV (invisible) output of replacement lamps. 

• Similar appearance to the original lamp and the presence of (visible) blue light does 
not mean equivalent disinfection performance. 

• VIQUA replacement lamps undergo rigorous performance testing and strict quality 
control processes to ensure that the safety and performance certifications of the 
original equipment are not compromised.

So, you can see that it's simply not worth the risk! Insist on genuine VIQUA replacement 
lamps.

Esta página está en blanco de forma intencional.
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Section 1 Safety Information

Please read this entire manual before operating this equipment. Pay attention to all danger, warning, and caution statements 
in this manual. Failure to do so could result in serious personal injury or damage to the equipment.

Make sure that the protection provided by this equipment is not impaired. DO NOT use or install this equipment in any 
manner other than that specified in the installation manual.

1.1 Potential Hazards:
Read all labels and tags attached to the system. Personal injury or damage to the system could occur if not observed.

1.2 Safety Precautions:

Waste electrical and electronic equipment (WEEE). This symbol 
indicates that you should not discard wasted electrical or electronic 
equipment (WEEE) in the trash. For proper disposal, contact your 
local recycling/reuse or hazardous waste center.

This symbol indicates not to store any combustible or flammable 
material close to the system.

This symbol indicates there is Mercury present.
This symbol indicates that the contents of the transport package are 
fragile and the package should be handled with care.

This is the safety alert symbol. Obey all safety messages that follow 
this symbol to avoid potential injury. When on the equipment, refer to 
the Operational and Maintenance manual for additional safety 

This symbol indicates safety glasses with side protection is required 
for protection against UV exposure.

This symbol indicates a risk of electrical shock and/or electrocution 
exists.

This symbol indicates gloves must be worn.

This symbol indicates the marked equipment may contain a 
component that can eject forcibly. Obey all procedures to safely 
depressurize.

This symbol indicates safety boots must be worn.

This symbol indicates the system is under pressure.
This symbol indicates the operator must read all available 
documentation to perform required procedures.

This symbol indicates there is a potential UV hazard. Proper 
protection must be worn.

This symbol indicates the plumber must use copper piping.

This symbol indicates the marked item could be hot and should not 
be touched without care.

This symbol indicates that the system should only be connected to a 
properly grounded, grounding-type controller receptacle that is 
protected by a Ground Fault Circuit Interrupter (GFCI).

This symbol indicates there is a potential for VERY hot water when 
flow is started.

Warning: This product may contain chemicals known to the State of California to cause cancer and birth defects or other reproductive harm.

D A N G E R
Failure to follow these instructions will result in serious injury or death.

  • Electric Shock: To avoid possible electric shock, special care should be taken since water is present near the electrical equipment. Unless a 
situation is encountered that is explicitly addressed by the provided maintenance and troubleshooting sections, DO NOT attempt repairs yourself, 
refer to an authorized service facility.

  • GROUNDING: This product must be grounded. If it should malfunction or breakdown, grounding provides a path of least resistance for electric 
current to reduce the risk of electrical shock. This system is equipped with a cord having an equipment-grounding conductor and a grounding plug. 
The plug must be plugged into an appropriate outlet that is properly installed and grounded in accordance with all local codes and ordinances. 
Improper connection of the equipment-grounding conductor can result in a risk of electrocution. Check with a qualified electrician or service 
personnel if you are in doubt as to whether the outlet is properly grounded. DO NOT modify the plug provided with this system – if it does not fit in 
the outlet, have a proper outlet installed by a qualified electrician. DO NOT use any type of adapter with this system.

  • GROUND FAULT CIRCUIT INTERRUPTER PROTECTION: To comply with the National Electrical Code (NFPA 70) and to provide additional 
protection from the risk of electric shock, this system should only be connected to a properly grounded, grounding-type controller receptacle that is 
protected by a Ground Fault Circuit Interrupter (GFCI). Inspect operation of GFCI as per manufacturer’s suggested maintenance schedule.

  • DO NOT operate the disinfection system if it has a damaged cord or plug, if it is malfunctioning or if it has been dropped or damaged in any 
manner.

  • DO NOT use this disinfection system for other than intended use (potable water applications). The use of attachments not recommended or sold by 
the manufacturer / distributor may cause an unsafe condition.

  • DO NOT install this disinfection system where it will be exposed to the weather or to temperatures below freezing.

  • DO NOT store this disinfection system where it will be exposed to the weather.

  • DO NOT store this disinfection system where it will be exposed to temperatures below freezing unless all water has been drained from it and the 
water supply has been disconnected.

Hg

UV
Cu

Garantía del fabricante

Sección 9 Garantía del fabricante

Nuestro compromiso

VIQUA se compromete a asegurar que su experiencia con nuestros productos y organización superen sus expectativas. 
Hemos fabricado el sistema de desinfección UV según los más altos estándares y lo valoramos como cliente. 
Si necesitara soporte técnico o tiene preguntas acerca de su sistema, póngase en contacto con nuestro equipo de soporte 
técnico en el 1.800.265.7246 o en technicalsupport@viqua.com. Estaremos encantados de ayudarle. Esperamos que disfrute 
de las ventajas que ofrece un agua potable limpia y segura después de la instalación del sistema de desinfección VIQUA.

Cómo realizar una reclamación bajo garantía

Nota: Para maximizar el rendimiento de desinfección y la fiabilidad de su producto VIQUA, el sistema se debe 
dimensionar, instalar y mantener adecuadamente. En el manual del propietario encontrará información de utilidad 
sobre los parámetros de calidad del agua necesarios y los requisitos de mantenimiento. 

En el caso de que se necesitara una reparación o reposición de piezas cubiertas bajo esta garantía, el proceso lo 
gestionará el distribuidor. Si no está seguro de si un problema o fallo del sistema está cubierto por la garantía, póngase en 
contacto con nuestro equipo de soporte técnico en el 1.800.265.7246 o por correo electrónico en la dirección 
technicalsupport@viqua.com. Nuestro técnicos completamente formados le ayudarán a resolver el problema e identificar 
una solución. Tenga a mano el número de modelo (tipo de sistema), la fecha de compra, el nombre del distribuidor al que 
adquirió el producto VIQUA ("distribuidor de origen") y una descripción del problema que está experimentando. Para 
establecer la prueba de compra al realizar una reclamación bajo garantía, necesitará su factura original, o bien deberá 
haber completado y enviado su tarjeta de registro de producto por correo postal o en línea.

Cobertura específica de la garantía

La cobertura de la garantía es específica de la gama de productos de VIQUA. La cobertura de la garantía está sujeta a las 
condiciones y limitaciones establecidas en la sección "Condiciones y limitaciones generales".

Garantía limitada de diez años para la cámara UV de VIQUA

VIQUA garantiza que la cámara UV del producto VIQUA estará libre de defectos de material y mano de obra durante un 
período de diez (10) años desde la fecha de compra. Durante este período, VIQUA reparará o reemplazará, a su criterio, 
toda cámara UV VIQUA defectuosa. Devuelva la pieza defectuosa a su distribuidor, quién procesará su reclamación.

Garantía limitada de tres años para los componentes eléctricos y de hardware

VIQUA garantiza que los componentes eléctricos (controlador) y de hardware estarán libres de defectos de material 
y mano de obra durante un período de tres (3) años desde la fecha de compra. Durante este período, VIQUA reparará 
o reemplazará, a su criterio, toda pieza defectuosa cubierta por la garantía. Devuelva la pieza defectuosa a su distribuidor, 
quién procesará su reclamación.

Garantía limitada de un año para lámparas UV, vainas tubulares y sensores UV

VIQUA garantiza que las lámparas UV, las vainas tubulares y los sensores UV estarán libres de defectos de material 
y mano de obra durante un período de un (1) año desde la fecha de compra. Durante este período, VIQUA reparará 
o reemplazará, a su criterio, toda pieza defectuosa cubierta por la garantía. Su distribuidor procesará su reclamación 
y ofrecerá consejos sobre si el artículo defectuoso se debe devolver para realizar un análisis de fallos.

Nota: Utilice únicamente lámparas y vainas tubulares de reposición VIQUA originales en el sistema. El incumplimiento de 
este requisito podría poner en riesgo el rendimiento de la desinfección y afectar a la cobertura de la garantía.

Condiciones y limitaciones generales

Ninguna de las garantías anteriores cubre los daños provocados por el uso o mantenimiento inadecuados, accidentes, 
actos de la naturaleza o arañazos e imperfecciones menores que no afectan materialmente el funcionamiento del 
producto. Las garantías tampoco cubren los productos que no se han instalado según las instrucciones del manual del 
propietario correspondiente.

Las piezas reparadas o reemplazadas según estas garantías serán cubiertas bajo garantía hasta el final del período de 
garantía aplicable a la pieza original.

Las garantías anteriores no incluyen el coste de envío y manipulación de los artículos devueltos. Las garantías limitadas 
que se describen anteriormente son las únicas garantías aplicables a la gama de productos VIQUA. En estas garantías 
limitadas se describe el único recurso para todas las reclamaciones basadas en un fallo o defecto de cualquiera de estos 
productos, ya sea que la reclamación se base en contrato, agravio (incluida la negligencia), responsabilidad estricta u otro. 
Estas garantías reemplazan a todas las demás garantías escritas, orales, implícitas o reglamentarias. No corresponde, sin 
limitación, ninguna garantía de comerciabilidad o aptitud para un propósito particular a ninguno de estos productos.

VIQUA no asume ninguna responsabilidad por lesiones o daños a la propiedad causados por el uso o el mal uso de 
cualquiera de los productos mencionados anteriormente. VIQUA no será de ningún modo responsable de los daños 
especiales, incidentales, indirectos o consecuentes. La responsabilidad de VIQUA se limitará, en todos los casos, a la 
reparación o reposición del producto o la pieza defectuosa y esta responsabilidad finalizará al finalizar el período de 
garantía aplicable.
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1.3 Water Chemistry
Water quality is extremely important for the optimum performance of your UV system. The following levels are 
recommended for installation:

* Where total hardness is less than 7 gpg, the UV unit should operate efficiently provided the quartz sleeve is cleaned 
periodically. If total hardness exceeds 7 gpg, the water should be softened. If your water chemistry contains levels in excess 
of those mentioned above, proper pre-treatment is recommended to correct these water problems prior to the installation of 
your UV disinfection system. These water quality parameters can be tested by your local dealer, or by most private analytical 
laboratories. Proper pre-treatment is essential for the UV disinfection system to operate as intended.

WA R N I N G
During extended periods of no water flow, the water in your chamber can become very hot (Approx. 60 °C) and potentially lead to scalding. It is 
recommended to run your water until this hot water has been purged from your chamber. Do not allow water to contact your skin during this time. To 
eliminate this condition, a temperature management valve can be installed at the outlet of your UV system.

C A U T I O N
Failure to follow these instructions could result in minor or moderate injury.

  • Carefully examine the disinfection system after installation. It should not be plugged in if there is water on parts not intended to be wet such as, the 
controller or lamp connector.

  • Due to thermal expansion concerns and potential material degradation due to UV exposer, it is recommended to use metal fittings and at least 10” 
of copper pipe on the outlet of your UV chamber.

N O T I C E
  • The UV lamp inside the disinfection system is rated at an effective life of approximately 9000 hours. To ensure continuous protection, replace the 

UV lamp annually.

  • The UV system is not to be used or played with by children. Persons with reduced physical, sensory or mental capabilities, or lack of experience 
and knowledge, are also not to handle the UV system unless they have been given supervision or instruction. 

  • EXTENSION CORDS: If an extension cord is necessary, use only 3-wire extension cords that have 3-prong grounding-type plugs and 3-pole cord 
connectors that accept the plug from this system. Use only extension cords that are intended for outdoor use. Use only extension cords having an 
electrical rating not less than the rating of the system. A cord rated for less amperes or watts than this system rating may overheat. Exercise caution 
when arranging the cord so that it will not be tripped over or pulled. DO NOT use damaged extension cords. Examine extension cord before using 
and replace if damaged. DO NOT abuse extension cord. Keep extension cord away from heat and sharp edges. Always disconnect the extension 
cord from the receptacle before disconnecting this system from the extension cord. Never yank cord to pull plug from outlet. Always grasp the plug 
and pull to disconnect.

  • SYSTEM PROTECTION: To protect your Controller, a UL1449 certified (or equivalent) transient voltage surge suppressor is strongly 
recommended.

  • The UV lamp in this system conforms to the applicable provisions of the Code of Federal Regulations (CFR) requirements including, Title 21, 
Chapter 1, Subchapter J, Radiological Health.

  • Read and understand the Owner’s Manual before operating and performing any maintenance on this equipment.

Water Quality and Minerals Level

Iron < 0.3 ppm (0.3 mg/L)

Hardness* < 7 gpg (120 mg/L)

Turbidity < 1 NTU

Manganese < 0.05 ppm (0.05 mg/L)

Tannins < 0.1 ppm (0.1 mg/L)

UV Transmittance > 75% (call factory for recommendations on applications where UVT < 75%)

Especificaciones

Sección 8 Especificaciones

8.1 Estándar y validado

Modelo VH200-F10  VH410-F20

C
a

ud
al

Servicio de Salud Pública de EE. UU. 
16 mJ/cm2 16 GPM (60 lpm) (3,6 m3/hr) 34 GPM (130 lpm) (7,8 m3/hr)

VIQUA estándar 30 mJ/cm2 9 GPM (34 lpm) (2,0 m3/hr) 18 GPM (70 lpm) (4,2 m3/hr)

NSF/EPA 40 mJ/cm2 7 GPM (26 lpm) (1,6 m3/hr) 14 GPM (54 lpm) (3,3 m3/hr)

Dimensiones totales (ancho x profundidad 
x altura) 43,2 cm x 26,57 cm x 44,5 cm (17”x 10,5” x 17,8”) 43,2 cm x 25,4 cm x 73,6 cm (17" x 10" x 29")

Tamaño del puerto de entrada/salida 1“FNPT/Combo 3/4“FNPT & 1“MNPT 3/4” FNPT

Peso del paquete 10,5 kg (23 lbs) 13,2 kg (29 lb)

E
lé

ct
ri

co

Voltaje 100-240 V/50-60 Hz 100-240 V/50-60 Hz

Consumo de energía 35 W 60 W

Vatios de la lámpara 27 W 45 W

Presión máxima de funcionamiento 8,62 bar (125 psi) 8,62 bar (125 psi)

Temperatura del agua 2-40 C (36-104 F) 2-40 C (36-104 F)

Tipo de lámpara de UV Sterilume™-HO (alta potencia) Sterilume™-HO (alta potencia)

Encendido visual Sí Sí

Fallo de lámpara audible Sí Sí

Recordatorio de reposición de la lámpara Sí Sí

Indicación visual de la vida restante de la 
lámpara Sí Sí

Tiempo total de funcionamiento Sí Sí

Monitor UV 254 nm No No

Salida del solenoide (solenoide no incluido) No No

Material de la cámara 304 SS 304 SS

Carcasa del filtro 25,4 cm (10”) alto flujo 50,8 cm (20”) alto flujo
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