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Problem Description

Offshore cranes can be equipped with active hydraulic heave compensators in combination with
pneumatic accumulators for passive heave compensation. In this study a dynamic model is to be
developed for this type of heave compensator. This includes models for hydraulics, pneumatics,
cable dynamics and vessel response to waves.

1. Present existing systems for heave compensation of cranes.

2. Discuss dynamic models for active hydraulic heave compensators with passive pneumatic
damping using the bond graph formalism.

3. Develop a mathematical model for an active hydraulic heave compensator with passive
pneumatic damping.

4. Implement the dynamic model in Simulink and study the performance of the heave

compensator under relevant wave conditions.
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Abstract

This thesis deals with the mathematical modeling of hydraulic heave com-
pensation systems. When performing operations such as launch and recovery
of remote operated vehicles and lowering subsea installation parts to the sea
floor, it is important to attenuate unwanted load motion caused by elonga-
tion of the cable and heave motion of the vessel. Quite often, such operations
must be put off while waiting for the weather to calm down. Extending the
window of operations by developing equipment that can handle varying sea
states can result in significant cost savings.

There exist both electric and hydraulic heave compensation devices, but
the main focus of this thesis is on the hydraulic configurations. A mathe-
matical model is developed in Simulink, and simulations are performed for
long-crested seas with values corresponding to the average sea conditions in
the North Sea.
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Chapter 1

Introduction

1.1 Motivation

The sea conditions offshore can be rather harsh, and quite often critical
operations must be put off until the weather calms down. Extending the
window of operations by developing equipment that can handle varying sea
states can result in significant cost savings. Dynamic positioning systems
have been developed to keep vessels steady in the horizontal plane by us-
ing thrusters, but the vertical motion of the vessel can still be large. The
magnitude of the heave motion can be several meters, depending on the sea
state. Operations such as launch and recovery of remote operated vehicles
(ROVs) and lowering subsea installation parts to the seabed are especially
vulnerable. It would be advantageous, and often safety critical, to be able to
keep the load still. A heave compensation device enables this to be done. As
the name suggests, this device is used to counteract the heave of the vessel.
The motion of the vessel is measured, and the heave compensator provides
reciprocal attenuation of this motion. To the author’s knowledge, present
heave compensation systems can operate with depths of up to 2500 meters
and load mass up to 350 tonnes.



2 Introduction

1.2 Problem statement

Hydraulic heave compensation systems consist of many different components,
each with its own dynamics. Together, they make up a fairly complex sys-
tem, and it is invaluable to be able to simulate the behavior of the system
and identify possible failures before it is put to use. It is also important to
evaluate the performance under different working conditions. The problem
statement of this thesis can be formulated as follows:

"How can a mathematical model of a hydraulic heave compensation sys-
tem be implemented in Simulink, and what is the attainable performance of
such a system?"

1.3 Report organization and main contribution

Swell and wind generated waves are the sources of the heave motion of the
vessel. Only the latter is considered in this thesis. Ocean waves are random,
and a stochastic approach to the characterization of the sea spectrum is
presented in chapter 2. How the wave amplitudes are converted into vessel
heave is further explained in chapter 3. Response amplitude operators, or
RAOs, are a key concept here.

There are essentially two types of heave compensation devices, electrical
and hydraulic. Hydraulic compensators are the main topic of this thesis,
but a summary of advantages and disadvantages of different configurations
is given in chapter 4.

Hydraulic heave compensators are complex systems with a lot of compo-
nents. Developing a mathematical model complete with all physical effects
is a time-consuming task. The first part of chapter 6 presents a model which
includes the most significant effects. The main contribution of this thesis
is the development of a Simulink model of a hydraulic heave compensator.
Appendix A contains the block diagrams. Chapter 5 presents a summary of
the bond graph theory and explains how this is used to create the Simulink
model. Simulations for both regular and irregular seas are performed and
presented in sections 6.6 and 6.7. Two scenarios the developers of heave
compensation devices should keep in mind are described in section 6.8.



Chapter 2

Description of ocean waves

The elevation of the sea surface for regular waves in deep water is given by
(Perez, 2005q)

((x,y,t) = (sin[wt + € — kx cos(x) — kysin(x)] (2.1)

. 2, .
where w = QT” is the wave frequency, k = % is the wave number, € is the

phase of the wave and x is the encounter angle.

The random nature of ocean waves prevents them from being accurately
represented by a single sinusoidal wave. A stochastic approach is therefore
necessary. It is assumed that the statistics of the random process varies
much more slowly than the realization itself. The stochastic process of the
ocean waves can thus be considered stationary. This assumption is valid for
low and moderate seas with significant wave height! below 4 meters (Perez,
2005a). The process is also assumed to be Gaussian with zero mean, and
this yields the following statistics

o0

BLC(®] =0, var[(] = BC0P] = [ Scclwhde (22)
where S¢¢ is the power spectral density (PSD) of the sea surface elevation.
The spectral moments of the stochastic process are important, and they are
defined as

m?—/ w"S¢¢(w)dw (2.3)
0

If wave measurements are available for the desired location, these can be
used to form the correct power spectral density function. The significant
wave height, Hy/3, and the average wave period, T', can then be estimated
by

! Average of the highest one third of the waves
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Modified Pierson—Moskowitz spectrum: H1/3:2'5m’ T = 6sec
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Figure 2.1: Standard wave spectrum for the North Sea with no swell

— mo
T = 21— (2.4)
m¢

Standard, idealized spectra can be used if measurements are not obtainable.
The recommendation from the ITTC? is the Modified Pierson-Moskowitz
(MPM), or ISSC3, spectra given by (ISSC, 1964)

A -B

Sce(w) = —eut (2.6)
where
172.53H2
s - 1/3’ B 683;197 @7
T T

The Modified Pierson-Moskowitz spectra are valid for fully developed seas
with no swell and unlimited fetch. Limited fetch is accounted for in the
JONSWAP spectra, while the effect of swell is considered in the double-peak
Torsethaugen spectra (Perez, 2005a). The modal frequency of the MPM
spectra is given by

w=(12)" 28)

“International Towing Tank Conference
3International Ship and Offshore Structures Congress



Realizations of the sea surface elevation for irregular seas can be approxi-
mated by (Perez, 2005a)

N
C(t) =Y Gy cos(wnt + €) (2.9)
n=1
Irregular waves can thus be represented by a sum of several regular waves (see
Equation (2.1)) with different amplitude, frequency and phase. There are two
kinds of irregular waves, long-crested and short-crested. The type of waves
considered in this thesis is long-crested, even though ocean waves are most
likely to be short-crested. Long-crested waves means that the wave crests are
assumed to be parallell and moving in the same direction, the direction of the
dominant wind component. For more accurate simulations of ship motions
it is important to also account for the energy in the waves that strike the
vessel at other angles than the dominant encounter angle (Perez, 2005a).
The simplifying assumption of long-crested seas can be justified because the
ship motions are not the main topic of this thesis. For long-crested seas, ¢,
can be calculated by (Perez, 2005q)

Cn = 1/2S¢c(w*)Aw (2.10)

where w* is selected randomly in

e | _ B, A
n 27wTL 9

Combining Equations (2.9) and (2.10) and substituting w* for w,, then yields

N
C(t) = Z \/2S¢c(w*)Aw cos(w™t + €,) (2.11)
n=1

If the sea surface elevation is to be calculated at more than one spacial
coordinate, the encounter angle must be accounted for as shown in Equation
(2.12).

N
C(z,y,t) = Z 2S¢¢(w*)Aw cos(w™t + €, — kp(xcos x —ysiny)) (2.12)

n=1

The time-series of the waves used for simulations in this thesis are cal-
culated using a significant wave height of 2,5 meters and an average wave
period of 6 seconds. According to the wave climate atlas at http://www.
oceanweather.net/MSC50WaveAtlas/ these values are appropriate for the
North Sea Basin. The atlas is based on results from the MSC50 study de-
scribed in Swail et al. (2006). Recent and historical data for some other
locations are available at http://www.ndbc.noaa.gov/.



Chapter 3

Characterization of vessel
motion due to incident waves

The motion of the vessel in the hydrodynamic frame, or h-frame, due to
incident waves is described in this chapter. This is referred to in literature
as a seakeeping model. The horizontal axes of the h-frame coincide with the
mean free surface of the ocean, with one axis pointing forward, aligned with
the low-frequency heading angle ¥)'. The other axis points starboard and the
third axis points downward. It is important to note that the hydrodynamic
frame is not fixed to the hull, but rather follows the path of the hull at
the average speed of the vessel (Perez, 2005b). The low-frequency motion is
considered small as the vessel is assumed to be operating in DP2. The most
important assumptions for modeling are:

e The velocity of the vessel is close to zero.
e The h-frame can be considered inertial.

e The load being deployed does not affect the motion of the vessel sig-
nificantly.

The second assumption leads to the vector equation of motion given in Equa-
tion (3.1) (Perez, 2005a).

Mp€ = Ty (3.1)

The coordinates € are generalised perturbation coordinates. When the vessel
is undisturbed, the origin of the h-frame coincides with a point s on the vessel.
The perturbation of this point from its equilibrium position is represented by

'The heading angle when the first-order wave-induced motion is filtered out.
2This means that the low-frequency heading angle 1) is nearly constant.
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the surge, sway and heave perturbations, &1, &2, and &3, respectively. Usually,
the s-axes are considered parallell to the body frame (b-frame) axes given
by the principal axes of inertia. This means that the perturbation angles
[€4,65,&]T are the Euler angles between the h-frame and the b-frame. For
the application studied in this thesis, only the heave motion is considered.

The hydrodynamic force vector Tjy4 is composed of the following com-
ponents

Thyd = Tlw + Tow + Tr + Ty + Ths, (32)

where 71, and 79, are first-order (oscillatory) and second-order (non-oscil-
latory) wave excitation forces, respectively, T, are radiation induced forces,
T, are viscous damping forces, and 7, are hydrostatic forces, also called
restoring forces, due to gravity and buoyancy.

3.1 Environmental forces

Environmental forces include forces and moments caused by wind, current,
and waves (714 + T2w). Only the latter is considered in this thesis. Wave
forces can be split into first-order and second-order wave excitation forces.
The second-order forces are assumed to be compensated by the position-
ing system. Therefore, they are not considered in the model. First-order
wave excitation forces are composed of Froude-Kryloff and diffraction forces.
According to Faltinsen (1990) these forces can be explained as follows

Froude-Kryloff forces Forces due to the incident waves under the assump-
tion that the hull is restrained from moving and that the presence of
the hull does not disturb the flow field

Diffraction forces A correction to account for the modification of the flow
field due to the hull

The vessel lines of a scaled supply vessel model are imported into the pro-
gram ShipX VERES (Fathi, 2004) and used to calculate the so-called Force
Response Amplitude Operators (FRAOs). FRAOs are essentially frequency
response functions that map sinusoidal wave amplitudes into forces on the
hull. By assuming linearity and combining the wave spectrum from chapter
2 with the FRAOs, the spectrum for the first-order wave excitation forces is
obtained:

Sriumwi(w) = [F(jw)]?Sec(w), i=1,2,....6 (3-3)
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3.2 Force to motion frequency response

The radiation induced forces and moments, 7,., can be expressed by

= —AMw)€ — B (w)¢. (3.4)

Equation (3.4) shows that the radiation induced forces consist of two compo-
nents, which are proportional to the perturbation acceleration and velocity,
respectively (Faltinsen, 1990). The first component is due to added mass,
which can be explained as (Perez, 2005a) forces that "reflect the change of
momentum in the fluid due to the motion of the hull." The second compo-
nent accounts for the potential damping, which is energy dissipation due to
generated waves. Both the added mass and the potential damping matrices
are calculated by VERES.

Hydrostatic forces and moments are proportional to the perturbations &
and can be expressed in a linear form by (Perez, 2005a)

T = G"¢ (3.5)

Combining Equations (3.1), (3.2), (3.4) and (3.5) and considering sinusoidal
motion:

My + AMw)| €+ B w)é+Ghe =10, (3.6)

The potential damping is considered enough for heave motion. Equation
(3.6) can also be considered in the frequency domain by (Perez and Lande,
2006)

w2 (Myy + A"@)) + jwB" () + G| &(jw) = 7, (o) (37)

where E and %]fw are complex operators. The force to motion frequency
response for the first-order wave excitation forces can then be written

Guljw) = [~ (Ml + A"W) +jwB W)+ G (38)

Multiplying the force RAOs and the force to motion frequency response
yields what is called motion RAOs (MRAOs). This is expressed as

H(jw) = Ga(jw)F (jw) (3.9)
The spectrum for the vessel motion is then obtained as in Equation (3.3)
Sggﬂ-(w) = ’Hi(jw)‘QSCC(w), 7= 1,2,...,6 (3.10)

Figure 3.1 shows the wave spectrum compared to the heave motion spectrum.
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MPM spectrum: H1/3:2.5m, T=6sec, Speed=0kt, Enc. angle=45deg
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Figure 3.1: Wave spectrum and heave motion spectrum
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Figure 3.2: Time-series of vessel heave motion

3.3 Calculating vessel motion time-series

In the same way as in Equation (2.11), a realization of the vessel motion in
the time domain can be calculated using the motion spectrum from Equation
(3.10).

N
&i(t) = Z \/28¢¢.i(w*)Aw cos(w™t + arg[H;(jw)] + €,) (3.11)
n=1

The time-series of the heave motion of the vessel is shown in figure 3.2.



Chapter 4

Different kinds of heave
compensators

Vertical motion attenuation can be achieved in several ways. Adamson
(2003) explains four different methods:

e Nodding boom
e Hydraulic flying sheave
e Electric winch drum

e Sub A-frame

Before going into more details about each configuration, it is important to
clarify the difference between passive and active heave compensation. Pas-
sive heave compensators contain no sources of energy. They simply absorb
energy created by the motion of the vessel and store this as some form of
potential energy. The passive system can be thought of as a spring-damper
with a fairly soft spring. Heave compensation devices are often designed with
an integrated passive system which is operational even if the active system
fails. To ensure stability of the closed-loop heave compensation system it
is important that there is some form of natural damping in the load path.
Viscous drag on the load and the cable provide some damping, but addi-
tional damping is also present within the passive system itself. In hydraulic
cylinders, damping occurs due to viscous friction on the piston and leakage
between the two chambers. Introducing a passive system which works as
a soft spring into the load path has the disadvantage that it creates a new
natural frequency in the overall system. Theoretically, this can cause res-
onance if the wave frequency matches the natural frequency of the passive
compensator.

Active heave compensators contain devices that supply energy in order to
keep the load close to its desired position. Sensors are mounted either on the
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Figure 4.2: Hydraulic flying sheave configuration. Illustration: Adamson
(2003)

vessel, the overboard crane or the load, and the inputs are used to actively
control the motion of the heave compensator. Load cells, accelerometers,
depth sounders and altitude sonars are the most common types of sensors.
(Adamson, 2003)

When it comes to the cable laying there are generally two configurations
that are being used. The first is when a sheave is mounted at the end of a
crane that extends overboard and the cable is routed over this sheave. The
A-frame configuration shown in figure 4.5 is the other.

4.1 Nodding boom

The nodding boom, also referred to as a heave compensated crane, consists
of a sheave mounted at the end of a boom, as shown in figure 4.1. Moving
the boom up and down compensates for the vessel motion. The winch is not
used as a compensating device. Wear and tear on the cable is minimal as it
does not move back and forth over the sheaves when the boom is moving.
The primary lifting device, i.e., the winch is not prevented from working
if the compensation system fails. The main disadvantages of the nodding
boom configuration are the high inertia of the crane and the high power
requirements to move it.
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Figure 4.3: Active heave compensator from Gusto MSC. Illustration: Gus-
toMSC (n.d.)

Figure 4.4: M/V "Normand Progress". Photo: Specification sheet by Solstad
Shipping AS

4.2 Hydraulic flying sheave

In the flying sheave configuration the cable bends over two sheaves, and
the compensating motion is achieved by controlling the separation between
the sheaves. Changing the distance is usually accomplished with hydraulic
cylinders. Due to the motion and the continuous bending of the cable over
the sheaves, wear and tear can be a problem. The inherent problems of the
nodding boom configuration are avoided because the inertia is much lower.

The multipurpose vessel M/V "Normand Progress" operated by Solstad
Shipping AS was in 2003 equipped with a hydraulic heave compensator from
Gusto MSC (see figure 4.3). As shown in figure 4.4, the vessel has an A-
frame mounted at the stern. Figure 4.5 shows how the heave compensation
device was installed between the winch and the A-frame.
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Figure 4.5: Hydraulic heave compensator in A-frame configuration. Illustra-
tion: Frumau and Woldering (2007)

Figure 4.6: Electric winch drum configuration. Illustration: Adamson (2003)
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4.3 Electric winch drum

The electric winch drum solution works by controlling the winch directly.
Cable is alternatingly reeved in and payed out in response to the heave mo-
tion of the vessel. This means that the winch drum and all the remaining
cable have to rotate back and forth. High inertia and power requirements
are therefore a problem. The winch itself is the source of the compensating
motion, and the life expectancy of the lifting device is thus shorter than for
heave compensation systems which do not involve the winch. Some advan-
tages of electric winch systems are (Drevdal, n.d.; Adamson, 2003):

e Require less space than traditional hydraulic systems

e Fewer moving parts reduce the vulnerability

Can be retrofitted on existing winch systems

Unlimited range of response

Faster launch and recovery speeds than hydraulic systems

The most notable disadvantage is the large power requirements due to the
high inertia of the winch drum and the cable. This problem can however be
remedied by introducing regenerative techniques. Some energy can be stored
while lowering the load and reused at a later time.

Despite all the advantages, electrical heave compensators are still out-
numbered by the hydraulic configurations. The reason is partly because the
first AC driven drawworks was not delivered until 1995 (Offshore, 1999). An
electric winch system can be used with both the overboard crane and the
A-frame configurations.

4.4 Sub A-frame

The sub A-frame configuration is a fairly new invention that was patented in
2000'. It is similar to the nodding boom, but the size, complexity and inertia
are much lower. The configuration consists of a smaller A-frame connected to
an existing full-size A-frame, pivoting at the bottom and connected by lifting
wires at the top. Some kind of active or passive heave compensation devices,
either winches or hydraulic cylinders, are used to control the motion of the
lifting wires in response to the vessel motion. Redundancy of these elements
is of utmost importance. The sub A-frame solution exploits advantages from
both the nodding boom and the flying sheave concept, by being kind to the
cable and at the same time have a low inertia. Figure 4.8 shows how the
system can be set up with winches as auxiliary lifting devices.

"http:/ /www.patentstorm.us/patents/6082947-description.html
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Figure 4.7: Sub A-frame configuration. Illustration: Adamson (2003)

Figure 4.8: Sub A-frame configuration with auxiliary winches. Illustration:
Adamson (2003)



Chapter 5

Bond graph theory

Mathematical models come in many forms, and not all of them contain
equations. In fact, most of them rely on some sort of graphical representation
instead. A reason for this is that the equations themselves are often so
complex that they yield very limited insight into the dynamic behavior.
Representing system variables as signals flowing between blocks that perform
certain mathematical operations may lead to a better understanding of the
system. This type of model is called a block diagram and is recognized as
the idea behind Simulink models. However, it is not always a simple task to
choose which physical signals to use as system variables. Typically, in control
engineering, the states of the system components are selected, because it
yields good insight into the physics of the system. Not surprisingly, this is
referred to as the state-variable form. Another type of model that relies on
state variables is the bond graph, which is the topic of this section.

A bond graph is an abstract mathematical model which implicitly con-
tains a lot of information. The term bond graph was invented by H. M.
Paynter in the late 1950s. One of the most important advantages of bond
graphs is that the same symbols are used to represent a wide range of differ-
ent physical systems, such as mechanical, electrical, thermal, and hydraulic
systems, as well as combinations of these (Rosenberg and Karnopp, 1983).
For an extensive review of bond graph theory, the reader is referred to Ped-
ersen and Engja (2003) and Rosenberg and Karnopp (1983). The summary
presented in this chapter is mostly based on theory from Rosenberg and
Karnopp (1983).

5.1 Bond graph components

Bond graphs consist in general of five types of components, active and passive
1-ports, 2-port elements, junctions, and of course, bonds. Each of these are
explained in more detail below.
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Table 5.1: Bond graph variables. Adapted from Pedersen and Engja (2003)

Energy Effort Flow Momentum | Displacement
domain () (£) () (a)
Electrical Voltage Current Flux linkage Charge
[V] [A] [Vs] [As] or [C]
Mechanical Force Velocity Linear Distance
translation [N] [m/s] momentum [m]
Jkgm/s
Mechanical Torque Angular Angular Angle
rotation [Nm] velocity momentum [rad]
[rad/s] [Nms|
Hydraulic Pressure Volume flow Pressure Volume
[Pa] rate momentum [m3]
[ IN/m?s|
Thermal Temperature | Entropy flow | (not defined) Entropy
[K] [J/s] [J]
5.1.1 Bonds and bond graph variables

A bond is basically a line that connects two parts of a system. Associ-
ated with this line are two signals with opposite directions. One is called
effort and the other flow, and they are denoted e and f respectively. A
fundamental idea behind bond graph theory is that the product of these two
signals is power. Therefore, the bonds indicate that power is flowing between
the model components. The power variables effort and flow are generalized
variables with different meanings depending on the type of system being
modeled. For a translational mechanical system effort is a force applied to a
system component, while flow is the velocity of this component. As power is
the time derivative of energy, the power variables are always the time deriv-
atives of the variables that describe the energy of a system. The associated
generalized energy variables are called the momentum, p, and the displace-
ment, q. The four generalized variables are the only variables that are used
in bond graphs. Table 5.1 shows how the power and energy variables are
selected for different kinds of systems.

The bonds are actually not just lines, they are half arrows, and the arrows
indicate the direction of positive power flow, that is, when both effort and
flow have the same sign.

5.1.2 Passive 1-ports

These elements are called 1-ports, because they are only connected to one
bond, and passive because they do not contain any power sources. There
are three types of 1-ports, namely resistor, capacitor, and inertia elements.
They are not specifically related to electrical systems, although the names
suggest it. The mathematical relations for linear 1-ports are shown in table
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Table 5.2: Mathematical relations for linear 1-ports

Resistor e=Rf
Capacitor | e=Zq=¢ [ f
Inertia f=1p=1[¢

5.2, but the relations can often be nonlinear.

The resistor element, R, relates flow directly to the effort and is represen-
tative of frictional losses. Friction dissipates power, and therefore the half
arrow always points towards the resistor element.

A capacitor, C, relates displacement, or the time integral of flow, to effort.
For translational mechanical systems flow is the velocity and hence, displace-
ment will be position. A mechanical spring relates force to the deflection of
the spring and can thus be represented by a capacitor element. In hydraulic
systems, a capacitor is representative of a hydraulic volume and relates the
time integral of flow rate to pressure, according to table 5.1. Capacitors are
elements that store and release energy. They are ideal elements in the sense
that no energy is lost and thus, capacitors are energy conservative. Since
power flow is actually the rate of energy storage, it is illustrative to point
the half arrow towards the C.

Inertia elements, I, relate momentum to flow. They are energy storage
elements and energy conservative, just like the capacitors. The half arrow
points towards the element for the same reason as above. Mass, rotational
inertia and fluid inertia are examples of physical effects that can be repre-
sented by an inertia element.

5.1.3 Active 1-ports

Active 1-ports are called active because they contain sources of power. There
are two types of active l-ports, effort sources and flow sources. They are
ideal elements in the sense that the effort source is not influenced by the
flow coming in the other direction, and the opposite for the flow source.
An example of an effort source is the force of gravity. The flow source can
be a source of for instance velocity or flow rate. Usually, the half arrows
point away from the source to show that the source is an active element that
delivers power to the passive elements.

5.1.4 Junctions

There are two types of junctions that are used in bond graphs, 0-junctions
and 1-junctions. The 0-junctions have the property that all the bonds con-
nected to the junction share a common effort and that the sum of the flows
must equal zero. The signs are determined by the direction of the half arrows
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Figure 5.1: Junctions

in the bond graph. With respect to figure 5.1 this yields

ep=ex=e3, fi —fo—f3=0 (5.1)

For 1-junctions the relationship is the opposite, the flow is common among
the bonds and the sum of the efforts are zero, as expressed in Equation (5.2).

fi=fe=[s e1—e2—e3=0 (5.2)

Equations (5.1) and (5.2) both imply that the net power flowing into a
junction is zero. Junctions are fundamental when it comes to translating
a bond graph into a block diagram. The junctions shown in figure 5.1 are
3-port junctions. More than three ports can be created by combining two or
more 3-ports.

5.1.5 2-port elements

Transformers and gyrators are 2-port elements, and are thus connected to
two bonds. They are power conservative, just like the junctions are. For a
transformer, the two efforts and the two flows are proportional to each other,
as shown in Equation (5.3).

ae|p — b€2, bf1 == afg (53)

The ratio b/a is called the modulus of the transformer. Gyrators are not as
common as transformers, but the relationship between the power variables
are included for the sake of completeness. Equation (5.4) shows how the
efforts and the flows of a gyrator are related.

er =r1fy, rfi=e2 (5.4)

5.2 Assignment of causality

An extensive explanation of causality is beyond the scope of this thesis.
The focus will be on how to assign causality in a bond graph. Causality
is determined by cause-effect relations. Each bond connects two elements
in a bond graph, but it is not always easy to say whether element A (see
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A—B
A——B

Figure 5.2: Assignment of causality

Table 5.3: Guidelines for causality assignment. Illustration: Rosenberg and
Karnopp (1983)

Necessary causality Se —I St :
| TF | or } TF|
| GY} or | GY |
Restricted causality
: 0 : or : o 1 or | O:
—1— or — 1 — or — 1 —
Integral causality {1 | C
Derivative causality f I | C

Arbitrary causality —R or F—Rr

figure 5.2) prescribes an effort upon element B, which replies with a flow,
or opposite. However, when it comes to assigning causality in a bond graph
there are certain guidelines that can be followed, as shown in table 5.3. The
causal stroke, |, is the bond graph symbol for causality.

Sources are the easiest components to assign causality to, because there
is only one option. An effort source creates an effort which is applied to
another component, and therefore the causal mark must be placed at the far
end of the bond connected to the source. The flow source produces a flow
which causes the element at the other end of the bond to reply with an effort.
Hence, the causality of the flow source is the opposite of the effort source.
The causality of 2-ports and junctions are restricted, as shown in table 5.3.
For 0-junctions only one bond can have the causal mark placed towards
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the junction, while 1-junctions allow only one bond to have the causal mark
placed away from the junction. Inertia and capacitor elements can have both
integral and derivative causality, but integral causality is strongly preferred.
The reason is that a realization of the elements will then involve integration
instead of derivation. Resistor elements can be assigned whatever causality
that fits. For a procedure on how to assign causality to bond graphs, see
Samantaray (2005).

5.3 Converting bond graphs into block diagrams

A bond graph with causality and sign half arrows assigned to each bond con-
tains all the necessary information to perform a simulation of the modeled
system. To simulate in Simulink, however, the graph must first be con-
verted to a suitable block diagram form. Table 5.4 shows the block diagram
equivalents of the fundamental bond graph elements.
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Table 5.4: Rules for converting bond graphs into block diagrams

Resistor s %

Gain

8

Inertia 4' I Integrator

.l

Capacitor |_\ C Integrator

11c
Gain
o
1-junction N 1 } A
"
A
f
f f
L e —
0-junction K 0T i . + .
/1 - >
e e
(]
£ !
a | : a
Transformer \I TF \{ Gain
f i f
a “:;.. f
Gyrator \I GY|} LY cain

. .
Effort source Se ;I Effoulce

T

Flow source Sf H Flow source
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Chapter 6

Modeling of the heave
compensator system

The purpose of a heave compensation system is to isolate the motion of
the load from the motion of the vessel (Perez and Steinmann, 2007). As
explained in section 4 there exist both hydraulic and electric devices that
are capable of this. The hydraulic configurations are the main concern of
this chapter, but some parts describe concepts that apply to electric systems
as well.

The Simulink model in this thesis is based on a bond graph of a hydraulic
heave compensator (see figure 6.2). An advantage of this approach is that
the system becomes modular, and it is therefore easy to remove and replace
each part of the system with updated versions. Another reason for using
a bond graph is that there are straightforward rules on how to convert the
diagram into a Simulink model.

Figure 6.1 shows the main components of a hydraulic heave compen-
sation system. This chapter focuses on developing mathematical models
for the different parts. Subscript sh refers to the sheave with velocities
measured relative to the mean free surface of the ocean, while subscript p
refers to the pistons with velocities relative to the cylinder walls. The rel-
ative velocity between the pistons and the cylinder walls is calculated by
Up = Vgh, — Vye = Zsh — Zve- Oection 6.1 explains how the elongation of the
cable can be modeled, while sections 6.2 and 6.3 give the equations of motion
for the load and the sheave, respectively. It is assumed that the compliance
of the system is concentrated in the passive and the active heave compen-
sators. The dynamics of the winch, the pulleys and the overboard crane are
therefore disregarded.

The objective of the servo control system is to keep the velocity of the
load, V},, as close as possible to the winch velocity, V.q1. Usually, the speed
of the winch is constant. To achieve attenuation of the vessel motion, the
pistons have to reciprocate out of phase with the heave motion. Due to the



24 Modeling of the heave compensator system
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Figure 6.1: Schematic of a possible hydraulic heave compensator. Illustra-
tion: Perez and Steinmann (2007)



25

A)I0O|aA |9SSON

IS -0 - |
m H ” - m
K100[8A YoUIAL CeOA m m OIA m A m
SHF—or—1—0 — 1 ——1|— o5
/ ” ! ” "
1 m m L m
— | m_nﬁum ! I peoT
eS| m ! | |
dwnd uojsid |eixe 4 s ' Tt N
juswaoe|dsIp s|qelen pTTTTTTTTTTTTn ! [TTTTTTTmmomoooes !
IS ” 9 " 1 m o) "
T | | UsA T oS | !
| | 1 | |
| ! R i g ! ! ainssaid yue)
10)e|NWNooYy V4 m ! | A | m ! ‘dwnd uoysid |eixy
D<—o | ; , , m o) ! oS
/ ! | | | | Jaquieyd uamoT |
| ” | ! ! OHd |
anen em-1 , , i | Cotts aAeA Aem-
uonousay 1 ” uonoIsay
dk—1 | qk—1
T |
0 i W o |
m y ! 1_“ !
m m 0
| | DM ”

[Mustration:

Figure 6.2: Bond graph of an hydraulic heave compensator.

Adapted from Perez and Steinmann (2007)
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geometry of the system, perfect attenuation is obtained if

rplt) = 3 201 (6.1)

where it is assumed that x,(0) = z,.(0) = 0. Here, z,(t) is the motion of
the pistons relative to the cylinder walls and z,¢(t) is the heave position of
the vessel.

The motion of the load is also affected by the elongation of the cable.
This means that even if the deviance between the desired and the actual
piston motion is zero, the load may move up and down. How to reduce the
oscillatory motion due to the cable elongation is elaborated on in section 6.7.

6.1 Modeling of the cable

To account for elasticity, the cable is modeled as a stiff spring. The force that
the cable exerts is proportional to the ratio between the cable elongation,
AL, and the unstretched length of the cable, L.

EA)AL
L
Here, F is the modulus of elasticity and Ag is the original cross-sectional
area of the cable. The cross-sectional area is assumed to be unaffected by
the elongation of the cable. Values for the modulus of elasticity is given in
table 6.1 for two different materials. The spring stiffness

F. - K.AL (6.2)

_ FAp

L

varies with the cable length, and so does the natural frequency of the spring-
damper-mass system consisting of the load and the cable. The latter is
expressed in Equation (6.3).

/ K.
We = Vit MAD) (6.3)

Traditionally, steel cables have been used, but as the desire to reach
greater depths increase, the weight of the cable becomes increasingly impor-
tant. At a depth of about 2000 meters the power consumption of the winch
controlling the cable is doubled. The size and weight of a winch able to han-
dle this amount of steel cable is also an issue, especially for smaller vessels.
Therefore, use of High Modulus Polyethylene (HMPE) fibers is being inves-
tigated to be able to operate motion compensation and lifting systems for
depths below 2000 meters. Honeywell has developed what they call Spectra
fiber which is "10 times stronger than steel of equal weight, light-weight,
naturally buoyant and resistant to wear-and-tear and degradation from wa-
ter and most chemicals, as well as from ultraviolet radiation" (Costain and

K.
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Table 6.1: Modulus of elasticity
Steel 190-210 GPa
HMPE | 172 GPa (Honeywell Spectra® fiber 1000)

Table 6.2: Load variables

Description Variable name Value
Load mass M, 100tonnes
Cable mass M. x L
Volume of displaced water Visp 2m3
Density of water p 1003kg/m?
Load added mass A 0kg
Load drag coefficient Cyq 0.6
Load projected area Ap 1m?
Cable force F, ~ 9.6 x 10°

Bull, 2006). Resistance to wear and tear, and especially bending, is impor-
tant for hydraulic heave compensation systems as the rope has a continuous
bend over the sheaves (see figure 4.2). In addition to the obvious advantages,
the reduced weight of fiber rope systems will also result in significant cost
savings due to increased vessel availability, as a wider range of vessels can be
equipped with this kind of system. Faster deployment and recovery speeds
are yet another important improvement. (Costain and Bull, 2006)

6.2 Equations of motion for the load

The motion of the load is modelled according to Newtons second law. Table
6.2 describes the relevant variables and the values used in this thesis. Some of
the values are probably incorrect due to lack of data. Notice that the mass of
the cable is proportional to the cable length. Viscous damping due to vortex
shedding is the dominant damping force for the load. This is modeled as the
second term in Morisson’s equation (Fossen, 2002).

(Mlo + Alo)élo + Dlo(élo) + (Mlo + MC(L) - deisp)g = Fc (64)
. 1 Lo
Dio(210) = §pCdAp|Zlo|Zlo (6.5)

6.3 Equations of motion for the sheave

The motion of the sheave is affected by its weight, the cable force, the pres-
sure forces inside the passive and the active cylinder, and internal forces
such as viscous damping and friction inside the cylinders. Equation (6.6)
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represents the equation of motion for the sheave, and pp; and pps are the
pressures in the lower and upper chambers of the passive cylinder, respec-
tively. The same notation is used for the active cylinder.

Mshésh = Fext + Ent
= (=Msng —2F. +pp1Ap1 — pr2Ap2
+parAar — pazAaz) — By (6.6)

The sheave is affected by twice the cable force due to the geometry of the
cable laying (see figure 6.1). In Equation (6.6) the friction is not present. To
account for the Coulomb friction, F,,; must be replaced by Fx according to
the following expression

Fx =0 if vy = 0 and |Fugy| < Frou
FK - Sign(Fe:vt)(’Fe:vt‘ - Fcou) if Up = 0 and ‘Fe;rt‘ Z Fcou
Fr = Feyt — Sign(vp)Fcou if |Up| >0

where F_,, is the Coulomb friction coefficient. This expression is imple-
mented in the Simulink model. The last term in Equation (6.6) accounts for
the internal viscous friction in both the passive and the active cylinder, and
the friction coefficient is given by

B = Bphc + Bahe (67)

where both Bpj. and By, are modeled according to Equation (6.8), but
with different values for the bulk modulus, 5. For the active cylinder, the
bulk modulus for hydraulic fluid, B4n. = 7.0e8Pa is chosen, while the passive
cylinder has a value of 3,. = 1.42e5 which represents the compressibility of
air. The lower the value, the more compressible the fluid is.

Bre = 44,6/ ot (6.8)
t
The relative damping has been set to (;, = 0.1. According to Egeland and

Gravdahl (2002) this parameter is typically in the range 0.1 < ¢, < 0.5.

6.4 Passive heave compensation

The schematic in figure 6.1 is somewhat simplified. The passive cylinder is
actually filled with hydraulic fluid and connected to an air fluid separator
and an air accumulator. Because the compressibility of air is several times
higher than for hydraulic fluid, it is assumed that the compression due to
the motion of the piston is absorbed by the air alone. Therefore, the air
fluid separator is not present in the figure, and the dynamics have been
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neglected in the Simulink model. Due to fire hazard and oxidation, Kjglle
(1995) suggests the use of nitrogen gas instead of air inside the separator.

Further, it is assumed that the system is isentropic, that is, there is no
heat exchange with the environment. The work performed on the gas by the
motion of the piston is stored as internal energy in the gas. For an ideal gas
the internal energy is a function of temperature as shown in Equation (6.9)
(Egeland and Gravdahl, 2002), where ¢,(T") is the specific heat at constant
volume and T is the temperature in degrees Kelvin.

du = ¢, (T)dT (6.9)

If ¢,(T') is constant, the relationship is given by

AU = ¢,AT (6.10)

which shows that the temperature increases when the air is being compressed.
Issues related to this temperature change are not considered in this thesis.
The isentropic assumption together with the ideal gas law pV = mRT leads
to the isentropic relations (Egeland and Gravdahl, 2002)

T, i\t

— = — 6.11

== () (6.11)
K—1

b (p2> K

— = — 6.12

Ty D1 (6.12)

D2 V1>'{

- = — 6.13

D1 (V2 (6.13)

where k := i—i is defined as the ratio between the specific heats at constant
pressure and constant volume, respectively. Note that x is also assumed to
be constant. For diatomic gases k = 1.4. The isentropic relations yields the
pressure in the passive cylinder as shown in Equation (6.14).

K

.
0 o (6.14)

"o Vo+ [Vt

Here, the instantaneous volume of the pressurised air, V = Vj + [ th, has
been substituted.

The slope of the graph in figure 6.3 corresponds to the compliance of
the passive system. If the slope is very steep, a large pressure change is
necessary to produce a small change in volume. The compliance will then
be small. On the other hand, if the compliance is too high, the passive
system could become oversensitive to the vessel motion and unsuitable as a
backup in case the active system fails. It is therefore important to choose
appropriate values for the volume and the initial pressure of the cylinder.
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Figure 6.3: PV diagram for the compliance of the passive system

The main purpose of the passive cylinder is to relieve the active cylinder of
the pressure created by the static load force. Therefore, the initial pressure
inside the passive cylinder is set to balance the weight of the load in water
plus the weight of the sheave and thus make the piston oscillate around
its middle position. It is possible to manually or automatically tune the
pressure inside the pneumatic accumulator while the system is operating.
This is necessary because of leakage and change in the total weight when
cable is payed out or taken in. With increasing pressure, the same load
can be balanced using a cylinder with a smaller cross-sectional area, and
thus the total size and weight of the passive system can be reduced. The
pressure can only be increased until issues such as leakage, fluid temperature,
acoustic noise and material strength become significant (Egeland, 1993). A
smaller cross-sectional area reduce the volume of the cylinder and hence, the
compliance is lowered (see figure 6.3).

The simulations in this thesis are based on the differential expressions in
Equation (6.15) and (6.16) (Egeland and Gravdahl, 2002) instead of Equa-
tion (6.14). This gives the opportunity to develop the model further and
avoid the assumption of isentropic conditions.

Vio + Az, . .

%pl = —Alxppl (615)
Voog — Aoz

%]ﬁ = —Ag.ﬁifppg (616)

The performance of the passive heave compensator alone is acceptable but
not very good. Figure 6.4 indicates that the reduction is about 50% for a 10
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Figure 6.4: Passive system peformance in sinusoidal waves with a 10 tonnes
load and a 500 meter cable.

tonnes load. The heavier the load, the more energy from the vessel motion
is absorbed by the passive system and less is transferred to the load. This
is illustrated in figure 6.5. It may be possible to achieve better results by
optimizing the dimensions of the cylinder and the air accumulator.
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6.5 Active heave compensation

The servo control system shown in figure 6.1 consists of the following com-
ponents:

Tank filled with hydraulic fluid at atmospheric pressure
Filter to keep impurities from entering the system
Axial piston pump with variable displacement

Control loop adjusting the angle of the pump swashplate to keep the sup-
ply pressure for the servo valve constant

Servo valve to control the fluid flow in and out of the active cylinder

In addition to the servo control system, the active heave compensator in-
cludes a hydraulic cylinder. The cylinder needs to be properly dimensioned,
and this is explained in the next section.

6.5.1 Static dimensioning

The motion compensation system must be designed to meet certain require-
ments given by the mass of the load and the amplitude and frequency of
the waves. In this section it is assumed that the passive compensator is not
present, such that the active system has to carry the whole weight of the
load. With the geometry shown in figure 6.1, it must be able to support the
weight of the sheave plus twice the weight of the load. A reasonable margin
of safety should also be included. The maximum force, F;,4., the pressure
drop, pr, across the cylinder piston, and the coefficient of efficiency, 9,5, de-
termine the effective piston area according to Equation (6.17) (Kjolle, 1995).
The efficiency coefficient includes the losses due to internal friction in the
cylinder. It is important to calculate the dimensions of the cylinder based
on the weight of the heaviest load it is designed to support. If the heave
compensator is overloaded, the consequence could be that the flow into the
cylinder saturates and the system becomes unstable.

— Fma:v
PLNmh

In valve controlled systems it is desirable to dimension the valve such that
the flow rate is large enough to retain precise control. According to Egeland
and Gravdahl (2002), the load flow of a matched and symmetric valve with
a symmetric load can be expressed by

A, (6.17)

1
0 — cdbxv\/ (o = sgn(a o) (6.18)
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where Cy is the discharge coefficient, z, is the spool position of the valve,
b is the flow area coefficient, p, is the supply pressure and p;, = p; — po is
the load pressure. For a hydraulic cylinder the load pressure is the pressure
drop across the piston. It is assumed that the pressure in the return tank
is equal to the ambient atmospheric pressure, and thus the gage pressure is
pr =0.

The assumption of a symmetric load implies that the flow into and out of
the cylinder is equal, and thus, compressibility of the hydraulic fluid is not
accounted for (Egeland and Gravdahl, 2002). The reason for making this
assumption is that it yields simple transfer functions with sufficiently small
errors to be used in static dimensioning and model verification.

It is common practice to decide upon a suitable supply pressure and
dimension the system such that the load pressure will be limited by |pr| <
%ps. This is motivated by calculating the maximum power delivered through
the valve. The power is given by

1
P = qrpr, = Cgbx, \/;(ps — sgn(x,)pr)pr (6.19)

and the load pressure which yields the maximum power is found by

dP DL 1
—:Cb:cv\/7 s — sgn(x, - = =0 (6.20
dpr [\/p elp = Vs — sgn(w,)pr (6:20)

Equation (6.20) gives |pr| < 2p,. This load pressure can then be used in
Equation (6.17) to determine the area of the cylinder piston. Another reason
to limit the load pressure is that the pressure-flow curves are close to linear
in this range (Egeland and Gravdahl, 2002).

To obtain satisfactory motion compensation, the maximum velocity of
the cylinder piston must be sufficiently large. The necessary speed is given
by the slope of the waves and the valve must be able to deliver a flow rate of

Qmaw = Apvpmax (6 2 1)

where v, .. is the maximum velocity of the piston necessary to attenuate the
motion of the vessel. In the four way valve shown in figure 6.6, the fluid passes
through the valve twice for a given spool position. The remainder of the
supply pressure not distributed across the cylinder piston is divided equally
over the two passes. This is a consequence of the assumptions specified above
(Kjolle, 1995). The pressure drop for each pass then becomes Ap = B5PL =
%ps = ipL and the flow rate through the valve is given by

2A
Q = C44, pp CaA, ,/2/3 (6.22)
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Figure 6.6: Schematic of double-acting cylinder controlled by a four-way
valve

The flow area required to deliver a flow rate of Q@ = Quae is thus (Kjolle,
1995)

A, = Qma (6.23)

Umax
Cay /B

and the flow area coefficient b is found by

A
b= —mar (6.24)

x'Umaac

where x,, .. is the maximum displacement of the piston inside the valve.

6.5.2 Transfer function and control law

According to Egeland and Gravdahl (2002) the mass balances for the two
chambers of the cylinder and the equation of motion for the piston yields
the following dynamic model for the active system
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Vio + Ay .

3 p1 = —Cin(p1 —p2) — Cempr — A1y + @1 (6.25)

Voo — Asx,, . ‘
%m = —Cim(p2 —p1) — Cemp2 + A2@p — g2 (6.26)
myEy = —Bpip+ Aipr — Agpa — FL (6.27)

Here ¢; and g9 are the flows in and out of the two chambers, Cj,, and C¢,,
represent the internal leakage and the motor leakage respectively, m; is the
mass of the piston and the sheave, B, is the viscous friction coefficient, and
Fy, = 2F, is the load force.

If the cylinder is matched and symmetric and the load is assumed to be
symmetric, Equations (6.25) and (6.26) can be combined to yield (Egeland
and Gravdahl, 2002)

Vi .

5= —Cyppr — App +qL (6.28)

where

Vi = Vio+ Voo
pL = P1—D2
1
Ctp = C’Lm + Ecem

1
qL = §(Q1+Q2)

A symmetric cylinder means that the upper and lower piston areas are the
same. In the simulations in this thesis the areas are actually different, so the

theoretical value A, is taken as the average of A; and Ay, thatis A, = %.
Linearization of the valve characteristic in Equation (6.18) gives

qrL = quv - chL (629)

where K, = gixi and K, = —g}% are the coefficients of linearization. The
complete linear model can then be expressed by

Vi . .

@PL —Cypr, — Aptp + a1, (6.30)

mta'ép = — p.i'p + A1p1 — Agpg — Fy, (6.31)

qr. = quv - chL (632)

By assuming no leakage and B, # 0, the Laplace transform of the model
becomes (Egeland and Gravdahl, 2002)
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Bode Diagram
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Figure 6.7: Comparison between theoretical and actual model

Rewy(s) — B (1+ 2)Fu(s)
zp(s) = = 2 a (6.33)
(142G, + 52)
where
Kee =K+ Ctp (634)
43A2 B, |V 46K,
2 p p t ce
wh ‘/tmt ) Ch 4Ap 5mt7 Wt ‘/t ( )

The theoretical value for the natural frequency, wy,, becomes 170rad/s, which
is exactly the same as the value calculated from a linear analysis of the
Simulink model. Typical values for the relative damping, (p, are between
0.1 and 0.5. In the simulations, the value for (; has been set to 0.1 and
the viscous friction coefficient, By, has been calculated using Equation (6.8).
A bode diagram comparison between the theoretical and the actual model
is shown in figure 6.7. The similarity can be seen as an indication of the
correctness of the Simulink model.

Nyquist stability theory states that a system is stable as long as the
gain of the loop transfer function at the frequency wigg is less than or equal
to 0dB. This is the frequency at which the frequency response of the loop
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Bode Diagram
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Figure 6.8: Bode diagram of the theoretical AHC loop transfer function.
Upper: Only the AHC subsystem. Lower: With proportional controller

transfer function has a phase of 180°. With a proportional controller of the
form x, = Kp(xq — x;), it can be seen that stability is ensured if (Egeland
and Gravdahl, 2002)

A
K, <2-L¢wy, (6.36)
Kq

and a 6dB gain margin is obtained with

A
Kp = ?Zghw}l (637)

Figure 6.8 presents this result in a bode diagram. The simulations, how-
ever, show that the proportional gain, K, can be increased far beyond the
theoretical value from Equation (6.37). This is probably due to additional
damping introduced by the passive heave compensator.
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Figure 6.9: System behavior with 500 meter cable

6.6 Performance in regular waves

The system behavior for regular seas with a 100 tonnes load is shown in
figures 6.9-6.12. The attenuation is between 86% and 97%. It can be seen
that most of the load motion is due to the cable elongation. By tuning the
value of K, and introducing cable tension feedback, it is likely that even
better results can be obtained.
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Figure 6.10: System behavior with 1000 meter cable
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Figure 6.12: System behavior with 3000 meter cable

6.7 Performance in irregular waves

Figure 6.13 shows that there are two dominant frequencies in the motion
spectrum of the load. The one to the left corresponds to the modal frequency
of the irregular waves as defined in Equation (2.8), and the other is the
natural frequency of the cable and load. The latter carries a lot of energy
and it is clearly visible in figures 6.14 and 6.15. When the velocity of the
load is small there is hardly any damping of this natural frequency in the
system. For short cable lengths (stiff cable) or light mass the frequency
will then propagate through the heave compensator and excite the cable-
load system causing resonant behavior and instability, as shown in figure
6.15. A solution is to introduce artificial damping in the controller to try
to keep the cable force and elongation constant. By adding feedback from
the time integration of the deviation from constant cable tension, the energy
of the natural frequency is greatly reduced (see figure 6.16). The system
behavior with cable tension feedback is shown in figures 6.17 and 6.18. The
attenuation is above 98%. Using feedback from the integrated tension is an
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idea taken from Skaare (2004).

Pure integrator feedback from the cable tension deviation is not sufficient
for cable lengths of 10 meters or less. Simulations indicate that additional
proportional feedback is necessary. The results for a 100 tonnes load attached
at the end of a 10 meter cable is shown in figure 6.19.
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6.8 Undesirable scenarios

This section explains and illustrates two scenarios that are important to
handle in a safe manner or to avoid altogether.

6.8.1 Resonance

The two dominant frequencies shown in figure 6.13 will cause resonance if
they get too close. As the cable length and the load mass increase, the
natural frequency, w., is reduced. In regular seas with a 100 tonnes load
and a wave peak period of 6 seconds, the theoretical resonance occurs at a
cable length of approximately 1289 meter. This calculation is made without
regard to the mass of the cable. The result is shown in figure 6.20, and it
can be seen that the system becomes unstable. For irregular seas with an
average wave period of 6 seconds, the modal frequency of the waves coincides
with the natural frequency of the cable-load system for a cable length of 2166
meters, as shown in figure 6.21. Figures 6.20 and 6.22 show that the motion
of the piston still compensates for the vessel heave, but the cable elongation
affects both the cable force and the load position. A worst case scenario is
that the cable force becomes too large and the cable breaks. Snap loads in
the cable will occur if the elongation becomes negative.

Resonance-like behavior is present also at cable lengths of 1000 meters
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Figure 6.23: Behavior in regular seas with a 1289 meter cable and cable
tension feedback

and 2000 meters (see figures 6.10 and 6.11). One way to avoid the resonance
altogether is to turn off the heave compensator while the length of the cable
is within the resonance range. Simulations indicate that there is another
feasible solution. By introducing cable tension feedback, as explained in
section 6.7, the energy corresponding to the natural frequency is diminished.
Figures 6.23 and 6.24 show that this alleviates the resonance problems. The
oscillations in the cable elongation and the cable force are reduced, and the
load position is stabilized.
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Figure 6.25: Schematic of a hanging load system without balance valve.
Reproduced from Brautaset (1983).

6.8.2 Loss of supply pressure

A schematic of a hanging load system without balance valve is shown in figure
6.25. If the supply pressure is suddenly lost or greatly reduced, control of
the piston motion is lost (shown to the left in figure 6.26). A solution is
to switch the four way valve to its middle position to hydraulically lock the
piston, but this results in a large pressure rise. (Brautaset, 1983)

Installing a balance valve, also called a back-pressure valve, is a better
way to solve the problem. The balance valve is in general a pressure relief
valve with a built-in check valve (see figure 6.27). The pressure relief valve
generates a back-pressure to compensate the weight of the load and prevent
it from running wild (Brautaset, 1983). An adjustable spring is used to
set the desired back-pressure. According to Kjolle (1995) the back-pressure
should be 1,3 times the load pressure. Brautaset (1983), however, suggests
using a factor of 5. An arrangement like this enables the downward motion
of the piston to be controlled by directing pressure energy into the upper
chamber of the cylinder (Kjolle, 1995). In case the supply pressure is lost,
the balance valve will close and the piston will be locked. This is shown to
the right in figure 6.26. The purpose of the check valve is to direct the flow
past the pressure relief valve when the direction of flow is reversed.
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Figure 6.29: Principle for a bent axis piston pump (shown as a hydraulic
motor). Illustration: Penton Media (n.d.).

6.9 Control loop for a pump with variable displace-
ment

The four way valve and the hydraulic cylinder are dimensioned with respect
to a given supply pressure. It is therefore desirable to keep the supply pres-
sure close to constant. This can be achieved by using a pump with variable
displacement. If an axial piston pump is considered, there are in general two
ways to change the displacement, either by changing the angle of the swash-
plate inside the pump or by varying the angle between the motor shaft and
the cylinder block. Figures 6.28 and 6.29 illustrate the two principles. The
first type, also called an inline piston pump, tolerate a higher motor speed,
but the latter has the advantage of a larger range of motion (Brautaset,
1983).

The inline piston pump is selected for the simulations in this thesis. An
extra control loop is then added to vary the angle of the swashplate inside the
pump. For simplicity, a proportional controller is chosen and the dynamics
of the swashplate and the motor driving the pump are neglected. A change
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of angle is thus assumed to happen instantaneously. The load torque applied
to the motor actually depends on the pressure difference between the inflow
and outflow chambers of the pump, but it is assumed that the motor includes
its own controller to keep the shaft speed constant.

A simple explanation of how an axial piston pump works is given in
Penton Media (n.d.):

"The pistons in an axial piston pump reciprocate parallel to the
centerline of the drive shaft of the piston block. That is, rotary
shaft motion is converted into axial reciprocating motion. Most
axial piston pumps are multi-piston and use check valves or port
plates to direct liquid flow from inlet to discharge.

The simplest type of axial piston pump is the swashplate design
in which a cylinder block is turned by the drive shaft. Pistons
fitted to bores in the cylinder block are connected through piston
shoes and a retracting ring, so that the shoes bear against an
angled swashplate.

As the block turns, the piston shoes follow the swashplate, caus-
ing the pistons to reciprocate. The ports are arranged in the
valve plate so that the pistons pass the inlet as they are pulled
out and the outlet as they are forced back in. In these pumps,
displacement is determined by the size and number of pistons
as well as their stroke length, which varies with the swashplate
angle.

In variable displacement models of the inline pump, the swash-
plate swings in a movable yoke. Pivoting the yoke on a pintle
changes the swashplate angle to increase or decrease the piston
stroke. The yoke can be positioned with a variety of controls,
i.e., manual, servo, compensator, handwheel, etc."

Figure 6.30 shows how a proportional controller keeps the supply pressure
close to the desired value of 350 bar. The deviation is due to variations in
the required flow rate, and the pattern repeats itself with the same frequency
as the wave frequency.

If a pump with fixed displacement is chosen, it is a waste of energy to
dimension it such that the maximum flow rate is equal to the peaks of the
required flow rate. A better option is then to dimension the pump to supply
the average required flow rate and add an accumulator to take care of the
fluctuations. (Kjolle, 1995)
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Chapter 7

Conclusion and further work

7.1 Conclusion

This thesis has focused on heave compensation of offshore cranes. Both elec-
tric and hydraulic configurations have been considered, but the emphasis has
been on hydraulic heave compensation. A Simulink model of a heave com-
pensator was developed using the bond graph formalism. Both an active and
a passive system were implemented, the passive system being modeled as a
pneumatic damper and the active system as a closed-loop system consisting
of a hydraulic cylinder and a servo valve control system. A wave spectrum
for long-crested waves was created from the Modified Pierson-Moskowitz
spectra, and the heave motion of the vessel described by a time-series gener-
ated from the wave spectrum and the vessel response amplitude operators.
Simulations showed that heave motion attenuation above 86% are possible
without feedback from the tension in the cable. With cable tension feedback
the figure was increased to 98%.

7.2 Suggestions for further work

This thesis has examined the mathematical modeling of a hydraulic heave
compensator, cable and load. Further development of the model should
include the dynamics of the winch and the crane (or A-frame), as well as
incorporate the pump motor dynamics.

The placement of the lifting point on the vessel should be taken into
consideration. If it is not exactly at the center of gravity of the vessel, then
the roll and pitch will affect the heave motion. With an A-frame configu-
ration, the lifting point is in the stern of the vessel and the pitch will be
important. Likewise, the roll motion will influence the heave at the lifting
point if the crane is positioned over the rail. A study of control for wave-load
synchronization could also be appropriate.

Use of electrical heave compensators are becoming more widespread, and
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a more thorough investigation of these systems and a comparison could be
of interest. It could also be worth looking into the topic of regenerative
techniques.
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Simulink diagrams
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