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Abstract

With the ability to recover waste heat from industrial processes there is a huge potential
to reduce the ever increasing requirement for energy. Globally industry consumes over
half of the energy used, and large part of this energy is demanded at high temperature.
Industrial waste heat is often at too low temperature to be used effectively, due to high
temperature demands in industrial processes. With industrial heat pump system waste
heat can be recovered efficiently to create high quality heat. Using the waste heat the
required amount of primary energy is reduced, which reduces the environmental impact of
the heat production.

In this thesis a transcritical high temperature industrial heat pump is examined. A sim-
ulation of the heat pump is made in MatLab. The simulation is examined in a variety of
working conditions such as: reduced supply water flow rate, variation of suction superheat
and variation of discharge pressure in the transcritical area. The theoretical performance of
the system is evaluated. It is found that the system is able to achieve the goal of delivering
above 300 kW of heat when heating oil from 80°C to 160°C, while working at a COP of 4.
It is further shown that heating up to 180°C is within the capacity of the system. Butane,
a natural refrigerant, is used as the working fluid.

The largest improvement in performance is found when reducing the compressor rpm to
90% due to a large reduction in the compressor friction loss. At 90% rpm a COP of 4.7 is
achieved, but at the expense of reduced butane flow rate and reduced amount of produced
heat. The system is further adapted with an ejector. With the ejector implemented it is
found that the system may achieve a theoretical COP of 4.7 while being able to deliver a
large amount of heat.
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Sammendrag

Med evnen til å gjenvinne spillvarme fra industrielle prosesses skapes et enormt poten-
sial for å redusere det stadig økende kravet for energi. Globalt bruker industri mer enn
halvparten av energien brukt, og stor del av denne energien kreves ved høy temperatur.
Industriell spillvarme er ofte ved for lav temperatur til å kunne brukes effektivt, på grunn
av de høye temperaturkravene i industrielle prosesser. Med industrielle varmepumpesystem
kan spillvarme effektivt bli gjenvunnet for å lage høy kvalitets varme. Ved bruk av spill-
varme reduseres behovet for primærenergi, som reduserer den miljømessige innvirkningen
av varmeproduksjon.

In denne oppgaven blir en transkritisk høytemperatur industriell varmepumpe studert. En
simulering av varmepumpen blir laget i MatLab. Simuleringen blir studert ved varierte
arbeidsforhold som: redusert mengde tilførselsvann, variasjon i kompressor sugetemperatur,
og variasjon i utslippstrykk fra kompressor i transkritisk område. Butan, som er en naturlig
kjølevæske, brukes som arbeidsmedium. Den teoretiske effektiviteten av systemet blir eval-
uert.

Analysene viser at systemet er i stand til å oppnå målet om å levere mer enn 300 kW med
varme, ved oppvarming av olje fra 80°C til 160°C, mens det oppnås en COP på 4. Det
blir videre visst at systemet er i stand til å varme opp til 180°C. Den største forbedringen
i effektivitet gjøres ved reduksjon i kompressorens turtall ned til 90%, på grunn av en stor
reduksjon i friksjonstap. Ved 90% rpm oppnås en COP på 4.7, men det kommer på kostnad
av reduksjon i massestrømmen av butan. Systemet får integrert en ejektor. Med ejektoren
implementert viser analysen av system oppnår en teoretisk COP på 4.7, mens det er i stand
til å levere en stor menge varme.
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1 Introduction

1.1 Background

With the ability to recover waste heat from industrial processes there is a huge potential to
reduce the ever increasing requirement for energy. Globally industry consumes over half of
the energy used, a large part of this energy is demanded at high temperatures. Industrial
waste heat is often is often at too low temperature to be used effectively, due to high
temperature demands in industrial processes. With industrial heat pump system waste heat
can be recovered efficiently to create high quality heat. Using the waste heat the required
amount of primary energy is directly reduced, which reduces the environmental impact
of the heat production. Continual improvement of components improves the potential of
high temperature heat pumps and increases the temperature and pressure limits. Heat
pump systems have several advantages over the traditional boiler systems, such as increased
process control and higher efficiency.

Beside the increasing energy requirements, there is an increasing demand on the environ-
mental aspects of energy and heat production. In heat pump systems several traditional
working fluids are being phased out, in favor for natural working fluid, with low to no
environmental impact.

Mayekawa Global (Mycom) is a large, Japan based, international company with departments
specialized within production of heat pumps and heat pump components. The end goal of
the project is to produce a industrial high temperature transcritical heat pump, able to
produce a large amount of heat at temperature up to 200°C, with a COP above 3.5. In
this thesis one of Mayekawa’s part-goals to create such a high temperature heat pump is
examined. The heat pump system is mainly examined with heating oil in the 80°C to 160°C
range. A brief examination of heating oil from 100°C to 180°C is made.

1.2 Objective

The objective of this thesis is to create a heat pump simulation of a high temperature heat
pump system. Using the simulation various conditions will be tested, and the performance
of the heat pump will be evaluated. The system is further adapted with an ejector, and the
solution is evaluate whether or not it is a viable improvement of the system.

The results made should not necessarily be viewed as strict conclusions, but rather indica-
tions of performance and feasibility of the cases examined.

1.3 Outline of thesis

Chapter 2 gives a presentation of high temperature heat production options. The main
focus is on heat pump systems. Some current commercially available high temperature heat
pumps are presented.

Chapter 3 presents relevant theory about heat pump systems, including transcritical sys-
tems, working fluids and ejectors.
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Chapter 4 presents general characteristics of the components used in the project and the
heat pump simulation.

Chapter 5 briefly presents the case and the working conditions of the heat pump system.

Chapter 6 presents theory, correlations, and relevant information to simulate the individual
parts of the heat pump system.

Chapter 7 describes the system configurations and procedure of the heat pump simulation.

Chapter 8 presents the results found in the various simulations.

Chapter 9 presents how the simulation model is adapted to include an ejector. Relevant
theory, equations and efficiencies are presented, along with the procedure of the simulation.
Results from the adapted ejector system are presented.

Chapter 11 compares and discusses the previously presented results.

Chapter 12 gives a conclusion of the thesis and suggestions for further work.
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2 High Temperature Industrial Heat Pumps

A heat pump is a device that increases the temperature of low quality heat to a higher
temperature. The goal of using an industrial heat pump is to design it such that the
benefits of using waste heat exceeds the cost of driving the heat pump. High temperature
industrial heat pumps are a set of systems which deliver heat at high temperatures at large
capacity. Industrial heat pumps work in the medium and high power range, above 50 kW.
They are used for heat recovery and heat upgrading in industry, and also for heating, cooling
and air-conditioning in buildings, as well as for district heating [Jakobs, 2010]. In industry
the industrial heat pumps can either be used for process heating or preheating. In general
they improve the energy efficiency of industrial processes, and reduce the primary energy
consumption [Soroka, 2007].

2.1 Industry usage

More than 80% of the total energy use in industry consists of the need of heat in the form
of steam at different pressure levels and for firing furnaces [Kleefkens and Spoelstra, 2014].
Industrial heat pumps should be able to produce heat in the range of 100°C to 250°C, the
temperature lift should preferably be up to 100°C. The purpose of the heat produced of
high temperature heat pumps varies greatly upon the temperature produced. The potential
for heat pumps in various industries can be assessed based on the required temperature
level and the amount of energy consumed at the temperature. In Germany, at temperatures
above 140°C there is a large potential in food industry for reducing the cost of pasteurization,
sterilization, drying and evaporation.There is also a large potential in the chemical industry,
shown in figure 1 [Wolf et al., 2012].

Figure 1: Potential for heat pumps in German industry

Recoverable waste heat and process heat at moderate temperatures is found in food process-
ing, paper and pulp, refineries and chemical industry. Above 100°C it is mainly chemical,
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petrochemical, metal production and some paper processes which require large amounts of
heat, shown in figure 2 [Lauterbach et al., 2011].

Figure 2: Typical temperature range of common industrial processes

2.2 Current technology

2.2.1 Steam boilers

The most used and most conventional method of steam generation is to heat the water by
boilers. Boilers typically run on fuels such as oil, gas, coal, wood, and waste, or use heat
sources such as solar, nuclear or electrical energy. There are also indirect systems which
run by recovering heat from processes or equipment such as gas turbines and diesel or gas
engines [Parsons, 1992].

Typically in a steam boiler fuel is burnt in a furnace and hot gas is produced. The heat
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is then transferred from the gas to the water. There are two main types of steam boilers:
fire tube and water tube boilers. In fire tube boilers there are a number of pipes through
which hot gas from the combustion chamber passes. Surrounding these tubes is a reservoir
of water. In water tube boilers there is water in tubes being heated by surrounding hot
gas. With fire tube boilers the steam is limited to low pressure as the water and the steam
is contained in the same reservoir. Water tube boilers are more expensive, but allows for
larger heating surface and higher pressure steam can be produced [Malmcom, 2016].

The efficiency of a steam boiler is defined as how large part of the heat supplied by the fuel
is delivered to the steam as it leaves the boiler. Contrary to the efficiency of heat pumps,
this efficiency can never be greater than 1 for boilers. The boilers are illustrated in figure 3
[Brain, 2008] .

(a) Fire tube boiler

(b) Water tube boiler

Figure 3: Illustration of steam boilers

2.2.2 Heat recovery

A common byproduct of high temperature industrial process is condensate. Typically this
condensate contains low quality heat, but it may still be a large reserve of energy. The heat
can either be used directly in a heat exchanger to heat air, fluid or a process, or the quality
of the heat can be improved. One of the ways to improve the quality is to use the enthalpy
of the liquid to flash some of the liquid to steam at lower pressure. The flash steam can be
used to heat air, water, or other liquids or it can be used directly in processes with lower
pressure steam requirements. In a flash tank/drum partial evaporation occurs when the
pressure of saturated liquid is reduced. The pressure is lowered over an expansion valve.

5



Figure 4: Illustration of a flash drum

If the temperature of the condensate is below 100°C it will require reheating to regenerate
steam. The condensate can be used directly with relatively high efficiency to heat domestic
hot water with a shell-and-tube or a plate-type heat exchanger. [Parsons, 1992]

2.2.3 Industrial heat pumps

There are several advantages to using heat pump systems instead of the traditional boiler
systems:

• Lower environmental impact

• More cost-efficient

• May utilize otherwise wasted process heat

• Allows for higher process control

• Reduces emission of pollutants

The main disadvantages are:

• Limited temperature range

• Complex systems, which may restrict where they can be installed

• High investment cost

Industrial heat pumps examples are closed cycle vapor compression(CCC), open cycle me-
chanical vapor recompression(MVR), thermal vapour recompression (TVR), absorption heat
pumps and lithium bromide (LiBr) heat transformers [Kleefkens and Spoelstra, 2014]. The
different systems are adapted to different conditions and temperatures, these along with
estimations of COP is shown in table 1.
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IHP type COP Maximum sink temp. [°C] Maximum temp. lift [°C]
CCC 3 - 8 120 80
MVR 5 - 30 190 90
TVR 1.2 - 3 130 40
Absorption I 1.6 - 1.7 100 50
Heat Transformer 1.6 - 1.7 150 60

Table 1: COP and temperature levels of various IHP systems

2.2.4 Closed cycle compression

The typical heat pump. Consists of a working fluid which moves in a cycle. The working
fluid receives heat at low temperature in the evaporator, is compressed and pumped to the
condenser, where it delivers heat at high temperature.

The CCC system is explained more closely in the theory chapter.

Figure 5: Principle sketch of a CCC system

2.2.5 Open cycle mechanical vapour recompression

In this process the pressure of waste gas in increased, and in the process the temperature
is increased. The most common vapour compressed is steam. After being compressed the
waste vapour condenses in a heat exchanger, delivering heat to at high temperature. The
most important design aspect in MVR systems is the choice of compressor [Soroka, 2007].
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Figure 6: Principle sketch of a MVR system

2.2.6 Thermal vapour recompression

In TVR systems the work is done by an ejector and high pressure vapour. This system is
often called an ejector. This system is driven by heat, not mechanical energy. This allows
for new application areas, for example where there is a large difference between fuel and
electricity prices.

Figure 7: Principle sketch of a TVR system

The TVR system has a modest COP, but it is reliable, has relatively low investment cost
and has low to no cost of usage.

2.2.7 Absorption Heat Pump

Absorption heat pumps use the principle that the boiling point for a mixture is higher
than for the corresponding pure, volatile fluid. According to [U.S. Department of Energy,
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2003] absorption heat pumps can deliver large temperature lifts. There are two kinds of
absorption systems: absorption heat pumps and and heat transformers. The difference
between the two systems is the pressure level in the four main heat exchangers (evaporator,
absorber, desorber and condenser) [Soroka, 2007]. The only absorption system used in
industrial application uses a combination of lithium bromide and water. This system allows
for temperature up to 100°C. An example of a absorption system is shown in figure 8 [U.S.
Department of Energy, 2003].

Figure 8: Principle sketch of an absorption system

2.3 Next generation systems

2.3.1 Working fluids

The main reason for the limited temperature range of several heat pumps solutions has been
the working fluids. Especially when using condensers there is a demand for a high critical
temperature to be able to run the system efficiently, while also enabling the delivery of heat
at high temperature. In addition there is the demand of safety, low GWP and low ODP.
According to [Kleefkens and Spoelstra, 2014] four ideal working fluid are identified, all of
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which have the required qualities for subcritical high temperature systems.

Working fluid Tcrit[°C] Flammable or toxic ODP GWP
R1233zd 166 No 0.0003 6
R1336mzz 171 No 0 9
LG6 >165 No 0 1
MF2 >145 No 0 <10

Table 2: Ideal working fluids

2.3.2 Thermoacoustic heat transformer

The dynamics and working principle of the thermoacoustic system is quite complex, how-
ever the implementation of the system is relatively simple. The system converts heat to
acoustic power which then can pump heat up to higher temperature levels. The system is
environmentally friendly and has no moving parts. The system may be implemented into
the existing system at an industrial site. The acoustic power can alternatively be trans-
formed into electrical power [Karlsson et al., 2016]. The system is illustrated in figure 9
[Kleefkens and Spoelstra, 2014].

Figure 9: Principle sketch of thermoacoustic heat transformer

2.3.3 Hybrid heat pumps

Hybrid heat pumps use a combination of compression and absorption to run the heat pump
cycle. A hybrid heat pump can improve several features of normal vapour recompression
heat pump. The hybrid system is more flexible regarding temperature on both the heat
source and sink side, has more precise capacity control and can improve the COP at high
gliding temperature when using secondary fluids. Several forms of hybrid heat pumps are
developed so far, an example is shown in figure 10 [Kim et al., 2013]. Hybrid systems deliver
heat at up to 250°C, with a temperature lift of at least 50 K. System effectiveness is above
25%, and in total the electrical COP is on average above 5 [Kleefkens and Spoelstra, 2014].
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Figure 10: Principle sketch of a hybrid heat pump system

2.4 High temperature heat pump examples

2.4.1 Viking Heat Engines

A Norwegian company, Viking Heat Engines, have had promising pilot tests of their high
temperature heat pump, The HeatBooster. While delivering heat above 150°C a COP
close to 3 was achieved. The results were made using a heat source at 90°C, meaning a
temperature lift of 60 K. The heat pump has been shown to deliver heat at up to 160°C.
The HeatBooster is delivered commercially and is delivered in the 200 kW size. Viking Heat
Engines have plans to release the heat pump commercially in the megawatt range in 2019
[Viking Heat Engines, 2017].

2.4.2 Kobe Steel

In 2011 the Steam Grow Heat pump (SGH) was co-developed by Kobe Steel, LTD. and
electric companies in Japan. Two systems were designed one for steam supply temperature
of 120°C (SGH120), and one for steam supply of 165°C (SGH165) [Kaida et al., 2015]. In
design there was focus on efficient use of unused thermal energy by waste heat recovery and
upgrading, and reduction of dissipation heat loss by placing the system close to processes
in distribution arrangement. In addition it was deemed important to enhance the reliability
of the system, while maintaining high efficiency and low initial cost.
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The SGH120 is composed of a heat pump unit and a flash tank. The source water is received
at 35-70°C. Heat is sent from the source water to pressurized circulating water. In the flash
tank the pressurized water is decompressed and evaporated. The flash steam produced (up
to 120°C, 0.1 MPaG) is supplied to various processes, while the remaining saturated water
is sent back to the heat pump unit.

The SGH165 has a steam compressor in addition to the system described for the SGH120.
To avoid superheat of the discharge steam, water is injected into the compressor. The
SGH165 may produce discharge steam up to 175°C, 0.8MPaG. When producing the design
temperature of 165°C, a COP of 2.5 is achieved [Watanabe et al., 2014].

For the SGH120 the refrigerant R245fa is used, while a mixture of R134a and R245fa is
used for the SGH165. Due to the high pressure ratio and temperature compared to existing
heat pumps, a newly developed screw compressor is equipped.

For the SGH165 [Kaida et al., 2015] concluded: it is more important to secure higher heat
source temperature than feed water temperature. The system COP was the highest when
working on full load. It was found that the COP was insufficient for a wide range of heat
source water temperatures. Additionally it was reported that while working on part load
that the COPhp was approximately twice the COPsys. The SGH165 has to use a steam
compressor in addition to the heat pump compressor when finding COPsys which inflates
the power required by the system as a whole when compared to the heat pump itself. The
system is illustrated in figure 11 [Watanabe et al., 2014].

Figure 11: Kobe Steel SGH165 overview

2.4.3 Mayekawa pentane heat pump

Mayekawa has developed a heat pump able to produce steam at 150°C with a COP above 3
[Mugabi et al., 2014]. Pentane was chosen as the working fluid as it is a natural refrigerant
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with a low environmental impact, while still being able to produce a high COP. Pentane
has a critical temperature of 196.4°C. PAG oil was used as lubricant because of its thermal
and chemical stability at high temperature levels, in addition PAG oil can supply sufficient
viscosity up to high temperatures. An evaporation temperature of 80°C and a condensing
temperature of 160°C was used. The system used a screw compressor which could be used at
high temperature levels [Mugabi et al., 2014]. The system is illustrated in figure 12 [Mugabi
et al., 2014].

Figure 12: Mayekawa pentane industrial heat pump log P-h diagram
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3 Theory

3.1 Closed cycle compression

A basic heat pump cycle consists of four components. A compressor, a condenser, an
expansion valve, and an evaporator.

Figure 13: Principle sketch of a heat pump cycle

The compressor runs the cycle. An engine receives electrical power which it transforms
into mechanical power and delivers to the compressor (Ẇ comp). The compressor sucks low
pressure gas out of the evaporator, and releases high pressure gas into the condenser. As
the compressor sucks gas out of the evaporator it maintains the evaporation pressure. In
the condenser the working fluid condenses, and releases heat (Q̇cond) at high temperature to
a heat sink. The temperature is decided by the condensing pressure and the working fluid.
The now liquid working fluid passes into the expansion valve. Over the valve the pressure
of the working fluid is reduced back to evaporation pressure. With the pressure reduced,
the working fluid enters the evaporator, where it receives heat (Q̇evap) at low temperature
and evaporates, before it again enters the compressor as gas.

Ideal compression is isentropic. An isentropic process assumes that the process is both
adiabatic and reversible. Which means that there is no friction and no transfer of heat out
of the system. The work done during such a process is the minimal work or the Carnot
work. In a real system there will always be several losses, both in the compressor, and in
the other components.

To measure the effectiveness of a heat pump process there is the coefficient of perfor-
mance(COP). COP is a dimensionless quality which states how much useful heat is received
from the process, compared to the amount of electricity applied. COP can be defined for
both heating or cooling. In this thesis the interest is only in heating. Two different COPs
are defined:
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COPhp = Q̇cond

Ẇcomp

= Q̇evap + Ẇcomp

Ẇcomp

(1)

COPsys = Q̇cond

Ẇsys

= Q̇cond

Ẇcomp + Ẇaux

(2)

Ẇaux is auxiliary power used to run the cycle. COPhp expresses the COP of the heat pump
itself. The only power used by the heat pump is in the compressor. COPsys expresses the
COP of the whole system, this means that all electrical power used is included. When COP
is referred to in this thesis it means COPhp.

3.2 Transcritical cycles

In a transcritical cycle the working fluid is compressed up to a pressure beyond the critical
pressure of the working fluid. In such a system the working fluid is not condensed at high
pressure, instead it is cooled at transcritical pressure in a gas cooler. The heat from the
working fluid is extracted over a range of temperature, with a variable heat capacity. Because
of this temperature span, the process is well suited for heating over a gliding temperature,
contrary to subcritical heat pumps, where condensation occurs at constant temperature.
For example, by heating water or oil which enters at a relatively low temperature and leaves
at high temperature, it is possible to extract a large amount of heat out of the working fluid
in a transcritical heat pump. CO2 is the most common working fluid in transcritical heat
pumps. CO2 is for example well suited for hot water heating up to 60-80°C. A T-s diagram
of a transcritical CO2 is shown in figure 14.

Figure 14: Transcritical CO2 heat pump cycle shown in Ts-diagram

If the heat sink is at constant temperature, it is most advantageous to have a subcritical
system, which delivers heat at a constant temperature. If the temperature of the heat sink
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varies, it is beneficial to have a system which delivers heat at a variable temperature. In
either case the goal is to achieve a sufficiently large temperature gap, while at the same time
not producing an excess of temperature which reduces the efficiency of the system. In a
transcritical cycle it is of high importance to extract as much heat as possible before sending
the working fluid through the expansion valve. If it isn’t possible to cool the working fluid
sufficiently before expansion the performance is drastically reduced, due to the throttling
loss when reducing the pressure. Around the critical point there is rapid change of properties
of working fluids in that area relatively small changes in pressure and temperature may yield
large changes in the amount of heat extracted.

At high temperature and relatively low pressure (while in transcritical conditions) the be-
haviour of working fluids can be compared to a gas, or steam. While at relatively low tem-
perature (above critical point) working fluids behaves more like a liquid. This has a large
impact on for example the heat transfer coefficient and specific heat capacity. Meaning that
the temperature and choice of pressure has a large effect on the gas cooler performance. In
transcritical conditions, if pressure is increased the fluid takes on properties more similar to
that of liquids. This means that the viscosity increases, the Reynolds number is reduced,
and therefore the heat transfer coefficient is reduced. There is also the consideration of
temperature; a higher discharge pressure generally means a higher discharge temperature,
which indicates that more heat can be extracted from the working fluid at high temperature.

[Sarkar et al., 2007] examined the optimization of compressor discharge pressure in trans-
critical cycles. It was found from performance analyses that an optimum compressor dis-
charge pressure exists, where the cycle achieves the greatest COP. The optimum discharge
pressure depends upon evaporation temperature, gas cooler exit temperature, internal heat
exchanger efficiency and compressor isentropic efficiency. It was found that the gas cooler
exit temperature has a greater effect than evaporation temperature on optimum pressure
for ammonia, propane and isobutane (n-butane was not examined). Lower evaporation tem-
perature yields higher optimum discharge pressure due to divergent nature of the constant
entropy lines [Sarkar et al., 2007]. The results is shown in figure 15.

Figure 15: Variation of optimum discharge pressure for a transcritical isobutane cycle
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3.3 Working fluids

The choice of working fluid in a heat pump has a large impact on the overall performance
and on the overall COP. The ideal working fluid should be non-flammable, non-toxic, should
have a low GWP, no ODP, and a high critical temperature [Kleefkens and Spoelstra, 2014].
As different working fluids have different thermodynamic and physical properties, it is im-
portant to select one with fitting properties for the cycle. The heat of evaporation of the
working fluid effects the amount necessary to circulate in the cycle. This directly effects
the necessary diameter of the pipes, the capacity of the compressor and the size of the heat
exchangers, which all together has a large impact on the cost and the design of the system.
Not only efficiency has to be considered, but several criteria. Among the most important
criteria are [Eikevik, 2016]:

• Safety

• Reliability

• Suitable thermodynamic and physical properties

• Environmental impact

• Price and availability

The fluid needs to be stable, and to not corrode the material of the heat pump. In cases
where oil is used in the system, the working fluid needs to be compatible. Since the 1980s the
choice of working fluids has been influenced by environmental impact [Eikevik, 2016]. Both
the effect on the ozone depletion and the greenhouse effect is being considered. Chlorofluo-
rocarbons (CFCs) were banned from the market in 1987. Hydrofluorocarbon (HFCs), with
an ozone depletion potential (ODP) of zero, became popular and have been widely used.
However, HFCs have been shown to have large global warming potential (GWP), therefore
legal regulations have been created to decrease the usage of fluorinated greenhouse gases.
The EU regulation on F-gases states that the amount of HFCs on the European market will
be gradually reduced, by 2030 the amount of HFCs on the market is to be reduced by 79%
[Eikevik and Hafner, 2016].

With the regulation in the place the usage of the "natural five" has been increasing. Air,
water, CO2, ammonia and hydrocarbons are all fluids with low to no environmental impact
[Mayekawa, 2009]. With proper usage and newer technology these working fluids have been
found to be able to compete with the previously used environmentally harmful working
fluids.

3.3.1 Butane

The chemical formula for butane is C4H10. This may refer to n-butane(normal butane)
and isobutane. n-butane has the carbon atoms linked in a straight line, while isobutane
is branched and is created from n-butane. In context of this thesis butane refers to n-
butane. Butane is commonly used as a fuel, propellant and refrigerant. Butane is a gas at
room temperature and atmospheric pressure. It is highly flammable, colourless, and easily
liquified.
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tcrit Pcrit ODP GWP Safety group Autoignition
temperature

Butane 152.0°C 3 796 kPa 0 15 A3 365°C

Table 3: Characteritics of butane

Butane is as all hydrocarbons highly flammable. This creates several demands to the facili-
ties when using large amounts of butane in heat pump cycles. Specifically there needs to be
proper ventilation, along with sufficient gas detection systems in place. The temperature of
the working fluid should be kept at minimum 100°C below autoignition temperature.

Butane has relatively low viscosity compared to other working fluids. This is an advantage
in the heat pump cycle, as it reduces the pressure loss produced in the components. This
is noticeable in the pipelines, and in the various heat exchangers. At higher pressure cycles
the pressure loss typically increases, meaning that low viscosity is more advantageous in
transcritical cycles. In figure 16 the viscosity of several common working fluids at varying
temperature are compared, with butane having the lowest viscosity.

Figure 16: Viscosity of several working fluids, depending on temperature

When choosing the temperature and pressure level of the transcritical heat pump cycle it is
important to keep in mind the variation of heat capacity. It is not necessary that a higher
discharge pressure(which leads to higher discharge temperature) leads to a higher efficiency
or larger amount of delivered heat. Depending on the temperature of the heat sink, some
pressure is going to be more efficient, this should be considered when designing the system
and choosing the compressor discharge pressure.

18



Figure 17: Heat capacity of butane at varying transcritical pressure

Figure 17 shows the heat capacity of butane at varying transcritical pressure, and temper-
ature. The sum of the heat capacity is higher at lower pressure, but when increasing the
pressure, the heat capacity peak is moved towards higher temperatures. Heat capacity at
high temperature is more valuable. Depending on the requirements of the system the ideal
gas cooler pressure will vary. The point at which highest heat capacity is achieved at a
transcritical pressure is the pseudo-critical point. It’s at the point defined by pseudo-critical
temperature which corresponds to a pseudo-critical pressure, shown by the peaks in figure
17. Figure 18 shows the ts diagram of butane with constant pressure lines.

Figure 18: Shows the ts diagram of butane at varying pressure
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3.4 Ejector System

In an ejector system the expansion valve is replaced by an ejector. The ejector allows the
system to utilize the expansion loss to lift the suction pressure of the compressor. An ejector
works by using conversion of pressure to kinetic energy. An ejector consists of four main
sections: nozzle, suction, mixer and diffuser, as shown in figure 19.

Motive supercritical gas enters the motive nozzle. In the nozzle there is a large increase in
velocity, as well as a large pressure reduction. The gas from the evaporator enters through
the suction nozzle. The much higher velocity of the motive flow causes a suction of the
suction flow. The two flows join together in the mixing chamber, in the mixer a series of
shock waves occur. After the mixer the stream enters the diffuser where pressure is increased
and velocity is reduced. In the diffuser the reverse of the motive nozzle happens. Kinetic
energy in form of velocity is converged to higher internal energy. The internal energy of the
suction flow is increased, and importantly the pressure at the outlet of the ejector is higher
than the suction pressure.

Figure 19: Illustration of an ejector

Since the pressure of the flow from the suction is increased the required pressure ratio of
the compressor is reduced. This reduces the necessary amount of work, and will usually
increase system performance along with COP. The potential mass flow of the compressor is
also usually increased, as pressure ratio and mass flow of compressors normally are inversely
correlated. Higher mass flow increases the potential heat delivered by the heat pump.
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Figure 20: Principle model of the heat pump cycle with ejector

3.4.1 Equations

The equations used to solve the ejector are mainly variations of conservation of energy,
mass and momentum. These are used over the different sections of the ejector which act as
control volumes. Energy and mass conservation are used freely over the control volumes,
while the momentum equation requires the efficiency of the control volume to be 100%.

Energy conservation

∑(
h+ u2

2

)
in

=
∑(

h+ u2

2

)
out

(3)

Mass conservation

∑(
ρ · A · u

)
in

=
∑(

ρ · A · u
)
out

(4)

Momentum conservation

∑(
u · ṁ+ P · A

)
in

=
∑(

u · ṁ+ P · A
)
out

(5)

3.4.2 Efficiency

As stated previously, each of the four sections of an ejector has a separate efficiency. Most of
the research regarding ejectors are done on CO2 system. [Liu and Groll, 2013] reported on
the ejector efficiency in several systems with various working fluids and found that ejector
efficiency vary on the ejector geometry and operation conditions. The efficiencies of the
controllable motive nozzle, suction nozzle and mixing section were found to range from 0.50

21



to 0.93, from 0.37 to 0.90, and 0.50 to 1.00, respectively. Figure 21 shows relevant efficiencies
found [Liu and Groll, 2013].

Figure 21: Efficiency of ejector sections

3.4.3 Variable nozzle outlet area

One of the biggest challenges with ejector heat pump systems is that the cycle performance is
sensitive to change in working conditions [Zhu and Elbel, 2016]. Different working conditions
require different ejector geometries to attain maximum performance. Slight differences in
geometry may have large impact on the COP. The ejectors motive nozzle throat diameter
is a key parameter and may determine whether an ejector is a viable solution or not [Zhu
and Elbel, 2016]. Alternatively several ejectors can be installed in the heat pump system,
with the different ejectors having different geometries. Then one or more can be used at a
time depending on the requirements.
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4 Components

4.1 Plate heat exchanger (PHE)

PHEs are part of a group of components called compact heat exchangers, typical character-
istics of this group is [Wadekar, 2000]:

• High heat transfer coefficients

• Large surface area

• Low space requirement

• Relatively low cost

PHEs consists of a series of thin, corrugated metal plates. The plates are pressed and held
together in a frame. Between the plates there are gaskets which function as a seal between
each plate, while also giving flow channels to the fluid, ensuring that hot and cold fluid flow
in alternating channels. The plates are produced with different patterns. The pattern is
design to induce turbulence. An increase in turbulence increases the heat transfer efficiency
and reduces fouling [ETSU and WS Atkins Consultants Ltd., 2000].

PHEs have a wide spectrum of industries where they are used including refrigeration, air
conditioning, cryogenics and food processing. They are adaptable to many uses, depending
upon design choices, such as welding and choice of gasket material. PHEs allow for close
approach temperatures as they have counter-current operation. The performance of the
PHEs is also adaptable, as it is possible to vary the amount of heat exchanger plates used.
With sufficient size, it is possible to get a thermal effectiveness above 90%. PHEs are used
as evaporators, condensers and for single phase flows [Wadekar, 2000].

Common kinds of plate heat exchangers are: gasket heat exchangers, brazed heat ex-
changers, partially welded heat exchangers and fully welded heat exchangers [ETSU and
WS Atkins Consultants Ltd., 2000].

Figure 22: Illustration of a plate heat exchanger
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4.1.1 Gas Cooler

Maximum efficiency of the cycle is achieved by delivering as much heat as possible in the gas
cooler, while at the same time keeping the necessary work low. By reducing the temperature
of the working fluid more before throttling through the expansion valve, the throttle loss is
reduced. This implies that the design of the gas cooler is vital. In a transcritical heat pump
cycle there is a rapid change in the specific heat capacity of the gas. The ideal discharge
pressure should be found, and the gas cooler should be designed accordingly. The ideal
pressure depends upon the temperature of the heat sink.

The lowest temperature difference between the working fluid and the heat sink is the pinch
point. The pinch point should be located at one of the ends of the gas cooler in order to
obtain maximum efficiency. If not the pinch point will reduce the heat transfer.

4.1.2 Internal Heat Exchanger(IHX)

The IHX further reduces the throttling loss by increasing the temperature of the working
fluid before it is throttled through the expansion valve, increasing the efficiency of the cycle.
The heat is delivered to the suction. An increase in the suction gas temperature increases
the specific volume of the gas, effectively reducing the amount of mass flow through the
compressor which may reduce the potential heat production of the cycle. The volumetric
heat pump capacity(VHPC) is normally defined as the heat delivered in the condenser
related to the specific volume of the gas at the inlet of the compressor. Here the heat
delivered in the gas cooler is used instead. v1 being the specific volume of the working fluid
at the compressor inlet.

V HPC = ∆hgc
v1

[kJ/m3] (6)

Depending on the type of compressor used in the heat pump system there are demands
on the suction gas. For a turbo compressor there can not be any condensation in the
compressor stages. An internal heat exchanger help achieve this by using some of the excess
heat after the gas cooler to heat the fluid before compression effectively increasing the
suction superheat.

Ideally the flow on the low pressure side is single phase gas. There are situations where
two phase flow will enter the IHX, and instead of producing superheat the IHX continues
evaporation. The temperature on the high pressure side is of higher quality than the heat
delivered in the evaporator. Assuming this, an IHX can increase the production and the
quality heat. Increased suction temperature may also increase the compressor discharge
temperature, allowing for heat production at higher temperature.

Figure 23 illustrates a transcritical butane heat pump cycle with an internal heat exchanger.
The importance of the internal heat exchanger is clear, as Without it there would not be
sufficient suction superheat into the compressor to evade condensation. This can be seen
from the heat being transferred from the line between point 3 and 4 to the line between
point 6 and 1. The energy used to produce the superheat is otherwise not useful.
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Figure 23: Ts diagram of a transcritical butane heat pump with IHX

4.2 Turbo compressor

There are three main compressor types used in industrial size applications: reciprocating
compressors, screw compressors and turbo compressors. The compressors work with differ-
ent displacement volumes as can be seen in figure 24 [Eikevik, 2016], with turbo compressors
having the largest volume displacement. The required compressor volume displacement can
be found by equation 7. ṁ being the mass flow rate, ρg the density of the gas and λ being
the volumetric efficiency of the compressor.

Figure 24: Typical displacement of compressors

Vs = ṁ

ρgλ
· 3600 [m3/h] (7)

A turbo compressor is a centrifugal compressor. Turbo compressors can be divided into
axial or radial categories. As with centrifugal compressors the pressure of the working fluid
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is increased by giving it high speed through an impeller. Then the increase in speed is
transferred to increased pressure through a diffusor.

Instead of traditional bearings, turbo compressors use magnetic bearings. These bearings
ensure that there is no direct contact between the shaft and the bearing. Because of this
there is no requirement for oil in turbo compressors, and less required maintenance of the
system. A turbo compressor is shown in figure 25 [Crowther and Smithart, 2004].

There are two conditions which need to be avoided in turbo compressors (illustrated in
figure 26):

• Surge: Momentary reduced or reversed flow, required discharge pressure exceeds com-
pressor output pressure capability

• Choke: Gas velocity inside the compressor approaches sonic velocity. Limits compres-
sor capacity at a given speed.

Figure 25: Illustration of a frictionless turbo compressor

In general turbo compressors are more demanding than the common piston and screw com-
pressors. They demand a certain mass flow, and have a limited variation in the compression
ratio, typically between 1.5 and 2. When reducing the pressure ratio the efficiency of piston
and screw compressors typically increase, this is not always the case for turbo compressors.

The main advantage of using a turbo compressor is that it demands a very low amount or
no oil at all. This is often the most important factor when using turbo compressors in high
temperature systems, where oil degradation is a large concern. In addition there is no oil
spilling into the other components in the heat pump, and there is no need for an elaborate
oil-recovery system. [Crowther and Smithart, 2004]

Compressors have performance curves, meaning that in some area of operation the highest
performance can be found. Depending on the suction state and the required pressure ratio
the mass flow and the efficiency of the compressor can be found. Varying on the rpm of the
compressor the pressure ratio of highest compressor efficiency and mass flow changes. An
illustration of a compressor performance map is shown in figure 26 [How It Works, 2015].

In turbo compressors with the given rpm, and a given suction state either pressure ratio or
mass flow rate can be decided. Not all combinations of pressure ratio and mass flow rate is
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possible to achieve.

Figure 26: Illustration of compressor performance map
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5 Case

5.1 Current Project

In the current state the focus is at producing oil up to 160°C. While the future goal is to heat
efficiently up to 180°C and to be able to deliver heat close to 200°C. This means that the
components used in the system are designed for a higher temperature than the current con-
ditions. It also means that the size of the heat exchangers used is relatively large compared
to the current requirement. The future goal of the cycle may be of heating water/steam,
but in the current simulation the fluid used in the gas cooler is high temperature oil. The
oil used is a heat medium oil with high thermal and oxidation stability. The properties of
the oil is supplied in table 64.

5.2 Operation conditions

The operation time of the heat pump is assumed to be 4400 hours annually, which translates
to 12 hours daily. A single heat pump is assumed to deliver approximately 300 kW. Over
a year this equals 1 320 000 kWh. Assuming a temperature difference of oil during heating
of 80°C, the mass flow of oil is approximated to 1.64 kg/s. Assuming a COP of 4, the
heat delivered in the evaporator is 225 kW. Water inlet temperature at 80°C, and outlet
temperature of 77°C gives an estimated water flow rate of 17.9 kg/s. The system may be
closed cycle, meaning that the waste water from the industrial process is the supply water to
the heat pump evaporator, or that the waste water is reheated and reused in the industrial
process. The specific industrial usage of the system is not defined.

Figure 27: Overview of possible system solution

5.3 Choice of components

The simulation model is based on a heat pump cycle which is being made and tested by
Mayekawa. The model is a three-stage transcritical compression heat pump. The compres-
sors used are turbo compressors. The main reason for choosing turbo compressors is that
they do not require oil. As temperature approaches 200°C there is commonly a degradation
of the oil. Another advantage is the low maintenance required of turbo compressors. The
downside of these compressors is the low pressure ratio, which means that for this system
3 are required in series. The compressors are made by Mayekawa, and are constructed for
usage with butane.
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During initial simulations done by Mayekawa butane was found to have the highest COP
for heating oil from 80 to 160°C, while also being among the best for heating oil from 100
to 180°C. It was compared to R245fa, R1234ze(Z), R600a, R1234ze(E), R134a, R32, R290
and R1270. Butane has a suitable heat transfer coefficient and critical pressure, it has a low
GWP value, and requires relatively low discharge pressure.

The evaporator and internal heat exchanger were chosen by Mayekawa using Alfa Laval’s
calculation software. A suitable number of plates was also found. The gas cooler was
designed by SWEP using data from Mayekawa. The gas cooler is a prototype and is not
yet in widespread production.

Compressor Mayekawa BU 80/35
Evaporator Alfa Laval AC-500eq
Gas cooler SWEP CAS25T
Internal heat exchanger Alfa Laval CBXP52
Expansion valve Fujikin AR2000

Table 4: Components used in the heat pump design, all but the expansion valve are used
in the simulation.
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6 Simulation models

The simulation model is based on a butane heat pump cycle which is being tested by
Mayekawa. Each of the components in the simulation are based on actual components
used. The properties of the components are received from Mayekawa, and are either based
on information from the producer, or simulations and testing done by Mayekawa.

The model of the transcritical heat pump cycle is developed in MATLAB(Matrix Labora-
tory)[Mat, 2016]. MATLAB as a platform is optimized for solving engineering and scientific
problems. MATLAB is a program which supplies a numerical computing environment,
several toolboxes may be added to the program. In addition to the standard MATLAB
program, a REFPROP extension is used. This allows for accessing thermodynamic data
directly, the data is produced by NIST[Lemmon et al., 2013]. The combination of MATLAB
and REFPROP forms a good base for simulation of thermodynamic processes, such as heat
pumps.

The simulation started as a simple model of a transcritical butane heat pump cycle. At
first all calculations were done by simple REFPROP calculations, the assumption of ideal
processes, and no pressure loss. Step by step the components were made to produce more
detailed and precise results. Finally all the components were joined together to create a
complete heat pump cycle.

Simplifications made in the simulation:

• The flow rate of supply water and oil is freely variable

• The temperature of water and oil is perfectly stable

• When calculating pressure drop in pipes, enthalpy is assumed to be constant

• Expansion is considered isenthalpic

• No heat is leaked to the surroundings

• No pressure drop in the compressor suction valve

• The compressor is calculated by one dimensional correlations

• Uniform flow rate over the flow area in heat exchangers
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Figure 28: Principle model of the heat pump cycle simulated

6.1 Compressor

The correlations used to estimate the compressor performance were created by Mayekawa
using COMPAL[Concepts NREC]. There are separate correlations for pressure ratio and
required power for each compressor stage.

The subscript d means design properties. N is rpm, ρ is density, P is pressure and ṁ is
the butane flow rate. The pressure and density is calculated at the inlet to each compressor
stage.

Compression ratio:
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Third stage
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π3 =
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Power required:

First stage
W1 =
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Second stage
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Third stage
W3 =

[
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](
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Nd

)3( ρ
ρd

)0.946
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The efficiency of the compressor is found by comparing the work from the correlations above
to isentropic compression. The maximum mass flow is set to where the pressure ratio of the
third compressor stage is below 1, found by testing in the simulation. The minimum mass
flow is set to equation 14, found by the simulation done by Mayekawa. Below this mass
flow the risk of surge is prevalent.

ṁmin =
{

0.5361
(
N

Nd

)2
+ 0.0828

(
N

Nd

)}(
ρ

ρd

)1.69(Pd
P

)0.63
(14)

6.2 Heat exchangers

The heat exchangers are modeled using a numerical method to find the heat transfer. Each
heat exchanger is divided into small control volumes. The number of sections is chosen
to give valid calculation and to converge, while still being kept low to reduce computation
time. The amount of control volumes in the heat exchangers varies from 30 to 50. The
number of plates in the heat exchangers is kept constant.

An energy balance is used over each of the control volumes. The enthalpy/temperature at
the inlet of each control volume is known or assumed, then the found heat transfer of that
element is added or subtracted to find the enthalpy/temperature at the outlet. The next
control volume then continues on the results. The inlet and outlet temperature of each
element is found by using the heat transfer rate of each heat exchanger element.

hout = hin + Q̇ele

ṁ
[kJ/kg] (15)

The equation used to estimate each element is the heat transfer, as in equation 16.

Q̇ = U · A · LMTD [W] (16)
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U is the overall heat transfer coefficient(as in eq 17), A is the heat transfer area, and LMTD
is the logarithmic mean temperature difference(as in eq 18).

U = 1
Rwarm +Rcold +Rw

= 1
1

αwarm
+ 1

αcold
+ δ

kw

[W/m2K] (17)

α is the heat transfer coefficient, δw is the thickness of the plate wall and kw is the thermal
conductivity of the wall between the two fluids.

LMTD = ∆(1)−∆(2)
ln(∆(1)

∆(2))
(18)

∆(1) and ∆(2) are respectively the temperature difference on the inlet and outlet of each
control volume. Pressure drop is found from the friction factor of each control volume. The
approach is found in Lee et al. [2014]. The friction factors used are produced experimentally,
they therefore include all factors for pressure loss in the heat exchangers.

∆P = f
L

Dh

2 ·G2

ρm
[Pa] (19)

L being the length of each element, Dh being the hydraulic diameter, G being the mass flux
and ρm being the mean density. To estimate the heat transfer in the heat exchangers the
dimensionless Reynolds and Prandtl number are defined.

Re = GDh

µ
(20)

Pr = ν

α
(21)

µ being dynamic viscosity and ν being kinematic viscosity. A few different definitions of
temperature are used to find the necessary properties of fluids, shown in equation 22.

Tbulk = Tin + Tout
2

Tw =Tbulk −
Q̇ele

α · Aele
Tfilm = Tbulk + Tw

2

(22)

Tin and Tout being the temperature at inlet and outlet of the heat exchanger element and
Aele being the wall area of each element.
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6.3 Evaporator

In the evaporator the film properties are very close to the properties found in the bulk of
the fluid, therefore the bulk temperature is used to find properties. There are separate
correlations used for single phase flow, and two phase flow. In the range of vapor quality
0 to 0.1 and 0.9 to 1 the heat transfer coefficient and the friction factor is found by linear
interpolation between single and two phase flow. The equivalent Reynolds number and mass
flux is from [Lee et al., 2014].

Reeq,ref = GeqDh

µl
(23)

Geq = G[(1− xm) + xm · (ρl/ρg)0.5] (24)

Where Geq is the equivalent mass flux, µf and µref is the dynamic viscosity of respectively
fluid state and the refrigerant, xm is the mean vapor quality, and ρf and ρg is the density
of the saturated liquid and gas state of the refrigerant at the give pressure.

Friction factor is defined, using the defined Reref and Reeq, ref:

fref = 1.235Re−0.0686
ref x ≤ 0

fref = 9706.429Re−1.44893
eq,ref ·Re0.401293

ref 0.1<x<0.9

fref = 1.235Re−0.0686
ref 1 ≤ x

(25)

The heat transfer coefficient of the evaporator is defined by equation 26.

αref = 0.1671 ·Re0.866
ref Pr

1
3 · λref

Dh

x ≤ 0

αref = 3.3596
{

1 + 1
Xtt

}0.5142 λl
Dh

{
G(1− x)Dh

µl

}0.4909
Pr−0.00024

l 0.1<x<0.9

αref = 0.2093Re0.6991
ref Pr

1
3
ref ·

λref
Dh

1 ≥ x

(26)

Subscript ref denotes refrigerant, l denotes liquid, g denotes gas λ is the thermal conduc-
tivity. Xtt is the Lockhart-Martinele parameter as defined in [Lee et al., 2014]. x being the
vapor quality.

Xtt =
(1− x

x

)0.875
·
(
ρg
ρl

)0.5
·
(
µg
µl

)0.125
(27)
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Inputs Value
Length 0.687 [m]
Width 0.322 [m]
Plate thickness 0.0004 [m]
Plate gap 0.00178 [m]
Number of channels 199 [-]
Thermal conductivity 15.9 [W/m K]
Hydraulic diameter 0.00356 [m]

Table 5: Evaporator data

6.4 Gas Cooler

The heat transfer correlation in the gas cooler is found in [Nishida et al., 2016], it is developed
by Mayekawa. There will only be transcritical butane in the gas cooler, and therefore one
correlation is sufficient. In the gas cooler the film temperature of the butane and oil is used
to calculate the properties to find the heat transfer.

α = 0.3522 ·Re0.6705
ref Pr

1
3
ref ×

λref
dh

(28)

The pressure drop has two different equations, depending on the Reynolds number. The
correlations are found from testing by Mayekawa.

∆P
L

= 1.736 · 104 ·Re−0.3491G
2

ρ

(
µw
µ

)0.14
[Pa/m]; Re<227 (29)

∆P
L

= 1.501 · 104 ·Re−0.1672G
2

ρ

(
µw
µ

)0.14
[Pa/m]; Re ≥ 227 (30)

Inputs Value
Length 0.5575 [m]
Width 0.113 [m]
Plate thickness 0.00025 [m]
Plate gap 0.0008 [m]
Number of channels 139 [-]
Thermal conductivity 15.9 [W/m K]
Hydraulic diameter 0.0016 [m]

Table 6: Gas cooler data

6.5 Internal Heat Exchanger

The internal heat exchanger correlations are found by simulations done by Mayekawa using
Alfa Laval simulation program. The heat transfer coefficient of the IHX is as in equation
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31. In the case that the gas quality is below 1 correlations from the evaporator are used for
the mixed state, it is assumed that the gas quality is never below 0.1 in the IHX. With gas
quality between 0.9 and 1, linear interpolation is used.

αref = 3.3596
{

1 + 1
Xtt

}0.5142 λl
Dh

{
G(1− x)Dh

µl

}0.4909
Pr−0.00024

l 0.1<x<0.9

αref = 0.2786 ·Re0.7071
ref Pr

1/3
ref ·

λref
dh

1 ≥ x
(31)

The friction factor is as shown in equation 32.

fref = 9706.429Re−1.44893
eq,ref ·Re0.401293

ref 0.1<x<0.9

fref = 2.230Re−0.03351
ref 1 ≥ x

(32)

Inputs Value
Length [m] 0.459
Width [m] 0.111
Plate thickness [m] 0.0004
Plate gap [m] 0.00179
Number of channels [-] 119
Thermal conductivity [W/m K] 15.9
Hydraulic diameter [m] 0.00358

Table 7: IHX data

6.6 Expansion valve

Over the expansion valve constant enthalpy is assumed. The only change is in the pressure
and the resulting temperature.

6.7 Pressure drop in pipelines

Pressure drop in some of the pipes is included. The flow is varied between laminar and
turbulent. To calculate the pressure drop the laminar flow uses the Darcy friction factor,
while turbulent flow uses the Prandtl and von Karman equation [Cengel and Cimbala [2013],
Kast [2010]].

f = 64
Re

Re ≤ 2300
1√
f

= 2 · ln(Re
√
f)− 0.8 Re > 2300

(33)

Depending on the available information about the components two different manners of
calculating the pressure drop is used, shown in equation 34, both being a variation of the
Darcy-Weisbach equation, [Cengel and Cimbala, 2013].
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∆P = ρg∆H [Pa]

∆P = f
L

Dh

ρu2

2 [Pa]
(34)

Only the parts of the pipe network which are expected to have an impact of the performance
are considered. The pressure loss from the IHX to the compressor is important as it changes
the pressure ratio of the compressor. When the pressure ratio changes, so does the efficiency
and the mass flow of butane, which influences the entire cycle. The pressure loss from the
compressor to the gas cooler is also included as it is relatively large. Both of these pressure
drops are in the 20 - 30 kPa range. The pressure loss from the evaporator to the IHX was also
considered, but the pressure loss was found to be small (estimately 5 kPa) and is therefore
not included in the calculation (a table of the pipe components from the evaporator to the
IHX is included in the appendix A.1).

The pressure drop from the gas cooler to the internal heat exchanger and from the internal
heat exchanger to the expansion valve is not considered. This is because the impact of this
pressure is low. The pressure drop itself is low, with also the ratio ∆T

∆P being low.

Beside the straight pipes there are turns, separators, mixer, and valves. The length and
diameter of the components are found from the system schematics used during the design.
In the tables 8 and 9 information about the components in the pipelines is given. Each type
of component has a given characteristic. For pipes inner diameter (Di), for turns the radius
(R) of the turn, for splitters/mixers a variable depending on the radius (ζ) of the pipe, and
for valves (Cv) the flow coefficient.

Component Type Characteristics Length/Amount Comment
Pipes 40A Di 41.2 1858 mm -

65A Di 65.9 3783 mm -
Turns 65A R 95.3 5 -
Splitter/mixer 65A ζ 0.3 1 Mixer
Valves - Cv 74 2 -

Table 8: IHX to compressor pipes

Component Type Characteristics Length/Amount Comment
Pipes 20A Di 21.4 600 mm Half flow rate

32A Di 35.5 2613.5 mm -
40A Di 41.2 785.5 mm -

Turns 20A R 13.5 1 Half flow rate
32A R 47.6 3 -
40A R 57.2 1 -

Splitter/mixer 32A ζ 0.8 1 Splitter
Valves - - None -

Table 9: Compressor to gas cooler pipes
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7 Simulation setup

When running the simulation there are two main parameters which are defined: the super-
heat into the compressor, and the compressor discharge pressure. Once these two parameters
are decided, and a range for the suction pressure is set, the simulation may start. The cycle
is solved by converging the enthalpy after the evaporator (point 6 in figure 29), the enthalpy
difference is changed by varying the suction pressure. The program needs no more input
once the superheat, the discharge pressure and the suction pressure range are set.

Figure 29: Log p-h diagram. Illustrates the cycle.

In figure 29 the pressure loss between the compressor and the gas cooler is exaggerated to
show the various points more clearly.

7.1 Superheat into compressor

It is required that there is no condensation in any of the compression stages. To ensure
this, some superheat is required into the compressor. The suction temperature is varied by
the heat delivered in the evaporator and the internal heat exchanger, to ensure sufficient
superheat the system varies the suction pressure.

Apart from ensuring gas phase during compression, superheat is advantageous to exploit
more of the high quality heat on the high pressure side in the IHX. Depending on the
temperature of the oil in the gas cooler, the superheat is changed. For oil temperature of
80-160°C, 10 K superheat is used, while for 100-180°C, 30 K superheat is used.
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7.2 Compressor discharge pressure

In the gas cooler, it is assumed that the butane entering should at minimum have a 10 K
temperature gap to the desired oil temperature. To heat the oil to 160°C the minimum
discharge temperature is 170°C, and to heat the oil to 180°C the minimum discharge tem-
perature is 190°C. In the simulation this is used to decide the minimum discharge pressure.
If the discharge temperature is too low this is due to the corresponding discharge pressure
being too low. The maximum discharge pressure is found either by assuming that the max-
imum pressure ratio is any compressor stage is below 2, effectively limiting the maximum
pressure ratio to 8. With some input the maximum effective pressure ratio will be lower.
The maximum and minimum discharge pressure decides in what range to test the system.

In practice a receiver is used to vary the discharge pressure. The receiver controls the
amount of fluid in the evaporator and in the gas cooler. The receiver allows part of the
mass flow to go directly from the gas cooler to the evaporator. Additionally the receiver
may store butane if the amount of working fluid in one section needs to be reduced, while
the other is kept constant.

In the actual system the receiver controls the amount of superheat into the compressor.
If the suction superheat is too high the receiver may increase the amount of fluid in the
evaporator. When the amount of fluid is increased the pressure is increased, which increases
the saturation temperature. In the simulation the system is always operated a steady state,
and the receiver does not effect the results.

Figure 30: Principle model of the heat pump cycle with receiver

7.3 Solving procedure

The simulation program can be divided into one inner part and one outer part. The inner
part is the heat pump cycle. It uses the given suction superheat, suction pressure and
discharge pressure to run the heat pump itself. It does not consider the results in any way.
The results are returned to the outer part of the program. The outer part examines the
results and uses the secant method (eq. 36) to vary the suction pressure as needed before
the next iteration of the heat pump cycles starts.
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Figure 31 shows how the heat pump itself runs. The starting point of the cycle is from
point 1L. From here the cycle runs two ways. First the compressor and gas coolers run, and
then there is the IHX. The IHX receives data from point 1 and from point 3, and solves for
point 4 and point 6IHX. From point 4 the cycles moves through the throttling valve and the
evaporator which produces an additional result after the evaporator, point 6evap. All the
results are then returned to the outer function, which evaluates the enthalpy difference of
point 6IHX and 6evap, and finds the suction pressure of the next iteration. The outer function
and the solving procedure is explained in figure 32.

Figure 31: Flow chart of the heat pump cycle
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Figure 32: Flow chart of the simulation program

Given a constant compressor discharge pressure and suction superheat of the compressor
the secant method is used as the root-finding algorithm to find the correct suction pressure.
The secant method is given below in equation 35.

xi = xi−1 − f(xi−1) · xi−1 − xi−2

f(xi−1)− f(xi−2) (35)

In the simulation the enthalpy difference is used to converge the suction pressure which
changes the secant equation to equation 36. The demand of convergence is an enthalpy
difference below 100 J/kg.

psuc,i = psuc,i−1 −∆h6,i−1 ·
psuc,i−1 − psuc,i−2

∆h6,i−1 −∆h6,i−2
(36)

∆h being the absolute enthalpy difference between h6,evap and h6,IHX.

Table 10 shows what each of the components in the heat pump simulation require as input,
and what they produce as output. The points correspond to figure 29.

Component Input Output
Compressor rpm, T1L, P1L, P2 ṁbut, ηcomp, T2, P2
Gas cooler ṁbut, T2L, P2L ṁoil, QGC , T3, P3
IHX ṁbut, T3, P3, h1, P1 QIHX , h6, h4, ∆PHP , ∆PLP
Evaporator ṁbut, h5, P5 ṁwater, Qevap, T6, h6, ∆Pevap

Table 10: Overview of components in the HP simulation
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8 Results

The discharge pressure range for each simulation was found by testing. To find the mini-
mum discharge pressure it was demanded that the discharge temperature had to be above
170°C. This temperature demand was chosen to ensure that there was a sufficiently large
temperature gap between the butane and the oil in the gas cooler to ensure sufficient heat
transfer. It is also kept in mind that the compression ratio of any stage cannot be below
1 as this would imply a significant risk of choke, which may be harmful to the compressor
and stop the cycle.

The theoretical maximum compression ratio of each compressor stage was assumed to be 2,
which implies a total pressure ratio of 8. If the pressure ratio is larger, there is an increased
risk of surging in one of the compression stages. To find the discharge pressure range of
the cycle testing was done by increasing the discharge pressure, choosing a fitting suction
pressure range, and check for convergence. If the result had a discharge temperature below
170°C or a pressure ratio above 8, that result was deemed outside of the working range.

8.1 Effect of changing discharge pressure

The variation of discharge pressure allows for testing the heat pump cycle over a large
range. Both the COP and the amount of heat delivered in the gas cooler is examined. This
simulation is of the basic cycle which the other results are be compared to. The interest of
examining the cycle over a large discharge pressure range, is to find how the performance
of the heat pump cycle varies. This may indicate where the heat pump should be operated,
and for which conditions the heat pump is viable to use. The point of highest COP is of
high interest.

The minimum discharge pressure was found to be 4300 kPa, while the maximum was 6700
kPa. This range is found using the already mentioned minimum discharge temperature of
170°C, and the maximum pressure ratio of 8.

Figure 33: COP and heat delivered at varying discharge pressure
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As seen in figure 33, the COP of the system is consistently above 4 except at the lowest
discharge pressure, while the delivered heat is above 344 kW. This indicates that the system
should be able to deliver the specifications of a COP above 3.5 and delivered heat above
300 kW. The point of highest COP is at 6100 kPa discharge pressure. This point is used
as a reference point when examining other results, precise results of this point is found in
table 11.

Figure 34: Compressor efficiency and butane mass flow at varying discharge pressure

At the lowest discharge pressure (4300 kPa) the pressure ratio is low (see table 11) which
leads to a low compressor efficiency. At low pressure ratio there is a large butane flow rate,
which ensures the delivery of a large amount of heat. The amount of heat delivered at
4300 kPa is slightly lower than the amount at 4600 kPa, this is due to the low discharge
temperature from the compressor, which reduces the heat transfer rate in the gas cooler,
in addition to the peak of the heat capacity being at low temperature at lower gas cooler
pressure.

As the discharge pressure increases so does the compressor efficiency. This may be attributed
back to the typical turbo compressor characteristics of higher efficiency at higher pressure
ratio. As the pressure ratio increases so does the energy required for isenthalpic compression
of butane(see figure 35). Even with the increase in compressor efficiency the increase in the
pressure ratio makes the specific work of the compressor increase. Due to the reduction in
flow rate, the required amount of work is reduced at higher discharge pressure.

The discharge temperature keeps increasing at higher discharge pressure. The necessary
temperature difference in the gas cooler is deemed to be 10 K, at a certain point the increase
in temperature of the butane becomes redundant, as the temperature already is sufficiently
high. At high discharge pressure the increase in discharge temperature is diminishing.
As discussed in the theory chapter; the specific heat capacity is reduced with increasing
pressure, but is shifted towards higher temperature which is beneficial.

Comparing the graph of delivered heat in figure 33 and the butane mass flow rate in figure
34, it is clear that the amount of heat delivered changes very closely to the butane flow rate.
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Tsh, comp [K] 10 10 10
Pdis [kPa] 4300 6100 6700
Psuc [kPa] 839.7 843.3 844.5
Tsuc [°C] 81.62 81.81 81.87
COP [-] 3.987 4.068 4.065
Heat delivered [kW] 359.03 351.72 344.96
Work [kW] 90.04 86.47 84.87
ηcomp [%] 63.38 71.93 74.05
π [-] 5.12 7.23 7.93
Tdis[°C] 170.51 189.88 194.11
ṁbutane [kg/s] 0.948 0.902 0.882
ṁoil [kg/s] 1.959 1.918 1.881
ṁwater [kg/s] 21.373 21.070 20.659
ρbutane, suc [kg/m3] 19.66 19.74 19.77

Table 11: Results from variation in discharge pressure

Figure 35: Comparison of isentropic vs real compressor work, with compressor efficiency.

8.2 Effect of changing suction superheat

In practice the suction superheat will not be constant, it is therefore of interest to see how
the variation in superheat may effect the system. Additionally there may be a temperature
which is more efficient than 10 K. 10 K was chosen to ensure that there is sufficient superheat
through all the compressor stages, this may however be found to be a too high temperature
or too low depending on the requirements of the discharge temperature.

In this simulation the discharge pressure is kept constant at 5700 kPa while the suction
superheat is varied from 5 to 15 K. The minimum suction superheat was set to ensure no
condensation during compression. While the maximum suction superheat is limited by the
suction pressure, as this is reduced to create the superheat.
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Tsh, comp [K] 5 10 15
Pdis [kPa] 5700 5700 5700
Psuc [kPa] 839.2 841.9 753.7
Tsuc [°C] 76.60 81.74 81.95
COP [-] 3.942 4.066 4.076
Heat delivered [kW] 363.05 355.02 285.0
Work [kW] 92.09 87.32 69.93
IHX [kW] 26.10 19.65 4.20
ηcomp [%] 67.54 70.37 76.35
π [-] 6.79 6.77 7.56
Tdis [°C] 184.40 186.51 187.61
ṁbutane [kg/s] 0.968 0.913 0.716
ṁoil [kg/s] 1.980 1.936 1.554
ṁwater [kg/s] 21.521 21.268 17.084
ρbutane, suc [kg/m3] 20.16 19.71 17.23

Table 12: Results when changing compressor suction superheat

It was found that the system was able to run within the range of the superheat, there was
no condensation even 5 K suction superheat.

To vary the suction superheat the simulation converges the suction pressure. As can be seen
in table 12 the suction pressure is reduced significantly to produce 15 K superheat. This
leads to a relatively large pressure ratio which leads to a reduced butane flow rate. The low
saturation temperature and butane flow rate leads to a large amount of superheat being
produced in the evaporator, and the amount of heat delivered in the IHX is reduced. There
is a reduction in the butane flow rate which leads to a drastic reduction in the amount of heat
delivered at 15 K superheat, seen in figure 36b. This is partially due to the reduced butane
density at the compressor inlet. As the pressure ratio increases so does the compressor
efficiency. However, with increasing pressure ratio the isentropic compressor work increases,
and the actual specific work increases.

There is only a minor variation in the COP when changing the suction superheat. Notably
at 5 K there is a drop in the COP. As can be seen in table 12 the compressor efficiency is
the lowest at 5 K superheat, even though the pressure ratio is higher at 5 K superheat than
at 10 K. This shows that not only the pressure ratio effects the compressor efficiency, but
also the amount of suction superheat is an important factor.

It is interesting to note that there is only a minor increase of the discharge temperature
when changing the suction superheat. Even with increased suction superheat the actual
temperature into the compressor is relatively stable. This indicates that suction superheat
along doesn’t decide the discharge temperature, but a combination of several parameters.
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(a) Relative change in COP (b) Relative change in delivered heat

Figure 36: Relative change in performance at 5700 kPa, at varying suction superheat

8.3 Variation of supply water outlet temperature

When running the system the amount of delivered supply water is expected to vary. In
this simulation the effect of the varying the temperature at the outlet of the evaporator
is examined. As the temperature of the outlet water varies the evaporator solves for the
water flow rate, and the two parameters may be correlated. Lower water outlet temperature
means a more efficient usage of the process waste heat, as long as the COP of the heat pump
is maintained.

While keeping the supply water inlet temperature constant at 80°C the outlet temperature
is varied from 72 to 78°C. The suction temperature into the compressor is set to 10 K
superheat. The discharge pressure is constant at to 6100 kPa, the point of highest COP
of the standard cycle. The range 72 to 78°C is where the simulation converged given the
settings. At higher outlet temperature the amount of water needed would be far too large,
and at lower outlet temperature the required pressure ratio would be too large for the
compressor, due to the low evaporation temperature.

As can be seen in table 13, the change in the water temperature has an effect on the butane
suction temperature. As the evaporator temperature is decreased, the heat delivered in
the evaporator is reduced, which leads to a reduced suction temperature. To compensate,
and keep the superheat constant, the suction pressure is reduced. A lower suction pressure
increases the pressure ratio which reduces the mass flow. This leads to a reduction in the
amount of heat delivered compared to the normal cycle. There is about a 2% drop in heat
delivered by each degree of reduction in water outlet temperature. As the temperature is
increased, the reverse happens. The suction pressure is increased and the pressure ratio is
reduced, leading to a larger mass flow of butane, and there is a slight increase in the amount
of heat delivered. This can be seen in figure 38.
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Water outlet pressure 72 78
Tsh, comp [K] 10 10
Pdis [kPa] 6100 6100
Psuc [kPa] 774.92 852.09
Tsuc [kPa] 78.14 82.27
COP [-] 3.991 4.077
Heat delivered [kW] 306.47 357.49
Work [kW] 76.78 87.69
ηcomp [%] 74.38 71.61
π [-] 7.87 7.16
Tdis [°C] 189.07 189.99
ṁbutane [kg/s] 0.793 0.916
ṁoil [kg/s] 1.671 1.950
ṁwater [kg/s] 6.846 32.144

Table 13: Shows results from variation of evaporator water outlet temperature

There is only a small variation in the COP, which is the result of a variation of the pressure
ratio. At lower water temperature the suction pressure is reduced, leading to a larger
pressure ratio and higher efficiency. The specific compressor work increases and the COP is
slight reduced at lower water outlet temperature.

Figure 37: Relative COP at varying water outlet temperature
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Figure 38: Relative heat at varying water outlet temperature

As seen in figure 39, with increasing water outlet temperature there is a steep increase in
the required amount of water. As the water temperature increases, the temperature of the
butane after the evaporator also increases. To keep the superheat at 10 K the saturation
pressure is increased. This reduces the pressure ratio of the compressor, which increases the
butane mass flow rate. As the butane mass flow is increased even more heat is required in
the evaporator, and the amount of water has to further increase. This leads to the water
flow rate to increase disproportionately to the change in water temperature.

Figure 39: Variation of water flow rate when varying water outlet temperature

As with the variation in the suction superheat, there is a minimal change in the discharge
temperature when varying the water temperature. Again suggesting that the discharge
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pressure and the pressure ratio more important for determining the discharge temperature.

8.4 Effect of reducing compressor rpm

The design point of the compressor is at 30 K superheat and a suction pressure of 906.2
kPa. In the current project a suction superheat of 10 K is used, therefore the point of
best compressor performance is going to change. In this simulation 90% rpm of the turbo
compressor is examined to see how the changes in the compressor may effect the cycle, and
if the COP might be improved.

In the simulation the discharge pressure is in the range 4500 to 5200 kPa, the range where
the simulation converges. The demanded discharge temperature is 170°C which limits the
minimum discharge pressure. The maximum pressure ratio of the compressor at 90% rpm is
significantly smaller than while working at 100% rpm, which gives the limit for the maximum
discharge pressure, it varies depending on the input. The point of highest COP is found
at discharge pressure of 4600 kPa, this point along with the highest and lowest discharge
pressure is shown in table 14.

Pdis [kPa] 4500 4600 5200
Psuc [kPa] 876.7 875.3 852.1
COP 4.726 4.731 4.674
Heat delivered [kW] 258.40 255.54 212.76
Work [kW] 54.68 54.01 45.52
ηcomp [%] 76.00 76.66 79.85
π [-] 5.13 5.26 6.10
Tdis [°C] 170.62 171.96 179.15
ṁbutane [kg/s] 0.695 0.685 0.5630
ṁoil [kg/s] 1.410 1.394 1.1603
ṁwater [kg/s] 16.186 16.006 13.290

Table 14: Selected results from variation of discharge pressure at 90% rpm.

Figure 40 and 41 show the trend of the results. It is clear that the COP is much larger
when the compressor is working at 90% rpm than in the standard cycle. The COP is
increased with as much as 16%. The increase in COP mainly comes from the increase in
the compressor efficiency which is at best increased with 11%. The rest of the improvement
comes from the reduction in isentropic compressor work. Since the reference point has a
discharge pressure at 6100 kPa and a pressure ratio of 7.23 the required specific work is
much larger than with a pressure ratio of 5.26 which is required for the discharge pressure of
4600 kPa at 90% rpm. Since the performance of the compressor is improved at significantly
lower pressure ratio, the low isentropic work at lower pressure ratio can be exploited. When
reducing the rpm of the compressor to 90% the amount of friction loss in the compressor can
be reduced by up to 19% [Nishida, 2017], which may account for most of the improvement
in compressor efficiency.

The performance at 90% rpm is improved from 4500 kPa to 4600 kPa discharge pressure.
There is a slight increase in the compressor efficiency, along with an increase in the com-
pressor discharge temperature. A higher discharge temperature, especially when close to
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170°C, is beneficial to the gas cooler performance, along with the higher heat capacity at
high temperatures. When further increasing the discharge pressure, the compressor effi-
ciency keeps increasing, but not sufficiently to compensate for the increase in the required
isentropic work, giving a reduction in COP at higher discharge pressure.

Figure 40: Relative COP with compressor at 90% rpm

Figure 41: Relative delivered heat with compressor at 90% rpm
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Figure 42: Relative compressor efficiency and butane mass flow with compressor at 90%
rpm

The COP of the system is much higher with the compressor running at 90% rpm. Since
the only change is the compressor rpm this clearly has a large effect. At reduced rpm the
characteristics of the compressor changes. The mass flow through the compressor is reduced,
while the efficiency is increased. The maximum pressure ratio is also significantly reduced.
While the efficiency of the compressor is significantly increased, the amount of delivered
heat is significantly reduced, as can be seen in figure 41. Comparing the reduction in heat
to the relative mass flow rate in figure 42 it is clear that most of the reduction comes from
a reduction in the butane mass flow rate. The reduced discharge pressure reduces the heat
capacity at high temperature, and reduces the discharge temperature. Together they further
reduce the amount of heat delivered compared to the reference point.

8.5 Effect of running cycle without internal heat exchanger

The cycle is examined without the IHX to examine its performance. The superheat into
the compressor is kept at 10 K. The discharge pressure is in the range 4300 to 6400, using
the minimum discharge temperature of 170°C and a maximum pressure ratio of 8. In this
simulation the pressure loss in the pipelines from the evaporator to the compressor is ignored.
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Figure 43: Relative COP without IHX

Figure 44: Relative heat delivered without IHX

The superheat into the compressor is fixed to be 10 K. Without the IHX there is no further
heating after the evaporator. Since there is no variation in the temperature of the heating
water in the evaporator there is only a small change in the temperature of the butane into
the compressor. This means that the suction pressure is close to constant even with a large
change in the discharge pressure. The suction pressure has only a variation of ± 0.04 kPa
from 809.3 kPa.

Examining the results in table 15. To ensure the superheat of 10 K, the suction/saturation
pressure is reduced. The low and almost constant suction pressure makes the pressure ratio
increase, close to linearly. At increasing pressure ratio the flow rate of butane is reduced,
this is clearly noticeable in the reduced heat delivered at higher discharge pressure. The
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COP is increasing at higher discharge pressure. At low discharge pressure this is from the
increase in discharge temperature which is required for good performance in the gas cooler,
and the increased heat capacity at higher temperature. At increased pressure ratio the
compressor performance is improved, but the isentropic work increases.

Without the IHX less of the high quality heat on the high pressure side is utilized, and the
throttling loss from the expansion valve is increased. The gas quality into the evaporator is
increased, as can be seen in table 15. While in fluid entering the evaporator in the reference
simulation is liquid. Due to this less heat can be absorbed in the evaporator which has an
effect on the system. Figure 45 shows the change in heat transfer in the heat exchanger in
the standard heat pump cycle with IHX. As can be seen the amount of heat transferred in
the IHX is reducing with increasing discharge pressure, indicating that the effect of the IHX
is decreasing.

There is some reduction in the amount of heat delivered in the system without IHX compared
to the reference simulation. As the discharge pressure increases, the difference becomes more
noticeable. This is from the reduction in butane mass flow with increasing pressure ratio,
due to the low suction pressure.

Figure 45: Heat transferred by IHX at varying discharge pressure
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Pdis [kPa] 4300 5700 6400
Psuc [kPa] 809.3 809.3 809.3
COP 3.961 4.033 4.028
Heat delivered [kW] 341.29 334.28 325.24
Work [kW] 86.179 82.89 80.74
ηcomp [%] 64.61 71.60 74.21
π [-] 5.31 7.04 7.91
Tdis [°C] 170.09 186.12 191.69
Evaporator gas quality [-] 0.1506 0.1213 0.1178
ṁbutane [kg/s] 0.904 0.863 0.836
ṁoil [kg/s] 1.862 1.822 1.773
ṁwater [kg/s] 20.263 19.974 19.429

Table 15: Highest COP result along with highest and lowest discharge pressure, without
IHX.

8.6 Design point

The design point of the heat pump system is to produce oil at 180°C with a discharge
pressure of 5700 kPa. In this simulation the oil temperature goes from 100 to 180°C. The
superheat is at 30 K. The results are shown in table 16.

Oil temperature [°C] 100 - 180
Tsh, comp [K] 30
Pdis [kPa] 5700
Psuc [kPa] 842.2
COP [-] 3.833
Heat delivered [kW] 249.50
Work [kW] 65.09
ηcomp [%] 79.73
π [-] 6.77
Tdis[°C] 196.26
ṁbutane [kg/s] 0.660
ṁoil [kg/s] 1.319
ṁwater [kg/s] 14.643
ρbutane, suc [kg/m3] 18.00

Table 16: Results from simulation at the design point

At the design point the cycle is able to produce heat at a COP above 3.8 which satisfies the
goal of the system. Considering the high temperature and the large temperature lift in the
system this is very promising. The delivered amount of heat however is at 249.5 kW which
is significantly below the goal of 300 kW. The discharge temperature is sufficiently high. As
seen in earlier results it’s beneficial to have a discharge temperature more than 10 K above
the required temperature in the gas cooler. This shows that the system is able to produce
heat at such high temperatures.
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Again the performance of the compressor changes when changing the suction superheat.
The compressor efficiency is very good at 79.73%, but the butane mass flow is lacking. Due
to the low mass flow the amount of heat delivered in the gas cooler is reduced. The butane
mass flow is reduced by 26.9%, part of this reduction is due to reduced butane density
at the compressor inlet, which is reduced by 8.6%. The rest of the difference is due to
changes in the compressor performance. The reduction in COP at the design point is due
to the relatively large isentropic work at high suction temperature, even with a very high
compressor efficiency.

Compared to the simulation where 15 K superheat was tested here the compressor suction
pressure is higher. At 15 K superheat the suction pressure had to be reduced to increase
the superheat. While at design point and 30 K superheat the gas cooler outlet temperature
is higher, and therefore more heat is delivered in the gas cooler, increasing the suction
temperature, which allows the suction pressure to remain relatively high. In this simulation
the amount of heat transferred in the IHX is 32.4 kW, which is high compared to most of
the other simulations.

Figure 46 shows the ts diagram of the heat pump working at design point, using results
found by the simulation. It can be seen that the IHX performs well, and increases the
suction temperature significantly.

Figure 46: Ts diagram of the cycle at design point

8.7 Component Results

8.7.1 Compressor results

The compressor is tested at both 90% and 100% rpm. Table 17 shows the input used and
some of the results.
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Suction pressure [kPa] 852.1
Suction temperature [°C] 82.26
Suction superheat [K] 10
Discharge pressure [kPa] 4800
π [-] 5.63
Discharge temperature 100% rpm [°C] 179.37
Discharge temperature 90% rpm [°C] 174.34
ηcomp 100% rpm [%] 68.29
ηcomp 90% rpm [%] 78.59

Table 17: Input and result running compressor at 90% and 100% rpm

(a) Compressor efficiency vs mass flow (b) Compressor pressure ratio vs mass flow

Figure 47: Compressor results at 100% rpm

(a) Compressor efficiency vs mass flow (b) Compressor pressure ratio vs mass flow

Figure 48: Compressor results at 90% rpm

The performance of the compressor is influenced by the suction temperature, suction pres-
sure, discharge pressure and rpm. The suction temperature, suction pressure and the rpm
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decides the shape of the curves as seen in figure 47 and 48. The discharge pressure/pressure
ratio decides which point along the curve serves as a solution.

In figure 47 and 48 efficiency, pressure ratio and mass flow can be correlated together. As
the required pressure ratio increases the mass flow is reduced, at the same time the efficiency
is increased.

Comparing the results in figure 47 and 48 there are some clear differences between the
performance at 90% and 100% rpm. The maximum pressure ratio when working at 90%
rpm is much lower than when working at 100%. This limits the maximum discharge pressure
and the potential discharge temperature, which limits the potential temperature of the heat
pump cycle. The butane mass flow rate is also much lower at 90% rpm. The efficiency
however is increased. The performance at both 100% rpm has a small range of mass flow
variation, as the viable pressure ratio range covers a relatively small area.

8.7.2 Evaporator

Table 18 shows the input used to test the evaporator.

Water temperature [°C] 80-77
Butane inlet temperature [°C] 75.39
Butane inlet pressure [kPa] 914
ṁbutane [kg/s] 0.902
ṁwater [kg/s] 21.079

Table 18: Shows input used to run evaporator

Figure 49 shows the temperature distribution in the evaporator of both the butane and
water side. The water temperature is set to be 80°C at the inlet, and 77°C at the outlet,
the water flow rate is then varied to ensure the water temperature at the outlet. For the
evaporator to be able to converge there has to be some minimum temperature difference
between the butane and the water, due to this the butane inlet pressure rarely exceeds 920
kPa.

57



Figure 49: Temperature distribution in evaporator

There is a small pressure loss in the evaporator on both the water and the butane side(shown
in figure 51). As the pressure is reduced on the butane side, the saturation temperature of
the butane is also reduced. Because of this there is a slight reduction in the temperature
of the butane, even with increasing enthalpy. In figure 49 the heat given from the water is
used mainly as latent heat for the butane, increasing the gas quality. Finally in the last heat
exchanger element the butane becomes single phase gas, and the heat is used to increase
temperature. The temperature pinchpoint is at the water outlet and butane inlet side.

Figure 50: Heat transfer coefficient of butane at varying gas quality and mass flux

Figure 50 shows the butane heat transfer coefficient depending on gas quality, with different
mass flux. In the evaporator the forced convection term is the dominant part of the heat
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transfer. When the mass flux is increased the Reynolds number increases meaning more
turbulent flow, and increased forced convection. When the gas quality is increased the
viscosity of the butane is reduced, also increasing the Reynolds number and the heat transfer
coefficient. Finally when nearing single phase gas, the dryout of the evaporator reduces the
heat transfer coefficient. Figure 52 shows the heat transfer coefficient as found by Mayekawa
using the Alfa Laval simulation tool. The results correspond well to the results found with
the simulation tool. The same trend can be seen in the pressure drop of the evaporator in
figure 51. Here the pressure drop in each element of the evaporator is increasing, until there
is dryout.

Figure 51: Butane pressure drop in evaporator

Figure 52: Heat transfer coefficient as found by Mayekawa
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8.7.3 Gas cooler

The gas cooler is tested at oil temperature at 80-160°C and 100-180°C. Table 19 and 20
shows the input used and some of the results when testing the gas cooler in the simulation.

Oil temperature [°C] 80-160
Butane inlet temperature [°C] 189.86
Butane inlet pressure [kPa] 6097
ṁbutane [kg/s] 0.902
ṁoil [kg/s] 1.917
Heat transfer [kW] 351.52

Table 19: Shows input and results from gas cooler while heating oil at 80-160°C

Figure 53: Temperature distribution in gas cooler. Heating oil at 80 to 160°C.
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Figure 54: Heat capacity of butane. Heating oil at 80 to 160°C.

The pseudo-critical point of 6097 kPa is 182.2°C. The specific heat capacity drops sharply
in the first heat exchanger elements as shown in figure 54. Meaning that there is a large
heat transfer potential at the highest temperature. In this result only part of the high heat
capacity at high temperature can be utilized, and it may be beneficial to either reduce the
gas cooler pressure, or increase the inlet temperature, to be able to utilize the potential of
the heat capacity better.

Oil temperature [°C] 100-180
Butane inlet temperature [°C] 196.25
Butane inlet pressure [kPa] 5697.9
ṁbutane [kg/s] 0.660
ṁoil [kg/s] 1.319
Heat transfer [kW] 249.51

Table 20: Shows input and results when testing gas cooler while heating oil at 100-180°C
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Figure 55: Temperature distribution in gas cooler. Heating oil at 100 to 180°C.

Figure 56: Heat capacity of butane in gas cooler. Heating oil at 100 to 180°C.

At 5697.9 kPa the pseudo-critical temperature is 177.7°C. Here the butane inlet temperature
is increased compared to the result in figure 53. With an increased butane inlet temperature
more of the high heat capacity at high temperature is utilized. Also here the heat capacity
is large around high temperature, and the oil can be heated to a high temperature with
almost constant temperature difference between the butane and the oil.

As can be seen in both figure 53 and 55, the pinchpoint is at one of the ends of the heat
exchanger. The amount of oil mass flow is a free variable in the simulation. This leads to
that the amount of oil mass flow is linearly correlated to the amount of heat delivered in
the gas cooler.
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8.7.4 IHX

Table 21 shows the input used to test the IHX, with some of results.

HP inlet temperature [°C] 83.66
LP inlet temperature [°C] 75.17
HP inlet pressure [kPa] 6067.2
LP inlet pressure [kPa] 905.14
ṁbutane [kg/s] 0.902
Heat transfer [kW] 15.54
Pressure loss LP side [kPa] 27.84

Table 21: Input used to test internal heat exchanger with some results

Figure 57: Temperature distribution in IHX

The temperature difference of the HP side and the LP side is almost uniform. While
the temperature difference is small, the transfer of heat is effective and performed. The
heat received in the IHX increases the suction temperature, ensuring that the saturation
temperature can be kept high while still maintaining the suction superheat. This comes
at the small cost of the pressure loss on the LP side, as shown in table 21. The pressure
loss is very small compared to the otherwise required drop in pressure to ensure sufficient
suction superheat. This means that the IHX may improve the compressor performance
significantly.
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9 Ejector

An ejector may improve the performance of a heat pump system by utilizing the expansion
loss to increase the compressor suction pressure. The simulation was adapted to examine the
potential of an ejector. Beside exchanging the throttling valve with an ejector, a separator
is added to the system. The separator ensures that the fluid entering the compressor is in
gas state, while the fluid entering the evaporator is in liquid state. The system simulated is
as shown in figure 58. The goal of the simulated is to give an impression of the COP of the
ejector system, and to examine whether an ejector is a viable addition to the system.

The ejector has a variable nozzle area. Meaning that the nozzle area can be changed freely
within a range, this makes it possible for the user to define the nozzle outlet pressure. In
the simulation the mixer area is also freely variable, in each simulation the mixer area is
converged. The results may then be examined and a suggestion can be made regarding the
actual fixed mixer area.

Figure 58: Principle model of the heat pump cycle with ejector

In the ejector system the compressor suction pressure is increased. As seen in previous
results the compressor had a good performance at low pressure ratio when running at 90%
rpm. Due to this, the rpm is at 90% in the ejector simulation. In this simulation the
superheat is left as a free parameter. To have an advantage of the ejector the compressor
suction pressure has to be variable. This is handled by using the separator to ensure that
100% saturated gas enters the IHX, while the IHX produces superheat before the butane
enters the compressor. In the ejector cycle the pipe pressure loss is not included. There is
no consideration of the performance of the separator, the system is only examined at steady
state. Figure 59 shows an example of the log p-H diagram of the ejector cycle.

64



Figure 59: Log p-H diagram of ejector heat pump simulation

9.1 Simulation models

Figure 60: Illustration of ejector

Figure 60 shows the various ejector sections with point corresponding to the simulation as
shown in figure 59. In the ejector there are four sections: nozzle, suction, mixer and diffuser.
Each section has its own efficiency which describes how much energy of the fluid is conserved
during flow through the section, shown in table 21. Table 22 shows the required input and
produced output from each of the standard heat pump components.
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Component Input Output
Compressor π, rpm, T1, P1 ṁbut, ηcomp, T2, P2
Gas cooler ṁbut, T2, P2 ṁoil, QGC , T3, P3
IHX ṁbut, T3, P3, h7, P7 QIHX , h1, h4, ∆PHP , ∆PLP
Evaporator ṁbut, h9, P9 ṁwater, Qevap, T10, h10, ∆Pevap

Table 22: Overview of components in the ejector simulation

Component Efficiency
Nozzle 0.85
Suction 0.85
Mixer 1
Diffuser 0.85

Table 23: Ejector efficiencies

The efficiency of the ejector sections is chosen quite freely. The study of the ejector is at this
point theoretical. As discussed in the chapter 3.4.2, [Liu and Groll, 2013] presented several
results regarding the efficiency of the sections in the ejector, as seen in figure 21, none of the
systems used butane. Having 100% efficiency in the mixer highly simplifies the calculation
as this allows for using momentum conservation across the section. The efficiencies in the
equations below are defined as in [Liu and Groll, 2013]. The basis of several of the equations
is shown in appendix A.4.

9.1.1 Nozzle

The adiabatic nozzle outlet enthalpy is found assuming constant entropy across the nozzle
and the given outlet pressure. The outlet enthalpy is found using the efficiency of the nozzle.
The nozzle outlet velocity is found using energy conservation, and the assumption that the
nozzle inlet speed is 0 m/s.

h′5 = h(P5, s5) (37)

h5 = h4 − ηnoz · (h4 − h′5) (38)

u5 = (2 · (h4 − h5))0.5 (39)

Since the ejector is assumed to have a variable nozzle, it is possible to change the nozzle
outlet pressure, the nozzle area is then found by conversion. The nozzle outlet diameter is
set to converge in the range 0.0006 to 0.01 m. Conversion is done with the secant method.
The conversion is done by ensuring that the mass flow in and out of the nozzle is the same.
The density is decided from the enthalpy and pressure at the nozzle outlet.

ρ5 = ρ(P5, h5) (40)
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ṁnoz = ρ5 · A5 · u5 (41)

9.1.2 Suction

The suction area is defined as the area of the mixer minus the area of the nozzle outlet.

A11 = A6 − A5 (42)

The pressure out of the suction section is the same as the outlet pressure of the nozzle,
which is defined by the user.

P11 = P5 (43)

Assuming constant entropy across the suction section the ideal outlet enthalpy is found.
The efficiency of the suction section is used to find the real outlet enthalpy.

h′11 = h(P11, s11) (44)

h11 = h10 − ηsuc · (h10 − h′11) (45)

Finally conservation of energy is used to find the outlet velocity, with the assumption of a
inlet velocity into the suction of 0 m/s.

u11 = (2 · (h10 − h11))0.5 (46)

The density is calculated from the enthalpy and pressure. Then the mass flow is found.

ρ11 = ρ(P11, h11) (47)

ṁsuc = ρ11 · A11 · u11 (48)

9.1.3 Mixer

The mixer area is assumed initially, and is solved for in subsequent iterations. The mixer
outlet pressure is found by converging the density at the mixer outlet. The mixer outlet
pressure is converged in the range 840 kPa to 1050 kPa. The outlet velocity is found using
momentum conservation(eq. 49) and the enthalpy is found by energy conservation(eq. 50).

u6 = P5 · Amix + ṁnoz · u5 + ṁsuc · u11 − P6 · Amix
ṁnoz + ṁsuc

(49)
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h6 =
ṁnoz ·

(
u2

5
2 + h5

)
+ ṁsuc ·

(
u2

11
2 + h11

)
ṁnoz + ṁsuc

− u2
6

2 (50)

The density is calculated from the mass conservation (eq. 51) and by using the pressure and
enthalpy (eq. 52). P6 is then varied such that both densities match. With the subscript alt
meaning alternative.

ρ6 = ṁnoz + ṁsuc

Amix · u6
(51)

ρ6,alt = ρ(P6, h6) (52)

9.1.4 Diffuser

Diffuser outlet pressure is converged in the range 850 kPa to 1200 kPa. Over the diffuser
the enthalpy is used to converge the pressure. The ideal outlet enthalpy is found assuming
constant entropy, which is then used to find the real outlet enthalpy. The real outlet enthalpy
is also found using energy conversion, knowing the velocity and enthalpy at the diffuser inlet.
The velocity at the diffuser outlet is assumed to be almost 0.

h′12 = h(P12, s12) (53)

h12 = h6 + h′12 − h6

ηdiff
(54)

h12,alt = h6 + u2
6

2 −
u2

12
2 (55)

Finally the gas quality along with the gas and liquid mass flow out of the ejector is calculated.

x12 = x(P12, h12) (56)

ṁg = (ṁnoz + ṁsuc) · x12

ṁl =(ṁnoz + ṁsuc) · (1− x12)
(57)

9.2 Solving procedure

The oil temperature in the gas cooler is 80 to 160°C. The supply water in the evaporator
enters at 80°C and leaves at 77°C. The pressure loss in the pipes between each component
is ignored. The input required from the user is ejector nozzle outlet pressure, evaporation
pressure and compressor discharge pressure. In addition several assumptions are used to
run the initial cycle, these are shown in table 24.
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Assumption Value
Compressor suction superheat (T1) 5 K
Compressor suction pressure (P1) 1000 kPa
IHX inlet pressure (P7) 1000 kPa
Evaporator outlet superheat (T10) 5 K
Evaporator outlet pressure (P10) 900 kPa

Table 24: Initial assumptions to run the ejector simulation

After running the cycle with initial guesses the system continues using the results from the
previous cycle. Each time the system runs consequently it uses the results from the previous
cycle. In the simulation the heat pump cycle runs five times after the initial cycle, with
each cycle improving the convergence. After completing the fifth iteration the system stops
and the results may be examined by the user to ensure that there is convergence.

Figure 61: Flowchart of the entire ejector simulation
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Figure 62: Flowchart of how the ejector converges mixer area

When running the ejector system it is difficult to ensure convergence. The viable discharge
pressure, evaporator pressure and nozzle outlet pressure all depend on each. While at the
same time the range of convergence of the nozzle outlet area and mixer and diffuser pressure
has to be chosen. Table 25 shows the necessary input and produced output of each of the
ejector sections.

Component Input Output

Nozzle
(4 →5)

T4, P4, ṁnoz
P5

Nozzle efficiency

Nozzle outlet area
h5, u5

Suction
(10 →11)

h10, P10
P11/P5

Suction efficiency

Suction area
ṁsuc

h11, u11
Mixer
(5, 11 →6)

P5/P11, h5, h11, u5, u11
Mixer efficiency

Mixer outlet area
h6, P6, u6

Diffuser
(6 →12)

Mixer flow rate
h6, P6, u6

Diffuser efficiency

Diffuser outlet area
ṁg, ṁl
h12, P12

Table 25: Description of ejector components in simulation
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9.3 Results

Psuc, comp [kPa] 4500 5000 5500 5700 6100
Pevap [kPa] 925 900 925 900 900
Pnoz, out [kPa] 850 800 800 800 800
Psuc, ejector [kPa] 995.3 982.5 1017.9 1023.5 1010
COP [-] 4.718 4.736 4.735 4.735 4.730
Heat delivered [kW] 333.77 325.93 345.18 347.24 333.51
Work [kW] 70.74 68.82 72.90 73.34 70.51
ηcomp [%] 68.82 72.00 72.44 74.26 75.40
π [-] 4.52 5.09 5.40 5.57 6.04
Tdis [°C] 170.14 176.05 181.014 182.73 185.81
Tsh, comp [K] 5.95 5.17 3.75 3.68 3.54
ṁgas [kg/s] 0.919 0.892 0.947 0.906 0.912
ṁliquid [kg/s] 0.915 0.885 0.939 0.878 0.904
ṁoil [kg/s] 1.821 1.778 1.883 1.807 1.819
ṁwater [kg/s] 17.056 21.260 17.593 21.419 21.473
Anoz [m2] 0.0000433 0.0000446 0.0000468 0.0000461 0.0000401
Asuc [m2] 0.0006085 0.0005088 0.0005033 0.0005077 0.0005274
Amix [m2] 0.0006518 0.0005535 0.0005500 0.0005538 0.0005674
Adiff [m2] 0.0038543 0.0037701 0.0038709 0.0038727 0.0037503

Table 26: Ejector simulation results

In figure 63 the ejector results are compared to the results from the normal system heating
oil at 80-160°C, with a discharge pressure of 6100 kPa. This point had the highest COP
when examining variation in discharge pressure, with a COP of 4.0677 and a delivered
amount of heat of 351.72 kW.

(a) Ejector system relative COP (b) Ejector system relative heat delivered

Figure 63: Relative ejector results

From figure 63 it can be seen that the COP of the system is improved by 16% when employing
an ejector. The improved COP is a result of the increased compressor efficiency, along with
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a lower pressure ratio due to the increased compressor suction pressure. The compressor is
working at 90% which is beneficial at lower pressure ratio, as seen in previous results. In
additionally the ejector system is able to maintain a high amount of heat delivered while
working at high discharge pressure compared to the standard cycle when working at 90%
rpm.

Compared to the normal heat pump system at 100% rpm there is some reduction in the
amount of gas through the compressor and there is a slight reduction in the discharge
temperature of the compressor, as can be seen in table 26. The reduction of temperature
stems mainly from the reduced pressure ratio, due to the increased compressor suction
pressure which the ejector facilitates. As seen in other results, also here the discharge
temperature is increased when the pressure ratio increases. The reduced butane flow rate
is mainly due to the change in performance of the compressor at lower rpm, but is still
acceptable.

The evaporator and nozzle outlet pressure also effect the results. To be able to achieve a
water temperature of 77°C at the evaporator outlet the water flow rate is regulated. With
increased evaporator pressure (which is defined by the user) the difference between the
saturation temperature of the butane and the water temperature is reduced. This reduces
the heat transfer, and the evaporator conforms by reducing the water flow rate. Alternatively
a reduction in the evaporator pressure reduces the diffuser outlet pressure, which leads to
an increased pressure ratio and a reduced amount of gas flow rate. Increased evaporation
pressure seems to be beneficial as the system is able to deliver more heat, while using a
lower amount of supply water. The nozzle outlet pressure has a much smaller impact on
the result, it tweaks some values, but has no large impact on the performance. Variation of
the nozzle outlet pressure may however be necessary to make the simulation to converge.

The compressor suction superheat is freely variable in the ejector simulation, as can be
seen from the results in table 26 the superheat varies from 5.95 K to 3.54 K. The variation
in superheat has an impact on the compressor performance. When varying the superheat
in the normal system it has a direct impact on the compressor suction pressure, in the
ejector simulation however the pressure is decided by the ejector. In the ejector system the
compressor suction superheat is decreased as the discharge pressure increases. This is due
to the increase in heat at high temperature, the larger amount of heat allows the gas cooler
to increase the amount of oil. The increased amount of oil also requires more heating at
low temperatures, and the butane temperature out of the gas cooler is thereby reduced, and
the available heat at the HP side in the IHX is reduced. In the simulations done there has
been sufficient compressor suction superheat to ensure that there is no condensation in any
of the compressor stages. If the discharge pressure is increased further it may be the case
that the compressor suction temperature becomes too low.

Depending on which parameter is prioritized the ideal compressor discharge, evaporator
and nozzle outlet pressure varies. The COP is stable over all the results with only minor
change, there is however some change in the amount of heat delivered in the gas cooler.
In addition a high discharge temperature is beneficial as it may allow for a large range of
oil temperature. The results may suggest that the mixer area should be somewhere in the
range 0.00055 to 0.00057 m2.

An ejector seems like a viable solution as it increases the COP of the system with 16% while
still being able to maintain a high amount of delivered heat. It should however be further
investigated how the ejector system performs at delivering higher discharge temperature. If
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the oil inlet temperature is increased the temperature of the butane on the HP side of the
IHX increases. This may significantly increase the heat delivered in the IHX and thereby
increase the compressor suction superheat. The increase in superheat does not linearly
increase the discharge temperature, but a sufficiently large increase in the suction superheat
will lead to some increase in the discharge temperature. The ejector system is only tested
with a oil temperature of 80 - 160°C. If the oil temperature is increased to 100-180°C then
perhaps the increase of temperature in the IHX would be enough to produce sufficiently
high discharge temperature.

Additional ejector results with a nozzle outlet pressure of 850 kPa are supplied in the
appendix in table 32.
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10 Sources of error

The limitations regarding the validity of the results and assumptions should be addressed.
The simulation is created using correlations and efficiencies gathered from research literature
and manufactures. The assumptions used are made in dialog with experienced engineers,
who have knowledge of the system simulated. The simulation gives reasonable estimations
of performance and feasibility of the system. The error margins should be within reasonable
limits.

There are several simplifications and assumptions which reduce the accuracy of the results,
two are noted:

• The Compal software calculation used to create the compressor correlations does not
include the machine loss, such as the windage loss in the compressor motor.

• There is no consideration of the heat loss from the system. At the high temperatures
used the dissipation of heat may be large.

Both of these will reduce the overall performance of the system.
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11 Discussion

Simulation 100% rpm 90% rpm Ejector No IHX Design
Pdis [kPa] 6100 4600 5000 5700 5700
Psuc, comp [kPa] 843.3 875.3 982.5 809.3 842.2
COP [-] 4.068 4.731 4.736 4.033 3.833
Heat delivered [kW] 351.72 255.54 325.93 334.28 249.50
Work [kW] 86.47 54.01 68.82 82.89 65.09
ηcomp [%] 71.93 76.66 72.00 71.60 79.73
π [-] 7.23 5.25 5.09 7.04 6.77
Tdis [°C] 189.88 171.96 176.05 186.12 196.26
Tsh, comp [K] 10 10 5.17 10 30
ṁbutane [kg/s] 0.902 0.685 0.892(ṁg)/0.885(ṁl) 0.863 0.660
ṁoil [kg/s] 1.918 1.394 1.778 1.822 1.3185
ṁwater [kg/s] 21.070 16.006 21.260 19.974 14.643
ρsuc, butane [kg/m3] 19.74 20.50 24.38 18.94 18.00

Table 27: Shows point of highest COP for various simulations

Summary of results:

• All the simulations aimed at oil heating in the temperature range 80-160°C, are able
to do so with a COP above 3.5.

• The highest COP at 4.7 and highest compressor efficiency, with 10 K suction superheat,
is achieved when the compressor works at 90% rpm. However, without an ejector the
amount of heat delivered is reduced significantly, additionally the pressure ratio is
limited which effectively limits the discharge temperature. The increased efficiency is
mainly from a large reduction in friction loss in the compressor.

• The ejector system is able to work at a COP of 4.7, while at the same time deliver
a large amount of heat, and has a large range of viable discharge pressure. However
there is a reduction in the compressor discharge temperature compared to the standard
cycle, due to the reduced pressure ratio.

• The system allows for a large variation in the amount of water delivered. Seemingly
being able to handle a water flow rate between 7 kg/s and 32 kg/s, while working at
a COP above 3.5 and deliver more than 300 kW of heat.

• With increased compressor suction temperature the compressor performance is im-
proved, but the butane mass flow is reduced, partially due to reduced butane density.

• When working with oil temperature of 100 to 180°C, the system is able to heat the
oil at a COP of 3.8, but the amount of heat delivered is reduced below 300 kW. The
reduction is mainly due to the reduced butane flow rate from the increased suction
superheat temperature. The density of butane is reduced, as well as the volumetric
capacity of the compressor.

• For a given evaporation temperature the pressure ratio and the discharge pressure is
more important than the suction temperature in determining the compressor discharge
temperature.
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• At the design point the highest compressor efficiency is achieved, suggesting that
increased suction superheat is advantageous for the compressor performance.

Overall the system is performing well compared to the goal of the project. Within each
individual simulation the COP and the amount of heat produced is very stable. This is in
part due to the relatively large heat exchangers which are aimed at a high temperature.

The compressor should be specifically designed for the pressure ratio which is wanted. There
is a large change in performance depending upon the pressure ratio and the suction tem-
perature. It is found that the heat pump is most efficient when the compressor is working
at 90% rpm, with a suction superheat of 10 K. This is most likely due to the narrow design
range of turbo compressors. If the turbo compressor had been specifically designed for the
80°C to 160°C range, it would most likely have the highest efficiency at 100% rpm. Kaida
et al. [2015] found for the SGH165, that the greatest heat pump performance was when
working on 60-80% of the possible steam generation rate. In that work however a screw
compressor was utilized, while in this thesis a turbo compressor is used. When using the
system there has to be a compromise regarding the efficiency of the cycle, amount of heat
delivered, and the temperature level of the oil, which was also found by Kaida et al. [2015].

It will be of interest to examine the ejector system at higher oil temperatures. At higher
gas cooler outlet temperature, the potential of the ejector increases, due to the potential
increase in the throttling loss at higher temperature. It is clear that the IHX already is
doing a large part in using the high quality heat after the gas cooler. The current ejector
results are all very stable. If a given mixer area is chosen this is going to change, the system
will have a more distinct performance curve. [Sarkar et al., 2007] found that there was an
ideal gas cooler pressure for a given transcritical system. Attempts can be made to find the
ideal gas cooler pressure with an ejector with a fixed mixer area.

Previous reports Simulation
System HeatBooster SGH165 Mayekawa pentane Standard Design Ejector
COP [-] 3 2.5 3 4 3.8 4.7
Tsink [°C] 150 165 150 160 180 160
Tsource [°C] 90 70 80 80 80 80

Table 28: Compares results from the simulations done with previous results

Table 28 presents the temperature levels and COP achieved by the systems presented in
chapter 2.3 and the simulations. It should be kept in mind that the simulation results are
theoretical. The previous examined systems are subcritical, they deliver heat at constant
temperature. This is advantageous when the heat sink is constant temperature process,
such as water evaporation. A transcritical system is more efficient when delivering heat to
a variable temperature heat sink. The theoretical efficiency of the simulation exceeds the
performance of the previous systems on all fronts. However, if used for steam production
at constant high temperature the efficiency could be reduced depending on the evaporation
temperature of the water/steam. There is not a large amount of scientific data to compare
this work to, as butane is not a commonly used working fluid in general heat pump systems.
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12 Conclusion and suggestions for further work

Development of new technology is necessary to reduce the environmental impact of high
temperature heat production. Efficient and economically viable options are required. In
this thesis it is found that a high temperature transcritical heat pump is a viable option
for heating high temperature oil. The utilization of waste heat in the process makes the
solution more relevant. Butane is presented as a viable working fluid for such a transcritical
system, being able to ensure a large heat capacity, as well as an environmentally friendly
system.

It is found that the system is able to achieve the goal of delivering above 300 kW of heat
when heating oil from 80 to 160 °C, while working at a COP of 4. The system is able to
perform in a large range of conditions such as: reduced supply water flow rate, variation of
suction superheat in a large range and variation of discharge pressure in the transcritical
area.

The addition of an ejector is examined and seems promising, it enables the system to produce
the highest COP, while at the same time maintaining a larger flexibility and delivered
amount of heat. With the ejector a theoretical COP of 4.7 is achieved. The system is most
efficiency with the compressor working at 90% rpm, due to a reduction in the compressor
friction loss. It is important to note that the design specification is heating oil from 100°C
to 180°C, and therefore when heating at 80°C to 160 °C the compressor is more efficient
at reduced rpm, and the heat exchangers are relatively large. Due to the narrow efficiency
range of turbo compressors it is important to design them for the appropriate conditions.

The compressor discharge pressure and pressure ratio is found to be the most important
parameters in delivering sufficiently high temperature. When increasing discharge pressure,
not only is the discharge temperature increased, but the heat capacity is shifted towards
higher temperatures, which further increases the potential at high pressure.

The heat loss from the system and some of the compressor losses are not included in the
simulation. To confirm the performance these losses need to be examined in practical tests
of the system.

12.1 Suggestions for further work

Based on the work completed in this thesis, the following is suggested as further work:

• Compare the simulation results with the test results which will be produced by
Mayekawa.

• Evaluate heat loss from cycle.

• Evaluate reduction in the compressor efficiency due to friction.

• Examine the performance of the system using water/steam as the heat sink in the gas
cooler.

• Examine the ejector system with oil temperature of 100-180°C in the gas cooler.
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A Appendix

A.1 Pressure drop from evaporator to IHX

Information about the pipes between the evaporator and the IHX. The data is not included
in simulation as the pressure loss was found to be low.

Component Type Characteristics Length/Amount Comment
Pipes 32A Di 35.5 919.9 Half flow rate

65A Di 65.9 1489 -
Turns 32A R 47.6 3 Half flow rate

65A R 95.3 2 -
Splitter/mixer 65A ζ 0.75 1 Splitter
Valves - - - -

Table 29: Evaporator to IHX pipes

A.2 Compressor maximum flow rate at 90 and 100% rpm

The maximum mass flow depends on the compressor suction superheat, and the suction
pressure.

5 K 10 K 30 K 50 K
1.249 kPa 1.65 1.568 1.30 1.092
0.9062 kPa 1.128 1.077 0.906 0.77
0.6382 kPa 0.76 0.728 0.621 0.534

Table 30: Compressor maximum flow rate at 100% rpm

3 K 5 K 10 K 30 K 50 K
1.249 kPa 1.353 1.319 1.241 0.98 0.777
0.9062 kPa 0.906 0.8856 0.837 0.674 0.545
0.6382 kPa 0.6282 0.578 0.5496 0.451 0.372

Table 31: Compressor maximum flow rate at 90% rpm
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A.3 Ejector results

Pdis [kPa] 4500 5000 5500
Pevap [kPa] 925 900 925
Pnoz, out [kPa] 850 850 850
Psuc, ejector [kPa] 995.3 975.5 1017
COP [-] 4.7181 4.7357 4.7339
Heat delivered [kW] 333.77 321.45 344.55
Work [kW] 70.74 67.88 72.78
ηcomp [%] 68.82 72.39 72.49
pi [-] 4.52 5.13 5.41
Tdis [°C] 170.14 176.06 181.02
Tsh, comp [K] 5.95 5.36 3.79
ṁgas [kg/s] 0.919 0.879 0.945
ṁliquid [kg/s] 0.915 0.877 0.937
ṁoil [kg/s] 1.821 1.754 1.880
ṁwater [kg/s] 17.056 21.024 17.558
Anoz [m2] 0.00004329 0.00003422 0.00003737
Asuc [m2] 0.00060855 0.00070998 0.00063525
Amix [m2] 0.00065184 0.00074420 0.00067261
Adiff [m2] 0.00385434 0.00376307 0.00386867

Table 32: Shows additional ejector results, nozzle outlet pressure of 850 kPa

A.4 Ejector equations

Equations found in [Liu and Groll, 2013].

A.4.1 Nozzle equations

ηnoz = h4 − h5

h4 − h′5
(58)

h4 + u2
4

2 = h5 + u2
5

2 (59)

A.4.2 Suction equations

ηnoz = h10 − h11

h10 − h′11
(60)

h10 + u2
10
2 = h11 + u2

11
2 (61)
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A.4.3 Mixer equations

P6 · Amix + (ṁnoz + ṁsuc) · u6 = P5 · Amix + (ṁnoz · u5 + ṁsuc · u11)ηmix (62)

ηmix is the efficiency of the mixer, which is assumed to be 1.

(ṁnoz + ṁsuc)(h6 + u2
6

2 ) = ṁnoz(h5 + u2
5

2 ) + ṁsuc(h11 + u2
11
2 ) (63)

A.4.4 Diffuser equations

ηdiff = h6 − h12

h6 − h′12
(64)

h6 + u2
6

2 = h12 + u2
12
2 (65)
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A.5 Oil properties

Oil properties received from Mayekawa.

Figure 64: Properties of the heat medium oil used
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