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Abstract

The main purpose of this Master’s Thesis has been to analyze the systems for thermal

energy supply at the ZEB Living Lab, at NTNU, Trondheim. The 102 m2 single-family

house is designed and built in accordance with the Norwegian passive house standard,

as a Zero Emission Building. Efficient utilization of on-site renewable heat sources,

such as ground and solar heat, are thus essential means to reach this ambitious goal.

The thermal energy supply system comprises a 3.2 kW ground-source heat pump unit,

4.2 m2 of south façade-mounted solar panels, a 400 l integrated water tank, including

two 3.0 kW back-up heaters, and an hydronic heat distribution system. A combination

of theoretical and experimental approaches have been applied in the analyze. Thermal

energy and power demands from SIMIEN simulations, resulted in a heat pump power

coverage factor of 54 %, at 0/35 °C. Energy coverage factors were 70 % and 85 %, with

and without DHW heat supply. Corresponding SPF values were 2.56 and 3.52. Polysun

simulations of the solar thermal system gave an annual solar fraction of 0.37, and a

value of 0.6 for DHW heating during the summertime.

Results and observations from measurements have revealed a potential for improve-

ment of system operating strategies, performance, design and dimensioning. The heat

pump system is designed for alternate operation between space and DHW heating,

but is currently incapable of the latter. Direct-acting electricity is thus an important

heat producer in the system. The solar thermal system is designed for combined space

and DHW heating, but is operated too intermittently to provide significant heat input.

Low-temperature solar heating is furthermore prioritized by the integrated water tank,

which restricts the potential for high-temperature DHW heating during the summer.

Field measurements have shown a significant electric power consumption for opera-

tion of pumps. The electric power input to the ground circuit pump, for instance, cor-

responded to 15 % of the power input to the heat pump compressor. This contributed

to a 13.5 % reduction in the heat pump system COP. Replacement of the brine solution

is one of the suggested measures to redeem this deficiency.

In order to obtain the energy savings necessary to reach the ZEB goal, it is essential that

the electric energy input to pumps and electric heaters is minimized. Meanwhile, the

operating time for the heat pump unit and solar thermal system has to be extended.

It is also essential that the measuring equipment is fully functional, so that the system

energy performance can be documented.
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Sammendrag

Formålet med denne masteroppgaven har vært å analysere systemene for termisk en-

ergiforsyning av ZEB Living Lab, ved NTNU i Trondheim. Den 102 m2 store eneboligen

er designet og bygget som et nullutslippshus, i henhold til kravspesifikasjoner i den

norske passivhusstandarden. Effektiv utnyttelse av lokale fornybare varmekilder, som

jord- og solvarme, er derfor essensielle tiltak for å nå dette ambisiøse målet.

Systemene for termisk energiforsyning består av en 3,2 kW jordvarmepumpe, 4,2 m2

solfangere montert på sørvendt vegg, en 400 l integrert varmtvannstank inklusiv to

3 kW varmekolber, og et vannbårent varmeanlegg. En kombinasjon av teoretiske og

eksperimentelle framgangsmåter har blitt benyttet gjennom analysen. For varmepumpen

har SIMIEN-beregninger av termiske energi- og effektbehov, resultert i en teoretisk

effektdekningsgrad på 54 %, ved 0/35 °C. Energidekningsgrader ble beregnet til hen-

holdsvis 70 % og 85 %, med og uten dekning av tappevannsbehovet. Dette ga resul-

terede SPF-verdier på henholdsvis 2,56 og 3,52. Gjennom simuleringer av solfanger-

systemet i Polysun®, ble den årlige solfraksjonen estimert til 0,37. For tappevannsop-

pvarming gjennom sommerhalvåret ble en solfraksjon på 0,6 estimert.

Resultater og observasjoner fra målinger har avdekket et potensiale for utbedring av

systemets driftsstrategier, ytelser, design og dimensjonering. Varmepumpesystemet

er designet for vekslende drift mellom rom- og tappevannsoppvarming. Sistnevnte er

imidlertid ikke funksjonelt på nåværende tidspunkt. Oppvarming av tappevann løses

derfor i hovedsak ved hjelp av direktevirkende elektrisitet. Solfangersystemet er de-

signed som et kombinert romoppvarmings- og tappevannsanlegg, men driftes for pe-

riodisk til å kunne levere betydelige varmemengder. Videre prioriteres tilskudd av lav-

temperatur solvarme i varmtvannstanken, noe som begrenser muligheten for etter-

varming av tappevann gjennom sommerhalvåret. Feltmålinger har påvist et betydelig

elektrisk effektforbruk til pumpedrift. Eksempelvis trekker brine-pumpen i jordkretsen

en elektrisk effekt tilsvarende 15 % av forbruket til varmepumpe-kompressoren. Dette

har bidratt til en 13,5 % reduksjon av effektfaktoren til varmepumpe-systemet. Utskift-

ing av frostvæsken er ett av flere foreslåtte tiltak for å rette opp i dette.

For å oppnå de nødvendige energibesparelser som skal til for å nå nullutslipps-målet,

er det essensielt at det elektriske energiforbruket til drift av pumper og varmekolber

minimeres. Samtidig må det gjøres tiltak for å utvide drifstiden til både varmepumpen

og solfangersystemet. Det er også essensielt at alt måleutstyr fungerer som tiltenkt, slik

at energiytelsen til anlegget kan dokumenteres.
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Chapter 1

Introduction

1.1 Background

In Norway, the total annual energy use has grown from 600 to 890 PJ between 1976

and 2013 [24]. The 50 % increase is largely a result of economic, as well as population

growth. 40 % of the total national use is allocated to the building sector, of which 22

and 18 % points are ascribed to residential and non-residential buildings, respectively

[25]. In 2012 the total energy use in the Norwegian household sector amounted to 48

TWh. This energy quantity is allocated between energy carriers as 38 TWh electric-

ity, 8 TWh firewood and 1 TWh fuel oils. As a mountainous country with large hydro-

electric resources, the Norwegian energy market is characterized by a strong depen-

dency on high-quality electrical energy. Measured per capita, Norway is the worlds

second largest electricity user, and at 23 700 kWh this is almost three times higher than

the OECD average [24].

The most common combinations of heating technologies in Norwegian dwellings in-

clude direct electrical equipment, alone or in combination with heat pumps and/or

wood burning stoves [26]. Positive opinions regarding the environmental benignity of

electrical heating may explain why electrical space heating still is the primary solution

in households. In recent years, however, regulatory requirements, informational cam-

paigns, subsidies, as well as cost and income levels has initiated a shift in the type of

heating equipment.

In the Norwegian household sector the prevalence of air-to-air heat pump installations

have grown from 3 % in 2004 to 24 % in 2012 [26]. The corresponding statistic for brine-

to-water installations is less drastic, with an increase from 1 to 4 % between 1997 and

2012. The share of households with ventilation air heat recovery equipment has in-

creased from 5 % in 2006 to 9 % in 2012. Meanwhile, the share of electrical heating

equipment has been stable around 97 % between 1993 and 2012. The transition from

electrical heating to more efficient solutions thus appear to be reluctant.

The 20/20/20 goals of the EU aim for a collective reduction in CO2 emissions and pri-

mary energy use of 20 % within 2020. During the same period, the renewable energy

1
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share shall be increased by 20 %. The abundance of hydro-electric energy has resulted

in a 94.8 % renewable energy share in the Norwegian building sector [27]. Hence, the

potential for a further increase is limited. The potential for improved energy efficiency,

however, is significant.

The recast of the EU Directive on Energy Performance of Buildings (EPBD) has estab-

lished the nearly Zero Energy Building (nZEB) as the building target from 2018 for all

non-residential buildings. Within the end of 2020, this target is also extended to res-

idential buildings [28]. Buildings codes of the future specifically aim to eliminate the

net energy use in buildings, or even obtain a positive balance. Improvements to the

building envelope are nevertheless not sufficient to reach this goal. Hence, systems for

on-site energy utilization and efficient coverage of the thermal energy demands be-

come increasingly important.

Realizing such projects require the use of innovative and smart technologies, that have

not been widely implemented in the residential buildings of today. Hence, test projects

have been initiated in several European Countries. One example is The Living Labora-

tory in Trondheim, Norway. This is a residential test facility, realized as a collaborative

project between The Research Centre on Zero Emission Buildings and NTNU/SINTEF

[29].

The Living Lab is a single floor single-family house, with a heated air volume and floor

area of approximately 450 m3 and 100 m2, respectively. The building is designed and

built according to the Norwegian passive house standard [22], and is thus character-

ized by a highly insulated and leak-proof building envelope. Heat recovery rates of

~85 % are achieved by means of a rotary heat wheel, and balanced mechanical venti-

lation. Thermal energy supply for ventilation, space and domestic hot water heating is

covered by means of a combined ground-source heat pump and solar thermal system.

Peak load heating is covered by electrical heaters.

The 3.2 kW heat pump is coupled with a horizontal ground heat exchanger, and the

solar thermal system integrates 4.2 m2 façade-mouted solar collectors. Space heat is

distributed by means of an hydronic system, which combines a ventilation heat ex-

changer, a single radiator and eight underfloor heating circuits. On-site electricity pro-

duction is achieved by means of 48 roof-mounted PV modules, with a total installed

power of 12.5 kWp . The current report deals with experiences related to design, di-

mensioning, operation and performance of the combined heat pump and solar ther-

mal system at the Living Laboratory.
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1.2 Objectives

The main objectives of this master thesis are summarized as following:

• To investigate the design and dimensioning of the prevailing thermal energy sys-

tem at the Living Laboratory, and to assess its performance experimentally from

measuring data. The potential for renewable thermal energy coverage shall be

assessed theoretically.

1.3 Limitations

The major limitations imposed on this assessment are as following:

• The heat pump system was put into operation on March 18, and operated dur-

ing the residual part of the heating season. As a result, it has not been possible to

perform measurements on the heat pump during the least ideal conditions. Fur-

thermore, as the heat extraction from the ground during the measuring period

has been considerably lower than what is expected for the winter period. This

means that the temperature decline in the ground has been modest, yielding un-

realistically high evaporator inlet temperatures and thus higher COP values.

• The detail level and accuracy of energy measurements is limited due to a par-

tially flawed or inoperable functionality of the monitoring and control system.

Specifically, the thermal energy meters in the heat pump and domestic hot wa-

ter circuits (TEM1 and TEM2) have been inoperable. This is a result of flawed

configuration or communication with the DAQ system.

• The detail level and accuracy of solar circuit energy measurements is limited due

to partially flawed communication between the flow meter (EFS2) and the DAQ

system. This problem was not resolved until early May.

• Communication errors between the monitoring and DAQ systems have resulted

in a significant prevalence of corrupted log files. This has put limitations on rel-

evant log data for the analysis.

• Automated switching between heat pump space and DHW heating modes is cur-

rently not operational. Operation of the heat pump is thus limited to space heat-

ing mode only.

• Thermal energy supply from the combined heat pump and solar thermal system

is the main focus of this report. Systems for electrical power supply and genera-

tion, as well as monitoring and control are thus briefly discussed, but not devoted

a detailed analysis.
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Chapter 2

The Living Laboratory

2.1 Zero Emission Buildings

The Living Laboratory has been designed as a Zero Emission Building (ZEB). This is a

topic which, despite a lack of internationally consistent definitions, has gained increas-

ing attention in recent years. As a partial solution for the mitigation of CO2 emissions

and reduced energy use in the building sector, the Zero Energy Building (ZEB) is now

considered a realistic target for future building design internationally [30]. The recast

of the EU Directive on Energy Performance of Buildings (EPBD) has established the

nearly Zero Energy Building (nZEB) as the building target from 2018 for all buildings

that are either publicly owned or occupied by public authorities, and by December

31st 2020 for all new buildings in general [28]. It is the responsibility of the member

states to draw up plans for increasing the number of nearly zero energy buildings.

Evidently, the term ZEB has been used commercially without consistent definitions

in place, and countries are enacting policies and national targets without a clear un-

derstanding of the concept [1]. Still, there is a general understanding of a ZEB as an

energy efficient building capable of local energy generation, primarily electricity, to

compensate for its demand. While the term ZEB is general and may include off-grid

autonomous buildings, the term Net ZEB can be used to refer to grid-connected build-

ings that maintain a balance between the energy taken from and supplied back to the

grid over a period of time [1, 30]. Grid connected ZEBs enable the possibility to ex-

ploit local renewable energy sources, and to feed surplus electric energy from on-site

generation to the grid. This strategy contributes to an increase in the share of renew-

able energy in the grid, and thereby reduces carbon emissions associated with resource

consumption, such as fossil fuel combustion.

Sartori et al.[1] defines the Net ZEB balance as satisfied when weighted supply meets

or exceeds weighted demand over a period of time. In this context the supplied energy

refers to the electric energy fed to the grid from the building. This balance can be deter-

mined with respect to one of two system boundaries, known as the delivered/exported

balance and the load/generation balance. The broader the system boundary, the stricter

the requirement. For instance, by using the delivered/exported balance, the efficien-
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cies of building systems are counted in. Fig.2.1 illustrates the building system bound-

ary in relation to the grid.

Figure 2.1: Connections between a Net ZEB and energy grids [1]

Weighted demand is the sum of the load or all delivered energy, obtained by summing

all energy carriers, each multiplied by their respective weighing factors. The same

methodology applies to the weighted supply, which is the sum of all generated or ex-

ported energy. Using a weighing system it is possible to compare the physical units of

different energy carriers and evaluate the entire energy chain. This includes the prop-

erties of natural energy resources, and losses associated with the conversion from pri-

mary to secondary energy, transmission and distribution. The weighing system may

be based on one of several metrics, where energy [kWh] or carbon emissions [kg CO2]

are broadly applied. Depending on the choice of weighing system, the term ZEB may

be used to refer to either zero energy buildings or zero emission buildings. The Net

ZEB balance is illustrated in fig. 2.2 a compared to that of a reference building, which

may be designed according to the minimum requirements of the prevailing building

code, for instance TEK10 [21] in Norway. Compared to the ZEB, it is evident that the

on-site electricity generation required to compensate for its demand, is much larger

for the reference building.
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Figure 2.2: Illustration of the Net ZEB balance concept [1]

In Norway, the ZEB definition adopted by the Research Centre on Zero Emission Build-

ings, is that of a building which produces enough thermal and electric renewable en-

ergy to compensate for its greenhouse gas emissions during its lifespan [19]. In this

relation, a total of five ambition levels have been defined, depending on the scope of

which the building’s phases of life are included. The prevailing definitions are listed in

table 2.1.

Table 2.1: ZEB definitions as given by The Research Centre on Zero Emission Buildings
[19].

ZEB Definition The building’s renewable thermal and electric energy produc-
tion compensate for greenhouse gas emissions from:

O Operation of the building.
O - EQ Operation of the building minus the energy use for equipment

(plug loads).
OM Operation and production of its building materials.
COM Construction, operation and production of building materials.
COMPLETE The entire lifespan of the building. Building materials, con-

struction, operation and demolition/recycling.

The ZEB Living Laboratory, or Living Lab, in Trondheim, has been designed and built

according to the OM ambition level [31]. That is, during its lifespan the building shall

produce sufficient amounts of renewable energy to compensate for greenhouse gas

emissions from operation and production of its building materials. Carbon emissions

related to the construction and demolition phases are not accounted for.



8 2 The Living Laboratory

2.2 Architecture and Building Physics

The Living Laboratory is a ZEB test facility within the Research Centre on Zero Emis-

sion Buildings at The Norwegian University of Science and Technology, designed to

carry out experimental investigations at different levels. These range from investiga-

tions on the building envelope to building equipment components, from ventilation

strategies to action research where the ways users interact with buildings character-

ized by high indoor comfort conditions and low energy demand is studied [3]. The

exterior of the building is as illustrated in fig. 2.3.

Lab.jpg

Figure 2.3: Exterior view from the south-west corner.

Initially, the building was designed as an autonomous energy positive mountain cabin,

but has later been re-designed as a detached, single-family house, representative of the

Norwegian residential building stock. The Living Lab is a single-storey building with a

heated floor area of approximately 100 m2 and a volume of approximately 450 m3 [2, 3].

The building design is compact but space efficient, and may be regarded as two main

zones, divided by the west/east axis running through the center of the building, as

shown in fig. 2.4. The south-facing zone includes an entrance/wardrobe at the south-

west corner, a bathroom, and a living room connected to the kitchen at the southeast

corner. The south façade of the living room integrates a large double skin window for

maximum daylight utilization and solar heat gain during the fall, winter and spring.

This window also include a vented area for intended use in hybrid ventilation mode, as

well as adjustable solar shading to control solar gains during the summertime.

The north-facing zone is characterized as a working/sleeping area, comprising a stu-

dio room, which separates the two bedrooms found at each of the north-facing corners



2.2 Architecture and Building Physics 9

Figure 2.4: Floorplan of the Living Lab [2]

of the building. A small mezzanine is placed above the west bedroom. Additionally, a

technical room excluded from the heated area of the building is found at the west end,

adjacent to the bathroom. The technical room is accessible from the outside, and is lo-

cated in the spine of the building, thus optimizing the length of ventilation ducts and

the distribution of technical installations in general.

Table 2.2: Properties of building envelope components [2].

U-value wall W /m2K 0.11
U-value floor W /m2K 0.10
U-value roof W /m2K 0.10
U-value windows (south façade) W /m2K 0.65/0.69 (when ventilated)
U-value windows (north façade) W /m2K 0.97
U-value windows (east-west façade) W /m2K 0.80
U-value skylight W /m2K 1.0
g-value - 0.5
Infiltration ach 0.5
Normalized thermal bridge W /m2K 0.03

The building envelope has been designed according to the overall goal of very low

transmission and infiltration losses. As a result, the construction components are both

highly insulated and air-tight, and comply with the Norwegian requirements for res-

idential buildings of passive house standard, specified in the standard NS3700 [22].
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Building envelope properties, as documented by Finocchiaro et al. [2], are listed in

table 2.2. The glazed area of the façades constitute approximately 40 % of the heated

floor area, and is characterized by low U-values. Both the north and and south-facing

windows have automated openings to comply with strategies for hybrid ventilation.

The sloped ceilings integrate 90 m2 PCM-panels, thus reducing the risk of overheating

during summertime.

2.3 Technical Installations

Interaction with the external environment is decisive for minimization of the net en-

ergy demand and carbon footprint of the building, and ultimately fulfillment of the

ZEB O&M ambition. State-of-the-art technologies for energy conservation and renew-

able exploitation are therefore an integrated part of the building design. In this regard,

the monitoring system is a key feature. It records the most relevant indoor and outdoor

environmental quantities, the thermal energy supply for space heating and ventilation,

as well as the electrical energy supply for lighting and appliances. On-site generation

of solar thermal and photovoltaic electrical energy is also monitored.

The monitoring system has been designed to assess the energy and environmental bal-

ance of the building, and the interaction between the users and it, according to the

relevant technical standards for energy performance and comfort assessments. The

primary goal is nevertheless to evaluate the total energy behavior of the building. Mea-

suring data is recorded to an integrated data acquisition and control system. The sys-

tem can be adapted so that occupants have limited control of building features, while

access to more comprehensive control features are available for remote research pur-

poses.

In the following an overview of the major technical building systems is given, while

the systems for thermal energy supply are thoroughly described in chapter 5. Fig. 2.5

presents the energy flows for both thermal and electrical systems [3]. The thermal en-

ergy systems, indicated by the brighter arrows are henceforth emphasized. The reader

is refered to the nomenclature for an overview of the abbreviations used.
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2.3.1 Heating and Ventilation

The systems for thermal energy supply at the Living Lab are designed with the aim to

cover the majority of the thermal energy demand by means of renewable energy. A

3.2 kW ground source heat pump (GSHP) is installed to cover the demands for space

heating, heating of ventilation air and production of domestic hot water (DHW). The

heat pump is coupled to a horizontal surface collector field (SCF), located on the north

side of the building.

A solar thermal system is installed in combination with the GSHP system. It com-

prises 4.2 m2 south façade-mounted solar thermal panels (STP). The solar thermal cir-

cuit (STC) is designed primarily to cover space heating and DHW requirements. Solar

heat is delivered to, and accumulated in, an integrated water tank (IWT), by means of

a coil in the bottom section. The solar thermal system is additionally coupled to the

GSHP collector circuit by means of a 0.18 m2 brazed plate heat exchanger (BPHX). This

design enables alternative utilization of the solar heat.

The 400 l IWT comprises a 160 l space heating buffer tank (BT/SHT) and a 240 l DHW

storage tank (DHWT). In addition to the STC coil, the BT also accommodates a coil

for DHW preheating, as well as a 3 kW immersed electrical heater (IEH). The DHWT

integrates a large HP-coupled reheat coil, and an additional IEH. Fig. 2.6 shows the

principle layout of the system with connections to the IWT.

The hydronic system has been designed for both low-temperature heat distribution

via underfloor heating circuits, and medium/high temperature heat distribution via a

wall-mounted radiator and ventilation heat exchanger. This facilitates distinct strate-

gies for space heating, that are likely to affect both thermal efficiency and comfort. Two

main strategies for heat distribution have been projected:

1. Low-temperature heat distribution via the living room, bedrooms and bathroom

underfloor heating circuits.

2. A combination of low- and medium/high-temperature heat distribution via bath-

room underfloor heating circuit, and the wall-mounted radiator.

Fresh air supply is achieved by means of balanced mechanical ventilation system.

In accordance with the Norwegian standard NS3031 [23], the nominal capacity is set

to 120 m3/h, corresponding to approximately 1.2 m3/m2h [2]. The air handling unit

(AHU) has a maximum capacity of 360 m3/m2h. Fresh air is supplied via diffusers in

the living room, studio room and in the bedrooms at either sides. Extracts are located

in the kitchen and in the bathroom. The latter account for the majority of the extracted
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Figure 2.6: Principle flow scheme of the thermal energy system at the Living Lab [4]

air. The AHU integrates a rotating heat recovery wheel, with a nominal thermal effi-

ciency of 85 %. Two main strategies for heating of the supply air have been projected:

1. Direct electrical heating via a 1.2 kW electric coil. The coil has a temperature

limitation of 40 °C.

2. Hydronic heating by means of a 2.5 kW heat exchanger.

Both options are limited to sensible heat control, meaning that it is not possible to

control the relative humidity of the supply air. The combined heating capacity of these

units facilitate space heating via overheated supply air as a third option.

2.3.2 Electricity Production

As part of reaching the ZEB goal, the Living Lab integrates a photovoltaic electricity

system. The system comprises two photovoltaic roofs (PVRs in fig. 2.5), each with 24

polycrystalline PV modules. The modules are aligned with the roof surface at 30° in-

cline and have a nominal power of 260 W each. Hence, the total installed power is 12.5

kWp . The nominal output power is specified for standard test conditions (STC), which
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involve an air mass (AM) of 1.5, an irradiance of 1000 W /m2 and a 25 °C cell temper-

ature. It is expected, however, that 96 % of the specified efficiency of 16 % is achieved

even at an irradiance of 200 W /m2 [2]. Power conversion from DC to AC output is done

by means of one inverter connected to each PVR. These have a rated output power of

4.6 kW and an efficiency of 96.5 %. As indicated by fig. 2.5 the PV system is designed to

function as power supply for the GSHP, IWT, AHU and other electricity specific appli-

ances in the building.

2.3.3 Monitoring and Control

The monitoring and data acquisition (DAQ) system is designed to collect data for use

in various scientific assessments, such as demographical profiles and building energy

performance [3]. Room occupancy, opening and closing of windows and doors, as well

as use of windows shading systems and electrical appliances are monitored to map

occupants behavior and user patterns. Indoor environmental quantities, such as air

temperatures and relative humidity, CO2 concentration and diffuse illuminance are

monitored, in order to facilitate evaluations of the indoor climate and thermal envi-

ronment.

Outdoor environmental quantities, such as air temperatures, relative humidity, baro-

metric pressure, wind velocity and direction, illuminance, and global solar irradiance

are also moitored. The latter is measured on the vertical, horizontal and PV planes, and

is directly related to the local energy production from the solar thermal and PV systems.

Building systems energy performance is monitored as thermal energy use for heat-

ing, ventilation and production of domestic hot water. This is achieved by means of

extensive use of thermocouples, flow sensors and thermal energy meters in the heat-

ing plant. Electrical energy meters are used to monitor the electricity use for operation

of the heat pump, circulation pumps, actuators and auxiliary heating. Electricity spe-

cific energy use for artificial lighting and appliances is also monitored.



Chapter 3

Residential Heat Pump Technology

The next generation of residential passive houses and ZEBs are characterized by a

highly insulated building envelope, as well as high efficiency heat recovery. As a result,

the thermal power and energy demands to compensate for transmission, infiltration

and ventilation heat losses are very low. This means that the equivalent operating time

for the heating system is reduced, typically to 5-7 months per year [32, 33]. As a re-

sult, the DHW heating demand accounts for a larger share of the total annual heating

demand. Experience show that values range between 40 and 85 % in residential build-

ings, depending on user patterns. Consequently, the strategies for investment, design,

dimensioning and operational strategies are heavily affected.

3.1 System Solutions

Residential heat pumps may be characterized by either of three categories, depending

on the application for which the seasonal energy efficiency is optimized [34, Chapter

8]:

1. Space heating heat pumps.

2. Heat pump water heaters.

3. Combined space and water heating heat pumps.

For passive house and ZEB buildings the combined solutions are favorable, because

the annual heating demand decreases, while the relative DHW demand increases. Cost

effective solutions for coverage of the DHW heating, in combination with the space

heating demand, thus become more important. Combined systems are henceforth as-

sumed.

Distinctions between the design of the heat collector and heat distribution system may

also be used. Specifically, the secondary heat transfer mediums are addressed. Com-

bined systems are preferably coupled with low-temperature hydronic systems, in or-

der to optimize operating conditions [32]. Hydronic heating systems are therefore as-

sumed, making the heat source the only variable.

15
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Typical heat sources for low-capacity residential heat pumps systems include ambient

air, exhaust air, bedrock, soil, groundwater, seawater, freshwater and grey water. The

main heat source properties are availability and practicality, cost of use, temperature

level and stability, thermal conductivity, and specific heating capacity. Jointly due to

availability and practicality, costs and thermodynamic system performance, the most

interesting alternatives for passive house and ZEB residential buildings include ambi-

ent air, exhaust air, bedrock and soil.

3.1.1 Air-to-water

Air source heat pump units are available for combined space and water heating ap-

plications, or as pure water heater solutions. These units typically use R410A, R407C,

R744 (CO2) or R290 (propane) as working fluid, and can reach water temperatures in

the range of 35-85 °C [32]. Ambient air is the most widely used heat source for resi-

dential heat pump systems, largely as a due to low initial investment costs and mini-

mum required effort during installation [35]. Air-source heat pumps are nevertheless

affected by reduced heating capacities and COPs at low ambient air temperatures. In

general, the heating capacity is in antiphase with the demand. Due to low evaporating

temperatures and excessive discharge gas temperatures, full stop at ambient air tem-

peratures below -20 °C should be expected. This reduces the operating time for the

heat pump and consequently its energy coverage factor. In terms of DHW production,

the conventional heat pumps usually require some top-up electricity heating, which

further deteriorate the overall system performance.

Figure 3.1: Illustration of an air-to-water system [5].

3.1.2 Exhaust air-to-water

Exhaust air heat pumps (EAHPs) can be applied for heat recovery in combination with

balanced ventilation, which is an integrated part of the residential passive house and
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ZEB design. This is possible by fitting the evaporator in the ventilation exhaust air duct.

The heat pump can operate alone, or be combined with a cross-flow heat exchanger

for passive heat recovery. EAHPs can provide DHW heating, space heating and heating

of ventilation air, and usually apply R410A, R407C or R290 as working fluid. While the

exhaust air acts as the primary heat source, ambient air or ground heat may be utilized

additionally to increase heating capacity. Due to the low temperatures following the

heat recovery unit, this is usually a beneficial solution in such systems. As an optional

improvement, the ambient air is passed through a ground/air heat exchanger prior to

the heat pump or heat recovery unit. As a result, the intake air temperature can be kept

above the freezing point throughout the year, thus improving the heat pump COP or

avoiding frosting of the heat recovery unit [32].

Figure 3.2: Illustration of an exhaust air/water system [5].

An integrated solution for balanced ventilation, DHW heating, space heating and heat-

ing of ventilation supply air, is the combined ventilation and heating device (CVHD).

These units, which are made for high performance residential buildings, include sup-

ply and exhaust air fans, a cross-flow heat recovery unit, air filters, an EAHP, a DHWT,

and IEHs for water reheating. An example of a CVHD is the Nilan Compact P series,

which can be adapted for additional heat sources, such as ground heat [6]. A disadvan-

tage of EAHPs in residential passive houses or ZEBs is that the airflow rate and tem-

perature decrease of the exhaust air is relatively limited, thus restricting the heating

capacity of these units. An advantage is that these systems, if necessary, can be used

for space cooling during the summer.

Fig. 3.3a illustrates as an example, the Nilan Compact P Geo 3 combined ventilation

and heating device (CVHD). This unit combines ventilation with passive and active

heat recovery, space heating and cooling, as well as DHW production and storage [6].

The EAHP is mounted after the heat recovery unit as an integrated part of the AHU.

Heat recovery is achieved with a counterflow polystyrene heat exchanger, with a nom-

inal thermal efficiency of 85 %. The heat recovery unit is shown in fig. 3.3b.
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(a) Front view of the integrated unit.

(b) Polystyrene cross flow heat exchanger.

Figure 3.3: The Nilan Compact P Geo 3 ventilation, heating and cooling device [6].

It is charged with 1.1 kg of R410A, and has a nominal heating power of 3 kW (0/35 °C).

High performance at off-design conditions is achieved by means of VSD compressor

control, which allows step-less capacity control down to 20 %. As a result, a seasonal

coefficient of performance (SCOP) of 5.17 is achievable.

3.1.3 Brine-to-water

These systems are characterized by indirect designs, meaning that an antifreeze brine

is circulated between the heat source and the evaporator in a secondary circuit. While

brine-to-water systems may use seawater or freshwater as heat source, the current pre-

sentation include ground source systems. Typically, the soil in the upper layer of the

ground, or vertical boreholes are used as heat source. The added complexity of the

heat collector system results in higher initial investment costs, compared to air-based

systems. An advantage of the extra investment, however, is a higher and more stable

temperature level on the heat source. The results are longer possible operating times

and a stable heating capacity throughout the year. Hence, a larger share of the annual

heating demand is covered, yielding larger potential energy savings and longer techni-

cal lifetimes.

Low-capacity brine-to-water units for residential space heating and DHW production

are available with heating capacities from about 4 kW. Typical working fluids are R410A,

R407C or R134a as working fluid. R290 is also used, but these units are presently less

available. Table 3.1 provides a sample overview of ground-source heat pump units

from four leading manufacturers. The table include information about the type of
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working fluid (WF), maximum supply water temperature (Tw,max) and minimum heat-

ing capacity (Q̇c,mi n). It is also specified if the unit has an integrated DHW tank (DHWT),

and/or desuperheater (DSH), and/or compressor VSD control.

Table 3.1: Overview of some low-capacity ground source heat pump units.

WF Tw,max Q̇c,mi n DHWT DSH VSD
[°C] [kW] [liter]

Nibe F1255 R407C 65 1.5-6 180 3

Nibe F1245 R407C 65 6.3 180
Thermia Diplomat Inverter R410A 65 5 180 3 3

Thermia Diplomat Optimum R407C 60 4 180
Thermia Diplomat G2 R407C 60 6 180 3

IVT PremiumLine HQ R410A 62 4.5 185
Nilan Compact Geo 3 R410A 0.5-3 180 3

Calorex WW3500 R134a 65 2.61

3.2 Ground Collector Systems

3.2.1 Vertical Ground Heat Exchangers

These systems comprise a collector tube, which is lowered into a 80-200 m deep bore-

hole. The major advantages are high efficiencies and a minimum requirement of site

area [35]. Technical lifetimes up to 50 years also contribute to a high reliability. An il-

lustration is shown in fig. 3.4. The depth depends on the capacity of the heat pump

system, and hence the necessary heat extraction. The latter depends on the bedrock

type, the temperature level and the presence of ground water. Typical design values

range between 20 and 40 W /m. Water increases the convection heat transfer between

the collector tube and the bedrock, and is therefore essential. Additional advantages of

BHE collector systems is that they can be used for thermal storage and passive cooling

during the summer. Typically, the borehole temperature is in the range between -3 to

8 °C [20].

A relatively high initial investment cost is the only major disadvantage of BHE-coupled

systems. G. Nielsen [7] carried out a theoretical LCC analysis, in which BHE-coupled

and air-source heat pump systems were compared with respect to energetic and eco-

nomic performance. With the site locations Bergen, Oslo, Røros, Karasjok and Tromsø,

the following parameters were considered:

1. Climatic data for the location.
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Figure 3.4: Illustration of a vertical ground collector system [5].

2. Design power and heat demand for the actual building.

3. Internal loads of the building (daily, weekly and annually).

4. Compressor efficiency at different running conditions.

5. Variation in evaporation temperatures (climatic data).

6. Variation in condensation temperatures (space heating system).

The heat collector arrangements evaluated are illustrated in fig. 3.5. The borehole in-

stallation is shown in fig. 3.5a, while the indirect and direct air-to-water arrangements

are shown in figs. 3.5b and 3.5c, respectively. The following assumptions were applied:

• Minimum evaporator temperature difference: 3 K.

• Brine temperature difference: 3 K.

• Annual energy coverage factor for the borehole: 95 %.

• Average borehole temperature equal to the annual mean ambient temperature.

• BHE conductivity: 5 W /mK .

• Design heat extraction for the BHE: 30 W /m.

For the BHE system (fig. 3.5a) a mean temperature difference of 6 K between the

bedrock and brine resulted from the design heat extraction and conductivity. This gave

an evaporator outlet temperature 7.5 K below the borehole temperature. Including the

minimum temperature difference of the evaporator, the average evaporation temper-

ature was assumed equal to 10.5 K below the borehole temperature.
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(a) Borehole brine-to-water system. (b) Indirect air-to-water system.

(c) Direct air-to-water system.

Figure 3.5: The three system arrangements assessed [7]

For the indirect air-to-water arrangement (fig. 3.5b) with the dry-cooler it was as-

sumed that the cooling of the air and the heating of the brine is equal to 3 K. Thus the

inlet brine temperature to the evaporator is equal to the air temperature, which gives

an evaporation temperature 9 K below the ambient temperature. For the direct air-to-

water system (fig. 3.5c) the temperature difference due to the brine circuit is omitted,

and the evaporation temperature is 6 K below the ambient.

Despite added heat exchange losses for the borehole systems, the evaporation temper-

ature is typically higher relative to the air-based systems, due to a higher mean annual

temperature in the ground. As a result, the performance and the annual relative energy

savings for these systems are better for all climates, though marginal in the case of high

design ambient and mean annual temperatures. This applies, for instance, to Bergen
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and Tromsø.

The economic efficiency of these systems were evaluated by means of their respec-

tive payback periods [7]. Annual capital costs were calculated with an interest rate of

7 % and a technical lifetime of 25 years. For the BHE installations the collector sys-

tem account for 75 % of the total investment, whereas the dry cooler and air evapora-

tors account for 40 % and 25 %, respectively. As a result, the payback periods for the

borehole-based systems were significantly longer compared to the air-based systems.

From an economical perspective, the air-based systems were regarded preferable to

borehole-based systems in mild climates.

3.2.2 Horizontal Ground Heat Exchangers

Compared to BHE-coupled systems, this design is less documented in the literature.

Nevertheless, it represents a compromise between high efficiency and initial costs, and

is therefore a competitive alternative to vertical ground heat exchangers [35]. In this

case, it is the solar energy stored in the upper layer of the ground, which is utilized,

and hence a larger site area is required. For residential applications, however, this is a

minor barrier since the required area is moderate.

Figure 3.6: Illustration of a horizontal ground collector system [5].

Of the three basic configurations; linear, spiral and slinky, the linear type HGHE, as il-

lustrated by fig. 3.6 represent the most common type. Collector tubes typically have an

external diameter between 30 and 50 mm, and are buried at 1-2 m depth. At this depth

the temperature is steady, with slight variation around the annual mean temperature

of the location. Typically, the temperature is in the range between -3 and 10 °C. As for

BHE systems, the maximum heat extraction is dependent on soil conditions. Design

values typically range between 8 and 30 W /m [36]. Congedo et al. [37] analyzed the
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performance of HGHEs, and concluded that the ground thermal conductivity and the

heat transfer coefficient between the heat transfer fluid pipe wall are the two most im-

portant parameters. Meanwhile, the installation depth and tube configuration were of

minor importance.

During the 1980s, a residential heat pump test project was conducted for a residen-

tial area in Trondheim [8]. A horizontal ground collector system was compared to five

other systems with respect to thermo-economical performance. The heat pump sys-

tem was designed to cover the entire heating demand for both space heating and DHW

production. The heat distribution system was a radiator circuit with a maximum sup-

ply temperature of 55 °C. The surface collector field covered a ground area of 400 m2.

A 300 m PE 40 tube, circulating a water/glycol brine, was buried at 0.75 m depth and

with 1.3 m mutual distance in moist soil (marsh).

Heat extraction from the ground was largely due to latent heat transfer as the water sur-

rounding the PE tubes froze. The temperature development in the SCF was recorded

at different vertical and horizontal positions. Below 0.5 m depth it was observed that

the average temperature decrease in the SCF was 2 °C. Fig. 3.7 gives the vertical tem-

perature profiles for the ground at the centre of the SCF (measuring string A, solid line)

and in neutral ground (measuring string B, dashed line). At the centre of the SCF the

temperature at 1 m depth ranged between approximately 1.5 and 6.5 °C throughout

the year. A shift in the temperature variation was also observed, noting that the ground

temperature in April was lower, compared to January. Likewise, the ground tempera-

ture in October was higher compared to July. For an increasing depth below the col-

lector tube the vertical temperature profile in the SCF approached that of the neutral

ground.

Figure 3.7: Vertical temperature profiles at the centre of the surface collector field and
in neutral ground [8].
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Fig. 3.8 shows the horizontal temperature development after the heat pump, over a 2

year period from August 1982 to July 1984. Temperature sensors were placed at 0, 0.1,

0.2, 0.4 and 0.8 m distance from the collector tube. In accordance with fig. 3.7 the low-

est ground temperatures were measured at the end of the heating season in April/May.

After natural thermal recovery during the summer, peak temperatures were observed

in August/September. Peak temperatures after the first year of operation were some-

what lower, compared to the temperatures at start-up. A noticeable increase ground

temperature was observed for short distances from the collector tube. However, by

moving from 0.4 to 0.8 m distance from the tube, only a slight increase in ground tem-

perature was observed. This indicated that a 1.3 m mutual distance between the tubes

is sufficient to prevent them from thermally influencing one another.

Figure 3.8: Measurements are done at 0, 0.1, 0.2, 0.4 and 0.8 m distance from the col-
lector tube, after the heat pump [8].

By comparing annual electricity savings it was concluded that the brine-to-water sys-

tem, despite higher investment costs, was superior compared to the air-to-water and

air-to-air systems.
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3.2.3 Aqueous Antifreeze Solutions

To maintain effective heat transfer between the ground source and the heat pump

evaporator at sub-zero temperatures, an aqueous antifreeze solution is usually used

as heat transfer fluid. Common additives are ethyl acohol (EA), ethylene glycol (EG)

and propylene glycol (PG). While the first and the latter are non-toxic, the opposite is

true for ethylene glycol. From an environmental aspect, ethylene glycol is a less prefer-

able option, since the absence of leakages can not be guaranteed. Table 3.2 list the

relevant thermophysical properties of the three options, for a freezing point of -10 °C

and an operating temperature of 0 °C. Data is attained from the International Institute

of Refrigeration [38].

Table 3.2: Thermophysical properties at -10 °C freezing point and 0 °C operating tem-
perature.

Concentration ρ cp λ µ Pr
Weight-% [kg /m3] [J/kg K ] [W /mK ] [kg /ms] [-]

Water 0 1000 4217 0.562 1.78 13.4
EA 18.8 977 4355 0.454 5.02 48.2
PG 25.0 1025 3975 0.451 5.45 48.0
EG 23.6 1035 3820 0.471 3.52 28.5

Compared to PG-water and EG-water solutions, a lower EA concentration is required

to achieve the same freezing point. EA also offer a lower density and higher specific

heat, compared to pure water, and a lower dynamic viscosity than PG. The thermal

conductivity is also marginally higher. This benefits friction losses and heat transfer

efficiency. PG offer properties in between those of EA and EG, but has a higher flame

point. Compared to EG, PG is also non-toxic. According to J. Acuña [39], the choice

of antifreeze solution has a large impact on both hydrodynamic and thermal perfor-

mance of the system. In this regard, ethanol-water solutions are considered a better

alternative.

3.3 The Heat Pump Cycle

The conventional heat pump technology is represented by the subcritical vapor com-

pression cycle, which is also the most prevalent configuration encountered in low-

capacity residential systems. Based on the ideal reversed Carnot cycle, four basic pro-

cesses - evaporation, compression, condensation and expansion - are undertaken, en-

tirely below the critical point of the working fluid. The ideal reversed Carnot cycle is

characterized by isothermal heat absorption and rejection processes, and isentropic
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compression and expansion processes [40]. By contrast, the vapor compression cycle

employs some modifications in order to make practical implementation possible. Fig.

3.9 gives a principle flow scheme of the basic cycle, including the main components:

evaporator, compressor, condenser and throttling valve. Additionally, a liquid receiver

is included, which primary function is to offset fluctuations in the working fluid mass

flow.

QH

QL

WEl

Condenser

Evaporator

Liquid 
Receiver

Compressor
Throttling
valve

Figure 3.9: Basic vapor compression cycle.

The vapor compression cycle employs dry compression in the vapor region, rather

than wet compression in the two-phase region. Due to second law losses, the real

compression process is non-isentropic and, if accounting for heat losses to the ambi-

ent, also polytropic. Another deviation from the Carnot cycle is found at the opposite

side of the cycle, where depressurization occur as isenthalpic throttling, rather than

isentropic expansion. Furthermore, temperature driving forces and inherent neces-

sary temperature differences between the working fluid and the secondary fluid, in-

duce additional losses in the evaporator and condenser.

3.4 Working Fluids

3.4.1 Selection Criteria

Selection of environmentally benign working fluids, that concurrently allow competi-

tive system performance, is vital part of heat pump design. Working fluid selection nec-

essarily involve some degree of compromise between environmental benignity, local

safety, thermodynamic and physical performance, practicality of use, as well as costs
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[34, Chapter 2]. The following lists some of the most typical working fluid selection

properties:

• Local safety, including flammability and toxicity.

• Global environmental impact, including zero ODP and low GWP values.

• Thermophysical properties.

• Chemical stability.

• Miscibility with lubrication oils.

• Material compatibility.

• Price and availability.

In practice, the perfect working fluid does not exist. Thermophysical and practical de-

ficiencies are still largely offset by taking specific properties into account during the

heat pump design phase. For apparent reasons, local safety and global environmental

impact are the first properties to be considered. Local safety classifications and en-

vironmental properties of the most relevant working fluids are presented in table 3.3.

Each working fluid is assigned a two-component safety label describing its degree of

toxicity and flammability. The first letter, A or B, indicates a lower or higher degree of

toxicity, respectively. The number and the occasional last letter indicate the degree of

flammability, where 1 means no flame propagation, 2L means lower flammability, 2

means flammable and 3 means higher flammability [34, Chapter 2].

Table 3.3: Overview of local safety classifications and environmental properties.

Safety Class GW P100

R134a A1 1360
R1234yf A2L < 1
R407C A1 1700
R410A A1 2100
R32 A2L 704
R744 A1 1 (0)
R290 A3 5 (0)

To a varying extent, the HFCs have significant global warming potentials, GWPs, owing

to the presence of fluorine. The 100 year GWP value, expresses the integrated radiative

forcing over a 100-year time period of 1 kg of working fluid emitted to the atmosphere

[34]. The short time global warming effects of these substances are, however, even

more significant. Per definition the GWP of CO2, R744, is equal to 1. As a result, the

global warming potency of R410A, for instance, is 2100 times higher by comparison.
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3.4.2 Synthetic Working Fluids

HFC working fluids are widely used in heat pumps, and are commercialized world-

wide. Today, the most common HFCs for domestic heat pump applications are R134a,

R407C and R410A. As indicated by table 3.3, all three contribute significantly to the

global warming effect, in case of unintended leakages to the atmosphere. A less harm-

ful option is R32, which is found as a component in both R410A and R407C.

R134a is a single-component HFC, which is both non-toxic and non-flammable. Com-

pared to alternative HFC fluids, it has a relatively low GWP value. It is classified as

an A1 working fluid and is, due to critical temperature of 101 °C, well-suited for high-

temperature applications. R134a is commonly used in medium and large-capacity in-

stallations. Due to a low volmetric heating capacity, R134a units require a relatively

large filling charge and mass flow rate. This has a consequence on components, such

as the compressor, since the required dimensioning becomes larger [41].

R1234yf and R1234ze are HFO working fluids that have gained recent interest for

low and high temperature applications, respectively. While the latter is still at a trial

stage, R1234yf is already commercialized in the automotive industry. R1234yf has sim-

ilar properties to R134a, and can be used as a replacement in heat pump applications

where the water outlet temperature is less than 50 °C [42]. Due to price competitive-

ness, however, it is disputed whether pure R1234yf is an option for future heat pump

system [34, Chapter 8]. For domestic applications the filling charge is nevertheless

minimal, and the conclusion might be different.

The indirect ecological effects of HFOs are still uncertain due to scarce research. For

instance, the varying halogenation is a trade-off between flammability associated with

la higher degree of stability, and low GWP values associated with a lower degree of sta-

bility. The low GWP HFOs are inherently both flammable and unstable, which in turn

makes them unsafe and reactive when leaked to the ambient [34]. These substances

are equally foreign to nature as their artificially synthesized predecessors, and there

are no known biologically degrading processes in the atmosphere.

R407C has been used in existing systems as a replacement for the ozone-adverse

HCFC-22. Their properties are similar, resulting in minimum required system mod-

ifications. R407C is a three-component mixture, which contains nearly 25 % R32 and

nearly 50 % R134a. The remaining component, comprising 23 %, is R125. Due to its

mixture composition, R407C is characterized as a zeotropic working fluid. This implies

approximately 7 K temperature glide during evaporation and condensation, which is

significant compared to other zeotropic mixtures. As seen in table 3.1, R407C is used
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as a working fluid in residential brine-to-water heat pumps by both Nibe and Thermia.

R410A is a two-component zeotropic blend, containing 50 % R32 and R125. By con-

trast to R407C, the temperature glide of the R410A blend is less pronounced. The op-

erating pressures of R410A are higher compared to R407C, and require more system

modifications to fully utilize the properties of the working fluid [34, Chapter 8]. Nev-

ertheless, R410A is the typical choice for new systems as is allows more compact and

efficient designs, when optimized. As seen in table 3.1, R410A is used as working fluid

in residential brine-to-water heat pumps by Nibe, IVT and Thermia.

R32 is not yet commercialized as a pure substance for water heating applications on a

larger scale. It has higher operating pressures and discharge temperatures than R410A,

and requires more accurate throttling devices for temperature control. This applies

particularly to high temperature water heating, when the heat source temperature is

low. The maximum permitted condensing temperature is nevertheless restricted by a

critical temperature of 78 °C. Both heat transfer and transport properties are superior

to the HFC blends, resulting in higher theoretical system efficiencies. A high vapor

density and specific heat of vaporization implies higher volumetric efficiencies. A as

result, components dimensions is reduced, making R32 units potentially cheaper than

the commercialized HFC units. Concerns towards local safety is currently the main

barrier for wide use.

3.4.3 Natural Working Fluids

Carbon dioxide, R744, was the dominating refrigerant for air conditioning and ma-

rine refrigeration until the 1950s, but as the CFCs was introduced a market shift oc-

curred. Prior to the Montreal Protocol about 60 % of the CFC emissions originated

from mobile refrigeration systems [43]. Consequently, CO2 was reintroduced in the

search for ozone-friendly refrigerants [44].

R744 has zero ODP and a GWP, which per definition is 1. Nevertheless, since it is a

by-product of industry, its actual GWP as a technical gas is zero. One of the main as-

sets of R744 is its very high vapor density, allowing low compressor swept volumes and

compact equipment in general. In turn, system costs are reduced. The advantages of

CO2 are further extended with its non-toxic and fire-suppressing characteristics, thus

placing it in the A1 safety group. As CO2 is 2.2 times denser than air, leakages in con-

fined spaces may result in air displacement and a theoretical risk of asphyxiation [45].

However, because the filling charge in low capacity systems is modest, this represents

a negligible hazard towards local safety [46].
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At 31.1 °C the critical temperature of R744 is very low. Consequently, practically all

CO2 heat pumps are operated as transcritical vapor compression cycles. These are

based on the reversed Lorenz cycle, and differs from the subcritical cycles in that heat is

rejected at constant pressure and gliding temperature above the critical pressure. The

high pressure heat exchanger is referred to as a gas cooler, due to the absence of phase-

change. In order to achieve competitive performances the temperature glide during

heat rejection has to be large. As a result, the transcritical cycle is ideally matched with

a similarly large temperature glide on the secondary fluid. A typical example is the

CO2 heat pump water heater (HPWH), allowing temperature glides of 80 °C in a single

stage. A low inlet water temperature is a prerequisite for achieving high COPs in the

transcritical cycle, making them ideal for DHW heating. Units have been developed

both for DHW heating only, and for combined DHW production and space heating

[47, 48].

Propane, R290, is a non-toxic, environmentally benign working fluid, which is well

suited for use in low-capacity residential heat pump units. R290 heat pumps installed

in Austrian low energy houses have achieved minimum SPFs of 4. In addition to a

GWP value 3, it offers excellent thermophysical properties. The main barriers restrict-

ing wide use, however, are local savety concerns related to flammability.

R290 has a lower explosion limit (LEL) of 2.1 vol-% or 39 g /m3 in air. The upper ex-

plosion limit (UEL) is 9.5 vol-% or 177 g /m3 [49]. It is however physically impossible

to obtain an explosive mixture within a pumping process. The main explosion haz-

ards are therefore related to leakages to the surroundings, in the presence of ignition

sources.

Because it is heavier than air, R290 is also characterized as a simple asphyxiant. In case

of leakages the vapor may accumulate in low-laying areas, where air is displaced. The

heat pump room should therefore be sufficiently large and have sufficient natural ven-

tilation. Separate VAV ventilation should activated by leakage detectors, mounted near

the floor. Ignition sources are prohibited, and the heat pump unit should be installed

in a gas-tight casing with all electrical components on its exterior.

Charge minimization is also crucial point in R290 heat pump design. Compact equip-

ment is thus necessary to minimize the internal volume of the units. Cavallini et al.[50]

was able to reduce the propane charge of a 100 kW unit by 25 % from 3 to 2.2 kg, by

using a customized tube-in-shell mini-channel condenser. With a 65 % reduction in

the internal volume, the COP was reduced by just 2 %. In this case the working fluid

charge was just 0.022 kg/kW, although values may range between 0.06 and 0.15 kg/kW
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[49].

Propane is compatible with most typical materials, such as iron, steel, stainless steel,

aluminum, copper and zinc. The methods for design and construction of HFC units

are therefore applicable to R290 units. Due to low mass flow rates, densities and vis-

cosities, the required dimensions for components are smaller, compared to the HFCs.

Despite the gradually increasing interest and psychological acceptance for HC work-

ing fluids [51], there are still some barriers that impede wide use. Presently, the main

barriers are a lack of economically viable methods to make systems safe and foolproof.

3.5 Components

In the following, the most common type of equipment encountered in low-capacity

residential heat pump applications is presented.

3.5.1 Scroll Compressors

This is the most widely used compressor technology in low-capacity heat pump ap-

plications. This compressor type, which is hermetically sealed, is constructed by two

identical spirals, or scrolls, fixed onto separate plates. The spirals are mounted eccen-

trically to each other, so that they interlock at several positions. While one of the spirals

has a fixed position, the other orbits to change the volume of the pockets in between

the interlocking parts. Fig. 3.10 illustrates how the low pressure suction gas (SG) enters

at the perimeter of the compressor, where the volume between the interlocking scrolls

is large. As the orbiting scroll changes position the volume is reduced, and as a con-

sequence the gas trapped pocket between the scrolls is compressed. After a series of

compression cycles the high pressure discharge gas (DG) leaves the compressor at the

center of the scrolls.

Figure 3.10: Working principle of the scroll compressor [9].

Leakage and heat losses are the dominating loss factors of the scroll compressor [40].

In addition, friction between the interlocking scrolls and in bearings contribute to mi-



32 3 Residential Heat Pump Technology

nor losses. Due to the lack of valves, the scroll compressor has built-in volumetric and

pressure ratios. As such, care should be taken when selecting the compressor size in or-

der to avoid additional compressor work due to over or under compression. The only

volumetric losses are related to internal leakages, or back-flow, from higher to lower

pressure pockets. Nevertheless, volumetric efficiencies are typically high. Addition-

ally, the scroll compressor include few movable parts, has a small volume, low levels of

noise and vibrations, as well as a high tolerance for contaminants in the working fluid.

Intermittent capacity control means that the compressor is turned on and off accord-

ing to the required load. As a result, heat is supplied at a higher temperature during

on-time to cover the heating load during off-time [52]. Frequent on/off-cycling also

increases the wear and tear on the heat pump compressor, due to significant friction

losses and low suction pressures at start-up. As a rule of thumb, the compressor should

be limited to 3-4 start-ups per hour, which implies that a certain heat accumulator vol-

ume is necessary. However, with variable speed drive (VSD) control, the heating ca-

pacity can be adjusted dynamically according to the load by varying the frequency or

the voltage to the electric motor. An analysis performed by Karlsson and Fahlen [53]

concluded that the COP of an on/off controlled GSHP unit could be improved by 7-15

% by mean of VSD operation.

3.5.2 Brazed Plate Heat Exchangers

To achieve compact designs, brazed plate heat exchangers are commonly used as evap-

orators and condensers in low capacity heat pump units. These heat exchangers com-

press a large heat transfer area into a very limited volume, and contribute to favorable

heat transfer characteristics as well as reduced working fluid charges.

3.5.3 Throttling Valves

These devices ensure control of the evaporating pressure and mass flow in the heat

pump cycle. This device, which is either mechanical or electronic, ensures that the

suction gas to the compressor is superheated. Typically, the throttling valve is adjusted

to allow a 2-5 K superheating of the suction gas.

Thermostatic expansion valves (TEVs) are mechanically controlled devices, which typ-

ically adjust the valve opening according to a pre-set degree of superheating. A ther-

mostatic phial is mounted on the suction line subsequent to the evaporator, where

it senses the temperature and acts as feedback control to the TEV. Pressure variations

inside the phial translate to the TEV, which then opens or closes accordingly. An ad-

vantage of this control strategy is that evaporator pressure losses are accounted for.
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Electronic expansion valves (EEVs) are commonly used in modern heat pump units.

The valve opening is controlled electronically according to temperature or pressure

sensors at the evaporator inlet and outlet. Compared to TEVs, the EEV adjusts the

evaporating temperature more accurately at varying operating conditions. It is thus the

recommended alternative, especially in combination with VSD compressor control.

3.5.4 Process Improvements

The COP and heating capacity of the basic heat pump cycle can be enhanced by better

utilizing the working fluid properties. For water heating applications a higher outlet

water temperature is an important incentive. For low-capacity residential heat pump

units the most relevant options are additional heat exchangers.

The desuperheater (DSH) is placed between the compressor outlet and the condenser

inlet. It allows cooling of the superheated gas prior to condensation, and is ideally ap-

plied to cover heating duties at higher temperature requirements than the condensa-

tion temperature, such at DHW reheating. By cooling the superheated gas in a separate

heat exchanger, the condenser heating capacity and logarithmic mean temperature

difference are reduced. Consequently, the condensing temperature decreases, which

also implies a lower condensing pressure. This, of course, results in a lower pressure

ratio and reduced compressor work.

Figure 3.11: Improved heat pump cycle with added DSH, EEV and VSD.
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The suction gas heat exchanger (SGHX) enables internal heat transfer between the

liquid line and the vapor line, and thus provides subcooling and superheating simul-

taneously. This improves the evaporator capacity, as the specific enthalpy difference

is increased. Meanwhile, the necessary evaporator heat transfer area for superheating

is reduced. As a result, the evaporator LMTD is reduced, and the working conditions

for the compressor are improved. Despite a lower vapor density and reduced mass

flow rate, a higher isentropic and volumetric efficiency typically results in a net im-

provement. Increased superheating at the compressor inlet, results in an increased

discharge temperature at the outlet. The SGHX is therefore ideally combined with the

DSH for DHW heating purposes.

Figure 3.12: Improved heat pump cycle with added DSH, SGHX, EEV and VSD.
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Figure 3.13: Improved heat pump cycle with added SC, DSH, SGHX, EEV and VSD.

The subcooler (SC) is a third option, which is placed between the condenser outlet

and the liquid receiver inlet. It may be applied in combination with a low-temperature

heating demand, such as for DHW preheating. Subcooling of the working fluid re-

duces its specific enthalpy prior to throttling, which results in lower throttling losses

and a larger specific enthalpy difference in the evaporator. This is especially beneficial

for working fluids that otherwise experience a large vapor formation during throttling.

Either way, the evaporator heat transfer area must be increased in order to maintain a

constant LMTD and avoid a drop in the evaporation temperature.
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Chapter 4

Solar Assisted Heat Pump Systems

4.1 Solar Energy Potential

The potential for solar energy harvesting is enormous, even at higher latitudes. Nev-

ertheless, the prevalence of systems to utilize this energy is modest. The specific solar

irradiation perpendicular to the outer layers of the the atmosphere is on average 1367

W /m2 near the equator. Due to reflection and absorption of energy in the atmosphere,

the direct solar radiation that reaches the surface of the earth is about 1000 W /m2 [20].

Fig. 4.1 illustrates the incident solar energy per day in Norway, for January and July,

respectively.

Figure 4.1: Solar energy on an horizontal surface in January and July, respectively [10].

The annual solar irradiation on a horizontal surface ranges between about 600 kW h/m2

in the north, to 1000 kW h/m2 in the south [10]. It is evident that the potential solar en-

ergy production in January is marginal. In the northern part of Norway, where the sun

is below the horizon roughly between November and February, the potential for solar

37
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energy utilization is negligible during this period. By contrast, the opposite conditions

are prevailing during the summertime. In July, the solar energy intensity in the north of

Norway is comparable to that of the central and western regions. Naturally, the largest

solar energy potential is found at the southern part of Norway.

The flux of the solar irradiation is also dependent on local weather conditions and lat-

itude. Overcast weather will cause more absorption and reflection of solar radiation in

the atmosphere. As a result, the diffuse radiation can be much lower than the direct.

Solar energy utilization at higher latitudes implies that the solar radiation has to travel

further through the atmosphere. Consequently, more radiation is scattered and the

flux on the earth’s surface is reduced.

4.2 Solar Collector Systems

Utilization of solar thermal energy may be distinguished as either passive or active.

Passive solar heat utilization implies thermal gains through glazed building surfaces,

such as windows. These gains contribute to reducing the net heating demand of the

building. Active solar heat utilization refers to solar collector systems, in which the

solar energy is absorbed by a heat transfer fluid and transferred to a secondary fluid.

Depending on the solar collector type and operational conditions, overall efficiencies

may range from 50 to 90 % [20].

As a rule of thumb, a typical solar collector system in Norway delivers between 300 and

450 kW h/m2 annually. In the south and east of Norway, solar collector systems may

cover as much as 25-35 % of the annual space heating demand and 50-60 % of the DHW

demand in residential buildings [32]. The exact quantities are nevertheless dependent

on many factors, such as design and application of the system, latitude and weather

conditions.

Residential solar collector systems are typically distinguished as one of two categories:

1. DHW heating systems.

2. Combined space and DHW heating systems.

According to the IEA, the most important application for solar thermal systems is DHW

heating. In Europe, small scale residential systems accounted for 84 % of the total so-

lar heat DHW production in 2013 [11]. The collector yield corresponded to 37 TWh, or

roughly equivalent to the total energy use of the Norwegian building stock. In Norway,

the energy yield from such systems was approximately 15 GWh, corresponding to a 5
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084 tonne reduction in CO2 emissions.

The main components in a solar collector system are the solar collector, or solar panel,

the heat distribution system and the thermal energy storage tank. As solar collector

systems are largely used for domestic hot water production, water-based distribution

system are the most common. Air-based heat distribution via the ventilation system

is a less common option. The storage tank is designed for short-term heat accumu-

lation on an hourly, daily or weekly basis. Hence, the system may still provide heat

when the irradiation is negligible or the demand is higher. The storage vessel should

be designed for a large thermal stratification between the top and bottom, to allow for

low-temperature solar heat input near the bottom.

4.2.1 Collector Technologies

Worldwide installed solar thermal capacity, including the contribution to the energy

supply and reduction of CO2 emissions, is reported by the Solar Heating and Cooling

Programme (SHC) of the International Energy Agency (IEA) [11]. Here, it is reported

that by the end of 2013 the vast majority of the total capacity was installed in China

(262.3 GWth) and Europe (44.1 GWth). This capacity is further divided into flat plate

collectors (89.3 GWth), evacuated tube collectors (264.1 GWth), unglazed water collec-

tors (25.0 GWth), as well as glazed and unglazed air collectors (1.7 GWth). Evidently,

on a worldwide scale the evacuated tube collectors (70.5 %) are most widely used. In

Europe and Norway, however, the flat plate collectors are by far most prevalent with

shares of 83.8 % and 78.7 %, respectively. The relative shares on a worldwide, Euro-

pean and Norwegian scale are illustrated by fig. 4.2.

Flat Plate Collectors

Flat plate collectors are used in liquid based systems and are the most widely used

technology for active solar thermal utilization in Norway and Europe. In general, the

simple construction of these collectors comprise an absorber plate, metal tubing, a

transparent cover and insulation. A heat transfer fluid is circulated through the metal

tubes, that are fixed to the absorber plate. The absorber plate is usually coated with

a material which absorbs most of the visible light, while emitting very little infrared

radiation [32]. The cover plate reduces the heat losses via long wave radiation from the

collector, while being transparent to short wave solar irradiation.
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Figure 4.2: Distribution installed solar thermal capacity by type [11].

Evacuated Tube Collectors

This is a less common option for liquid-based solar thermal systems in Europe and

Norway. The construction is more complicated compared to flat plate collectors, and

consists of several coaxial glass tubes, placed in a vacuum. The inner tube is coated

with an absorbing material, and a metal absorber is placed within this tube. The vac-

uum between the tubes ensure minimal convection heat losses to the ambient, com-

pared to flat plate collectors. Compared to flat plate collectors, the specific cost of

these collectors is typically 2.5 times higher. Although the thermal efficiency of evacu-

ated tube collectors is superior at large temperature differences between the absorber

and the ambient, the heat yield is typically lower [54].

PV/T Collectors

This is a third option, which has not yet had a commercial breakthrough comparable

neither to that of photovoltaic (PV) technologies nor the pre-mentioned solar collector

technologies. Lately however, there has been a growing interest in this technology in

relation to low and zero energy buildings. For projects with ambitious energy targets

or limited available area for local solar energy utilization, solar thermal and PV systems

will eventually compete for space on roofs and facades. The possibility of architectural

uniformity is the underlying motivation for using PV/T panels, rather than PV and so-

lar thermal panels separately.

Additionally, a typical PV module has an efficiency between 10 and 20 %, which de-

creases with increasing panel temperatures. This is because a large share of the so-

lar energy is either reflected or dissipated as heat. The latter may be utilized by the
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PV/T technology to improve the efficiency of electricity production. Fig. 4.3 depicts the

principal construction glazed and unglazed PV/T modules, repsectively. Whereas the

unglazed PV/T modules are characterized as PV panels with cooling, the glazed mod-

ules are described as solar thermal panels with PV panels added. The latter produces

a higher thermal output than the unglazed modules, and are therefore the preferred

choice in thermal systems.

Figure 4.3: Principle drawing of the PV/T modules [12].

Good et al. [12] assessed the performance of PV/T modules, in combination with var-

ious PV and solar thermal technologies, for a residential nZEB building in Oslo cli-

mate. Comparisons were made using the dynamic simulation tool Polysun [55]. The

annual solar fraction, which in the literature is typically thermal energy specific, was

highlighted as an important design parameter. Since PV/T panels combine thermal

and electrical energy production, an electricity-specific solar fraction was defined ad-

ditionally. These are given by eq. 4.1 and eq. 4.2.

SFth = Qsol

Qsol +Qaux
(4.1)

where:

SFth : thermal solar fraction [−]

Qsol : thermal energy from the solar energy system [kW h]

Qaux : thermal energy from the auxiliary energy source [kW h]

SFel =
Esol

Eneed
(4.2)
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where:

SFel : thermal solar fraction [−]

Esol : electricity from the solar energy system [kW h]

Eneed : electricity-specific energy energy demand [kW h]

The results indicated that the combination high thermal efficiency (glazed) PV/T mod-

ules and average efficiency PV modules may yield solar fractions, both thermal and

electrical, intermediate to those of average efficiency and high efficiency combina-

tions, respectively. The largest differences related to module efficiency were neverthe-

less observed for the electricity-specific solar fraction. For thermal energy production

the solar fraction was more or less constant, regardless of whether average or high-end

modules were used.

4.2.2 Building Integration and Orientation

Solar panels are commonly façade or roof integrated, due to esthetics and practicality

of installation. Nevertheless, to utilize the full potential of the incident solar irradia-

tion, more optimal orientation of the panels is possible. Firstly, the panels should be

facing south, with an allowable deviation of ± 45° in the east-west direction. Secondly,

the optimal tilt angle should be used. This is the fixed angle between the solar panel

and the horizontal plane that result the maximum annual accumulated energy quan-

tity [20]. In Trondheim, the optimal tilt angle for solar thermal panels is 44°. For any

given location the optimal tilt angle is calculated according to eq. 4.3.

ψopt =

n=365∑
n=1

(ψn ·qn)

n=365∑
n=1

qn

(4.3)

where:

n : number of the day [−]

ψopt : optimal tilt angle at day n [°]

qn : average incident energy quantity at day n [kW h/(m2d ay)]

In practice, however, it might be more beneficial to deviate from the theoretical opti-

mum when fixing the solar thermal panels. For instance, a less steep angle might be
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more optimal if the collector system is used to heat an outdoor swimming pool during

the summertime. The same methodology applies if the DHW demand is large during

this period [20]. By contrast, since the angle of the incident solar irradiation is low dur-

ing the wintertime, a steeper angle might improve the energy coverage factor for space

heating systems. Moreover, since a steeper angle permits snow to slide off the collector

surface, this this contributes to reduced losses in terms of shading.

Façade mounted collectors typically result in a larger annual heat production, due to

better utilization of the solar irradiation during the wintertime. Nevertheless, the ca-

pacity of the solar thermal system is low during the wintertime as a result of limited

solar irradiation. The opposite conditions are prevailing during the summertime, and

typically there is a surplus heat production. A better balance between demand and

supply might be seen during the spring and fall, when the solar irradiation is inter-

mediate. Hence, there is a trade-off between annual delivered heat and peak power

production. Consequently, the recommended tilt angle may deviate from the opti-

mal, and is dependent on whether the system is used for DHW production alone, or

for combined space heating.
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4.3 Development of Solar Assisted GSHP Systems

Since the late 70s there has been an increasing interest in GSHP systems coupled with

STPs, as a means of improving the overall system performance. Although the technol-

ogy has yet to become widely adopted, the prevalence of such systems is increasing

[56]. Driving factors for this development are primarily technological improvements

and declining costs. Increasing electricity costs and a political focus on improved en-

ergy efficiency and a larger renewable energy share in the building sector are additional

incentives.

During the 80s, international research work sprouted from the IEA (International En-

ergy Agency) with the "Solar Heating and Cooling Program", "Energy Storage Program"

and the "Advanced Heat Pump Program" [57]. Projects largely focused on borehole

based systems and seasonal storage. The main purpose of the STC systems was to in-

crease the borehole temperature, and consequently it was found equally advantageous

to simply increase the borehole depth.

In the late 90s, there were about 100 000 GSHP systems in Europe, of which 50 % were

located in Sweden [57]. The solar assisted systems, however, were located in central

Europe. In Austria a combined GSHP and STP system with 20 m2 collector area was

able to cover 29 % of the total heating demand of a 218 m2 single family dwelling by

solar heat. In Germany, similar systems in larger buildings were able to cover up to 75

% of the DHW demand and 15 % of the total annual heating demand, respectively.

In the early 00s, both theoretical and experimental research was carried out on a com-

bined GSHP and STP system in a 180 m2 French single-family house [56, 13]. The heat

pump was a 15.5 kW reversible unit, coupled with two 90 m deep double U-pipe BHEs.

The solar thermal system integrated 12 m2 of solar thermal panels and a 500 l storage

tank. Fig. 4.4 illustrates the principle layout of the system. In particular, the system

consisted of one continuous hydraulic circuit, circulating a glycol-water mixture by

means of seven pumps. Hence, flow directions were decided by sequential pump op-

eration, rather than by three-way valves. Consequently, increased electricity use due

to longer operating times for the circulation pumps had dramatic effect on the overall

performance. Careful control of the system thus proved very important.

Measurements on system behavior revealed, as expected, that the performance de-

clined as the heating season advanced. Compared to the start-up in November 2004,

the COP in April 2005 was reduced by 14 %, from 4.05 to 3.5. In this case, the solar ther-

mal system was deliberately oversized with respect to the total DHW demand, so that

excess solar heat could be directed to the BHEs or the floor heating circuit. By coupling
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Figure 4.4: Principle flow scheme of the GEOSOL combined GSHP and STC system [13]

the solar thermal and heat pump systems, it was argued that the required capacity of

the heat collector system could be reduced as a means to cut system costs.

Today, solar assisted heat pump systems for single-family houses have been commer-

cialized, and are available as plug-and-play solutions. One such example is the HYSS

- Hybrid Solar System [14]. This is an integrated system, in which interaction between

a solar thermal circuit, a brine-to-water heat pump and a thermal storage system is

optimized to give SCOP values between 6 and 8 [58]. The heat pump integrates a VSD-

controlled compressor, which is designed to cope with brine temperatures up to 40 °C.

Solar heat is utilized according to two main strategies:

1. To reduce the operating time for the heat pump.

2. To optimize the operating conditions for the heat pump.

The HYSS system is operated in three distinct modes, designed to maximize the solar

heat utilization. Switching between these modes is dictated by the temperature level

in the solar thermal circuit. At high temperatures (40-75 °C), solar heat is exchanged

directly to produce DHW at more than 60 °C. This mode can be operated during 4-6

months of the year, and render supplementary heat unnecessary. At medium temper-

atures (15-40 °C), solar heat is used to elevate the brine temperature to the heat pump
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evaporator. Hence, the heat pump COP is increased, contributing to a higher annual

SCOP. At low temperatures (5-15 °C), the solar heat is used for short-term energy stor-

age by recharging the borehole or ground collector field. This reduces the net heat

extraction from the ground, and contributes to a higher COP and SCOP.

(a) 5-15 °C (b) 15-40 °C (c) 40-75 °C

Figure 4.5: HYSS - Hybrid Solar System operating modes [14].

4.4 Optimal Utilization of Solar Heat in GSHP Systems

A theoretical study, carried out at Lund University in Sweden, assessed the dynamics of

solar assisted heat pump systems in dwellings [57, 59]. Several system configurations

combining STPs and GSHPs, coupled with vertical BHEs, were simulated dynamically

using TRNSYS [60]. The goal of this research was to optimize integration of the STPs

in GSHP systems, in order to maximize the overall performance. Compared to a stan-

dalone GSHP systems, a large electricity saving potential was found. The results also

indicated that the relative energy saving potential by utilization of solar heat, increased

as the dimensioning of the BHE circuit decreased. The motivation behind integration

of STPs with BHE-coupled GSHP systems is summarized as following:

1. To decrease the electricity use in the overall system.

2. To raise the average temperature in the borehole.

3. To decrease the net heat extraction from the borehole.
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In combined systems both the solar collectors and the heat pump can get new op-

erating conditions that ultimately improve the overall system performance [59]. For

instance, the solar collectors might be used to increase the evaporation temperature

of the heat pump, in which case the efficiency of the heat pump would improve. The

solar collector system can cover the entire DHW demand during the summertime, thus

reducing the operating time for the heat pump. This coincide with the HYSS method-

ology [14]. For intermittently (ON/OFF) controlled heat pumps, wear and tear of the

compressor is furthermore reduced, as short operation periods are eliminated.

4.4.1 Thermal Depletion and Recharging

In France, Trillat-Berdal et al. experimentally investigated the effect of borehole recharg-

ing on the system COP [56]. Between November 2004 and September 2005 the power

extracted from the ground had an average value of 40.3 W /m. Simultaneously, the

power of solar heat injected to the ground had an average value of 39.5 W /m. By

recharging the borehole with solar heat during summertime, the long-term loss in per-

formance was practically redeemed. At the second start-up in the fall of 2005, the mea-

sured COP was equivalent to the measured value in the previous year.

Long-term thermal depletion was studied theoretically by means of TRNSYS simula-

tions [13, 60]. It was found that thermal depletion of the ground is relatively rapid dur-

ing the first year of operation, and then decreases at an increasingly slower rate. Over

a 20-year period the simulated temperature decrease in the ground was 2 °C on aver-

age, although a steady state condition was not reached. The long-term temperature

decrease was found to be more or less depending on the following parameters:

• Bedrock characteristics (conductivity, specific heat capacity, etc.)

• Initial ground temperature.

• Water content.

• Building loads.

• Borehole spacing.

• Borehole fill material.

E. Kjellsson et al. [59] concluded that long-term thermal recharging is of primary in-

terest for borehole-coupled systems. However, if the heat collector system is prop-

erly sized, it might be more efficient to produce DHW during the summertime. This

is because the natural recharging from the surroundings is large during the summer,

when the heat extraction is low. Meanwhile, heat supplied to the borehole is quickly
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dissipated to the ambient, and gives almost no annual savings in electricity. These

arguments are even more relevant for horizontal collector systems. Hence, thermal

recharging was regarded most advantageous if closely timed to the heat extraction.

The sooner the recharged heat is extracted, the better. If there is almost no need for

auxiliary electric heating, the advantage of recharging is low. These findings are sum-

marized as following:

1. For systems with undersized borehole systems, the savings in electricity may be

large, especially if the solar heat can replace electricity from auxiliary electric

heaters.

2. If the boreholes are oversized, then the potential savings from thermal recharg-

ing are negligible.

3. Solar heat for DHW heating is always replacing electricity, as the equivalent op-

erating time for the GSHP decreases. This is valid, irrespective of the borehole

depth.

Increased electricity use to circulation pumps, due to longer operating times, is a an-

other disadvantage of solar thermal recharging. If the solar collector and borehole sys-

tems are permitted to run whenever solar heat is available, the increased electricity

use to the circulation pumps may easily exceed the savings in electricity for the heat

pump [59]. This emphasizes the importance of high-efficiency circulator pumps. If

the system is well-designed and dimensioned with respect to GSHP heating capac-

ity, borehole depth or collector length, and building load, while presuming all subsys-

tems are working well, then the best use of solar heat is for DHW production during

the summertime (March-October) and for borehole recharging during the wintertime

(November-February). The optimum periods for this control strategy depend on the

size of the heat load and the actual DHW demand.

4.4.2 Operation Strategies

It is recommended that solar assisted heat pump systems are designed and controlled

so that solar heat can be utilized in alternative ways when the temperature is insuf-

ficiently high for DHW production [59]. Typical examples include low-temperature

space heating, DHW preheating, increase of the evaporator inlet brine temperature, or

recharging of the ground. E. Kjellsson et al. [57, 59] and Trillat-Berdal et al. [56, 13]

suggested the following methodology for optimized utilization of solar thermal energy

in combined systems:
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At high temperatures (> 50°C) , the solar collectors should be used to produce or pre-

heat DHW. In this case the heat pump is not in operation. This reduces the operating

time for the heat pump, as well as the net heat extraction from the borehole.

At medium temperatures (20-50 °C) , the solar collectors should be used in com-

bination with the space heating system. The overall system efficiency is improved as

the solar collector operating time is increased, while the heat pump operating time is

reduced. Simultaneously, the net heat extraction from the ground is reduced.

At low temperatures (5-20 °C) , there are two optional uses for the solar collectors.

Alternative 1 is to increase the brine temperature to the heat pump evaporator. This

results in improved operating conditions and a higher COP for the GSHP. Meanwhile,

the operating time for the solar collectors is increased. Improved operating conditions

for the GSHP results in increased heat production and a reduced operating time. Due

to the brine temperature increase, the net heat extraction from the ground is also re-

duced.

Alternative 2 is to use the solar heat to recharge the ground. In this case the heat pump

is not in operation, implying that there must be no other heating demand in the build-

ing. This operation strategy result in both increased efficiency for the overall system

and a longer operating time for the solar collectors. Heat injection to the ground results

in a short-term increase in the ground temperature, and improved operational condi-

tions for the heat pump. Meanwhile, long-term heat depletion of undersized ground

collector systems may be counteracted.

4.5 Key Design Parameters for the Multikomfort ZEB

The Multikomfort ZEB is a pilot project, located in Larvik in the south of Norway [61]. It

is a two-story single-family dwelling with a heated floor area of 202 m2, and is designed

and built according to the ZEB O&M ambition level. The system is relatively complex,

and integrates state-of-the-art technologies for energy conservation and utilization of

on-site renewable energy sources. A Nilan Compact P Geo 3 combined GSHP and an

exhaust air heat pump (EAHP) works together with a solar thermal system to cover

the thermal energy demand. Additionally, heat is recovered at moderate temperatures

from the exhaust air and from low-temperature grey water.

The calculated energy demand for DHW production in the building constitutes 60 %

of the total thermal energy demand, while SH and heating of ventilation air account

for the remainder [62]. The GSHP is designed for 80 % thermal energy coverage, and
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collects heat from one of two optional circuits: 1) a 150 m horizontal loop (SCF), or 2)

a 100 m vertical loop (BHE). The remaining 20 % of the heating demand is covered by

the solar thermal system. This system comprises 16 m2 of Hewalex flat plate STPs that

are mounted at 19° incline on the roof, facing southeast. Solar heat is accumulated in

a space heating tank in the bottom section of an OSO EPTRC 400 IWT, identical to that

found at the Living Lab. Hence, solar energy is used for preheating of DHW, as well as

for low-temperature underfloor heating. Additionally, one large radiator by Lyngson is

located on each floor [62]. The top section of the IWT comprises a DHWT. A principle

flow scheme of the system is given in fig. 4.6.

Figure 4.6: Principle flow scheme of the integrated thermal energy system at the Mul-
tikomfort ZEB[15, 16]

As the DHW demand comprises a major part of the total heating demand, the system

has been designed accordingly, and about 50 % of this heat is recovered after end use.

This is achieved by means of heat exchangers in the drains, after which the entire vol-

ume of grey water is passed through an OSO Energy Saver heat recovery tank. After

preheating with recovered heat, the DHW is passed through the bottom section of the

IWT. Here, subsequent heating is achieved by means of a solar thermal coil, before

reheating either by means of the GSHP (wintertime) or by the EAHP (summertime).

Reheating by means of a 3 kW IEH is also possible. DHW is then transferred to the top

section of the IWT, which accommodates a high temperature solar thermal coil, before

being transferred to the auxiliary DHWT in the Nilan Compact P unit. A third solar

thermal coil in this tank enables additional renewable energy input.
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Nord et al. theoretically assessed the performance of the combined GSHP and STC sys-

tem in the Multikomfort ZEB [15]. The sensitivity on the total energy use was assessed

by simulating the system in the dynamic software IDA ICE, while changing one design

parameter at a time. The effect in change of a given design parameter was quantified

as the percentage change in total system electrical energy use (∆E), relative to the per-

centage change of the parameter (∆X ). The results are summarized in table 4.1.

Table 4.1: Relative effect of change in design parameters [15]

Parameter k = ∆E
∆X [%]

1 Distribution supply temperature 38.5
2 Supply air volume rate 25.2
3 Storage volume, DHW 5.5
4 Storage volume, SH 4.6
5 Solar collector area 1.7

Solar collector areas between 8 and 16 m2 were investigated to see the influence on

system performance and electricity use. For each case the solar fraction was calcu-

lated and compared to the specific delivered solar energy on a monthly and annual

basis. The solar fractions, which include the solar energy used to recharge the bore-

hole, were highest for the largest collector areas, although only small changes were

seen by reducing the area from 16 to 12 m2. For 16 m2 collector area the simulated

annual solar fraction was 35.9 % with a total annual specific delivered energy of 35.5

kW h/m2. By comparison, the simulated values for 8 m2 collector area were 22.3 %

and 36.1 kW h/m2, respectively. From May to August, a STC area of 16 m2 was able to

cover 60 % of the DHW demand, whereas an area of 8 m2 was able to cover 45-50 %

of the demand. Simulations showed that by directing the collector surface towards the

south, while increasing the tilt angle from 19° to the optimum of 55°, the annual solar

fraction increased by 18 %. An oversized STC area of 16 m2, compared to a moderate 8

m2, could result in a reduced electricity use of 1.6 %. Optimized tilt angle and orienta-

tion of the STCs also contribute to reduced losses.

The effect of the DHWT volume on the annual solar fraction and specific delivered

energy was also simulated by increasing the volume from 180 to 300 l. As a result, the

solar volume was less affected by heat input from other heat sources. Due to better

stratification, a lower temperature could be maintained at the bottom of the tank, thus

improving the thermal efficiency. The inlet temperature to the STCs was consequently

reduced by 3-4 K, giving an increase in the annual solar fraction of 3 %, and a decrease



52 4 Solar Assisted Heat Pump Systems

in the specific delivered energy for 3.7 %.

For the SH tank , no dependency between the height/diameter (h/d) ratio and the

specific delivered energy was observed. There was however some correlation with the

annual solar fraction. Reducing the h/d ratio from the initial 2.08 to 1.5 decreased the

annual solar fraction by 0.6 %, whereas an increase from 2.08 to 2.6, gave an increase in

the annual solar fraction of 0.3 %. Storing solar energy in the DHW tank is thus advised,

as this increases the annual solar fraction more effectively with an increasing tank vol-

ume. The DHW tank volume is thus regarded as an important design parameter.

The volumetric flow rate and temperature of the ventilation supply air, as well as

zone set-point temperatures had a slightly greater effect on the delivered electrical en-

ergy. By reducing the air volume flow rate from 1.2 to 1.0 m3/hm2, the electricity use

was reduced by 4.2 %, while keeping the CO2 concentration below the recommended

limit of 1000 ppm. Reducing the supply air and zone set point temperatures from 20

to 19 °C resulted in a 3.6 % reduction in delivered electricity. By decreasing the supply

temperature in the SH system from 35 to 32 °C, the system performance was improved

as the COP of the GSHP increased.

An important point for consideration is that when a change in parameter leads to in-

creased component sizes, the amount of saved energy must be weighted against the

additional investment cost [15]. In general, the simulations indicated that the supply

air volume and temperature, as well as the zone set-point temperature had the great-

est relative impact on the specific delivered electricity. Variations in the IWT volume,

and STC area, had a lower impact, due to smaller percentage changes in these param-

eters.



Chapter 5

Thermal Energy Supply at the Living

Laboratory

The thermal energy supply system at the Living Laboratory [29] is designed to maxi-

mize the energy yield from on-site renewable energy sources. As a result, the system

integrates both a ground-source heat pump and a solar thermal collector system. Both

subsystems are coupled with an integrated water tank (IWT) for space heat accumu-

lation and domestic hot water storage. The IWT incorporates one immersed electrical

heater in each tank section, to ensure peak load coverage.

The overall system may be divided into several subsystems. In the following, these are

distinguished as a heat pump subsystem, a solar thermal subsystem, a heat accumula-

tion and storage subsystem, and a heat distribution subsystem. The latter may further

be separated into primary and secondary circuits. In this context however, the heat

pump, solar thermal, and thermal storage subsystems are the main focus.

5.1 Heat Pump Circuits

5.1.1 Ground Source Heat Pump Unit

A Calorex WW3500 brine-to-water heat pump unit has been installed to cover the ma-

jority of the demand for space heating, heating of ventilation air and domestic hot wa-

ter production [63]. According to manufacturer test data the nominal heating capacity

is 3.17 kW at 0 °C brine inlet temperature, and 35 °C outlet water temperature (0/35

°C). At these conditions the input power to the compressor is rated at 0.86 kW, result-

ing in a nominal COP of 3.69. At 0/55 °C, the heating capacity is reduced to 2.61 kW. At

this condition the nominal compressor input power is given as 0.87 kW, which give a

resulting COP of 3. Performance data as reported by the manufacturer is summarized

in table 5.1.

53
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Table 5.1: WW3500 performance data at 0 °C brine inlet temperature.

tw−o Qcond Wel COP εC ηC

[°C] [kW] [kW] [-] [-] [-] [-]

35 3.17 0.86 3.69 8.80 41.9
55 2.61 0.87 3.00 5.97 50.3

Fig. 5.1 the principle design of the Calorex heat pump unit, which is fairly simple.

The unit incorporates the five basic components; an evaporator, a compressor, a con-

denser, a liquid receiver and a thermostatic throttling valve. The compressor is a fixed-

speed hermetic scroll type, which is designed for operation with HFC working fluids,

such as R134a, R404A and R407C. The heat pump unit is charged with 2.5 kg of R134a,

and uses a polyolester (POE) lubricant.

Figure 5.1: Principle flow scheme of the Calorex heat pump unit.

The compressor is compatible with evaporation temperatures ranging from -30 to +10

°C, and condensarion temperatures ranging from 25 to 65 °C. Fig. 5.2 illustrates the per-

missible operating range for the compressor, with R407C as the working fluid. At evap-

oration temperatures above -5 °C, the compressor is restricted to a maximum temper-

ature lift of 40 K. At evaporation temperatures below -5 °C, the maximum temperature

lift quickly decreases.
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Figure 5.2: Operating range for the scroll compressor.

5.1.2 Ground Collector Circuit

The heat collector system comprises a horizontal ground source heat exchanger, which

is buried at 1-1.5 m depth on the north side of the building. The heat exchanger is a

smooth PN6.3 ø40x2.4 mm PE tube, with an approximate length of 105 m and a heat

transfer surface of 26.4 m2. The total area of the surface collector field is approximately

100 m2. Fig. 5.3 illustrates the projected layout of the ground heat exchanger. A mu-

tual distance of approximately 1.5 m is used in order to minimize thermal influence

between parallel tubes.

Heat is extracted from the ground by cooling the surrounding soil. Depending on the

moisture content in the ground, a share of the heat absorption occur as latent heat

transfer when the water in the soil freezes. During parts of the year, the temperature

on the heat carrier fluid drops below the normal freezing point of water. Consequently,

an antifreeze brine is utilized.

At the Living Lab an aqueous solution propylene glycol is applied. The use of propy-

lene glycol is motivated from environmental and safety concerns, as well as the fact

that the PG mixture contains a favorable corrosion inhibitor. The substance is ecologi-

cally benign, and the consequences in case of leakage are negligible [64]. With respect

to hydrodynamic and thermodynamic performance, however, an aqueous solution of

ethyl alcohol would be preferable.
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Figure 5.3: Principle layout of the horizontal collector circuit.

5.2 Solar Thermal Circuit

The solar thermal circuit (STC) is designed as a combined DHW and space heating

system, comprising two façade-mouted Hewalex KS2000 SLP glazed flat plate collec-

tors. The combined aperture area is 3.63 m2. Fig 5.4 depicts a cross-sectional view

of the solar collectors, and unveils a relatively simple design. The construction com-

prises copper tubes, attached to the back of an absorber plate. These are thermally

insulated underneath and on the sides. A glass cover plate is mounted on the outside

of the absorber plate, with an air gap in between. The absorber plate is coated by a

black chrome film, which gives a high absorption coefficient, durability and corrosion

resistance [17].

As for the ground collector circuit, sub-zero temperatures will prevail in the STC during

the wintertime. Consequently, an antifreeze solar fluid is used. Unlike the ground col-

lector loop, however, the solar fluid must be able to resist excessive stagnation temper-

atures in the range 150-160 °C. Due to this requirement, the same aqueous propylene

glycol solution is used in the STC, as in the ground loop.

Solar heat can be utilized by the thermal energy system in one of two ways. The first

option is heat rejection to the bottom section of the integrated water tank (IWT), by

means of a 0.7 m2 coil, see fig. 5.5 in section 5.3. This enables pre-heating of DHW
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Figure 5.4: Cross sectional view of the Hewalex KS2000 SLP solar thermal collector [17].

and low-temperature space heating. The second option is to exchange heat with the

ground collector circuit, by means of a compact brazed plate heat exchanger (BPHX).

For optimal heat transfer efficiency a counter-flow arrangement is used for the two

streams.

5.3 Heat Accumulation and Storage

The heart of the hydronic system is an OSO EPTRC 400 integrated space heat (SH) ac-

cumulation and domestic hot water (DHW) storage tank. This is a tank-in-tank con-

figuration with the two sections physically separated by a metal wall. Conduction heat

transfer from one side to the other is thus allowed. The IWT has four main tempera-

ture zones, namely, pre-heating of DHW, space heating, re-heating of DHW with the

heat pump, and top-up DHW heat by electrical heating. The tank is very compact and

therefore well-suited for small spaces, which is the case for the technical room at the

Living Lab. Exterior dimensions of the tank are ø580x2250H mm. Fig. 5.5 shows the

principle construction of the IWT.

The SH tank has a volumetric capacity of 160 liters and serves as temporary heat stor-

age for the hydronic heating systems, and functions as a buffer for the GSHP due to

ON/OFF control. The hydronic system may draw heat from the tank until the average



58 5 Thermal Energy Supply at the Living Laboratory

Figure 5.5: Principle flow scheme of the thermal energy system at the Living Lab [4]

temperature reaches a pre-set value, before any of the heat sources are activated. This

reduces the intermittency of operation for the heat pump, as well as the operation time

for the 3 kW immersed electric heater (IEH), which is located in the upper region of the

tank. The set-point temperature of the IEH is presently 40 °C, but may be adjusted

within the range of 30-60 °C. If needed, the capacity of the coil can be increased to 6 or

9 kW. A DHW preheating coil with 0.8 m2 heat transfer area is located above the solar

thermal coil, in the middle section of the tank.

The top section of the IWT comprises a 240 liter DHW storage volume. It integrates a 3

kW IEH, located in the top region of the tank, which is activated automatically accord-

ing to a pre-set temperature requirement. The current setting for the thermostat is 70

°C, although a range between 60 and 90 °C is possible. To minimize the risk of bacterial

growth (legionella) a minimum set-point temperature of 65 °C is recommended by the

manufacturer. A large coil with a heat transfer surface of 1.8 m2 occupies the middle

and lower region of the tank. This coil is coupled with the ground source heat pump,

and is activated when there is a DHW load. That is, when the average temperature in

the tank drops below the set-point.
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5.4 Heat Distribution

The heat distribution system is designed to be flexible with respect to heating strate-

gies. Specifically, four options are available: 1) underfloor heating in several zones, 2)

heating by means of a single interior wall-mounted radiator, 3) heating by means of

a ventilation heating battery, or 4) a combination of the previous options. In the sub-

sequent sections the overall system is dissected, and presented as separate subsystems.

5.4.1 Primary Circuit

The heat distribution system has been designed to supply heat at medium tempera-

tures for space heating by means of a radiator circuit, and for ventilation heating by

means of a duct-mounted heating battery. Fig. 5.6 and 5.7 illustrate the principle lay-

out of the circuits.

Figure 5.6: Capacity control of the radiator circuit.

Figure 5.7: Capacity control of the heating battery.

At design conditions, the supply and return temperatures are 55/50 °C. Design volu-

metric flow rates are 436 l/h for both the radiator and heating battery circuits, with re-

sulting heating power of 2.5 kW. At higher ambient temperatures the supply and return
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temperatures should be controlled according to the actual power demand, preferably

according to and outdoor compensation curve. Keeping the distribution temperatures

as low as possible is beneficial with respect to the COP and heating capacity of the

Calorex heat pump.

5.4.2 Secondary Circuit

From a thermodynamic point of view it is more advantageous to supply heat at lower

temperature levels, especially for a heat pump. A low-temperature underfloor heating

(UFH) system is coupled with the primary circuit by means of an OSO MX pump cen-

tral, as illustrated in fig. 5.8. The pump central integrates a Grundfos Alpha2 L pump,

a shunt valve and a deaerator, and can optionally be fitted with an 18 liter expansion

vessel. The latter has been omitted since the hydronic system has an expansion vessel

integrated at the SH tank. The combination of the primary circuit pump, CP3, and the

OSO pump central may be recognized as a "Norwegian coupling", according to [20, p.

426].

Figure 5.8: Capacity control of the floor heating circuits.

Supply and return water is mixed to achieve temperature control of the underfloor

heating system. Depending on the actual demand, heat is delivered to maximum eight

underfloor heating circuits. Zoning of these circuits is illustrated in fig. 5.9. Design

temperature levels for the supply and return lines are 33/28 °C, with a volumetric flow

rate of 601 l/h and heating power of 3.5 kW.

5.5 Monitoring and Data Acquisition

Monitoring, data aqcuisition (DAQ) and control of the Living Lab technical systems

is an integrated solution, based on the National Instruments LabVIEW platform. This

software is specifically designed for advanced measurements, enabling user interfaces

and functionality to be tailored for the specific experiment [65].
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Figure 5.9: Zoning of the underfloor heating circuits.

Table 5.2: Overview of underfloor heating circuits and zones.

Closing valve Circuit Length [m] Zone

TEA1 1.1 68 Bedroom, west
TEA2 1.2 54 Living room, north
TEA3 1.3 79 Living room, north
TEA4 1.4 96 Living room, south + kitchen
TEA5 1.5 92 Living room, south + kitchen
TEA6 1.6 63 Entrance
TEA7 1.7 28 Bathroom
TEA8 1.8 98 Bedroom, east

The hardware is a National Instruments CompactRIO platform, to which signals from

sensors and transducers are routed. Like the LabVIEW software, this system can be

customized for the particular purpose [3]. It combines controllers, input/output mod-

ules and expansion slots, which is flexible with respect to future expansions or mod-

ifications. Presently, the system includes one controller, two expansion slots, and a

total of 19 different input/output signal modules. Transducers and components com-

municate with the monitoring and control system through a Modbus communication

protocol. Different equipment and sensors use different control signals. Among these

are 0-10 V analogue signals, 24 V digital signals, and Modbus serial communication.
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An example of the latter is the serial connection of circulator pump signals.

The DAQ system has been designed with a certain compromise between measuring

accuracy, and the number and type of sensors. Hence, the measuring accuracy is

lower compared to typical laboratory standards, and primarily commercialized mea-

surement equipment is used. With respect to the Living Lab as a test facility, more

sensors are used than what would be required for a typical single-family house. These

sensors are nevertheless integrated as would be expected for a real-life scenario.

While the monitoring and DAQ system is fairly comprehensive, the following presen-

tation is limited to relevant functionality for monitoring and control of the systems for

thermal energy supply. A complete schematic of the MAC system is provided in ap-

pendix A.

5.5.1 Thermal Energy Metering in Hydronic Circuits

Thermal energy production and use is monitored by means of thermal energy me-

ters (TEMs) at five separate locations in the hydronic circuits. The TEMs are of the

type Kamstrup Multical 602, which have functionality to calculate thermal energy and

power, based on measured quantities of temperature and volumetric flow. The lat-

ter is measured by Kamstrup Ultraflow 54 ultrasonic sensors, while temperatures are

measured by means of Pt500 probes. The combined accuracy of energy measurements

when used in combination with pure water is ± 2 %.

Table 5.3 gives an overview of the installed thermal energy meters, their locations and

connected sensors. The thermal energy output from the heat pump unit, as well as the

thermal energy use for DHW, radiator and heating battery, underfloor heating in the

living rooms, and underfloor heating in the bedrooms and bathroom are measured.

Table 5.3: Overview of thermal energy meters and connected sensors.

Location TEM Temperature Volumetric flow

Heat pump output TEM1 RTD4, RTD5, RTD6 UFS1, UFS2
Domestic hot water use TEM2 RTD13, RTD14, RTD15 UFS3, UFS4
Radiator and heating battery TEM3 RTD17, RTD18, RTD19 UFS5, UFS6
UFH, living rooms TEM4 RTD20, RTD21 UFS7
UFH, bedrooms and bathroom TEM5 RTD22, RTD23, RTD24 UFS8, UFS9
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5.5.2 Thermal Energy Metering in Brine Circuits

Thermal energy quantities in the ground collector and solar thermal brine circuits are

monitored by means of separate Pt100 probes and volumetric flow sensors. Hence,

thermal the energy flows in these circuits must be calculated manually, which con-

tributes to a lower measuring accuracy.

In the ground collector circuit, the volumetric flow rate is measured by means of an

Omega FMG94-PVDF full-flow electromagnetic flow meter (EFS1). It has a range of

2...120 l/h and an accuracy of ± 5 %. The supply brine temperatures, before (RTD1)

and after (RTD2) the heat exchanger, and the return brine temperature (RTD3), are

measured by means of Pt100 probes. These have a range of -50...180 °C, and an accu-

racy of ± 0.1 °C.

In the solar collector circuit, the volumetric flow is measured by an Omega FMG93-

PVDF electromagnetic sensor (EFS2). This sensor has a range of 1...60 l/h and an accu-

racy of ± 5%. Solar panel inlet (RTD25) and outlet (RTD26) temperatures are measured

by means of Pt100 probes. These have a range of -50...180 °C, and an accuracy of ± 0.1

°C.

5.5.3 Electric Energy Metering

Electric energy use for operation of the heat pump unit, circulation pumps and actua-

tors, as well as auxiliary heat for the IEHs are monitored by means of C18WS electrical

energy meters (EEMs) by Frer. The measured quantities have a resolution of 1 Wh, and

an accuracy of ± 1%.

5.5.4 Temperature Metering in the Main Ventilation Ducts

The temperatures and relative humidities in the main ventilation ducts are measured

by Delta Ohm HD4917ET01 multi-sensors. The sensors are placed in the outdoor air

supply duct (TRHT1), exhaust air duct (TRHT2), main supply duct before the hydronic

coil (TRHT3), main supply duct after the hydronic coil (TRHT4), and in the main ex-

tract duct (TRHT5). Temperature sensors are Pt100 probes, with a range of -40...+150

°C and an accuracy of ± 0.3 K. Relative humidity is measured by capacitive probes, with

a range of 0...100 % and an accuracy of ± 1.5%.
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5.5.5 Temperature Metering in the Integrated Water Tank

The water temperatures in the IWT are measured by means of S+S Regeltechnik HTF-

200 4-wire probes, that have an accuracy of ± 0.1 K. In the SH tank, the temperature is

measured near the bottom at the solar coil (RTD9) and at the top above the lower IEH,

near the the tank outlet (RTD10). In the DHW tank the temperatures are measured at

the middle, near the heat pump coil (RTD11), and at the top between the heat pump

coil and the upper IEH (RTD12). These temperatures are used for thermostat settings

for the solar panels, heat pump and IEHs.

5.5.6 Indoor Environmental Quantities

For control and operation of the thermal energy system, the indoor air temperatures

are the most relevant quantities. They are measured in the occupied zone at 1.6 m

height, by means of S+S Regeltechnik multi-sensors. Temperatures are measured in

the range of 0...50 °C, at an accuracy of ± 0.8 °C. These temperatures are used as actual

values for controlling the heating and ventilation system. An overview is given in table

8.5. Relative humidity is measured by capacitive probes, with a range of 0...100 % and

an accuracy of ± 3%.

Table 5.4: Indoor temperature control sensors.

Zone Sensor

Living room south TRHT13
Kitchen TRHT14
Living room north TRHT15
Bedroom west TRHT16
Bedroom east TRHT17
Bathroom TRHT18

5.5.7 Outdoor Environmental Quantities

With respect to variations in the thermal energy demand and production, the most

important quantities are the outdoor air temperature and the global solar irradiance

on the south façade. The latter (SIM2) is measured by means of a LP Pyra 03 AC pyra-

nometer by Hukseflux. The measured quantity is in W /m2, which is measured within

the range of 0...2000, with an accuracy of ± 5 %. The sensor is façade-mounted at

3.2 m height. The outdoor ambient air temperatures on the north (RTD28) and south

(RTD27) façades are recorded by means of AFT-2 Pt100 4-wire probes by S+S Regeltech-

nik. This sensor has a range of -50...90 °C, and an accuracy of ± 0.1 K. Both sensors are
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mounted at 3.2 m height. It should be noted that the south façade sensor is exposed to

solar irradiation.

Additionally, a HD52.3DP147R rooftop weather station (WS1) by Delta Ohm measures

the outdoor air temperature and global solar irradiance on the horizontal surface. Tem-

perature is measured by a Pt100 probe, with a range of -40...60 °C and ± 0.3 % accuracy.

Global solar irradiance is measured in the range of 0...2000 W /m2, with ± 5 %. Other

quantities measured by the weather station include the relative humidity, barometric

pressure, wind velocity and illuminance. The global solar irradiation on the PV surface,

at a 30°angle, is measured by a pyranometer Hukseflux pyranometer, idetical to that on

the south façade.
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Chapter 6

Analytical Approach

The incentives for investing in a combined GSHP and solar thermal system are both

environmental and economical. From the builders perspective the latter is decisive,

and as such, the pay-back time and return on investment determines the viability of

the system. These parameters are closely coherent with capital costs due to the initial

investment, as well as energy and maintenance costs due to operation of the system. A

profitable system is characterized by energy savings that surpass the costs for invest-

ment and maintenance.

This chapter presents the theoretical and experimental approach used to analyze the

energy efficiency, operation, dimensioning and design of the thermal energy system at

the ZEB Living Laboratory.

6.1 Operation and Control

The overall goal for operation of the GSHP and solar thermal heating system is to cover

the annual heating demand at the lowest possible electrical energy input. Specifically,

the largest annual savings go hand-in-hand with optimum system performance. It is

therefore important that the heat source, which results in the lowest overall electrical

energy input, is operated consecutively. Prioritization of the heat sources should be as

following:

1. STC.

2. GSHP.

3. IEHs.

The singular electricity user in the STC is the pump, CP4. Heat production via the STPs

should have first priority, provided that the thermal input potential is not restricted by

the temperature level in the system.

Compared to the STC, operation of the GSHP requires a significantly higher electrical

power input. This includes, at least, electric power input to the HP compressor, the

brine circuit pump, CP1, and the hydronic pumps, CP2, CP3 and OSO MX. The GSHP
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should not be operated unless the thermal power output from the STC is insufficient

to cover the demand.

The IWT IEHs are the least efficient thermal energy sources. Their operating time

should be as short as possible, and they should only be activated to ensure that the

minimum temperature requirements for DHW and space heating are maintained. Prefer-

ably, the GSHP should be controlling the auxiliary heat input from the IEHs. Based on

these considerations, the following methodologies apply when operating strategies are

analyzed:

• Minimize the overall electricity use (compressor, IEHs, pumps, actuators).

• Maximize the operating time and performance for the STC.

• Maximize the operating time and performance for the GSHP.

• Minimize the operating time for the IEHs.

Optimum energy efficiency is achieved when the (annual) thermal energy demand is

covered at the lowest possible electrical energy input. This includes electrical energy

use to the GSHP, IEHs, pumps and actuator valves. For the Living Laboratory optimiza-

tion problem may be represented by eq. (6.1).

minEtot = EHP +E I E H +EC P1 +EC P2 +EC P3 +EC P4 +EOSOM X (6.1)

subject to:

QHP +QI E H +Qsol ≥QT E M2 +QT E M3 +QT E M4 +QT E M5 +Qlosses
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6.2 Performance and Control

The main parameters applied when assessing the performance and control of the com-

bined GSHP and STC system are presented in table 6.1. The parameters are explained

subsequently.

Table 6.1: Parameters addressing system performance.

Performance parameter Symbol Analyzed Approach

1. HP Coefficient of Performance COP 3 Experimental
2. HP Carnot efficiency ηC 3 Experimental
3. HP volumetric heating capacity VHC 3 Theoretical
4. HP Seasonal performance factor SPF 3 Experimental
5. HP relative energy saving potential ∆E 3 Experimental
6. Solar panel efficiency ηsol 3 Experimental

6.2.1 GSHP System

The coefficient of performance (COP) is used to evaluate the instantaneous perfor-

mance of the heat pump unit. The relation is given by (6.2) as the ratio of the condenser

heating capacity, to the electric power input of the compressor.

COP = Q̇HP

ẆHP
≈ Q̇w

Ẇad
[−] (6.2)

where:

Q̇HP = condenser heating capacity [kW ]

ẆHP = compressor electric input power [kW ]

Q̇w = heat delivered to the water [kW ]

Ẇad = adiabatic compressor power [kW ]

The Carnot efficiency (ηC ) is given by eq. (6.3) as the ratio of the actual COP and εC .

It expresses the actual heat pump performance in relation to the ideal cycle. Hence, it

provides a measure of the internal losses of the heat pump unit, such as heat exchange,

compression and throttling losses.

ηC = COP

εC
[−] (6.3)

The Carnot COP (εC ) is given by eq. (6.4), and expresses the performance of the ideal

cycle. It is defined as the ratio between the heat sink temperature, Tsi nk , and the tem-
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perature lift, ∆Tl i f t .

εC = Tsi nk

Tsi nk −Tsour ce
= Tsi nk

∆Tl i f t
= tw−o +273,15

tw−o − tb−i
[−] (6.4)

where:

Tsi nk = heat sink temperature [K ]

Tsour ce = heat source temperature [K ]

∆Tl i f t = temperature lift [K ]

tw−o = water outlet temperature [°C ]

tb−i = brine inlet temperature [°C ]

The volumetric heating capacity (V HC ) is given by eq. (6.5), and is specific to the

performance of the working fluid. It is defined as the product of the vapor density at

the compressor inlet, ρvap , and specific enthalpy difference in the condenser, ∆hcond .

A constant VHC can be observed if ρvap decreases while ∆hcond increases, and vice

versa.

V HC = ρvap ·∆hcond [k J/m3] (6.5)

where:

ρvap = the vapor density at the outlet of the evaporator [kg /m3]

∆hcond = the enthalpy change from inlet to outlet of the condenser [k J/kg ]

The VHC expresses the condenser heating capacity per unit volume of working fluid

leaving the evaporator. This implies that for a constant condenser heating capacity

the volumetric flow rate increases when ρvap decreases. A high VHC increases the sys-

tem compactness, and reduces the necessary volumetric displacement capacity of the

compressor. In turn, this implies a smaller working fluid charge and cheaper compo-

nents. This performance measure is used to compare the benignity of different work-

ing fluids.

The seasonal performance factor (SPF ) is used to evaluate the long-term performance

of the heat pump system. The SPF is defined as the ratio of the supplied heat and the

electrical energy input. This includes the thermal energy output from the HP and IEHs,

and the electrical energy used by the HP, circulation pumps, and IEHs. The SPF is de-

pendent on the use of auxiliary heat and decreases rapidly for undersized heat collec-
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tor systems [59]. Ideally, the whole year performance of the system should be included.

For the present analysis, however, only a fraction of the annual demand is included.

SPF = QHP +Qsol +QI E H

EHP +Esol +E I E H +Eaux
[−] (6.6)

The relative energy saving potential (∆E), is used to display the energy saving be-

nignity of the HP and HP system in relation to an electric heating system. It may be

calculated on the basis of either the SPF or COP, and is described by eq. (6.7). Using the

SPF as basis for the calculation is generally more representative to the annual savings.

∆E =
(
1− 1

SPF

)
·100% ≈

(
1− 1

SCOP

)
·100%[%] (6.7)

6.2.2 Heat Pump Cycle

The thermodynamic performance of different working fluids is evaluated for operation

in a single-stage vapor compression cycle in Coolpack [66]. The following underlying

assumptions apply when modeling the cycle:

1. Each component is treated as an individual control volume to which mass and

energy rate balances apply.

2. Steady state operation.

3. Kinetic and potential energy effects are neglected.

4. The outlet state of one component equals the inlet state of the next.

5. All components have one inlet and one outlet.

6. Superheating at the evaporator outlet: ∆Tsh = 5 K.

7. Subcooling at the condenser outlet: ∆Tsc = 2 K.

8. Compressor heat losses: ξ = 10 % of the electrical input power.

9. Isentropic efficiencies are dependent only on the pressure ratio.

10. Pressure drops are neglected.

The transient mass and energy rate balance is given in its general form by eq.(6.8) [67,

p. 157].

dEcv

d t
= Q̇cv −Ẇcv +

∑
i

ṁi · (hi + Vi
2

2
+ g zi )−∑

o
ṁo · (ho + Vo

2

2
+ g ze ) (6.8)
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When assumptions 1, 2, 3 and 5, it reduces to eq. (6.9). This general equation applies

to the each component of the HP cycle.

0 = Q̇cv −Ẇcv +ṁR · (hi −ho) (6.9)

where:

Q̇cv = heat transfer, defined positive out of the control volume [W ]

Ẇcv = work input, defined positive into the control volume [W ]

ṁR = working fluid mass flow rate [kg /s]

hi = specific enthalpy at the control volume inlet [k J/kg ]

ho = specific enthalpy at the control volume outlet [k J/kg ]

Figure 6.1: Principle Calorex GSHP vapor compression cycle.

Fig. 6.1 illustrates the principle vapor compression cycle, with seven distinct state

points specified. External measurements of the water side temperatures and flow, elec-

tric power input, as well as condensing and evaporating pressures are made to comple-

ment the above assumptions. The water side flow and temperature measurements are

used to determine the actual heating capacity, as given by eq. (6.10). This information

is used to determine the working fluid mass flow rate, given by eq. (6.11).
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Q̇C ≈ Q̇w = V̇w ·ρw · cp,w · (tw−o − tw−i )[kW ] (6.10)

ṁR = Q̇C

∆h36
≈ Q̇w

∆h36
[kg /s] (6.11)

The thermodynamic work input, wr eal in fig. 6.1, is determined my means of DAQ

recordings of the compressor input power, wad , in combination with the isentropic

efficiency and heat loss factor. The measured compressor work input is assumed adi-

abatic, as indicated by wad in fig. 6.1. While the inlet state (2) is specified by pE and

∆Tsh , the outlet state (3) is given by eq. (6.12).

h3 = h2 +
[h3,i s −h2

ηi s

]
·
[

1−
( ξ

100

)]
[k J/kg ] (6.12)

where:

h2 = compressor inlet specific enthalpy [k J/kg ]

h3,i s = isentropic compressor outlet specific enthalpy [k J/kg ]

ηi s = overall isentropic efficiency [−]

ξ= heat loss relative to the electric input power [−]

The volumetric efficiency of the compressor is calculated by means of eq. (6.13), as the

working fluid mass flow rate divided by the product of the displacement volume, V̇s ,

and the vapor density at the compressor inlet. The volumetric displacement is speci-

fied as 7.4 m3/h at 2950 rpm [68].

λ= ṁR

V̇s ·ρ2
[−] (6.13)

6.2.3 STC System

The panel efficiency, given by eq. (6.14), is an important consideration during the de-

sign phase of solar thermal systems. At optimal conditions, the efficiency of the flat

plate STP is given as η0. That is, with zero temperature difference between the cir-

culated liquid average temperature and the ambient air temperature. At non-optimal
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conditions the panel efficiency is deteriorated due to convection, conduction and radi-

ation heat losses. The magnitude of these losses increase as the temperature difference

between circulated liquid and the surroundings increase.

ηsol = η0 −a1
(T̄m −Ta)

G
−a2

(T̄m −Ta)2

G
(6.14)

where:

η0 = thermal efficiency with no ∆T between liquid and air [−]

a1 = heat loss coefficient (convection and conduction) [W /(m2 ·K )]

a2 = heat loss coefficient (radiation) [W /(m2 ·K )]

T̄m = average liquid temperature in the STC [°C ]

Ta = ambient air temperature [°C ]

G = global solar irradiance [W /m2]

Eq. (6.14) indicates that the temperature dependent losses are dominating when the

global solar irradiation is low. In this case, both thermal efficiency and power output

is reduced. In order to achieve highest possible annual panel efficiency, the average

liquid temperature in the collectors should be restricted. Hence, a low return temper-

ature from the accumulation tank should be maintained. It turn, this requires efficient

heat rejection to the accumulation tank.
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6.3 Design and Dimensioning

The main parameters applied when assessing the design and dimensioning of the com-

bined GSHP and STC system are presented in table 6.2.

Table 6.2: Parameters addressing system design and dimensioning.

Design parameter Symbol Analyzed Approach

1. HP power coverage factor β 3 Theoretical
2. HP energy coverage factor α 3 Theoretical
3. Heat source temperatures Tsour ce 3 Experimental
4. Heat sink temperatures Tsi nk 3 Experimental
5. Solar fraction SF 3 Theoretical
6. Solar panel area AST P 3 Theoretical
7. Solar panel tilt angle ψ 3 Theoretical
8. DHWT volume VD HW T 7 -
9. SHT volume VSHT 7 -

6.3.1 GSHP System

The cost effectiveness of the heat pump system is determined by its capability to cover

the annual heating demand at a lower cost than the alternatives. Heat pump systems

are characterized by relatively high investment costs (NOK/kW), relatively low oper-

ating costs (NOK/kWh). Consequently, correct dimensioning with respect to installed

heating power is decisive to obtain a positive balance between investment-related fi-

nancial costs and operation-related energy savings.

The design point of the heat pump is determined by the share of the total annual heat-

ing demand to be covered. This is a matter of optimization, which depends on both

capital costs and operational costs. The power coverage factor, β, is given by eq. (6.15).

Brine-water system are traditionally designed for a β between 50 and 60 %. This typ-

ically results in an annual energy coverage factor, α, in the range of 80-95 % [20]. The

energy coverage factor is given by eq. (6.16).

β= Q̇HP

Q̇N
(6.15)
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where:

Q̇HP = Heat pump design heating capacity [kW ]

Q̇N = Net power demand for space heating and ventilation [kW ]

α= QHP

QN
(6.16)

where:

QHP = Heat pump energy coverage [kW h]

QN = Net annual heating demand [kW h]

The heat pump system should be designed according to the building’s net thermal

power demand. This is because over-dimensioning results in a higher investment,

marginally higher heat coverage, and reduced COP at part load. By contrast, under-

dimensioning results in a lower investment, however, combined with a lower heat cov-

erage and therefore reduced savings [41].

6.3.2 STC System

Residential solar thermal systems for DHW heating only, may achieve an annual solar

fraction (SF) between 0.5 and 0.6 [20, 54]. Combined systems may achive an SF of 0.5

for DHW heating, and 0.1 - 0.3 for space heating. Table 6.3 provides an overview of

recommended dimensioning values for STPs and accumulator tanks.

Table 6.3: Recommended dimensioning of solar thermal systems for single-family
houses [20, p. 138].

DHW system Combined system

Solar collector area [m2] [m2]

Per person 1 - 2 2 - 3
Per single-family house 4 - 6 8 - 12

Accumulator tank volume [l ] [l ]

Per m2 STP area 50 - 75 75 - 125
Per single-family house 250 - 300 400 - 750

Solar collector systems for space heating are recommended as support heating sys-
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tems for buildings characterized by low thermal demands. For this purpose, a low heat

distribution temperature, Tsi nk , is essential [54].

In combined systems, the accumulation tank should provide sufficient thermal strati-

fication between the top and bottom. Hence, both high and low temperature solar heat

input is made possible. Coverage of low-temperature heating demands, such as DHW

preheating or low-temperature space heating, should be a first priority [20]. Higher

temperature demands, such as space heating or DHW reheating may be covered as a

second priority.
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Chapter 7

Thermal Power and Energy Demands

The thermal energy supply at the Living Lab is a combined system, designed to cover

the entire heating demand for space heating, heating of ventilation air and domestic

hot water. In order to evaluate the dimensioning of the system, the theoretical heating

power and energy demand has been calculated.

With respect to the thermal power demand, a distinction is made between the the gross

power demand and the net power demand. A similar distinction is made between the

demand for delivered energy to the building, and the net energy use. Subsequent

calculations are made with respect to the net power demand and energy use. Hence,

the efficiency of the thermal supply system is omitted.

7.1 Gross vs. Net Power Demand

The gross heating power demand, PG , is the sum of space heating and ventilation air

heating demands at nominal conditions. That is, the maximum heat loss rate at the

prevailing design outdoor temperature (DOT). The net heating power demand, PN , is

determined as the gross demand, subtracted internal heat gains from artificial lighting,

equipment, persons and solar irradiation.

The Internal heat gains from lighting and equipment are dependent on the electrical

efficiency of these installations. Increasingly stringent efficiency requirements, set by

EU Directives, contribute to reduced internal heat gains from electrical appliances.

The magnitude of the internal gains from persons are dependent on their number,

activity level and physique. Passive solar heat gains are dependent on geographical

location and orientation of the building, absorption and emission characteristics of

exterior building components and glazed surfaces, and also shading characteristics of

nearby buildings and vegetation.

79
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7.2 Domestic Hot Water Demand

The DHW demand is added to the space and ventilation heating demand, and is highly

dependent on user behavior. Specifically, the demographic profile and number of

building residents influences the energy use for daily tasks, such as showering and

washing. According to [69, p. 268] the average DHW use in residential buildings is

~65 liters per day per person. Variations from the average are distinguished as:

• Low demand: 40 - 60 l/day/person

• Medium demand: 60 - 100 l/day/person

• High demand: 100 - 150 l/day/person

The energy use for DHW is further dependent on the temperature requirement, and

average temperature levels in the DHWT. Typical requirements range between 38 and

55 °C, where the latter is most relevant to residential buildings [69, p. 273]. This further

determines the effective volume and dimensioning of the DHWT.

7.3 Simulation Input Data

The net thermal energy use is calculated according to the dynamic procedure described

in NS3031 [23]. Calculations are carried out using the validated simulation software

SIMIEN [70]. Input data for the Living Lab building envelope and technical systems

are selected according to documented specifications [2], and are as shown to the right

in table 7.1.

Table 7.1: Overview of building performance input data [21, 22, 2]

TEK10 Low energy Passive house Living Lab

U-value wall W /m2K 0.22 0.16 0.12 0.11
U-value floor W /m2K 0.18 0.12 0.08 0.10
U-value roof W /m2K 0.18 0.12 0.09 0.10
U-value windows W /m2K 1.6 1.2 0.80 0.77
Norm. thermal bridge W /m2K 0.05 0.05 0.03 0.03
Infiltration h−1 3.0 1.0 0.6 0.5
g-value - 0.5 0.5 0.5 0.5
ηT heat recovery % 70 70 80 85

The theoretical thermal power and energy demands for the Living Lab are compared

to those of equivalent single-family houses, built according to the prevailing building
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codes and standards. Table 7.1 lists the minimum requirements for residential build-

ings according to the Norwegian building code TEK10, as well as for Class 1 Low Energy

Buildings and Passive House Buildings, according to NS3700 [21, 22]. Where minimum

requirements are non-existent, values are chosen as equal to the higher standards. This

applies, for instance, to normalized thermal bridge values, g-values and heat recovery

rates. Evidently, the building standard of the Living Lab closely matches the Norwegian

Passive House requirements.

While space heating and ventilation heating demands are dictated by meteorological

conditions, building design and heat recovery rates, the DHW demand is user depen-

dent, inconsistent and unpredictable. Consequently, the DHW demand is calculated

on the basis of normalized input data [23]. Table 7.2 presents normalized input data

for operating hours, net power and energy demands, as well as internal heat gains for

DHW, lighting, equipment and persons.

Table 7.2: Overview of net specific power and heat gain input data [23]

Lighting Equipment DHW Persons

Operating hours hh/dd/ww 16/7/52 16/7/52 16/7/52 24/7/52
Net power demand W /m2 1.95 3.0 5.10 -
Net energy demand kW h/(m2 year ) 11.4 17.5 29.8 -
Heat gain W /m2 1.95 1.80 0.0 1.50

7.4 Calculated Net Thermal Power and Energy Demand

The net thermal power duration curve for the Living Lab is plotted in fig. 7.1. This in-

cludes the demand for space heating and heating of ventilation air, as well as for DHW

production. The building performance is clearly affecting the thermal power demand.

A winter simulation indicate a gross power demand for space and ventilation heating,

PG , of 6.10 kW. By comparison, the nominal net power demand, PN , is 5.69 kW.

As is seen from fig. 7.1, the duration of power demands greater than 3 kW is approx-

imately 175 hours. Consequently, a large part of the heating demand may be covered

with a low-capacity heat source. It should be noted that fig. 7.1 is based on a year simu-

lation. Hence, a slighty lower peak power demand is indicated, compared to the winter

simulation.

Results from the SIMIEN simulation are presented as area-specific values in table 7.3.

The total net annual heating, QN , is estimated to ~6690 kWh, based on a heated floor
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Figure 7.1: Net thermal power-duration curve for the Living Lab.

area of 102 m2. The distribution of the thermal energy demands is presented as relative

values in fig. 7.2.

Table 7.3: Calculated thermal energy and power demand.

TEK10 Low energy Passive house Living Lab

Space heating kW h/m2 122.3 63.3 33.5 33.7
Ventilation kW h/m2 8.0 7.6 3.4 2.1
DHW kW h/m2 29.8 29.8 29.8 29.8
Tot. net power W /m2 96.56 73.8 58.8 58.0

It is evident that thermal power and energy demands for space heating diminishes as

the insulation thickness and the tightness of the building envelope is improved. This

also applies to the ventilation heating demand as the heat recovery efficiency is im-

proved. By contrast, the DHW heating demand is user dependent, and remains con-

stant regardless of building standard. As can be seen from fig. 7.2 the characteristics of

the Living Lab closely matches those of a comparable Passive house building. The nor-

malized net thermal energy demand is divided almost equally between space heating

and DHW heating.
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TEK10 Low energy Passive house Living Lab

Space heating Ventilation DHW

76.4%

5.0%
18.6%

62.8%
7.5%

29.6%
50.2%

5.1%

44.7%
51.4%

3.2%

45.4%

Figure 7.2: Thermal energy demand of the Living Lab relative to the prevailing stan-
dards.

7.5 Relating Theoretical and Actual Thermal Demands

The theoretical power and energy demands presented in this chapter are calculated

according to standardized methods and normalized input data. As a result, the actual

thermal demands at the Living Lab are likely to deviate from the calculated values.

At Miljøbyen Granås in Trondheim, the actual energy use in passive house residential

buildings was measured throughout 2013 [71]. The buildings included 45 row-houses

and 17 single-family houses, each with 138 and 181 m2 living area, respectively. Bath-

rooms and ventilation air were electrically heated. District heating was used as the

primary heat source, which covered the energy demand DHW heating, and space heat-

ing by means of a single radiator. During calculation of the specific space heating de-

mand, the area of the bathrooms were subtracted. Consequently, the calculated spe-

cific heating demand was increased. Nevertheless, measurements indicated that the

actual thermal energy demand was 10-20 % higher than the calculated values.

Table 7.4: Comparison of calculated and measured energy use at Miljøbyen Granås.

Electricity District heating Total

Calculated demand [kWh] 5 869 10 869 16 737

Lowest reduction [%] -9.9 -35.7 -14.2
Highest increase [%] +150.3 +39.7 +75.2

Average deviation [%] +91.0 -3.6 +29.6

In the same residential area, the delivered quantities of electricity and district heating

energy was measured specifically for 16 single-family passive houses [72]. For these

buildings, the calculated demand for delivered energy and deviations in actual energy
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use are given in table 7.4. Since only a part of the heating demand was covered by elec-

trical heating, any conclusions regarding increased electricity use for heating are am-

biguous. Meanwhile, there was a good correlation between the calculated demand for

district heating and the average actual use. These findings suggest that the actual ther-

mal demands for delivered energy are 10 - 30 % higher than the calculated demands.
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Preliminary Performance and Control

The heat pump system was put into operation on March 18th 2016, and has been run-

ning virtually uninterrupted until the building was vacated, on April 22nd . This period

represents the residual part of the heating season, and as such, the corresponding mea-

suring data form an incomplete picture of the actual thermal demands. DAQ record-

ings are nevertheless delimited to two ten-day periods.

The first DAQ period constitutes the period between March 22nd and 31st . It coin-

cides with the Easter holidays, and also overlaps two resident periods. Consequently,

the building was only partially inhabited, resulting in an unnaturally low DHW use.

The average ambient temperature, however, was highest during the first period. Driv-

ing parameters for the thermal energy use are listed in table 8.1.

The second DAQ period stretches between April 8th and 17th . This represents 40 % of

the last resident period, during which the building was inhabited by an elderly couple

throughout. Hence, the DHW use during this period is regarded representable to the

demographical profile of the residents. The thermal energy demand for space heating

was also higher during the second period, due to a lower ambient temperature. Mea-

surements from this period are emphasized in the subsequent analysis.
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8.1 Energy Performance Measurements

8.1.1 Driving Factors

Table 8.1 lists the main quantities governing the thermal energy use during the two

DAQ periods. A complete overview is given in appendix I. Indoor temperatures are

represented as average values for the entire occupied zone. That is, as average val-

ues for stratified air temperatures in the living areas, and for all zones combined. Due

to continuous occupancy during the second period, and presumably higher set-point

temperatures, a higher indoor temperature was observed.

Table 8.1: Quantities governing the thermal energy use.

22.03-31.03 08.04-17.04

Indoor air Ti ,av g [°C ] 21.3 22.8
Ambient air Ta,av g [°C ] 4.3 3.4

Outdoor air duct TRHT1 [°C ] 5.7 4.9
Exhaust air duct TRHT2 [°C ] 11.1 11.0
Main supply duct TRHT3 [°C ] 22.1 21.9
Main extract duct TRHT5 [°C ] 21.8 23.8

Water main, inlet RTD13 [°C ] 3.8 5.3
Hot water tank, top RTD12 [°C ] 68.1 68.6
DHW UFS3/4 [m3] 0.27 1.07

Due to a warm March and a cold April, the recorded ambient temperature was lowest

during the second DAQ period. Temperatures are calculated as average values between

the weather station and north façade measurements. South façade temperatures are

omitted, due to influence from direct solar irradiation. A larger∆T between the indoor

and ambient air translated to a higher energy use for space heating during the second

period.

Average temperatures for the main ventilation ducts are also given. These resulted in

average thermal heat recovery efficiencies, ηT , of 102 and 90 % for the first and second

periods, respectively. An ηT which exceeds 100 %, is highly unlikely. It should be noted

that the TRHT sensors have an accuracy of ± 0.3 K, and that actual ηT values thus may

deviate significantly from the calculated values. Fig. 8.1 illustrates the variation in the

heat recovery rate during the second DAQ period.
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Figure 8.1: Thermal heat recovery efficiency during the second DAQ period.

8.1.2 Energy Supply and Use

Table 8.2 summarizes the overall performance of the thermal energy system during

the two DAQ periods. Due to faulty configuration of TEM1 and TEM2, neither the heat

pump thermal energy delivery nor the DHW energy use have been recorded.

The DHW energy has been approximated from the accumulated water volume, as well

as IWT inlet and outlet temperatures, cf. table 8.1. Inlet temperatures were taken as

the minimum water main temperatures in each period, to offset the error of stand-still

measurements. The outlet temperatures were taken as the average DHWT top tem-

peratures. The calculated DHW heating demand of 77.9 kWh for the second period

corresponds to 27.9 kW h/(m2 year ), which is slightly lower than the normalized value

of 29.8 kW h/(m2 year ).

The overall system performance may be evaluated on the basis of the electrical energy

use. A comparison is made in fig. 8.2. During the first period the electrical energy

use to the IEHs was 46 % of the corresponding use during the second period. At the

same time, the electrical energy use to the heat pump unit was almost twice as high,

indicating a longer operating time. This is because the estimated thermal energy use

for space and DHW heating was almost 100 kWh lower, compared to the second period.

A comparable electrical energy use to hydronic pumps and actuator valves, CP2/3/OSO

MX, may be seen during both periods. For the ground circuit circulator pump, CP1, the

electricity use was almost identical during both periods. This is because it was running

continuously. Consequently, it contributes to an excessive parasitic loss, comparable

to the energy use to the DHWT IEH, or all hydronic actuators combined. Hence, there
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Table 8.2: Energy use during the selected DAQ periods.

22.03-31.03 08.04-17.04

Thermal energy [kW h] [kW h]

TEM1 GSHP condenser output - -
TEM2 Domestic hot water use 20.0 77.9
TEM3 Ventilation hydronic coil and radiator 0 0
TEM4 UHP Living areas, kitchen and entrance 181.0 219.0
TEM5 UHP Bedrooms and bathroom 7.0 9.0
EPTRC 400 Nominal thermal losses 33.0 33.0

Electrical energy - heating [kW h] [kW h]

EEM22 GSHP compressor input 79.2 42.8
EEM18 IEH SHT 9.5 24.8
EEM19 IEH DHWT 23.2 45.6
EEM21 AHU electric coil 0 0

Electrical energy - auxiliaries [kW h] [kW h]

EEM17 CP2, CP3, OSO MX and EV valves 28.4 29.1
EEM23 CP1 32.2 32.1
EEM24 CP4 0.27 0.48

Figure 8.2: Comparison of electrical energy use.

is a significant potential for improvement, if proper control is introduced. For CP4 the

electrical energy input increased by almost 80 % from the first to the second period.

This indicates a longer operating time for the STC in April. The total electricity use

is nevertheless negligible. These measurements show that the electric energy input to

both the brine circuit pump, CP1, and hydronic pumps and actuators, CP2/3/OSO MX,

represent a significant share of the total use. An improvement in system performance

can thus be achieved by restricting pump operation to a minimum.
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8.2 SPF Calculations

The SPFs for the heat pump unit and system have been calculated on the basis of data

provided in table 8.2. Operating conditions for the GSHP was -1.0/40.9 °C and -0.3/39.4

°C, during the first and second DAQ periods, respectively. There are however a number

of uncertainties involved, and hence the following assumption are made:

1. The thermal energy use to DHW is approximated based on data in table 8.1.

2. It is assumed that the combined thermal input from the GSHP and STC is equal

to the total thermal energy use to space heating and DHW, minus the electricity

use to the IEHs.

3. A conversion efficiency from electrical to thermal energy of 1 is assumed for the

IEHs.

4. Thermal losses from pipes, storage vessels and other components are neglected.

5. Thermal gains from pumps are neglected.

Comprehensive assessments of residential heat pump systems, based on field measur-

ing data, have previously been carried out in Sweden, Germany, Denmark and Norway

[73, 74, 75, 76]. All of these studies suggest a step-wise SPF calculation, by applying in-

creasingly wider system boundaries. This allows the significance of different electricity

consumers to be evaluated, while a conformity in measuring methods is maintained.

Specifically, four boundary conditions are recommended. These are listed in table 8.3.

The electricity input to CP4 (EEM24) is particular to the present case.

Table 8.3: SPF input data at different system boundaries.

Q[kW h] E [kW h]

SPF0 TEM: (2+4+5) - EEM: (18+19) EEM: 22
SPF1 TEM: (2+4+5) - EEM: (18+19) EEM: (22+23+24)
SPF2 TEM: (2+4+5) + EEM: (18+19) EEM: (18+19+22+23+24)
SPF3 TEM: (2+4+5) + EEM: (18+19) EEM: (17+18+19+22+23+24)

The numerator of SPF0 includes only the delivered heat from the GSHP and STC, while

the denominator includes only the electricity use to the GSHP. SPF1 is defined simi-

larly, however, also including the electricity use to the brine pumps in the denomina-

tor. SPF2 and SPF3 includes the delivered heat from the IEHs in the numerator. The

denominator of SPF2 includes the electricity use to the compressor, the IEHs and the
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Table 8.4: SPF values at different system boundaries.

22.03-31.03 08.04-17.04

Q[kW h] E [kW h] SPF Q[kW h] E [kW h] SPF SPFAV G

SPF0 175.3 79.2 2.21 235.5 42.8 5.50 3.86
SPF1 175.3 111.7 1.57 235.5 75.4 3.12 2.34
SPF2 240.7 144.4 1.67 376.3 145.8 2.58 2.12
SPF3 240.7 172.8 1.39 376.3 174.9 2.15 1.77

brine circulators. SPF3 additionally accounts for the electricity use to hydraulic circu-

lator pumps and valves. The results are given in table 8.4.

Relatively large deviations in the calculated SPF values between the first an second

periods are observed by studying table 8.4. While the calculated SPF values during the

first period are unnaturally low, the opposite is true for the second period. In particular,

SPF0 during the second period is much higher than the nominal COP at the prevailing

conditions. This is likely a result of inaccurate estimations of the supplied heat from

the heat pump unit. It should also be mentioned that larger loads for DHW and space

heating during the second period are cause for more stable operating conditions. The

largest difference in SPF values are, as expected, between SPF0 and SPF1. Evidently,

the electrical energy use to the ground collector pump, CP1, has a large influence on

the overall performance. It is thus crucial that this pump is deactivated simultaneously

with the GSHP.
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8.3 System Control Strategies

The control logic of the thermal energy system was tested on the 26th of April 2016, by

inducing virtual space heating and DHW loads. Specifically, the zone set-point tem-

peratures were raised to 28 °C for a 30 minute period, while the DHWT was discharged.

At this point, however, not all of the intended control logics had been implemented.

One example is the brine cicuit pump, CP1, which was running continuously. Another

example is the heat pump circuit 3-way valve, EV1, which had not been programmed

to switch position in the event of a DHW load.

The following presentation is thus based partially on actual and intended control strate-

gies. These are basic two-position control strategies, developed within the Research

Centre on Zero Emission Buildings [77]. Table 8.5 lists the sensors and corresponding

physical quantities used as actual values for control. The error is calculated as the de-

viation between set-point and actual values. Fig. 8.3 illustrates the principle scheme of

the thermal energy supply system.

Table 8.5: Overview of sensors used for the preliminary control scheme.

Sensor Measured quantity

RTD9 Lower temperature SHT
RTD10 Upper temperature SHT
RTD11 Lower temperature DHWT
RTD12 Upper temperature DHWT

RTD26 Outlet temperature solar thermal panels

TRHT13 Air temperature living room south
TRHT14 Air temperature kitchen
TRHT15 Air temperature living room north
TRHT16 Air temperature bedroom west
TRHT17 Air temperature bedroom east
TRHT18 Air temperature bathroom
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8.3.1 GSHP: Space Heating

Because the heat pump compressor is controlled intermittently, external capacity mod-

ulation is necessary in order to maintain a balance with the load. ON/OFF control of

the GSHP is thus determined by the error between its set-point temperature, and the

accumulation tank temperature. The present control strategy only integrates the un-

derfloor heating system, and, assumes a constant set-point temperature of 35 °C.

SHT Average Temperature > 35 °C

The average temperature in the SHT is calculated as the arithmetic average between

RTD9 and RTD10, (RTD9 + RTD10)/2. If there is a space heating load and the average

temperature is above 35 °C, the heat pump is switched off. Subsequently, accumulated

heat is discharged from the tank to cover the space heating load.

During this mode of operation the modulating valve EV2 is set to flow direction A-AB

(100 % open), to let the water flow from the tank to the distribution system. EV8 is set

to flow direction AB-A (100 % open) to let return water back to the bottom of the tank.

It should be noted that the opposite flow direction (AB-B) was specified in the initial

flow scheme. A correction was made due to opposite coupling of pipes and valve con-

nections.

Unnecessary thermal losses from the IWT are avoided by setting EV1 to AB-A (100 %

open), thus closing port B. For the same reason the shut-off valve SV2 is closed at all

times. CP3 provides circulation of water between the tank and the primary circuit,

while the OSO MX pump central maintains circulation of water in usecondary circuit.

The underfloor heating circuits are controlled according to a ± 1 K deadband between

the user-defined set-points and the actual zone air temperatures. Table 8.6 lists the five

zones of the floor heating system, with the corresponding control sensors and clos-

ing valves. The TEA valve(s) are opened when the corresponding zone air tempera-

ture(s) drop(s) below the(ir) set-point value(s). Fig. 8.4 illustrates the opening of the

TEA valves as all set-point temperatures are raised to 28 °C.

The TEA valves remain open until the zone air temperatures have reached their set-

point values. Then, the corresponding TEA valves are closed. If all set-point tempera-

tures are reached and all the TEA valves are closed, the OSO MX pump central and CP3

are switched off. To avoid thermal losses from the accumulation tank, valves EV2 and

EV8 are set to flow directions B-AB and AB-B, respectively.

Preferably, there should be a tolerance of ± 1-2 K, to reduce the intermittency of the
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Table 8.6: Overview of floor heating zones, control sensors and valves.

Zone Sensor(s) Valve(s)

Living room south + kitchen TRHT13 + TRHT14 TEA4 + TEA5
Living room north TRHT15 TEA2 + TEA3
Bedroom west TRHT16 TEA1
Bedroom east TRHT17 TEA8
Bathroom TRHT18 TEA7

Figure 8.4: TEA closing valve positions during testing.

control. This is because there is some time delay between the measured air temper-

ature and the actual heat output from the floor heating system. Specifically, the TEA

valves should open when the actual air temperatures are 1-2 K below the set-point, and

close 1-2 K above it.

SHT Average Temperature < 35 °C

When there is a space heating demand, and the average temperature in the tank is

lower than 35 °C, the heat pump is switched on. Heat is delivered from the heat pump,

via the accumulation tank (SHT), to the distribution system. The accumulation tank

thus acts as a two-port control volume through which the hot water flow passes, with-

out any significant decrease in enthalpy. Hence, heat accumulation is negligible.

Fig. 8.5 illustrates, as an example, the development in brine and water temperatures,

as well as the heat pump input power. Comparing the compressor power curve with

the SHT average temperature curve, it may appear that the heat pump starts as the

temperature drops below 35 °C. In reality, the heat pump is controlled according to its

built-in thermostat setting, which in this case is 35 °C. Meanwhile, the inlet and outlet
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temperatures, RTD6 and RTD4, are both lower than the set-point. At 5 minutes, the

heat pump was activated manually, before CP2 gave any circulation. The significant

increase in the compressor input power is due to an increase in the condensing pres-

sure, as virtually no heat rejection took place.

Figure 8.5: Heat pump operation during testing.

During this mode of operation valve EV2 was set to 100 %, with flow direction A-AB, to

let water flow from the tank to the distribution system. EV8 was set to 0 %, with flow di-

rection AB-B, to let return water flow directly to the heat pump. Switching of the valve

set-point values is illustrated in fig. 8.6. SV2 was closed in order to avoid unintended

thermal losses from the tank. Valve EV1 was set to 0 %, with flow direction AB-B, to

let water flow from the heat pump to the accumulation tank. In the ground collector

circuit the valves EV5, EV6 and EV7 were all set to 100 %, with flow directions AB-A, to

allow brine circulation between the SCF and the heat pump. The set-point values for

pumps CP1, CP2, CP3 and the OSO MX pump central, were then set to ON.

The underfloor heating circuits were controlled as described above, however, with one

alteration. With the heat pump unit activated, the TEA valves remained in the open

position for 15 minutes. Subsequently, the zone air temperatures were compared to

their corresponding set-point values. As the set-points had not yet been reached, the

15 minute period was re-initiated. An advantage of this strategy is that operation of

the heat pump unit becomes more stable, and the number of start-ups is restricted to

a maximum of 2 to 3 per hour. This is beneficial with respect to wear and tear of the

compressor.
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Figure 8.6: Modulating valve positions during testing.

Upon comparison of a zone air temperatures and set-point values, the corresponding

TEA valves close if the desired values are reached. Once all TEA valves are closed, the

GSHP unit and OSO MX pump central is switched off, followed by CP1, CP2 and CP3.

EV1 is set to position AB-A, while the valves EV2, EV6 and EV8 are set to 0 %, or B-

AB, AB-B and AB-B, respectively. Currently, however, CP1 remains on regardless if the

GSHP is switched off.

8.3.2 GSHP: Domestic Hot Water Heating

The heat pump system has been designed for alternate operation between space and

DHW heating. Consequently, when there is a DHW load, the GSHP needs to be set

to DHW heating mode, for the outlet water temperature to increase. Additionally, the

heat pump circuit 3-way valve, EV1, has to be set to position AB-B, to let water flow

to the DHWT coil. Presently, however, no control signals are produced to make these

changes.

This issue demonstrates an unreliable design, which complicates the implementation

of control functionalities. In order to make the DHW heating mode functional, ade-

quate communication between the LabVIEW controller and the GSHP unit is compul-

sory. The malfunctioning DHW heating mode is a serious issue with respect to the

overall thermal energy use in the Living Lab. By not being able to supply DHW by

means of the GSHP, the load is shifted towards the DHWT IEH. Hence, the electricity

use increases, which translates to a decrease in the overall system SPF.
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The intended control strategy is described in the subsequently. Heat delivery from

the GSHP to the DHWT is controlled according to the DHWT average temperature,

which is determined as the arithmetic average between RTD11 and RTD12, (RTD11 +

RTD12)/2. RTD11 measures the temperature at the middle of the DHWT, while RTD12

measures the temperature at the top. Fig. 8.7 illustrates the temperature development

of the DHW flow prior to preheating in the SHT (RTD15), after preheating (RTD14), and

the DHWT outlet temperature )RTD13). Between 20 and 65 minutes only the bathroom

faucet was used. At 65 miutes the kitchen faucet was opened addtionally. The DHWT

temperature development is demonstrated in fig. 8.9, in subsection 8.3.4.

Figure 8.7: DHW temperature and flow development during testing.

The intended set-point temperature for activation of the heat pump during a DHW

load is 55 °C. That is, if (RTD11 + RTD12) < 55 °C, the heat pump unit is switched on.

EV1, EV5, EV6 and EV7 are then set to flow directions AB-A, while circulation pumps

CP1 and CP2 are activated. This allows circulation of water between the GSHP and the

DHWT, and brine flow between the SCF and the GSHP. Operation is maintained for 15

minutes, before the DHWT average temperature is re-checked. If the value still is < 55

°C, the cycle is repeated. Otherwise, the GSHP, CP1 and CP2 are stopped, before EV6 is

set to position AB-B (0 % open).

8.3.3 STC: Water Heating

The STC pump, CP4, and 3-way valve, EV9, are controlled according to a differential

temperature thermostat. Specifically, EV9 is set to position AB-A and CP4 is activated
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when the temperature at the STP outlet, RTD26, exceeds the SHT average temperature,

(RTD9 + RTD10)/2. The activation and deactivation logics are as following:

• STC ON: RTD26 > (RTD9 + RTD10)/2

• STC OFF: RTD26 < (RTD9 + RTD10)/2

Fig. 8.8 illustrates the weakness of this control strategy. Because there is no deadband,

CP4 is activated momentarily after the panel outlet temperature exceeds the SHT av-

erage temperature. It is thus allowed to run only for 2 to 4 minutes, before the logical

condition fails.

Figure 8.8: Variation of the STP inlet and outlet temperatures during testing.

By investigating the intersections between the STP outlet temperature (RTD26) and

the SHT bottom temperature (RTD9), a potential for improvement is observed. The

measurements indicate that, by omitting the SHT top temperature (RTD10) from

the control scheme, the operating time for the STC can be improved significantly. In

the present case, the operating time would have been extended from 3 to 7 minutes, if

the followng control logic had been applied:

• STC ON: RTD26 > RTD9

• STC OFF: RTD26 < RTD9
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The SHT bottom temperature is measured directly at the solar coil, and is thus a much

more suitable control condition for the STC, compared to the SHT average tempera-

ture. Another consideration is that circulation in the STC must be avoided if the STP

outlet temperature (RTD26) is lower than the inlet temperature (RTD25). Otherwise,

heat would be rejected from the SHT to the ambient.

8.3.4 IWT IEHs: Peak Load Heating

Peak load heating by means of the IWT IEHs is controlled according to pre-defined

thermostat set-points. During the test period only the SHT was heated directly by the

GSHP, while the DHWT was heated by the upper IEH. Fig. 8.9 illustrates the how the

upper and lower IEHs are activated when the average tank temperatures drop below 55

and 35 °C, respectively. These temperatures are calculated as the arithmetic averages

between the upper and lower tank temperatures, as (RTD11 + RTD12)/2 and (RTD9 +

RTD10)/2, respectively. Fig. 8.9 illustrates a rapid temperature decrease in the upper

part of the DHWT, as hot water is drained to the bathroom sink. The actual flow rate

is illustrated in fig. 8.7, with a sudden increase at 65 minutes, as the kitchen tap was

opened.

Figure 8.9: Temperature development in the IWT during testing.

As figs. 8.5 and 8.9 suggest, the thermostat setting for the heat pump and the SHT IEH

are identical. Consequently, both heat sources are activated simultaneously. This is

because the present setting for the IEHs is intended for electrical heating only, not for

the heat pump as the base load heat source.

With this setting, the energy coverage potential for the heat pump unit is restricted. In

order for the heat pump to achieve a high energy coverage factor, the IEHs should sup-
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ply peak load heating only. Hence, the IEHs should be activated only when the demand

supersedes the heat pump power output. For instance, the IEH thermostat set-points

could be given as the upper water layer temperatures alone (RTD10 and RTD12), and

not as average temperatures for the tank sections.
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Complementary Field Measurements

As a result of inconclusive measuring data from the normal operating period, a series of

experimental tests were carried out, in an attempt to circumvent some of the problems

encountered. Modifications to the operation of the system had to be adopted, in order

to facilitate proper data acquisition. Due to limited access, lack of control function-

alities and collision with experiments assessing the indoor environment in the build-

ing, these measurements were postponed until late May. Consequently, the amount

of available time for detailed investigations was limited. The advance of the summer

period also had an effect on operating conditions.

9.1 Measuring Devices

The instantaneous performance of the GSHP, STC and IWT has been tested as a means

to validate or disprove the measuring data from the two DAQ periods, as discussed

above. In this relation, external measuring equipment has been utilized for control

purposes, as well as to supplement the system-integrated equipment. Unfortunately,

measurements could not be performed until a month after the building was vacated.

Due to higher ambient temperatures and global solar irradiance, the operating condi-

tions during testing were improved, compared to the prevailing conditions in March

and April.

The water flow rate was measured with the combination of two different meters. One

calculating the water flow rate based on in-the-flow differential pressure measure-

ments, and the other calculating the flow rate based on non-intrusive ultrasound tech-

nology. The latter is also used for brine flow measurements. These meters are pre-

sented subsequently.

9.1.1 IMI Hydronics TA-SCOPE

This is a multi-function device, which may be used for temperature, pressure, flow and

thermal power measurements. The actual pipe flow is calculated on the basis of the

pressure drop, which is measured between the two ports of a TA valve, as shown in fig.

9.1a. In the thermal energy system at the Living Lab, three TA valves have been installed

for the purpose of system balancing. Two are found on the radiator and heating battery

101
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return pipes, while a third is mounted near UFS2 on the return pipe to the heat pump.

The latter has been used for control measurements of the water flow to the heat pump.

9.1.2 Ultraflux UF 801-P

This is a clamp-on flow meter, which measures internal pipe flow rate by means of

sound waves in the ultrasonic range. Two transducers alternately transmit and receive

ultrasonic sound waves through the external surface of the pipe, both in the upstream

and downstream directions. Fig. 9.1b illustrates the transducer setup on a 28x1.5 mm

water circuit steel pipe.

The basic theory is that waves induced in a flow move faster in the flow direction, and

slower upstream. For each direction, the travel time of the sound is measured accu-

rately, before the difference in travel time is calculated [78, p. 389]. The average ve-

locity of the pipe flow may then be calculated, since it is proportional to the difference

in travel time. By specifying the pipe external diameter and thickness, the internal di-

ameter and cross-sectional area is given. Correct determination of the volumetric flow

rate also require that the properties of the fluid, as well as pipe material, are specified.

Measurements are sensitive to the distance between the transducers.

(a) TA-SCOPE valve connection. (b) UF 801-P pipe connection.

Figure 9.1: Setup of volumetric flow meters.

9.1.3 Analog Manometers

To measure the evaporating and condensing pressures of the Calorex heat pump, manome-

ters were fitted to the high and low pressure Schrader service valves. Combined with

the electric input power to the compressor, as well as and water circuit temperature
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and flow rate measurements, these allow evaluation of the units thermodynamic per-

formance. The manometers are depicted in fig. 9.2. The low pressure gauge has .05 bar

divisions, while the divisions on the high pressure gauge are .1 bar. Both instruments

have an accuracy of 0.5 %.

(a) Evaporating pressure gauge. (b) Condensing pressure gauge.

Figure 9.2: Manometer measurements.

9.1.4 Handheld Analog Refractometer

The composition of the aqueous propylene glycol solution, was determined on the ba-

sis of its refractive index. Fig. 9.3 shows the refractometer used to perform this mea-

surement. A sample droplet was extracted from the ground circuit refill valve, and

placed between the measuring prism and the cover glass. A freezing point of -25 °C

was then read from the scale, which corresponds to a propylene glycol concentration

of approximately 44 weight-%. It was not possible to obtain a sample from the STC,

and hence the brine mixtures were assumed identical.

Figure 9.3: Handheld refractometer used to determine the PG concentration.
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9.2 Test 1 and 2: GSHP and STC Performance

The instantaneous performance of the GSHP has been tested experimentally by mea-

suring the heating capacity and electrical power input for two operating conditions.

Test 1 addresses standalone operation, that is, for heat rejection without influence from

other heat sources. Test 2 addresses combined operation with the STC, which was op-

erated in order to elevate the evaporator brine inlet temperature.

Because of flawed configuration of TEM1, the flow was directed to the radiator circuit

in order to obtain satisfactory measuring data from TEM3. During these tests, only

CP2 and CP3 was operated in the hydronic circuit. Hence, the flow rate at TEM3/UFS6

could be assumed equal to the flow rate at TEM1/UFS2. Temperature measurements

for the supply and return flow was attained from TEM1.

External measurements were carried out in 5 minute intervals. These include water

circuit flow measurements by means of the UF 801 and TA-SCOPE field measuring de-

vices. The UF 801 was fixed to a horizontal 28x1.5 mm steel pipe close to the TA valve,

cf. fig. 9.1b. Evaporating and condensing pressures were read from the LP and HP

gauges, respectively, cf. 9.2, while input power to Magneta circulator pumps were read

from their respective displays.

9.2.1 Test 1: GSHP Standalone Operation

During this test the GSHP temperature set-point was adjusted to 55 °C, in order to al-

low uninterrupted operation. The total duration of the data acquisition period was

100 minutes, excluding the first five minutes of operation. Proportional pressure mode

and a differential pressure setting of 100 % was used for circulator pumps CP1, CP2 and

CP3, throughout. Temperature and flow characteristics for the brine and water circuits

are shown in figs. 9.4 and 9.5, respectively.

The average operating condition during this test was 4.4/43.9 °C, which corresponds

to a ∆Tl i f t of 39.5 K. This is slightly lower than the average ∆Tl i f t of 41.9 K and 39.7 K,

during the first and second DAQ periods, cf. section 8.1. The higher inlet brine temper-

ature, however, suggests a higher evaporating temperature, lower suction gas density,

lower working fluid mass flow rate and reduced heating capacity.

External measuring data and DAQ recordings for the 100 minute period are presented

as average values in tables 9.1 and 9.2, respectively. For the hot water flow, an average

density of 990 kg /m3 and a specific heating capacity of 4.183 k J/kg K , were assumed.

The average evaporation pressure of 1.74 barg corresponds to an evaporating temper-
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Figure 9.4: Brine circuit temperature and flow development - Test 1.

Figure 9.5: Water circuit temperature and flow development - Test 1.

ature of -1.8 °C, which gives an evaporator LMTD of 5.3 K. The average condensing

pressure of 10.90 barg corresponds to a condensing temperature of 46.6 °C, which re-

sults in a condenser LMTD of 4.8 K. Based on the absolute evaporating and condensing

pressures a pressure ratio of 4.34 was prevailing.

A good correlation was seen between the external flow measurements. Comparing ex-

ternal measurements to DAQ recordings, a 10 % deviation was seen. It is thus likely that

the actual flow rates differ slightly from the measured values. In that case, the calcu-

lated heating capacity would also be influenced. The recorded brine flow rates ranged

between 1005 and 1065 l/h, resulting in an average value of 1017.2 l/h. This was 15 %

lower than the design flow rate of 1200 l/h.
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External readings of the pump input power were lower, compared to the DAQ record-

ings. For CP1, the deviation was approximately 6 %. For CP2 and CP3 combined, the

deviation was approximately 33 %. It is worthwhile mentioning that the DAQ measure-

ments also include the power consumption for operation of actuator valve motors.

Table 9.1: External measurements and readings - Test 1.

pE pC V̇w,T A V̇w,U F ẆC P1 ẆC P2 ẆC P3

[barg ] [barg ] [l /h] [l /h] [W ] [W ] [W ]

1.74 10.90 348 350 138.3 44.1 47.5

Table 9.2: DAQ system recordings - Test 1.

V̇b V̇w ∆Tb ∆Tw Q̇w ẆHP,ad ẆC P1 ẆC P2/3

[l /h] [l/h] [K ] [K ] [W ] [W ] [W ] [W ]

1017.4 387.2 1.7 6.7 2973 932.9 147.3 136.4

The performance during standalone operation was evaluated on the basis of the COP.

Analogous to SPF calculations in section 8.1, the COP has been calculated at different

system boundaries. The first system boundary only includes the heat pump unit and

electrical input power to the compressor. The second boundary includes the electrical

input power to the brine circuit circulator pump, CP1, while the third also includes the

hydronic circuit pumps.

The development of the COP values are plotted in figure 9.6. A sharp decrease in per-

formance was observed during the first 40 minutes of operation. After stabilization of

the brine inlet and water outlet temperatures, the decrease was less apparent. A sta-

tionary condition was not reached, however. It is evident that the electric power input

to the pumps has a significant influence on the COP. CP1 has the largest influence, with

a reduction of the HP COP of 13.5 %. The electric power input to the pumps represent

30.4 % of the power input to the compressor, which is significant.

Fig. 9.7 shows the relative energy saving potential,∆E , plotted as a function of the COP.

It is presumed that electrical heating, with an efficiency of 1, represents the alternative

heat source. Average values presented in table 9.3.

Performance measurements are summarized in table 9.3, along with the Carnot COP,

εC , for the average operating condition (4.4/43.9 °C). The Carnot efficiency, ηC for the

heat pump unit is thus 39.8 %. This is poor compared to typical values around 50 %,
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Figure 9.6: COP development - Test 1.

Figure 9.7: Relative energy saving potential - Test 1.

and worse than the values specified by the manufacturer, cf. chapter 5. An improved

value would be obtained with larger heat transfer areas and reduced LMTDs in the

evaporator and condenser.

Table 9.3: Performance measurements - Test 1.

εC COP COP1 COP1/2/3 ∆E ∆E1 ∆E1/2/3

8.02 3.19 2.76 2.45 68.7 63.8 59.2
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The results of the present section indicate that the actual SPF values during normal

operation might be lower than those presented in section 8.1. It should be noted, how-

ever, that the result are attained at different operating conditions. This difference may

be offset by the fact that OSO MX pump central was inactive during the present test.

The difference in ∆E is nevertheless less sensitive to differences in the input power,

compared to the COP. Hence, the relative energy saving potential of the GSHP system

was in the range between 59 and 69 %. For the GSHP and brine pump, an intermediate

∆E around 64 % was observed.

9.2.2 Test 2: GSHP and STC Combined Operation

During this test the STC was operated in combination with the GSHP, rejecting heat to

the ground collector circuit. The GSHP set-point temperature was adjusted to 55 °C,

in order to allow uninterrupted operation. The total duration of the data acquisition

period was 100 minutes. In order to reach a more stable condition, a run-in period of

twenty minutes was permitted. Proportional pressure mode and a differential pressure

setting of 100 % was used for the pumps CP1, CP2 and CP3, throughout. For CP4, the

pre-set differential pressure setting of 50 % was used.

The temperature and flow characteristics for the STC, ground collector, and water cir-

cuits are shown in figs. 9.8, 9.9 and 9.10, respectively. In the STC a peak in the flow rate

was observed as the pump, CP4, was activated. In the ground collector circuit, peaks

in the inlet and outlet brine temperatures were simulatenously observed.

Figure 9.8: STC temperature and flow development - Test 2.

The average operating condition during this test was 4.7/47.1 °C, which corresponded

to a ∆Tl i f t of 42.4 K. This was higher than the average ∆Tl i f t of 40.8 K, during normal
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Figure 9.9: Brine circuit temperature and flow development - Test 2.

Figure 9.10: Water circuit temperature and flow development - Test 2.

operation, cf. section 8.1, and 39.5 K during the first test. The average inlet brine tem-

perature was also higher in the present case.

External measuring data and DAQ recordings for the 100 minute period are presented

as average values in tables 9.1and 9.2, respectively. For the hot water flow, an average

density of 990 kg /m3 and a specific heating capacity of 4.183 k J/kg K , were assumed.

The average evaporation pressure of 1.58 barg corresponded to an evaporating tem-

perature of -3.4 °C, which gave an evaporator LMTD of 6.9 K. The average condensing

pressure of 11.24 barg corresponded to a condensing temperature of 47.2 °C, which

resulted in a condenser LMTD of 1.4 K. Based on the absolute evaporating and con-

densing pressures, a pressure ratio of 4.74 was prevailing.
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Table 9.4 shows a good correlation between the external water flow measurements. By

comparing these measurements to DAQ recordings, a deviation between 1.3 and 8.4

% is seen. This is better compared to the prior case. The recorded flow rates in the

ground collector loop ranged between 1000 and 350 l/h, resulting in an average value

of 662.8 l/h. A sharp decrease was observed as heat exchange via the BPHX was ini-

tiated. Whith the heat exchanger operational, the average STC flow rate was 47.4 l/h.

Heat input from the STC resulted in a significant increase in ∆Tb . As a consequence,

the pressure-controlled CP1 responded by reducing the brine flow rate.

Table 9.4: External measurements and readings - Test 2.

pE pC V̇w,T A V̇w,U F ẆC P1 ẆC P2 ẆC P3 ẆC P4

[barg ] [barg ] [l /h] [l /h] [W ] [W ] [W ] [W ]

1.58 11.24 381.3 354.1 119.3 43.4 45.9 20.0

The large difference in LMTDs for the evaporator and condenser was due to the higher

∆Tb and reduced brine flow rate. This gave a lower evaporating temperature and suc-

tion gas density. Consequently, working fluid mass flow rate dropped, which gave a

lower evaporator capacity. As a result, the evaporator LMTD increased, in order to

maintain an energy rate balance. For the condenser, the opposite effect occured. The

reduction in heating capacity meant that the LMTD had to decrease, in order to main-

tain an energy rate balance.

External readings of the pump input power are lower compared to the DAQ record-

ings. For CP1 and CP4, the deviations are 7.9 and 37.5 %, respectively. By contrast to

the other units, the recorded values for CP4 are lower, compared to the external read-

ings. For CP2 and CP3 combined, the deviation is 33 %, as in the prior case.

Table 9.5: DAQ system recordings - Test 2.

V̇b V̇w V̇sol ∆Tb ∆Tw ∆Tsol Q̇w ẆHP,ad ẆC P1 ẆC P2/3 ẆC P4

[l /h] [l /h] [l /h] [K ] [K ] [K ] [W ] [W ] [W ] [W ] [W ]

662.8 386.5 47.4 2.3 5.8 15.3 2592 898 129.6 133.1 12.5

The development of the COP at different system boundaries is plotted in figure 9.11.

A sharp decrease in performance was observed after 20 minutes, as the BPHX was put

into operation. As the BPHX was deactivated at 75 minutes, the COP values increased

to the normal condition. Comparing figs. 9.6 and 9.11, it is seen that similar condi-

tions were prevailing at the end of each run. A stationary condition was not reached.
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Fig. 9.12 shows the relative energy saving potential, ∆E , plotted as a function of the

COP.

Figure 9.11: COP development - Test 2.

Figure 9.12: Relative energy saving potential - Test 2.

Performance measurements are summarized in table 9.3, along with the Carnot COP,

εC , for the average operating condition (4.7/47.1 °C). The Carnot efficiency, ηC for the

heat pump unit was thus 38.1 %. This is worse compared to a value of 39.8 % during

the first test.

Against the intention to increase the evaporating temperature and COP, by means of

the STC, the reverse effect was observed. Because the brine circuit pump is controlled

according to a differential pressure setting, the flow rate is reduced dramatically as the

brine temperature and ∆Tb is increased. This culminates in a larger LMTD and thus
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Table 9.6: Performance measurements - Test 2.

εC COP COP1 COP1/2/3 COP1/2/3/4 ∆E ∆E1 ∆E1/2/3 ∆E1/2/3/4

7.58 2.89 2.53 2.24 2.22 65.4 60.5 55.4 55.0

a lower evaporating temperature. Consequently, the specific enthalpy of evaporation

and vapor density are reduced, which leads to a lower working fluid mass flow rate

and evaporator capacity. Consequently, the heating capacity and COP are reduced.

During this test COP values ranging between 2.22 and 2.89 were observed, which is 8

- 10 % lower than the corresponding results of the first test. This culminated in lower

energy saving potentials, ranging from 55 to 65 %. Increasing the evaporator inlet

brine temperature by means of solar heat, is thus not a recommended strategy, in

combination with the∆p-controlled pumps.

9.3 Test 3 and 4: IWT and STC Performance

9.3.1 Test 3: IWT Discharging

The effective volume of the IWT has been tested for an extreme DHW load. With total

volume of 400 l, and a DHWT volume of 240 l, the potential energy storage capacity

is large. The effective energy content, however, is dependent on the overall tempera-

ture level and temperature stratification in the tank, as well as the minimum required

DHW temperature. This test was carried out simply by draining the tank via the kitchen

sink, and recording the temperature development at the top and bottom of each tank

section. The kitchen faucet was set to its maximum position, with respect to both tem-

perature and flow.

Fig. 9.13 illustrates the temperature development in the SHT, as well as the water flow

rate through the preheating coil. The initial tank bottom temperature, measured by

RTD9 was 22 °C. The initial tank top temperature is measured by RTD10 as 40 °C.

Within 3 minutes of draining, a constant water main temperature of 8 °C was mea-

sured by RTD13. Upon investigation of the ∆T between RTD14 and RTD13, it is seen

that the initial temperature increase from preheating was approximately 7 °C. After 20

minutes the temperature increase from preheating was reduced by approximately 50

%. This illustrates the influence of the SHT temperature level on the DHW preheating

potential. While a lower temperature level is beneficial with repect to GSHP and STC

performance for space heating, it has a negative influence on the DHW production.

Fig. 9.14 illustrates the temperature development in the DHWT, as well as the flow rate
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Figure 9.13: SHT temperature and flow development - Test 3.

Figure 9.14: DHWT temperature and flow development - Test 3.

of the water passing through the tank. The initial tank bottom temperature, measured

by RTD11, was 34 °C. The initial tank top temperature was measured by RTD12 as 73

°C. Within 2 minutes of draining, an outlet water temperature identical to the tank top

temperature, was measured by RTD15. This value was maintained for 5 minutes, be-

fore a decrease in temperature was observed. The tank top temperature, meanwhile,

dropped much more rapidly. This is because the temperature probe RTD12 is located

a distance below the tank outlet. By examination of RTD11, a constant temperature of

35 °C was observed during the first 6 minutes. This is because the probe is located near

the middle of the tank, mid-way down the reheating coil. The delay between the drop

in RTD12 and RTD11 measurements, indicate a favorable stratification performance
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during simultaneous hot water extraction and cold water refilling.

Figure 9.15: IWT power and energy development - Test 3.

The power duration and accumulated extracted heat is plotted in fig. 9.15. The graph

indicate a total instantaneous power demand between 35 and 25 kW during an 8 minute

period. A sharp decrease in heating power was seen as the outlet water temperature

dropped below 60 °C. The total accumulated heat extraction from the IWT during the

20 minute period, was 7.6 kWh. This amount to an average power demand of 23 kW. By

imposing minimum outlet water temperature requirements of 55 or 38 °C, the max-

imum heat extraction was reduced to 1.8 and 3.0 kWh, respectively. IWT tempera-

ture levels and DHW minimum temperature requirements are thus heavily affecting

the available heat quantity. In case of larger DHW demands it is favorable to increase

the IWT set-point temperatures, although this contributes to increased heat losses and

lower energy coverage for the GSHP and STC.

9.3.2 Test 4: STC Standalone Operation

Solar thermal water heating was tested for a 5 hour period between 10 AM and 15 PM,

on a partly cloudy day in May. The STC was operated as a stand-alone system, with-

out any form of auxiliary heating. Specifically, both the GSHP and the IEHs were de-

activated before and during the test period. Both the DHWT and SHT were initially

discharged, in order to improve the potential for thermal recharging. Pump CP4 was

operated continuously in proportional pressure mode, with the differential pressure

set-point at 50 %.
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Fig 9.16 illustrates the development of the south façade ambient temperature, as well

as the global solar irradiance on the south facade and PV surface. Average values were

551 and 782 W /m2, respectively. Hence, the intensity of the solar irradiation was about

29.6 % higher at a tilt angle of 30°, compared to 90°. The average ambient temperature

was 28.5 °C. Fig. 9.17 illustrates the development of the STP supply and return temper-

atures, RTD25 and RTD26. An average ∆T of 5.9 K between the STP inlet and outlet,

and an average fluid temperature of 35.1 °C, were measured. At these conditions, the

average panel thermal efficiency, η, was 75.6 %. This is close to the optimum panel

efficiency, η0, which is 81.1 %, cf. appendix F. It may be noted, however, that a low∆T

between the solar fluid and ambient air contributes to favorable operating conditions.

A low accumulation tank temperature is contributing as well.

Figure 9.16: Outdoor environmental quantity development - Test 4.

The average water temperatures in the SHT and DHWT are plotted in fig. 9.17. Temper-

atures are given as arithmetic average values between RTD9 and RTD10, and between

RTD11 and RTD12, respectively. The solar fluid flow rate, measured by the electromag-

netic flow meter, EFS2, is also plotted. By comparing the global solar irradiance and

ambient temperature with the solar fluid flow rate, a certain time delay was observed.

The flow rate was relatively steady at 200 l/h, until the irradiation and temperature

reached about 700 W /m2 and 31 °C, respectively. At this point, CP4 produced an in-

crease in the flow rate to 600 l/h. The subsequent drop in the irradiation was due to

a passing cloud. Fig 9.16 indicates a distinct influence of the solar irradiation on the

south facade temperature measurements. This is a partial explaination to the unre-

alistically high panel efficiency.
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Figure 9.17: STC temperature and flow development - Test 4.

The power and energy output from the STPs, and the energy input to the IWT are plot-

ted in fig. 9.18. The theoretical power input of the solar irradiation, PST P , is plotted as

the product of the global solar irradiation and the active panel area of 3.63 m2. This

quantity has an average value of 2.8 kW, and is lower than the average power of 2.0

kW for the solar circuit fluid, PSTC . A PG density of 1025 kg /m3 and specific heating

capacity of 3.7 k J/kg K , were assumed. The ratio of these values corresponds to an

efficiency of 71.4 %, which is lower than the thermal efficiency given earlier, and closer

to a realistic value. It is readily seen that the while the accumulated energy transported

by the solar fluid, ESTC , is 10 kWh, the accumulated energy in the IWT is just 3.7 kWh.

The bulk of this energy is delivered to the SHT. These observations suggest losses be-

tween the STPs and the IWT of 63 %, which is highly unlikely.

9.4 Summary of Measurements

Test 1: GSHP Standalone Operation

The GSHP was operated in space heating mode, rejecting heat via the SHT to the ra-

diator circuit. An average operating condition of 4.4/43.9 °C was observed, giving a

∆Tl i f t of 39.5 K. Based on an evaporating pressure of 1.74 barg , an evaporating tem-

perature of -1.8 °C was prevailing. This indicated an evaporator LMTD of 5.3 K. For the

condensing pressure a value of 10.9 barg was observed, which implied a condensing

temperature of 46.6 °C, and a condenser LMTD of 4.8 K. A pressure rato of 4.34 was

calculated, based on absoulute pressures.
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Figure 9.18: STC power and energy development - Test 4.

The average heating capacity for the GSHP was measured to 2973 W, at an electric input

input power (adiabatic) of 932.9 W. This resulted in a COP for the HP unit of 3.19, and

a poor Carnot efficiency, ηC , of 39.8 %. The electric input power to CP1 was neverthe-

less 147.3 W, and should be included in the COP calculation. Hence, the was reduced

by 13.5 % to 2.76. By further including the 136.4 W electric power consumption to

the hydronic pumps, CP2 and CP3, the COP dropped to 2.45. The total electric input

to pumps represented 30.4 % of the compressor input power, and thus a significant

parasitic system loss.

At these conditions,∆E for the GSHP system ranged from 59 to 69 %, depending on the

system boundary. This excluded the electric energy use to the IWT IEHs and the OSO

MX pump central.

Test 2: GSHP and STC Combined Operation

The STC was operated in combination with the GSHP, rejecting heat to the ground col-

lector circuit via the BPHX. The GSHP was rejecting heat to via the SHT to the radiator

circuit. An average operating condition of 4.7/47.1 °C was observed, giving a ∆Tl i f t of

42.4 K. An evaporating pressure of 1.58 barg was measured, thus giving an evaporating

temperature og -3.4 °C. At the condenser, a pressure of 11.24 barg was measured, giv-

ing a condensing temperature of 47.2 °C. The low eavporating temperature was due to a

reduced brine flow rate, which gave a larger ∆Tb . Consequently, the evaporator LMTD

increased to 6.9 K, resulting in a reduced capacity. The condenser LMTD dropped to

1.4 K, in order to compensate for a lower heating capacity.
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The average heating capacity was measured to 2592 W, at an electric input power of 898

W. This gave a COP of 2.89, and an ηC , of 38.1 % for the GSHP unit. For CP1 a noticable

reduction in electric input power was observed. Compared to the first test, a reduction

from 147.3 to 129.6 W was observed. This was largely due to a lower brine flow rate. For

CP2 and CP3 the electric power input was 133.1 W, and 12.5 W for CP4. The combined

electric input power to the pumps represented 30.6 % of the compressor input power,

and was almost equivalent to the first test.

Poor COP values, ranging from 2.22 to 2.89, were observed. Consequently, relative en-

ergy savings ranged from 55 - 65 %. This is a reduction compared to the normal op-

eration in test 1. Hence, direct increase the evaporator brine inlet temperature, by

means of solar heat, is not recommended with the current pump design.

Test 3: IWT Discharging

The effective DHWT volume was assessed by discharging the tank, in order to simu-

late an extreme DHW load. Initial temperature conditions in the SHT were 22 °C at the

bottom and 40 °C at the top. For the DHWT, an initial top temperature of 73 °C, and a

bottom temperature of 35 °C, was measured.

With a water main temperature of 8 °C, the DHW preheating potential for the SHT was

initially 7 °C, and 3 - 4 °C after 20 minutes. The power output for preheating ranged

from 4 - 2 kW. For the DHWT, the power output ranged from 30 kW initially, to 10 kW

at the end. The DHWT top temperature decresed much more rapidly, compared to the

tank middle temperature, thus indicating good thermal stratification.

These results show that the potential for water preheating is heavily influenced by the

SHT average temperature, (RTD9 + RTD10)/2. A higher temperature level in the SHT

will increase the DHW preheating potential, but will deteriorate the operating con-

ditions for the GSHP and STC. DHW preheating by means of the SHT coil, may thus

be a less optimum solution.

Test 4: STC Standalone Operation

After discharging the IWT, the STC was operated in water heating mode during a 5 hour

period between 10 AM an 15 PM. During this period, an average global solar irradiation

of 551 W /m2, was measured on the south façade. This was almost 30 % lower than the

corresponding value on the PV surface. Hence, a panel tilt angle of 90° resulted in a

lower solar energy potential, compared to an angle of 30°.
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The measured thermal efficiency of the STPs was 75.6 %, which was close to the the-

oretical maximum value of 81.1 %, specified in the Solar Keymark documentation.

The STP thermal efficiency is dependent on the ∆T between the ambient temperature

and the avaerage temperature of the solar fluid. A south façade temperature measure-

ment, which is influenced by direct solar irradiaton, may affect the efficinecy calcu-

lation, and result in a high value. The south façade temperature sensor should be

protected against direct solar irradiation, in order to minimize the error.

Similar anomalies were experienced with the calculated thermal energy quantity trans-

ported by the STC, ESTC , and the thermal energy input to the IWT. Specifically, the re-

sults suggested a 10 kWh solar thermal input to the STC, while the calculated increase

in IWT energy content was 3.7 kWh. This deviaton is too large to be explained as ther-

mal losses from pipes alone. Possible errors include wrong estimations of the density

and specific heat of the STC PG solution and IWT water, as well as measuring errors

in flow rates (EFS2) and temperatures (RTD25 and RTD26). Further investigations

are advised.

9.5 Error Sources and Comments

Initially, an attempt was made to calculate the evaporator capacity on the basis of mea-

surements on the ground collector circuit. Specifically, the the supply (RTD2) and re-

turn (RTD3) brine temperatures, the volumetric flow rate (EFS1), and thermopysical

properties for the 44 % PG solution were used. It was observed, however, that small in-

accuracies in temperature measurements translated to large inaccuracies in the evap-

orator capacity. With a typical∆Tb of 2 K, and an accuracy of ± 0.2 K, the error was ± 10

%. Instead, measurement were carried out at the water side of the GSHP.

For all calculations, the thermophysical properties of water were assumed constant

throughout, with negligible deviations is the temperature range 20-50 °C. The density

and specific heating capacity were set to 990 kg /m3 and 4.183 k J/kg K , respectively.

The heat pump performance was calculated according to the water side heating capac-

ity, and the compressor power input. The heat pump thermal energy meter, TEM1, has

not been configured to record flow rate measurements. Consequently, TEM3/UFS6 in

the radiator circuit was used for this purpose. Comparisons between these measure-

ments and external measurements suggested an error of ± 10 %. Supply and return

temperatures for the heat pump was taken from TEM1, as RTD4 and RTD6, respec-

tively. These measurements have an accuracy of ± 0.1 K. With a typical ∆Tw of 6.3 K,

the error amounts to ± 3.2 %.
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The electrical power input to the heat pump compressor was calculated on the basis

of its energy use. The heat pump EEM records this quantity with an accuracy of 1 Wh.

By dividing the electrical energy use by time, the electrical power input (W) was esti-

mated. Due to the ON/OFF compressor control, the error is expectedly small.

During combined operation of the GSHP and STC, the temperatures in the STC was

above the temperature range suggested in the literature. Observations indicated a re-

duction in the COP, as opposed to the desired increase. Significant contributors to this

effect were the proportional pressure-controlled circulator pumps, CP1 and CP2. Dif-

ferent results may be expected if the volumeric flow rate is maintained constant. With

the present design, however this is not an option. Testing at lower STC temperatures is

nevertheless advised.

While testing the STC in water heating mode, the accumulated energy input to the wa-

ter tank (3.7 kWh) was considerably lower than the accumulated energy input to the

STC (10 kWh). This difference is significant, although there are several uncertainties

involved. Firstly, the STC energy input is calculated from the STP inlet and outlet tem-

peratures, RTD25 and RTD26, respectively. Hence, pipe losses are excluded. These

losses might be significant, as the STPs and accumulation tank are located at opposite

sides of the building. Secondly, the solar fluid mixture was assumed equal to that of

the ground circuit brine (PG at 44 %). Deviations may thus result from wrong ther-

mophysical properties. In order to accurately assess this difference, STC temperature

measurements should be made at the coil, and the PG solution should be measured.



Chapter 10

System Design and Dimensioning

For passive house and ZEB buildings, the net peak power demand for space and ven-

tilation heating is generally low, compared to traditional buildings. Meanwhile, the

availability of low-capacity brine-water heat pump units is limited. Thus, keeping with

traditional design criteria, avoiding over-dimensioning is an apparent challenge.

Paradoxically, combined space and water heating systems achieve longer operating

hours than systems designed for space heating only. Hence, equivalent energy cov-

erage factors may be obtained with a lower power coverage factor. In combined heat

pump and solar thermal systems, the required energy coverage for the heat pump is

further challenged by the solar thermal energy input. This chapter addresses the de-

sign and dimensioning of the combined GSHP and solar thermal system at the Living

Lab.

10.1 GSHP Power and Energy Coverage Potential

The thermal power and annual energy coverage factors has been estimated on the ba-

sis of normalized weather data, and Calorex technical data. The SIMIEN simulation

resulted in a net peak power demand, PN , of 5.69 kW for space heating and heating

of ventilation air. This excludes the power demand for DHW production, which is re-

garded a continuous process. The average power demand for DHW heating is esti-

mated to 0.35 kW, based on a normalized energy demand of 29.8 kW h/m2d ay . The

theoretical annual heating demand for space heating, ventilation heating and DHW

production, QN , is 6691 kWh.

Heating capacities for the Calorex heat pump are listed in table 10.1 for two different

operating conditions. It is readily seen that the heating capacity drops significantly as

the temperature lift increases. Typically, the heating capacity is reduced by 3-4 % per K

decrease in the evaporating temperature, and by 0.5 % per K increase in the condensing

temperature. Hence, it is most advantageous with a high inlet brine temperature, com-

bined with a low outlet water temperature. The lower the temperature lift, the higher

the heat pump heating capacity and COP. This translates to a higher energy coverage

factor, α, and relative energy saving, ∆E .

121
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Table 10.1: Heating capacities for the WW3500 at different operating conditions.

Outlet water: 35 °C Outlet water: 55 °C

Inlet brine: 0 °C 3.17 kW 2.61 kW
Inlet brine: 15 °C 5.49 kW 4.65 kW

With the ideal, but unlikely, condition of 15 °C inlet brine temperature and 35 °C outlet

water temperature (15/35 °C), a power coverage factor, β, of 92.9 % could be achieved.

For the more likely condition of 0/35 °C, a β of 53.6 % would be prevailing, and at 0/55

°C the value drops to 44.2 %. Consequently, the need for IEH top-up heat is increasing

as the heat pump operating conditions are deteriorated. With respect to these data

the dimensioning of the GSHP is within the recommended values.

The heat sink temperature, Tsi nk , and relative energy saving potential, ∆E , are largely

determined by the chosen strategy for heat distribution. Whether heat is distributed

at 33/28 °C via the underfloor heating panels, or at 55/50 °C via the radiator or heat-

ing battery is decisive to the performance. Fig. 10.1 illustrates the annual theoretical

energy coverage potential for the heat pump and IEHs, at 35 °C supply water temper-

ature. A DHWT top temperature of 68 °C is used, and the combined temperature de-

livery from preheating and reheating with the heat pump is set to 50 °C, from 5 °C to

55 °C. The remaining 13 °C are covered by the IWT IEHs. Well-functioning switching

between space heating and DHW heating modes is assumed.

Figure 10.1: Theoretical energy coverage at tw−o = 35 °C.
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The heat source temperature is dependent on climatic conditions and the thermal

properties of the ground. As an approximation, a cosine variation is used, with the

temperature swinging around the annual mean ambient temperature of 5.1 °C. In ac-

cordance with the experimental results of Eggen [8], an amplitude of 5 K and a phase

shift of 2 months is used. ∆T between the soil and the brine inlet temperature to the

evaporator is set to 4 K, in close accordance with Nielsen [7].

For a supply temperature of 35 °C, the total energy coverage of the GSHP amounts to

5731.1 kWh, corresponding to an α of 85.7 %. The annual SPF for combined operation

at this condition is 2.56. By increasing the output temperature to 55 °C, the energy cov-

erage drops to 5626.5 kWh, corresponding to anα of 84.1 %. In this case the annual SPF

is 2.31. Relative energy saving potentials are 60.9 and 56.7 %, respectively. According

to NS3700, the minimum required renewable energy coverage for DHW heating is 50

% [22]. This requirement is maintained in both cases, with an α for DHW heating of

71.4 %. Table 10.2 summarizes the results. It should be noted that, while a lower heat

distribution temperature improved the operating conditions for the GSHP, it reduces

the potential for DHW preheating in the SHT.

Table 10.2: Theoretical performance of the GSHP system.

DHW heating Space heating Total
55 °C 55 °C 35 °C 55 °C 35 °C

EHP [kW h] 711.3 1125.3 945.2 1836.6 1656.5
QHP [kW h] 2171.1 3455.4 3560.0 5626.5 5731.1
E I E H [kW h] 868.5 197.4 92.8 1065.9 961.3
QI E H [kW h] 868.5 197.4 92.8 1065.9 961.3

SPFHP [−] 3.05 3.07 3.77 3.06 3.46
∆EHP [%] 67.2 67.4 73.5 67.3 71.1

SPFs y stem [−] 1.92 2.76 3.52 2.31 2.56
∆Es y stem [%] 47.9 63.8 71.6 56.7 60.9

10.2 GSHP Unit

The Calorex heat pump unit has a simple design, and is based on the single-stage vapor

compression cycle. Its main components are the evaporator, hermetic scroll compres-

sor, condenser, liquid receiver and TEV. Process improving components, such as a DSH

or SGHX, are not part of this design. The unit is charged with 2.5 kg of HFC-134a, and

uses a polyolester (POE) compressor lubricant. Fig. 10.2 shows a principle flow scheme
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of the heat pump unit. A manufacturer-provided flow scheme may also be found in ap-

pendix B. Regarding heat pump technical information, several requests has been made

to the manufacturer. Feedback on this matter, however, has been scarce.

Figure 10.2: Principle flow scheme of the Calorex heat pump unit.

Operation of the heat pump unit is divided between two modes; space heating and

DHW heating. Outlet water temperature limitations are 55 and 65 °C, respectively. At

present, however, the GSHP has been operated in space heating mode only. Conse-

quently, only DHW preheating is covered by the heat pump, while the rest of the de-

mand is covered by the IEHs. Well-functioning switching between modes is hence nec-

essary in order to approach the theoretical energy coverage factor for the heat pump.

Poor allocation of heating loads between the HP and peak load equipment is a known

cause for deteriorated performance [76]. HP-integrated peak load heaters is a more

favorable design, which reduces the risk of errors.

CP2/JP43 has a differential pressure-controlled design value of 601 l/h at ∆ p 25 kPa,

compared to the recommended 450 l /h ± 10 %. Field measurements, presented in

chapter 9, indicated that the actual flow rates at 100 % differential pressure settings

are approximately 390 l/h, which is close to the recommended value. At the operating

condition 4.4/43.9 °C the condenser temperature difference, LMT DC , was 4.8 K. com-

bined with a heating capacity of 2973 W, the resulting U·A-value is 619 W/K.

Design flow rates for the brine and water circuit circulator pumps are somewhat larger

than recommended by the HP manufacturer. CP1/JP42, has a constant flow design



10.2 GSHP Unit 125

value of 1200 l/h, compared to the recommended 720 l/h ± 10 %. Measurements have

indicated flow rates in between these values, with an average of 1017 l/h. At the operat-

ing condition 4.4/43.9 °C, LMT DE was measured to 5.3 K. With an evporator capacity

of approximately 2100 W, the resulting U·A-value is 403 W/K.

The heat pump compressor is a scroll-type, which is produced by Bristol Compressors,

according to the serial number, H71J223ABK, cf. appendix B. It desiged for HFC work-

ing fluids and has been tested for R407C. According to the test data its evaporator tem-

perature range is between -30 and +10 °C. In the Calorex technical data, lower and

upper limits for the evaporator brine inlet temprature are specified as -5 and +20 °C,

respectively. Hence, there is an inconsistency, which might affect the performance at

elevated brine temperatures.

Fig. 10.3 illustrates the overall volumetric efficiency for the R407C compression pro-

cess. Efficiencies are plotted for constant condensing temperatures and for 5 K incre-

ments in the evaporating temperature, ranging from +10 to -10 °C. This clearly illus-

trates a decreasing volumetric efficiency with an increasing temperature lift.

Figure 10.3: Overall volumetric efficiency curves for the R407C compression process.

Overall isentropic efficiency curves for the R407C compression process are plotted in

fig. 10.4 for constant condensing temperatures. For each condensing temperature, the

isentropic efficiency is plotted against the pressure ratio, when the evaporating tem-

perature decreases in 5 K increments from +10 to -10 °C. The reduction in isentropic
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efficiency is clear as the temperature lift and pressure ratio increases.

Figure 10.4: Overall isentropic efficiency curves for the R407C compression process.

Mass flow and pressure control is provided by a thermostatic expansion valve (TEV).

The valve opening is adjusted on the basis of feedback control from a phial, which mea-

sures the degree of superheat at the evaporator outlet. The pressure inside the phial

increases or decreases according to the variations in temperature. The pressure force

acts on the spring loaded valve, which in turn increases or decreases the valve opening

and the working fluid mass flow rate. This valve design might not be suitable for ele-

vated evaporating temperatures, as the ∆p over the valve is reduced. Specifically, the

valve authority might be an issue.

A significant disadvantage of the Calorex heat pump design, is that only condenser

heat is utilized for DHW heating. This increases the average condensation tempera-

ture, which results in a lower COP and heating capacity. Consequently, this leads to re-

duced energy savings. A more suitable design should at least include a DSH and SGHX.

Additional design features should include VSD capacity control and an electronic ex-

pansion valve (EEV).

10.2.1 Cycle Comparison with Alternative Working Fluids

The Calorex heat pump uses HFC-134a as working fluid, which is a less common op-

tion for low capacity residential units. Its thermodynamic performance is therefore

compared to alternative working fluids. Operating conditions are taken as 4.4/43.9 °C,
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corresponding to test 1 in chapter 9. The evaporating temperature of -1.8 °C, and con-

densing temperature of 46.6 °C is set constant for all working fluids. Table 10.3 list the

properties of the R134a cycle, compared those of five potential alternatives.

Table 10.3: Comparison of cycle characteristics for alterneative working fluids.

Parameter Unit R134a R1234yf R407C R410A R32 R290

PR [−] 4.408 4.040 4.224 4.224 3.782 3.541
COP [−] 3.88 3.87 3.86 3.86 3.97 4.10
xthr ot t l e [−] 0.329 0.387 0.324 0.346 0.278 0.334

∆E [%] 74.2 74.2 74.1 74.1 74.8 75.6
ηC [%] 48.3 48.2 48.1 48.1 49.4 51.0
ηi s [%] 59.3 62.2 60.8 64.1 63.9 65.2
λ [%] 58.9 62.8 39.1 25.5 22.9 44.2
xDSH [%] 15.0 9.2 19.9 27.3 28.9 13.4

Ẇr eal [W ] 771.5 772.3 774.4 774.9 754.0 729.7
V HC [k J/m3] 2470 2314 3721 5706 6357 3294
∆hE [k J/kg ] 138.7 105.9 153.3 151.7 235.7 260.2
Td g [°C ] 71.5 57.6 80.4 84.3 107.6 66.4
ρ2 [kg /m3] 13.2 16.2 18.0 27.9 20.2 9.6
ṁR [kg /s] 0.0160 0.0209 0.0144 0.0146 0.00948 0.00869

Although equivalent with respect to COP and∆E , the performance of R134a is superior

to R1234yf in most other areas. The latter is thus discarded as an alternative, unless the

GWP is of governing relevance. R407C and R410A exhibits similar properties, although

inferior to R134a. R410A rejects a larger fraction of heat in the superheated vapor area,

xDSH . Combined with a higher discharge gas temperature, R410A is thus more suitable

for water heating applications than both R407C and R134a. Its GWP is nevertheless

higher than for R407C, and much higher than for R134a. On these terms it is discarded

as a suitable option.

R32 is superior to the other HFC working fluids, including R134a. Its GWP value is also

50 % lower than that of R134a. At these conditions its volumetric efficiency is never-

theless the lowest of all alternatives, which is due to a high vapor density, combined

with a low mass flow rate. Introducing an SGHX could be a possible means to offset

this disadvantage, although that would further increase its already high discharge gas

temperature.

As the only natural working fluid subject to this comparison, R290 exhibits perfor-

mance characterisitcs that are superior to the HFC fluids. It offers a higher COP and

∆E , and a much higher specific heat of evaporation, ∆hE . Consequently, the required
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filling charge is low, which is favorable consodering its flammability. Its GWP value is

only surpassed by that of R1234yf, although its environmental benignity is unham-

pered by uncertain ecological effects. R290 is thus regarded the best alternative to

R134a. Barring its flammability, the low Td g may be the only disadvantage for water

heating applications. This may be offset by introducing a SGHX. The above discus-

sion does not consider the different heat transfer properties of the working fluids. In

practical applications, these have a major impact on the performance. Propane, for

instance, has thermal conductivities and specific heating capacities that are superior

to the other fluids. Tanking these differences into account, the practical performance

will increase significantly. A comparison of properites is provided in appendix D.

10.3 Ground Collector Circuit

At the prevailing conditions during test 1, 4.4/43.9 °C, the GSHP heating capacity was

2973 W. With an input power of 932.9 W and an adiabatic efficiency of 90 %, the real

compressor work was estimated to 0.84 kW. Consequently, there was a 2 kW heat ex-

traction from the SCF. The horizontal ground collector tube is 105 m long, which re-

sults in an average specific heat extraction of 38.1 W/m. This outside the range of rec-

ommended values, and the value increases further at improved operating conditions.

Hence, the ground collector is under-dimensioned.

Furthermore, the freezing point of the aqueous propylene glycol solution has been

measured to -25 °C, which corresponds to a concentration of 44 weight-%. This is

more than sufficient at the prevailing conditions, and a negative effect is observed on

the thermophysical properties of the fluid. These are also dependent on the operating

temperature, as illustrated in table 10.4 for three operating temperatures. Table 10.5

lists the properties and two standard PN 6.3 tube dimensions.

Table 10.4: Thermophysical properties of propylene glycol-water.

T ρ cp k µ Pr

[°C ] [kg /m3] [J/kg ·K ] [W /m ·K ] [kg /m · s] [-]

10 1041 3604 0.378 0.008246 78.65
0 1046 3569 0.372 0.01446 138.6

-10 1051 3534 0.367 0.02784 268.2

The hydrodynamic and thermodynamic performance of the ground collector circuit

are largely affected by the collector tube design and dimensioning, as well as the brine
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Table 10.5: Collector tube properties.

PN 6.3 Do tw all Di λ

mm mm mm W /m ·K

DN32 32 2.0 28 0.42
DN40 40 2.4 35.2 0.42

composition. Relevant parameters include the tube inner diameter and length, tube

wall thickness and roughness, average flow velocity and thermophysical properties of

the brine mixture. The latter include fluid density, dynamic viscosity, specific heat and

thermal conductivity. These parameters dictate the Reynolds and Prandtl numbers,

given by eqs. (10.1) and (10.2), and therefore determine the magnitude of friction losses

and convection heat transfer.

Re = ρ ·Vav g ·Di

µ
(10.1)

Pr = cp ·µ
k

(10.2)

Field measurements have indicated that the brine pump, CP1, account for the largest

parasittic loss in the heat pump system. Specifically, the electric input power to CP1

is comparable to the total input power of CP2, CP3, and OSO MX. Consequently, a no-

ticeable increase in the overall system performance is expected if the input power to

CP1 is reduced. This could be achieved by means of modifications to the heat transfer

fluid and/or the collector tube.

Due to the indirect design of the ground collector circuit, an extra temperature dif-

ference is added between the heat source and the evaporator. The magnitude of this

temperature difference is dependent on the average overall heat transfer coefficient,

Ū , between the soil and the secondary fluid. Eq. (10.3) gives Newton’s law of cooling

as a function of Ū , the collector tube external surface area, As , and the logarithmic

mean temperature difference, ∆Tl m , between the secondary fluid and the soil. The

higher the U-value, the lower the temperature difference, and the higher the evapora-

tion temperature. The heat flux between the soil and the circulated brine is assumed

uniform along the tube length.

Q̇ = Ū · As ·∆Tl m (10.3)

The U-value is given by eq. (10.4) as a function of the internal heat transfer coefficient,
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the conductivity of the tube material, the wall thickness, as well as the properties of the

soil or any ice formation on the tube exterior [79, p. 138, ch. 3.3]. In the current anal-

ysis the convection heat transfer coefficient is regarded the most imporant variable.

Investigation of the conduction heat transfer in the soil is thus reserved for a further

investigation.

Ū = 1
1

hb
+ ri

kt
ln ro

ri
+ ri

ks
ln rs

ro

(10.4)

The internal convection heat transfer coefficient, hb , is determined from the local Nus-

selt number of the flow. For fully developed laminar flow in a circular tube, the Nusselt

number is a constant, which is independent on the Reynolds number, Prandtl number,

and axial location [79, p. 538, ch. 8.4]. For a uniform surface heat flux, the Nusselt

number is given by eq. (10.5). The brine conductivity, kb , is evaluated at the arithmetic

average temperature between brine inlet and outlet.

Nu = hb ·Di

kb
= 4.36 (10.5)

For turbulent flow in a smooth circular tube, the Nusselt number is calculated by means

of the Gnielinski correlation. It is valid for a wide range of Reynolds numbers, includ-

ing the transitional region between laminar and turbulent flow. This correlation, given

by eq. (10.6), is roughly valid for 0.5 ≤ Pr ≤ 2000, 3000 ≤ Re ≤ 5 × 106 and L/Di ≥ 10 [79,

p. 545, ch. 8.5].

Nu = hb ·Di

kb
= ( f /8)(Re −1000)Pr

1+12.7( f /8)1/2(Pr 2/3 −1)
(10.6)

The friction factor is determined from the Petukhov correlation, given by eq. (10.7).

This correlation is valid for smooth pipes and 3000 ≤ Re ≤ 5 × 106.

f = (0.790lnRe −1.64)−2 (10.7)

Fig. 10.5 illustrates the ground collector performance as the U·A-value, divided by the

pump work due to friction losses. The current design (PG 44 %, ø40x2.0) is encircled in

red. Both propylene glycol (PG) and ethyl alcohol (EA) solutions are investigates. Tube

dimensions are set to the present ø40x2.4, and a smaller ø32x2.0. Fig. 10.5a illustrates

the performance as a function of the brine concentration, while fig. 10.5b presents the

performance as a function of the flow rate. Further reducing the flow rate would result

in a reduced evaporator capacity. Increasing the flow rate both increases friction losses

and reduces convection heat transfer.
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(a) Performance as a function of brine concentration.

(b) Performance as a function of brine flow rate.

Figure 10.5: Hydrodynamic and thermodynamic performance of the collector tube.

The performance may be improved by reducing the PG concentration, or replacing it

for an aqueous EA solution. The latter provides better performances, particularly at

lower concentrations. A 25 % EA solution would maintain a freezing point of -15.5 °C,

and almost triple the performance. At the same concentration, PG would only provide

a freezing point of - 9.8 °C. In this case, however, the performance is slightly better. Due

to a reduced heat transfer surface, it is not advised to reduce the tube diameter.

Heat transfer may be further enhanced by increasing the surface roughness of the tube,

and hence the turbulence. A standard solution for ground collector tubes is to intro-

duce internal spiral grooves, which increases both the convection heat transfer coef-

ficient, and the convection surface area. These grooves introduce centrifugal forces

within the fluid, that may increse both heat trasfer and friction losses [79, p. 557, ch.

8.7]. A commercially available solution is the MuoviTech AB Turbulence Collector®
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[80, 81]. The hydrodynamic and thermodynamic performance of the collector tube

has been tested experimentally [39, 82]. Pressure drops are claimed to be reduced up

to 17 %, while the ground heat extraction may be improved with 16 %. By utilizing this

type of collector tubes the operating conditions and required circulator pump work in-

put will be improved significantly.

10.4 Hydronic Heat Accumulation and Distribution

10.4.1 Space Heat Accumulation Tank

The accumulation tank acts as a buffer between the GSHP and the heat distribution

system. A consequence of ON/OFF compressor control is that the HP is either fully off,

or operated at maximum heating capacity. At off-design conditions, when the space

heating demand is lower than the HP heating capacity, operation of the unit becomes

increasingly more intermittent as the heating demand deminishes. This is illustrated

by fig. 10.6 for the second DAQ period.

Figure 10.6: Ground collector circuit during the second DAQ period.

RTD2 and RTD3 are the hourly average evaporator inlet and outlet brine tempera-

tures, respectively. During the last 2-3 days the inlet temperature is lower than the out-

let temperature, which indicates many short operating periods. This is also reflected

by increasing temperatures from the beginnin to the end of the period. Meanwhile,

wear and tear of the compressor increases proportionally with the number of start-

ups. Scroll compressors should not be operated with more than 2-4 start-ups per hour.
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With 3 as a maximum limit, a total of 72 start-ups are permitted per day. The cycle du-

ration, which is the time between two start-ups, is given by eq. (10.8) [20].

t = V ·Cp ·∆T

Q̇
[hour s] (10.8)

V = total water volume [dm3]

Cp = specific heating capacity [kW h/(dm3K )]

∆T = temperature difference between start and stop [K ]

Q̇ = net extracted heating power [kW ]

Assuming the design condition of 0/35 °C, and heat rejection by means of the under-

floor heating system, a nominal heating capacity of 3.17 kW is prevailing. This corre-

sponds to 55.7 % of the net peak power demand. Hence, when the heating demand

drops below 3.17 kW, intermittent operation of the heat pump is initiated. According

to the present operating strategy, the heat pump is activated or deactivated according

to an accumulation tank temperature of 35 ± 1 °C, or a ∆T of 2 K. The total water vol-

ume of the heating system is approximated to 240 liters, distributed between 80 liters

in the underfloor heating circuits, and 160 liters in the accumulation tank. Other com-

ponents are neglected. With a water density of 0.990 kg /dm3 and a specific heat of

4,183 k J/kg K , the latter is expressed as 1.17 ·10−3 kW h/(dm3K ).

Table 10.6 illustrates that the current tank volume and heat pump control setting, the

number of compressor start-ups per day may exceed the recommended value by 48.

This inconvenience can be offset by allowing an effective ∆T of 4 K between cycles.

It should be noted, however, that these issues are only relevant to intermittently con-

trolled units, and are largely offset by introducing VSD capacity control.
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Table 10.6: Intermittency of operation for the GSHP.

∆T = 2K ∆T = 4K
Heating demand Cycle duration Start-ups Cycle duration Start-ups

[kW] [hours] #/day [hours] #/day

0.5 1.17 21 2.34 10
1.0 0.59 41 1.17 21
1.5 0.39 62 0.78 31
2.0 0.29 83 0.59 41
2.5 0.23 104 0.47 51
3.0 0.20 120 0.39 62

10.4.2 Hydronic Heating System

Compared to a typical residential installation, the hydronic heat distribution system at

the Living Lab is comprehensive. It integrates subsystems for both underfloor and ra-

diator space heating, as well as a hydronic heating battery. Consequently, the extent of

components, such as heat emitters, pumps and modulating valves is significant. The

complexity not only contributes to added investment costs and hampered reliability,

but also influences the thermodynamic performance as well.

The combination of heat emitters with different design temperatures (55/50 °C and

33/28 °C) results in a split system design, in which the highest temperature level gov-

erns the heat source temperature requirement. Combined operation of primary and

secondary circuits, necessitates mixing of supply and return water in order to reach

the temperature requirement of the latter. Heat is thus generated at higher tempera-

ture level than the requirement for the underfloor heating system. This aggravates the

operating conditions, and affects the heat pump heating capacity. Consequently, the

demand for IEH energy coverage increases.

With respect to the GSHP and STC system performance and energy coverage, the low-

temperature underfloor heating system is favorable. It allows utilization of low tem-

perature heat, and thus longer operating times for both systems. Fig. 10.7 illustrates a

disadvantage of the current design. Specifically, that operation of the underfloor heat-

ing system requires operation of CP3, in addition to the OSO MX pump central. CP3

represents a parasitic loss, which could be avoided if the system was designed for un-

derfloor heating only. Additional benefits would be reduced investment costs due to

fewer components and a simpler design.

The primary and secondary circuits are designed for combined temperature and mass

flow capacity control. This is ensured by the OSO MX pump central in the floor heating



10.5 Actuators 135

Figure 10.7: Capacity control of the floor heating circuits.

system. For the radiator and heating battery ciruits, however, capacity control has not

been implemented in the LabVIEW control system. The mixing valve EV2 is either in

position AB-A (100% open) during operation, or AB-B (0 % open) otherwise. Capacity

control is thus provided only by CP3, which prodices a variable mass flow, proportional

to its differential pressure.

Pressure variations in the primary circuit may result in momentarily low mass flow

rates to the heating battery. This is not a recommended condition, as the risk of freez-

ing in the heating battery is imminent [20, p. 290]. Temperature control is thus a fa-

vored alternative, although it requires mixing of supply and return water by means

of EV2. With respect to overall system performance, however, temperature control of

the GSHP outlet water temperature is a better alternative. Preferably, the GSHP out-

let water temperature is controlled according to the demand, by means of an outdoor

compensation curve.

10.5 Actuators

10.5.1 Circulator Pumps

Three distinct pumps are found in the five main hydraulic circuits. Two of these are

of the type Smedegaard Magneta, while the OSO MX integrated pump is of the type

Grundfos Alpha2 L. As seen from table 10.7, all circulation pumps except CP1 are of

the same size. The first number, 25 or 32, indicates the dimension of the pipe connec-

tions, in millimetres. The second number, 60 or 120, indicates the pump lifting height

in meters, multiplied by ten. Pump characterisrics for the Magneta pumps are found

in appendix E.

Energy efficiency requirements for circulation pumps with an hydraulic output power

between 1 and 2500 W are specified in the Directive 2005/32/EC of the European Par-
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Table 10.7: Overview of circulator pumps.

Pump Make Model Size Circuit

CP1 Smedegaard Magneta 32-120 Heat pump ground collector
CP2 Smedegaard Magneta 25-60 Heat pump water side
CP3 Smedegaard Magneta 25-60 Distribution primary
CP4 Smedegaard Magneta 25-60 Solar thermal

OSO MX 18 Grundfos Alpha2 L 25-60 Distribution secondary

liament, otherwise known as the Ecodesign Directive [83]. The directive addresses

standalone and product-integrated glandless circulators, which per definition are cir-

culators with the rotor directly coupled to the impeller, and the impeller immersed in

the pumped medium. As of August 1st 2015, all such circulators are obliged to comply

with an Energy Efficiency Index (EEI) < 0.23. Both the Grundfos and Smedegaard cir-

culator pumps installed at the Living Lab fulfil this requirement.

Figure 10.8: Illustration of the Smedegaard Magneta circulation pump [18].

The Smedegaard Magneta circulators have four distinct control settings. These include

proportional-pressure, open-loop, constant-pressure and ECO mode [84]. Presently,

all pumps are controlled according to the proportional pressure setting. With this set-

ting the flow rate is adjusted linearly according to the differential pressure set-point,

which is increased or decreased between 50 and 100 % of the selected value. The dif-

ferential pressure is dependent on system characteristics, and is more or less constant

during normal operation.

With the open-loop setting the pump is operated at fixed speed. There are ten set-

points, ranging from 10 to 100 %. The pump head and flow rate are adjusted continu-

ously to fit the characteristic curve. In constant-pressure mode a constant pump head

is maintained according to its set-point value. The differential pressure set-point is in-

dependent of the flow rate. In ECO mode the pump characteristic curve is quadratic, as
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opposed to the linear control in proportional-pressure mode. The start-up differential

pressure set-point is 25 % of the selected value. Compared to proportional-pressure

control, energy savings up to 20 % may be achieved. As opposed to design conditions,

neither of the pump settings allow constant flow rates. This was proved as a disadvan-

tage during test 2, in chapter 9.

10.5.2 Modulating Valves

Three-way and two-way modulating valves are widely installed in the system and are

key components to allow flexibility in operation and control. Siemens valves and elec-

tromotoric actuators are used [85]. An overview of the valves is given in table 10.8. The

Activax™ electromotoric actuators allow step-less adjustment of valve positions in the

range between 0 and 100 %. Control signals are 0...10 V DC.

Table 10.8: Overview of actuator valves in the system.

Control valve Type Construction Application

EV1 VXP45.15-2.5 3-way Distribution
EV2 VXP45.20-4 3-way Mixing
EV3 VVP45.15-2.5 2-way Control
EV4 VVP45.15-2.5 2-way Control
EV5 VXP45.25-6.3 3-way Distribution
EV6 VXP45.20-4 3-way Distribution
EV7 VXP45.20-4 3-way Distribution
EV8 VXP45.20-4 3-way Distribution
EV9 VXP45.15-2.5 3-way Distribution

(a) VVP45... (b) VXP45...

Figure 10.9: Flow direction of the Siemens 2-port and 3-port valves.

Although constructed as mixing valves, all three-way valves, with the exception of EV2,

are used for flow distribution. This application of mixing valves is regarded acceptable

at design conditions. In combination with higher flow rates, however, a disadvantage
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may be identified by studying fig. 10.9b. When a 3-way mixing valve is used in a dis-

tribution application, the flow direction is reversed. In direction AB-B, a low pressure

region will occur at port B. In a worst case scenario the valve seat may be sucked into

valve port B, thus changing the flow direction from AB-B to AB-A. Using purpose-made

distribution valves is therefore advised.

10.6 Solar Thermal Circuit

For combined space and DHW heating systems, the recommended dimensioning of

the STP area is 2-3 m2 per person, or 8-12 m2 per single-family house [20, p. 138]. Rec-

ommended accumulation tank volumes range between 75 and 125 l per m2 STP area,

or between 400 and 750 l per single-family house.

With an active absorber area of 3.63 m2, and a total accumulator tank volume of 400

l, the STC system at the Living Lab thus appears to be under-dimensioned. This coin-

cides with findings from a preliminary study, in which an optimum panel area of 12-20

m2 was recommended [86]. Moreover, the direct volume at the coil is just 160 l.

The STC is a liquid filled system, in which the solar fluid remains in the STPs when

the circulator pump is stopped. The solar fluid is an aqueous propylene glycol solu-

tion, identical to the ground collector fluid. The freezing point of the latter has been

measured to -25 °C, which corresponds to a weight-% of 44. Propylene glycol is used

because it is compatible with excessive stagnation temperatures, that may prevail in

the STP during the summertime. Pure PG has an auto-ignition temperature (AIT) of

420 °C and a high flame point. Its boiling point interval is 102-170 °C [64].

10.6.1 Energy Coverage Potential

The dimensioning of the STC has been evaluated on the basis of the theoretical solar

energy yield, based on the installed active STP area and tilt angle. The annual energy

coverage and solar fraction (SF) was simulated on a monthly basis, by means of Poly-

sun® [55].

The STC is modeled as a standalone DHW heating system, thus omitting the GSHP and

space heating systems. Due to limited flexibility in software functionality and library

components, the system boundary was set to the STPs. The calculations therefore rep-

resent the solar energy transferred from the STPs to the PG solution.
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Thermal losses from copper pipes and additional components are omitted from the

current evaluation. Transport losses in the range 7-10 % are nevertheless suggested by

Polysun. Hence, the actual thermal input to the IWT is lower. Fig. 10.10 illustrates the

Polysun flow scheme.

Figure 10.10: Schematic drawing of the Polysun model.

The following input data apply to the model:

• System configuration: DHW heating.

• Annual DHW demand: 53 m3 at 55 °C

• DHWT: 400 l.

• Pump cut-in ∆T : 1 K

• Pump cut-off ∆T : 1 K

• Specific flow rate: 40 l/h/m2

The DHW demand is based on a normalized energy use of 29.8 kW h/m2 year , a∆T of

50 K between the water main and DHW plant, and specific heat and density for water

of 4,183 k J/kg K and 990 kg /m3, respectively. The pump is operated according to a

∆T of 1 K between the panel oulet and water temperature at the solar coil.

Technical data for the Hewalex KS 2000 SP collector is used as input data. The per-

formance is equivalent to that of the KS 2000 SLP. Solar Keymark certification data,

provided by Solartechnik Prüfung Forschung, may be found in appendix F. Table 10.9

lists the constants η0, a1 and a2.
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Table 10.9: Hewalex KS 2000 series technical data.

Panel type η0 a1 a2

[-] [W /m2 ·K ] [W /m2 ·K ]

KS 2000 SP/SLP 0.812 4.46 0.0096

Fig. 10.11 illustrates the duration of the annual solar energy yield. The annual DHW

and space heating demands from the SIMIEN simulation are also given. The results

indicate an annual energy input to the STC of 1505 kWh, excluding losses. This cor-

responds to an SF of 0.37. By including a 10 % loss factor, the annual energy yield and

SF drop to 1355 kWh and 0.34, respectively.

The results indicate that the STC is undersized with respect to coverage of the en-

tire normalized DHW demand during the summertime, between March and October.

Meanwhile, only a fraction of the demand may be covered during the wintertime, be-

tween November and February. With respect to space heating, the results clearly show

that the solar energy potential is at a minimum when de demand is highest. Conse-

quently, the energy saving potential for DHW heating during the summertime, is much

higher than for space heating during the wintertime.

Figure 10.11: Solar thermal energy coverage potential.

The sensitivity of the solar fraction on the panel area has been studied by varying

the number of installed panels, in increments of 1, while maintaining a constant tilt

angle of 90°. Fig. 10.12 compares the SF of the current design, to configurations with

one to seven panels in total. With the current design, an SF of approximately 0.60 is

otained during the summertime. By doubling the number of panels, an SF a value of

1 is achievable by doubling the number of panels. This results in an increase of the
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annual SF from 0.40 to 0.60.

Figure 10.12: Solar fraction at different panel areas.

Table 10.10: Annual SF for 1 to 7 panels mounted at 90°.

Panels # 1 2 3 4 5 6 7

SF [−] 0.22 0.37 0.48 0.55 0.60 0.62 0.63

Fig. 10.13 compares the SF of the current design, to configurations with varying tilt

angles. By reducing the angle from 90° to 60°, the annual SF may increase from 0.40 to

0.53. The SF during the summertime is increased from 0.60 to 0.90. Further reducing

the tilt angle gives no significant increase in the annual SF, but will increase its value

during the summertime.

Figure 10.13: Solar fraction at different panel tilt angles.
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Table 10.11: Annual SF for 2 panels mounted at 0 to 90 °.

ψ [°] 0 15 30 45 60 75 90

SF [−] 0.34 0.42 0.48 0.50 0.54 0.45 0.37

Comments

The results presented above are based on a simplified system design, in which the

space heating load is omitted. Consequently, the amount of heat extracted from the

accumulation tank between November and February is reduced, compared to a com-

bined system design. The potential heat input from the STC to the tank is therefore

hampered during this period.

Between March and October, however, the space heating demand is low, compared to

the space heating demand. The model is thus expected to provide a close estimation

of the energy yield and SF for DHW heating during this period. It should also be men-

tioned that the potential energy yield increases slightly with an incresing demand. This

is because a larger heat extraction increases the potential input from the STC.

10.6.2 Heat Accumulation

The IWT is designed for compatibility with STP areas up to 12 m2, which means that in

the event of future expansion, the current 3.63 m2 may be tripled. With respect to the

location of the solar coil, low-temperature heating is prioritized. This faciltates both

preheating of DHW and low-temperature space heating. Simultaneously, the STP re-

turn temperature is minimized, which has a positive effect on the panel efficiency.

Compared to the active STP area, the solar coil heat transfer area of 0.7 m2 is low. The

heat transfer rate is thus dependent on the U-value and LMTD between the coil and

the SHT. Due to lack of temperature measurements at the coil inlet and outlet, it has

not been possible to quantify the LMTD. A large LMTD is necessary to maintain suffi-

cient heat transfer to the tank. This reduces potential heat input when the global solar

irradiation and ∆T between the solar fluid and the water tank is low. A lower LMTD

can be achieved by increasing the size of the coil. The solar coil heating power may be

expressed by eq. (10.9).

Q̇sol =U · A ·LMT D[kW ] (10.9)

In addition to limited heat transfer area, the location of the solar coil may also be a

weakness of the IWT. Because of the limited panel area, the solar energy potential for
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space heating is low during the wintertime, between October and February. The sum-

mertime, comprising the period between March and September, thus becomes more

important. During this period, however, the DHW demand is governing. Simultane-

ously, the STP outlet temperatures are higher. In order to improve the performance

and potential for DHW heating it should be possible to provide reheating, as well as

preheating. Additionally, the coil heat transfer area should be increased. Fig. 10.14

presents hourly average values for the global solar irradiance, G, and outdoor temper-

ature measurements during the second DAQ period. Four distinct peaks in G-values

between 550 and 800 W /m2 are observed.

Figure 10.14: Outdoor environmental quantities during the second DAQ period.

As illustrated by fig. 10.15, the operation of the STC is closely correlated to the intensity

of the solar irradiation. STP inlet (RTD25) and outlet (RTD26) temperatures are plotted

together with the average electric input power to CP4. Panel outlet temperatures range

from 30 to 65 °C.

The heat input from the STC to the IWT is illustrated by elevated SHT temperatures in

fig. 10.16. The largest contibution is observed when the G-values and coherent STP

outlet temperatures are highest. Between 48 and 72 hours, an STP outlet temperature

of 55 °C is observed. In this case the SHT bottom temperature is elevated by 10 K, from

35 to 45 °C. The peak in the DHWT temperature is due to heat input from the IEH.

Between 120 and 144 hours, a panel outlet temperature of 50 °C is observed. In this

case RTD9 is elevated by 13 K, from 30 to 43 °C. A uniform SHT temperature, slightly
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Figure 10.15: STC operation during the second DAQ period.

higher than the DHWT bottom temperature, RTD11, is reached in both cases.

Figure 10.16: STC heat input to the IWT during the second DAQ period.

During each operating period for the STC, the DHWT bottom temperture, RTD11, is

virtually uaffected. Evidently, a higher ∆T between the IWT sections is required, in or-

der to improve the heat transfer. This was also verified by measurements in chapter 9.

High solar intensities, above 800 W /m2, are thus required in order to achieve effective

charging of the DHWT.
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10.7 Domestic Hot Water Tank

Besides an efficient heat pump and solar thermal collectors, the design and sizing of

the thermal storage tank is of great importance for achieving a high system efficiency.

From the moment the heat supply from the heat pump or solar collectors stop, ther-

mal energy is stored in the tank. Meanwhile, space heating or DHW loads may occur, in

which case the bulk of hot water is gradually replaced by cold water. The design of the

tank not only affects its thermal storage capacity, but also its thermal efficiency during

refilling.

The accumulation capacity and utilization of the DHWT is therefore highly dependent

on the stratification performance during simultaneous hot water discharge and cold

water refilling [20]. In the OSO EPTRC tank, pre-heated cold water is injected near the

bottom of the tank as hot water is withdrawn from the top. This is advantageous, as

mixing of cold and hot water is reduced to a minimum. Ideally, the velocity of the cold

water is also reduced by increasing the cross-sectional area of the inlet pipe.
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Chapter 11

Suggested Improvements

The present chapter presents suggested improvements for, or alternatives to, operation

and design of the systems for thermal energy supply at the ZEB Living Laboratory. The

overall goal is to reduce the intermittency of operation, especially for the GSHP and

STC, while reducing the electrical energy input to the IEHs and pumps.

11.1 Alternative Operation

This section provides suggestions for alternative control logics for the main compo-

nents; GSHP, STC and IWT.

11.1.1 GSHP

LabVIEW control functionality for the GSHP is limited. While start/stop functionality

is operational, automated switching between space and DHW heating modes is cur-

rently not working. As a consequence, most of the DHW demand is covered by the

DHWT IEH. Resolving this issue is a minimum requirement to improve the system

performance.

Space Heating Mode

Currently, the GSHP is activated only in combination with a space heating load, that

is, when the underfloor heating system is operational. An activation signal (ON) is

received by the GSHP from the LabVIEW control system when the average SHT tem-

perature drops below 35 °C. That is, according to the following logic:

• GSHP ON: if (Underfloor heating = ON) and (RTD9 + RTD10) < 35 °C

• GSHP OFF: if (Underfloor heating = OFF)

Recharging of the SHT thus occurs by means of the IEH. There should be an additional

condition checking whether the SHT temperature is sufficiently high, before the GSHP

is deactivated. In addition, temperature deadband should be implemented. For in-

stance, the following logic could be applied:

147
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• GSHP ON: if (Underfloor heating = ON) and (RTD9 + RTD10) < 33 °C

• GSHP OFF: if (Underfloor heating = OFF) and (RTD9 + RTD10) > 37 °C

The GSHP unit allows manual adjustment of the outlet water set-point temperature in

steps of 0.1 K between 10 and 55 °C. By implementing this as a LabVIEW control func-

tionality, the set-point temperature could be adjusted according to an outdoor com-

pensation curve.

DHW Heating Mode

Discharging of the DHWT indicated a good thermal stratification during simultaneous

hot water extraction and cold water refilling. A decrease in the tank top temperature,

RTD12, occurred sooner and was much more rapid, compared to the tank middle tem-

perature, RTD11. Quick response with respect to the top temperature is thus important

to maintain the effective DHW volume.

According to the preliminary operating strategy, the heat pump is activated in DHW

heating mode, when (RTD11 + RTD12) < 55 °C. The setting is to be maintained for

15 minutes, before re-evaluating the error. During the present analysis the GSHP was

tested in space heating only, with a temperature set-point of 55 °C. In this case, the

increase in the outlet water temperature was slow. In DHW heating mode, however, a

quicker response is expected, due to better utilization of high-temperature discharge

gas.

The effective DHWT volume, as well as the response and operating time for the GSHP,

can be improved by implementing a temperature deadband. The suggested logic for

operation of the GSHP in DHW heating mode is as following:

• GSHP ON: RTD12 < 65 °C

• GSHP OFF: (RTD11 + RTD12) > 55 °C.

11.1.2 STC

Water Heating

In order to reduce the temperature requirement for activation of the STC, it is highly

recommended to ommit RTD10 from the control logic. RTD10 is located in the space

heating zone of the SHT, where the temperature is higher than at the solar coil. Hence,

the potential for low temperature heat input is restricted. Presently, the following con-

dition applies:
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• STC ON: (RTD9 + RTD10)/2 < RTD26

It is also essential that the panel outlet temperature (RTD26) is higher than the panel

inlet temperature (RTD25). Otherwise, heat is rejected from the SHT to the ambient.

The following conditions are suggested in order to increase the operating time for the

STC, and reduce the intermittency of operation:

• STC ON: [(RTD25 + RTD26)/2 and (RTD26 > RTD25)] > (RTD9 + 5 K)

• STC OFF: (RTD25 + RTD26)/2 < (RTD9 + 2 K)

Brine Temperature Increase

Direct heat exchange between the STC and ground collector circuit via the BPHX, is

not recommended as a means to improve the GSHP performance. This is because the

Smedegaard pumps are differential pressure controlled in all operating modes. As a

consequence, the brine flow rate and evaporator capacity are reduced when this strat-

egy is applied.

In order to achieve the desired effect, it might be necessary with purpose-made equip-

ment. This includes a compressor designed for high evaporation temperatures, and

a throttling valve designed for lower differential pressures (larger authority). Further

investigations are advised.

11.1.3 IWT: Peak Load Heating

Set-point temperatures for activation of the SHT and DHWT IEHs are currently 35 and

55 °C, respectively. Tank temperatures are taken as average values, as following:

• SHT: (RTD9 + RTD10)/2

• DHWT: (RTD11 + RTD12)/2

These are identical to the current activation temperatures for the GSHP. Meanwhile,

there is no communication between the IEHs and the GSHP. This results in parallel

operation, and and a shift in energy coverage from the GSHP to the IEHs. The latter

should only provide top-up heat, and activation should thus be goverened by the tank

top temperatures. As a suggestion, the following set-points can be applied:

• SHT IEH: RTD10 = 40 °C

• DHWT IEH: RTD12 = 65 °C
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11.1.4 Seasonal System Operation

In order to gain maximum benefit from the combined GSHP and STC system, it is im-

portant maintain consequtive operation according to the maximum renewable energy

coverage potential and energy efficiency. In particular, the following considerations

apply:

• DHW heating demand: constant throughout the year.

• Primary space heating demand: November-February.

• Residual space heating demand: March-April and September-October.

• Low solar energy potential and temperature output: November-February.

• Medium solar energy potential and temperature output: October and March.

• High solar energy potential and temperature output: April-September.

Because the thermal demands and solar energy potential change according to the sea-

sons, so does the optimal operation of the system. Suggested seasonal operation modes

are presented in subsequently.

Winter

Winter operation should constitute the period between November and February (4

months). The bulk of the demands for space and DHW heating are to be covered by

the GSHP. Alternate operation between space and DHW heating modes is thus essen-

tial. Top-up heat is supplied by the IWT IEHs. During this period, the solar energy

potential is virtually non-existent. Hence, the power supply to the STC pump, CP4,

could be disconnected in order to avoid stand-by electricity use.

Only the low-temperature underfloor heating system should be operated, in order to

maintain a high heating capacity for the GSHP. Operation of the high-temperature ra-

diator and ventilation heating battery should be avoided. Instead, the AHU electric coil

should be used for supply air heating. Winter operation is summarized as following:

• November - February.

• Base load DHW and space heating: GSHP

• DHW and space top-up heating: IWT IEHs

• Space heat distribution: UHP

• Ventilation heating: electric coil
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Spring and Fall

During the transition between winter and summer, and vice versa, there are periods

with simultaneous space heating demands and solar energy potentials. These periods

are roughly constitute March - April and September - October. During these periods

the solar heat should be used to cover the demands for space heating and DHW pre-

heating.

The GSHP is primarily operated in DHW mode to cover the DHW reheating demand,

but may also support the STC to cover larger space heating demands. Due to low ther-

mal power demands, the radiator and/or ventilation heating battery may be used for

space heat distribution. Both circuits should be temperature controlled, according to

an outdoor compensation curve. Spring and fall operation is summarized as following:

• March - April and September - October.

• Space heating and DHW preheating: STC.

• Space heating and DHW reheating: GSHP.

• DHW and space top-up heating: IWT IEHs

• Space heat distribution: radiator and/or heating battery.

Summer

Summer operation should constitute the period between May and August, when the

space heating demand is non-existent. During this period the STC is covers the entire

DHW preheating demand, and as much as possible of the DHW reheating demand.

The SHT IEH should be deactivated to prevent unnecessary electric heat input. In the

event of surplus solar heat production, the BPHX is used to reject heat to the SCF. The

GSHP is operated in DHW mode only, to provide DHW reheating. Summer operation

is summarized as following:

• May - August.

• DHW preheating: STC.

• DHW reheating: GSHP and STC.

• DHW top-up heating: DHWT IEH.

• STC surplus heat: rejected to SCF via BPHX.

• SHT top-up heat: none (IEH deactivated).
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11.2 Alternative Designs

In the following, alternative designs that can improve the system performance are dis-

cussed. Principle flow schemes are provided in appendix J.

11.2.1 Heat Pump Unit

Replacement of the Calorex GSHP unit might be a relevant measure if the intended

functionality and energy performance is to be achieved, especially in relation to DHW

heating. The saving potential is nevertheless dependent on the actual demand.

During the last resident period, the DHW heating demand was estimated to 7.79 kW h/d ay ,

or 3.90 kW h/per son ·d ay . This is close to the normalized area-specific demand of

29.8 kW h/m2 year . If the number of residents doubles from 2 to 4, the DHW demand

is expected to double as well. Hence, the actual DHW demand may constitute between

44.8 and 60.9 % of the annual thermal energy demand. Efficient DHW heating is thus

important.

The Calorex unit is badly suited for DHW heating because it primarily utilizes the heat

of condensation. This results is a higher average condensation temperature, a lower

COP and reduced energy coverage. By introducing a DSH, and preferably also a SGHX,

DHW heating becomes much more efficient. This also circumvents the problem of al-

ternate DHW and space heating, as both demands can be covered simultaneously.

A DHW-optimized unit should integrate a DHWT and electrical heaters for both DHW

and space heat. Better part-load efficiency can be achieved by introducing VSD ca-

pacity control, which is a highly recommended improvement. This also reduces the

dependency of the SHT. The most important design criteria for an alternative GSHP

unit are listed below:

• DHW heating by means of a separate DSH.

• SGHX

• VSD capacity control.

• Electronic expansion valve.

• Integrated DHWT.

• Integrated electrical heater.
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Enhanced performance may be achieved by selecting an R290-based combined DHW

and space heating unit. For larger DHW demands, a transcritical CO2 HPWH may be

beneficial. The space heating demand is still significant, and the unit should be appli-

cable for combined operation [48].

11.2.2 Ground Collector Circuit

The prevailing conditions in the ground collector loop indicate that there is a potential

for both hydrodynamic and thermodynamic performance improvements. Specifically,

the 44 % aqueous PG solution provides a freezing point of -25 °C, which is 10-15 K

lower than the expected minimum brine temperature. This greatly influences the dy-

namic viscosity, thermal conductivity and specific heating capacity. Combined with a

smooth collector tube surface, the resulting flow regime is laminar. Due to a collector

tube length of 105 m, the typical specific heat extraction is > 40 W/m, which is too high.

The electric power input to the circulator pump, CP1, can be reduced by reducing the

tube pressure drop due to friction. Coherent measures may simultaneously result in

a larger UA-value and thus a reduced LMTD between the brine and soil. Increasing

the collector tube length will result in reduced specific heat extraction, a larger heat

transfer surface and a lower LMTD. Relevant measures that will improve the ground

collector performance are summarized as following:

1. Dilute the aqueous propylene glycol solution to 30-35 % (t f r eeze -12.8 to -16.5

°C).

2. Replace with a 25 % aqueous ethyl alcohol solution (t f r eeze -15.5 °C).

3. Replace the 40x2.4 mm smooth collector tube with a rifled turbulence collector.

4. Replace the 105 m collector tube with a longer tube.

It is not recommended to reduce the collector tube dimension, as this increases the

friction pressure drop. A reduced heat transfer area also results in a lower UA-value. Re-

placing the PG solution with an EA solution is higly recommended. Installing a longer

collector tube is also advised.

Pipe Insulation

Insulation of pipes in heating and cooling systems is important in order to avoid unin-

tended heat transport between the circulated fluid and the surroundings. While hot

pipes should be insulated to minimize heat losses to the surroundings, cold pipes

should be insulated to avoid heat transport in the reverse direction. Fig. 11.1, il-

lustrates the corrosion damage, which is a consequence of omitting the latter. The
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low-temperature brine cools the ground circuit pipes, valves and connections. Con-

densation occurs as the surface temperature of components drops below the dew-

temperature of the air inside the technical room.

(a) 18.03.2016. (b) 18.03.2016 (c) 03.05.2016

Figure 11.1: EV5 condition before and after 6 weeks of operation.

In this case, different materials and alloys have been used for the valves, connections

and pipes. Specifically, valves are made of brass, connections of black steel and pipes of

standard steel. This causes galvanic corrosion, which enhances the effect of corrosion

due to condensation. It is hence recommended that pipe connections are replaced

for a higher quality material or different alloy. For instance, brass could be used, thus

avoiding the black steel to act as sacrificial anodes for the standard steel pipes. All steel

pipes should also be insulated. The insulation should not be deteriorated over time, for

instance due to moisture of mechanical strain. Cellular rubber is the standard insula-

tion type for this application. With a pipe exterior diameter of 35 mm, an insulation

thickness of 30-40 mm is recommended [20].

11.2.3 Heat Distribution System

High temperature heat distribution is should be avoided in heat pump systems, due to

the negative impact on both heating capacity and COP. Moreover, due to the tempera-

ture limitation of the STC during the spring and fall, the potential solar heat input for

space heating is deteriorated as well.

Consequently, the design temperatures of 55/50 °C for the radiator and heating battery

circuits result in a higher dependency on the SHT IEH, and thus reduced energy sav-

ings. Design temperatures of 45/40 °C and larger radiator surfaces would be a more

optimum solution. For these heat emitters to be relevant, the supply water tempera-

tures need to be temperature controlled, preferably according to an outdoor compen-

sation curve. The annual ventilation heating demand is low, compared to space and



11.2 Alternative Designs 155

DHW heating demands. Supply air heating by means of the electrical coil may thus be

a more favorable option.

Heat distribution via the underfloor heating system is the preferred alternative with

the current design. This strategy, however, requires operation of CP3 in addition to the

OSO MX pump central. The design thus contributes to unnecessary additional pump

work. Underfloor heating only would be a simpler and more favorable design.

11.2.4 Solar Thermal System

The results from Polysun® simulations suggest that the system is under-dimensioned

with respect to the intended design as a combined system. Recommended design val-

ues support this opinion [20, p. 138]. The system comprises two façade-mounted flat

plate collectors with a total active area of 3.63 m2.

Consequently, the SF for DHW heating between May and August is affected by the 90°

STP tilt angle. Simultaneously, the SF for space heating during the spring and fall is af-

fected by the limited panel area. Because the solar energy potential is largest during the

summer, it is recommended to focus on improved performance and energy coverage

for DHW production. Possible improvements are summarised as following:

• Reduced panel tilt angle from 90° to 60°.

• Increase the number of panels to 3 or 4.

• Install glazed PV/T panels on the roof. Consequently, the PV electricity produc-

tion is unaffected, while the solar thermal energy production is increased. Roof-

mounting of additional panels reduces the average tilt angle.

Heat Accumulation

A disadvantage of the current design, is that solar heat is delivered to the SHT. Conduc-

tion heat transfer between the SHT and DHWT is slow, meaning that utilization of high

temperature solar heat for DHW reheating is limited. The solar coil has a heat transfer

area of 0.7 m2, which corresponds to just 17 % of the active absorber area.

Consequently, the ∆T between the solar fluid and the water is relatively large. Mea-

surements have indicated a ∆T of 10 K between the STP outlet, RTD26, and the SHT,

(RTD9 + RTD10)/2. As a result, the potential for low-temperature solar heat utilization

is reduced. Possible improvements are summarized as following:
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• Serial connection of the DHWT coil and and SHT solar coil. Requires separate

DHWT for the GSHP.

• Separate DHWT for high-temperature solar heating.

11.2.5 Monitoring and DAQ System

The thermal energy system is extraordinarily equipped with thermal probes, volumet-

ric flow meters and energy meters. During the present analysis, however, external mea-

surements were necessary in order to obtain and verify the reqired data. This resulted

from incorrect configuration of the GSHP thermal energy meter, TEM1. Consequently,

the DAQ log data included no information about following quantities:

• Water flow rate, q[l/h].

• Thermal power, Q̇[kW ].

• Thermal energy, Q[kW h].

Due to a communication error with the DAQ system, similar issues were experienced

with the DHW thermal energy meter, TEM2. Consequently, the DAQ log data included

no information about following quantities:

• Thermal power, Q̇[kW ].

• Thermal energy, Q[kW h].

While the above measuring data is missing, it should also be noted that a large quan-

tity of available log data is corrupted. Possible explainations include communication

errors between sensors, energy meters and DAQ hardware, momentary loss of internet

connection, wiring issues or defect equipment. The following sensors are particularly

prone to unreasonably high or zero values:

• TEM1 - RTD6 (GSHP return temperature)

• TEM2 - RTD13 (DHW supply temperature)

• TEM2 - UFS3/4 (DHW flow rate)

• TEM5 - RTD24 (UFH return temperature)

Accuracy and time resolution of DAQ measurements is also an important matter. For

instance, the temperature probes in the ground collector circuit have an accuracy of ±

0.1 K. With a typical ∆Tb of 2 K, the measuring error is potentially 10 %. This makes
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determination of the GSHP evaporator capacity and SCF heat extraction. Similar un-

certainties are observed when calculating ηT for the heat recovey unit. Values > 100 %

are observed, due to a ± 0.3 K accuracy in temperature measurements.

Summing up, there is little use of an elaborate monitoring and DAQ system, if the

recorded data is littered with flaws and errors. It is essential to define the goal and

application of the measurements, and make sure that a certain standard is met. With

energy performance assessments as a main priority, it is crucial that at least all TEMs

are functioning. The following measures are hence recommended:

• Recalibration of sensors and probes.

• Reconfiguration of TEMs.

• Installation of TA valves in all pipes where measurements are made.

• Installation of temperature probes at the solar coil inlet and outlet.
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Chapter 12

Recommendations for Future

Installations

The current chapter provides recommendations for design, dimensioning and oper-

ation of combined heat pump and solar thermal systems for single-family houses of

passive house or ZEB standard. The recommendations are largely based on observa-

tions and findings related to the installation at the Living Lab.

12.1 System Design and Dimensioning

• It is important to acknowledge that the solar energy potential is lowest between

November and February, when the space heating demand is highest. Meanwhile,

there are residual space heating demands in October and March, when the solar

energy potential is intermediate. With a combined solar thermal system design,

these demands are partially covered. The gain in space heat coverage may nev-

ertheless be offset by the deficit in DHW heat coverage during the summertime,

between March and October. A DHW system design is recommended.

• In order to provide optimum DHW coverage between March and October, facade-

mounted solar panels should be avoided. This is because the angle of the sun

is higher during this part of the year. As an example for Trondheim, a panel tilt

angle around 60° results in the highest SF during the summertime. For façade-

mounting, the panel area needs to be 2-3 times as high, in order to obtain an

equvalent SF during the summertime.

• In order to maintain effective heat transfer between the solar thermal circuit and

accumulation tank, large heat transfer surfaces are recommended. Preferably,

the accumulation tank should facilitate both high-temperature DHW heating,

and low-temperature space heating. Hence, thermal stratification in the tank,

as well as cooling of the solar fluid, are maximized. This also increases the solar

panel thermal efficiency.

• The heat pump system should be designed to cover the bulk of the thermal en-

ergy demands for space and DHW heating between November and February,
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when the solar energy potential is negligible. In order to achieve the highest pos-

sible heating capacity and energy coverage during this period, it is essential to

minimize the average temperature of condensation. Selecting a HP unit which

integrates a DSH, and preferably also a SGHX, is recommended. With respect to

DHW heating, it is recommended that both the DHWT and IEH are integrated

in the HP unit. With this design, an energy coverage factor for DHW heating of

100 %, can be obtained.

• The heat pump system should be designed to cover the thermal energy demands

for space and DHW heating during the spring and fall, when the thermal power

demand is low. Consequently, achieving a high part-load COP is essential. Se-

lecting a HP unit which integrates VSD capacity control is recommended.

• Horizontal ground collector systems offer high and stable temperatures between

November and February. Simultaneously, the initial investment costs are mod-

erate. It is recommended to design the system for a specific heat extraction of

no more than 30 W /m. It is important to recognize that the effective length of

the collector tube is only 50 % of the total length. Turbulence collector tubes are

highly recommended. A, 25 % ethyl alcohol aqueous solution is recommended

for optimum heat transfer and minimum pump work.

• The space heat distribution temperature determines the HP condensation tem-

perature and temperature lift. In order to achieve the highest possible heating ca-

pacity and COP, the heat distribution temperature should be minimized. In this

regard, underfloor heat distribution is recommended. Optional hydronic radi-

ator circuits should have temperature control according to an outdoor tem-

perature compensation curve. Design temperatures should not exceed 45/40

°C. Large heat transfer surfaces are thus reccomended.

• In order to minimize parasitic losses to pump operation, it is essential to select

high-efficiency pumps, and minimize their operation time. According to the

EcoDesign Directive [87] an energy efficiency index (EEI) < 0.23 is required. It

is advised to select pumps that superceed this requirement. Permanent magnet

motor-driven (IE4) pumps are preferred.

• Due to high heat recovery rates, the annual demand for ventilation air heating is

low, compared to space and DHW heating demands. Unless the ventilation sys-

tem is designed as the main heat distribution system, it might be preferable

to utilize direct-acting electricity for ventilation heating purposes. This sim-

plifies the design and operation of the hydronic heat distribution system, and

contributes to lower investment costs.
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12.2 System Operation

• The solar thermal energy potential is largest between March and October, when

the space heating demand is lowest. The DHW heating demand is nevertheless

constant throughout the year. Hence, during this period, the solar thermal sys-

tem should be operated to cover the majority of the DHW heating demand. The

remainder should be covered by the heat pump. Surplus solar heat production

should be directed to the ground.

• The space heating demand is highest between November and February, when

the solar thermal energy potential is low. During this period, the heat pump

should be operated to cover the majority of the demands for both space and

DHW heating. Top-up heat from electrical heaters, should always be controlled

by the heat pump.

• Optional use of solar heat should be possible during the spring and fall, when the

temperature level is too low for direct heat exchange with the accumulator tank.

During this period, solar heat may be used for thermal recharging of the ground,

or to increase the evaporator brine inlet temperature.

12.3 Comments

In order to achieve the highest possible SPF and energy saving, it is essential to priori-

tize an integrated system design. All components, including the heat pump, solar pan-

els, electrical heaters, accumulation tank, pumps and heat distribution system must

be dimensioned and operated according to a mutual optimum.

Although separate design of subsystems may culminate in an auspicious overall sys-

tem, the prospect of unreliability and poor efficiency is more likely. This approach also

complicates the definition and implementation of control strategies, and presupposes

in-depth knowledge of the system.

In this regard, plug-and-play systems, such as the HYSS [14] may be preferable. With

this design, utilization of solar heat is optimized to obtain the highest possible annual

SPF. For 4-6 months of the year, high temperature solar heat is used directly to cover

the majority of DHW and space heating demands. Low-temperature solar heat is oth-

erwise used to improve the operating conditions for the heat pump.
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Chapter 13

Conclusions

The systems for thermal energy supply at the ZEB Living Laboratory have been inves-

tigated both experimentally and theoretically. Badly configured or inactive measuring

equipment, and coherent missing DAQ data, have complicated the analysis of the en-

ergy performance and design of the system. The most important discoveries from the

analysis are nevertheless summarized as following:

• Significant deviations and errors in DAQ measuring data were observed. In par-

ticular, this applied to TEM1 and TEM2, including the connected temperature

probes and flow sensors. In order to acculately determine the energy perfor-

mance of the combined GSHP and solar thermal system, these instruments have

to be reconfigured or recalibrated.

• SPF calculations were carried out with DAQ measuring data for two ten day pe-

riods in March and April, respectively. Depending on the system boundary and

measuring period, SPF-values ranged between 1.39 and 5.50. Average values for

the two periods ranged between 1.77 and 3.86. The deviation in these results

is so extreme that any conclusions regarding the actual system performance are

inexpedient.

• During normal operation, the brine circuit pump, CP1, was operated continu-

ously. Consequently, this pump contibuted to a significant electric energy use.

This was, on average, equivalent to ~58 % of the electricity input to the GSHP

compressor, and slightly higher than the combined input to the three hydronic

pumps. It thus concluded that operation of CP1 must be aborted whenever the

GSHP is inactive.

• Field measurements of the system COP confirmed significant parasitic losses

due to pump operation. At 4.4/43.9 °C an average COP of 3.19 was measured

for the GSHP unit alone. By including the electric power input to CP1, the aver-

age COP dropped by 13.5 % to 2.76. By further including the electric power input

to CP2 and CP3, the COP dropped by 11.2 % to 2.45. While CP1 account for the

largest individual loss, the hydronic pumps also greatly influence the system per-

formance. An improvement may be achieved by operating CP2 and CP3 in Eco

Mode, rather than Proportional Pressure Mode.
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• The electric power input to CP1 and U·A-value of the collector tube, are closely

related to the thermophysical properties of the 44 % PG solution, and the smooth

collector tube. By repacing the PG solution with a 25 % EA solution, the ratio

U A/WC P1, can achieve a theoretical improvement of 270 %, from 39.4 to 106.9. A

further increase can be achieved by replacing the the smooth collector tube with

a turbulence collector.

• Automated switching between the GSHP space and DHW heating modes is non-

functional. Consequently, most of the DHW demand is covered by direct-acting

electric heating, by means of the IEHs. To impove the energy saving for DHW

heating, it is essential that the DHW mode is made operational. This is essential

in order to fulfill the Norwegian passive house requirement of 50 % renewable

energy coverage for DHW heating.

• The GSHP is designed for alternate operation between space and DHW heating.

Consequently, only condenser heat is utilized in DHW heating mode, which will

results in a higher average condensation temperature. As a result, the heating

capacity, COP and relative energy saving are reduced. In conclusion, this design

is non-optimal for DHW heating, and energy coverage factors well below 100 %

are expected.

• The STC is operated according to a two-point control setting, with a ± 1 K band-

width. Hence, there is appreciable intermittency in operation of the pump, CP4,

which in turn reduces the STC operating time and heat input to the IWT. DAQ

data furthermore indicate that, as a result of the current operation strategy, the

solar thermal input to the system is marginal.

• Polysun® simulations suggest that the STC is under-dimensioned. Specifically,

the active panel area of 3.63 m2 is too low to provide any significant space heating

during the spring and fall. Moreover, the panel tilt angle is too steep to provide

sufficient DHW heating during the summer. Hence, it is concluded that the cur-

rent system design is non-optimal, both as a combined system and as a DHW

heating system only.

• The radiator and ventilation heating battery circuits have a nominal temperature

level og 55/50 °C. This a poor design, considering that the primary heat sources,

the GSHP and the STC, supply low-temperature heat. Temperature control, ac-

cording to an outdoor compensation curve, is thus essential for this design to be

relevant. Heat distribution via the underfloor heating system is regarded the best

alternative, with respect to energy performance.
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B Calorex WW3500 Ground Source Heat Pump
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C OSO Hotwater Optima Triple Coil - EPTRC 400
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D Working Fluids Comparison

Figure 1: Relative thermophysical properties of subcritical working fluids.
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E Smedegaard Pump Characteristics

(a) Magneta 25-60.

(b) Magneta 32-120.

Figure 2: Pump characteristics for the Magneta circulation pumps.
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F Hewalex KS2000 SP Solar Keymark Certification
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G Additional Field Measurements

(a) CP1 - 100 %. (b) CP1 - 50 %.

(c) CP2 - 100 %. (d) CP3 - 50 %.

Figure 3: Circulator pump power use: 2x 60 min test.

Table 1: External measurements and readings - 2x 60 min test.

pE pC V̇b V̇w ẆC P1 ẆC P2 ẆC P3

[barg ] [barg ] [l /h] [l /h] [W ] [W ] [W ]

Series A 1.60 9.40 918 335 84.7 44.0 45.8
Series B 1.51 11.15 803 350 68.5 43.5 45.8
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Table 2: DAQ recordings - 2x 60 min test.

V̇b V̇w ∆Tb ∆Tw Q̇w ẆHP ẆC P1 ẆC P2/3

[l/h] [l /h] [K ] [K ] [W ] [W ] [W ] [W ]

0 - 60 min 872 384 1.9 6.3 2591 904 115 136
60 - 120 min 636 386 2.0 5.7 2414 892 74 134

Figure 4: Brine circuit temperature and flow development: 0 - 60 min.

Figure 5: Water circuit temperature and flow development: 0 - 60 min.

Table 3: Performance measurements: 2x 60 min test.

εC ar not COP COPC P1 COPC P1/2/3

Series A 8.93 3.07 2.73 2.41
Series B 7.41 2.70 2.35 2.19
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Figure 6: COP development: 0 - 60 min.

Figure 7: Brine circuit temperature and flow development: 60 - 120 min.
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Figure 8: Water circuit temperature and flow development: 60 - 120 min.

Figure 9: COP development: 60 - 120 min.
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H DAQ Measuring Data

Table 4: Average temperatures and total circulated volumes.

22.03-31.03 08.04-17.04

HP Ground Collector

RTD2 [°C ] -1.0 -0.3
RTD3 [°C ] -1.9 -1.4
EFS1 [m3] 211.84 223.77

HP water circuit

RTD4 [°C ] 40.9 39.4
RTD6 [°C ] 36.9 35.0
UFS2 [m3] 60.95 64.09

Integrated water tank

RTD9 [°C ] 32.4 28.6
RTD10 [°C ] 41.6 42.7
RTD11 [°C ] 42.2 42.0
RTD12 [°C ] 68.1 68.2

Floor heating circuits

RTD20 [°C ] 36.3 38.1
RTD21 [°C ] 33.4 35.5
UFS7 [m3] 51.81 72.03
RTD22 [°C ] 39.6 37.9
RTD23 [°C ] 33.8 33.2
UFS8 [m3] 4.43 4.94
RTD24 [°C ] 35.3 34.6
UFS9 [m3] 10.58 6.40

Solar thermal circuit

RTD25 [°C ] 42.1 40.4
RTD26 [°C ] 49.8 47.2
EFS2 [m3] - -

Ventilation

TRHT1 [°C ] 5.7 4.9
TRHT2 [°C ] 11.1 11.0
TRHT3 [°C ] 22.1 21.9
TRHT5 [°C ] 21.8 23.8
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Table 5: Outdoor and indoor thermal environment.

22.03-31.03 08.04-17.04
[°C ] [°C ]

Outdoor environment

Weather station 4.4 3.4
South façade 5.1 5.4
North façade 4.2 3.4

Indoor environment

Living room south and kitchen 21.7 23.7
Living room north 21.1 23.0
Bedroom west 21.7 23.5
Bedroom east 20.3 19.7
Bathroom 21.8 23.9
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I Ground Collector Performance
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J Alternative System Designs
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