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Abstract 

 

Hydropower laboratories are used to determine the hydraulic performance of model turbines, which 

can then be used as an indication of expected prototype operation. The rules and guidelines for 

performance of complete model tests are provided by the international IEC 60193 [2] standard. An 

important part of model testing is the determination of turbine shaft torque and axial forces.  

The objective of this thesis is to design a system for measurement and calibration of friction torque 

and axial load on the Francis turbine test rig for both the Waterpower Laboratory at NTNU and the 

Turbine Testing Laboratory at Kathmandu. The systems must comply with the requirements of IEC 

60193 [2].  

The friction torque measuring system at the Waterpower Laboratory is based on the existing setup, 

with a load cell attached to an arm, sensing the torsional movement of the bearing cover. A linear 

stepper has been introduced to the design, to counteract the frictional forces of the membrane. The 

system has been evaluated for total systematic uncertainty.  

Pressure taps inside the hydrostatic bearing are used to measure axial forces acting on the Francis 

turbine at the Waterpower Laboratory. A design has been developed for calibration of the pressure 

transducers, able to perform calibration of forces in both axial directions. Stress analysis are 

performed on the consisting parts, and total systematic uncertainty of the setup is determined.   

For the Turbine Testing Laboratory, the friction torque and axial loads are measured with silicon 

strain gauges. The existing shaft and bearing design has been modified to fit the space requirements 

of the measurement setups. A telemetry system is utilized for wireless transmission of the signal.   

3D model of the Francis turbine test rigs at both Waterpower Laboratory and Turbine Testing 

Laboratory are developed. Detailed machine drawings of the measurement setups are presented in 

this thesis.   
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Sammendrag 

 

 Vannkraftslaboratoriet benyttes til å bestemme hydraulisk ytelse av turbin modeller, for så å bruke 

dette til å anslå driftstilstanden til prototypen. Retningslinjer for gjennomføring av laboratorietester 

på modellturbiner er gitt av den internasjonale IEC 60193 [2] standarden. En viktig del av testene 

er å finne momentet levert til akslingen, samt fastsette aksielle krefter som virker på turbinen.  

Målet med denne oppgaven er å designe et oppsett for måling og kalibrering av friksjonsmomentet 

og aksielle krefter på en Francis turbin for både Vannkraftlaboratoriet på NTNU og Turbine Testing 

Laboratory Kathmandu University (KU). Oppsettet skal tilfredstille kravene til IEC 60193 [2].  

Målesystemet for friksjonsmomentet på Vannkraftslaboratoriet er basert på et eksisterende design, 

med en kraftcelle som måler momentet ut ifra bevegelsen til en arm montert på thrust blokken. En 

linjær aktuator er introdusert i det nye konseptet; noe som gjør det mulig å kontrollere momentet 

påført av membranen. Måleoppsettet har blitt analysert for systematisk usikkerhet.  

Aksielle krefter på Francis turbinen på Vannkraftlaboratoriet er målt ved hjelp av trykkinntak på 

det hydrauliske lageret. Et konsept for å kalibrere disse trykksensorene for krefter i begge retninger 

er blitt utviklet i dette prosjektet. Spenningsanalyse av komponentene er utført, og den total 

systematiske usikkerheten er fastsatt i rapporten.  

For Turbine Testing Laboratory på KU er friksjonsmomentet og aksielle kreftene målt ved bruk av 

strekklapper. Det eksisterende designet av thrustblokk og aksling er blitt modifisert for å passe med 

plassbehovet til strekklapp målingene. Telemetri er benyttet for trådløs overføring av måledata.  

3D modeller av Francis turbin test riggene på både Vannkraftlaboratoriet og Turbine Testing 

Laboratory er utviklet. Detaljerte maskintegninger av måleoppsettene er også presentert i denne 

rapporten.  
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Chapter 1  

Introduction 

 

 

The Waterpower laboratory at NTNU is one of the main research facilities on hydropower in 

Scandinavia. The Laboratory consists of two main test rigs, Francis turbine test rig and Pelton 

turbine test rig. Different methods are available for controlling the water reservoir conditions, with 

an upper and lower reservoirs giving a maximum natural head of approximately 15 meters. The 

system can also be operated in closed loop, where a head of 100 meters can be obtained. Both test 

rigs are well equipped with every necessary accessory in order to satisfy the requirements of 

international standards for model acceptance tests [2]. This also includes measurement and 

calibration of friction torque and axial forces on the turbine units. The current arrangement for 

calibration of these measures on the Francis test rig are considered inadequate, and require an 

upgrade. 

The individual challenges of the arrangements are discussed in Chapter 3. This work covers the 

new design for friction torque and axial load measurement systems with a goal of improving the 

related uncertainties. 

For several years there has been a close research collaboration between NTNU and the University 

of Kathmandu in Nepal. Even though it is located between two of the world’s fastest growing 

economies, India and China, Nepal is considered to be among the poorest countries in the world. 

One of the main challenges of Nepal is to meet the increasing energy demand in the region. With 

an estimated potential hydropower resources of 42 000 MW, the country is exploiting only 750 

MW, equivalent to 5% of the total potential [12]. This has been a major objective for the 

government officials in recent years, with an intention of increasing the energy production from 

hydropower to 38000 MW within year 2035 [16]. In order to aid and support the research on 

hydropower, a Turbine Testing Laboratory (TTL) has been developed at the University of 

Kathmandu. The staff at NTNU has aided in this development, with several related projects 
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conducted on the subject in recent years. The goal is to make TTL a research facility that meets the 

requirements of IEC 60193 [2], with the possibility of conducting complete model acceptance tests 

in the laboratory.  

TTL has been operating since 2011, yet there is still a lot of work remaining. As of today, the 

Francis test rig in the facility only contains parts of pipe arrangement along with the steel frame to 

support the turbine units. As a cooperation between the Waterpower Laboratory and Turbine 

Testing Laboratory, this work suggests a bearing design for calibration and measurement of friction 

torque and axial forces on the Francis test rig at TTL. The purpose is to propose an initial design, 

from which improvements and adjustments can be implemented towards developing a final 

solution.  

 

1.1 Objective and Scope 

 

The objective of the thesis is divided in two categories: 

 Waterpower Laboratory, NTNU, Norway 

 Turbine Testing Laboratory, Kathmandu University, Nepal  

The first part is to complete the remaining work on the new, recently received thrust block at the 

NTNU Waterpower Laboratory. This includes the design of a system for measurement and 

calibration of friction torque and axial load on the shaft. The scope of the thesis is to design the 

setups, develop 3D models along with corresponding machine drawings and estimate the related 

uncertainty.   

For the Turbine Testing Laboratory in Kathmandu, the task is similar, with the main objective on 

the design of friction torque and axial load measuring systems for the Francis turbine test rig. As 

the rig lacks most of the initial components, the dimensional values of the Francis turbine at the 

Waterpower Laboratory are used in the process of designing the setups. A critical constraint for 

the task is the economical aspect of the design. The objective is to suggest a solution that is simple 

and cost efficient, and meets the requirements of the international standard for model acceptance 

tests, IEC 60193 [2].    
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Chapter 2  

Theory 

 

 

The first part of this chapter covers the fundamental theory of bearing design in hydraulic turbines. 

Evaluating friction in rotating parts is essential when determining the total efficiency. Bearings, 

often being the only connection between the rotating and stationary parts in rotating machinery, 

are one of the main sources of mechanical friction losses in Francis turbines.  

Friction losses in bearings is a topic too extensive to be covered in detail in this report. This chapter 

provides the fundamental theory of friction forces in bearings, as well as simplified calculation 

methods for approximate estimation of performance parameters, such as moment and power loss. 

The theory is mainly concentrated around ball bearings and hydrostatic bearings, as these 

components are most relevant for further design. For full coverage on the subject, Ref. [17], [18] 

and [19] are listed as the main sources. 

Section 2.4 gives an introduction to IEC 60193 [2], and its importance in model testing of hydraulic 

machines. The guidelines of this standard have been crucial in solving of the tasks.  

The chapter is concluded with a short description of PTC Creo Parametric 3.0 and Ansys 

Workbench, as the software’s have been frequently used throughout the project.   

 

2.1 Vertical Francis Turbine 

 

Francis turbines can be mounted vertically or horizontally. Vertical mounting of the turbine is more 

space efficient, as it reduces the horizontal plan area and permits a deeper setting of the turbine 

with respect to tailwater elevation [34]. A disadvantage is the generator cost, increasing with larger 

units due to the higher axial loads. However, this increase in equipment cost becomes insignificant 

compared to the reduced construction costs with use of vertically aligned units in case of large 
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hydropower plants. In general, horizontal turbines are economically advantageous only for small 

high speed applications where standard generators are available.  

In order to understand the requirements on the bearings of a vertical shaft, it is important to define 

several aspects around vertically installed turbines. The first thing is the shaft alignment. Accurate 

shaft alignment is necessary in order to obtain trouble free operation of the turbine. A misaligned 

unit will cause excessive vibrations, and wear down not only bearings, but also other parts of the 

machinery [9].  

Vertical shaft turbines are also exposed to a larger load distribution in vertical direction than 

horizontal turbines. The axial loads are higher for vertical shafts, as the rotating weight of the 

turbine, shaft and bearing assessment are contributing to the increased weighting load. 

Additionally, the axial hydraulic forces present during operation of the unit, can become 

significantly large for high head operational conditions. This puts high requirements on the bearing 

connection between the generator and the turbine.   

 

2.2 Bearings in rotating machinery  

 

Bearings in hydropower turbines are used to support the rotating shaft. The main purpose is to shift 

the dynamic loads apparent on rotating parts of the turbine over to the bearing. An important aspect 

of bearing design is to extend the bearing life in the machinery, while minimizing friction between 

the moving parts. The bearings are also used to prevent a motion in axial/radial direction by 

controlling the vectors of normal forces that bear on the moving parts.  

Bearings are divided in two main categories; contact bearings and non-contact bearings [8].  
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2.2.1 Contact bearings 

In contact-type bearings, the consisting components are in mechanical contact to each other. Wear 

and fatigue due to frictional forces is critical for this unit. There are numerous types of contact 

bearings, with small deviations in design depending on the application requirements. The most 

common types of contact bearings used in turbomachinery are listed below.   

 

Ball bearings 

The basic design, consisting of balls rolling between inner and outer surface tracks, is frequently 

used in turbomachinery. With the raceway closely conforming to the rolling ball-elements, the unit 

can handle loads in both axial and radial directions. With relatively small contact points between 

the rolling elements and races, the bearings are vulnerable when exposed to larger loads. The simple 

design and low friction between the contact surfaces make ball bearings ideal for smaller, low cost 

applications.  

Roller bearings 

Often referred to as cylindrical, or needle, these bearings are perfectly suited for areas exposed to 

high loads. The roller function is provided by a number of cylindrical elements mounted between 

to circular surfaces. The bearings are low friction, and the elongated contact area can withstand 

high radial forces. As a result of the longer contact surface, the ability to withstand loads in axial 

direction is reduced, making the units unsuitable for thrust load applications. There are, however, 

other types of roller bearings specially designed to handle high axial loads, such as Tapered 

Roller Bearings and Roller Thrust Bearings. Roller bearings are space efficient, cost efficient, 

and are often utilized in areas of turbomachinery where high radial loads are present.  

Sliding contact bearings 

Sliding contact bearings are mostly used when the contact elements are of different material. The 

shaft is in sliding contact with the inner bearing ring, while the outer ring is held stationary. Due to 

the large contact area, the bearing has high requirements for lubrication in order to reduce the wear 

and friction. A common type of sliding bearing used in vertical hydro power units is the thrust 

bearing. The bearing supporting pressure is parallel to the vertical shaft alignment, and the unit is 
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designed to withstand high axial forces. The high friction uncertainty makes sliding bearings less 

accurate in comparison to other types of contact bearings.  

As mentioned in the introduction to this section, there are numerous types of contact bearings used 

in hydropower turbines, and only the most common types are reviewed. The theory in this chapter 

is from “Bearing Design in Machinery”, [8].  

 

2.2.2 Non-contact bearings 

Non-contact bearings are friction-free connections, consisting of two surface elements separated 

by either a fluid, or a magnetic field. The bearings are characterized by high load handling 

capability and low maintenance requirements. There are two types of non-contact bearing; fluid 

bearings and magnetic bearings.  

 

Hydraulic bearings 

Hydraulic bearings are frequently used in hydropower units in Norway. The concept consist of a 

thin layer of fluid between the bearing surfaces supporting the load in both axial and radial 

directions. These bearings are classified into two main types: hydrodynamic and hydrostatic. In 

case of hydrodynamic bearings, the load is supported by a lubricant film located in between the 

bearing surfaces. The bearing is robust, with simple design, high load capacity and easy 

manufacturing, but suffers from fluid whirl when it comes to high rotational speeds.  Hydrostatic 

bearings use external high pressure fluid for load support. The fluid, usually pressurized oil, is kept 

in place with a surrounding bearing block, which is in turn connected to a hydraulic supply. Correct 

design of the bearing block is essential in order to achieve the desired output. It is a complex unit, 

described in detail in Chapter 3. High load capacity, noise and vibration reduction and extended 

lifetime make hydraulic bearings ideal for large, high speed application. They are also cost efficient 

due to the low maintenance requirements, as the only wearing to this unit comes from start-up and 

shutdown operations. A disadvantage of hydraulic bearings is that they are highly sensitive to grit 

or dust containments, which might lead to quick failure of the unit.  
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Magnetic bearings  

These bearings rely on magnetic fields to separate the surface faces. The load is supported using 

magnetic levitation, and similar to hydraulic units, they can handle high loads in both directions. 

With practically no speed limit and low maintenance time, these bearings are suited for almost any 

application. The main disadvantage of these units is the operational cost. Use of magnetic bearings 

is expensive compared to other bearing types. In order to keep the load stable, these units require 

a constant supply of power input along with an active control system. Reliability is also a 

questionable aspect of the bearing. Units operating on magnetic bearings often require additional 

bearing, in case of system failure. 

 

2.3 Friction in Bearings 

 

Reduced friction in bearings is important for higher efficiency output of hydraulic machines. The 

evolution of bearings is shaped around this demand, which involves improved shape, material 

selection and lubrication fluids. Naturally, fluid based components, such as journal and hydrostatic 

bearings, have a significantly lower frictional coefficient than contact bearings. In case of hydro 

turbines, the rotating components are often supported by a combination of contact and non-contact 

bearings.  

The theory in this section is from “Rolling-Element Bearings” [17], “The ball bearing: In the 

making, under test and on service” [18] and “Applied Tribology: Bearing Design and Lubrication” 

[19].  

 

2.3.1 Rolling bearings 

Friction in rolling, contact bearings is defined as roller friction. There are several contributing 

factors to roller friction. One of the main causes is the slip effect. Heathcote [18] explained this 

phenomenon as the required energy to overcome the interfacial slip occurring due to the curved 

shape of the bearing design.  In Figure 2.1, four points on the inner surface are marked: a, b, c and 

d. Points a and b indicate contact spots of the ball and inner bearing race, whilst c and d represent 
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the location of the rolling bands. As the ball is rolling around y-axis, the curved shape of the surface 

leads to a different radial velocity of points a-b and c-d with respect to y-axis. Unless the rolling 

element is highly elastic, which rarely is the case, an interfacial slip must occur at various points 

on the surface. The three arrows indicate the direction of this slip (Fig. 2.1). According to Heathcote 

[18], the force required for rolling the ball is equal to the friction caused by this interfacial slip.  

The direct contact of the rotating elements causes heat dissipation and deformation in the material, 

due to the weight of the rollers/balls in combination with the applied load. 

 

 

All materials are elastic, and some sort of compression will occur on either the rolling element, or 

the guiding surface. Unless prevented by friction, the variation in stresses of the two contacting 

surfaces will result in additional slip loss. This is known as hysteresis losses, with a limiting friction 

force defined by Tabor [20] in Equation (2.1):  

 
𝑇 =

0.2𝜇𝐷𝑦
2𝐹

𝑟𝑎𝑥
2

   [𝑁] (2.1) 

 

Where 𝜇 is the friction coefficient,  𝐷𝑦 is the diameter of the elliptic contact surface, 𝐹 is the applied  

force and  𝑟𝑎𝑥 is the ball radius.  

 

 

Figure 2.1: Interfacial slip in roller bearings [17] 
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Including the elastic energy lost in the compression, the following equation is obtained:  

 
𝑇 = 𝑐4 ⋋

𝐹𝐷𝑦

𝑟𝑎𝑥
   [𝑁]  (2.2) 

Where   

 
⋋=

𝜋𝐷𝑦
2𝐸′

4𝜇𝑟𝑎𝑥
2 𝑝𝑚

   [−]  (2.3) 

   

𝑝𝑚 – Mean pressure 

𝐸′ - Effective modulus of elasticity 

𝑐4 is a constant dependent on the shape of contacting surfaces. Tabor [20] defines it as 1/3 for 

rectangular contacts, and 3/32 for elliptical contacts.  

In case of angular ball bearings under thrust loads, additional spinning friction is present. This is 

due to the tendency of the balls to rotate about an axis perpendicular to the leading contact surface. 

Furthermore, lubricated bearings have seals, and frictional forces will be present between the 

sealing element and its counterface. Inadequate lubrication or high viscosity of the fluid will 

increase the magnitude of these friction forces, especially at startup phases when the fluid 

temperature is low. Finally, there is the viscous drag forces of the lubricant, which are dependent 

on the amount and viscosity of the fluid as well as the rotational speed of the shaft.  

It is also important to note that roller bearings are very stiff. Any misalignment or thermal 

expansion will result in additional loads on the unit.  

To sum it up, there are several factors affecting the magnitude of the frictional forces [17]: 

- Bearing Size 

- Bearing Design 

- Forces 

- Shaft speed 

- Lubricant properties 

- Lubricant quantity 

This complex nature of friction forces complicates accurate estimation of friction coefficient, 𝜇. 

As per today, this parameter is estimated using numerical computations.   
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Assuming good lubrication and normal operating conditions, the coefficient of friction can be 

approximated constant, and moment, 𝑀, is calculated using Equation (2.4).  

 𝑀 = 0.5 ⋅ 𝜇 ⋅ 𝑃 ⋅ 𝑑   [𝑁𝑚𝑚] (2.4) 

 

When it comes to forces on a bearing unit, it is distinguished between static and dynamic loads. 

The static loads are mainly due to the magnetic pull caused by the eccentric rotor position in the 

generator stator [27], uneven properties of the flow and poor bearing alignment [26]. The dynamic 

loads are caused by the unsymmetrical design of the turbine and generator rotors, as well as the 

turbulent flows in the turbine [26]. In Equation (2.4), 𝑃 is the dynamic bearing load and 𝑑 is bearing 

bore diameter.  

For calculation of start-up friction, it is suggested use of a friction coefficient 60 % higher than the 

running value [19].  

 

2.3.2 Hydrostatic bearings 

The power loss in a hydrostatic bearing is less than for contact bearings, due to a lower friction 

coefficient. Unlike the contact bearings, which are forced to overcome the static friction at start-

up, hydrostatic bearings have zero static friction. The dynamic friction will depend on the fluid 

viscosity and effective gap area, ℎ0, illustrated in Figure 2.2. The pressure in this gap will reduce 

gradually due to the viscous friction, this being a result of shear stresses between the fluid and 

surface wall, and internal viscous forces of the fluid. The gap area is in turn controlled with flow 

rate of the external pump, 𝑄. Counteracting this movement is the load from the shaft, 𝑊, which, 

under steady conditions, equal the external thrust load on the shaft. 
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The power consumption in the hydrostatic bearing is defined as the combination of mechanical and 

hydraulic power required to overcome the viscous forces of the lubricant, given in Equation (2.5).  

𝑃𝑚 – Mechanical power required to overcome the frictional torque resulting from viscous shear of 

the lubrication fluid. 

 𝑃𝑚 = 𝑇𝑚𝜔   [𝑊] (2.5) 

 
𝑇𝑚 =

𝜋

2
𝜇

𝑅4

ℎ0
(1 −

𝑅0
4

𝑅4
) 𝜔  [𝑁𝑚]  (2.6) 

 
𝑃𝑚 = 𝑇𝑚𝜔 =

𝜋

2
𝜇

𝑅4

ℎ0
(1 −

𝑅0
4

𝑅4
) 𝜔2   [𝑊]  (2.7) 

 

Where  

𝑅 – Radius of the circular pad 

𝑅0– Radius of the recess 

𝜔  – Angular speed of the shaft 

𝑇𝑚– Mechanical torque 

Figure 2.2: Hydrostatic bearing, with lubrication and pressure distribution [8] 
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𝑃ℎ is the hydraulic power required to pump the fluid through the gap. Neglecting power loss in 

inlet pipes, this power can be expressed as:    

 𝑃ℎ ≈ 𝑄𝑝𝑟   [𝑊] (2.8) 

 

Which gives a total power consumption: 

 𝑃𝑡 = 𝑃ℎ + 𝑃𝑚 [𝑊] (2.9) 

 
𝑃𝑡 = 𝑄𝑝𝑟 +

𝜋

2
𝜇

𝑅4

ℎ0
(1 −

𝑅0
4

𝑅4
) 𝜔2   [𝑊] (2.10) 

 

Substituting flow rate 𝑄 and dividing by the efficiency of the drive, 𝜂1, and the pump, 𝜂2, the power 

consumption in form of consumed electricity is obtained:  

 
𝑃𝑡 =

1

 𝜂2

1

6

𝜋ℎ0
3

𝜇𝑙𝑛 (𝑅/𝑅0)
𝑝𝑟

2 +
1

𝜂1

𝜋

2
𝜇

𝑅4

ℎ0
(1 −

𝑅0
4

𝑅4
) 𝜔2   [𝑊] (2.11) 

 

Similar to contact bearing theory, the friction coefficient of hydrostatic bearings depend on several 

factors, and can be estimated only with the help of numerical computations.   

 

 

2.4 IEC 60193 “Hydraulic turbines, storage pumps and 

pump-turbines –  Model Acceptance tests” 

 

The international IEC 60193 standard [2] provides rules and recommendations for conduction of 

model acceptance tests in laboratory applications. The guidelines apply for both impulse and 

reaction turbines, covering every aspect of relationship between the prototype and the model. Main 

objective of the standard is to provide the reader with information on correct measurement of the 

involved quantities, in order to ascertain the hydraulic performance of the model. In addition to the 

experimental conduction, the standard also provides valuable information on processing, analysing 

and reporting of data.   
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For this report, the guidelines on measurement of shaft torque, section 3.6 [2], and axial and radial 

thrust forces, section 4.5 [2], have been frequently utilized for solving the tasks. The standard has 

also been an essential tool during material selection, equipment study and conducting uncertainty 

analysis.  

 

2.5 PTC Creo Parametric 3.0. 

 

PTC Creo Parametric 3.0 is a Computer Aided Design (CAD) software for three-dimensional 

modelling. This is a new software, released in 2011, with a highly expanding popularity. PTC Creo 

is developed for windows software, and build around a number of key C modules of different 

Application Programming Interfaces (APIs). This design software offers numerous application 

capabilities, from simple sketching to the complete design for Additive Manufacturing, 3D 

printing.  

For this project, PTC Creo Parametric is mainly used for modelling of solids, as well as producing 

the machine drawings.  

 

2.6 Ansys Workbench 

 

Ansys Workbench is a platform for advanced engineering simulation. The software consists of a 

number of simulation and stress analysis tools, and can be utilized in every aspect of structural 

analysis.  

With a build in bi-directional connectivity to Creo Parametric, the software can be used to conduct 

simulations on imported geometries. Static Mechanical, which is a subsection of the Workbench 

accessories, is used in this thesis for stress analysis of the designs.   
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Chapter 3  

Background and Previous Work 

 

 

Waterpower laboratories around the world have played an important role in research and 

development of hydropower. One of the main applications is performing model tests for prototypes. 

This is more cost efficient, as the efficiency of the runners can be improved substantially before 

the actual production. Numerical analysis of flow characteristics is not sufficient enough, and 

require additional model testing in order to accurately map the performance of the turbine.  

 

3.1 Waterpower Laboratory, NTNU 

 

The Waterpower Laboratory at NTNU is a certified model testing facility, following the guidelines 

of IEC 60193 [2]. The laboratory was built in 1916, with a complete refurbishment in 2006. The 

current lab arrangement consists of two water reservoirs, a pressure tank, a surge tank and two 

pumps with a power output of 350 kW each. Thee turbine test rigs can be operated in the laboratory, 

Francis turbine, Pelton turbine and a small turbine loop. All the rigs are in accordance to IEC 60193 

[2]. The piping and reservoir arrangement allows for operation of the turbines in both open and 

closed loops. The pressure tank, which can sustain a maximum pressure of 10 bar, can provide a 

head of 100 meter water column (𝑚𝑤𝑐) in closed loop operation. This gives the laboratory a large 

range of testing abilities when it comes to model testing.  
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The Francis turbine at Waterpower Laboratory is mounted vertically, with the generator located on 

top of the rig, as shown in Figure 3.1. The turbine consists of following main components [5]: 

 Draft tube (1) 

 Runner (2) 

 Guide vane cascade (3) 

 Regulating mechanism (4) 

 Spiral casing (5) 

 Turbine housing (6) 

 Shaft (7) 

 Shaft seal (8) 

 Bearing block (9) 

The bearing block constitute for one of the most critical components in a turbine. The main purpose 

of the block is to support the weight of the runner and shaft arrangement. In general, the design of 

the block can vary significantly in both shape and size, and is often supplied with auxiliary 

lubricant, such as oil or grease.  

 

Figure 3.1: Model Francis turbine, Waterpower Laboratory, NTNU. 
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3.1.2 Bearing block 

In order to understand the problem of friction torque measurement in hydrostatic bearings, the 

design of the bearing block has to be examined. The block connects the rotating parts of a turbine 

with the stationary structure surrounding the unit. In a vertically aligned turbine, the block acts as 

a hydrostatic bearing, supporting the axial and radial loads of the turbine. This type of solution is 

often found in large hydropower units, where the unit is exposed to high loads, while at the same 

time having to satisfy high demands for accuracy in axial positioning of the shaft. There are 

numerous advantages coming with this design. The wear due to direct contact at the start up is 

minimal, higher precision in comparison to other designs, and prevention of overheating of the 

bearing due to the constant circulation of oil [8]. As mentioned in section 2.2.2, the unit is highly 

sensitive to dust and grit, and a proper oil filter is a requirement for safe operation.  

 

Figure 3.2: CAD-drawing of the bearing block, Water Power Laboratory, NTNU. 

 

Figure 3.2 shows the hydrostatic bearing block at the Waterpower Laboratory. The 786 mm long 

vertical shaft is enclosed in a thrust block, consisting of an inner and outer housing unit. The outer 

unit is stationary, while the inner unit is only affected by the frictional forces of rolling elements. 

Two bearing units are used to connect these two housing components. The upper bearing is a double 

ball bearing with a back-to-back arrangement, shown in Figure 3.3. In this arrangement, the bearing 

is preloaded due to the small gap between the inner races, providing it with a higher moment 

stiffness than regular units. It can, if necessary, ensure the shaft retention on its own due to the 

rigidity. The axial loads on the thrust block are transferred through the ball bearing, to the inner 
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bearing house and downwards to the cavity between the two housing, supported by hydraulic 

pressure medium (Fig. 3.2). The pressure in this section is measured with several pressure taps 

located around the block. Knowing the pressure, 𝑝, and area supported by the fluid, the force is 

calculated using Equation (3.1):  

 
F =

πd2

4
⋅ P   [𝑁] (3.1) 

 

A double-row, cylindrical roller bearing is used for lower connection of the block, shown in Figure 

3.4. This bearing is well suited for high speed and accuracy requirements due to its excellent 

rigidity. As it is located close to the runner, the main purpose of the bearing is to absorb radial 

forces of the turbine.  

 

 

 

 

  

 

 

 

During operation, the radial movement of the shaft is retained by the external pressurized oil 

surrounding it. The fluid flow to each side of the bearing creates a pressure differential proportional 

to the displacement of the rotating element. The total friction in this hydrostatic bearing is the sum 

of the static friction of the rolling bearings, and the dynamic friction of the fluid, which in turn is 

dependent on the gap and viscosity of the oil.  

Ideally, the two bearing units would be the only connection between inner and outer housings, 

where bearing friction is the only mechanical friction present.  

Figure 3.4: Angular contact ball bearing [10] Figure 3.3: Cylindrical roller bearing [10] 
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The friction forces may be determined by using an arm and a load cell mounted on the inner and 

outer housing covers respectively. This method is closer described in Chapter 4. However, 

hydraulic units require some type of sealing connection in order to retain/separate the fluids, which 

gives a second source of direct contact. In Figure 3.2, a membrane is located at the lower section 

of the block, separating the cooling water from the exiting oil. The elastic membrane provides a 

slight movement when exposed to radial forces. The outer housing cover of the block, which should 

only experience the mechanical forces of the bearing connections and the viscous forces of the 

fluid, has an additional restriction in movement perpendicular to the elasticity of the membrane. 

For a turbine in operation, this introduces counteracting forces in the membrane due to the 

movement of the inner housing cover caused by friction in bearings. The current friction torque 

measuring system at Waterpower laboratory does not account for the counterforces in the 

membrane, and measurements are often characterized with high uncertainty.  

 

3.1.3 Generator torque measurement 

The generator torque of the Francis test rig at NTNU is measured with a Hottinger Z6FC3 type 

load cell attached to an arm, which in turn is mounted on the generator [1]. The load cell is based 

on strain-gauge sensing element, producing voltage signal proportional to the 

stretching/compression of the sensing material. An external amplifier with a range of 0-10 V is 

used for signal amplification.  

According to IEC 60193 Section 3.6.2.2 [2], this is a secondary method of measuring generator 

torque and requires calibration by the primary method. This is done with use of calibrated weights, 

where the load cell produces a voltage signals proportional to the applied force of the weights. This 

is, in turn, used to obtain calibration curve for the load cell mapping the uncertainty of the cell.  

 

3.1.4 Friction torque measurement 

Friction torque is measured similarly, with a HBM load cell attached to an arm [1]. The arm is 

mounted on the inner housing cover of the bearing block, moving proportionally to the friction 

forces of the bearing and seals. The force cell senses this movement as force, and the torque is 

calculated by multiplying the force with arm length. This torque measuring method is described as 
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“Bearing of rotating parts not in balance” in IEC 60193, section 3.6.1 [2]. An important aspect of 

this method is that the friction torque is measured separately, distinguishing between generator 

torque 𝑇, and friction torque, 𝑇𝐿𝑚. 

Calibration process described in section 3.1.3 is used for calibrating the friction torque measuring 

load cell as well. Calibrated weight, ranging from 0-10 kg, are used to obtain the calibration curve 

and uncertainty percentage of the cell. The procedure is provided in Appendix G.1.  

 

3.1.5 Axial thrust measurement 

Axial thrust force is measured using differential pressure transducers inside the bearing block [1]. 

The oil pressure is supplied to the transducers from the two section of the axial thrust bearing, and 

an output signal of 4-20 mA is produced. The range of the differential pressure transducers is 0 to 

3000 kPa, corresponding to 1230 kg.  

The transducers are calibrated using high load calibration weights. These weights are supported 

with a hanging fixture secured to the shaft, and the relation between the measured pressure and the 

applied weights is given by equation (3.2):  

 𝐹 = 𝑊 ⋅ 𝑔 =
𝑝

𝐴
   [𝑁] (3.2) 

   

Where 𝐹 is the force [𝑁], 𝑊 are the weights [𝑘𝑔], 𝑃 is the pressure [𝑁/𝑚𝑚 ], 𝐴 is the effective 

area [𝑚2] and 𝑔 is gravitational constant [𝑚/𝑠2]. Full calibration procedure is provided in 

Appendix G.2.  
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3.1.6 Previous work – Waterpower Laboratory 

There is no documented work available on the design of the specific friction torque measurement 

system of the Francis test rig. The apparatus was manufactured and installed by the staff at the 

Waterpower Laboratory, and no specifications or drawings are available from the procedure.  

A former master student, Kyrre Reinertsen, wrote his thesis on design and manufacturing of the 

bearing block and friction torque measurement system for the Pelton turbine test rig [13]. The 

design is based on existing bearing block at Hochshule Luzer Laboratory in Zurich. The bearing 

block, along with the friction torque calibration and measurement setup can be viewed in Figure 

3.5. 

 

 

The concept consists of four main elements: An inner and outer cylinder, the shaft and a bearing 

enclosure. Six roller bearings are used for connection of the components. The shaft is connected to 

the inner cylinder with two bearings, one on each side of the enclosure. The inner cylinder is in 

turn connected to the outer cylinder with additional four bearings. Inner cylindrical part is in free 

rotation, only affected by the mechanical friction of the rolling elements. Friction torque in bearings 

can be determined by applying a force cell to this freely rotating part. On the far right side of the 

block (Fig. 3.5), a beam is located for calibration of the force cell. Such designs are frequently used 

in rotating machinery where application requires regular calibration of the measuring equipment. 

Reinertsen concludes the paper highlighting at a total uncertainty of 2.5% for operation at best 

efficiency point (BEP) using this method of measurement.  

Figure 3.5: Pelton turbine friction torque calibration setup 

[13] 
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3.2 Turbine Testing Laboratory, Kathmandu University  

 

The building of Turbine Testing Laboratory at Kathmandu University started in year 2000, with a 

purpose of creating a facility for performance testing of model hydropower turbines. The goal is to 

build the laboratory similar to the Waterpower laboratory, with respect to the requirements of IEC 

60193 [2].   

The complete design of the Turbine Testing Laboratory includes two reservoirs, two pumps, piping 

arrangement, pressure and surge tanks, calibration tank, electric overhead travelling cranes (EOT) 

and a Francis and Pelton test rigs. As of today, the reservoirs, pumps, EOT crane and the Pelton rig 

are in place. The reservoirs are positioned such that a natural head of 30 𝑚 is obtainable. The lower 

reservoir is located beneath the building, and has a storage capacity of 300 𝑚3, while the upper 

reservoir is situated on a hill outside the laboratory, with a storage capacity of 100 𝑚3 [15]. Two 

pumps, slightly smaller than those at Waterpower Laboratory, with a power output of 250 kW each, 

are able to provide the system with a flow of 0.25 𝑚3/𝑠.  

 

 

 

 

 

 

 

 

 

 

The  Figure 3.7: Turbine Testing Laboratory Figure 3.6: Schematic presentation of TTL [16] 
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The Pelton test rig is complete, with inlet/outlet piping, generator, shaft connection and the runner. 

The Francis rig lacks all of its essential components. As per today, the rig consists of a stationary 

frame, along with a simplified test arrangement implying the design and location of the turbine. As 

part of this thesis, a suggestion is made for the design of a shaft coupling that will, in addition to 

connecting the generator and turbine, prevent the axial and radial forces from propagation to the 

essential parts of turbine. The design includes measurement and calibration of friction torque, 

generator torque and axial/radial thrust forces.   

 

 

 

 

 

 

 

 

 

 

 

 

3.2.2 Previous work – Turbine Testing Laboratory 

In cooperation with NTNU, several projects have been conducted on development of TTL in recent 

years. Bidhan Rajkarnikar Halwai, a master student at NTNU, developed as part of his thesis a 

design of the Francis turbine test rig for TTL [15]. The design was modified somewhat by the staff 

at TTL, before manufacturing and installing the arrangement seen in Figure 3.7. For measurement 

of generator torque, friction torque and axial thrust forces, Rajkarnikar suggested use of methods 

similar to the Francis test rig at NTNU, including a hydrostatic bearing block with external oil 

suppling pump.  

Figure 3.8: Simplified Francis turbine test rig, TTL 
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Inger Johanne Rasmussen did, in her master thesis, a complete design of the Francis test rig at TTL 

[4], including the bearing block and friction torque measuring systems. For the shaft connection, 

Rasmussen suggests use of two bearing units from SKF, a double row angular ball bearing in the 

upper section, and a single row deep groove ball bearing in the lower section of the shaft. The 

angular contact ball bearing is a thrust bearing, taking up the axial loads in both directions. This 

results in minimal forces and extended lifetime of the lower bearing, leading to a simple and cost 

efficient solution.   

Strain gauge based setup is suggested for measurement of axial loads on the shaft. The method is 

based on a test rig of General Electric Canada Inc. in Montreal. The concept is simple and cost 

efficient, and can provide, with use of correct excitation equipment, highly accurate results.  

For measurement of friction torque in bearings, it is recommended to run the generator and turbine 

without load, and measure the combined generator and friction torque with a torque meter. This 

method assumes that the forces will be the same with the turbine in place.  
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Chapter 4  

Method and Calculations 

 

 

This chapter presents the method and calculations utilized for this thesis. The first section provides 

an insight into the model testing procedure as described in IEC 60193 [2], with the concepts of 

hydraulic efficiency, power and torque in particular.  

Section 4.2 covers different strain gauge applications for measurement of forces acting on a turbine 

shaft. Strain gauges are frequently used in hydro turbine industry, and can, with correct accessories, 

measure axial, radial and torsional forces with high accuracy.  

IEC 60193 [2] provides guidelines on uncertainty analysis in model turbine measurements. Section 

4.3 covers the procedure for this analysis, with a review on how the analysis are performed and 

what factors are to be considered.  

In section 4.4, the hydraulic forces of the Francis turbine at Waterpower laboratory are calculated 

in order to map the necessary calibration range of axial force measuring pressure transducers. The 

calculation procedure provides a quite accurate estimation of the hydraulic forces, with an 

approximate uncertainty of 10 % in the resulting values. These calculations also apply for the 

Francis test rig at Turbine Testing Laboratory, as it is assumed dimensional similarity of these two 

turbines.  

The terms and abbreviations used in this chapter are as defined in IEC 60193 [2].  
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4.1 Efficiency, power and torque 

When doing model testing of a turbine, a main objective is to estimate the hydraulic efficiency of 

the unit. This is defined as mechanical power divided by the hydraulic power, given in Equation 

(4.1): 

  
𝜂ℎ =

𝑃𝑚

𝑃ℎ
   [−] (4.1) 

 

Where 𝑃𝑚 is the mechanical power of the runner and 𝑃ℎ is the available hydraulic power. The 

mechanical power is the power generated by the turbine runner on the shaft, and is dependent on 

the rotational speed,  𝑛, and the mechanical torque on the shaft, 𝑇𝑚. 

 𝑃𝑚 = 2 ∗ 𝜋 ∗ 𝑛 ∗ 𝑇𝑚   [𝑊] (4.2) 

                                                                  

IEC 60193 [2] describes two main methods of measuring the mechanical torque:  

1. “Bearing of rotating parts in balance” – Here, the friction torque due to guide bearing, 

thrust bearing and seals, 𝑇𝐿𝑚, is considered as inner torque taken into account by the system 

itself. The shaft torque, 𝑇, and friction torque, 𝑇𝐿𝑚, are measured as one: 𝑇𝑚 = 𝑇. 

2. “Bearing of rotating parts not in balance” - 𝑇 and 𝑇𝐿𝑚 are measured separately, and added 

for determination of total torque transmission.  

 𝑇𝑚 = 𝑇 + 𝑇𝐿𝑚   [𝑁𝑚𝑚] (4.3) 
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4.2 Force and torque measurement with strain gauges 

 

Strain gauges are used in numerous applications, and measurement of forces in hydro units is no 

exception.  

The strain gage is a sensing element, which measures strain based on the increase or decrease in 

resistance of the sensing element [24]. Strain is defined as fractional change in length after a force 

is applied [24].  

 
𝜖 =

∆𝐿

𝐿
 (4.4) 

 

The main idea is to measure the exerted force electronically, and convert it into an electrical signal. 

The simple installation, low maintenance requirements and long lifetime, make strain gage sensors 

an attractive method for measurement of stresses on a turbine shaft.  

In most applications, the strain, and the corresponding electric signal output of the gauges is too 

low to be perceived by the measuring equipment. Bridge configurations are utilized for the purpose 

of increasing the signal to readable magnitude by driving an input voltage over a set of resistors. 

The gauges are connected in either series or parallel, depending on the application. A common 

configuration is the Wheatstone bridge, illustrated in Figure 4.1 [25].  

 

 

 

 

 

 

Figure 4.1: Wheatstone bridge circuit [25] 
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The arrangement consists of four resistors connected in a quadratic formation. 𝑅1 and 𝑅2, along 

with 𝑅3 and 𝑅4 are connected in series, while  𝑅1 and 𝑅3, and 𝑅2 and 𝑅4 are connected in parallel. 

The arrangement is utilized for measurements of small strains. The slight change in one of the 

resistors is increased with two wires driving excitation voltage, and two other wires measuring the 

voltage difference. 𝑉𝑖𝑛 is the excitation voltage across the bridge, whilst the difference between 𝑉𝐴 

and 𝑉𝐵 determines the output voltage 𝑉𝑜𝑢𝑡. The small change in resistance is turned into voltage 

difference with an excitation value of 4. Equation (4.5) shows the voltage output for a Wheatstone 

bridge circuit [25].  

 𝑉𝑜𝑢𝑡

𝑉𝑖𝑛
=

𝑉𝐴 − 𝑉𝐵

𝑉𝑖𝑛
=

𝑅2

𝑅1 + 𝑅2
−

𝑅3

𝑅3 + 𝑅4
 (4.5) 

 

In addition to the excitation, the full bridge configuration also provides linear output exactly 

proportional to the applied force. In case of different material of the strain gauge and the measuring 

object, the measurements are exposed to errors if temperature variation is a factor. Different 

materials will expand at different temperatures, which disrupts the linear output. This is again an 

advantage of bridge configurations with more than 1 resistor, as the second resistor can be used to 

compensate for temperature variations. This compensation process requires correct positioning of 

the gauges, detailed in Chapter 6.4.  

An important parameter of strain gauges is the sensitivity. This parameter, expressed as Gage 

Factor (GF), is the sensing materials ability to react to small strains. 

 
𝐺𝐹 =

∆𝑅/𝑅

𝜖
  (4.6) 

 

The gage factor is the main parameter considered when differentiating between the strain gauges. 

Silicon piezoresistive gauges for example, have a significantly higher gage factor than metal-foil 

wire based elements, due to the higher strain sensitivity of silicon.  These high sensitivity 

measuring devices, known as semiconductors, depend on the piezoresistive effects of silicon, and 

are a preferred choice when measuring small strains. Similar to standard gauges, semiconductors 

measure the change in resistance with stress as opposed to strain.  
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Strain gauges are regularly used to measure strain and/or torque acting on a turbine shaft. For 

measurement of deflection in axial direction, four gauges are mounted perpendicular to the shaft 

axis, as illustrated in figure 5. Only two gauges are visible on the figure, gauge 3 and 4 are mounted 

180 degrees apart. Element 1 and 3 are similar in axial orientation, but located on each side of the 

shaft. Same goes for element 2 and 4, having same axial positioning, but a 180 degree offset in the 

radial direction.   

 

Figure 4.2: Strain gauge placement for measurement of axial deflection on a shaft 

  

Looking at Figure 4.2, the strain in shaft due to the axial force 𝐹 is measured with strain gauge 2. 

The placement of gauge 1, with a transverse orientation is done to compensate for possible 

temperature variations in the material. As the thermal outputs are equal in size and magnitude, the 

change in the corresponding resistances is doubled, increasing the errors of thermal expansion. As 

the gauge 1 and 2 are connected to the adjacent connection in the bridge circuit, shown in Figure 

4.2, these temperatures induced resistances will cancel each other out. 

Strain gauge 4, having same axial orientation as 2, is required due to the algebraic characteristics 

of the circuit relative to the resistance in each element. In case of a uniform axial force 𝐹 stretching 

the shaft, gage 1 and 2 would measure the same strain value. But due to the same adjacent 

connection in the bridge, these two strains will also cancel each other out, resulting in zero output. 

Instead, they are connected in opposite bridge arms, 1-3 and 2-4, adding the resistance and thus 

doubling the output.  

An important requirement when measuring stress and torque with strain gauges is that the sensors 

have to be placed at area of maximum occurrence. Measurements at less exposed areas are 

erroneous readings. Figure 4.3 shows the ideal orientation of strain gauges when measuring the 
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shaft torque. The transducers are placed 45° to the thrust axis, as the maximum tensile and 

compressive strain lie with an inclination of 45° to the shaft axis [24]. 

 

Figure 4.3 Strain gauge placement for measurement of torque on a shaft 

 

Exposed to pure torsion, the axial and radial stresses are of equal magnitude, and the difference 

between these two normal strains is the maximum shear strain measured at 45° to the shaft axis. A 

second gauge, 2, is introduced to double the output and compensate for possible bending or direct 

stresses. The reasoning behind elements 3 and 4 is the same as for measurement of normal stresses, 

to compensate for temperature variations, while maximizing the signal output.   

 

4.3 Uncertainty analysis 

Uncertainty analysis of the measurements is an important step in accurately estimating the 

hydraulic performance of a turbine. All measurements are to some degree exposed to errors, and 

this should be accounted for when estimating the uncertainty of the results. IEC 60193 [2] defines 

errors in the measured quantity as: “the difference between that measured and the true value of the 

quantity”. The uncertainty of the measurement is then defined as “the range within which the true 

value of a measured quantity can be expected to lie, with a suitable probability”. For IEC 60193, 

this probability is a 95 % confidence level. The relation between the uncertainty and error for 

measurement 𝑥, is given in Equation (4.7):  

 𝑓𝑥 =
𝑒𝑥

𝑥
 (4.7) 
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For combination of 𝑛 uncertainties, Equations (4.8) – (4.10) are utilized:  

 𝑓𝑥𝑛 = 𝑛 ⋅ 𝑓𝑥 (4.8) 

 
𝑓𝑥𝑦 = √𝑓𝑥

2 + 𝑓𝑦
2 (4.9) 

 
𝑓𝑥+𝑦 =

√𝑒𝑥
2 + 𝑒𝑦

2

𝑥 + 𝑦
 (4.10) 

 

4.3.1 Types of errors  

There is distinguished between three main sources of measurement errors [2]:  

Spurious errors 

Spurious errors deal with human errors and instrument malfunction. The usual source of these 

occasions is the incompetence, or lack of knowledge of the personnel.  In most cases, when this 

type of error is present, the data is disregarded, and the measurements have to be repeated.  

Random errors, 𝒆𝒓 

This is a result of a numerous unpredictable and independent factors that affect the measurements. 

For several measurements, the values will deviate from the mean and can be assumed to form a 

normal distribution.  One way of reducing the effect of random errors is to increase the sampling 

rate of the equipment. For smaller sampling rates, however, the uncertainty resulting from random 

errors will increase, due to the decreased sample data. According to IEC 60193 [2], this can be 

compensated for by using the Student’s 𝑡 factor. Equation (4.11) describes the random uncertainty 

of secondary instrument during a calibration. 𝑛 is the number of measurements, 𝑠𝑐 is the standard 

deviation and 𝑡 is Student’s factor. The standard deviation is in turn a function of the measurement 

value, 𝑥𝑖 and its mean value 𝑥𝑖, Equation (4.12).   

 
𝑓𝑑 = ±

𝑡𝑠𝑐

√𝑛
 (4.11) 

 

𝑠𝑐 = ±√
∑(𝑥̅ − 𝑥𝑖)2

𝑛 − 1
 (4.12) 
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Systematic errors, 𝒆𝒔 

Systematic errors describe factors concerning the equipment performance, environmental influence 

or other external sources of recurring error. The most common source of this type of error is the 

calibration process of secondary instrument, along with the physical properties. Unlike random and 

spurious errors, the repeatability of a measurement is not affected by systematic errors. Another 

beneficial characteristics of systematic errors is that they are statistically occurring, which means 

they can be compensated for if the deviation is known. If the error consists of several components, 

the total value is estimated with the root-sum-square method given in Equation (4.13).  

4.3.2. Total uncertainty  

Knowing the random and systematic errors present, the total relative uncertainty in any measured 

quantity is calculated using the root-sum-square method:  

 𝑓𝑡 = ±√𝑓𝑠
2 + 𝑓𝑟

2 (4.13) 

 

Whereas 𝑓𝑟 and 𝑓𝑠 are the uncertainties resulting from random and systematic errors respectively. 

Similar approach is used to determine the total random or systematic uncertainty of the hydraulic 

efficiency, by adding up the systematic and random error related uncertainties for all the measured 

quantities. For testing of a Francis model, this includes: discharge (𝑓𝐐)𝑠, specific energy (𝑓𝑬𝒔
)𝑠, 

torque (𝑓𝐓)𝑠, speed of rotation (𝑓𝐧)𝑠 and density of water (𝑓𝛒)𝑠.  

 
(𝑓𝐡ƞ)𝑠 = ±√(𝑓𝐐)𝑠

2 + (𝑓𝐸𝑠
)𝑠

2+(𝑓𝐓)𝑠
2+(𝑓𝐧)𝑠

2+(𝑓𝛒)𝑠
2 (4.14) 

 
(𝑓𝐡ƞ)𝑟 = ±√(𝑓𝐐)𝑟

2 + (𝑓𝐸𝑠
)𝑟

2+(𝑓𝐓)𝑟
2+(𝑓𝐧)𝑟

2+(𝑓𝛒)𝑟
2 (4.15) 

 

IEC 60193, section 3.6 [2] provides strict requirements to the allowable uncertainties. For 

measurement of friction torque using secondary method, the systematic uncertainty should be 

within:  

 𝑓𝑇𝐿𝑚,𝑠 = ± 0,02 to 0,05 % of 𝑇𝑚,𝑚𝑎𝑥 (4.16) 
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When it comes to random uncertainty, the standard states no clear limitations. It is suggested that 

an agreement between the parties prior to the measurements should be made specifying the 

maximum permissible value of 𝑓𝑇𝐿𝑚,𝑟. However, in absence of such, as reasonable limit is set to 

±0,1 near the optimum point.  

 

4.4 Hydraulic Axial Forces on the Francis Turbine Runner 

 

The following section includes calculation procedure of the hydraulic axial forces in a Francis 

turbine according to “Pumper & Turbiner” [5]. The necessary dimensional and operational data 

of the turbine are shown in Appendix F.  

 

Figure 4.4: Hydraulic axial forces on a Francis turbine [5] 
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 𝐹1 - Forces caused by the difference in diameter between hub and shroud at the inlet. 

 𝐹2 - Reaction forces caused by the axial components of inlet flow.  

 𝐹3 - Forces caused by the pressure in the draft tube.  

 𝐹4 - Reaction forces caused by the axial components of outlet flow  

 𝐹5 - Forces caused by pressure difference inside the upper labyrinth sealing  

 𝐹6 - Forces due to pressure difference outside the upper labyrinth sealing 

 𝐹7 - Forces due to pressure difference outside the lower labyrinth sealing 

 𝐹8 - Forces acting on the upper labyrinth sealing 

 𝐹9 - Forces acting on the lower labyrinth sealing 

The purpose of the calculation is to approximately estimate the hydraulic forces the turbine will 

experience during operation. It is important to note that the friction and gap losses are not included 

in the calculations. According to Brekke [5], the following procedure provides results with an 

accuracy of approximately 90 %.  

The forces are calculated based on the pressure at the inlet and outlet of the runner. The inlet 

pressure, given in meters of water column, is assumed to have a 50% reduction from the initial net 

head, 𝐻𝑛.  

 
ℎ1 = 𝐻𝑛 −

𝑐1
2

2𝑔
− 𝑙𝑜𝑠𝑠𝑒𝑠 ≈ 0.5 ⋅ 𝐻𝑛  [𝑚] (4.17) 

 

The outlet pressure, ℎ1, is estimated using Bernoulli equation between two points in the lower 

section of the system; runner outlet and free water surface of the surge pressure tank. In this case, 

two essential significations are necessary in order to estimate the outlet pressure:   

- Atmospheric pressure in the vessel 

- Zero velocity at the free water surface 

The inlet and outlet meridional velocities, 𝑐𝑚1 and 𝑐𝑚2, are given by Equations (4.18) and (4.19), 

with the assumption of constant and uniform flow at both sections of the turbine.  

𝑐𝑚1 =
𝑄

𝜋𝐷1𝐵1
   [

𝑚

𝑠
] (4.18)  𝑐𝑚2 =

4 ⋅ 𝑄 

𝜋𝐷2
2   [

𝑚

𝑠
] (4.19) 
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Where 𝑄 is the flow rate, 𝐵1 is the inlet height and 𝐷1 and 𝐷2 are the inlet and outlet diameters 

respectively. 

Further, the Bernoulli equation is used to calculate the pressure at the outlet of the turbine. 

 
ℎ2 = ℎ3 + 𝑧3 +

𝑣3
2 − 𝑣1

2

2 ∗ 𝑔
− 𝑧1  [𝑚] (4.20) 

 

Where ℎ3 is the atmospheric pressure in the surge tank. 

Additionally, the air supplying tap on the left side of upper labyrinth, is also considered to have 

atmospheric pressure. With these three pressure points known, the remaining relations are derived 

based on change in the diameter.  

The absolute velocity in the upper section of the turbine, between the cover and the runner, is 

assumed to be between 50% and 55% of the peripheral velocity in that section. Using the definition 

of peripheral velocity, Equation (4.21) is obtained: 

 𝑢 = 𝑟 ∗ 𝜔    &     𝑐𝑢 = 𝑘 ∗ 𝑢     →      𝑐𝑢 = 𝑘 ∗ 𝑟 ∗ 𝜔   [
𝑚

𝑠
]       (4.21) 

 𝑊ℎ𝑒𝑟𝑒   𝜔 =
𝜋 ∗ 𝑛

30
     𝑎𝑛𝑑   0.5 < 𝑘 < 0.55 (4.22) 

 

Using Newton’s second law for force balance on a fluid element, the following relation is obtained:  

 𝜕ℎ

𝜕𝑟
𝑑𝑟 =

𝑐𝑢
2

𝑔𝑟
𝑑𝑟      →      

𝜕ℎ

𝜕𝑟
=

𝑟 ∗ 𝑘2 ∗ 𝜔2

𝑔
  [−]  (4.23) 

Integrating equation (4.24) with respect to ℎ and 𝑟: 

 

∫ 𝑑ℎ =
𝜔2 ∗ 𝑘2

𝑔

ℎ𝑖

ℎ

∫ 𝑟𝑑𝑟    →     ℎ𝑖 − ℎ =
𝑘2 ∗ 𝜔2

2𝑔

𝑟𝑖

𝑟

(𝑟𝑖
2 − 𝑟2)   [𝑚] (4.24) 

 

This pressure relation can be applied to any point in the turbine where the pressure difference is 

only based on the change in diameter. This includes both inner and outer sections of the upper and 

lower labyrinths.   
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With all necessary pressure points mapped, the equations for the different forces are derived. The 

background for each derivation is the definition of force, pressure times area, with small adaptions 

to the individual case. The hydraulic axial forces can be divided in three sections:  

1. Pressure and reaction forces at the inlet and outlet (𝐹1, 𝐹2, 𝐹3 𝑎𝑛𝑑 𝐹4) 

2. Axial pressure forces between the cover and runner (𝐹5, 𝐹6 𝑎𝑛𝑑 𝐹7)  

3. Axial pressure forces in the labyrinth seals (𝐹8 𝑎𝑛𝑑 𝐹9) 

Pressure and reaction forces at the inlet and outlet  

Equation (4.26) describes the force due to the difference in diameter between hub and shroud at 

the inlet area.   

 
𝐹1 =

1

2
𝜌𝑔(ℎ11 + ℎ12)

𝜋

4
(𝐷12

2 ∗ 𝐷11
2 )  [𝑁] 

(4.25) 

 

Where  
1

2
𝜌𝑔(ℎ11 + ℎ12) is the approximated pressure distribution on the hub,  𝜌 is the density of 

water and 𝑔 is the standard gravity acceleration.  

 𝐹2 = 𝜌𝑄𝑐𝑚1𝑠𝑖𝑛𝜃   [𝑁] (4.26) 

 
𝐹3 = 𝜌𝑔ℎ2

𝜋𝐷2𝐿
2

4
   [𝑁]  (4.27) 

 𝐹4 = 𝜌𝑄𝑐𝑚2   [𝑁] (4.28) 

 

Axial pressure forces between the cover and runner 

Forces caused by pressure difference inside the upper labyrinth sealing can be found by integrating 

across the respective area: 

 

𝐹𝑖 = 𝜌𝑔 ∫ 2𝜋𝑟ℎ 𝑑𝑟 = 2𝜋𝜌𝑔 ∫ (ℎ𝑝 −
𝑘2𝜔2

2𝑔
(𝑟𝑝

2 − 𝑟2)) 𝑟 𝑑𝑟

𝑟𝑝

𝑟𝑖

𝑟𝑝

𝑟𝑖

 (4.29) 
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Rewritten and integrated:  

 

𝐹𝑖 = 2𝜋𝜌𝑔ℎ𝑝 ∫ 𝑟 𝑑𝑟 − 𝜌𝜋𝑘2

𝑟𝑝

𝑟𝑖

𝜔2𝑟1
2 ∫ 𝑟 𝑑𝑟 + 𝜋𝜌𝑘2𝜔2 ∫ 𝑟3 𝑑𝑟

𝑟𝑝

𝑟𝑖

𝑟𝑝

𝑟𝑖

 
(4.30) 

 
𝐹𝑖 = 𝜋𝜌𝑔ℎ𝑝(𝑟𝑝

2 − 𝑟𝑖
2) −

1

4
𝜌𝜋𝑘2𝜔2(2𝑟𝑝

4 − 2𝑟𝑝
2𝑟𝑖

2) −
1

4
𝜌𝜋𝑘2𝜔2(−𝑟𝑝

4 + 𝑟𝑖
4)  (4.31) 

 
𝐹5 = 𝐹𝑖 = 𝜌𝜋𝑔ℎ1(𝑟𝑝

2 − 𝑟𝑖
2) −

𝜌𝜋𝑘2𝜔2

4
(𝑟𝑝

2 − 𝑟𝑖
2)

2
   [𝑁] (4.32) 

 

Similarly, forces due to pressure difference outside the upper and lower labyrinths are derived by 

integration across an area: 

 
𝐹6 = 𝜌𝜋𝑔ℎ11(𝑟11

2 − 𝑟11𝐿
2 ) −

𝜌𝜋𝑘2𝜔2

4
(𝑟11

2 − 𝑟11𝐿
2 )2   [𝑁] (4.33) 

 
𝐹7 = 𝜌𝜋𝑔ℎ12(𝑟12

2 − 𝑟12𝐿
2 ) −

𝜌𝜋𝑘2𝜔2

4
(𝑟12

2 − 𝑟12𝐿
2 )2   [𝑁] (4.34) 

   

Axial pressure forces on the labyrinth seals 

Lastly, forces acting on the upper and lower labyrinth seals are given in Equations (4.35) and (4.36).  

 
𝐹8 =

𝜌𝑔(ℎ11𝐿 + ℎ𝑝)

2
⋅

𝜋(𝐷11𝐿
2 − 𝐷𝑝

2)

4
   [𝑁] 

(4.35) 

 
𝐹9 =

𝜌𝑔(ℎ12𝐿 + ℎ𝑠)

2
⋅

𝜋(𝐷12𝐿
2 − 𝐷2𝐿

2 )

4
   [𝑁] 

(4.36) 

 

The total axial forces acting on the turbine under operation are summed up in Equation (4.37):  

 𝐹𝑡𝑜𝑡 = 𝐹1 + 𝐹2 − 𝐹3 − 𝐹4 + 𝐹5 + 𝐹6 − 𝐹7 + 𝐹8 − 𝐹9   [𝑁] (4.37) 

 

The axial thrust forces for maximum operating condition is estimated to 8700 𝑁. A design load of 

10 𝑘𝑁 is used as the dimensioning load in further calculations. The details of the calculations can 

be viewed in the Matlab script provided in Appendix F.  
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Chapter 5  

Design, Waterpower Laboratory, NTNU 

 

 

This chapter covers the design work for the Francis turbine rig at NTNU. The main goal has been 

to suggest a setup that is reliable, simple in design and use, and satisfies the requirements of IEC 

60193 [2]. Low uncertainty in the measurements has also been a dimensioning factor of the task.  

The first section presents a setup for calibration of the axial thrust force measuring devices, along 

with basic stress analysis of the critical parts and an uncertainty estimation procedure.  

The second section of this chapter covers the design for the friction torque calibration and 

measurement setup. The design is a further development of the existing arrangement, with similar 

base structure, but with important changes to the measurement process.  

The systematic uncertainty of each setup is estimated along the way. The estimation is merely a 

theoretical description on how to perform the analysis, and what magnitude to expect the error to 

be within. True scale of the uncertainty that will be present is impossible to calculate without 

performing the actual measurements. Complete uncertainty analysis of the test rigs have been 

performed previously by the students and staff at the Waterpower Laboratory. Among them are 

Pål-Tore Storli [6], who did a complete model test of the Francis turbine, and Kyrre Reinertsen 

[13] performing uncertainty analysis of the Pelton test rig. When estimating the errors related to 

measurements, the value presented in [13] and [6] have been assumed for this project.  
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5.1 Axial load measurement and calibration setup 

 

As mentioned in section 3.1.5, the thrust loads are measured with help of pressure transducers 

located at various sections of the hydrostatic bearing. According to IEC 60193 [2], this is a direct 

type measurement, and a typical calibration procedure is the use of certified masses to apply force 

perpendicular to the impeller/runner.  

When designing a calibration setup, the simplicity of the procedure is essential. For obvious 

reasons, it is desirable to calibrate the pressure transducers without having to remove the bearing 

block from the shaft arrangement. Calibrating the load in positive axial direction (downwards) is a 

straightforward procedure, by applying the desired weight loads on a frame attached to the 

generator shaft. However, calibrating forces in the negative axial direction (upwards) requires some 

sort of conversion of the load direction. The limited available space above the turbine prevents 

solutions such as use of a pulley to redirect the weight loads. The design presented in this chapter 

takes advantage of lever principle, with a loaded beam rotating around a fixed point. The basic 

concept is presented in Figure 5.1. Positive load applied at point A is transferred to opposite 

direction at point B through a rolling support.  

 

Figure 5.1: Lever beam concept with rolling support. 

 

Idea for this design was developed after conversations with Professor Ole Gunnar Dahlhaug [31]. 

The arrangement consists of two steel frames attached to a beam with basic screw joints. The beam 

is in turn connected to the shaft at centre point, with an arrangement of adjustable length. Two 

single row ball bearings are used to reduce friction in the rotating support. The arrangement is 
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resting on a circular plate, fixed to the turbine housing with four hex bolts. A 3D representation of 

the design can be viewed in Figure 5.7.  

Detailed machine drawings of the consisting parts are provided in Appendix C.1. The existing 

calibration procedure provided in Appendix G.2 is still valid, with the only change being an 

additional implementation of the same process for forces in the upward direction.  

 

5.1.1 Safety factor of the threaded fasteners 

The present outer turbine housing contains four threaded holes centred around the shaft axis. It is 

suggested to utilize these connection points for fixing the calibration setup to the stationary frame. 

The summetrical holes are 14 𝑚𝑚 in diameter, located in a distance of 502,05 𝑚𝑚 relative to each 

other.  

 

 

The four threaded connections are supporting the total weight load and are the most critical part of 

the setup.  

The hole threads are for standard metric M14 bolts. Dimensioning factor is considered to be the 

yield strength of the unit, 𝜎𝑦. The dimensional values and calculation procedure as described in 

“Styrkeberegning: Skrueforbindelser” [32], is used when calculating the equivalent stress of a 

standard M14x1.5 metric bolt. Due to the off-centered location of the bearing support, the loads 

Figure 5.2: Turbine lower head cover of the 

Francis turbine at Waterpower Laboratory. 

Figure 5.3: Connection points 

of the calibration Setup 
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are asymmetrically distributed on the four bolts. The calculations are performed for the worst case 

scenario of a load of 10 kN acting on a single unit.   

 

The equivalent stress in the threads is a combination of tension and torsion.  

 
𝜎𝑒𝑞 = √𝜎𝑡

2 + 3 ∗ 𝜏𝑣
2 

(5.1|) 

 

Bending moment is neglected to simplify the calculations. The preload of the torsion component 

is equal to the axial load: 𝐹𝑖 = 𝐹𝑎 = 10000 𝑁.  

Component of tension: 

 
𝜎𝑡 =

𝐹𝑎

𝐴𝑡
 (5.2) 

Component of torsion:  

 
𝜏𝑣 =

𝐹𝑖 ⋅ 𝑡𝑎𝑛(𝜑 + 𝜀) ⋅ 0.5 𝑑𝑚

𝜋
16 𝑑𝑖

3
 

(5.3) 

 

A standard ISO profile of metric bolts is shown in Figure 5.4. 

 

Figure 5.4: Standard profile of ISO-threads [32]. 
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Following dimensions are obtained based on the data table of ISO metric threaded connections 

[32], and the dimension classes for M14x1.5 bolts according to NS 1873-ISO 724 [33].  

 

Table 5.1  M14x1.5 ISO metric bolt data, [32] and [33]. 

Property Notation Value Unit 

Major diameter 

Pitch diameter 

Minor diameter 

Pitch  

Friction coefficient  

Thread angle 

𝑑 

𝑑1 = 𝑑𝑖 

𝑑2 = 𝑑𝑚 

𝑃 

𝜇 

𝛼 

14 

12,376 

13,026 

1,5 

0,2 

30 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

− 

− 

 

𝐴𝑡 is the tensile stress area, given by Equation (5.4): 

 
𝐴𝑡 = (

𝑑2 + 𝑑1

2
)2

𝜋

4
≈ 125 𝑚𝑚2 (5.4) 

 

𝜀 and 𝜑 are the friction and thread dependent angles respectively. These angles, along with the 

axial force on the unit, are used to estimate the tangentialforce required to rotate a scew in frictional 

contact. The angles are calculated from trigonometrical relation of the threaded section as shown 

in Figure 5.4.  

 
𝑡𝑎𝑛 (𝜀) =

𝜇

𝑐𝑜𝑠 (𝛼)
        𝑎𝑛𝑑        𝑡𝑎𝑛 (𝜑) =

𝑃

𝜋 ∗ 𝑑𝑚
 (5.5) 

 

Solving Equation (5.5) for tension and torsion components of the total stress: 

𝜎𝑡 = 78,7 𝑀𝑃𝑎,   𝜏𝑣 = 47,2 𝑀𝑃𝑎 

Inserted in equation 5.1, this gives:  
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𝜎𝑒𝑞 = √𝜎𝑡

2 + 3 ∗ 𝜏𝑣
2 = 113,5 𝑀𝑃𝑎 (5.6) 

 

The safety factor, 𝑆𝐹, is determined based on the mechanical properties of the metric fastener, 

which are in turn given by the property designation class.   

 𝑆𝐹 =
𝜎𝑦

𝜎𝑒𝑞
   [−] (5.7) 

 

The property designation class of metric fasteners describes the tensile and yield strenghts of the 

material. As an example, a property class of 4.6 means tensile ultimate strenght (TUS) 400 MPa 

and tensile yield strenght of 0,6 times TUS; 𝜎𝑦 = 0.6 ∗ 400 = 240 𝑀𝑃𝑎. In general, for static load 

applications a safety factor of 2.5 to 3 is considered sufficient. Based on the calculation above, a 

property class of 5.8 or higher will provide a safety factor above 3.  

 

5.1.2 Stress Analysis in Ansys Mechanical 

Simple stress analysis are performed to verify the dimensions of the consisting parts. Structural 

steel with yield and tensile strengths of 250 and 460 𝑀𝑃𝑎 respectively is used in the study. The 

results are shown in Figures 5.5 and 5.6.  

 

Figure 5.5: Weight holder, Ansys analysis. 
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Figure 5.6: Circular plate, Ansys analysis 

 

Safety factor above 3 is observed for all consisting parts. According to the results, certain sections 

of the design are over dimensioned in terms of material thickness. This concern in particular the 

circular plate, with plenty room for optimization of the 30 𝑚𝑚 thick steel.  

3D representation of the axial force calibration setup is shown in Figure 5.7 and 5.8.  

 

Figure 5.7: 3D representation of the axial force calibration setup. 
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Figure 5.8: 3D representation of the calibration setup, the thrust block and the turbine housing. 



47 
 

5.1.3 Uncertainty analysis 

As the calibration setup was not manufactured, the total uncertainty of the procedure is difficult to 

map. It is, however, possible to estimate the level of systematic uncertainty, by individually 

considering the contributing factors. The uncertainty  (𝑓𝐹𝑎
)𝑠 is given as the sum of:  

- Uncertainty in calibration weights, 𝑓𝑊1
 

- Regression error, 𝑓𝑟𝑒𝑔 

- Uncertainty due to the weight contribution of the setup, 𝑓𝑊2
  

- Uncertainty caused by the friction in roller bearing, 𝑓𝑓  

The total systematic uncertainty is given by equation (5.8): 

 
(𝑓𝐹𝑎

)𝑠 = ±√(𝑓𝑊1
)

2
+ (𝑓𝑟𝑒𝑔)

2
+ (𝑓𝑊2

)
2

+ (𝑓𝑓)
2

  
(5.8) 

 

Equation (5.8) expresses the relative systematic uncertainty, whereas the absolute value can be 

obtained by multiplying the equation with the quantity of interest: 

 

 
(𝑒𝐹𝐴

)𝑠 = ±𝐹𝐴√(𝑓𝑊1
)

2
+ (𝑓𝑟𝑒𝑔)

2
+ (𝑓𝑊2

)
2

+ (𝑓𝑓)
2

  
(5.9) 

 

The calibration weights are known to contain small error, which was estimated by Storli [6] to 75 

grams for each weight.  

The regression error is a result of the uncertainty in measured points, and the utilized method for 

point fitting along the regression line. This error is strictly limited to the uncertainty of each 

measured value, and can only be estimated after the calibration process. IEC 60193 section 

3.9.2.2.2 [2] states that although the regression error can be evaluated in accordance with ISO 7066, 

a conventional value of ±0,05 % can be assumed. 

As the calibration setup is fixed to the turbine housing, the weight contribution to the axial force 

measurement will be marginal. The similar design of the two steel frames is also contributing to 

equalizing the loads on each side of the bearing support. The off-centred location of the support 
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however, will result in a slight error if not compensated for. With no loads applied, the difference 

in weight balance will tip one section of the beam with force 𝐹3, as illustrated in Figure 5.9.  

 

Figure 5.9: Forces acting on the freely supported beam 

 

With the lengths and masses of beam structure knows, 𝐹3 is calculated by applying moment balance 

on the beam.  

 
𝐹3 =

𝐹1𝐿1 − 𝐹2𝐿2

𝐿3
=

𝐹(𝐿1 − 𝐿2)

𝐿3
   [𝑁] 

(5.10) 

 

The design load acting on distance 𝐿1 from the support, exerts a torque on the bearings equalling:  

 𝑇 = 𝐹1 ⋅ 𝐿1 (5.11) 

 

The friction forces counteracting this torque is another source of uncertainty. Anti-friction ball 

bearings are used specifically for the purpose of reducing this effect. The moment is estimated 

using the SKF model [10], detailed in Appendix B.2.  

Total relative systematic uncertainty of the axial force calibration setup is calculated in Appendix 

A. The results are presented in Table 5.2.  
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Table 5.2: Systematic uncertainties of the axial force calibration setup. 

Uncertainty Notation Value [%] 

Calibration weights 

Regression 

Weight of the setup 

Friction in bearings 

𝑓𝑊1
 

𝑓𝑟𝑒𝑔 

𝑓𝑊2
 

𝑓𝑓 

0,01061 

0,05 

0,0025 

0,011 

 

Inserted into equation 10, this gives: 

 (𝑓𝐹𝑎
)𝑠 = ±√0,010612 + 0,052 + 0,00252 + 0,0112 = 0,0523 % (5.12) 

 

In addition to the systematic uncertainties listed above, the random error has to be accounted for 

as well, given by Equation (5.13): 

 
𝑓𝑑 = ±

𝑡𝑠𝑐

√𝑛
 

(5.13) 

 

Where 𝑛 is the number of measurements, 𝑠𝑐 is the standard deviation and t is Student’s factor. 

It is worth noting that both random and systematic uncertainties will vary for each measurement, 

and can be mapped accurately only after completion of the tests. 0,0523 % is a rough estimation, 

but it provides an idea of the scale the systematic uncertainty will represent.  
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5.2 Design of the frictional torque measurement and 

calibration setup 

 

The friction torque is measured as before, with the arrangement described in Chapter 3.1.4. An arm 

is attached to the swinging frame, moving in line with the frictional forces of the hydrostatic 

bearing. This arm is in turn in contact with a load cell, which senses the movement and converts it 

to a voltage output.  

As described in section 3.1.2, the membrane located inside the bearing block is in tension during 

the operation of the turbine, resulting in false reading of the load transducer. According to IEC 

60193 section 3.6.4.5 [2], if the sealing is made by the means of friction or membrane seals, these 

should be calibrated. How much moment the membrane exerts on the load cell is unknown. Based 

on the characteristics of friction it can be assumed to have an increasing moment as the speed of 

the shaft is increasing.  

The following friction torque measurement setup is designed to counteract the moment caused by 

the membrane. Main components of the setup are a straight beam, roller bearing, load cell, and two 

weight loads of 2 kilograms each. Due to time constraint and available lab personnel, the parts were 

not manufactured during this thesis.  

 

The design utilizes the concept of weight balance, illustrated in Figure 5.10.  

 

Figure 5.10: Weight balancing concept of the friction torque measurement setup. 
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When in perfect balance, 𝐿1 = 𝐿2, the beam exerts no forces on the sensing element. The torque is 

equal on both sides of the resting point.  

 𝑇1 = 𝑇2 (5.13) 

 𝑊𝐿1𝑔 = 𝑊𝐿2𝑔 (5.14) 

 

As the roller bearing is moved to one of the sides the beam loses its equilibrium proportionally to 

the movement. The load cell is then exerted to the differential torque, ∆𝑇, defined in equation 

(5.15): 

 ∆𝑇 = √(𝑇1 − 𝑇2)2 (5.15) 

 

High frictional contact between the roller bearing and the contact surface of the beam is required 

to avoid slip errors during operation. It is suggested to use a material combination that provides 

high frictional coefficient. Two aluminium surfaces are preferable, as the coefficient of friction 

between these two faces can reach up to 1.35 for dry surfaces. An electric motor is used to regulate 

the horizontal movement of the bearing support. The motor is a stepper type, which means the 

rotation of the shaft can be controlled in movement of selected degrees. Rather than making a whole 

spin, the rotation is divided in small parts. For normal, full step motors, this mean a movement of 

1,8 degrees, which equals 200 steps for a full rotation. An apparent requirement is to convert the 

rotational motion of the motor shaft into linear motion. This type of mechanisms can be found in 

various types of engineering solutions. The original idea was to use rack and pinion concept. A 

gear rack resting on a pinion, moving in the same direction as the rotating shaft. The concept is 

illustrated in Figure 5.11. The idea was, however, disregarded at an early stage due to the 

uncertainties linked to gearing mechanism.  



52 
 

 

 

Other practical solutions that do not include gearing arrangements are available as well. As the 

repeatability and accuracy of the drive is essential in this case, a roller screw based solution is 

chosen. The concept is simple, cost efficient, and the high precision positioning and increased load 

capacity makes it ideal for current application. The concept, illustrated in Figure 5.12, consist of a 

linear stepper motor with integrated screw mechanism for linear to rotary motion conversion. A 

lead screw is rotating with motor shaft, providing the slide block with horizontal movement. The 

block is operated through guiding rails, and available length of the linear motion can be adjusted 

by extending/reducing the lead screw.  

 

Figure 5.12: Schematic representation of the motorized linear actuator 

The unit is provided by Thomson Linear Motion [35]. The dc motor is a ML11 type, with technical 

data given in Appendix E. A stroke length of 100 mm, with minimum step length of 0,05 mm, is 

provided by the driving mechanism. The motor operates at steps of 1,8 degree with 95 % accuracy. 

Figure 5.11: Rack and pinion concept for conversion of rotary motion to linear motion 
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Using Equation (5.16), the minimum torque exerted on the load cell by the balancing beam can be 

determined. A 0,05 𝑚𝑚 change in lengths 𝐿1 and 𝐿2 results in 1,962 𝑁𝑚𝑚 torque. Adding the 

uncertainty span of ±5 %, the minimum friction torque that can be provided to counteract the 

frictional forces of the membrane is found:  

 𝑇 = 1,962 ± 0,0981 𝑁𝑚𝑚 (5.16) 

 

Similarly, the maximum stroke of 100 mm, meaning 50 mm change in 𝐿1 and 𝐿2, gives the 

maximum torque available:  

 𝑇 = 1962 ± 98,1 𝑁𝑚𝑚 (5.17) 

 

The weight blocks are designed with threaded connections, to make it possible to change the 

weights if higher or lower torque values are required. This also simplifies the calibration process, 

where the blocks are replaced with a steel frame that can hold the certified calibration weights. The 

existing calibration process for friction torque measuring equipment is used for the setup, with 

detailed procedure provided in Appendix G.1.  
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Figure 5.13: 3D model of the friction torque measurement setup. 

 

 

Figure 5.14: 3D model of the friction torque calibration setup. 
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5.2.1 Uncertainty analysis  

For calibration of the existing friction torque measurement setup at NTNU, the relative systematic 

error is found as the sum of the individual uncertainties of the calibration arm, 𝑓𝑎𝑟𝑚, calibration 

weights, 𝑓𝑊, and the regression error, 𝑓𝑟𝑒𝑔. In addition to these, the new design introduces a fourth 

source of uncertainty, 𝑓𝑚, that expresses the accuracy of the electric motor and the associating 

equipment.  

 
(𝑓𝑇𝐿𝑚

)𝑠 = ±√(𝑓𝑊)2 + (𝑓𝑎𝑟𝑚)2 + (𝑓𝑟𝑒𝑔)
2

+ (𝑓𝑚)2  
(5.18) 

 

With a corresponding absolute uncertainty:  

 
(𝑒𝑇𝐿𝑚

)𝑠 = ±𝑇𝐿𝑚√(𝑓𝑊)2 + (𝑓𝑎𝑟𝑚)2 + (𝑓𝑟𝑒𝑔)
2

+ (𝑓𝑚)2  
(5.19) 

 

Reinertsen [6] used the same calibration weights in his analysis of the friction torque measurement 

procedure of the Pelton test rig, and uncertainty was found to 0,11 %.  

The uncertainty related to calibration arm is originating from the errors in measurements of the 

consisting lengths. Storli [6] estimated this value to 0,00437 %.  

Referring to IEC 60193 section 3.9.2.2.2, the uncertainty caused by the regression process is 

assumed to 0,05 %.  

The motor accuracy is affected by several factors. Friction forces between the mechanical 

components such as the lead screw and linkages is one of them. The loss in friction affects directly 

the torque and power transmitted by the motor. The components also contain design errors, such 

as tolerance requirements. The total combined error of the motorized unit is given to 5% in the data 

sheets. In order to estimate the resulting uncertainty 𝑓𝑚, it is necessary to know how much torque 

the membrane exerts on the load cell. As this step was not performed during the project, the 

uncertainty related to the motor motion is unknown.  
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Chapter 6  
 

Design, Turbine Testing Laboratory, KU 
 

 

This Chapter covers the design aspects of the shaft and bearing block for the Turbine Testing 

Laboratory. The objective has been to suggest a solution that is simple and cost efficient, while 

satisfying the operational requirements of the turbine, as well as the requirements of the 

international IEC 60193 [2] standard. The preliminary sections of this chapter cover the selection 

of bearings, bearing accessories and couplings. The second part includes the suggested methods 

for measurement and calibration of friction torque and axial force for the Francis turbine at TTL.  

The existing drawing of the Francis test rig, along with a presumed design of the remaining 

components were provided by Biraj Singh. In order to comply with the measurement setups, some 

changes have been imposed to the shaft and bearing components. A complete 3D model of the 

Francis turbine test rig at TTL is provided in Appendix H.  

 

6.1 Shaft coupling 

 

Hard, preferably heat treated, structural steel is the suggested material for shaft design. For smaller 

turbines, a consistent shaft can be used, with the generator rotor and turbine runner connected at 

each end. This is, however, not desirable as it exposes the shaft to extension and compression as 

the axial forces in the turbine increase. The radial loads on the essential components of the 

machinery will also increase, as there is no elastic motion in the connecting parts to absorb it.  

A flanged connection is suggested for connecting the generator and turbine shafts. The strength of 

the material used in flanged connection is necessarily lower than the shaft material, to avoid the 

distortion of the shaft caused by the axial and radial loads of the system. This way, the turbine and 

generator can be considered as two separate parts when designing the axial force and shaft torque 

measurement setups. With use of proper bearing units, absorbing the axial and radial loads on the 
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shaft unit, the shaft connection should consist of a flexible coupling with enough elasticity to resist 

the distorting stress forces.  

 

6.2 Bearings and bearing accessories  

 

During the operation, the turbine components are constantly exposed to high loads in both axial 

and radial directions. These loads propagate from the rotating shaft and into the stationary parts of 

the turbine. As the connection point between the rotating and stationary parts, the correct selection 

of bearing is essential. The suggestions and guidelines for bearing selection by the Swedish ball 

bearing company [10], are utilized when choosing the thrust and guide bearings.  

The dimensioning data is given in Table 6.1. The maximum generator speed and design thrust load 

are based on the performance data of Francis test rig at NTNU.  

The radial forces of the turbine are unknown. According to IEC 60193 [2] they are determined by 

measuring one of the following quantities:  

- Reaction forces in the shaft bearings 

- Supporting forces of the bearing block 

- Deflection of the shaft 

- Multidirectional strain measurement of the turbine shaft 

The shaft at the waterpower laboratory at NTNU is 90 mm at its largest, with decreasing diameter 

towards the coupling. This design is slightly modified, to fit the current application. The machine 

drawings of the Turbine Testing Laboratory show a shaft diameter of 50 mm on Francis rig. This 

has been used in further design.  
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Table 6.1 Dimensioning data for the Francis turbine at TTL. 

Property Notation Value Unit 

Max. generator speed 

Axial loads 

Radial loads 

Shaft Diameter 

𝑛𝑚𝑎𝑥 

𝐹𝑎 

𝐹𝑟 

𝐷 

1500 

10000 

− 

50 

𝑟𝑝𝑚 

𝑁 

− 

𝑚𝑚 

 

There are four bearings assigned for the rotating components. The generator has upper and lower 

guide bearings, with a task of taking up the radial loads and keeping the generator shaft aligned. 

The lower bearing is also supporting the axial loads, including the weight of the rotating parts of 

the generator. Due to the time constraint and relevance to the thesis, the selection of generator 

bearings is not included in this project.  

For turbine shaft, a bearing house with two rotating elements is used. A thrust bearing is located 

closest to the turbine, resting on a flat, annular plate. The axial forces exerted on this bearing are 

transferred through the surface of the bearing block, and down into the flat plate. The idea is to 

measure these forces based on the deflection of the annular plate. The process is detailed in section 

6.3.  

The upper section of the bearing block is kept aligned with a second bearing, which is mainly 

guiding the shaft in radial direction.  

Following factors were considered for proper selection of turbine shaft bearings: 

Size limitations 

There are no given size limitations restraining the axial or radial dimensions of the bearing. The 

only consideration is the bore diameter, as it is determined by the shaft size.  

Loads 

As the lifetime of the bearing is mainly dependent on the loading conditions of the turbine, this is 

a dimensioning aspect of the selection procedure. This also includes entrainment of the shaft 

against axial and radial displacements. For ball and roller bearings, minimum radial loads is also a 
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requirement, as the inertia forces of the bearing unit as well as the friction in lubricant may cause 

damaging slide movement if the forces are too low [10].  

Friction 

Friction in bearings directly contribute to reduced efficiency. It is, therefore, desirable with as little 

friction as possible.  

Seals 

Use of lubricants is an effective way of reducing friction in bearings. As a result, sealing solutions 

are required. In addition to keeping the lubricant in, the seals also keep the contaminants out, which 

is another contribution to lower friction losses.   

Misalignment  

Misalignment is a common occurrence in hydro turbines, and has to be considered when selecting 

bearings. Even if the shaft is perfectly aligned with the housing when installed, the unit will still 

deflect when radial loads are applied. Self-aligning bearings are available for such application. 

Precision 

There are no significant precision requirements for current application.   

Speed 

Due to the frictional heat generation, the bearings usually have a limitation on operating 

temperature, and thus a maximum permissible speed. For current case, it is important that the 

bearing can manage the maximum rotational speed of the generator. 

Stiffness 

Stiffness defines the scale of elastic deformation of bearing elements. It has previously been shown 

that a higher stiffness of the bearing, or preloading, which gives the same effects, reduces the shaft 

vibration and bearing metal temperature [22]. Stiffness of the material has been considered when 

selecting the bearing.  

Quiet running 

There are no design requirements of quiet running of the bearing.  
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The bearing housing will be exposed to high axial thrust forces, and a stable and rigid connection 

is essential. The bearings are to be lubricated and sealed, in order to reduce the costs of having an 

external lubrication system. The loads in axial direction are exerted on the upper bearing, through 

the housing and into the cylindrical flat plate. A double row angular contact ball bearing is chosen 

for this section. The bearing is simple in design, has low maintenance necessities and fits the current 

application in terms of the requirements listed above. In addition to forces in radial and axial 

directions, the bearing also accommodates tilting moments, due to its stiff arrangements [10].  

Theoretical calculations prove long lifetime, good performance characteristics and low frictional 

moment. The results are given in Table 6.2. It is worth noting that these values are based on 

simplified calculation, only meant for rough estimation of the bearing characteristics. As stated in 

the theory Chapter 2.3, accurate calculations would require complex computational analysis of the 

bearing units, which is beyond the scope of this thesis. The description of the SKF estimation model 

is provided in Appendix B.2.  

 

Table 6.2: Turbine thrust bearing data. 

Property Notation Value Unit 

Total frictional moment 

Starting Torque 

Power loss 

Bearing life 

Limiting speed 

𝑀𝑡𝑜𝑡 

𝑀𝑠𝑡𝑎𝑟𝑡 

𝑁𝑟 

𝐿10𝑚 

𝑛𝑚𝑎𝑥 

1321.9 

1687.1 

210 

19800 

6000 

𝑁𝑚𝑚 

𝑁𝑚𝑚 

𝑊 

ℎ𝑜𝑢𝑟𝑠 

𝑟𝑝𝑚 

 

For lower section of the turbine shaft, a single row, deep groove ball bearing is chosen. The unit is 

only supporting the shaft alignment in the radial direction, and is not exposed to any prominent 

forces. A simple and cost efficient design has been the main purpose of this selection. Similar 

calculations are applied for this bearing unit, and resulting data is given in Table 4.  
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Table 6.3: Turbine radial bearing data. 

Property Notation Value Unit 

Total frictional moment 

Starting Torque 

Power loss 

Bearing life 

Limiting speed 

𝑀𝑡𝑜𝑡 

𝑀𝑠𝑡𝑎𝑟𝑡 

𝑁𝑟 

𝐿10𝑚 

𝑛𝑚𝑎𝑥 

492,4 

444,7 

93 

> 105 

4300 

𝑁𝑚𝑚 

𝑁𝑚𝑚 

𝑊 

ℎ𝑜𝑢𝑟𝑠 

𝑟𝑝𝑚 

 

The theory behind the calculation model used for selection of the bearings is described in Appendix 

B.2. 

 

6.3 Axial loads measurement setup 

 

It is suggested to measure the axial forces using silicon strain gauges. These semiconductors are 

preferred over metal wire based gauges due to the accuracy, sensitivity to strain and fatigue life. 

The full comparison of the gauges is provided in Appendix D.2.  

Both the static and dynamic axial loads of the turbine are transmitted through the thrust bearing 

and into the bearing house. According to the specification data of the semiconductors [25], gage 

factors up to 3000 are available. In theory, the gauges could be mounted on the bearing house, or 

even the shaft, and still measure low strains with high accuracy. The fatigue life of silicon gauges 

is infinite for load application below 500 strain. The bearings, however, require regular 

maintenance in terms of either lubrication or replacement of the units. It is therefore desirable to 

have a separate section for measurement of thrust forces, independent of the bearing accessories.  

A circular flat plate with centred hole is used to support the bearing block, absorbing the axial 

forces of the turbine. The plate, shown in yellow in Figure 6.1, is mounted to the stationary frame 

with eight bolts. The red lines indicate placement of the gauges.  
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Figure 6.1: Annular plate design with four strain gauges. 

Four silicon semiconductors of type C, with gage factor 100 and a resistance of 120 𝛺, are used to 

measure the strain [25]. A full bridge configuration is utilized to ensure maximum signal output 

and compensation for bending stresses and temperature variations. The equipment is provided by 

the same vendor to avoid deviation in gage properties. Sensing ability of C-type semiconductors is 

given to a minimum and maximum strain values of 10 and 1000 respectively. A fellow master 

student at the Waterpower Laboratory, Einar Agnalt, used semiconductors for his measurements 

on the turbine runner, and solid performance, with low noise affection and data measured down to 

2 microstrains was observed for the sensors. The characteristic data of the semiconductors along 

with comparison of metal wire based and silicon based strain gauges is provided in Appendix D.  

By reducing the thickness towards the centre, the maximum stresses are ensured to occur at the 

thickness transition area, proportionally to the applied force. The plate is manufactured from 

stainless steel. Dimensions of the annular plate are based on the gauge measuring sensitivity of 

semiconductors, as well as the safety factor against yielding and buckling. The values are verified 

with theoretical calculations and computational stress analysis in Ansys Mechanical.  

 

6.3.1 Stress and strain the annular flat plate 

The following calculations are based on the theoretical equations presented in “Roark’s Formulas 

for Stress and Strain” [30], in combination with “Konstruksjonsmekanikk” [31].  The procedure 

assumes homogenous isentropic material, and the acting forces are normal to the plane of the plate. 

The dimensions of the annular plate are designed to withstand the maximum load of 20 𝑘𝑁, while 

providing enough deflection to measure the lowest strain that will occur. The lowest loading 

condition is the static load of the turbine, which is equal to the weight of the components supported 
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by the deflecting plate. After consultation with the staff at Waterpower Laboratory, the static 

weight of turbine is estimated to 350 𝑘𝑔, which results in a minimum design load of approximately 

3500 𝑁. 

 

Figure 6.2: Schematic drawing of the annular plate. 

 

In addition to the diameters shown in Figure 6.2, the effective diameter is utilized in the equations. 

This is the area of the plate at which the load is acting, in this case the contact area of the bearing 

block and the annular plate. The effective diameter is measured to 𝐷𝑒 = 207 𝑚𝑚, with a  

corresponding radius of 𝑟𝑒 = 103,5 𝑚𝑚. The thickness in this section, and thus used as critical 

area in the calculations, is given as 𝑡2 in Figure 6.2.  

The maximum stress and deflection of an annular flat plate exposed to a uniform load 𝑞 is given 

by Equations (6.1) and (6.2):  

 
𝑦𝑏 = −

𝑞𝑟𝑒
2

𝐷
(
𝐶1𝐿14

𝐶4
− 𝐿11) (6.1) 
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𝜎𝑚𝑎𝑥 =

6𝑀𝑚𝑎𝑥

𝑡𝑒
2

 (6.2) 

   

Where 𝐷, 𝐶1 and 𝐶4 are the plate constants, while 𝐿11 and 𝐿14 are loading constants dependent on 

the ratio of effective radius divided by the inner radius, 𝑟𝑒/𝑟𝑖. The stress exerted on the annular 

plate is a function of maximum moment 𝑀𝑚𝑎𝑥, and effective plate thickness 𝑡𝑒. With stress unit 

available, the corresponding strain is calculated using Equation (6.3):  

 𝜀𝑚𝑎𝑥 =
𝜎𝑚𝑎𝑥

𝐸
 

(6.3) 

 

Type 304 stainless steel is used for the annular plate. The strain gauges are limited to a measuring 

range of 10 to 1000 microstrains. The calculated maximum and minimum strains are given in 

Table 6.4. Full calculation procedure is provided in Appendix B.1.  

Table 6.4: Calculated results for the annular plate exposed to axial loads. 

 𝐹𝑚𝑎𝑥 𝐹𝑚𝑖𝑛 Unit 

Deflection [𝑦] 

Stress [𝜎] 

Strain [𝜀] 

Safety Factor [SF] 

0,15 

99,2 

514 

2,1 

0,027 

17,4 

90 

𝑆𝐹 > 15 

𝑚𝑚 

𝑀𝑃𝑎 

𝜇𝑠𝑡𝑟𝑎𝑖𝑛 

− 

 

The results of theoretical calculations will vary from the real values, due to assumptions and 

simplifications mentioned in the introduction to this section. Another source of error is the assumed 

Poisson’s ratio of 0,3, which is rather closer to 0,29 for stainless steel 304 used in this design. The 

calculations are therefore verified with computational stress analysis prior to manufacturing the 

annular plate.  
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6.3.2 Stress analysis  

The stress analysis are performed in Ansys Mechanical. The results are shown in Figure 6.3 and 

6.4, and listed in Table 6.5.    

 

 

 

  

 

 

 

  

Figure 6.3a) to 6.3d): Analysis for Fmax, Ansys Mechanical 

 

Figure 6.4a) to 6.4c) Analysis for 𝐹𝑚𝑖𝑛, Ansys Mechanical. 
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Table 6.5: Results for the annular plate exposed to axial loads, Ansys analysis. 

 

The results show slightly lower stress and strain in comparison to the theoretical values. The plate 

dimensions are either way sufficient, in terms of both safety against yield and tensile, and sensing 

range of the strain gauges. The design also assures deflection below 500 micro-strain for maximum 

loading condition, which satisfies the fatigue life limit for infinite operation of the semiconductor 

gauges.   

 

6.3.3 Installation procedure    

Measurements including strain gauges require cautious handling of the equipment. The gauges are 

highly sensitive, and a step by step procedure is provided to ensure correct mounting. The necessary 

equipment for strain gauge mounting is provided by the gauge manufacturer, but can also be found 

in most laboratory facilities.  

1. Prepare the surface of the plate 

Clean the surface of the flat plate where the gauges are to be mounted. This includes removal of 

grease, dirt, rust etc. Depending on the condition of the plate, this step might require emery cloth, 

fine and course sand paper or a degreaser. When the shaft is cleaned for rust and dirt, rinse the 

surface with cleaning fluid, preferably an acid based conditioner to dissolve the remaining grime. 

Lastly, carefully clean the area with gauze pads.  

2. Prepare the gauges for mounting  

The gauges come in small encapsulations, protected from environmental influence. Take the 

sensors out and place them on the plate surface, with the bonding side down. Use of tweezers is 

 𝐹𝑚𝑎𝑥 𝐹𝑚𝑖𝑛 Unit 

Deflection [𝑦] 

Stress [𝜎] 

Strain [𝜀] 

Safety Factor [SF] 

0,15 

70,6 

367 

3 

0,025 

11,76 

61,2 

𝑆𝐹 > 15 

𝑚𝑚 

𝑀𝑃𝑎 

𝜇𝑠𝑡𝑟𝑎𝑖𝑛 

− 
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recommended when handling the gauges. Add a small piece of tape on top of the gauges, which 

will make it easier to align the elements in the correct orientation.  

3. Position the gauges on the shaft 

Top view of the flat plate is shown in Figure 6.5, with the axis indicating correct positioning of the 

gauges. Place two semiconductors facing towards the center of the plate, with equal distance 𝑅 

from the shaft axis. As mentioned in Chapter 6.3, the maximum deflection will occur at the 

transition zone, where the thickness reduces from 20 to 10 mm. The sensors are to be placed as 

close to this section as possible. Two other elements are mounted with similar orientation on the 

other side of the plate. Use an angle measuring tool to ensure correct positioning. Any misalignment 

will expose the gauges to either tension or compression, resulting in additional forces in the 

measurement readings.  

 

 

 

4. Glue the gauges to the shaft 

When the orientation is in place, glue the sensors to the flat plate and apply pressure on top. 

Depending on the glue, this might take 3-5 minutes. Using a piece of tape as mentioned in step two 

will help to keep the gauges correctly oriented while gluing the bottom.  As the glue sets, carefully 

remove the tape from the gauges.  

Figure 6.5 Orientation of the strain gauges 
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The four gauges are to be connected in a full bridge configuration as illustrated in Figure 6.6. 

Unlike quarter or half bridge configurations, where the output is approximately linear, the full 

bridge will provide an output directly proportional to the applied force.  

 

Figure 6.6: Full bridge configuration of the strain gauges. 

Strain gauge 1 and 3 are located on top as shown in Figure 6.6, while 2 and 4 are on the opposite 

side, with similar location and orientation. When the plate is exposed to axial force, element 1 and 

3 are in tension, while 2 and 4 are in compression. Gauge 2 and 4 will compensate for temperature 

variations in gauge 1 and 3 respectively. Due to the opposite sign of these gauges, the bridge output 

will be doubled for each pair.  

 

6.3.4 Calibration Procedure 

The suggested measurement setup is a secondary method according to IEC 60193 [2], and requires 

calibration by the primary method. Same calibration setup as for the Francis turbine rig at NTNU 

is to suggested for TTL. The design is detailed in Chapter 5.1. Uncertainty analysis are performed 

as described in Chapter 5.1.3, with the systematic part consisting of uncertainty in calibration 

weights, weight of the beam, friction in roller bearing and regression error, and the random part 

determined by the equipment and procedure.  
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6.4 Torque measurement 

 

There are different ways of measuring torque on a turbine shaft, some of which already have been 

reviewed in previous chapters. Four effective methods of measuring the generator torque are 

presented in this section. Most of the solutions are strain gauge based, with data transmission by 

either direct contact or wirelessly. The measurement of frictional torque in bearings is covered in 

section 6.4.5. 

 

6.4.1 Hydrostatic bearing 

A hydrostatic bearing is used to support the generator. An arm is connected to the swinging frame 

of the generator, transferring the radial forces to a load cell. This is a primary method described in 

IEC 60193 as “bearing of rotating parts not in balance” [2]. The measurement is independent of 

the turbine bearing parts, and torque is determined for generator only. This solution exists for the 

Francis turbine test rig at NTNU.  

 

6.4.2 Slip rings 

The torque is measured with a strain gauge based sensor mounted to the shaft. The signal is sent to 

the stationary receiver through a set of conductive slip rings attached to the coupling.  The rings 

are in constant contact with a series of brushes, transferring the signal from rotating to stationary 

parts of the system. Slip rings provide an economical solution, with only drawback being the wear 

of the elements in mechanical contact. This method is well suited for laboratory applications, but 

not recommended for continuous operation. This is also a primary method of “bearing of rotating 

parts not in balance” [2]. 

 

6.4.3 Torque meter 

This strain gauge based torque measuring device is more expensive than slip rings, but provide 

high accuracy, load capacity and stiffness when in use. The solution is similar to slip rings, but 

instead of direct contact between the parts, the power is transmitted to the shaft transducer through 
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a rotary transformer. The power supplies the torque measuring device, and converts the signal into 

a digital output. Infrared light is used to transmit the digitized signal to the stationary receiver. The 

unit is also mounted on shaft coupling, and has integrated option for rotational speed measurement. 

The torque meter is space efficient, and with no bearings or slip rings giving mechanical contact, 

no maintenance is required. Similar solution of “bearing of rotating parts not in balance” [2] exists 

for the Pelton turbine test rig at NTNU.  

 

6.4.4 Strain gauges with telemetry system 

The high sensitivity of the silicon strain gauges makes it possible to measure the shaft torsion by 

direct application. With standard metal wire gauges, the general guideline is that torque must 

induce at least 100 micro-strain in order for the gauges to sense this motion. Semiconductors can 

measure same property down to 1-2 micro-strain. The low sensibility to noise of semiconductors 

is another advantage, as the noise often becomes a challenge at high speeds. The gauges are 

mounted on the shaft closest to the turbine. Utilizing the principle described in chapter 4.2, with 

sensors oriented with 45° angle to the shaft axis, the torque of the turbine is determined. 

During operation of the turbine, the semiconductors are rotating with the speed of the shaft. Cabled 

connections cannot be used to transmit data to the acquisition equipment. This is solved by 

converting the voltage output to a digital signal, before wirelessly transmitting it to the stationary 

receiver. The method is described in detail in section 6.4.5. 

 

6.4.5 Measurement of friction torque  

One way of measuring the friction torque is by use of a load cell with a swinging arm. The method 

is described in Chapter 3.1.6, and involves a double cylindrical bearing house, one stationary and 

one in free rotation. The swinging arm is attached to the inner cylinder, and is only affected by the 

frictional forces of the bearings. The arrangement is exposed to high uncertainty due to the 

additional bearings between the two cylinders. Similar solution exists for the Pelton turbine test rig 

at NTNU.  

Another method is to remove the turbine runner and drive the shaft with a motor. The deviance 

between the torque delivered by the motor and what is measured as the generator torque, amounts 
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for frictional torque in the bearings. Several factors will affect the accuracy of this method. One 

uncertainty is that motor input and output are rarely the same, due to mechanical losses in the 

transmission. Another uncertainty of this method is the assumption that the friction torque will be 

the same with the turbine in place.  

It is suggested to measure the friction torque similarly to the generator torque measurement, using 

strain gauges in combination with wireless telemetry system. Strain gauges applied below the 

bearing block provide the turbine torque transmitted through the shaft. With the generator and 

turbine torques known, the deviance will account for friction loss in seals and bearings.  

The wireless signal transmission setup consists of following equipment: 

 Four semiconductor strain gauges 

 Power battery 

 Wireless rotary transmitter 

 Remote control 

 Stationary receiver  

The signal transmitter is, along with the strain gauges and a battery, directly mounted on the shaft. 

The transmitter, powered by the battery, is used to condition and excite the strain gauges. The 

voltage output of the strain gauges is converted to a digital signal in form of frequency by the 

transmitter. This signal is in turn sent to the stationary receiver, where it is converted back to a 

voltage signal. In addition to providing an analog voltage signal, the receiver also amplifies the 

output in a range of 0-10 Volts. As there is no mechanical contact between the equipment, the need 

for maintenance is very low. The remote controller is useful in laboratory applications, for 

configuration of channel and gauge settings, as well as controlling the power supply. The setup is 

shown in Figure 6.7.  
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Figure 6.7: Shaft torque measurement setup with telemetry system. 

With correct installation and equipment, the telemetry transmission method is highly beneficial. 

An obvious advantage is the economical aspect of it. This is more detailed in Section 6.5, “Cost 

Estimation”.  

Four silicon strain gauges connected in a full bridge configuration are used to measure the torque. 

The gauges are oriented 45 degrees to the shaft axis, in pair of two on each side of the shaft, 

providing amplified output and temperature compensation. In order to comply with the 

transmission equipment, semiconductors of type D with 350 𝛺 resistance and 115 gage factor are 

chosen for this application.  

Telemetry equipment for the exact purpose of strain gauge measurement is available in the market. 

A TorqueTrak kit is suggested for use of friction torque measurement at TTL. In addition to 

wireless transmission, the TorqueTrak equipment also include filter and signal processing tools for 

clean output. The unit is operating with 16 channels at 500 Hz frequency response. The equipment 

provided possibility for gain adjustment, a useful feature when low strain measurements are 

expected.  

A 3D representation of the lower section of the turbine shaft is presented in Figure 6.8. The strain 

gauges are to be mounted close to the runner, before the shaft torque is affected by the friction in 

bearings. As the turbine requires a radial bearing as close to the turbine as possible to absorb the 

radial forces, the space between the runner and lower bearing is extremely limited. The strain 

gauges are small in size, between 2,5 to 6,5 millimetres, and can be mounted below the radial 
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bearing. The transmitter, on the other hand, must be located above the bearing, due to the limited 

space. It is suggested to run the cables connecting the strain gauges to the transmitter through the 

shaft, as shown in Figure 6.8. This is achieved by designing the shaft with a removable section for 

gauge installation. The section can be attached by either bolts or simply glued on. Once the cables 

are run through the shaft, there is no future need for removal of the shaft section.  

 

                  Figure 6.8: 3D model of the shaft torque measurement setup. 

The signal transmitted wirelessly will cause a time delay on measurements. This delay is inevitable, 

and presents a challenge for friction torque measurement. Unless the both measurement setups are 

operating at exact same conditions, the generator and turbine torques will be measured at different 

periods. This issue is resolved by using the same receiver for the two setups, and adjusting the two 

transmitters to sample and transmit at equal rates.  

The complete design of the Francis turbine test rig at the Turbine Testing Laboratory is presented 

in Figure 6.9.   



75 
 

 

Figure 6.9: 3D model of the Francis turbine test rig at TTL. 

 

6.4.6 Calibration 

It is suggested to calibrate the measuring equipment with a known reference force. This is done 

with calibrated weights applied to the end of a cantilever beam. Similar arrangement is presented 

in Chapter 3.1.4. With length of the beam known, the applied torque is determined and can be 

compared to the strain gauge readings in order to determine the deviation and thus the uncertainty 

of the measurements. During the calibration, the shaft has to be restrained against movement in the 

generator section, while applying the known force of the opposite end. Due to the vertical alignment 

of the shaft, the calibration setup will also require a pulley converting the weight forces to torsional 

movement on the shaft.  
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6.5 Cost estimation 

 

A total cost estimation of the component list is shown in Tables 6.6 - 6.8. This is a rough estimation 

performed by the author, based on the Norwegian prices of the equipment. Due to the large variety 

of applicable solutions, the costs of data acquisition equipment is not included.   

 

Table 6.6: Cost estimation of equipment related to shaft and bearing arrangement. 

Equipment Quantity Cost [USD] 

Bearing block and seals 

Shaft 

Thrust bearing 

Radial bearing 

Couplings 

1 

1 

1 

1 

1 

8000 

6500 

1800 

700 

2600 

Total  𝟏𝟗𝟔𝟎𝟎 

 

 

Table 6.7: Cost estimation of equipment related to axial force measurement. 

 

 

 

 

 

 

Equipment Quantity Cost [USD] 

Annular flat plate 

Semiconductor strain 

gauges 

Strain gauge accessory kit  

1 

4 

1 

500 

200 

250 

Total  𝟗𝟓𝟎 
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Strain gauge accessory kit includes all the recommended equipment for placement and installation 

of the sensors. Proper installation is a requirement for reduced error in the measurements. The kit 

includes:  

- Curing adhesive  

- Sand paper 

- Cleaning agent 

- Protective coating 

- Solder terminals 

- Connecting wire 

The costs of data acquisitions equipment are not included due to large variety of fitting solutions. 

In general, the instrumentation would consist of a signal conditioning amplifier, a detector and a 

recorder.   

Table 6.8: Cost estimation of equipment related to torque measurement. 

Equipment Quantity Cost [USD] 

Semiconductor strain gauges 

Strain gauge accessory kit  

Telemetry equipment   

4 

1 

1 

200 

250 

4200 

Total  𝟒𝟔𝟓𝟎 

 

There is a large variety of wireless signal transmission equipment available in the marked.  The 

price listed in Table 6.8 relates to a telemetry equipment kit, provided for the particular purpose of 

torque measurement with strain gauges. The kit includes mainly a transmitter, a power battery, a 

remote controller and a stationary receiver. In addition to this, accessories such as antenna element, 

cables, wall plug transformers and bridge simulator can be included. Cheaper solutions are 

available if desired, such as a commercial wireless microphone system. With small adjustments to 

the system, the gauge output could be converted to a microphone-complying signal for wireless 

transmission. The method has not been reviewed in detail in this thesis.  
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Chapter 7  

Discussion 

 

 

The focus has been to design setups for measurement of friction torque and axial force on the 

Francis turbine at both Waterpower Laboratory and Turbine Testing Laboratory. Simple design, 

accurate performance and low cost have been the dimensioning elements in solving the task. As no 

physical experiments were performed during this project, the estimation of measurement accuracy 

is limited to theoretical descriptions. The work presented in Chapters 5 and 6 is a fundamental 

starting point for the measurement setups, with further work on the subject presented in Chapter 9. 

 

7.1  Axial force measurement and calibration setup at NTNU 

 

The designed calibration setup was developed after discussion with professor Ole Gunnar 

Dahlhaug. The solution is accurate and reliable, and can be utilized for any type of thrust force 

measurement procedure. Critical parts of the setup have been evaluated in Chapter 5.1 to ensure 

safe design. The thickness of the individual components can be optimized further with detailed 

load analysis on each component. Reducing the required material thickness will result in lower 

manufacturing costs.   

The idea of using a roller bearing to support the moving beam is to minimize the friction between 

the rotating and stationary parts. This is effective as long the bearing is ensured good performance, 

which requires correct lubrication and bearing design. All bearings are exposed to elastic 

deformation, affecting the performance and friction induction on the measurements. This has to be 

accounted for in long term operation.  
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7.2 Friction torque measurement setup at NTNU 

 

Solving the challenge of a membrane induced friction torque was approached in many ways, with 

no immediate solution. The obvious answer has been to change the material of the membrane. A 

slightly more elasticity would provide a higher angle of rotation for the bearing house. Even though 

this would not completely remove the error, it would still reduce it extensively. The material of the 

current membrane is unknown. A good alternative would be Acrylonitrile-Butadiene (NBR), a 

material widely used to separate fluids in hydrostatic bearings. NBR has high resistance to oil and 

water and good mechanical properties in terms of elasticity  

The suggested method for measurement of friction torque introduces new uncertainty factors, as 

mentioned in Chapter 5.2. Theoretically, the chosen screw based linear motion motor performs 

good enough to provide accurate measurements. For actual measurements, the estimated 

uncertainty will be higher due to random errors. If a higher accuracy is required, piezoelectric linear 

actuators at are available in the market, providing motion at nanoscopic level.   

 

7.3 Axial force measurement setup KU 

 

As Turbine Testing Laboratory at Kathmandu University requires cost efficient solution, use of 

hydrostatic bearing is not an option. The axial force is measured with semiconductor strain gauges, 

a choice based on recommendation from the staff at the Waterpower Laboratory. These highly 

sensitive gauges have been tested at the Waterpower Laboratory, and reliable performance 

characteristics have been observed.  

The annular plate is designed to comply with measuring characteristics of strain gauges. 

Additionally, the dimensions are within the available space in the radial direction on the current 

design of the Francis rig at TTL. If any changes affecting the radial clearance are imposed to the 

design, an alternative solution is suggested in Figure 5. The arrangement consists of a cylinder with 

centered hole for shaft placement. The cylinder is supporting the bearing block, with axial forces 

acting vertically on the unit. As mentioned in Chapter 4.3, an important requirement when 
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measuring stress with strain gauges is that the sensors have to be placed at area of maximum 

occurrence. This is ensured by removing a two section of the wall in a rotating motion from top to 

bottom. Maximum stress will occur at area where the reduction is overlapping, circled red in Figure 

7.1. Mounting semiconductors in this section will provide same result as the annular plate design 

suggested in Chapter 6.3. Machine drawing of the design is provided in Appendix C.3.  

 

Figure 7.1 Friction torque measurement setup at KU 

The suggested setup for measurement of frictional torque takes advantage of the high sensitivity of 

silicon strain gauges. With measurements down to 2 microstrains, the gauges are able to sense the 

smallest torsional forces of the shaft. As mentioned in Chapter 6.5, the signal transmission 

equipment suggested is not of the cheapest type. Wireless units are widely available, and more cost 

efficient solution can be considered if desirable.  

Standard signal transmission range for TorqueTrak units is 0,5 m. If the receiver is located further 

than this, external transmitter and receiver antennas should be obtained. Transmission distance can 

be increased to 6 m or more with use of antennas, at the cost of higher time delay of the signal.  

The cables of the strain gauges are run through the shaft. When designing the removable section, 

it is important to pay attention to the shaft properties, to avoid reduction in the design strength.  

The desired torque exerted on the shaft by the turbine runner is obtained by mounting the strain 

gauges close to the runner. The purpose of measuring the generator and frictional torque separately 

is no longer present, and the design can consist of only one measurement setup. This will reduce 

the cost of equipment, as well as uncertainty resulting from two separate readings.  
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Chapter 8  

 Conclusion 

 

Suggestions for the friction torque and axial force measurement setups have been developed for 

the Waterpower and Turbine Testing Laboratories. The rules and guidelines of IEC 60193 [2] have 

been utilized when forming the designs.   

The new designs of the Waterpower Laboratory are based on the existing methods. The friction 

torque measurement and calibration setup has been modified for fit the requirements of the new 

thrust block. A linear stepper motor has been introduced, with the possibility of controlling the 

torque exerted on the load cell. 3D models have been made for both the existing and the new 

designs, as well as detailed machine drawings of the new setup.  

The axial force calibration setup is designed to calibrate forces in both directions. Hand calculations 

and computational analysis are done to ensure the design sufficiency. The setup is dimensioned for 

a design load of 10 𝑘𝑁 in the axial direction. Uncertainty analysis are performed for the setup, and 

a systematic uncertainty of 0,0523 % is established. 3D models and machine drawings of the 

consisting parts are available.  

Work related to the Turbine Testing Laboratory is an input to the development of a full scale 

hydropower laboratory in Nepal. Suggestions for measurement and calibration of friction torque 

and axial load are presented. Simple, cost efficient solutions that comply with the requirements of 

IEC 60193 [2] has been the main objective when developing the designs. As the test rig at TTL is 

not fully developed, the suggestions in this thesis are based on the operational data of the Francis 

turbine at the Waterpower Laboratory. The measurement setups are based on strain gauge 

technology, utilizing the high accuracy and sensitivity of silicon sensors.  

A complete 3D model of the Francis test rig at TTL, including the suggested friction torque and 

axial force measuring arrangements, are provided in the Appendix H. The designs presented are an 

introduction to cost efficient methods for measurement of friction torque and axial force on the 

turbine, with further work on the subject presented in Chapter 9.  
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Chapter 9 

 Further Work 

 

 

This chapter covers the recommendations for further development of the individual concepts.  

Axial force measurement and calibration setup, Waterpower Laboratory, NTNU.  

The calibration setup is simple in both design and operation. Due to the high magnitude of the 

calibration force, the resulting uncertainty is low relative to the measurements. The design has been 

briefly evaluated for stress and deflection, but further analysis is recommended. Thickness of the 

consisting parts should be optimized to reduce the material costs. The stress analysis is performed 

for standard structural steel. The hardness and chemical composition has to be decided based on 

price and availability of the material.  

With the material and component thicknesses optimized, the parts should be manufactured and 

installed at the Waterpower Laboratory.  Lastly, a full calibration process should be performed for 

the axial force measuring equipment.  

Friction torque measurement and calibration setup, Waterpower Laboratory, NTNU. 

As discussed in chapter 7.2, changing the material of the membrane will simplify, if not solve, the 

problem. The first step in further work should be to change the current material to something with 

higher elasticity and perform calibration of the friction torque to determine the influence of the 

membrane.   

The main objective of the friction torque measurement setup presented in this thesis is to counteract 

the frictional forces of the membrane. This is achieved with linear actuator exerting torque on the 

load cell. In order to decide how much torque is needed, it is necessary to acquire knowledge on 

how much force the membrane is holding back with. It is suggested to find out how much the 

membrane stretches with the applied force, as well as determining the peak point of the elasticity. 

A way of estimating this would be to apply weight load on the calibration arm, with linearly 

increasing steps. For each weight added, the axial positioning of the arm will change slightly along   
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with the bearing cover. This change can be used to determine how much the resistance of the 

membrane increases with the applied load.    

Most of the consisting parts can be reused from the existing setup. The remaining parts have to 

manufactured, and installed on the thrust block. A full calibration procedure of the friction torque 

measuring equipment should be performed for the both new and old systems, in order to compare 

the results and determine the deviance.  

Axial force measurement and calibration setup, Turbine Testing Laboratory, KU.  

The annular plate has been manufactured at the Waterpower Laboratory and is ready for 

experimental testing. It is suggested for further work to mount the strain gauges and perform axial 

force measurements. The dimensions are customized to the Francis turbine at TTL. This also 

includes the effective diameter, on which the bearing block is resting, and thus the area on which 

the force should be exerted on. New stress analysis should be performed if any changes are imposed 

to the bearing block design.  

Friction torque measurement and calibration setup, Turbine Testing Laboratory, KU.  

The work presented in Chapter 6.5 is an introduction to a simple and accurate method for torque 

measurement, customized to the Francis turbine test rig at TTL. The setup is not fully developed, 

and requires further detailing. It is suggested to invest time in developing a more cost efficient 

solution for signal transmission. Even though similar solutions are frequently used in shaft torque 

measurements, they usually comply for metal-foil based gauges. Though metal-foil and silicon 

elements both utilize resistance in material to measure strain, the performance characteristics of 

these are very different. This should be accounted for when considering telemetry options.  

Regarding the cables connecting the semiconductors to the transmitter, the shaft design should be 

detailed further prior to manufacturing. This will require strength analysis of the shaft to assure no 

failure will occur due to the reduced material.  
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Appendix A  

Systematic Uncertainty of the Axial Force Calibration  

Setup 

 

The total systematic uncertainty of the axial force calibration setup  (𝑓𝐹𝑎
)𝑠 is given as the sum of:  

- Uncertainty in calibration weights, 𝑓𝑊1
 

- Regression error, 𝑓𝑟𝑒𝑔 

- Uncertainty due to the weight contribution of the setup, 𝑓𝑊2
  

- Uncertainty caused by the friction in roller bearing, 𝑓𝑓  

The total systematic uncertainty is given by Equation A.1. 

(𝑓𝐹𝑎
)𝑠 = ±√(𝑓𝑊1

)
2

+ (𝑓𝑟𝑒𝑔)
2

+ (𝑓𝑊2
)

2
+ (𝑓𝑓)

2
  

A complete model test of the Francis turbine at the Waterpower Laboratory has been performed 

previously by Pål-Tore Storli [6]. The weights used by Storli in calibration of weighting tank are 

used when calibrating the axial force transducers as well. The variation in each weight was 

estimated by Storli to 75 grams. Two 500 kg weight blocks are used for calibration of 10 kN load, 

and the corresponding uncertainty is calculated:  

𝑓𝑊1
=

(√2 ⋅ 75)

(1000000/100)
= 0,01061% 

The uncertainty arising from the regression process is given by IEC 60193 [2]. It is stated in section 

3.9.2.2.2 [2] that a conventional value of ±0,05 % can be assumed for this uncertainty.  

The forces acting on the rotating beam in dead state are shown in Figure A.1.  
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Figure A.1: Forces acting on the freely supported beam 

Force 𝐹3 is calculated by applying torque balance on the beam:  

𝐹3 =
𝐹1𝐿1 − 𝐹2𝐿2

𝐿3
=

𝐹(𝐿1 − 𝐿2)

𝐿3
   [𝑁] 

The mass of the empty weight holders is obtained from the properties of the 3D model generated 

in Creo 3.0 Parametric.  

 

Figure A.2: Mass properties of the weight holder, Creo Parametric 3.0.  

 

With each holder weighting 2,8 kg, the loads 𝐹1 and 𝐹2 are determined to 27,6 𝑁. The length are 

found from machine drawing provided in Appendix D.1: 𝐿1 = 220 𝑚𝑚, 𝐿2 = 340 𝑚𝑚 and 𝐿3 =

60 𝑚𝑚.  

𝐹3 =
27,6 ⋅ (220 − 340)

60
= −55,2 𝑁    
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For a calibration load of 10 kN applied at distance 𝐿1, the relative systematic uncertainty due to the 

weight contribution of the holders constitutes for 0,0025 %. The uncertainty will vary in tact with 

the applied load.   

The design load acting on a distance of 𝐿1 = 210 𝑚𝑚 from the support, exerts a torque of 21 ∗

105 𝑁𝑚𝑚 on the bearings. The friction forces counteracting this torque is another source of 

uncertainty. Anti-friction ball bearings are used specifically for the purpose of reducing this effect. 

The moment is estimated using the SKF  model [10],  detailed Appendix B.2. Two deep groove 

ball bearing with bore diameter 𝑑 = 25 𝑚𝑚 and sealed lubrication, would give a frictional moment 

of 235 𝑁𝑚𝑚. This constitutes for  0,011 % uncertainty in the measurements.  

Total relative systematic uncertainty is calculated:   

(𝑓𝐹𝑎
)𝑠 = ±√0,010612 + 0,052 + 0,00252 + 0,0112 = 0,0523 % 
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Appendix B Calculations 

B.1 Stress and Deflection in the Annular Flat Plate 

The calculations are performed according to “Roark’s Formulas for Stress and Strain” [30] for 

annular  

flat plate with poisons ratio ν = 0,3. Material properties for 304 Stainless steel, along with the 

dimensional values of the annular plate are given in Table B.1.  

 

Table B.1.1: Dimensional values for the annular plate exposed to axial loads. 

Property Notation Value Unit 

Outer radius 

Middle radius 

Inner radius 

Effective radius 

Thickness 

Effective thickness 

Tensile yield strength 

Young’s modulus 

Maximum load 

Minimum load 

𝑟 

𝑟𝑚 

𝑟𝑖 

𝑟𝑒 

𝑡 

𝑡𝑒 

𝜎𝑦 

𝐸 

𝐹𝑚𝑎𝑥 

𝐹𝑚𝑖𝑛 

180 

140 

60 

103,5 

20 

10 

210 

193 ∗ 103 

10 ∗ 103 

4000 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

𝑚𝑚 

𝑀𝑃𝑎 

𝑀𝑃𝑎 

N 

N 

 

The following equations are intended for the case of uniform load acting on an annular plate with 

fixed outer edge and free inner edge, as illustrated in figure A.1 [30]. The expressions are derived 

based on series of experimental investigations of the scenario.   
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Figure B.1.1: Uniform load on an annular flat plate, [30]. 

 

Maximum deflection 𝑦𝑚𝑎𝑥, and stress 𝜎𝑚𝑎𝑥, due to the uniform load on the plate is given by:  

𝑦𝑚𝑎𝑥 = −
𝑞𝑟𝑚

2

𝐷
(

𝐶1𝐿14

𝐶4
− 𝐿11) 

𝜎𝑚𝑎𝑥 =
6𝑀𝑚𝑎𝑥

𝑡𝑒
2

 

 

𝑞 is defined as the force divided by effective area, 𝐴𝑒.  

𝐴𝑒 = (𝑟𝑒
2 − 𝑟𝑖

2)𝜋 = (103,52 − 602)𝜋 = 22344 𝑚𝑚2 

𝑞 =
𝐹𝑥

𝐴𝑒
=

20000

22344
= 0,9 𝑁/𝑚𝑚2 

 

The plate constant 𝐷 is a function of plate thickness and material properties: 

𝐷 =
𝐸𝑡𝑒

3

12(1 − ν2)
 

𝐷 =
(193 ∗ 103)𝑁/𝑚𝑚2 ∗ (10𝑚𝑚)3

12(1 − 0,32)
= 17673993 𝑁𝑚𝑚 

 

Maximum bending moment of the beam:  

𝑀𝑚𝑎𝑥 = −𝑞𝑟𝑚
2 (𝐿17 −

𝐶7

𝐶4
𝐿14) 

Furthermore, the plate constants 𝐶1, 𝐶4 and 𝐶7, and the loading constants 𝐿11, 𝐿14 and 𝐿17, are 

dependent on the ration between middle radius, 𝑟𝑚, and inner radius 𝑟𝑖 of the plate.  
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𝐶1 =
1 + ν

2

𝑟𝑖

𝑟𝑚
+ ln

𝑟𝑚

𝑟𝑖
+

1 − ν

4
(

𝑟𝑚

𝑟𝑖
−

𝑟𝑖

𝑟𝑚
) 

𝐶1 =
1 + 0,3

2

60

140
+ ln

140

60
+

1 − 0,3

4
(

140

60
−

60

140
) = 0,57 

 

𝐶4 =
1

2
((1 + ν)

𝑟𝑖

𝑟𝑚
+ (1 − ν)

𝑟𝑚

𝑟𝑖
) 

𝐶4 =
1

2
((1 + 0,3)

60

140
+ (1 − 0,3)

140

60
) = 1,1 

 

𝐶7 =
1

2
(1 − ν2) (

𝑟𝑚

𝑟𝑖
−

𝑟𝑖

𝑟𝑚
) 

𝐶7 =
1

2
(1 − 0,32) (

140

60
−

60

140
) = 0,867 

 

𝐿11 =
1

64
(1 + 4 (

𝑟𝑖

𝑟𝑚
)

2

− 5 (
𝑟𝑖

𝑟𝑚
)

4

− 4 (
𝑟𝑖

𝑟𝑚
)

2

∗ (2 + (
𝑟𝑖

𝑟𝑚
)

2

) 𝑙𝑛
𝑟𝑚

𝑟𝑖
) 

𝐿11 =
1

64
(1 + 4 (

60

140
)

2

− 5 (
60

140
)

4

− 4 (
60

140
)

2

∗ (2 + (
60

140
)

2

) 𝑙𝑛
140

60
) = 0,003 

 

𝐿14 =
1

16
(1 − (

𝑟𝑖

𝑟𝑚
)

4

− 4 (
𝑟𝑖

𝑟𝑚
)

2

𝑙𝑛
𝑟𝑚

𝑟𝑖
) 

𝐿14 =
1

16
(1 − (

60

140
)

4

− 4 (
60

140
)

2

𝑙𝑛
140

60
) = 0,0215 
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𝐿17 =
1

4
(1 −

1 − 𝜈

4
(1 − (

𝑟𝑖

𝑟𝑚
)

4

) − (
𝑟𝑖

𝑟𝑚
)

2

(1 + (1 + 𝜈)𝑙𝑛
𝑟𝑚

𝑟𝑖
)) 

𝐿17 =
1

4
(1 −

1 − 0,3

4
(1 − (

60

140
)

4

) − (
60

140
)

2

(1 + (1 + 0,3)𝑙𝑛
140

60
)) = 0,111 

 

The deflection will be highest at the free (inner) end of the beam. Inserted this provide the 

maximum deflection:  

𝑦𝑚𝑎𝑥 = −
𝑞𝑟𝑚

2

𝐷
(

𝐶1𝐿14

𝐶4
− 𝐿11) = −

0,9 ∗ 1404

17673993
(

0,57 ∗ 0,0215

1,1
− 0,0032) = −0,15 𝑚𝑚 

Minus sign refers to deflection in negative y-direction.   

 

The plate and load constants 𝐿14, 𝐿17, 𝐶4 and 𝐶7 inserted give the maximum deflection of the plate. 

𝑀𝑚𝑎𝑥 = −𝑞𝑟𝑚
2 (𝐿17 −

𝐶7

𝐶4
𝐿14) = −0,45 ∗ 1402 ∗ (0,111 −

0,867

1,1
∗ 0,0215) = −1654 𝑁 

𝜎𝑚𝑎𝑥 =
6𝑀𝑚𝑎𝑥

𝑡𝑒
2

=
6 ∗ (−1211)

102
= −99,2 𝑀𝑃𝑎  

The negative sign refers to compressive stress.  

The resulting safety factor is determined by dividing the yield stress by the maximum allowable 

strass.  

𝑆𝐹 =
𝜎𝑦

𝜎𝑚𝑎𝑥
=

210

99,2
= 2,1 

Maximum strain according to Hook’s Law:  

𝜀𝑚𝑎𝑥 =
𝜎𝑚𝑎𝑥

𝐸
=

99,2

193 ∗ 103
= 514 𝑚𝑖𝑐𝑟𝑜𝑠𝑡𝑟𝑎𝑖𝑛 

Performing same procedure for 𝐹𝑚𝑖𝑛, the minimum strain that will be measured by the strain gauges 

is obtained:   

𝑦𝑚𝑎𝑥,𝑚𝑖𝑛 = −0,027 𝑚𝑚   𝜎𝑚𝑖𝑛 = −17,4𝑀𝑃𝑎   𝜀𝑚𝑖𝑛 = 89 𝑚𝑖𝑐𝑟𝑜𝑠𝑡𝑟𝑎𝑖𝑛   
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B.2 The SKF Model for Estimation of Bearing 

Performance Characteristics  

The calculations in this section are based on the theory of Swedish ball bearing company, SKF 

[10], and Mechanical Engineering Reference Manual [29].  

There are several coefficients in the calculations that are dependent on bearing dimensions, material 

properties and lubricant. Table B.2.1 shows the bearing data provided by the vendor, SKF [10], 

factors and coefficients that are necessary for further calculations.   

Table B.2.1: Bearing data, SKF [10]. 

 Turbine thrust bearing  

[3310 A-2Z] 

Turbine radial bearing 

[6310-2RS1] 

Coefficient of friction (𝜇) 

Basic dynamic load rating 

(𝐶) 

Calculation factor (𝑘𝑟) 

Calculation factor (𝑒) 

Calculation factor (𝑌1) 

Calculation factor (𝑌2) 

0,0024 

90 𝑘𝑁 

0,07 

 0,8 

0,78 

1,24 

0,0015 

65 𝑘𝑁 

0,03 

− 

− 

− 

 

Bearing life 

In theory, bearings can be used in service as long 90% of the rolling elements are functional [29]. 

The parameter that estimates the time before 10% of the elements have failed, and thus estimates 

the design lifetime of the bearing, is the basic life rating, 𝐿10. The parameter is measured in millions 

of revolutions, and is a function of the basic dynamic load rating, 𝐶, and the equivalent dynamic 

radial load, 𝑃. 

𝐿10 = (
𝐶

𝑃
)

3

   [𝑚𝑖𝑙𝑙𝑖𝑜𝑛𝑠 𝑜𝑓 𝑟𝑒𝑣𝑜𝑙𝑢𝑡𝑖𝑜𝑛𝑠] 
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The SKF model includes two additional factors in this equation, 𝑎1 and 𝑎𝑆𝐾𝐹, which takes into 

consideration the lubrication conditions and the contamination level. This provides a more accurate 

representation of the operating conditions.  

𝐿10𝑚 = 𝑎1𝑎𝑆𝐾𝐹 (
𝐶

𝑃
)

3

   [𝑚𝑖𝑙𝑙𝑖𝑜𝑛𝑠 𝑜𝑓 𝑟𝑒𝑣𝑜𝑙𝑢𝑡𝑖𝑜𝑛𝑠] 

The equation is rewritten to an output in hours:  

𝐿10𝑚ℎ = (
106

𝑛𝑟𝑝𝑚 (60
𝑚𝑖𝑛
ℎ𝑟

)
)𝑎1𝑎𝑆𝐾𝐹 (

𝐶

𝑃
)

3

   [ℎ𝑜𝑢𝑟𝑠] 

Frictional moment 

The total frictional moment in the bearing is given by Eq. 2.  

𝑀 = 𝜇𝑃
𝑑

2
 

Where 

𝑀 – Total frictional moment 

𝜇 – friction coefficient 

𝑑 – bearing bore diameter 

𝑃 = 𝐹𝑟 + 𝑌1𝐹𝑎      𝑤ℎ𝑒𝑛     𝐹𝑎/𝐹𝑟 ≤ 𝑒    [𝐿𝑜𝑤 𝑎𝑥𝑖𝑎𝑙 𝑙𝑜𝑎𝑑𝑖𝑛𝑔] 

𝑃 = 0,67𝐹𝑟 + 𝑌2𝐹𝑎     𝑤ℎ𝑒𝑛     𝐹𝑎/𝐹𝑟 > 𝑒    [𝐻𝑖𝑔ℎ 𝑎𝑥𝑖𝑎𝑙 𝑙𝑜𝑎𝑑𝑖𝑛𝑔] 

Where 

𝑒 – limiting value for 𝐹𝑎/𝐹𝑟 

𝑌1,2 – axial load calculation factors 

𝐹𝑎 and 𝐹𝑟 are the axial and radial components of the total forces respectively.   
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Starting torque 

Assuming 60 % higher coefficient of viscosity at start-up [10], the starting torque is given by Eq. 

4.  

𝑀 = 1.6 ⋅ 𝜇 ⋅ 𝑃 ⋅
𝑑

2
   [𝑁𝑚𝑚] 

Power loss 

Further, the loss in mechanical power due to the frictional forces of the bearings can be estimated 

using Eq. 5.   

𝑁𝑅 = 1,05 × 10−4 ⋅ 𝑀 ⋅ 𝑛 [𝑊] 

With total frictional moment, 𝑀, dependent on the rotational speed of the shaft, 𝑛. The coefficient 

1,05 is the compensation for torque loss in the machinery.    

Minimum radial load 

𝐹𝑟𝑚 = 0.02𝐶 
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Appendix C Machine Drawing 

 

C.1 Axial Force Measurement Setup, NTNU 
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C.2 Friction Torque Measurement Setup, NTNU 
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C.3 Axial Force Measurement, TTL, KU 
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Appendix D Strain Gauge Data 

D.1 Strain Gauge Characteristics and Selection Table 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

  



108 
 

D.2 Comparison of Metal Foil and Silicon Strain 

Gauges 
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Appendix E Motorized Lead Screw Datasheet 
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Appendix F  

Theoretical Calculation of Hydraulic Axial Forces on 

the Francis Turbine. 
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Bernoulli’s equation:  

𝑝1

2𝜌
+

𝑣1
2

2𝑔
+ 𝑧1 =

𝑝2

2𝜌
+

𝑣2
2

2𝑔
+ 𝑧2 

 

Figure F.1a) and F.1b): Dimensions of the Francis turbine test rig at the Waterpower Laboratory, 

NTNU. All unit are in millimeters. 
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Appendix G.1  

Calibration of friction torque measurement in the  

Francis Turbine Test Rig 
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Appendix G.2  

Calibration of axial force measuring system on the   

Francis Turbine Test Rig 
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Appendix H  

3D models of the Francis Turbine Test Rigs at 

Waterpower Laboratory and Turbine Testing 

Laboratory.  
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