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Abstract

After the proposal of CO> transcritical cycle in 1980s by Professor Gustav Lorentz, researchers
have looked into theoretical and experimental research, as well as commercial system
development to improve transcritical system performance to a level similar to that of
conventional heat pump systems. Over the years researchers are investigating for newer system
concepts with transcritical CO2 cycle that can be implemented across the globe for different
climate conditions. One of the major challenges of COx transcritical cycle is that the system
COP is greatly dependent on the gas cooler outlet condition. Thus, application of such systems
in wormer climate may result in poor system performance where ambient temperature is
relatively high and unstable. However, the temperature of the ground remains comparatively
stable and can be utilized as a heat sink to bring down the gas cooler outlet temperature to avoid
low cooling performance and large expansion losses. These observations lead the concept of a
hybrid system where part of the gas cooler heat is rejected to ambient air and rest to the ground
using a ground-coupled heat exchange. Furthermore, incorporating an ejector instead of
conventional expansion valve may increase the system performance. It is necessary to evaluate
these system alternatives and figure out the maximum borehole length required for such systems

to be functional and economically viable.

This thesis investigates the performance of CO2 ground-coupled ejector cycle to conventional
CO. transcritical cycle with expansion valve when ambient air temperature constraints the
cooling of supercritical CO». After a theoretical analysis, the system configurations were
implemented in Modelica for further simulation.
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1 Introduction

Over the last two decades there has been a major change in heat pumping and refrigeration
systems due to emphasis on use of natural refrigerants over the synthetic working fluids which
have adverse effect on environment. Among the natural working fluids, use of CO. was
reinvented by Professor Gustav Lorentz in the late 1980s with a proposal of CO, transcritical
cycle (CO2 TRC cycle), and since then theoretical and experimental research, as well as
commercial system development, have been carried out to improve transcritical system
performance to a level similar to that of conventional heat pump systems. Over the years
researchers are investigating for newer system concepts with transcritical CO; cycle that can be

implemented across the globe for different climate conditions.

This thesis titled “Investigation on CO2 ground-coupled heat pumping system with ejector”, is
focused on both theoretical analysis and system simulation of transcritical CO> systems by
incorporating two different technologies, namely ground couple heat exchangers in the heating
side and ejectors to increase system COP. It extends on the concept represented by Jin et al.

(2014) at 11" Gustav Lorentzen Conference on Natural Refrigerants.

1.1 Aim and Motivation

One of the major challenges of CO2 TRC cycle is that the system COP is greatly dependent on
the gas cooler outlet condition. Thus, application of such systems in wormer climate may result
in poor system performance where ambient temperature is relatively high and unstable.
However, the temperature of the ground remains comparatively stable and can be utilized as a
heat sink to bring down the gas cooler outlet temperature to avoid low cooling performance and
large expansion losses. These observations led the concept of a hybrid system where part of the
gas cooler heat is rejected to ambient air and rest to the ground using a ground-coupled heat
exchange. Furthermore, incorporating an ejector instead of conventional expansion valve may
increase the system performance. It is necessary to evaluate these system alternatives and figure
out the maximum borehole length required for such systems to be functional and economically

viable.

Use of ejectors in CO2 TRC cycle is a new technology especially for supermarket refrigeration

systems in order to avoid expansion losses. However, the performance of the ejector is greatly

dependent on its geometry and design. Although some researchers have proposed models for

theoretical CO2 ejector cycle, without experimental data prediction of its behavior cannot be
1



validated. This thesis utilizes experimental work of a particular ejector geometry for steady
state cycle calculation that has been carried out by some recent researchers. Eventually,

simulation of different cycle configurations was carried out in Modelica using TIL library.

1.2 OQutline of Thesis

In order to perform a satisfactory research on the stated goal and scope of the thesis, the

following procedures are taken:

2: COzas a Working Fluid in Heat Pumping Systems

This chapter discusses the properties of CO> as a working medium together with a literature
review of contemporary research on its heat transfer properties, and system design related to

transcritical cycle.

3: Borehole Heat Exchanger Models

A literature review of current research in borehole heat exchanger field is provide in this
chapter. The Erdwéarmesonden (EWS) model is discussed in details along with the equations

used by Modelica Building library.

4: CO> Ejector Cycle

Along with a literature review, this chapter discusses limitation of simple model and use of
recent experimental results. It also discusses the ejector model in Modelica TIL library and
utilization of experimental data for simple steady state calculation of the ejector cycle.

5: Case Study and Solution Approach

This chapter documents the systems considered for analysis along with their respective

boundary conditions and governing equations.

6: Results and Discussion

The outcome of the investigations are listed in this chapter with relevant diagrams and

discussion.
7: Conclusion

This chapter makes the concluding remarks of this thesis and suggests future work.



2 COzas a Working Fluid in Heat Pumping Systems

As synthetic refrigerants have hazardous environmental consequences, using CO2 as working
fluid for heat pumping systems gained much attention in the last two decades. Although CO-
has zero GWP and ODP, it is important to compare its properties and heat pump cycles with

other refrigerants to validate its use as a working fluid.

In the beginning of this chapter, properties of CO will be discussed, followed by description
of reference thermodynamic cycles for transcritical CO2 heat pump, and a simple analysis of
CO; transcritical operation. Later part of this chapter will focus on current research on

performance of CO- heat pumps and development of components used in transcritical cycle.
2.1 Properties of CO>

For designing a heat pumping system and its components, it is important to know the properties
of the working fluids. Compared to other widely used refrigerants, thermodynamic and
transport properties of CO> are quite different that enable designing of heat pump systems with
high COP.

The critical temperature and pressure of CO: are 31.1 °C and 73.8 bar and triple point
temperature and pressure are -56.5°C and 5.2 bar respectively (Fig. 2.1). It is important to note
that critical temperature of CO- is very low whereas critical pressure is high compared to other
refrigerants. This can be seen from Table 2-1 that lists characteristics and properties of CO2 and
compares these with other working fluids (Lorentzen, 1995; Rieberer, 1998). This low critical
temperate of CO; puts constraint on the condensing temperature when CO2 systems operate at

some subcritical pressure.

Supercritical
region

Liquid

Pressure, p

Solid Critical point

X SN 7 _31.1°C
Triple point P = 73.8 bar

Temperature, T

Figure 2.1 Phase diagram of CO;



Professor Gustav Lorentzen (Lorentzen, 1990) from Norway saw that as an opportunity to
operate CO> systems in transcritical level, i.e. instead of condensing high pressure CO, vapor
in a condenser, CO is compressed above its critical pressure where it becomes supercritical
fluid and cool it using a gas cooler before it is expanded back to subcritical low-side evaporating
pressure (Lorentzen, 1990).

Table 2-1 Characteristics of some refrigerants

R-744 R-12 R-22 R-134a R-407C R-410A R-717 R-290

ODP/GWP 0/1 1/8500 0.05/1700 0/1300  0/1600 = 0/1900 0/0 0/3
Flammability/toxicity N/N N/N N/N N/N N/N N/N YIY Y/N
Molecular mass (kg/kmol) 44 120.9 86.5 102 86.2 72.6 17 44.1
Normal boiling point (°C) -78.4 -29.8 -40.8 -26.2 -43.8 -52.6 -33.3 -42.1
Critical pressure (MPa) 7.38 4.11 4.97 4.07 4.64 4.79 11.42 4.25
Critical temperature 31.1 112 96 101.1 86.1 70.2 133 96.7
Reduced pressure 0.47 0.07 0.1 0.07 0.11 0.16 0.04 0.11
Reduced temperature 0.9 0.71 0.74 0.73 0.76 0.79 0.67 0.74
Refrigeration capacity

(k) 22545 2734 4356 2868 4029 6763 4382 3907

In his Phd thesis Rieberer (1998) developed property database CO2REF for CO; that covers
both subcritical and supercritical regions. Some properties of CO2 were presented by Pettersen
(2002) using CO2lib developed by NTNU/SINTEF. Thermophysical data for CO2 can also be
found in (ASHRAE, 2001) handbook. By reviewing the available data on CO2, Span and Wagner
(1996) developed a new equation of state where special interest was focused on the description
of the critical region and the extrapolation behavior of the formulation. Work by Vesovic et al.
(1990) is one of the major references for transport properties of CO2. However, Fenghour,
Wakeham, and Vesovic (1998) published improved data for viscosity consistent with the

experimental results.

2.1.1 Thermodynamic Properties

Fig. 2.2 (a) shows the vapor pressure curve of CO: juxtaposed to that of other refrigerants. It is
apparent that CO> has much higher vapor pressure compared to other refrigerants, and this
characteristic of CO> limits the condensing temperature up to 28 “C when operated at subcritical

level for all practical purposes. Furthermore, as the steepness of CO2 vapor curve near the



critical temperature is high, temperature variation due to pressure change is less compared to
other working fluids. Thus, temperature drop associated with frictional pressure drop in heat
exchangers will be less than other refrigerants. This point is further clarified in Fig. 2(b) that
for a given phase change temperature variation in temperature with respect to pressure change

(8T /6p)is much less for CO2 though it increases when temperature drops.
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Figure 2.2 (a) Vapor Pressure curves for different refrigerants, (b) Slope of saturation pressure cure
(0T/op) for refrigerants (Stene, 2014)

In Fig. 2.3 density of CO> liquid and vapor is plotted with other working fluids for given
temperatures. The density of both liquid and vapor CO; sharply changes with respect to
temperature near critical point. This behavior along with high vapor pressure at a given
temperature (Fig.2 3(b)) compared to others may affect two-phase flow pattern as Pettersen
(2002) suggested. Fig 2.4 shows that the density ratio for CO2 is much smaller compared to
other refrigerants. At 0°C, for instance, the ratio of liquid density (927 kg/m?) to vapor density
(98 kg/m®) of CO is around 10, whereas for R-410A and R-134a the values are 65 and 89
respectively. One of the consequences of low density ratio of CO. is that it gives more
homogeneous two-phase flow than other refrigerants (ASHRAE, 2001, Pettersen, 2002).
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Figure 2.4 Ratio of liquid to vapor density at saturation for refrierants (M. H. Kim, Pettersen, & Bullard,
2004)

Volumetric refrigeration capacity (VRC) is defined as the product of density and latent heat of
evaporation, and for CO; as vapor density is large compared to other refrigerants for a given
evaporating temperature, VRC of CO; is also large. Fig. 5 shows that VRC of CO is way above
than other working fluids, and it increases with temperature upto maximum at 22°C. This
characteristic of CO- is very significant since it indicates that heat pumping systems with
smaller compresssors can be built by using CO: as refrigerant.
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Figure 2.5 Volumetric refrigeration capacities for refrigerants (M. H. Kim, Pettersen, & Bullard, 2004)

In transcritical operation of CO>, supercritical CO- is cooled in a gas cooler, and one of the
important parameters for designing this heat exchanger is specific heat at constant pressure (cp).
However, ¢, value for CO> changes rapidly with temperature, especially near the pseudocritical
points (the temperature at which the specific heat becomes a maximum for a given pressure),

as mentioned by M. H. Kim, Pettersen, and Bullard (2004)
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Figure 2.6 Isobaric specific heat of CO2 (Stene, 2014)

Liao and Zhao (2002) proposed an empirical equation to calculate pseudocritical temperature

(Tpseudo) for pressure (p) ranging between 74 to 140 bars.

Tpseudo = —122.6 + 6.214p — 0.165p? + 0.1773p%> — 0.0005608p>  (2.1)

p
Yang et al. (2006) proposed a different equation to which is also based on pressure —
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Tpseudo = —31.40 + 12.15p — 0.6927p? + 0.03160p? — 0.000752p*  (2.2)

0w

Entropy [kJ/kg-K]
Enthalpy [kJ/kg]
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(a) (b)

Figure 2.7 Entropy and enthalpy changes of CO2 in gas cooling process, (a) Entropy change, (b)
Enthalpy change (Kim et al., 2003)

Fig. 2.7 shows entropy and enthalpy change of CO> during cooling process at different constant
pressures; both of these thermodynamic properties show similar behavior. At a constant
pressure with decreasing temperature enthalpy and entropy of CO> decrease, and the decrease
IS abrupt near critical temperature. Furthermore, with lower pressure abrupt decrease is less

pronounced.

2.1.2 Transport Properties

Thermal conductivity and dynamic viscosity are two important properties for a fluid when it
comes to determination of heat transfer and pressure drop associated with its flow. In Fig. 2.8
(@) and (b) show thermal conductivity and viscosity of CO- at different pressure levels (form
subcritical to supercritical pressure) with decrease in temperature. During cooling, both of the
properties vary less for a particular pressure up to near critical temperature. However,
irrespective of pressure, cooling below critical temperature results in increased value for both
properties. Moreover, at near critical pressure both properties show abrupt changes when
temperature is close to critical point. According to Pettersen (2002), thermal conductivity of
both liquid and vapor CO: is 20 and 60% higher than that of R-134a, respectively. While the
viscosity of vapor CO> is comparable, viscosity of liquid CO2 is 40% of R-134a liquid viscosity.
8
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Figure 2.8 Transport properties of CO2, (a) Thermal conductivity, (b) Dynamic viscosity (Kim et al.,
2003)
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Figure 2.9 Prandtl number of CO2 (M. H. Kim et al., 2004)

Fig. 2.9 depicts the Prandtl number as a function of temperature. It can be seen that for a given
pressure maximum value of Prandtl number occurs near pseudocritical temperature associated

with corresponding specific heat, and with increase in pressure the value decreases (M. H. Kim

etal., 2004).

2.1.3 Properties of the supercritical CO with lubricants

Lubrication plays an important role in compressor as lubricants are responsible for smooth

operations of the moving parts, noise reduction, sealing, and cooling friction surface. However,



lubricants get mixed with refrigerants end up in the heat exchangers. Falex test (Falex
Corporation, USA) showed that in order for good to bad, performance of lubricants containing
10% CO; are: Polyalkylene glycol (PAG) > Polyol ester (POE) > Alkylbenzene >
Polyalphaolefin (PAQO). Thus, PAG/CO: has best lubrication performance.
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o ——C02-7.38MPa ||
700 ¥ ANy —&—PAG/CO2-10MPa ||
= e Tl ok Gy —&— C02-10MPa
E" s00 F _ |—e—PAG/ICO2-12MPa
& il L o - | —e—C02-12MPa
300f--Q-----Bg - OPge - ------- -
2001 --- - O0gga o - - ke O -
100 ' L .
20 40 60 80 100 120

Temperature(°C)

Figure 2.10 Density variation of CO2 and PAG/CO2 mixtire with temperature (Ma, Liu, & Tian, 2013)

Mutual solubility with refrigerant is an important measure to choose lubricants. Fig. 2.10 shows
that for a given temperature, the solubility of CO; increases as pressure increases, and at the
same pressure, it decreases with the increase of temperature. Hence, at low temperature, the
solubility of CO. in PAG is high, and the mixture has a poor lubrication performance. In
contrast, at high temperature, the solubility is low, giving good lubrication performance. Thus
it can be seen, the lower the pressure as well as the higher the temperature is the better
lubrication performance PAG/CO; has (Y. Ma et al., 2013).
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Figure 2.11 (a) Specific heat, (b) thermal conductivity of supercritical pure CO2 and PAG/CO2 mixture
(Ma, Liu, & Tian, 2013)

Jensen and Jackman (1984) carried out both specific heat and thermal conductivity experiment
on lubricant- refrigerant mixture containing 10% lubricant, and found the conductivity of
mixture increased by less than 3%.Fig 2.11(a) shows that the constant pressure specific heat of
supercritical CO is slightly higher than that of mixture, and the change trend that specific heat
of mixture changes with the change of temperature and pressure is basically consistent with the
pure one. That is to say, trace amounts of lubricant has little effect on constant pressure specific
heat of supercritical CO>, so the change trend of mixture specific heat cannot be determined by
it. From Fig. 2.11(b), the thermal conductivity of supercritical CO: is slightly worse than that
of mixture containing trace amounts of PAG. Thus trace amounts of lubricant have little effect

on the thermal conductivity of supercritical CO2.(Ma, Liu, & Tian, 2013)

2.2 CO;Transcritical Cycle for Heat Pumps

As mentioned in section 1.1, in a transcritical heat pumping system the working fluid is
compressed above its critical pressure and the supercritical gas is cooled down by exchanging
heat with another medium in gas cooler. It is important to note that, gas cooling is a sensible
cooling process where the difference between the inlet and out let temperature of the gas cooler
is much higher than conventional (subcritical cycle) heat pumps. Thus, CO; transcritical cycle
can be used for heating application that requires a large temperature increase such as domestic

hot water.
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Figure 2.12 P-h diagram showing: (a) subcritical cycle and (b) transcritical cycle (Austin & Sumathy,
2011)

2.2.1 Thermodynamic Cycles for CO2 Heat Pump

According to Neksa (2002) CO2 systems in subcritical operation compete very well with respect
to energy efficiency with systems using other refrigerants. As thermodynamic cycle analysis of
CO2 systems in subcritical operation is same as for other working fluids, in the following

sections thermodynamic analysis of transcritical cycle will be discussed in detail.
2.2.1.1 Modified Lorentz Cycle

For conventional refrigeration cycles, reversed Carnot cycle is used as theoretical reference
cycle. However, for the transcritical CO> cycle heat rejection occurs in gliding temperature in
gas cooler, but heat absorption takes place at constant temperature as in a conventional cycle.
Klocker, Flacke, and Schmidt (1998) suggested that for analyzing transcritical cycle the
modified Lorentz cycle should be adopted. Fig. 2.13 depicts Lorentz cycle in T-s diagram,
where T,,the mean temperature of the hot fluid and heat source temperature is T, (both the

temperatures are in Kelvins).
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Figure 2.13 Modified Lorentz cycle in T-s diagram (Kldcker et al., 1998)

The modified Lorentz cycle consists of the following processes —

4s—1: Heat absorption at constant temperature and pressure
1-2 : Reversible adiabatic compression
2s—3: Heat rejection at constant pressure and gliding temperature

3—-4s: Reversible adiabatic expansion

The coefficient of performance for the modified Lorentz cycle (COPLz) is defined as

COP —( T ) 2.3
=\ —7, (2.3)

The Lorentz efficiency is the thermodynamic efficiency for the transcritical heat pump cycles,

and it is defined as

COPyp
= 2.4
MLz <COPLZ> (2.4)

2.2.1.2 Ideal and Real Lorentzen Cycle

Generally the ideal Evans- Perkins cycle is used as the ideal reference cycle for conventional
heat pumps, however, Halozan and Ritter (1994) proposed to use the ideal Lorentzen cycle as
the ideal reference cycle for the transcritical CO2 heat pump cycle. Fig. 2.14 shows the cycle in

a T-s diagram.
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Figure 2.14 Ideal Lorentzen cycle for CO2 in a T-s diagram (Halozan & Ritter, 1994)

The cycle consists of the following processes-

4 -1 : Heat absorption at constant subcritical temperature and pressure
1-2s: Reversible adiabatic compression to supercritical pressure
2s—1: Heat rejection at constant pressure and gliding temperature

3—-4 : lIsenthalpic (adiabatic) expansion

However, the real CO- transcritical cycle or Lorentzen cycle deviates from ideal Lorentzen

cycle due to process irreversibility. The real cycle consists of the following processes-

4—1°: Non-isobaric (i.e. non-isothermal) heat absorption

1’—1: Non-isobaric superheating of the suction gas

1-2 : Irreversible polytropic non-adiabatic compression to supercritical pressure
2 -3 : Non-isobaric supercritical heat rejection at gliding temperature

3—4 : Non-isenthalpic (non-adiabatic) expansion

In Fig. 2.15 real transcritical CO2 heat pump cycles are illustrated both T-h and p-h diagrams

where irreversibilities in the cycle are evident.

14
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Figure 2.15 Real transcritical cycle for CO2 heat pump cycles in T-h and p-h diagrams (Halozan &
Ritter, 1994).

2.2.2 CO; Transcritical Cycle Analysis

In this section of the chapter a simple thermodynamic model of transcritical CO2 cycle will be

presented together with its pressure drop and heat transfer characteristics. The assumptions are-

— Steady state operation of the system

— Kinetic and potential energy associated with streams are neglected
— Compressor and all heat exchangers operate adiabatically

— Heat loss connected to piping is neglected

— Isenthalpic expansion process

Heating capacity and Coefficient of Performance (COP) are the two parameters that are used to
characterize the performance of a heat pump. It is important to mention at this point that the
energy performance of the transcritical cycle greatly depends on the out let temperature of the
gas cooler which can be seen evidently by looking at the T-h or T-s diagram of the Lorentzen

cycle without any calculation.

Due to steady state assumption, in all devices mass flow rate in and out are equal. Hence,

mh; = h, = 1M (2.5)

Heading capacity and COP for heating and cooling can be calculated using the following

equations —

15



Qcapacity =m X (hgc,i - hgc,o) (2-6)

hoei —h
COPpoqting = —2—9°° .
heating hcopm,o - hcomp,i (2 7)
hepo — Rep i
COPcooling = =2 = (2.8)

hcomp,o - hcomp,i

In this analysis it is also assumed that both the gas cooler and the evaporator are concentric-
tube counter-flow heat exchangers with CO» flowing in the inner tube and water (secondary

fluid) flows in the outer.

2.2.2.1 Gas Cooler

Energy balance for the gas cooler gives the following equations —
Qgc =m X (hgc,i - hgc,o) (2.9)

Qgc =M, X Cpw X (Tgc,w,o - Tgc,w,i) (2.10)

As cooling of supercritical CO» takes place with gliding temperature, heat transfer in the
longitudinal direction of the concentric tube may also be significant other than heat transfer in
radial direction which is generally the case. However, in a study Asinari, Cecchinato, and
Fornasieri (2004) showed that in a gas cooler longitudinal heat transfer is negligible even in
regions with greatest temperature gradient. The heat transfer rate Qgc, can be defined based on
the overall heat transfer coefficient and the temperature difference between the two fluids using

the logarithmic mean temperature difference method.

— UA % (Tgc,i - Tgc,w,o) - (Tgc,o - Tgc,w,i) (2.11)

ln(Tgc,i - Tgc,w,o)/(Tgc,o - Tgc,w,i)

Qgc

where, Uand A are overall heat transfer coefficient and heat transfer coefficient, respectively.
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2.2.2.2 Evaporator

Heat transfer and energy balance equations for the evaporator are same as gas cooler with

appropriate subscripts.

Qev =m X (hev,o - hev,i) (2-12)
Qev =m,, X Cpw X (Tev,w,i - Tev,w,o) (2-13)
Qev = UA X (Tev,w,i - Tev,o) - (Tev,w,o - Tev,i) (2.14)
ln(Tev,w,i - Tev,o)/(Tev,w,o - Tev,i)
2.2.2.3 Compressor
The mass flow rate in the compressor can be determined using the following equation —
m = Vs X A X N X psyction (2.15)

where, V; is the swept volume of the compressor, N is the speed of the compressor, and A is the

volumetric efficiency of the compressor.

Generally the volumetric efficiency and isentropic efficiency of the compressor depend on the
pressure ration between high and low pressure sides. The following equations can be used to
calculate them when pressure ration is known (Oritz, Li, & Groll, 2003).

A =0.9207 — 0.0756 X r + 0.0018 x 12 (2.16)

Nis = —0.26 + 0.7952 x r — 0.2803 x %2 + 0.0414 x r3 — 0.0022 x r* (2.17)

T T T
— IsentropicEfficiency
“olumetricEfficiency

04F

Figure 2.16 Isentropic and Volumetric Efficiency of the compressor according to equation (15) and (16)
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2.2.2.4 Expansion Valve

Ass the expansion process is isenthalpic, the energy equation becomes the following —

hexp,i = hexp,o (2.18)

2.2.2.5 Heat Transfer and Pressure Drop Characteristics of CO>

Cooling of supercritical CO2 has been investigated by several researchers in order to find heat
transfer correlations for horizontal channels and micro channels. Yoon et al. (2003) conducted
experimental studies on heat transfer coefficient of CO flowing in a 7.73mm inner diameter
horizontal tube. Based on the experimental results a new correlation was proposed, and Oh and
Son (2010) showed that the correlation developed by Yoon et al. (2003) is one of the most
accurate for micro channels. The correlation developed is shown in Eq. (2.19) where two set of
parameters are listed for temperature greater than Tpseudo and temperature less than or equal to
Tpseudo, and all the parameters are calculated using bulk temperature Th.

n
Nu,, = aRefPr (ppseudo)
Pb
];?r Ty > a=0.14 c=0.69 d=0.66 n=0 (2.19)
pseudo-
<
1;5” Ty = a=0013 c=1.0 d=-0.05 n=16
pseudo-

Experimental results show that (Fig. 2.17) during cooling process heat transfer coefficient
gradually increased and reached a maximum value before it declined. One of the reasons for
that being specific heat varies abruptly near pseudocritical temperature. Furthermore, the

maximum value of the heat transfer coefficient decreases with increase in pressure.
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Figure 2.17 Variable heat transfer coefficient with different temperatures (Yoon et al., 2003)

In their experimental study of evaporation heat transfer of CO2, Bredesen, Hafner, Pettersen,
Neksa, and Aflekt (1997) found the heat transfer coefficient of CO, was higher and pressure
droop was less compared to that of synthetic refrigerants respectively. At high mass flow and
low evaporating temperature, convective boiling is the main heat transfer model. On the other
hand, when mass flow is low and evaporating temperature is high, nucleate boiling is the main

heat transfer mode (Bredesen et al., 1997).

2.3 Researches on CO; Transcritical Cycle

As heat pumping, air conditioning, or refrigeration systems are essentially the same except the
desired output and operating temperature, this section will discuss recent research on CO:
transcritical cycle irrespective of application area. However, it is important to keep in mind that

COP and capacity are defined differently for cooling and heating systems.
2.3.1 CO2 Transcritical Cycle with a suction line heat exchanger

One of the major modifications in CO transcritical cycle is the addition of a suction gas heat
exchanger (SGHX) that cools the gas cooler outlet vapor by exchanging heat with the discharge

vapor out of the evaporator (Fig. 2.18).
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Figure 2.18 CO2 transcritical cycle operations with a suction gas heat exchanger (Lorentzen, 1990)

In a comparison, Jiang and Ma (2009) showed that the heating COP of transcritical CO cycle
with a SGHX is 5-10% higher a cycle without it when the inlet temperature of CO2 was 20°C
for the SGHX. In their research, Chen and Gu (2005) found that as SGHX effectiveness
increases, optimum pressure decreases and COP increases. S. G. Kim, Kim, Lee, and Kim
(2005) simulated the effect of SGHX to optimize its size with respect to gas cooler pressure and
found that under a certain gas cooler pressure, COP improved up to 4% on average as SGHX
length was increased. It is important to note that adding a SGHX leads to higher capital cost,
and decision is made with tradeoff between investment and energy performance of the system.

The impact of the SGHX on COP and heating capacity can be summarized as —

— Itevaporates liquid droplets in the suction gas resulting in slight increase in compressor
efficiency

— It superheats the outlet gas of the evaporator leading to lower vapor density and higher
temperature at the inlet of the compressor. Thus, reduces CO2 mass flow rate slightly

— It increase the discharge temperature of the compressor, and it results in increase of
heating capacity

— As it reduces the temperature before expansion valve, higher specific evaporation
capacity can be achieved due to small flash-gas formation

— It reduces the optimum gas cooler pressure

— Itincrease both cooling and heating COP of the system

20



2.3.2 Optimum gas cooler pressure

One of the key attributes of CO. transcritical cycle is that temperature and pressure are
independent of each other during supercritical CO> cooling process. While pressure in the gas
cooler is kept constant, supercritical COz rejects heat at falling temperature unlike conventional

condensation process (Fig. 2.19).
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S Water S ¥ Water

Heating Heating
Enthalpy Enthalpy
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Figure 2.19 (a) Heat rejection in conventional heat pump (b) heat rejection in CO2 transcritical cycle
at falling temperature (Austin & Sumathy, 2011).

The shape of the cooling curve of supercritical CO2 depends on the gas cooler pressure, and the

slope of the T-h diagram represents the inverse of the specific heat capacity.
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Figure 2.20 Temperature-enthalpy curves (isobars) for supercritical CO2 (Stene, 2014)

For a supercritical pressure and temperature close to critical point of CO2 (73.8 bars, 31.1°C)

value of specific heat capacity becomes very large (Fig.2.6) and the T-h curve has a sway-
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backed shape — 75 bar isobar curve in Fig. 2.20. Consequently change in temperature during
cooling in situ condition is very small. With increase in gas cooler pressure the isobars become
straighter showing less and less sway-backed behavior. At very high pressure (~ 200 bars) the
isobar is almost a straight line, which implies that the specific heat capacity is almost constant
and remains invariant with falling temperature. In order to have better heat transfer and high
heat rejection in gas cooler, the T-h curve of CO> should behave identically to that of secondary
fluid such as air or water. However, heating curve of air or water is relatively straight during
heating from 0 to 100 °C due to their respective constant specific heat over this temperature
range. This shows that for effective heat transfer process gas cooler pressure should be high in
order to get best temperature fit between Supercritical CO. and secondary fluid. Furthermore,
high gas cooler pressure is achieved in expense of high compression work. Thus, it directly

affects the COP of the heating system.

Keeping this as a motivation many researchers have conducted both theoretical and experiment
work to predict the optimum pressure for the gas cooler that would give best COP of the heating
system with less compressor work and high heat rejection at the gas cooler. Research about the
high-side pressure optimization based on thermodynamic cycle simulation and experiment can
be found from Liao, Zhao, and Jakobsen (2000), Sarkar, Bhattacharyya, and Gopal (2004),
Chen and Gu (2005), W. Yang, Fartaj, and Ting (2005), Cavallini, Cecchinato, Corradi,
Fornasieri, and Zilio (2005), Agrawal, Bhattacharyya, and Sarkar (2007), S. C. Kim, Won, and
Kim (2009), Srinivasan, Sheahen, and Sarathy (2010), Zhang, Fan, Wang, and Shen (2010);
and proposed optimized pressures are listed in Table 2-2. It is noteworthy that Zhang et al.
(2010) proposed a novel correlation-free on-line optimal control method for CO> transcritical

refrigeration systems by dynamic numerical simulation.
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Table 2-2 Literature list of optimum gas cooler pressure control equation (temperatures and pressures
are in “C and bar respectively)

Authors Control Equation (Transcritical CO; cycle with expansion valve)
Popt = 2.6Tgmp =~ 2.6Tyc o + 7.54
Kauf Tycout = Tamp = 2.9
35 < Tymp < 50; 91 < Pyype < 130
P,,: = (2.78 = 0.0157T,,,,, )T, + (0.3817T,,, — 9.34
Liaonet et al. opt ( evp) geour * P )
—10 < Topp < 20; 30 < Ty pur < 60; 71 < Pye e < 120
Popt = 2.304T 4 + 19.29
Tycout = —0.0015269T2,, — 0.028866T 4y + 7.7126
chen and Gu —10 < Topp < 10; 35 < Ty pur < 50; 80 < Pyeoye < 135
Popt = 2.68Tgmp + 0.975 = 2.68Ty 5yt — 6.797
Tgc,out = Tamp +2.9
—10 < Topp < 10; 35 < Ty pur < 50; 80 < Py oye < 135
Sarkar et al. Popr = 4.9 + 2.256T ¢ o — 0.17Top + 0.002T2 5y
=10 < Tepp < 10; 35 < Ty oy < 50
P,,: = 1.938T, +9.872
Kim et al. opt geout
25 < Tyeour < 45; 75 < Pyeoue < 135
Authors Control Equation (Transcritical CO; cycle with ejector)
Sarkar et o Popr = 22.7 4 0.21T,,,, + 1.06Ty e — 0.0094T,, Ty oue + 0.0213T2.
| =45 < Ty, <55 30 < Typour < 60
Eibeland ~ Popt = 1.6Tgcour + 30
Henjak 35 < Tamp < 50; 88 < Py our < 120

2.3.3 COq transcritical cycle with two-stage compression

As two-stage compression is carried out by intermediate cooling, worked required to compress

the refrigerant to desired optimum pressure is less together with reduced compressor outlet

temperature unlike single stage compression. Furthermore, volumetric loss in the compressors

could be reduced in absence of leakage due to great pressure differential, and higher isentropic

efficiency of the compressors could be achieved because of low pressure ratios. However, the

investment cost for such systems will be higher for the addition of one more compressor unit.
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Cavallini et al. (2005) tested the cooling performance of a two-stage compression transcritical
experimental system at different intercooler temperatures, and they found improved cooling
COP by 21.1% compared to basic transcritical cycle. Flash intercooling is an alternative means
of cooling the refrigerant between compression stages in which the inter-stage CO2 temperature
is reduced by mixing with expansion vapor in a flash tank (Austin & Sumathy, 2011). Fig. 2.21
shows the system schematic and cycle diagram of a transcritical CO2 heat pump incorporating
flash intercooling. In their research Agrawal et al. (2007) determined that, unlike other methods
of intercooling, two-stage compression with flash intercooling decreased the COP compared to
that of an analogous system with single stage compression. This is due to the fact that mass
flow rate through the second stage compressor increases significantly. Though the specific work
of compression in the second stage is reduced, actual compression work in the second stage

increases. Intermediate pressure was found to have little impact on COP (Agrawal et al., 2007).

— Gas Cooler
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Figure 2.21 Transcritical CO2 heat pump with intercooling: (a) schematic diagram, and (b) cycle p-h
diagram (Austin & Sumathy, 2011)

2.3.4 CO:q transcritical cycle with ejector

One of the downsides of the CO; transcritical cycle compared to other working fluids is the
expansion losses associated with it. In a transcritical cycle, the greater pressure difference
results in greater expansion losses, thus making work recovery more feasible and beneficial. In
order to reduce expansion losses two basic cycle modifications, namely- ejector expansion and

expander work recovery are proposed by a number of researchers. In this section transcritical
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COz cycle with ejector will be discussed briefly. In chapter 4, thermodynamic model of ejector
will be discussed together with the model used in Modelica TIL library.

One of the biggest advantages of the ejector over expanders is that it does not contain
mechanical moving parts, thus energy does not get dissipated due to friction. Kornhauser (1990)
first proposed the ejector-expansion cycle as shown in Fig. 2.22. The basic principle is that the
high pressure CO. from the gas cooler enters the nozzle of the ejector where its velocity is
increased and pressure is decreased. This decreased pressure draws CO. vapor from the
evaporator into the ejectors mixing chamber where the pressure increases. A diffuser is utilized
to increase CO_ pressure while also lowering the velocity. CO> then enters a liquid—vapor
separator from which vapor is drawn into the compressor and liquid re-enters the evaporator.
As a consequence the inlet pressure of the compressor is increased, thus compressor work is

reduced as it operates with low pressure ration.
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Figure 2.22 Transcritical CO2 heat pump cycle with ejector: (a) system schematic and (b) cycle p-h
diagram (Sarkar, 2008)

2.3.5 CO2 transcritical cycle with expander

As mentioned earlier, use of expanders is proposed to reduce expansion losses and recover
some work during expansion process. In a theoretical study by W. Yang et al. (2005) showed
that an expander produced a 50% decrease in exergy loss compared to conventional expansion
valves, resulting in a 30% improvement in system exergy efficiency. The expander reduced the
optimum gas cooler pressure also and led to a 33% higher cooling COP. Ma et al. (2013)
performed a comparison study with expander using CO2 and R134a. The summery of their work
is listed in Table 2-3.
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Table 2-3 Comparison of expander systems using CO2 and R134a as working fluids (expander inlet
condition: 40 °C, 100 bars, outlet condition: 5 °C)

. Expansion . . The ratio of expansion
Working . Compression ratio :
. ration of work to compression
fluid of compressor
expander work
CO2 2.637 2.015 0.3789
R134a 16.45 2.84 0.1556

As expansion ration for CO: is 2.6 unlike R134a for which the value is higher than 16, it
matches the compression ratio, thus it is easier to connect compressor with an expander
coaxially in CO; systems. Furthermore, the recovered expansion work compared to compressor
work is 37% in CO2 system which is two and half times higher than R134a.
J. L. Yang, Ma, and Liu (2007) made a theoretical comparison between direct and indirect
coupling of the expander and compressors in a transcritical CO2 cooling system with dual
compression. The investigation compared three configurations: (i) expander directly driving the
high pressure compressor (DCHP); (ii) expander directly driving the low pressure compressor
(DCLP); (iii) expander indirectly driving the low pressure compressor with optimized
intermediate pressure (DCOP). Schematic diagrams of the three methods of energy transfer are
shown in Fig. 2.23. The systems were also compared to single-stage compression systems with
an expansion valve and with an expander. The results of the simulation are presented in Table
2-4. The best performance was achieved by the DCHP system. The DCOP system performed
slightly worse. The DCLP system performed worse than a system with single stage compression
system and expander. Optimum inter stage pressure was predicted to be much greater than the
geometric mean pressure, which is typically used as the optimum intermediate pressure in a

subcritical two stage compressor. (Austin & Sumathy, 2011)
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Figure 2.23 Three methods of transferring work recovered from an expansion turbine: (a) indirect low
pressure drive with optimized intermediate pressure; (b) direct high pressure drive; (c) direct low
pressure drive (Austin & Sumathy, 2011).

Table 2-4 Results of simulation comparing methods of transferring energy recovered from an expansion
turbine

Cycle ( Tev=5C, Tgc,0 = Optimum high  Intermediate pressure

40C CcoP pressure (bar) (bar)
Single cqmpressmn, 2 418 1004 ]
expansion valve
Single compression, 311 96.14 )
expander
DCOP 4.396 96.14 82.62
DCHP 3.521 101.3 80.9
DCLP 3.163 96.2 47.97

2.4 Researches on CO; Transcritical Cycle Heat Exchangers

As overall performance of CO2 transcritical cycle depends on mutual interaction among the
cycle components, researchers performed exergy analysis to figure out which component holds
the greatest potential for overall improvements of cycle performance. A study by Robinson and
Groll (1998) showed that the expansion valve suffers the most irreversibilities followed in order
by the compressor, gas cooler and evaporator. W. Yang et al. (2005) also found that the most
exergy loss occurred in the expansion valve, but concluded that the next greatest contribution
to exergy loss depended on operating conditions. In contrast to them Sarkar, Bhattacharyya,
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and Gopal (2005) concluded that the compressor had greatest exergy loss, followed in order by

the gas cooler, evaporator and finally the expansion valve.

As heat exchangers play an important role in transcritical cycle performance, many research
works have been done regarding heat transfer and heat exchanger design for CO>. In their work
Goodman, Fronk, and Garimella (2011) mentioned that the ratio between CO; and secondary
fluid heat transfer coefficients significantly influence the overall heat transfer coefficient of the

heat exchanger. Generally hg; < heo, and hy,qeer > heo,. Consequently in a water coupled

heat exchanger the overall heat transfer coefficient is more sensitive to the CO; heat transfer
coefficient; h¢o, is the primary factor which determines overall heat transfer coefficient. On
the other hand in an air coupled heat exchanger air heat transfer coefficient is the primary factor
that determines the overall heat transfer coefficient. In their investigation, Pettersen, Hafner,
Skaugen, and Rekstad (1998) found that by increasing the contact area between the refrigerant
and the heat exchanger surface, microchannel tubes can reduce the overall size of a heat
exchanger for a given heating or cooling capacity together with capability of withstanding high
operating pressure. Yin, Bullard, and Hrnjak (2001) modeled microchannel gas cooler with two
configurations. In the model, CO> flowed through microchannel tube-banks, while air was
maintained in cross-flow conditions. Each tube bank consisted of ten or more parallel
microchannel tubes connected to a header at each end. In the first test, additional tube-banks
were added in the plane perpendicular to the airflow (thus increasing the frontal area of the heat
exchanger); in the second test, tube-banks were aligned in the direction the air flow, one behind
the other, as shown in Fig. 2.24. In the first test, the model showed an increase in heating
capacity from one to three sets of tube-banks. More than three tub-banks produced marginal
increase in heat capacity. In second configuration, increase inn number of tube banks resulted
in increase in heating capacity and decreased temperature approach (difference between CO>

outlet temperature and secondary fluid inlet temperature).
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Figure 2.24 Heat exchanger tube-bank configuration for microchannel gas cooler (Austin & Sumathy,
2011)

Bendaoud, Ouzzane, Aidoun, and Galanis (2010) analyzed the performance of finned tube
evaporators with CO2 and found that pressure drop of CO2 through the evaporator is less than
with other refrigerants. Use of microchannel heat exchangers as evaporator was investigated
by several authors like (Yun, Kim, & Park, 2007), M. H. Kim and Bullard (2001), and it was
shown that the use of a microchannel heat exchanger as the evaporator improves the
performance of a transcritical CO2 heat pump system. In an evaporator alignment and
orientation of the slabs also impact the performance as simulation by Yun et al. (2007) indicates.
Fig. 2.25 shows two arrangements that were tested, and it was found that two slabs of
microchannel tubes arranged in a V-shaped showed better heat transfer capacity than two than

two slabs arranged in series with respect to airflow.

) Air flow )

Air flow Air flow

Figure 2.25 Heat exchanger slab configuration for microchannel evaporator (Austin & Sumathy, 2011)
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3 Borehole Heat Exchanger Models

In order to provide space heating and cooling as well as domestic hot water in residential and
commercial buildings, ground coupled heat pump (GCHP) systems use ground as heat source
or sink. Though GCHPs have attractive advantages of high efficiency and environmental
friendliness, successful operation of these systems depend on ground heat exchangers (GHE)
where heat is extracted from or rejected to the ground via a closed loop using pure water or
antifreeze (secondary fluids). The GHEs commonly used in the GCHP systems typically consist
of high-density polyethylene (HDPE) pipes which are installed in either vertical boreholes
(called vertical GHE) or horizontal trenches (horizontal GHE). The present chapter represents

a literature review of vertical GHE or borehole heat exchanger (BHE) models.

BHE configurations may include one, tens, or even hundreds of boreholes, each containing one
or double U-tubes through which heat exchange fluid is circulated (Fig. 3.1(a)). Typical U-
tubes have a diameter in the range of 19-38 mm and each borehole is normally 20-200 m deep
with a diameter ranging from 100 mm to 200 mm. Generally the annulus of the borehole is
filled with grout to prevent contamination of ground water. Fig. 3.1(b) shows the schematic of
a BHE.

e =) (,_E:\c T
N [T N QA N
= e,
1 N 4 \\
N A L Y

(a) (b)

Figure 3.1 (a) Commonly used BHE configurations; from left to right, single U-tube, double U-tube,
and concentric tubes (b) schematic of borehole heat exchanger (He, 2012; H. Yang, Cui, & Fang, 2010)

The time required for the secondary fluid to travel inside the tubes ranges from one minute and
half to twenty five minutes. Consequently there is a delay in temperature response. On the other

hand, the undisturbed ground temperature profile along the depth of the borehole is not uniform.
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Typically temperature varies along first ten meters from the surface due to solar radiation and
ambient air temperature. Together with these the heat transfer process in BHE also depends on
ground thermal properties, ground water flow, and building loads over a long lifespan of several

or even tens of years (H. Yang, Cui, & Fang, 2010).

The heat transfer process may usually be analyzed in two separated regions, namely the solid
soil/rock outside the borehole and the region inside the borehole, including the grout, the U-
tube pipes and the circulating fluid inside the pipes. In the former region heat conduction must
be treated as a transient process so that the temperature on the borehole wall can then be
determined for any instant on specified operational conditions. The later region is sometimes
analyzed as being steady- state or quasi-steady-state and sometimes analyzed as being transient.
These two separate analyses must be interlinked on the borehole wall.(H. Yang et al., 2010)

3.1 Classification of the Borehole Models

According to He (2012), depending on the methodology BHE models can be divided into four
categories —

1. Analytical models

2. Steady state models

3. Response factor models
4

Discretized numerical models

According to H. Yang et al. (2010) , BHE heat transfer models can be categorized into two
types depending on the region of application of the models —

1. Heat transfer models applied outside of the borehole

2. Heat transfer models applied inside the borehole
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Table 3-1 Summary of the current ground coupled heat exchanger models

Model Methods Thermal Boundary
Kelvin’s line source Infinite line source Yes No
Cylindrical source Infinite cylindrical Yes No
source
Combination of
Outside borehole  Eskilion’s source solution numerical and analytical Yes Yes
methods
Finite line-source solution  Analytical methods Yes Yes
Short time-step model Numerical methods Yes Yes
Thermal
interference Heat flux
Model Methods between U-  along depth
tube pipes
One-dimensional model
. . - No No
(equivalent pipe)
Inside borehole Two-dimensional model - Yes No
Quasi-three-dimensional i Yes Yes

model

Table 3-1 gives the summary of the models that have been developed over the year by different

researchers. Detail information about these models can be found in He (2012) and H. Yang et
al. (2010). In this chapter vertical BHE EWS model will be discussed in details followed by the

description of the borehole model used in Modelica.Buildings library.

3.2 Vertical BHE EWS Model

The Erdwarmesonden (EWS) model was developed in 1997 by Huber and Wetter for double

U-tube BHEs in order to improve the modeling of transient behavior and reducing the

simulation time compared to other ground source models. The EWS-model uses a combination

of analytical and numerical methods where one dimensional heat equation in cylindrical

coordinates is solved using the Crank-Nicholson algorithm. The equation can be expressed as

follows —

0°T OoT

10T

or? + or

adr
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In order to solve Egs. 3.1, the BHE is divided into different layer with variable distances in
radial direction (Fig. 3.2).

TEartth,k»l)

lﬂuid grout soil soil

m Tearth(a )
(]

Ro

TEarth(O,k)

Ro

TEarth(O,k+1)

2

M3

r3

Figure 3.2 Diagram of different layers with variable distances in radial direction of the BHE (He, 2012).

_Din / = inner radius of the pipe \|
b/z = radius of the borehole } (3.2)

' 1—f 5 |

forJZZ:T)'ZT)'_l‘F(Tm_Tl)(W) J

where 1,,, and f are the maximum radius of the simulation area and the grid factor respectively.

The grid factor is defined in the following way —
f=— (3.3)

In the above equations, j is the index of calculation point, 7; is the radius on calculation point
j.

Discretization of Egs. 3.1 according to Crank-Nicholson method gives —

dtL dtL;
Tn+1,j J (Tn+1] 1 n+1,j) 2 ]C+1 ( n+1,j+1 n+1,j)
3.4
=Ty + (TnJ 17 Tl]) (Tn1+1 n,j)

33



where n and j are the indices for time step and radial step respectively. The conductance L and
the heat capacity C inside the borehole depends on the type of BHEs. The conductance and heat

capacity are defined as —

L= 1 Q
TR AT (3.5)
C =cppV

where R is the thermal resistance. The following equations express the thermal capacity and

thermal resistance —

Cl,j = Cgrout = (Cpp)groutn(rlz - 47'02)dl

fori=2: Cij = (cpp)soin m(r? —r2)dl (3.6)

R_11 1_|_1lr1rz1
17 42ndl\ar, kgrout n "

1 1 roo1 rzz>
R, = —— In—+ In—= (3.7)
27 2mdl <kgrout 21 Ksoii 11
. 1 1 Yy
fori>3: R, = In

 2mdlkgo Tai-1)

In the vertical direction, the BHE is divided into layers with equal distances (Fig. 3.3).

Borehole length
dl = 3.8
DimAxi (38)

The fluid temperature is calculated from the energy balance from the upward and downward
flowing fluid in each vertical layer. The Temperature of the fluid is then used as the boundary
condition of the simulation of the heat transfer in the radial direction from the fluid to the ground

as described above.
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Figure 3.3 Diagram of different layers with equal distance in vertical direction of the BHE(He, 2012).

The energy balance equations for each element are the followings —

Lodt
Tdown(k,n) = Tdown(k,n—l) + (Tdown(k—l,n) - Tdown(k,n—l)) mec

(3.9)
+(T, T, ) ( Ladt )
Earth(kn-1,1) — ‘down(kn-1)
W 2me,
Lodt
Tup(k,n) = Tup(k,n—l) + (Tup(k—l,n) - up(k,n—l)) me
? (3.10)
e ) <L1dt )
Earth(1+DimAxi—kn—-1,1) = ltup(kn-1)
2mcy,
where L, is given by —
Ly = cp s = 21§ VPsCy (3.11)
and the boundary condition are —
Tdown(o,n) = Tsink
Tup(O,n) = Tdown(DimAxi,n) (3.12)

Tsource = up(DimAxi,n)

By solving these equations in the direction of flow, the temperature of the fluid can be
calculated.
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3.3 Borehole Heat Exchanger Model in Modelica.Buildings library

The borehole heat exchanger consists on a single U-tube which is vertically discretized into

Nseg €lements of height h = hy,,,/n,. 4. Each segment contains a model for the heat transfer in

the borehole, for heat transfer in the soil and for the far-field boundary condition.

The heat transfer in the borehole is computed using a convective heat transfer coefficient that
depends on the fluid velocity, a heat resistance between the two pipes, and a heat resistance
between the pipes and the circumference of the borehole. The heat capacity of the fluid, and the
heat capacity of the grout, is taken into account. All thermal mass is assumed to be at the two

bulk temperatures of the down-flowing and up-flowing fluid.

The heat transfer in the soil is computed using transient heat conduction in cylindrical
coordinates for the spatial domain r,, < r < 1., . In the radial direction, the spatial domain
is discretized into ny,,,- segments with uniform material properties. Thermal properties can be
specified separately for each horizontal layer. The vertical heat flow is assumed to be zero, and

there is assumed to be no ground water flow.

The far-field temperature, i.e., the temperature at the radius r,,;, is computed using a power-
series solution to a line-source heat transfer problem. This temperature boundary condition is

updated every tsgmpie S€CONS.

The initial far-field temperature T,y s¢qre, Which is the temperature of the soil at a radius 7.,
is computed as a function of the depth z > 0. For a depth between 0 < z < z, , the temperature
IS Set 10 Toxr 0 seare- 1Ne Value of z, is a parameter with a default of 10 meters. However, there
is large variability in the depth where the undisturbed soil temperature starts. For a depth

of z, < z < hy,,, the temperature is computed as —

dT) (3.13)

i _ i
Text,start - Text,O,start + (Z - ZO) (dZ

with i € {1,2, ..., ny.-}, Where the temperature gradient (dT/dz) > 0 is a parameter. As

with z,, there is large there is large variability in (dT/dz) > 0. The default value is set to 1

Kelvin per 100 meters. For the temperature of the grout, the same equations are applied, with
Toxto,stare ePlaced With Tryp o srare, A0 Thep seare replaced with Tf;, o orr. The default setting

uses the same temperature for the soil and the filling material.
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4 CO:2 Ejector Cycle

This chapter deals with simulation of transcritical CO2 cycle using Modelica TIL Suit package
and Modelica.Buildings library. In addition to a borehole heat exchanger, an ejector is added to
the transcritical CO> heat pump cycle to evaluate the system performance under different
operating conditions. The beginning part of the chapter discusses thermodynamic analysis

ejector cycle followed by system simulation of heat pump cycle.

4.1 Thermodynamic Analysis of Transcritical CO. Heat Pump Cycle with

Ejector

After the first proposal of ejector cycle by Kornhauser (1990), a number of researchers have
done both theoretical and experimental study on the topic. While Li and Groll (2005) modeled
a modified ejector cycle which was designed to adjust the vapor quality at the evaporator inlet
and aid steady state operation, Deng, Jiang, Lu, and Lu (2007) focused on the importance of
entrainment ratio for optimized performance. Sarkar (2008) theoretically analyzed the use of
an ejector in a transcritical CO> heat pump for simultaneous heating and cooling.

4.1.1 Basic Structure of Ejectors

An ejector three main parts, namely suction chamber, misxing chamber, and diffuser section
(Fig. 4.1). High pressure gas from the gas cooler side called motive stream expands in the
motive nozzle, thus its velocity is increased. With high at the motive nozzle exit, motive stream
entrains low pressure suction stream (secondary stream) from the evaporator into the misxing
section. The two streams mix in the mixsing section and become one stream followed by

increase in pressure in the diffuser section.

Suction Chamber Mixing chamber Diffuser
- - - »-
|
|
| |
|
|
| Motive stream —p | ! -
|

gt ) R

Suction stream

Figure 4.1 Structural sketch of an ejector (Sun & Ma, 2011)
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Two performance parameters associated with ejectors are entrainment ratio and pressure list
ratio (PLR). They are defined as the following (Sarkar, 2008) —

mass of secondary flow  mg

Entrainment ratio, u = 4.1)

mass of motive flow 1,

) ) static pressure at dif fuser exit
Pressure Lift Ratio, PLR = - - (4.2)
static pressure at secondary flow inlet

4.1.2 Mathematical Model of Transcritical Ejector Cycle

The mathematical model of transcritical ejector cycle presented in this chapter will closely
follow the model proposed by Sarkar (2008), Li and Groll (2005), Ahammed, Bhattacharyya,
and Ramgopal (2014) . The cycle schematic and the p-h diagram are shown in Fig. 4.2, and the

following assumptions are made for the ejector cycle —

— Pressure drop in the heat exchangers and connecting pipes is negligible

— The Refrigerant condition at the evaporator outlet is saturated

— The vapor stream and the liquid stream out of the separator are saturated

— The flow is isenthalpic through expansion valve

— Both the motive and the suction stream reach the same pressure at the inlet of the
constant area mixing section of the ejector. There is no mixing between the two streams
before the constant area mixing section

— The expansion efficiencies of the motive stream and suction stream are given constants,
so as the diffuser section efficiency

— Kinetic energy of the refrigerant at the ejector inlet and outlet are negligible
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Figure 4.2 Transcritical CO2 heat pump cycle with ejector: (a) system schematic and (b) cycle p-h
diagram (Sarkar, 2008)

Assuming the pressure before the inlet of the constant area section is p, and the entrainment

ratio is u, the following equations can be identified for the ejector (Fig. 4.3).

Figure 4.3 Enlarged view of the ejector (Austin & Sumathy, 2011)

The pressure of the motive stream p; drops to p,in an isentropic process before it enters the

mixing section (section b-b in Fig. 4.3). Hence,

(4.3)

Smb,is = Smi

Using equation of state the corresponding enthalpy of the motive stream can be determined.

hmb,is = f(smb,isr Pb) (4.4)
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The actual enthalpy of the motive stream at the inlet of the content area mixing section pf the
ejector can be found by using the definition of expansion efficiency.

hmi - hmb

4.5
hmi - hmb,is ( )

Nm =

Applying conservation of energy across this expansion process, the velocity of the motive

stream can be found.

Ump = 2(hmi - hmb) (4-6)

The specific volume of the motive stream at the inlet section b-b can be found using property

relationship.

Vmp = f (Rinp, Pp) (4.7)

The area occupied by the motive stream at section b-b per unit total ejector flow rate can be

found using conservation of mass.

Umb
Ay = ——— 4.8
™ umb(l + .u) ( )
Now, correlating the equations with state point on the p-h diagram gives —
( Smi = S3 \
hmi = hs
Ump Uy
lk Vmp = Vs JI
Amp = Ay

An analogous approach can be adopted to find the properties of the suction stream where it
expands from pressure pg to p,, at the section b-b. Thus using the same arguments as in Eqgs.

4.3 to Egs. 4.9, the following equations can be derived.
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Ssb,is = Ssi (4-10)

hsb,is = f(ssb,is' pb) (4-11)
hsi - hsb
= — 4.12
s hs; — hsb,is ( )
Usp = 2(hsi - hsb) (4-13)
Vsp = f(hsb, pb) (4-14)
Vo
( Ssi = Sg \
hsi = hg
hsp = ho (4.16)
Ush = Ug '
L Vsp = Vg }I
asp = Qg

Applying mass, momentum and energy equation to mixing section, following equations can be

derived where u,, p1o, and h,, are missing velocity, pressure , and enthalpy respectively —

(uy + puy)
i = =—" 4.17
Umix U1o (1 + 'u) ( )
Uy HUqg

(ag + ag) + uqg = po(as + aq) + + 4.18
P1olay 9 10 = Poldy 9 A+p  (A+p ( )

2 2 2

U1o 1 Uy U Ug
—_— = — — | +— — 4.19
hio + = 1+u<h4+2)+1+u<h9+2> (4.19)

And for the diffuser section energy balance is given by —
ufo

hs = hyg + — (4.20)

2
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The overall energy balance in the ejector in given by —

(1+whs = hs + phg (4.21)

Vapor quality at the exit of the diffuser of ejector is expressed as —

1
(1+w)

xs = f(ps, hs) = (4.22)

Saturated liquid from separator is throttled to evaporator through expansion valve in an

isentropic process yielding —

For the cycle the compressor work and heating capacity are in given by —

. 1 _
W, = T+ (hy — hy)myp; (4.24)
. 1 _
Qgc = T+ (hy — h3)meo; (4.25)

And the cooling capacity of the ejector cycle is given by —

: u .
Qev = m (h8 - h6)mt0t (4.26)

In Eqgs 4.22 to 4.24, m,,, is the total mass flow rate through the ejector. The relation among
total mass flow rate, entrainment ratio, suction mass flow rate and motive mass flow rate are

given by the following equations —
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X . My (4.27)

The coefficient of performance (COP) both for cooling and heating are given by —

Qcv
COPcooting = %
c

(4.28)

)

gc

|
)

I
k COPheating =

S

4.1.3 Ejector Model in Modelica TIL Package

In TIL package the ejector model is defined by ejector efficiency. The ejector model contains a
black box containing a compressor and a turbine mounted on the same shaft. According to the
model the motive stream with as mass flow rate m,, expands in the turbine from supercritical
pressure p, to intermediate pressure p;,,. The expansion energy obtained is used to compress
the suction stream that flows with the mass flow rate mg from pressure p,, (evaporating
pressure) to intermediate pressure p;,,. Fig. 4.4 shows both the black box model and associated

processes in p-h diagram — solid lines for ideal processes and dashed lines for real process.

Turbine

Pressure

Compressor

Specific Enthalpy

Figure 4.4 Schematic diagram of black box ejector model and corresponding p-h diagram (Richter,
2008).

The isentropic efficiencies of the compressor and the turbine can is calculated as follows —
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1
h 12,is — h12

=" 4.29

ncomp hllz _ h12 ( )
h,4_ - h,4

N 4.30

Mt hs — W g zs (4.30)

The ejector efficiency 7, is defined as the product of the two single component efficiencies and

can be computed from

hllZ,iS - h’12 h4- - h,4

— =— : (4.31)
ne ncopmnt h 12— hlz h4 _ h 4lis
The entrainment ratio can be found by the energy balance of the ejector
i hy —h'

. ’
My h'y2 —hyy

Together Eqgs. 4.28 and Egs. 4.29 give the following equation for the ejector efficiency as

ms hllz is — h12
= — s 4.33
Te mpy h4- —h 4,is ( )

From Fig. 4.4 illustrate that the enthalpy differences in the definition of the ejector efficiency
are strongly influenced by the pressure differences between high and intermediate pressure and
between evaporation and intermediate pressure. The higher the pressure raise within the ejector

and the higher is the suction mass flow rate, the higher the ejector efficiency.

The second parameter that influences the performance of the ejector is the shape of the primary
nozzle where the motive steam is accelerated to high speed by the expense of gas cooler high
pressure. The most important geometrical parameter that affects the mass flow rate through the
nozzle is its smallest flow area A,(Fig. 4.5). It is important to note that the effective flow area

Agsr is smaller than the geometrically smallest flow area A,.
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Figure 4.5 Schematic sketch of flow through a nozzle (Richter, 2008)

The mass flow rate through the nozzle is given by the following equation —

My, = Aerp 204(On — Ds) (4.34)

where, ps is the mixing pressure. The relation between effective flow A, area and geometric

flow area is the following —
Aerr = el (4.35)

where, the flow coefficient 1 accounts for the effects of flow contraction whereas the expansion

coefficient ¢ takes compressibility effects into account.

In the development of the TIL package model for ejector, experiments had been conducted to
measure the ejector efficiency n, together with the value of ¥ and €. In their report it is
mentioned that a major research activity has been undertaken to develop better and reliable
model for the ejector as previous experiments showed low efficiency of the ejector. (Richter,
2008)

4.2 Experimental Investigation on Ejectors

The ejector model represented in section 4.1.2 considers only momentum and energy balance
for the process occurring inside the ejector. However, the analysis of ejectors remains
incomplete without the consideration of mass transfer that is necessary for analyzing the
metastable conditions occurring during the phase transitions, which is particularly important
for precise evaluation of the critical mass flow rate of the motive fluid for a given geometry of
the motive nozzle. Researches have been conducted for the last two decades to develop
computational codes capable of assessing the key features of the two-phase ejector

performance, i.e., entrainment and pressure ratios along with the profiles of pressure, velocity
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and density. Banasiak and Hafner (2011) presented a one-dimensional ejector model for CO>
that uses a combination of several approaches adopted previously by other researchers such as
Delayed Equilibrium Model supplied with the Homogeneous Nucleation Theory for the
purpose of the metastable states analysis for a transcritical flow with delayed flashing over the
motive nozzle. The developed model was validated based on the experiments performed at
SINTEF Energi Laboratory for a typical range of operating conditions. Figure 4.6 shows the

geometry on which the tests were performed.

Figure 4.6 Basic geometry of the ejector used in experiment conducted by Banasiak and Hafner
(Banasiak and Hafner, 2011)

An experimental and numerical investigation of the performance of ejector CO2 heat pump
cycle for different two-phase ejector geometry was carried out by Banasiak, Hafner, and
Andresen (2012). The geometry of the ejector used in the experiment is similar to that of Fig.

4.6. Operating condition during experiment are the following —

e Gas cooler pressure range : 80 x 10° Pa to 115 x 10° Pa
e Gas cooler outlet temperature : ~ 303.7 K or 30.5 °C

e Evaporator pressure : ~ 35.5 x 10° Pa

e Evaporator temperature : ~ 0.5 °C

e Superheating at the exit of evaporator : ~5 K

Fig 4.7 and 4.8 show the experimental results conducted by Banasiak, Hafner, and Andresen

(2012). Their numerical simulation also supports the results obtained in the experiments.
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Figure 4.7 Experimental values of ejector efficiency (on the left) and the mass entrainment ration and
suction pressure (on the right) for different diffuser geometries (Banasiak, Hafner, and Andresen, 2012)
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Figure 4.8 Experimental values of ejector efficiency (on the left) and the mass entrainment ration and
suction pressure (on the right) for different mixer lengths (Banasiak, Hafner, and Andresen, 2012)

Based on their experiment the 5° divergence angle proved to yield the highest values of the

ejector efficiency among all geometry options examined, and the best mixer length was equal

to 30 x 10°* m together with best mixing section diameter 3 x 103 m.
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4.2.1 Utilization of the Experimental Results

In this thesis the experimental results found by Banasiak et al. (2012) will be used for the steady
state ejector cycle calculation, and the ejector geometry would be the best configuration
suggested by the authors —

e Divergence angle : 5°

e Mixing section length : 30 x 10°m

e Mixing section diameter : 3 x 10°m

Table 4.1 shows the experimental results for the particular geometry of the ejector.

Table 4-1 Experimental results for the particular geometry of the ejector

Gas cooler Suction
outlet Entrainment Ejector
) pressure . .
pressure, ratio [-] ratio [-] efficiency
Pgc [bar]
81.2 0.569 1.10063  0.26
95 0.64375 1.115 0.30875
103.75 0.65625 1.11875 0.30625
115 0.675 1.11438 0.2875

Fig 4.9, 4.10, and 1.11 show the relations between gas cooler outlet pressure with entrainment
ration, suction pressure ration and ejector efficiency respectively. With increase in gas cooler
outlet pressure entrainment ratio also increases. However, the rate of increase is less compared
to pressure interval 80 bar to 95 bar. On the other hand, suction pressure ration shows an
increase in value with gas cooler outlet pressure till pressure reaches 103 bar and decreases
onwards with increase in pressure. Ejector efficiency shows it highest vale around 95 bar.
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Figure 4.9 Relation between ejecor efficiency and gas cooler pressure
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In order to utilize these experimental data in steady state caiculation, following piecewise liniar

relationship can be derived both for entrainment ratio and suction pressure ratio.

Entrainment ratio , u

5.417 x 1073py. 4+ 0.1292 ; 81.2 < pye < 95

(4.36)
= {1.4286 x 1073p . + 0.5080 ; 95 < p,. < 103.75
1.667 x 10~3p,. + 0.4833 ; 103.75 < p,. < 115
Suction pressure ratio or Pressure lift ratio, PLR
: x 1073 : ; 81.2 <
1.0417 X 10™°pyc + 1.01604 ; 81.2 < pye < 95 (4.37)

= {4.2857 x 1073p . + 1.07429 ; 95 < p,. < 103.75
—3.889 x 107*p,. + 1.1591;103.75 < p,y. < 115
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5 Case Study and Solution Approach

This chapter contains the description of the systems considered for study along with their
respective equations and boundary conditions. The first system considered is the conventional
CO2 TRC cycle with expansion valve, suction gas heat exchanger, air cooled gas cooler, and a
gas cooler coupled to borehole heat exchanger. The other system comprises of an ejector instead

of expansion vale without suction gas heat exchanger when other components remain the same.

5.1 Design Concept and constrains

In summer dominating countries, the ambient air temperature could reach above 40 °C during
hot summer days. A CO. TRC building cooling system rejecting heat to ambient air in such a
climate would face a minimum temperature up to which it can reject heat before the working
fluid is throttled down to low pressure in order to provide cooling. Furthermore, in order to
have effective heat transfer between the working fluid and ambient air, a temperature difference

must be provided which would result in even a higher temperature limit.

CO2 T-h diagram can be used to visualize this constraint posed by high ambient temperature
(Fig. 5.1). Let us consider the maximum air temperature 40 °C and temperature difference for
effective heat transfer 5 °C. Consequently minimum temperature up to which supercritical CO>
can be cooled is 45 °C. Theses temperatures are shown in green and yellow lines respectively
in Fig. 5.1. Now, if we consider a conventional cycle C'-E-Dg-C where the high pressure is 9
MPa, due to the constraint of T = 45 °C the cycle will have very low refrigerating effect (length
C'E) consequently poor cooling COP. However, for the given constraint if the pressure is
increased to 10 MPa (cycle B'-E-D10-B), the refrigerating effect will increase resulting in a
higher cooling COP. Although further increase in pressure will also increase the refrigeration
effect, systems with very high pressure are infeasible and uneconomic. Apart from these, the
diagram shows something very significant that is if the gas cooler outlet temperature could have
been lowered beyond T = 45 °C to less than 30 °C, the refrigeration effect would increase

significantly even at a low pressure.
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Figure 5.1 T-h diagram to illustrate the ambient air temperature constraint on CO; transcricital cycle

It is evident from the above discussion that in order to have better cooling performance the
system should have an optimum operating pressure and low gas cooler outlet temperature. This
can be achieved by introducing another gas cooler into the system that is connected to a
borehole heat exchanger where the soil functions as a heat sink whose temperature is relatively
low and stable compared to ambient air temperature. Thus, it is possible to lower the outlet
temperature of the gas cooler side equal or below to 30 °C for an optimum pressure. However,
the amount of heat ejection to the borehole depends on the thermal properties of the soil and
the length of the borehole. Furthermore, the length of the borehole is an economic decision, and
it is necessary to investigate overall system configuration and performance before
implementing such systems. This thesis investigates CO2 TRC systems that operates with two
gas coolers — one rejecting heat to ambient air and another to the soli through a borehole heat
exchanger for a constraint posed by the maximum ambient temperature. The system

configurations considered (for steady state calculation) are —

1. Hybrid system with expansion valve (HS1): the main components are evaporator, low
pressure receiver, suction gas heat exchanger, compressor, air cooled gas cooler, gas
cooler coupled to borehole heat exchanger, and expansion valve.

2. Hybrid system with ejector (HS2): the main components are evaporator, low pressure
side expansion valve, liquid separator, compressor, air cooled gas cooler, gas cooler

coupled to borehole heat exchanger, and ejector.
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Before performing simulation in Modelica, it is necessary to perform steady state calculation

of the system configurations mentioned above. In further discussion system with expansion

valve and system with ejector will be referred as HS1 and HS2 respectively. For both of the

systems, some assumptions were made during calculation, namely —

5.1.1

No pressure drop in the pipes
No heat loss form the heat exchangers

No heat loss from the compressor

Boundary condition for HS1

Table 5.1 summarizes the boundary conditions for HS1 steady state calculation.

Table

5-1 Boundary conditions for HS1

Cooling load

Evaporating Temperature

Evaporating Pressure

Gas cooler pressure

Superheating before compressor inlet
Compressor isentropic efficiency
Compressor volumetric efficiency
Maximum air temperature

Temperature difference at air cooled gas cooler outlet
Outlet temperature of the second gas cooler
Heat transfer per unit depth of soil
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10 [kW]
0 [°C]
34.85 [bar]
100 [bar]
5 [°C]
08 []
08 []
40 [°C]
5 [°C]
30 [°C]
40 [W/m]



5.1.2 Boundary condition for HS2

Table 5.2 summarizes the boundary conditions for HS2 steady state calculation

Table 5-2 Boundary conditions for HS2

Cooling load 10 [kw]
Evaporating Temperature 0 [°C]
Superheating at evaporator exit (ejector inlet condition) 5 [°C]
Evaporating Pressure 34.85 [bar]
Gas cooler pressure 100 [bar]
Superheating before compressor inlet No superheating  [-]
Compressor isentropic efficiency 08 [-]
Compressor volumetric efficiency 08 []
Maximum air temperature 40 [°C]
Temperature difference at air cooled gas cooler outlet 5 [°C]
Outlet temperature of the second gas cooler 30 [°C]
Heat transfer per unit depth of soil 40 [Wim]

5.2 Governing equations for steady state calculation

5.2.1 Mathematical model for HS1

Fig 5.2 and 5.3 show the p-h and system’s schematic diagram for HS1 respectively. With afore
mentioned boundary conditions the following governing equations can be written for this
system. This mode was implemented in RnLib .

5.2.1.1 Evaporator

For a given evaporator load —
Qevp = my(hy — hy) (5.1)

where, Q'evp and m, represent evaporate duty and refrigerant mass flow rate. Enthalpy is

represented by h and subscript with it represents the point on p-h diagram.
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5.2.1.2 Suction gas heat exchanger

Assuming the effectiveness of the suction has heat exchanger ¢ = 1, the following equations
can be written —
h3 —hp = hy — hg

h, = function(pevp,Tl = Tepp + 5°C) (5.2)
Saturated gas enthalpy, h, = function(peyp 0T Teyp)

5.2.1.3 Compressor

Vi/com = mr(hz - hl)
hys — hy (5.3)

s

h2=h1+

where, W,,,, and n represent compressor work and its isentropic efficiency respectively.

5.2.1.4 Air cooled gas cooler

{ Qgc,air = mr(hz - hc) (5.4)

he = function(pgc, T = 45°C)

where, Qgc,air represents the amount of heat that is rejected to air before supercritical CO>

rehashes 45 °C at the given gas cooler pressure.

5.2.1.5 Gas cooler connected to borehole heat exchanger

Qgc,bh = m, (ha — hy) (5.5)
h; = function(pgc, T; = 30°C) '
5.2.1.6 Expansion valve
Isenthalpic process takes place in the expansion valve, thus —
hy = hy (5.6)

The coefficient of performances are given by —
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5.2.2 Mathematical model for HS2

The inadequacy of the model presented in section 4.1.2 can be overcome by using experimental
correlation developed in section 4.2.1 for prediction of entrainment ration and suction pressure
ration when gas cooler pressure is given. As the boundary condition for HS2 matches the
experimental condition by Banasiak et al. (2012), there following steady state calculation can
be performed for CO, TRC ejector cycle. System calculation was carried out both in RnLib and
EES (Engineering Equation Solver).
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5.2.2.1 Ejector

The ejector entrainment ratio and suction pressure ratio are connected to gas cooler pressure by

Entrainment ratio , u

5.417 x 1073p,. 4+ 0.1292 ; 81.2 < py. < 95
= {14286 x 1073p,. + 0.5080 ; 95 < p,. < 103.75
1.667 X 10~3p,. + 0.4833 ; 103.75 < py < 115

(5.8)

Suction pressure ratio or Pressure lift ratio, PLR

1.0417 x 1073py. 4+ 1.01604 ; 81.2 < py. < 95
= {4.2857 x 1073p . + 1.07429 ; 95 < p,. < 103.75
—3.889 x 107*p,. + 1.1591;103.75 < py. < 115

(5.9)

The relation for entrainment ration and mass flowrates is given by —

{ . My 3 (5.10)

Ejector efficiency is given by —

_ hy—he
ne_ uh4_ha

(5.11)

Ejector energy balance gives —
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Evaporator

For a given evaporator load —

I .
—— (hg — hs)m

he = function(Peyp, Te = Tepp + 5°C)

Qevp =

5.2.2.2 Expansion valve

For isenthalpic expansion process —

5.2.2.3 Liquid separator
Energy and mass balance for the liquid separator are given by —
(14 wh; = hy + phy
A1+wx, =1 (5.15)
x7 = function(p,, hy)
where,

D7 = Pa = D1 = Pevp X PLR (5.16)

5.2.2.4 Compressor

hys — hy (5.17)

where, W,,, and n represent compressor work and its isentropic efficiency respectively

5.2.2.5 Air cooler gas cooler

{ Qgc,air = m,(h; — h) (5.18)

he = function(pge, T = 45°C)

where, Q'gc,air represents the amount of heat that is rejected to air before supercritical CO>

rehashes 45 °C at the given gas cooler pressure.
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5.2.2.6 Gas cooler connected to borehole heat exchanger

{ Qgc,bh = 1, (hg — h4) (5.19)
hs = function(pg, Tz = 30°C) '
The coefficient of performances are given by —
Q
COPcooling = 2P
0 :‘_”g (5.20)
kCOPheatmg = al;l/ gebh
com
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Figure 5.4 Schematic diagram of HS2

In Fig 5.4 the component arrangement for HS2 is shown schematically. At this point it is
important to mention that the actual process taking place inside the ejector cannot be
represented in a p-h diagram. In Fig 5.5 this processes are shown in dotted lines. The line joining
point 3 and 9 represents the process taking place inside the motive nozzle, point 10 represents
the mixing of the two streams, and line 10 to 7 represents the pressure increase in the diffuser

section.
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Figure 5.5 p-h diagram of HS2 (CO2 transcritical cycle with ejector)

5.3 Modelica simulation initialization

Before conducting simulation in Modelica (Dymola platform), it is necessary to size the
components that would be used during simulation. The results found from the steady state
calculation of HS1 and HS2 were used during simulation initialization. Some of the basic

calculation was also done using RnLib.
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6 Results and Discussion

Before discussing the results obtained, it is necessary to define the investigations that were

made during the simulation. For HS1 and HS2 the keys questions investigated were —

Comparison of coefficient of performance (cooling) for both system configurations
Compression power required for each configuration

Load on air cooled gas cooler for constraints posed by ambient air temperature

For specified thermal properties of soil, required length of the borehole for both systems
Comparison between HS2 steady state calculation and Modelica results

HS2 Modelica System response with respect to ambient temperature change

N o a A w Db oE

Performance comparison for theoretical and Modelica systems
6.1 Performance comparisons of the systems

As HS1 comprises of CO2 TRC cycle with expansion valve, in the steady state case there is
only one mass flow rate in the system. A 5°C superheat before inlet of the compressor is
provided to make sure that no liquid goes into the compressor as well as to decrease the work
of compression. This superheating is provided by the use of a suction has heat exchanger, and
the advantage of it was discussed in section 2.3.1. However, HS2 which operates on standard
CO- cycle does not have a suction gas heat exchanger, and there are two mass flow rate in the
system, namely motive mass flow and suction mass flow. At the end of the evaporator a 5°C
superheat was provide to improve entrainment capacity of the motive flow. The theoretical
analysis shows that the cooling performance of HS2 is on an average 8% higher than HS1 for
pressure varying from 81 to 115 bar. It should be noted that the motive mass flow rate of HS2

depends on the gas cooler pressure unlike HS1 where mass flow rate is constant.
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Figure 6.1 Cooling COP comparison of the system HS1 and HS2
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6.2 Refigured compression power

Fig. 6.2 shows the compressor power required for both HS1 and HS2. On average the
compressor power needed for ejector cycle (HS2) is 8% less than conventional expansion valve
cycle (HS1) when gas cooler pressure ranges from 81 to 115 bar. This explains the COP
improvement achieved by HS2 discussed in the last section. The reason behind less power
consumption is that in HS2 the compressor operates for lower pressure ratio compared to HS1.
Although for HS2 mass flow rate through the compressor is on average 14% higher than HS1,
the pressure ratio for compressor is lowered by ejector action giving low power requirement for
HS2 (Fig. 6.3).
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Figure 6.2 Compressor power comparison between HS1 and HS2
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Figure 6.3 Mass flow rate through compressor and gas coolers in HS1 and HS2
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6.3 Load on air cooled gas cooler

As there exits constraint from ambient air temperature, the air cooled gas coolers for both
system configuration can handle certain amount of load with respect to total cooling load of 10
KW at a given gas cooler pressure. A parameter called ‘Relative Cooling Load Capacity of Air
Cooled Gas Cooler (RAGC)’ for a given pressure can be defined as following —

Relative cooling load capacity of air cooled gas cooler (RLAGC)

y 6.1
= —Q.gc'“” x 100% ©D

evap

Fig. 6.4 shows the relative comparison of RAGC for both HS1 and HS2. HS2 has less RLAGC
for a given pressure due to the fact that the mass flow rate in HS2 is higher than HS1 for that
gas cooler pressure. Thus, in HS2 the supercritical CO- reaches temperature limit (45°C in this
case) faster than HS1. One consequence of this fact is for HS2 load on the second gas cooler
would be higher compared to HS1, and this would lead to longer borehole length for ejector

cycle.
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Figure 6.4 Comparison of relative load handling capacity of air cooled gas cooler for HS1 and HS2

6.4 6.4 Required length of the borehole

Fig. 6.5 shows the required borehole length for both HS1 and HS2 when heat transfer rate per
unit borehole length is assumed to be 40 W/m. As mentioned earlier that for ejector cycle (HS2)

the mass flow rate is higher than expansion valve cycle (HS1), the load on the borehole heat
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exchanger is higher for given cooling load and gas cooler pressure. For both the systems the
length required is less at high gas cooler pressure as the air cooled gas cooler has high load
handling capacity (RLAGC). It should be emphasized at this point that the thermal properties
of the soil would play an important role for determining the required borehole length. For a
particular location experiments needs to be done to predict soil thermal behavior before

implementing such systems.

300
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—HS1

Required borehole length [m)]

80 90 100 110 120
Gas cooler pressure [bar]

Figure 6.5 Comparison of required borehole length for HS1 an HS2

6.5 HS2 steady state calculation vs. Modelica results

In the Fig 6.6 the cooling performance for steady state HS2 and HS2 Modelica simulation are
plotted against gas cooler pressure ranging from 85 to 115 bar. Though the cooing performance
shows similar pattern for both of the system, the COP of HS2 Modelica is lower than the
theoretical HS2 except for pressure around 100 bar. This is further explained by Fig 6.7 which
shows that compressor work required for this two systems. It shows that near 100 bar the
compressor work for HS2 Modelica is almost equal to the work required for theoretical HS2.
For pressure higher than 100 bar, the work for HS2 Modelica remains higher than theoretical
calculation. The difference in compressor work and COP may result from the fact that the
ejector model used in Modelica over predicts the entrainment ratio than the experimental results

that had been used for theoretical calculation (Fig. 6.8).
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Figure 6.6 Comparison for COP of HS2 Modelica simulation and theoretical HS2

At this point it is necessary to mention that ejector model in Modelica uses three different nozzle
equation, namely incompressible nozzle flow (Bernoulli equation), compressible nozzle flow
(Energy balance equation), and flow correlation of Lucas. During the simulation compressible

nozzle flow equation was used, and it has some shortcoming as mentioned before in section
4.2.
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Figure 6.7 Comparison for compressor work requirement for HS2 Modelica simulation and theoretical
HS2
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Figure 6.8 Comparison for entrainment ratio predicted by Modelica simulation (use of energy equation
for nozzle) and experimental data (Banasiak et al experiment in 2012)

6.6 Temperature response of HS2 Modelica system

The variation of ambient air temperature was considered as 32 °C (305 K) to 40 °C (313 K),
and it was approximated with a trapezoidal temperature variation over 14 hours period while
the gas cooler side pressure was kept constant using a Pl controller (Fig. 6.9). The
corresponding load response of the gas coolers for a particular size and capacity are shown in
Fig.6.10. During the first four hours when the ambient air temperature is constant, the loads on
the gas cooler also remain constant. However, whenever the temperature begins to rise, the load
on the gas cooler connected to the borehole increase and load handling capacity the air cooled
gas cooler decreases. During the peak temperature period, the heat rejection capacity of the
second gas cooler decrease to some extent because of the rise of soil temperature, thus the outlet
temperature of CO; increases slightly which impacts the system COP.
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Figure 6.9 Trapezoidal temperature profile
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Figure 6.10 Load response of the gas coolers for a trapezoidal temperature variation of ambient air

6.7 Performance comparison of theoretical and simulated systems

Fig. 6.11 summarizes cooling COP for all the systems for particular gas cooler pressure. The
common trend is that with high pressure the cooling COP decreases for all systems. In all the
cases cycle with ejector shoes better perform than cycle with expansion vale and suction gas
heat exchanger. With no use of suction as heat exchanger is ejector cycle an economic

advantage along with performance can be achieved.
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Figure 6.11 Cooling performance of theoretical and Modelica simulated systems
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7 Conclusion

Based on the investigation made in this thesis the following conclusion can be drawn —

The cooling performance of ejector cycle for ground-coupled CO2 system is better than
conventional expansion valve cycle with suction gas heat exchanger. By using an
ejector expansion energy can be utilized to raise pressure of the suction stream, thus
pressure ratio of the compressor decreases. This helps the system to achieve better
COP. Furthermore, the cost of suction gas heat exchanger could be saved in ejector
systems.

In ejector cycle the mass flow rate through the compressor and gas cooler depend on
the entrainment ration. This mass flow (motive mass flow rate) is higher than that of
expansion cycle for the same cooling load. Consequently load on the gas cooler side is
higher than expansion valve system. This indicates that the length of the borehole
would higher for ejector system.

The thermodynamic and fluid mechanic behavior of ejector is complex, and it is
necessary to use experimental data for particular ejector geometry for system analysis.
Ejector efficiency, entrainment ratio, and suction pressure are dependent on ejector
geometry. Thus, only momentum and energy balance for correct simulation of heat
pumping systems is not enough.

In order to predict behavior of the borehole heat exchanger, experimental data is
necessary for longer period of time. This behavior may vary place to place.

For Modelica simulation proper sizing of the heat exchanger is necessary. However,
the documentation for the heat exchanger lacks information. In some cases trial and
error method was only method.

Suggestion for Future Work

For borehole heat exchanger model an updated library should be used that matches with
newer versions of Dymola. Better documentation for the mathematical model is
necessary for reliable simulation.
Better mathematical model of the ejector can be built in Modelica platform that takes
mass and heat transfer in to account along with momentum and energy conservation.
Actual weather data can be utilized for prediction of the system behavior.
Further investigation can be made for designing control system for ejector cycle.

68



e Effort can be invested to model heat exchangers in Modelica that can be used in further

heat pumping system simulation.
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