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Summary and Conclusion

Background and introduction

Carbon dioxide (COy) is recetving renewed interest as an efficient and
environmentally safe refrigerant in a number of applications, including
mobile air conditioning and heat pump systems, and hot water heat pumps.
Compact heat exchangers for COz systems are designed with small-diameter
tubing. Geometries using flat extruded microchannel* tubes with flow
through a number of parallel channels give compact and lightweight heat
exchangers even with a high-pressure fluid like CO».

Studies on two-phase flow and heat transfer in microchannel geometries
have mostly been focused on low-pressure refrigerants, and air/water
systems at atmospheric pressure. Even for conventional fluids, the
knowledge on microchannel flow and heat transfer is limited, and very few
data have been published on COa. The purpose of this study is therefore to
provide a better basis for understanding and predicting heat transfer and
pressure drop during flow vaporization® of CO; in microchannels

The “unusual” properties of carbon dioxide give heat transfer and two-phase
flow characteristics that are very different from those of conventional
refrigerants. Examples of these differences are the much higher pressure, the
resulting high vapour density, a very low surface tension, and a low liquid
viscosity. High pressure and low surface tension has a major effect on
nucleate boiling characteristics, and earlier test data have shown a clear
dominance of nucleate boiling even at very high mass flux.

Theoretical framework

Several authors have observed “confinement effects” for boiling in small
channels, and nucleate flow boiling characteristics may be affected by
channel size when the diameter is comparable to the bubble departure size.
Gravity is believed to be of reduced importance in small-channel flow, and
the flow pattern will mainly be influenced by shear forces, surface tension,
and liquid/sutface interactions.

Entrainment is likely to play an important role in COz two-phase flow in
evaporators. Estimated vapour flow velocity of onset of entrainment range
from 0.5 to 1.5 ms!, which is considerably lower than for a fluid like HFC-

» A microchannel is assumed to have a hydraulic diameter of less than 2 mm
b Vaporization is a general term for (nucleate) boiling and (convective) evaporation
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134a at the same temperatures. Entrainment caused by heat flux is also
known to increase at high pressure.

Dryout is a critical heat flux (CHF) phenomenon that occurs when the liquid
film on the tube wall is discontinued due to entrainment and evaporation.
Eatlier tests have demonstrated that dryout may occur at moderate vapour
fractions in COz flow, particulatly at high mass flux and high temperature
conditions. The onset of dryout can be predicted using detailed two-phase
flow models with integration of mass continuity along the tube, or empirical
correlations can be used. Since dryout data on CO; are generally not
available, the empirical method relies on data for water which are converted

by fluid-to-fluid scaling laws, e.g. by the method of Ahmad (1973).

Generalized flow pattern maps show transition lines between different two-
phase flow patterns, usually for adiabatic flow. Most existing maps were
developed based on flow in larger-diameter tubes, and several investigations
on small-diameter tubes have shown that the predicted flow pattern
transitions do not match the observations. Stratified flow is generally not
observed in microchannel tubes (diameter in the order of 1 mm), where
forces induced by surface tension become important.

Numerous flow vaporization correlations have been developed over the
years. Many of these are based on experimental data regression and lack the
necessary mechanistic foundation. The model of Kattan et al. (1998b)
attempts to avoid the deficiencies of earlier correlations, using two-phase
flow pattern data and detailed models for heat transfer in various flow
patterns. Nucleate boiling can be predicted by correlations that account for
boiling pressure (reduced pressure), as well as heat flux and surface
roughness. Convective evaporation can be predicted using single-phase
liquid film flow models. Heat transfer coefficient for “wetted” surface can
then be found by combining the convective and nucleate contributions using
an asymptotic model. Heat transfer in the post-dryout mist or droplet flow
regime can be predicted using assuming models that assume equilibrium
(unlimited heat transfer between vapour or droplets), or models that account

for departure from equilibrium, for instance the correlation by Shah and
Siddiqui (2000).

Test methods

Heat transfer tests were conducted in a rig using a flat, extruded aluminium
microchannel tube of 540 mm length with 25 channels of 0.81 mm diameter.
The horizontal test tube was heated by a water jacket in order to get
representative boundary conditions for air-to-refrigerant heat transfer (“fluid
heating”). Constant heat flux conditions do not simulate these boundary
conditions well, and may give unrealistic behaviour especially in relation to

vi
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dryout and post-dryout heat transfer. Systematic tests at constant heat flux
with single-phase CO» flow on the inside generated data that were used in
the detivation of a model for water-side heat transfer coefficient. A
regression based on these data gave a calibrated equation for water-side heat
transfer on the form N#=Nu(Re,Pr). This equation was then used in later
experiments to subtract water-side thermal resistance from the measured
overall resistance (1/UA), theteby finding the internal heat transfer
coefficient. A data reduction scheme was developed to find the mean
vaporization heat transfer coefficient / as well as the mean vapour fraction x
in each test. Measured pressure drop between the inlet and outlet manifolds
of the test section was corrected to find the net frictional pressure drop in
the heated part of the tube.

Uncertainties in measured parameters are summarized in the following Table

Parameter Uncertainty
Evaporating temperature, T’ +(0.08-0.13) K
Refrigerant mass flux, G +(2.6-2.8) %
Heat flux, ¢ +(1.8-8.5) %
Mean vapour fraction, x 1(0.028-0.137)
Overall heat transfer coefficient, U £(2.5-10) %

A special rig was built in order to observe two-phase flow patterns. A
horizontal quartz glass tube with ID 0.98 mm was coated by transparent
resistive coating of indium tin oxide (ITO), and connected to an open fluid
circuit where liquid CO» was taken from a heated storage cylinder, its
pressure reduced and mass flow adjusted by valves before a preheater section
that gave the desired x into the observation tube. Heat flux was obtained by
applying DC power to the ITO film, and flow patterns were recorded at
4000-8000 frames per second by a digital video camera. Compared to
“standard” test arrangements, this enabled recordings in the heated zone,
and not in an adiabatic observation tube installed after or between heated
tubes. In heat transfer dominated by nucleate boiling this makes quite a
difference.

Test results and observations

Vaporization heat transfer and pressure drop data were recorded over a wide
range of conditions, including temperatures from 0 to 25°C, heat flux from 5
to 20 kWm?2, mass flux from 190 to 570 kgm?s!, and vapour fraction
between 0.2 and 0.8. The test section design did not enable measurement of
local » and x inside the tube, and the results are therefore mean values.
Relative uncertainty of the measured heat transfer coefficient (04/h)
increased with 4, from about +10% at /=5 kWm2K-!, to about +40% at
h=20 kWm=2K-. The influence of uncertainty in water-side resistance

vil
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becomes greater as refrigerant-side resistance drops (when 4 increases) for a
g g
given overall resistance.

Test results showed that the nucleate boiling mechanism dominated at
low/moderate vapour fractions, whete / increased with heat flux and
temperature, but was less affected by varying mass flux and vapour fraction.
Heat transfer coefficients ranging from about 10 to 20 kWm?2K-! were
measured in this region. Dryout effects became very important at higher
mass flux and temperature, where 4 dropped rapidly at increasing x.

Two-phase flow patterns were recorded mainly at a temperature of 20°C, and
for mass flux ranging from 100 to 580 kgm?s!. The observations showed a
dominance of intermittent (slug) flow at low x, and wavy annular flow with
entrainment of droplets at higher x. At high mass flux, the annular/entrained
flow pattern could be described as dispersed. The aggravated dryout problem
at higher mass flux could be explained by increased entrainment. Stratified
flow was not observed in the tests with heat load. Bubble formation and
growth could be observed in the liquid film, and the presence of bubbles
gave differences in flow pattern compared to adiabatic flow.

Analysis and discussion

Heat transfer data at low x and widely varying mass flux at a given
temperature could be cortelated by cutves in heat flux/wall superheat
coordinates, thus confirming the nucleate boiling domination. Test data
published by others gave values that were generally within 30-40% of the
present low-x data, mostly at lower values than in the present tests. The
nucleate (pool) boiling correlation of Cooper (1984) predicted 20-30% lower
heat transfer coefficient, while the best fit was obtained with the cortrelation
of Gorenflo (1993) which gave values 8% above the present test data on
average (using a reference coefficient of 4170 Wm2K-1). The special small-
tube correlation of Tran et al. (1997) failed to reproduce the level and trend
of the data.

Dryout was predicted using the water dryout data of Kon’kov (1965) scaled
to COz by the method of Ahmad (1973). The predicted onset of dryout
corresponded reasonably well with observations from present tests, although
at somewhat higher x than observed. The lack of truly local data made this
comparison difficult, however. Compared to the local (constant g) CO»
dryout data of Hihara and Tanaka (2000) in a 1 mm tube, predicted dryout
was generally at too low x. Present test data gave significantly lower x at
dryout than in the experiments of Hihara and Tanaka (2000), even though
their larger tube diameter would be expected to give the opposite situation.
Flow oscillations are known to reduce CHF, and oscillations in the parallel

viil
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channels of the present test tube may explain this difference. Generalized
CHEF prediction methods did not reproduce the dryout observations.

Post-dryout heat transfer coefficients may approach equilibrium values at
vety high mass flux and/or high vapour flow velocity, but significant non-
equilibrium effects can be obsetved in test data at moderate/realistic mass
flux. Non-equilibrium effects occur when vapour becomes superheated due
to poor heat transfer to the liquid droplets. The correlation of Shah and
Siddiqui (2000) seems to reproduce the test data well, while the much quoted
model of Groeneveld and Delorme (1976) gave larger deviation.

The flow pattern observations on CO: did not fit any of the generalized
maps or transition lines, including the map proposed by Kattan et al. (1998a).
Only the intermittent-annular transition prediction of Weisman et al. (1979)
was close to the observed behaviour. Compared to small-diameter
obsetvations with air/water at low pressure, the transition into annular flow
occurred at much lower superficial vapour velocity (superficial velocity of
approximately 0.5 ms'). The observed inception of entrainment at 0.5-0.6
ms! superficial vapour flow velocity was close to the predicted onset at 0.4
ms-L.

Frictional pressure drop was cotrelated with a mean/average deviation of
22.3/-17.4% using the Friedel (1979) correlation. The undetprediction was
significant at low pressure drop (low mass flux), and at low temperature. The
“CESNEF-2” correlation by Lombardi and Carsana (1992) gave much better
accuracy, with a mean/average deviation of 16.4/-1.1%. The small-tube
correlations of Tran et al. (1999) and Zhang and Webb (2001) gave poor
cotrespondence, with mean/average deviation of 80.4/74.5% and 40.5/-
40.5%, respectively.

Correlation of heat transfer data

Heat transfer coefficients were calculated using combinations of the above
models for nucleate boiling, convective evaporation, dryout inception, and
post-dryout heat transfer, and compared to the experimental data from this
study. The best fit was found using the Cooper (1984) nucleate boiling
correlation and the Kattan et al. (1998b) convective evaporation correlation
in an asymptotic model with #=3 for the pre-dryout regime. Dryout was
predicted using the water data of Kon’kov (1965) scaled from H>O to CO»
using the Ahmad (1973) scaling factor based on Barnett number. Post-dryout
heat transfer was modelled using the correlation of Shah and Siddiqui (2000).
This combined correlation reproduced the 140 test data points with an
average deviation of 7.7% and a mean deviation of 35.1%.
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Conclusions

A number of conclusions can be drawn from the present investigations on
heat transfer, pressure drop and flow patterns in microchannel vaporization
of COz. The most important points are emphasized in the following text:

X
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The understanding of characteristics and mechanisms of CO: flow-
vaporization in horizontal microchannels has been improved. Nucleate
boiling is the dominant heat transfer mechanism, and the convective
contribution is quite small. Dryout may occur at moderate vapour
fraction if the mass flux is large and/or the temperature is high. Flow
instabilities in parallel channels may give noticeable reduction in critical
vapour fraction. Non-equilibrium effects may influence post-dryout heat
transfer significantly, giving local heat transfer coefficients well below
single-phase vapour flow values.

An important consequence of the above results is that efficient compact
COz evaporators for mobile or unitary applications can be designed with
low mass flux. Increased G does not improve heat transfer while the
added pressure drop acts negatively by reducing the temperature
difference. Another reason for selecting low mass flux is the increased
critical vapour fraction. Thus, dryout can be avoided by reducing G.
It follows from this that the evaporator preferably should be fed with
liquid only or with a low vapour fraction, and if possible, the outlet
condition should be kept in the wet region. This will make sure that
efficient nucleate boiling dominates, and dryout problems will be
avoided or reduced, and the negative effects of poor post-dryout heat
transfer will be avoided. A secondary advantage is that flow distribution
between parallel channels can be improved with liquid inlet, especially at
low mass flux.

Heat transfer can be predicted with reasonable accuracy, using known
models for nucleate boiling, convective evaporation, onset of dryout,
and post-dryout heat transfer. The resulting correlation procedure is
quite complicated though, and simplifications may be needed in order to
have a model that can be used in practical evaporator design and
modelling.

Pressure drop data can be predicted with good accuracy using existing
correlations, even though the underprediction may become significant at
low temperature and/or low mass flux. If the above evaporator design
guidelines are followed, however, the pressure drop will be of minor
importance.
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Two-phase flow regimes in horizontal microchannel CO2 vaporization
flow could not be predicted using existing models and generalized flow
charts. Since the observed patterns (prior to dryout) were dominated by
intermittent and annular flow with good wetting of the tube wall, and
since stratified flow was not observed, the flow pattern may be of
secondary importance.

A comprehensive analysis of the experimental uncertainties has
demonstrated the accuracy of measured heat transfer coefficients using a
heat exchanger regression (“Wilson plot”) method. The accuracy of this
method has been widely discussed, and very little systematic work has
been done on documenting the uncertainties involved. Results from the
present study show that the uncertainty of measured heat transfer
coefficients is comparable to what can be obtained by direct
measurement of tube wall temperature, provided that the water-side heat
transfer coefficient is high enough.

Further studies in this area should extend the range of test conditions
and flow observations, e.g. to lower temperature and lower mass flux,
and to other tube diameters. The effects of lubricant on heat transfer
and pressure drop also needs to be investigated. Lubricant may have
considerable influence on nucleate boiling heat transfer.

Further developments in modelling and prediction should consider the
potential of using a detailed two-phase flow model with entrainment and
deposition as a basis, not just for dryout prediction but also as a basis for
heat transfer modelling. As shown by some published studies on
water/steam systems, this type of model can give good accuracy in
prediction of critical vapour fraction, and can also aid the modelling of
pre- and post-dryout heat transfer.
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1. Introduction

1.1 The CO, revival

With increasing focus on the environmental consequences of refrigerants
and refrigerant systems, carbon dioxide has become an essential candidate
fluid in many air conditioning, heat pump and refrigeration applications.
CO:2 was widely used as a refrigerant before the Second World War,
especially in marine systems, but the introduction of CFC and HCFC fluids
led to a decline and eventually a discontinuation of its use. The reasons for
this were many, the most important probably being that low-pressure
CFC/HFC systems were easier to handle from a practical standpoint,
especially at high ambient temperature conditions.

Since then, the vapour compression systems, their components and the
underlying materials and production technology have developed
significantly, and higher pressures can now be handled more easily. In many
cases, a higher pressure may even be an advantage, owing to the more
compact piping and components. Concepts have been developed that allow
efficient and simple operation of a transcritical system (Lorentzen, Pettersen
and Bang, 1993). In the search for environmentally safe technology, the
natural refrigerant CO> thus recetved more interest, being a non-toxic and
non-flammable fluid as well.

Lorentzen and Pettersen (1992) initiated work in the late eighties and
published the first “modern” experimental results on a prototype
transcritical CO; system for mobile air conditioning This and other studies
led to considerable interest and development activities in the automotive
industry, and pilot vehicles have now been on the road for several years with
such systems. Recently, system designs have been developed that may also
provide heating of the passenger compartment in cold weather. Such
reversible air conditioning and heat pump systems can give improved
passenger and driver comfort and safety in vehicles with limited or no
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engine waste heat, and the first commercial system will be introduced in fuel
cell vehicles in 2003.

Another very promising area of CO» technology is hot water heat pumps.
The transcritical cycle 1s well adapted to heating water at gliding
temperature, and high water outlet temperature can be achieved with very
good coefficient of performance. After several years of development,
including testing of a laboratory prototype system, an industrial pilot system
was installed in a food processing facility in Larvik, Norway in late 1999
(Zakeri, Neksa et al., 2000). Domestic hot water heat pumps based on CO
were introduced on the Japanese market in spring 2001. Other application
areas that are being investigated include commercial refrigeration systems,
transport refrigeration units, residential heat pumps and air conditioning
systems, and clothes and food product drying systems.

Over the last decade, carbon dioxide has therefore had something of a
revival as refrigerant, at least mn terms of a massive research and
development effort. This renewed interest is clearly shown by the number
and share of published papers on COz at the biennial IIR Gustav Lorentzen
Conference on Natural Working Fluids, Figure 1.1

40
35
£ 30
o
g
S 25 -
s 20 -
k-
g 15 N
z 10
m
0 ‘
Hannover 1994 Arhus 1996 Oslo 1998 Purdue 2000

5 of 72 papers 7 of 88 papers 19 of 74 papers 38 of 82 papers

Figure 1.1 Number of papers on COz as primary refrigerant at the IIR Gustay
Lorentzen Conference on Natural Working Fluids

In the further development of systems adapted to COz as a refrigerant, the
design of heat exchangers is one of the key issues. Especially in transport air
conditioning or refrigeration applications, an efficient, compact and
lightweight design 1s needed (Pettersen et al, 1998). Owing to the higher
pressures, optimum compact heat exchanger designs for CO> generally tend
to use small-diameter flowchannels, in many cases based on extruded
“multi-port” tubing with parallel flow of refrigerant in several tubes and

2
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1.1 The CO2 revival

flowchannels. In this type of heat exchanger the heat transfer tubes extend
between two manifolds, Figure 1.2. A special “double barrel” compact
manifold design for high pressure is shown in the Figure.

o Heat transfer tube

-
Manifold

T~

Fin

Microchannel

Figure 1.2 Principles of CO2 heat excchanger geometry using “multi-port” extruded
tubes with microchannels, folded fins, and a compact “double barrel” manifold.
The heat excchanger is assembled by braging in a furnace.

The manifolds may have vertical or horizontal orientation, and the heat
transfer tubes are partially inserted into the slots in the manifolds before
brazing.

In some cases it may be more economical to use small-diameter round tubes
and a mechanically expanded heat exchanger. Also in this case, the internal
diameter will most likely be smaller than for conventional refrigerants, and
generally below the range of diameters where experimental data exist or
where heat transfer or pressure drop correlations are valid. Pettersen et al.
(1998) showed some compact heat exchanger concepts for CO: air
conditioning systems having internal tube diameter of 2 mm.

In order to design and optimise heat exchangers, local heat transfer and
pressure drop data both on the air and refrigerant side are needed, and the
fundamental mechanisms need to be understood. Since air-side conditions
and geometry are not very different from those of heat exchangers for
conventional refrigerants, the major issue facing designers of CO: heat
exchangers is the lack of data and correlations adapted to CO: and
microchannel* flow. The current study aims at providing some of this
information.

¢ In this context, a microchannel is assumed to have a hydraulic diameter less than 2 mm
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1.2 Focus of research

In a study on heat transfer and pressure drop characteristics of CO> in
relation to heat exchangers for vapour compression systems, there are three
distinct factors that stand out as important:

Thermodynamic and transport properties of COz are quite different
from those of conventional refrigerants. This is important both for
the heat rejection and for the heat absorption process. In heat
absorption, the high evaporation pressure gives high vapour density,
and thus the difference or ratio between liquid and vapour density is
quite small for COz. This will affect the flow pattern and two-phase
flow characteristics. The surface tension of liquid COs is quite low, at
least for medium- and high-temperature evaporator conditions. The
special properties of COz in relation to evaporation are discussed in
more detail in Chapter 2.

Transcritical COs systems reject heat at supercritical high-side
pressure, ie. with single-phase refrigerant flow. The single-phase
situation makes the picture less complicated than for two-phase flow,
but again the thermodynamic and transport properties and their
variation may affect heat transfer and pressure drop in ways that are
different from in conventional single-phase flow. Large gradients in
density, specific heat capacity and conductivity near the critical point
and near pseudocriticald states may affect local heat transfer
significantly.

Compact heat exchangers for CO2 mobile and unitary equipment will
most likely be designed with small-diameter or microchannel tubing.
Even though some work on two-phase heat transfer with
conventional refrigerants in such tube geometries has been reported,
there is generally a need for a better understanding of mechanisms
and characteristics of two-phase flow and heat transfer in
microchannels. For CO: only a few experimental data on
microchannel heat transfer have been published so far.

Earlier research (Pettersen et al, 2000) addressed some aspects of these
issues, especially regarding heat transfer and pressure drop at supercritical
pressure. The results indicated that in microchannel tubes and for mass flux
and heat flux conditions in air-cooled heat exchangers, single-phase heat
transfer and pressure drop data were reproduced in a satisfactory way by
standard correlations, even close to pseudocritical conditions. The reason

d Location where isobaric specific heat capacity has a maximum

4
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may be that the small-diameter tube geometry and the moderate heat flux
did not give significant property variation between film and bulk fluid
conditions in the tube. Thus, the need for further studies into single-phase
heat transfer and pressure drop in microchannels was not regarded as
pressing.

Results on microchannel vaporization reported by Pettersen et al. (2000) as
well as other authors gave a quite different picture, however. In this case,
the experimental data were not correlated well by any of the tested heat
transfer and pressure drop models from literature. Also, the occurrence of
what appeated to be dryout at moderate/high vapour fractions was
discovered, with dramatic reductions in the heat transfer coefficient for
vapour fraction beyond a certain critical level. These phenomena primarily
occurred at high mass flux conditions and high evaporating temperatures.
Two-phase flow patterns were not observed, however, and the theory that
dryout was caused by a transition from annular flow to dispersed flow could
not be confirmed. In order to improve the understanding of heat transfer
mechanisms in evaporating CO: flow in general, and dryout phenomena in
particular, some information on flow patterns was needed.

There was and still 1s a dispute on accuracy and relevance of the various
experimental methods that are applied in the study of vaporization heat
transfer. Key issues here are the relevance of constant heat flux conditions
especially when studying dryout and post-dryout phenomena, experimental
uncertainty of internal sutface temperatute measurement/calculation, and
uncertainty of regression-based methods (e.g. Wilson-plot methods) for
determining the heat transfer coefficient. The experimental methods need to
be thoroughly evaluated both in terms of uncertainty and realism in relation
to the conditions in actual air-cooling or water-cooling evaporators.

On this background it was clear that the present work had to address several
issues, and the research question for the study was defined as:

“Provide a basis for understanding and predicting heat transfer and pressure-drop
behaviour of evaporating CO: flow in microchannel tubes at realistic conditions, including
the influence of dryout and two-phase flow regimes’

The term “realistic conditions” was used in order to emphasize a number of
important factors: Tube material and tube geometry had to be relevant for
compact air coolers, test section heating should be done by a secondary
fluid instead of electric resistance heating, and a realistic range of operating
conditions (temperature, mass flux, heat flux, vapour fraction) had to be
applied. In addition to experiments at these conditions, heat transfer tests
and flow patterns were observed at high evaporating temperature (20°C),
where dryout mechanisms could be studied in more detail.
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Specific objectives of the work were to:

e measure heat transfer coefficient and pressure drop of evaporating
CO: flow in microchannel tubes at a range of realistic conditions,

e evaluate the applied regression-based data reduction method with
respect to uncertainty of the measured heat transfer coefficient,

e obsetve two-phase flow patterns in evaporating CO» microchannel
flow at varying conditions,

e analyse results, observations and findings in relation to other published
data, and in comparison to heat transfer and pressure drop models,
and,

e provide recommendations on engineering design models for
microchannel CO; evaporators.

1.3 Structure of report

In Chapter 2 the thermophysical properties of CO: in relation to
vaporization heat transfer are discussed, and the conceptual framework for
two-phase flow and pressure drop is outlined, including a discussion on
flow vaporization principles, typical two-phase flow patterns, mathematical
models for in-tube heat transfer and pressure drop, and a brief review on
small-channel flow evaporation and high pressure evaporation based on
published literature.

A more specific focus on CO3 heat transfer and pressure drop data and
results 1s presented in Chapter 3. Available literature, data and models for
CO:s flow vaporization are reviewed, emphasizing results and experience on
microchannel and small-channel flow.

Heat transfer and pressure drop data in the present report were taken in a
test rig using a microchannel test tube heated by a water jacket. The test
section and the complete test rig, and all instrumentation and experimental
uncertainty data are documented in Chapter 4. This Chapter also outlines
the data reduction scheme for overall heat transfer coefficient and pressure
drop in the test section, as well as a description of a separate rig that was
used in the study on two-phase flow patterns of COz in a microchannel.

The CO; heat transfer coefficient was derived based on the measured
overall heat transfer coefficient for the test section, and a calibrated
equation for water-side heat transfer. Chapter 5 explains the principles of
the calibration/regression scheme to find an equation for watet-side heat
transfer, shows how this expression was determined, and explains the
subsequent use of the equation in the determination of COgz-side heat

6
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transfer. Rigorous calculations were needed in order to find the propagation
of uncertainty through this scheme. The principles of these calculations are
explained, and resulting uncertainty in water-side heat transfer coefficient is
shown.

The uncertainty propagation analysis is continued in Chapter 6, arriving at
uncertainty data for the COz vaporization heat transfer coefficient in Section
0.3. The experimental program is outlined, and all experimental data on heat
transfer and pressure drop are shown and commented. Chapter 6 also
presents and comments the observations on flow regimes and flow
phenomena.

Chapter 7 provides analysis and discussion of the data and observations, and
compares the data and findings to models and published results on heat
transfer, pressure drop, and dryout inception. The various mechanisms of
heat transfer are discussed separately, including nucleate boiling, convective
evaporation, dryout, post-dryout heat transfer, and frictional pressure drop.
Accuracy of predictions is commented, and recommendations are made for
selection of models.

In the eight and final Chapter, the basis for development of a heat transfer
correlation is outlined, and three different combinations of models are
compared to the heat transfer test data. One of these models is then
proposed as a design tool for predicting heat transfer in microchannel flow
vaporization of pure COx.
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2. Theoretical framework

2.1 Chapter overview

Since some readers may be unfamiliar with the properties and characteristics
of refrigerant COy, the initial part of the Chapter outlines some of these
data. The remaining parts of the Chapter contains basic information on heat
transfer and pressure drop for in-tube vaporization that some readers may
find elementary, but for the sake of completeness and to provide a well-
defined background for the later discussion, this material was included.

2.2 Properties of CO,

Compared to conventional refrigerants, the properties and characteristics of
carbon dioxide (R-744) are quite peculiar. Critical parameters are 31.1°C and
7.4 MPa, and the system pressure for a given temperature is therefore higher
than with all conventional refrigerants. Figure 2.1 shows the saturation
pressure curve between the triple point (-56.6°C, 0.52 MPa) and the critical
point. Thermodynamic property data in the present report were based on
the program library 02/ib at NTNU/SINTEF, using equations of state by
Angus et al. (1976) and Pitzer and Schreiber (1988), in addition to transport
property data equations of Vesovic et al. (1990). As may be observed from
Figure 2.1, the saturation pressure at 0°C is about 3.5 MPa, which is about
ten times higher than the pressure level with normal fluorocarbon or
hydrocarbon refrigerants.

Owing to the low critical temperature of COz, evaporator conditions will be

much closer to the critical point than with conventional fluids. Table 2.1,
shows reduced temperature and pressure for CO2 and HFC-134a at 0°C and
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illustrates this fact. The difference in p, stands out as the most significant
difference.

Table 2.1 Reduced temperature and pressure of refrigerants at 0°C

COz (R-744) CF;CHF (HFC-134a)
T,=3042K p.=7.38 MPa T,=3743 K p.=4.07 MPa
pm/(OOC> pm/(OOC>
MPa /T, P MPa /T, P
3.48 0.90 0.47 0.29 0.73 0.07
8
7 ,
6 ,
5 ,
©
o
s 4
3 ,
2 ,
1 .
<&
0 T T T T
-60 -40 -20 0 20 40
T,°C

Figure 2.1 Saturation pressure curve for COz, between triple point and critical point

In terms of evaporator design and performance, one important consequence
of near-critical operation is a steeper saturation pressure curve. Higher
steepness gives a smaller temperature change for a given pressure change,
and the temperature loss associated with pressure drop in the evaporator
tubes thus becomes smaller (less steep saturation femperature curve).

Figure 2.2 shows the slope of the CO; saturation temperature curve for
temperatures ranging from —10 to +30°C. At 0°C for instance, the
temperature drop for 1 kPa pressure drop is about 0.01 K. With HFC-134a,
the same pressure drop gives a temperature change of 0.09 K| i.e. almost ten
times higher.

10
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Figure 2.2 Siope of saturation pressure curve for CO2

High saturation pressure and proximity to the critical point give vapour and
liquid density characteristics that are quite different from those of
conventional refrigerants. The vapour density is high, a fact that may have
significant effects on two-phase flow patterns where differences in phase
density determine phase separation characteristics, and vapour density
influences the flow momentum of the vapour phase and the shear force
between vapour and liquid phase. Saturated liquid and vapour densities of
CO:s at varying temperature is shown in Figure 2.3, and the ratio of vapour
to liquid density are shown in Figure 2.4. At 0°C, the saturated liquid and
vapour density of COz are 931 and 98 kgm?3, respectively, 1.e. a density ratio
of 0.10. The corresponding densities for HFC-134a are 1294 and 14 kgm3,
respectively; giving a density ratio that is a factor of 10 lower and a vapour
density that is only 14% of the COz vapour density.

Nucleate boiling and two-phase flow characteristics are influenced by
surface tension of the liquid. A small surface tension reduces the superheat
required for nucleation and growth of vapour bubbles, which may positively
affect heat transfer. Wetting characteristics of the liquid is affected by
surface tension, thus influencing evaporation heat transfer. Reduced liquid
surface stability with small surface tension may affect heat transfer
negatively due to increased droplet formation and entrainment. Figure 2.5
shows surface tension of saturated CO: liquid at varying temperature. At the
critical point, 0 becomes zero. The surface tension of HFC-134a at 0°C 1s

11
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Figure 2.3 Saturated liguid and vapour density for CO:
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Figure 2.4 Ratio of saturated vapour and liguid density for CO;
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Figure 2.5 Surface tension of saturated CO; lignid

0.0112 Nm-!, which is about 2.5 times the value for CO; for the same
temperature.

Viscosity, particularly of the liquid phase, and the ratio of liquid to vapour
viscosity, are important parameters for the fluid flow characteristics,
convection behaviour and two-phase heat transfer/pressure drop. Figure 2.6
shows saturated vapour and liquid viscosity of CO» at varying temperature.
At 0°C, the viscosity of saturated CO» liquid is only 40% of HFC-134a
liquid viscosity, while the vapour viscosities of the two refrigerants are
comparable.

A final parameter that plays an important role in heat transfer processes is
the thermal conductivity of the liquid and vapour phase. A high thermal
conductivity is essential for heat transfer effectiveness both in single-phase
and two-phase flow. Figure 2.7 shows the thermal conductivity
characteristics of COz at varying temperature. Compared to the baseline
refrigerant HFC-134a, the conductivity at 0°C of CO3 is 20% higher in the
saturated liquid phase, and 60% higher in the saturated vapour phase.

In summary, the thermodynamic and transport properties of COz seem
favourable in terms of heat transfer and pressure drop, compared to a
typical fluorocarbon refrigerant like HFC-134a.

13
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Figure 2.6 Dynamic viscosity of saturated CO; liguid and vapour
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Figure 2.7 Thermal conductivity of saturated CO: liguid and vapour
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2.3 Heat transfer and pressure drop for in-tube
vaporization

2.3.1 General

The local heat transfer coefficient 4 for in-tube vaporization is defined as
-4 B
h=—""—"— Wm2K-! 2.1

where ¢ (Wm2) is the heat flux, defined as heat transfer rate divided by heat
transfer area, T, is the local tube wall temperature and T, is the local fluid
temperature. For a pure fluid T, is usually defined as the saturation
temperature for the local pressure.

In-tube vaporization or flow boiling is characterized by

e the two-phase flow pattern, and
e the dominant mechanism of heat transfer.

As vaporization proceeds along the tube, the vapour content of the flow
increases, and the difference in velocity between the two phases increases.
The development in relative velocity and flow rate of the two phases, plus
the influence of gravity, result in changes in the flow pattern. Two-phase
flow patterns are discussed in some detail in Section 2.3.3. The two different
heat transfer mechanisms in flow vaporization are nucleate boiling and convective
evaporation - with one mechanism being superimposed on the other to a
varying degree.

®  Nucleate botling is characterized by the mechanism of nucleation
and vapour bubble formation on the heated wall, and bubble
growth and movement in the liquid phase. In fully developed
nucleate boiling, the flow-boiling heat transfer coefficient is
virtually independent of mass flux and vapour fraction, both being
measures of the effective flow velocity. Thus, nucleate boiling heat
transfer is mainly a function of heat flux and/or wall superheat.

o Convective evaporation is characterised by convective heat transfer in
the liquid film, without any bubble formation, and evaporation
from the liquid-vapour interface. For heat flux or wall superheat
below the onset of nucleate boiling, only convective vaporization
is present and the heat transfer coefficient is largely independent

15
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of heat flux. Convective evaporation heat transfer 1s mainly a
function of flow velocity, characterized for instance by mass flux
or vapour fraction.

Very often, the dominant mechanism at low vapour fraction is nucleate
boiling (provided that the wall superheat is high enough), and as more
vapour is generated and the void fraction increases, evaporation from the
liquid-vapour interface becomes more important, Le. convective flow
evaporation becomes dominant.

Figure 2.8 shows a schematic model of flow vaporization processes as the
fluidd moves through a tube, reproduced from Steiner and Taborek (1992).
Even though this scheme was developed for vertical tube flow, the general
principles are valid also for horizontal flow, especially in small-diameter
tubes and high mass flux situations where flow is shear-dominated and
gravity plays a minor role. Gravity will be less important for two-phase flow
of fluids having a small difference between liquid and vapour density, such
as COz at the boiling temperatures studied in the present work. The diagram
is based on constant mass flux.

From a region of single-phase convective heat transfer to subcooled liquid,
and approaching point A in Figure 2.8, the flow enters a regime of
subcooled nucleate boiling provided that the heat flux or wall superheat is
high enough to give nucleation. At point B the saturation temperature is
reached (x=0), and a regime of nucleate boiling and bubbly flow is entered
provided that conditions satisfy the requirement for onset of nucleate
boiling (ONB — see next Section for definition).

The horizontal dashed lines in Figure 2.8 represent pure nucleate boiling
heat transfer, which is insensitive to x. Full lines represent the combination
of nucleate and convective components. This region may be characterized
by plug flow or slug flow regimes in horizontal tubes. Churn flow is not
usually present in horizontal tubes. In some cases, the heat flux may be too
low for ONB at point B, and vapour generation instead takes place by a
convective mechanism at liquid-vapour interfaces of vapour nuclei and
small bubbles. This latter case is shown by the “pure convective boiling”
curve in Figure 2.8. As the flow continues beyond point D, the flow pattern
may become annular with a gradually thinner liquid film on the tube wall,
and with liquid droplets or mist entrained in the vapour core flow.
Depending on the heat flux level, two different situations may occur as the
film thickness reduces. At heat flux levels above ONB, the liquid film is
likely to dry out partly or fully as the film is sheared off the tube wall. This
will give a dramatic drop in heat transfer coefficient and a corresponding
rise in tube wall temperature, as shown in the diagram. Beyond the onset
and completion of dryout (Region F-G), the post-dryout heat transfer coef-

16
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Figure 2.8 Schematic representation of flow boiling process in vertical tubes, based on
Steiner and Taborek (1992), as reproduced by Collier and Thome (1996). The mass
Sfluxe G s constant. Symbol O s used for beat flux

ficient will be close to the single-phase vapour coefficient, and a slight
increase may occur beyond the dryout completion point due to the increase
in flow velocity as the remaining liquid droplets evaporate. Post-dryout heat
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transfer may also suffer from non-equilibrium effects, if the vapour becomes
superheated due to poor heat transfer to the entrained droplets

When heat flux is below ONB, only convective boiling will be present, and
dryout will not occur before x is very close to 1.0. This case 1s illustrated by
the “pure convective boiling” curve. Depending on the fluid properties and
the heat and mass flux conditions, the relative magnitude of nucleate and
convective boiling heat transfer coefficients may vary.

2.3.2 Definitions

Several terms used throughout the report are ambiguously defined in the
literature, and the following paragraphs explain how these terms are
mterpreted in the present report.

Onset of Nucleate Boiling (ONB) is the location and conditions where wall
superheat (wall temperature minus fluid saturation temperature) and heat
flux conditions become sufficient to cause vapour nucleation on the heating
surface.

Critical Heat Fiux (CHF) in pool boiling occurs because of a hydrodynamic
flow pattern transition close to the heating surface. The mechanism is one in
which insufficient amount of liquid is able to reach the heating surface due
to the rate at which vapour is leaving the surface (Collier and Thome, 1996).
The term boiling crisis may also be used to characterise this transition. In
forced flow boiling, CHF is used as a generic term that covers three
processes: Departure from Nucleate Boiling DNB (subcooled), DNB
(saturated), and dryout, all of which cause an abrupt wall temperature rise in
a heat-flux controlled situation (Collier and Thome, 1996). Details of these
mechanisms are explained below. In general, DNB occurs at low x and high
heat flux conditions, while dryout occurs at moderate to high x, and low
heat flux.

Departure from Nucleate Boiling (IDNB) characterizes a change in boiling
mechanism from nucleate boiling to film boiling, usually as x 1s increased
for a given heat flux. The flow may initially be in the subcooled nucleate
boiling region where the local bulk liquid temperature has not yet reached
the saturation temperature, or the initial conditions can be in the saturated
nucleate boiling regime. In both cases the transition that occurs at DNB is
to a film boiling mechanism, where an insulating vapour film covers the
heating surface. In some situations at higher x; the transition may occur to a
“liquid-deficient” region instead.
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2.3 Heat transfer and pressure drop for in-tube vaporization

Dryout characterizes the transition that occurs when the flow changes from a
mechanism dominated by forced-convection evaporation to a “liquid-
deficient” regime, usually through dryout of the liquid film on the tube wall
in annular flow. The film dryout typically changes the flow pattern from
annular flow to mist flow or droplet flow, in which the remaining liquid
exists as entrained droplets. A flow boiling crisis is thus termed dryout if the
initial conditions wete in the convective evaporation regime and/or if a
liquid film was present on the tube wall. If conditions initially were in the
subcooled or saturated nucleate boiling regime, typically at low x and bubbly
flow or vapour plug flow, the boiling crisis is termed DNB.

Critical Vapour Fraction (x,) or critical flow quality 1s the vapour fraction at
which dryout starts, i.e. onset of dryout. Typically, this is the vapour fraction
where a significant part of the liquid film disappears due to vaporization
and/or entrainment. In some cases with stratified or “crescent” flow, a
different x, may be defined for the top and bottom of the tube since the top
tends to dry out earlier.

2.3.3 Two-phase flow patterns

The flow patterns or regimes that may be observed in horizontal co-current
two-phase flow are indicated in Figure 2.9. These patterns may be
characterized as follows, in typical order of increasing vapour fraction:

®  Bubbly flow — with discrete bubbles of vapour dispersed in a continuous
liquid phase. The mean size of the bubbles is generally small compared
to the diameter of the tube. Because of buoyancy, the bubbles may
tend to flow in the upper part of the tube. Bubbly flow is a form of
dispersed flow.

®  Plug flow — or elongated bubble flow may develop when bubbles coalesce
into larger, elongated plug-type bubbles, generally flowing in the upper
part of the tube. Plug flow is a form of zntermittent flow

e Slug flow — where liquid slugs span the entire cross-section of the tube.
The liquid slugs may contain a dispersion of smaller bubbles. Slug flow
is a form of zntermittent flow

e Swatified flow — is characterized by the liquid flowing in the lower part
of the tube and the vapour in the upper, with a relatively smooth
interface in between. Stratified flow is a form of separated flow

o  Wavy flow — with increasing flow rate and/or vapour fraction, the
interface may become unstable and wavy. The waves are caused by
vapour shear on the liquid, and the formation and breaking of waves
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on the surface may lead to entrainment of liquid droplets in the vapour
flow. Wavy flow is a form of separated flow.

o Annular flow — occurs when the liquid flows in a continuous annulus
along the tube wall, and the vapour flows in the core of the tube. The
vapour may contain entrained droplets or mist. Buoyancy effects may
tend to thin the liquid film at the top of the tube and make the film
thicker at the bottom (“crescent” flow). Gravitational forces are small
compared to shear forces.

o Mist flow or droplet flow - occurs if the liquid film dries up, and the
vapour flow still contains entrained droplets or mist.

U dmame] ¥ ] ¥

Bubbly Stratified

Annular

(@

SINGLE

SNeE [BUBBLY) PLUG SLUG WAVY INTERMITTENTLY DRY “TUBE WALL DRY
LIQUID FLOW FLOW FLOW FLOW ANNULAR FLOW |
bl i bl T

(b) x=0 x=1

Figure 2.9 Flow patterns in horizontal two-phase flow (top), and typical flow pattern
development in evaporator tube (bottom). Reproduced from Collier and Thome (1996)

Plug flow and slug flow are sometimes grouped together as intermittent flow,
for instance in relation to the Taitel and Dukler (1976) two-phase flow
regime map, as explained in Section 2.4.

The flow regime at varying gas- and liquid phase flow velocities depends on
shear forces between the phases, gravity, and surface tension. In smaller
tube diameters, capillary effects may become important, giving flow-patterns
that may deviate from those described above (Carey, 1992). Flow regime
maps may be used in predicting or analysing two-phase flow patterns and
transitions between these. Such maps are discussed in Section 2.4.
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2.3 Heat transfer and pressure drop for in-tube vaporization

2.3.4 Vaporization flow in small tubes

Wambsganss et al. (1997) reviewed the subject of vaporization in compact
heat exchanger geometries. Based on the few available studies of
evaporation in small-diameter channels, they observed that reduced
hydraulic diameter reduced the value of critical wall superheat required for
transition to fully developed nucleate boiling. Experimental data shown by
Steiner (1993) show improved nucleate boiling heat transfer in smaller
tubes. The changes in the nucleate boiling heat transfer coefficient in
horizontal tubes at varying diameter D were correlated by D%, all other
parameters being constant.

Studies of low-velocity flow boiling in confined spaces have demonstrated
that channel dimensions can have a critical role in determining the heat
transfer mechanism and the potential for enhancement. The heat transfer
enhancement observed in microchannels is mainly caused by

1) in isolated, confined or slug flow, by the formation of a thin liquid
film between the heated wall and the vapour, and

1i) in annular flow, by the reduction of the liquid film thickness.

Wambsganss et al. (1997) concluded that these two mechanisms are typical
of the smaller channel dimensions and lose their effect in larger ducts.
Therefore, most of the heat transfer correlations developed for traditional
geometries and large tubes, are not suitable to microchannels.

Gravity 1s believed to be of reduced importance in small-channel flow,
because surface tension and flow shear forces will dominate. Thus, there
should be a reduced tendency of flow stratification in small-channel two-
phase flow. Even though surface tension effects may be of large importance
in small-channel two-phase flow in general, the low surface tension of CO2
at high temperature may give reduced importance for this particular fluid,
especially since the vapour density and resulting shear force are high.

Studies on nucleate flow boiling in small channels by Tran et al. (1997)
showed a very abrupt transition from forced convection (single phase liquid)
heat transfer to nucleate boiling, with the transition occurring at a unusually
low wall superheat. In the nucleate-boiling regime, the measured local heat
transfer coefficient of CFC and HFC refrigerants was independent of x in
the range x=0.2 to x=0.8.

Owing to the larger relative influence of vapour bubbles in small tubes than
in larger tubes, the bubble size, growth and dynamics are likely to be more
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important in small-channel boiling. Kew and Cornwell (1994) used the
concept of confined bubble flow and a Confinement Number,

0.5
o
_ [g(p, - pv)] (22)
conf D

N

for boiling in small channels. N,,,; which is the inverse of the Bond number,
represents the ratio of characteristic bubble departure size, based on the
1935 correlation of Fritz (Carey, 1992), to hydraulic diameter (D) of the flow
channel. The numerator of Eq. (2.2) represents the Laplace constant, 1Le.
ratio of surface tension force to buoyancy force. Kew and Cornwell (1994)
observed flow patterns and studied literature on small-channel flow, and
were able to identify three distinct flow regimes: isolated bubbles, confined
bubbles, and annular-slug flow. The effect of the confined space 1s to
provide additional heat transfer in the confined bubble region where the
bubbles lead to thin liquid films on the surfaces. By including the influence
of confinement in their model, they could account for the added heat
transfer due to space restriction over that already included as the physical
dimension in the Reynolds number. The critical value of N,y for these
effects to become significant was defined as 0.5.

According to a theoretical study by Monde (1998), the enhanced heat
transfer mechanism in the confined (coalesced) bubble region can be
attributed to evaporation of the liquid film as the bubble passes over the
heated surface. The sensible heat transport caused by substitution of the
superheated liquid swept away by the bubble, with liquid at bulk
temperature after the bubble transit, plays an important role in this
mechanism.

In flow visualization tests with water in a 2.5 by 6.0 mm channel, Kasza et
al. (1997) observed these flow phenomena at high heat flux (110 kWm?2)
and low mass flux (21 kgm2s1). The channel cross-section was chosen to be
of the same nominal size as the individual bubbles nucleating at discrete wall
sites, with water as the fluid. Bubble size and nucleation rate was observed,
and the authors found that both of these were larger at nucleation sites
under vapour plugs, where a thin liquid film existed, than at sites where
there was no vapour plug present. In small channels, where individual
vapour bubbles can grow to the same size as the channel cross section, only
a few bubbles would be needed for coalescence to form a vapour plug.
When this plug flows down the channel, it would create situations of
nucleation in the thin liquid layer. This sweeping action would occur more
readily in small channels, and could explain why small channels exhibit
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2.3 Heat transfer and pressure drop for in-tube vaporization

higher heat transfer coefficients, and why nucleate boiling occurs over a
wider range of conditions in small channels.

Another phenomenon discussed by Kasza et al. (1997) was the flattening
and trapping of vapour bubbles in the film remaining under vapour slugs,
which was believed to create a liquid microlayer between the bubble and the
wall that was favourable for heat transfer. Even at low heat flux, the
dynamics of bubble nucleation, growth and coalescence were observed to
have an intensity that created periodic flow reversal and intense mixing of
the flow. Such mterface movements and mixing was believed to have much
more influence on heat transfer in small channels than the effect of
nucleating bubbles along the walls of larger channel sizes.

2.3.5 Boiling and evaporation at high pressure

In nucleate pool boiling, the liquid surrounding a growing bubble nucleus
must be overheated to create an excess pressure inside the bubble. The
excess pressure needed for bubble growth is proportional to surface tension,
and inversely proportional to bubble radius. 1.e.

op 20
AT| £ | =ap = =2 ,
(aT ]mt p (2 3)

¥
where AT is the liquid supetheat at the heated sutface, Ap is the excess
pressure created inside the bubble. The bubble radius » may be understood
as the radius of curvature of the smallest active cavities in the heated
material surface. At high saturation pressure, for instance in a CO:
evaporator, the surface tension O is low, and the slope of the saturation
pressure curve (Figure 2.1) is steep. Thus, at high pressure, the required
superheat for ONB is lower, or more nucleation sites become active for a
given superheat. In both cases, this gives higher nucleate boiling heat
transfer at higher pressure, and experimental data show that the heat
transfer coefficient rises exponentially as the critical pressure is approached.
A possible negative aspect of boiling at high pressure is the reduction in
critical heat flux giving film boiling conditions. The critical heat flux, i.e. the
maximum heat flux for nucleate boiling, approaches zero as the reduced
pressure approaches 1 (Cichelli and Bonilla, 1945). This can be seen from
the critical heat flux model developed by Kutateladze (1948) and Zuber
(1959):

g, =C-hlop2(p, - p)g]"™” (2.4)
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where Cis a constant depending on the geometry. As p—1, the evaporation
enthalpy (4,), surface tension (0), and density difference (o 0) all approach
zero, thus making the critical heat flux approach zero as well. Actual heat
flux and critical heat flux conditions in CO: experiments at high boiling
pressure therefore need to be checked for possible boiling crisis occurrence.

Experimental data by Wambsganss et al. (1997) showed that in the nucleate
boiling regime of in-tube vaporization, pressure was indeed an important
parameter, and an increase in system pressure caused the boiling curve to
shift to the left in the AT/g-diagram, i.e. fully developed nucleate boiling

was achieved at a lower AT.

A literature review made as part of a paper by Kandlikar and Alves (1999)
led to the conclusion that a reduction in surface tension led to a higher
nucleation site density, larger number of small bubbles on the surface, and
generally a higher heat transfer coefficient. Two effects were believed to
account for improved heat transfer; the range of active nucleation sites
increased, and the bubbles did not coalesce readily, causing a large number
of bubbles to exist on the surface. Departure bubble diameter was also
reduced. Even though reduced surface tension could be expected to have a
negative effect because of liquid entering surface cavities more easily,
experimental evidence shows that the positive effect of lowering the
necessary surface superheat more than offset any such effects.

Regarding the isolated effect of low surface tension on nucleate boiling, Wu
et al. (1998) offered a more critical point of view. They claimed that some of
the complicated phenomena involved in the physics of nucleate boiling were
not well understood, and if surface tension would had any effect on boiling,
this would be the dynamic surface tension and not the equilibrium one.
Their experimental data on water showed significant improvement in
nucleate boiling heat transfer with the addition of surfactants, but the heat
transfer coefficient improvement did not correlate well with the surface
tension data, thus indicating that other effects than surface tension were
more important. They observed that the heat transfer coefficient
enhancement correlated reasonably well with the area occupied by vapour
bubbles near the heating surface, however. This rather surprising result was
explained by a micro-wedge model, considering evaporation at the interface
of the bubble base and the mass flow between the interface and the heated
wall due to capillary forces. Wu et al. (1998) also collected experimental data
on superheat necessary for boiling incipience (ONB) with varying surfactant
concentration. The data showed that there was no clear correlation between
reduced surface tension and reduced superheat at boiling incipience.

A study on nucleate boiling in narrow spaces reported by Ishibashi and
Nishikawa (1969) showed that surface tension had an effect on heat transfer
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coefficient in the isolated bubble region, and heat transfer increased
exponentially with pressure by p*4. In the coalesced-bubble region, however,
no surface-tension effects were observed, and the heat transfer coefficient
decreased with pressure as p 353, These results may indicate that the
reduced vapour volume at higher pressure reduces the enhancement in
coalescent-bubble flow. This is in accordance with the tresults discussed
above, where a reduction in Confinement number for instance by reduced
vapour bubble size, gives less heat transfer enhancement. In summary,
increased pressure is favourable for single-bubble boiling due to the higher
number of active nucleation sites and the reduced wall-superheat
requirements, but the reduced vapour volume at higher pressure reduces the
coalescent-bubble effects discussed in Section 2.3.4.

The two-phase flow mechanisms and flow pattern regimes for in-tube
evaporation are also affected by pressure level, mainly due to the effects of
increasing pressure on fluid density, viscosity, and surface tension. A smaller
difference between liquid and vapour density will reduce the void fraction
and the tendency of the phases to separate. Thus, flow stratification should
be less pronounced in two-phase flow at high pressure. The balance of
entrainment and deposition may also be affected by changes in pressure,
due to reduction in surface tension and reduced density difference between
the phases. Ruder et al. (1987) reported that an increase in pressure moved
the transition from annular to dispersed flow to lower vapour fraction.

2.3.6 Entrainment in evaporating flow

Droplet entrainment into the vapour flow field starts when the retaining
force of surface tension is exceeded by the interfacial shear force by vapour
flow. An entrainment inception criterion for turbulent liquid film (film
Reynolds number above 1635) is given by the critical supetficial vapour flow
velocity 7, (Utsuno and Kaminaga, 1998):

) 1/2
lul.]vc &1 :1\]28 for Nﬂ < 1/15 (25>
o pl )
. 1/2
:ul]vc & =0.1146 for N,U > 1/15 (26>
o P

whete N 18 the viscosity number given by
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_ M,
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For CO2 and HFC-134a in the current range of temperatures, the viscosity
Number is lower than 1/15, and Eq. (2.5) applies. The above model for
critical vapour flow velocity shows the importance of liquid surface tension,
viscosity and liquid/vapour density in entrainment inception. Figure 2.10
shows calculated critical superficial velocities for onset of entrainment at
varying temperature for CO; and HFC-134a. Entrainment is predicted to
occur at a quite low superficial vapour flow velocity for CO», especially at
high evaporating temperature, while the inception velocities for HFC-134a
are 3 to 20 times higher in the temperature range shown.

4

3,5

O T T T T T
-20 -10 0 10 20 30 40
T,°C
Figure 2.10 Predicted critical superficial vapour flow velocity for onset of entrainment
[from a fully turbulent liguid film in vertical annular flow (Based on Eq. 2.5).

Ishii and Mishima (1981) and Kataoka et al. (2000) developed correlations
for entrainment rate and entrainment fraction (the fraction of the liquid
phase flowing as droplets) in vertical adiabatic annular two-phase flow. The
basis was a mechanistic model of shearing-off of a roll wave crest by a
streaming gas. They found that equilibrium entrainment fraction as well as
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the entrainment rate, could be correlated by the superficial liquid Reynolds

number
D
Re=P1IiZ (2.8)
H,
and a Weber number defined as
2 B 1/3
We:pv.]v (pl pv} (29)
2 o

Figure 2.11 shows how these two dimensionless numbers depend on vapour
fraction for flow of CO; and HFC-134a in 1 mm ID tubes at 0°C, for a
mass flux of 500 kgm2s-1.
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Figure 2.11 Weber number (Eq. 2.9) and liguid Reynolds number (Eq. 2.8) for
annular two-phase flow of CO2 and HFEC-134a. Conditions: Temperature 0°C, mass
Sluse 500 kgnr?s, and tube diameter 1 mm

Even though these two dimensionless numbers cannot be expected to fully
reflect the situation in horizontal evaporator tubes at high pressure, some
interesting tendencies are shown. The vapour supetficial velocity is much
higher for HFC-134a than for CO,, and the Weber number is therefore
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much higher with HFC-134a, even though the surface tension of COz is low
and the vapour density is high. As may be expected, the liquid Reynolds
number of the CO: flow is higher due to the lower viscosity and higher
liquid superficial velocity (due to lower liquid density). The difference in
magnitude of the We-numbers is likely to dominate, thus giving a larger
hydrodynamic flow-induced entrainment in the HFC-134a system than with
COs, but this is somewhat speculative considering the change in conditions
when flow is hotizontal instead of vertical.

A similar comparison of entrainment rates and fractions based on vertical
annular- flow entrainment and deposition models of Govan et al. (1988) and
Hewitt and Govan (1990) gives comparable results, i.e. a higher predicted
flow-induced entrainment fraction for HFC-134a than for CO..

Regarding entrainment caused by heat flux, the situation may be different.
This entrainment is caused by the boiling process due to release of bubbles
from the liquid film, and the dominance of nucleate boiling for CO, may
give increased entrainment caused by boiling. In addition, deposition will be
suppressed due to the vapour flux from the interface. Vaporization of HFC-
134a is likely to be dominated by convective evaporation that does not give
boiling-induced entrainment.

Milashenko et al. (1989) studied entrainment due to heat flux in water steam
systems, and found that net entrainment rate could be correlated by heat
flux and density ratio:

E, ~[q&}» (2.10)

P

At 0°C and a heat flux of 20 kWm2 this will give a g-induced entrainment
rate that is almost 20 times higher with CO: than with HFC-134a. Even
though this comparison does not pretend to give accurate answers, it shows
the important trend that this mechanism of entrainment becomes significant
at higher pressure.

In summary, the onset of entrainment is likely to start at low superficial
vapour velocity with CO», but the magnitude of the entrainment rate and
entrainment fraction is not clear.
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2.3.7 Dryout in flow vaporization

Dryout is characterized by discontinuation of the liquid film on the tube
wall, usually in annular flow. This category of boiling crisis typically occurs
at moderate heat flux conditions, and the mechanisms in medium or high-x
flow may be (Tong and Tang, 1997):

e Dryout in low/medium-x flow due to disruption of the liquid layer
caused by surface wave instability.

e Dryout in high-x annular flow caused by dryup of the liquid layer on
the heating wall due to entrainment and vaporization.

Auracher et al. (1993) also describes a thitd mechanism in low heat flux
systems, where the number of entrained droplets that are redeposited on the
heated surface increases. In this case, the boiling crisis is referred to as
deposition-controlled burnout since the onset of dryout is determined by the
deposition rate.

When evaluating CHF data or modelling the behaviour, a separation need to
be done between dryout, as listed above, and DNB, which instead resembles
film boiling. In a situation dominated by DNB, increased mass flux gives
higher turbulence, improved bubble transport and thus higher CHF, while
in a dryout situation, increased mass flux gives more entrainment and
reduced CHF. According to Hewitt (1992), the criterion of Katto (1981) can
determine the critical mass flux beyond which CHF dominates:

0.85 o 0.5
G, :1.42(;) ( Py ) 2.11)

J D

At given tube diameter (D) and heated length (3) the critical mass flux drops
as the temperature rises. For CO; at temperatures below 25°C, G, is always
above 800 kgm?s' as long as D < 3 mm and 3/D > 100. The above
criterion was proposed based on data for larger tube diameters, and the
application to microchannel flow is questionable. Nevertheless, the
parameter indicates that dryout is likely to be the dominant mechanism in
the present tests.

Published data on dryout in flow boiling of water show how the critical
vapour fraction (onset of dryout) is reduced for increased mass flux and
increased pressure. Both these parameters give increased entrainment. The
dryout x is also expected to depend on heat flux, especially at high mass flux
and low heat flux levels (Carey, 1992).
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The literature contains numerous data and correlations for CHF in
water/steam systems, but studies on other fluids are of a more limited
nature. Some general CHF correlations have been published, including the
models of Katto and Ohno (1984), and Shah (1987), but these correlations
are focused on boiling crisis at high heat and mass flux giving DNB instead
of dryout. In absence of reliable general correlations for dryout at higher x;
two other approaches have been presented in the literature:

e Fluid-to-fluid scaling laws that relate empirical dryout data for water to
the value for the non-aqueous fluid, and,

e phenomenological dryout models involving numerical modelling of
the annular two-phase flow with entrainment, deposition and
vaporization.

The first method relies on the extensive amount of data that exist on
CHF/dryout data for watet, in patticular at conditions for boilets in nuclear
reactors.

The latter method uses a three-field model for the liquid film, vapour and
droplet field. Based on given inlet conditions, e.g inception of entrainment,
given evaporation rate, and analytical correlations for local entrainment and
deposition rates, the change of liquid film flow rate along the heated tube is
found by integration of the continuity equation. Dryout is then identified at
the location where liquid film flow rate becomes zero. Methods and results
for dryout prediction using such methods have been presented by several
authors, including Govan, Hewitt et al. (1998), Hoyer (1998) and Utsuno
and Kaminaga (1998). Use of these methods in microchannel flow has not
been reported, and the validity of the empirically-based entrainment and
deposition correlations is doubtful for microchannel geometries especially
with the “unusual” fluid properties of COx.

Using the first approach above, Ahmad (1973) developed a fluid-to-fluid
scaling model based on dimensional analysis, finding a mass flux
scaling/modelling parameter (J, based on the Weber number and
liquid/vapour supetficial Reynolds numbets. Parameters for the fluid
concerned (in this case CO2) must be converted mnto equivalent values for

water, using the modelling parameter  that should have the same value for
both fluids:

GD 2 2/3 -1/5

lul O-D p 1 lu v
The second dimensionless group in the above expression may be termed a
Weber-Reynolds number. Hydraulic diameter (D) is the same for both fluids. If
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surface tension data are unavailable or inaccurate, it has been suggested to
replace the Weber-Reynolds group and convert the expression to

GD yo'slu 2/3 lu 1/8
w=|—— ! _’] (2.13)
[ K, ][Dpf"s ] [ﬂv
op

where the second dimensionless group in Eq. (2.13) is called Barnert number
(Ahmad, 1973). Property data for water should be evaluated at a saturation
pressure giving the same density ratio as for the fluid concerned, in this case
CO:s. Finally, the heat flux need to be scaled so that the Boiling number

q
Bo = 2.15
Gh @15)

Iv

is the same for both fluids. Conditions for similarity in the Ahmad method
for round tubes ate listed in Table 2.2 (Auracher et al., 1993).

Table 2.2 Conditions for similarity when using the method of Abmad (1973)
(Auracher et al., 1993)

Dimensionless

Parameter sumber Range of validity
System pressure, as defined by
liquid-to-vapour density ratio 0/ B)s 7-980
Mass flux W 5 to 100
Vapour fraction at boiling crisis Xorit -0.35t0 0.9
Vapour fraction at channel inlet Xin -0.04 to —0.8
Ratio of heated length to hydraulic /D 60 to 310
diameter

The limits given in Table 2.2 restrict the use of this method to temperatures
below 8°C for COs», and to tube lengths below 250 mm for ID 0.81 mm
tubes. In addition, the inlet state has to be subcooled (negative x).

For estimation of dryout parameters of water, Auracher et al. (1993)
recommends empirical equations from Kon’kov (1965). These equations
give the following data for critical vapour fraction of water (only the
relevant equation for equivalent water/steam saturation pressure above 9.8

MPa is shown here):
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xcr — 32.302q—0.1256—0.333D—0.O7e—0.00795p (216)

with ¢ in kWm?2, G in kgm?2s?!, D in mm, and p in bar. The range of
parameters (for water) covered by this relation is:

9.8 MPa < p < 19.6 MPa
200 kgm?s! < G < 5000 kgm2s-!
4103 m <D <32103m

The use of Eq. (2.16) for small-diameter tubes (less than 4 mm ID) is very
questionable, since this geometry 1s well below the stated range of the
model. The above correlation was developed for vertical tubes, and phase
separation (stratification) in horizontal tubes may give earlier dryout at the
crest of the tube while the bottom part dries out later. Auracher et al (1993),
referring to studies by Kefer (1989) and Wallis (1969), provides a basis for
estimating the effect of tube inclination. The stratification tendency of the
two-phase flow can be correlated by a modified Froude number

xcr ,vertical G

Fr= p.” 2.17)
sD(p, - p,)cosp]"?

which relates inertia force to buoyancy force. Here, @ is the inclination angle
from the horizontal, i.e. cos@p=1 for horizontal flow. Test data show that if
Fr > 10, there is little or no flow stratification at hotizontal flow, while
stratification effects are very pronounced at Fr < 3. As a consequence, it is
recommended to account for stratification effects if Fr < 10, using the
following relation:

Ax =x 16

cr cr,bottom xcr,crest = (2+T)2 (21 8)

Thus, the critical vapour fraction from Equation (2.16) can be regarded as a
mean value, and the corresponding values for the crest and bottom of the
tube can be estimated as:

Ax cr

xcr,l = xcr - 2 (219)
Axcr

xcr,2 = xcr + 2 (220)
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2.4 Two-phase flow pattern maps

If x> is higher than 1.0, its value should be taken as 1.0. The above
procedure enables an estimation of onset and completion of dryout with
COs, based on empirical data for H>O and a scaling model.

Levitan and Lantsman (1975) recommended another empirical correlation
for predicting dryout vapour fraction in upflow of water in a uniformly
heated 8 mm tube:

2 3 G —0.5
x, =[039+1.57 £ |-2.04| £ | +0.68 £ | | —— (2.21)
98 98 98 J [ 1000

where p is pressure in bar and G is mass flux in kgm2s-1. This equation was
stated to predict x,, for water within £0.05 for 9.8 < p < 166.6 bar and 750
< G < 3000 kgm2s. In contrast to the correlation by Kon’kov (1965), this
model assumes that heat flux variation does not influence the critical vapour
fraction in dryout. For tube diameters other than 8 mm, Carey (1992)
recommends scaling x,- in Eq. (2.21) by the factor (8/D)%15, whete D is in
mm.

2.4 Two-phase flow pattern maps

2.4.1 Generalized transition lines in flow charts

Various flow pattern maps showing transitions between two-phase flow
regimes have been developed for both vertical and horizontal flow, and for
adiabatic and diabatic (with heat load) conditions. Coordinates and
transition regimes/lines in such maps may have a basis in the mechanisms
of two-phase flow. Baker (1954) developed a chart for horizontal adiabatic
flow using superficial gas (vapour) and liquid velocities (See Notation and
Definitions), together with scaling parameters for fluid properties as
coordinates. This map was purely empirical and based on observations, not
considering the physics in transition mechanisms.

Taitel and Dukler (1976) analysed flow regime transitions and developed a
generalized chart for adiabatic horizontal flow, using the Lockbari-Martinelli
parameter (two-phase multiplier)

1/2
X _ |:(dp /dZ)fric,lo } (222)

- (dp /dz)fric,vo
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as abscissa. When both phases are turbulent, this expression may be
approximated by

0.5 0.125 1 0.875
X, = (&J (ﬂ} ( _x) (2.23)
pl ILlV X

Three different parameters I, T and K were used as ordinates, depending on
the type of flow regime transition considered. These parameters were non-
dimensional functions of liquid and gas superficial velocities, and fluid
properties. The use of this flowchart is rather complicated due to the use of
three different factors, and since a specific procedure has to be followed
when determining the flow pattern.

The application of adiabatic flow pattern maps to diabatic flow is generally
not recommended (Tong and Tang, 1997). Dukler and Taitel (1991) showed
that introduction of (a large) heat flux shifted the transition boundaries, and
introduced a dimensionless heat transfer parameter in order to extend their
flow pattern map to diabatic flows. At low heat flux, however, the influence
may be expected to be smaller. In any case, flow pattern observations are
hardly ever done in the heated zone of the tube, even in studies on diabatic
flow patterns. The term psendo-diabatic was proposed by Sun and Groll
(2001) to characterise this situation

Steiner (1993) modified the flow chart of Taitel and Dukler (1976), and
Kattan et al. (1998) suggested even further changes, including conversion of
the coordinates and modifications of some of the transition boundaries
based on improved models and their extensive flow pattern data for pseudo-
diabatic refrigerant flow. Coordinates in the Kattan et al (1998) flow chart
are x (abscissa) and G (ordinate). The transition between annular flow and
annular flow with partial dryout was revised since their heat transfer test
data showed onset of partial dryout (due to stratification) at lower x than
predicted by the Steiner (1993) map. In the original Steiner (1993) map, the
ratio between liquid Weber and Froude numbers decided the location of
transition from annular to stratified-wavy flow. By replacing the We/Fr ratio
by an expression containing We, Fr, x and ¢, Kattan et al (1998) adapted the
transition curve to their test data. The annular-to-mist flow transition cutve
was also modified, since the original Steiner (1993) map gave a transition
from mist flow and back into annular or stratified-wavy flow at increasing x
that did not seem plausible. An example of the final flow pattern map by
Kattan et al. (1998a) is shown in Figure 2.12 for adiabatic flow of refrigerant
HFC-134a at 10.3°C in a hotizontal 12 mm ID tube.
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Figure 2.12 Example of horizontal flow pattern map for HFEC-134a (=0,
D=12 mm, T=10.3C), from Kattan et al. (1998a). Symbols are S: Stratified, SW:
Stratified-Wavy, 1: Intermittent, A: Annular, ME: Mist

The Kattan et al. (1998a) flow map predicts a transition from intermittent to
annular flow at a Martinelli parameter (Eq. 2.23) of X, =0.34, giving the
following expression for the constant-x transition line:

1

1175 ~1/7
0.34 /0875 &) &) 1 (2.24)
pl ) luv )

The transition lines to stratified and stratified-wavy flow are of less interest
i relation to microchannel flow, where stratification is generally not
observed.

Weisman et al. (1979) compiled extensive data; proposed property and
diameter corrections to an overall flow map, and found that superficial
velocities were the primary factors in determining the flow pattern. They
also presented several correlations for transitions between flow patterns,
including the following model for transition from intermittent to annular

flow:
L ONL/S . 12 02, ., \018
Lof 2| = 1P 1/41 L ) (2.25)
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2.4.2  Flow charts for small tubes

Barnea et al. (1983) studied adiabatic two-phase flow patterns of air and
water at atmospheric pressure in horizontal small-diameter tubes, with
diameters down to 4 mm. They found that a large part of the stratified
smooth regime predicted by Taitel and Dukler (1976) instead had
intermittent flow. The smaller the pipe diameter the larger was the deviation
from the Taitel and Dukler model. It was claimed that for small tube
diameters, the surface tension that pulls the liquid upward becomes the
mechanism for stratified to non-stratified transition. This mechanism is not
accounted for in the Taitel and Dukler model, which uses Kelvin-Helmholz
instability criteria in the stratified-intermittent transition. Brauner and
Moalem-Maron (1992) conducted a linear stability analysis of stratified flow,
postulating that neutral stability should consider a disturbance wavelength of
the order of the channel diameter. On this basis, they developed the
following criterion for the dominance of surface tension

2r)’o

> (2.26)
(p 1 p v )D g

For CO; flow in a 1 mm channel, the left hand side of the above expression
range from 8.2 at 20°C to 34.5 at —20°C, thus indicating surface tension
domination. Even though the low surface tension of COz could be expected
to reduce this dominance, the small density difference and tube diameter
offset this.

Damianides and Westwater (1988) determined flow patterns of air-water
mixtures at adiabatic conditions in offset strip fin geometries and small-
diameter horizontal glass tubes. In their observations in a 1 mm ID tube,
separated flow was never detected. Again, surface tension was believed to
play an important role in governing the flow pattern. The onset of annular
flow for the 1 mm ID tube was caused by the generation of roll waves that
crept up the tube wall. The Taitel and Dukler (1976) flow regime transition
predictions were poor for all boundaries. Figure 2.13 shows the regime
boundaties for the 1 mm ID tube (with regime names in CAPITALS) based
on their test data, compared to the (dashed) boundaries for the Taitel and
Dukler flow chart (with regime names in I'T'ALICS). Coordinates are vapour
and liquid superficial velocity.

Stratified flow was not obsetrved in the 1 mm tube, and transition to annular
flow occurred at much higher velocity than predicted by the Taitel and
Dukler boundary.
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Figure 2.13 Flow chart of Damianides and Westwater (1988) for adiabatic air-water
Slow in 1 mm 1D horigontal glass tube, including boundaries (dashed — with regime
names in ITALICS) based on the model of Tattel and Dukler (1976). Coordinates are
superficial gas and liguid velocity.

Coleman and Garimella (1999) obsetved flow pattetns for ait/water flow in

hotizontal small-diameter tubes, with

diameter ranging from ID 1.3 to 5.5

mm. Stratified smooth flow was not observed in any test, and stratified-
wavy flow was not observed in the tubes with ID less than 5.5 mm. Flow
pattern observations for the ID 1.3 mm tube is shown in Figure 2.14.

Although the general tendencies are in agreement, some differences may be
observed compared to the chart of Damianides and Westwater (1988),
Figure 2.13. The transition from intermittent (plug/slug) flow to annular

flow occurs at a lower superficial gas

velocity (6 ms™ instead of 20-30 ms!

in the earlier study), and transition from intermittent to bubble flow occurs

at higher liquid superficial velocity (5

-6 ms?! vs 0.5 ms'). Large deviations

from the transition criteria of Taitel and Dukler (1976) were found also by
Coleman and Garimella (1999), and the authors concluded that the inherent
assumptions in this analysis might not be valid for small diameter tubes.

Even though somewhat better correspondence was

found with the

transition correlations of Weisman et al. (1979), especially for the
intermittent-annular transition, but authors also regarded these correlations
as mnapplicable for small-diameter tubes.
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Figure 2.14 Flow chart of Coleman and Garimella (1999) for adiabatic air-water flow
in 1.3 mm ID horigontal glass tube. Coordinates are superficial gas and liguid velocity.

Triplett et al. (1999) studied two-phase flow patterns for air-water flow in
horizontal tubes, including circular microchannels of 1.1 and 1.45 mm
diameter. Observations compared well with earlier studies, and confirmed
that semi-analytical flow regime transition models developed for larger tubes
do not fit the microchannel flow pattern observations.

The air-water flow patterns in the above studies were all observed at
atmospheric pressure, with fluid properties that are very different from
those of high-pressure CO> flow. Parameters like liquid and vapour density,

surface tension, and viscosities all differ from those of COz two-phase flow,
as shown in Table 2.3.

Table 2.3 Properties of water/ air at atmospheric conditions,
and CO; liguid/ vapour at 10°C

Water/air at 20°C and 1 atm COy at 0°C
P:- P o 1Y P:- P o Y
kgm- i/ P Nm-! Pas kgm? pi/P: Nm-! Pas
997 846 0.072 1.0-103 729 6.4 0.0027 8.7-10-

Even though the density difference is comparable in the two systems, the
very high vapour density of CO; gives a much smaller density ratio. In
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2.5 Heat transfer models for flow vaporization

addition, the dramatic reduction in surface tension and liquid viscosity gives
a completely different situation in the CO» two-phase flow.

Besides, all the above recordings and flow pattern studies were made in
adiabatic tubes with results that may not be relevant for flow patterns in
heated tubes.

2.5 Heat transfer models for flow vaporization

2.5.1 General models for in-tube convective vaporization

In their review paper on correlations for convective vaporization, Webb and
Gupte (1992) differentiated between

e vaporization, which is any process with heat addition converting
liquid to vapour,

e evaporation (convective evaporation), which occurs when the liquid
is superheated at the wall and vaporization takes place at the
liquid-vapour interface within the flowing fluid, and

e boiling (nucleate boiling), which occurs when vapour bubbles are
formed at the heated wall.

Thus, vaporization is the general term, and the total heat flux in convective
vaporization is assumed to have two components: a convective evaporation
component, and a nucleate boiling component.

Cortrelations for in-tube flow vaporization generally fall into two categories -
vertical (upward) flow, and horizontal flow correlations. The direction of
gravity influences the phase separation characteristics in two-phase flow,
and thereby also the heat transfer and pressure drop behaviour. Many of the
general correlations that are discussed in the following were developed for
vertical flow situations, and should primarily be used in such geometries.
The model may still be valid for horizontal non-separated flow, however,
especially in microchannels where stratified flow situations are less likely to
occut.

Webb and Gupte (1992) divided the correlations for convective
vaporization into three models, where a 70de/ describes the concept used to
combine the nucleate boiling and convective evaporation contributions:
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The superposition model assumes that the total heat flux is the sum
of nucleate boiling and convective evaporation components:

h=h,+h, 2.27)

A well-known correlation based on this model was developed by
Chen (19606) for water, where the nucleate boiling contribution
was derived from the pool boiling heat transfer coefficient (fuy),
using a Reynolds number-dependent suppression factor S to
account for the expected suppression of boiling in forced
convection. The convective evaporation contribution was derived
from the liquid-only heat transfer coefficient using a two-phase
convection multiplier F that depended on the Lockhart-Martinelli
parameter (Eq. 2.23). Superposition models are sometimes called
additive models (Steiner and Taborek, 1992). This model may also
be categorized as asymptotic (see below) with #»=1. Bennet and
Chen (1980) modified the original Chen correlation by introducing
a Prandtl-number factor, in an attempt to generalize the
correlation for other fluids than water. Steiner and Taborek (1992)
criticized the suppression factor theory and pointed out that
experimental data do not support this theory.

The asymptotic model uses a “power-type” addition of the two
contributions

h= )"+ ) ] (228)

There is no theoretical basis for selection of the exponent .
Kutateladze (1961) introduced an asymptotic correlation using
#n=2 for subcooled water in plain tubes. Later on, Gungor and
Winterton (1986) and Liu and Winterton (1988) used this model
for convective vaporization in tubes. More recently, Steiner and
Taborek (1992) used an asymptotic model with #=3 for vertical
upflow in tubes, using an “enhancement” model for the
convective evaporation term with a “liquid-only” coefficient
where the entire mass flux is assumed to be in the liquid phase.
They also used newer correlations for the nucleate boiling term,
based on generalized reduced-pressure models (see Section 2.5.4).

The enbancement model, which was introduced by Shah (1976) for
flow in tubes, is based on an enhancement factor E which is
multiplied with the “liquid-only” heat transfer coefficient



2.5 Heat transfer models for flow vaporization

h=Eh (2.29)

lo

E is a function of the Boiling number Bo (Eq. 2.15) and a
Convection number or Convective number (Co)

1_ X 0.8 0.5
Co = ( ) Py (2.30)
X Pi

The Convection number is a modified Lockhart-Martinelli two-
phase multiplier that accounts for the convective evaporation part,
and the Boiling number accounts for the nucleate boiling part of
the heat transfer. The latter assumption seriously limits the
application of the model, since a number of effects on nucleate
boiling (e.g. pressure) are not accounted for. The correlation of
Shah (1976) uses a graphical chart or a set of equations to select
between the two vaporization components, and the method is
therefore sometimes called “greater of the two”. For application
to horizontal tubes, E also depends on the Froude number if this
1s less than 0.04, with the purpose of accounting for stratification.
The correlations of Kandlikar (1983, 1990) and Gungor and
Winterton (1987) are also of the “enhancement” type, using
various correction factors to fit their models to experimental data.
The Gungor and Winterton (1987) correlation is similar in
structure to the Schrock and Grossmann (1959) correlation.

Webb and Gupte (1992) concluded their review paper by recommending the
Steiner and Taborek (1992) correlation for vertical flow. The asymptotic
features as well as the mechanistic foundation made this correlation superior
to correlations mostly based on regression of test data. Although the Liu
and Winterton (1988) correlation predicted the test data of Webb and
Gupte (1992) well, the model is flawed due to an incorrect calculation of the
multiplier F, and its use was not recommended by Webb and Gupte (1992).
All the correlations mentioned above have been presented numerous times
in papers, publications and books, and there is no need to show the details
here.

Kattan et al. (1998b) pointed out that most flow boiling correlations were
vertical tube models with some correction that tried to account for flow
stratification effects. Besides, experimental data used in the development of
these correlations was mostly taken at vapour fractions below dryout. A
number of deficiencies with existing flow vaporization correlations were
identified by Thome (1995):
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e Predicted variation and peak in local heat transfer coefficient at
varying x are not matched by experimental data.

e The drop in 4 at high x 1s not predicted well.

e The liquid convection heat transfer coefficient is not consistently
used, since tubular flow velocity is used instead of film velocity in
annular flow. Besides, the Reynolds number in the two-phase
convection multiplier should be based on the effective liquid
velocity.

e Most correlations do not approach the single-phase vapour heat
transfer coefficient as x—1.

e Effects of flow stratification are based on criteria using the liquid
Froude number, which has proven ineffective for predicting onset
of stratification.

o Existing correlations have no mist flow or partial dryout criteria.

2.5.2 The model of Kattan, Thome and Favrat (1998b)

Kattan et al. (1998b) developed a heat transfer correlation attempting to
avold the above deficiencies, using the methods shown by Steiner (1993) as
a basis. The new correlation scheme includes the effects of flow pattern,
partial tube wall wetting in stratified flow, and partial dryout in annular flow.
Four models were developed to predict local heat transfer coefficients: an
annular flow model, a stratified flow model, a stratified-wavy flow model,
and a stratified-wavy flow model for annular flow with partial dryout. The
calculation scheme involves a stepwise procedure, starting with estimation
of flow pattern as outlined in Section 2.4.1 (Kattan et al., 1998a), continuing
with estimation of dry and wet fraction of tube perimeter (defined as dry
and wet angles By, and Byer), and mean liquid film thickness. Heat transfer
coefficients for the wet (b,;) and dry/vapour (h,) patts of the tube are then
calculated and combined into a “weighted average” two-phase heat transfer
coefficient (4y) using the wet and dry perimeter segments:

6y h, (21 -6
v 27

Yh

dry

et (2.31)

The wet coefficient is estimated using an asymptotic model (Eq. 2.28)
combining convective (/) and nucleate (4,;) contributions with #=3:

By = () + ()] (2.32)
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The dry and wet fractions of the tube perimeter in stratified and stratified-
wavy-flow are found based on local void fraction a and geometry
considerations using tube, liquid and vapour cross sections. In stratified-
wavy flow, the estimation of 0, also uses information from the flow chart
on maximum and minimum G giving stratified-wavy flow at the given x.

Kattan et al. (1998a) recommended the cotrelation of Rouhani and Axelsson
(1970) for void fraction calculation:

o = i[(pr 0.12(1- x){i+ 1-x ]+ 1.18(1 - x)[gag,?l )
P, P Gp/”

4 4

(2.33)

A film thickness 0 is found based on local void fraction and flow regime,
either as the equivalent film thickness for stratified/stratified-wavy flow, and
for annular flow with partial dryout, or as the actual film thickness in
annular flow. Entrainment is not considered.

Convective evaporation heat transfer to turbulent liquid film (hy) is
calculated using a Dittus-Boelter type single-phase correlation, with film
thickness & as the characteristic length. Based on regression using
experimental data for CFC and HFC refrigerants, the following expression
was found:

04 Ky,

h,, = 0.0133 Re,"” Pr, (2.34)

where the liquid Reynolds number is based on liquid film thickness, and
“actual” liquid flow velocity (not superficial), i.e. using a hydraulic diameter
of 4- 5, and the calculated void fraction to estimate velocity:

_4G(1-x)6

Re, =
(1—(1)#,

(2.35)

The arguments for using estimated film thickness and liquid flow velocity
instead of tube diameter and superficial velocity are that the above model is
more consistent with the “Dittus-Boelter” type of single-phase correlation,
and that the use of empirical “enhancement factors” to scale the superficial
velocity is avoided.
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Nucleate boiling heat transfer (4. is calculated using the Cooper (1984)
cotrelation (Eq. 2.46), and the dry/vapour heat transfer coeffient is
calculated using

h, =0.023Re"* Pr,"* % (2.36)

with Reynolds number based on tube diameter and estimated vapour flow
velocity, 1.e.

GxD
Re, = a (2.37)
o,

The correlation of Kattan et al. (1998b) outlined above is presently the most
carefully conceived model available for in-tube vaporization, and the
comparison made by the authors for various refrigerants show improved
prediction accuracy compared to all other correlations.

An important feature of the Kattan et al. (1998b) correlation is the
prediction of stratification, and the effects on heat transfer by partial wetting
in stratified or stratified-wavy flow. Regarding dryout in annular flow,
however, the model of Kattan et al. (1998b) seem to have a weaker
foundation, not the least since entrainment is not accounted for. The
authors also admit that the transition into mist flow is not well covered in
their experimental data and models.

2.5.3 Onset of nucleate boiling

Onset of nucleate boiling heat transfer depends on local conditions with
sufficient wall superheat and heat flux. Several methods have been
developed to predict the onset conditions, including the analytical model of
Sato and Matsumura (1964) and Davis and Anderson (1966), adapted to
liquids other than water by Frost and Dzakowic (1967):

kihy,p,
donp = #[(Tw -7, )ONB :lzprl2 (2.38)

sat

Here, /5 is the enthalpy of evaporation. This correlation defines the
threshold conditions at which nucleation is initiated, and it was found to
agree well with data for a variety of fluids (Carey, 1992). For a given wall
superheat, the correlation predicts the maximum heat flux that allows
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nucleate boiling, and for a given heat flux, the correlation predicts the
minimum wall superheat needed to initiate nucleate boiling. The ability of
Eq (2.38) to predict onset of nucleate boiling depends on the existence of a
sufficient range of potential nucleation sites on the wall surface.

2.5.4 Nucleate pool boiling heat transfer

Owing to the high saturation pressure of COs, nucleate boiling plays an
important role in flow vaporization heat transfer. A number of correlations
and models have been developed for pool boiling, and some of these will be
outlined here. Borishanski (1969) used thermodynamic similitude (law of
corresponding states) as a basis, and developed a correlation that can be
written as

h=Aq" " F(p) (2.39)

where F(p) 1s a function of reduced pressure, and A" is a fluid-dependent
constant. Mostinski (1963) found the following relations for these
parameters:

A =0.1011p " (2.40)

cr

F(p)= 1.8pi117 + 4pi'2 +10piO (2.41)

Bier et al. (1976) developed an alternative pressure function F(p) adapted to
refrigerants, based on experimental data on boiling heat transfer with
various fluorocarbon refrigerants, including data at reduced pressures
approaching 1.0:

F(p):0.7+2pr[4+ L ) (2.42)
I+p,

As shown by Figure 2.15, the reduced-pressure function of Bier et al. (1976)
gives considerably higher values than the Mostinski (1963) function (Eq.
2.41).

A more refined reduced-pressure correlation was proposed by Gorenflo
(1993), using a reference heat transfer coefficient 4, at a reduced pressure of
»~=0.1, a reference heat flux of ¢,=20 kWm?2, and a reference surface
roughness of Ry=0.4pm:
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nf R 0.133
h=hF, (i} ( P ] (2.43)
q R
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Figure 2.15 Function F(p) in Eq. (2.39) at varying reduced pressure p, as proposed by
Mostinski (1963) and Bier et al. (1974).

The following general relations were derived for the pressure function Fpr
and the exponent #f based on extensive experimental data on vatious non-
aqueous fluids:

FPF=1.2pS-27+(2.5+ L Jp (2.44)
1-p,

nf =0.9-0.3p" (2.45)

For COs, Gorenflo (1993) lists a reference pool boiling heat transfer
coefficient of 5, = 5100 Wm2K! based on experimental data, and a
coefficient of 4170 Wm2K! (ie. 18% lower) based on a recommended
correlation by Stephan and Preusser (1979).

Finally, a simple and widely used correlations for nucleate boiling heat
transfer is the reduced-pressure model by Cooper (1984):
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h — 55pi).12—0.4343111(Rp) (_0.434311,1 pr )—O.SSM—O.5q0.67 (246)

R is a surface roughness parameter, with dimension ym, which is set equal
to 1.0 for an unspecified surface, and M 1s the molecular mass of the fluid.

2.5.5 Mist flow evaporation

Several authors have developed models for heat transfer in the mist
(droplet) flow regime, ie. post-dryout heat transfer. This regime is also
called liquid-deficient region, with a flow pattern of dispersed flow.

A number of heat transfer mechanisms can be identified in this regime,
including (Carey, 1992):

e convective heat transfer from tube wall to vapour,

e convective heat transfer from vapour to droplets,

e evaporation from droplets that collide with the wall and wet the
surface,

e evaporation of droplets that come close to the wall but do not wet
the surface,

e radiation from wall to droplets, and

e radiation from wall to vapour.

The two first mechanisms act in series to transfer heat from the wall to the
droplets. Convective heat transfer from the vapour to the droplets relies on
some superheat in the vapour flow. The interactions between liquid
droplets, wall surface and vapour flow are quite complex, and the flow is
generally in a non-equilibrium state with superheated vapour and saturated
liquid droplets. There are two limiting conditions for mist flow heat transfer:

o Thermodynamic  equilibrium, where the vapour temperature is
assumed to be constant and at the saturation temperature. This
corresponds to a situation with extremely good heat transfer
between the vapour and the liquid droplets.

o Complete departure from equilibrium. In the extreme case with
complete non-equilibrium, there is zero heat transfer between
vapour and droplets, and between wall and droplets. Thus, the
vapour absorbs all the heat, and the vapour temperature rises
lineatly if the heat flux is constant.

Real systems have some departure from equilibrium and operate between
these two extremes. At high mass flux levels, and/or if the convective
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2 Theoretical framework

transport between the phases is good (high turbulence level), the situation
may approach thermodynamic equilibrium. Increased pressure also gives
conditions closer to thermodynamic equilibrium.

Models for mist-flow heat transfer fall into two categories: equilibrium
conditions models, and models where departure from equilibrium is
accounted for. Equilibrium correlations generally use a homogeneous model
for the dispersed flow, and equivalent fluid properties for the vapour/liquid
mixture. The form of such empirical correlations may be of a single-phase
vapour heat transfer model, e.g. based on a Dittus-Boelter type expression,
and a correction factor that depends on x and liquid/vapour fluid
properties. One such equilibrium dispersed-flow correlation was proposed
by Groeneveld (1973). In case of tube flow, the model is:

0.989
Nu, =D _ 00100 C2 x+Pra-x prléty 11
k Auv pl ’ (247)

v

where

0.4
Y =1-0. &—1] (1-x)" (2.48)
mo

The vapour Prandtl number Pr,, is evaluated at the wall temperature, and an
iterative solution is needed where the wall temperature is found depending
on heat transfer coefficient and heat flux. The other properties are evaluated
at saturation conditions. Dougall and Rohsenow (1963) proposed a slightly
different correlation, assuming equilibrium conditions:

0.8
Nuv =}Il€£= 0023[[QIX+&(1_X)]:| Pro* (2.49)

v v pl

This correlation is simpler to use and it also has the advantage of being
reduced to the standard Dittus-Boelter equation for heated turbulent pipe
flow when x = 1. The modified Reynolds number in the above equation can
also be used in other single-phase correlations, e.g. the Gnielinski (1976)
correlation, to account for mist-flow conditions.

Models that account for departure from equilibrium distinguish between the
“normal” equilibrium vapour fraction (thermodynamic vapour fraction) x
(often with symbol x in mist-flow calculations), and the actual vapour
fraction x;. Numerically, the equilibrium vapour fraction xr can reach
values higher than 1.0 when the vapour phase is superheated. Equilibrium
vapour fraction is defined as
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2.5 Heat transfer models for flow vaporization

Xp = —— (2.50)

where 4 is the equilibrium specific enthalpy of the flow, including liquid and
vapour phases, and /. is the specific enthalpy of saturated liquid. Actual
vapour fraction is defined as

xphy,
X, =—£LUb
e 2.51)

v 1,sat
where 4, is the specific enthalpy of vapour at the actual temperature.

The correlation of Groeneveld and Delorme (1976) is one of the most
quoted methods that account for non-equilibrium effects in post-dryout
heat transfer. Its basis is post-dryout test data on water, mainly at high heat
flux and mass flux. Comparisons made for instance by Shah and Siddiqui
(2000) and Nishikawa et al. (1986) show large deviations between measured
wall temperatures and predictions using the correlation of Groeneveld and
Delorme (1976) at low mass flux and heat flux, and with other fluids than
watet.

Shah and Siddiqui (2000) proposed a general correlation based on data for a
wide range of conditions and fluids. Its procedure for evaluating the heat
transfer coefficient is based on finding the actual vapour fraction x4 and
then calculating void fraction and resulting Reynolds number, before finding
the wall-to-vapour heat transfer coefficient based on Re. The heat flux
removed from the wall is

q:chh(Tw _Tv) (252>
where T, is the vapour temperature, 4 is the wall-to-vapour heat transfer
coefficient, and the factor F; = 1.0 unless the reduced pressure is higher
than 0.8. In this case

F, =2.64p, —1.11 forp>0.8 (2.53)

The heat transfer coefficient is calculated using standard correlations, and
Shah and Siddiqui (2000) recommend

Nu = 0.023Re"*Pr,**  for Re > 10* (2.54)
Nu = 0.00834Re"™ Pr. "' for Re < 10 (2.55)
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where the last expression is due to Hadaller and Banerjee (1969). The
Nusselt number is based on tube diameter and vapour thermal conductivity,
and the Reynolds number is calculated from estimated vapour flow velocity

GDx
Re = A (2.506)
HO
where the void fraction is calculated using a homogeneous model
X
4Py (2.57)

o=
(I=x,)p, +x,p,

The procedure for finding x4 is based on a quite complex algorithm
mvolving the Boiling number (Eq. 2.15) and the liquid Froude number:

2
Fr, = G

= (2.58)
pigD

First, the intersection between the correlating curve for x4 and the
equilibrium vapour fraction xr 1s found. For Fr; 2 100, the intersection 1s
found at the point (xy v = x4n7) satisfying the relation

x, =(A +Ax, +Ax, +Ax, )Fr (2.59)

where the constants atre

Ay =-0.0347
A2=0.9335

A; =-0.2875
A4=0.035

If x4>xrin (2.59) then x4=xp, and if x4>1 then x4=1.

For Fr;<100, the intersection point is found at
Xywr = Xpr = 0.19Fr° 2.60
A,INT E,INT : 1 ( : )

Depending on the vapour fraction at dryout (xck), two different models are
used. For xcr S xpgwvr, the actual vapour fraction is set equal to the
equilibrium vapour fraction up to the intersection point, and from there and
upwards, x.1 1s calculated from xp using Eq. (2.59-2.60). For xcr > xpnT, a
tangent point need to be found, at the intersection of Eq. (2.59) and the
following equation:
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2.5 Heat transfer models for flow vaporization

X, =Xep +(xp =X )A, +2A.x, + 3A4x§ )Fr,O'O(’4 (2.61)

The tangent point (xr14n, X4,14n) 1s found by simultaneous solution of Eq.
(2.59) and (2.61). For xr >x1 14N, x4 1s found from Eq. (2.59). For xx <
XE,1AN, X418 found from the following expression:

b - X x -X
A,TAN CR E,TAN A,TAN
X, = Xp + Xcr (2.62)

Xg1aN — Xcr XE1AN ~ Xcr

A final correction of x4 is needed if Bo is greater than 5104 Setting the
actual vapour fraction from the above scheme to x4, the corrected value is

Bo
5107

X, =xp —(x; - xA,o) if Bo > 510+ (2.63)

With the difference between wall and vapour temperature known from Eq.
(2.52) the vapour temperature can be found based on the vapour enthalpy 4.
in the following expression derived from Eq. (2.51):

X, —X
hv = hv,sat + £ A hlv (264>

XA

Now the wall temperature can be calculated, and the equivalent heat transfer
coefficient referring to the difference between wall and saturation
temperature can be found.

Shah and Siddiqui (2000) reproduced measured post-dryout heat transfer
coefficients in 546 data points with a mean deviation of 15.2% using the
above correlation. The range of data for water, helium, hydrocarbons,
nitrogen and fluorocarbons included pressures from 0.1 to 21.5 MPa,
reduced pressure from 0.0046 to 0.97, mass flux from 4 to 5176 kgm2s,
tube diameters from 1.1 to 24.3 mm, and equilibrium vapour fraction from
0.1 to 2.4.

Even though the authors claimed that the above equations could be easily
programmed for computerized calculations, the algorithm is quite
complicated, and careful checking is necessary in order to arrive at the
desired result.
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2.5.6 Special heat transfer correlations for small-channel vaporization

Tran et al. (1997) developed a special correlation for nucleate flow boiling in
small channels. The authors had noted the importance of the transition
from forced-convection boiling to nucleate boiling in small-diameter flow,
and that this transition occurred at lower tube wall superheat than with
larger tube diameters. Some authors had even showed that for very small
channels with hydraulic diameter in the range 0.30-0.65 mm, fully developed
nucleate boiling took place immediately without any transition (Peng et al.,
1996). A correlation for the heat transfer coefficient b, in nucleate-flow
boiling was developed based on Rohsenow’s nucleate-boiling model, and
the confinement number concept by Kew and Cornwell (1994), Eq. (2.2).
The form of the Tran et al. (1997) correlation is:

Nu = D _ c (Bo ‘Re; "N, )CZ P (2.65)
k) P

Using experimental data and regression to find the coefficients ¢, ¢z and ¢,

the correlation predicted a majority of 438 experimental data points for

nucleate flow-boiling of refrigerants R113, R-12 and R-134a in 2.4-2.9 mm

hydraulic diameter tubes within £15%.

2.6 Pressure drop in flow vaporization

2.6.1 Pressure drop in evaporator tubes

Local pressure drop or pressure gradient of two-phase flow in tubes can be
divided into three components; wall friction loss, momentum change, and
elevation pressure drop due to gravity. Thus,

) (d) (D) (4
(i) ) ()

For horizontal tubes, as in the present study, the last term 1s zero. Using
general relations for two-phase flow (Collier and Thome, 1994), the
following expression for momentum change (acceleration) pressure drop
can be found:
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2.6 Pressure drop in flow vaporization

) _grd| x| A=)’ 2.67)
dz ), — dz|lpo p(-a) '

With knowledge of local vapour fraction and void fraction, this expression
can be applied in the estimation of acceleration pressure drop.

The two-phase frictional pressure gradient is often expressed in terms of the
single-phase gradient assuming that the total flow is in liquid phase, using a
two-phase frictional multiplier @y,

dp\ _ d_P 2
(dz )f [dz )f,lo & 269

Here, the frictional pressure drop gradient for the entire flow as liquid can
be evaluated from

d, G’
dp) G 2.69)
dZ flo 2plD

where f), 1s the Darey friction factor for turbulent single-phase (liquid) flow (See
Notation and definitions). The literature contains numerous models for the
single-phase friction factor, and correlations for the two-phase frictional
multiplier, enabling estimation of pressure drop due to flow friction.

2.6.2 Two-phase pressure drop correlations

The correlation of Friedel (1979) was developed using a database of 25,000
experimental points, and is regarded as the most accurate general correlation
for two-phase frictional pressure drop in tube flow. For horizontal flow, the
database included tube diameters down to 4 mm. The following expression
was derived by Friedel for the two-phase frictional multiplier in horizontal
flow:

3.24B,
Fr O.O454We 0.035

tp tp

¢zi =A+

(2.70)

where
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2 o A S
A=01- — 2.71
( X) o (vafloj ( >

091 0.19 07
B, = x"(1—x)"2 Pr M, 1 272)
Py M M

G2
Fr, = (2.73)
gbp,
G’D
We, = (2.74)
PO
1 —1
P, =| —+—= (2.75)
pv pl

The friction factor f, is for the total mass flow in vapour phase, and the
density Oy 1s calculated assuming homogeneous flow using Eq. (2.75).

For circular tubes, Friedel (1979) recommended the following expressions
for the Darcy friction factors for single-phase flow in circular tubes:

f =64/Re, Re<1055 (Blasius) (2.76)

Re
1.9641n Re —3.8215

f =[0.86859ln( )] , Re> 1055 @.77)

Friedel (1979) also proposed another version of the above correlation, using
Froude and Weber numbers based on liquid properties only, i.e. replacing
“tp” by “/’ in Equations (2.73) and (2.74). Equations (2.70) and (2.72) are
then replaced by:

3.43B,

0.047 0.0334
Fr," " We,

0.8 0.22 0.89
B, = x"®%(1-x)"* P (A 1- 2.79)
Py H, H,

B =A+ 2.78)
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2.6 Pressure drop in flow vaporization

In some cases, for instance in Carey (1992), and Zhang and Webb (2001),
the exponent 0.224 in Eq.(2.72) is replaced with 0.24, which is incorrect in
combination with the two-phase We-/Fr-definitions and the exponents of
Eq. (2.70) and (2.72). This exponent belongs in the second “liquid-property”
version of the Friedel model, but then with several other exponents and
constants changed as well, as shown above.

Collier and Thome (1994), citing Whalley (1980), recommends the Friedel
(1979) cortelation if the liquid/vapour dynamic viscosity ratio is less than
1000. For COy, this ratio is much lower than 1000, with a value of 7.2 at 0°C
increasing to approximately 24 at the triple point.

Lombardi and Carsana (1992) developed the following expression for two-
phase frictional pressure drop in vertical and inclined (including horizontal)
tubes, in 2 model termed “CESNEF-2":

d 2G*
[d_lz)) :p D[cfv-bv+cﬂ'b,+cﬁn-bm]. (2.80)
f m

where the Fanning friction coefficients (;) and weight functions (4) are for
vapour (2), liquid (), and two-phase (7) homogeneous mixture, respectively.
Density p,, is also based on a homogeneous model, calculated as shown in
Eq. (2.75).

The liquid and vapour Fanning friction factors are evaluated using the
following modified Colebrook-White expression from Selander (1978):

0.25

2
10 r (2.81)

1-9lo —+0.2—

|: glO(Re D ):|

for turbulent flow in tube with roughness 7, and the Blasius formula

Cf_

_16

c_
I Re

(2.82)

for laminar flow (Re < 2400). The two-phase friction coefficient was
correlated empirically using a dimensionless group Lo:
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GZD 0.5
Lo = ﬂ} (2.83)
AV

where p,, is the two-phase mixture density. Another dimensionless group,
the Ce number, represented the ratio of liquid column height to surface

tension, corrected by the two-phase viscosity ratio, for tube diameter D >
0.001 m:

D - 0.001)>
Ce = p,g L0001 ”—V] (2.84)
o u,

For D = 0.001 m, C¢ was set to zero. The two-phase friction factor could
then be calculated as follows:

¢ =0.046-Lo™% Lo230-Ce (2.85)

¢ =138-Ce-Lo™® Lo<30-Ce (2.86)
Finally, the dimensionless weight functions were defined as:

6002 2P

b=x ", by=(1-x)", b, =1-b, b, (2:87)

v

The frictional pressure drop correlation of Lombardi and Carsana (1992)
was developed for flow in vertical or inclined tubes, with adiabatic and
diabatic conditions. A comparison to more than 10000 experimental data
points, mainly for water/gas flow, was reported to correlate 80.5% of the
data to within £20%. Validity range for the correlation is:

20 < G < 4000 kgm>s™
0.0005< D <0.446 m
1< p<97bar
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2.6 Pressure drop in flow vaporization

2.6.3 Special correlations for small-diameter flow

Tran et al. (1999) conducted measurements on flow evaporation pressure
drop of CFC and HFC refrigerants in tubes of 2.4 to 2.9 mm hydraulic
diameter. Existing correlations¢ for two-phase frictional pressure drop in
large tubes failed to reproduce the test data, mainly by predicting too small
pressure drops. A new correlation was developed based on Chisholm’s B-
coefficient method (Chisholm, 1983). A scaling factor was introduced in the
model to represent the difference in pressure gradient between small tubes
and large tubes. Furthermore, the B-factor in the original model was
replaced by the confinement number (N, in Eq. 2.2), thus bringing in a
parameter that accounted for surface tension and bubble confinement
effects on pressure drop. The resulting correlation was written as

Apf _ Apf,lo {1 " (4.3 X2 _1)_ [Namf 0875 (1- x)0.875 4T ]} 059

where the factor 4.3 was based on regression using the test data of Tran et
al. (1999), and the parameter X is the Lockhart-Martinelli parameter (Eq.
2.23).

Zhang and Webb (2001) modified the Friedel (1979) correlation in an
attempt to fit experimental data for small diameter tubes. The viscosity and
density ratios in the original Friedel model were replaced by reduced
pressure (p,), which was believed to provide better correlation. Also, since
the We and Fr dependencies in the Friedel model were weak, these terms
were omitted. On this basis, and by regression analysis, the authors found
the following expression for the two-phase frictional multiplier:

¢ =(1—x)> +2.87x" 1168y (1-x)*¥ pt (2.89)

r
r

This correlation was able to correlate 119 data points for refrigerant (mainly
HFC-134a) two-phase frictional pressure drop in small-diameter tubes with
a mean deviation of 11.5%, and 85% of the calculated data were within 20%
of the experimental data.

¢Cortrelations by Friedel (1979), Chisholm (1983) (B- and C-coefficient), Jung and
Radermacher (1989), and Souza and Pimenta (1995).
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3. Earlier studies on CQO,
evaporation heat transfer and
pressure drop

3.1 Heat transfer and pressure drop in large-
diameter flow

3.11 Experimental results on heat transfer

Some results have been published from studies on CO: evaporation heat
transfer coefficients in larger tubes, either in dedicated test rigs or as part of
system studies. Bredesen et al. (1997) measured heat transfer and pressure
drop of pure CO; in a horizontal 7 mm ID aluminium test tube, at mass
flux between 200 and 400 kgm=2s!, heat flux between 3 and 9 kWm?2, and
evaporating temperature from —25 to 5°C. The test section was heated by
electrical resistance wires that were wound on the OD 10 mm test tube and
embedded in a thermally conductive epoxy. Tube wall temperatures were
measured by thermocouples located in 0.5 mm deep grooves on the outside
tube wall, and local pressures were measured with pressure taps. Local
temperatures were taken as saturation temperature at the measured pressure.
Initially, the authors experienced significant scattering of wall temperatures
and test data due to the difficulties of measuring wall temperature
accurately. The rig was then calibrated by circulating water through the test
section at varying the heat flux to obtain correction data for each
thermocouple. This reduced the scattering significantly, but still the authors
stated that they were on the edge of what could be handled by this
experimental method. The heat transfer test data indicated regimes of
convective boiling at high mass flux and low evaporating temperature, and
nucleate boiling regimes at lower mass flux and higher temperatures. Typical
heat transfer coefficients were i the range of 6000 to 10000 Wm2K-1 at
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3 Earlier studies on CO2 evaporation heat transfer and pressure drop

T=-10°C and 4=6 kWm?, increasing to about 12000 at a heat flux of 4=9
kWm=2. At most conditions, the local heat transfer coefficient increased up
to a vapour fraction of around 0.9, but at the highest evaporating
temperature, the behaviour was quite different, with a decreasing heat
transfer coefficient at increasing x. In the latter case (G= 200 kgm?2s,
T=5°C, 4=6 kWm2), the heat transfer coefficient dropped from about
14000 Wm=2K-1 at x=0.2 to about 8000 Wm2K-! at x=0.9. This was
explained by the authors by referring to the high pressure and low
liquid/vapour density near the critical point. A compatison to a few
common heat transfer correlations gave poor correspondence for all test
data, the experimental coefficients being about twice as high as predicted.

Hogaard Knudsen and Jensen (1997) measured boiling heat transfer of pure
CO; in a hotizontal 10/30 mm ID/OD seamless steel tube, at mass flux
ranging from 85 to 175 kgm2s!, heat flux 7 and 13 kWm2, and evaporating
temperature T=-10 and —28°C. The test tube was heated by condensing R-
22, and instrumented with 12 thermocouples (3 locations along the tube
with 4 thermocouples each). The thermocouples were located inside
stainless steel capillary tubes that were embedded in grooves in the test tube
wall. These grooves were filled with tin. Average temperature for all
thermocouples was used as tube wall temperature. With condensing vapour
heating, as in this case, the conditions would be close to constant wall
temperature conditions. The experimental data at —28°C and 80 kgm-2s!
show a heat transfer coefficient of about 4000 Wm=2K-! at 8 kWm2 heat flux
and about 5000 Wm=2K-! at 13 kWm= heat flux. In both cases, the heat
transfer coefficient dropped slightly with increasing vapour fraction,
indicating a dominance of nucleate boiling. The authors were able to
correlate the experimental data (87 tests) within 14% (RMS) by applying the
model of Shah (1982) and multiplying the result by a constant factor of 1.9.

As part of his PhD study on COgj-based heat pumps, Rieberer (1998)
measured overall heat transfer coefficients in the system evaporator and
compared the data to models. The measurements were carried out on
coaxial tube-in-tube heat exchangers with CO> in two horizontal 5.7 m long
serial-connected 12 mm ID inner tubes, which were heated by brine flowing
in the annulus. Type K thermocouples were embedded in the top and
bottom of the tube wall at eight locations along the tubes. The evaporator
was connected to a circuit having a compressor, and some lubricant (at
unknown concentration) was therefore present in the COz flow. The oil was
a Reniso CO2 150E by Fuchs, with a kinematic viscosity of 130-10-¢ m?s! at
400C. Since an oil separator was installed, the oil concentration was believed
to be below 1%. The measured local heat transfer coefficients at —10°C
evaporating temperature ranged from about 2000 Wm2K-" at a mass flux of
358 kgm2s! to about 4000 Wm2K-" at 681 kgm2s1. The heat flux ranged
from 20 to 35 kWm2. The measurements indicated a slight decrease in 4
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with increasing x. The level and the behaviour was thus quite different from
the measurements of Bredesen et al. (1997), where the level was 8000-12000
Wm2K! even at lower heat and mass flux, and where the coefficient
increased with x. Additional measurements by Rieberer (1998) on a 10 mm
ID horizontal evaporator tube gave similar results as for the 12 mm tube.
Common heat transfer correlations gave considerably higher predicted heat
transfer coefficients than the experimental data. Models that gave best fit to
the data of Bredesen et al. (1997) overpredicted the experimental data of
Rieberer (1998) by a factor of 3 to 4. The correlation of Shah (1982)
overpredicted the data by 50-100%, in clear contrast to the findings of
Hogaard Knudsen and Jensen (1997). These large differences were believed
to be caused by the presence of lubricant in the system of Rieberer (1998),
and the data gives some indication a possible serious impact of lubricant on
nucleate boiling heat transfer. Test data on the 10 mm tube shows that the
heat transfer coefficient is almost unaffected by a doubling of the heat flux,
and that the coefficient increases with mass flux. Both these obsetvations
indicate that nucleate boiling is not a dominant mechanism of heat transfer,
or that this mechanism is suppressed by a lubricant concentration.

In the data of Rieberer (1998), there was a noticeable difference in
temperature between the top and bottom thermocouples in the 12 mm tube,
especially at higher vapour fraction, where the difference was more than 3 K
at a mass flux of 600 kgm2s-1. This was explained by a separation of the two
phases and a stratified flow pattern.

Sun and Groll (2001) conducted experiments on a horizontal 4.6 mm ID
stainless steel tube. The test apparatus had eight tube-in-tube sections in
series where the CO; flow in the inner tube was heated by water flowing in
the annulus. A Wilson-plot method was used to fit a Gnielinski-type heat
transfer equation to the water side. Test data were recorded at CO2 mass
flux between 500 and 1670 kgm?s1, heat flux 10-50 kWm=2 and vapour
fraction 0-0.95. Evaporating temperatures were maintained between —2 and
+10°C. Some test data at varying vapour fraction are shown in Figure 3.1,
with test conditions as shown above the diagram. For both heat flux levels,
the heat transfer coefficient dropped at increasing x. A more or less abrupt
drop in heat transfer above a vapour fraction of 0.4-0.6 was observed in
most tests, and was explained by dryout of the liquid film. The heat transfer
was not influenced much by varying mass flux at low vapour fractions, while
heat flux variation had significant influence. This was taken as evidence of
nucleate boiling as the dominant heat transfer mechanism at lower x. The
heat transfer after dryout was influenced by mass flux, indicating a
convection-dominated heat transfer.
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Figure 3.1 Measured heat transfer coefficient during flow botling of COz in a 4.6 mm
ID tube, at conditions shown above the figure. Reproduced from Sun and Groll (20017)

Yun et al. (2001) conducted measurements on a horizontal DC-power
heated stainless steel tube with ID 6.0 mm and length 1600 mm. Local heat
transfer coefficients along the tube were measured by wall thermocouples.
Tests were conducted at 5 and 10°C evaporating temperature, with mass
flux varying from 170 to 320 kgm2s-, and heat flux from 10 to 20 kWm=2
The authors noted the peculiar behaviour of COx in that local heat transfer
coefficients dropped with increasing vapour fraction, due to efficient
nucleate boiling at low x and effects of dryout at higher x. Entrainment was
believed to be more important with CO. than with conventional
fluorocarbon refrigerants. In tubes with larger diameter the film thickness
would be higher, the authors noted, and this would give more entrainment
and earlier dryout than in microchannel tubes. Yun et al. compared their test
data to several common heat transfer correlations, but none of these could
predict the local coefficients that were measured. Reasons for this were
believed to be that the correlations were developed for flow conditions
where annular mist flow dominated and nucleate boiling was suppressed at
moderate x, and especially at low mass flux CO2 behaves differently from
this.
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3.1 Heat transfer and pressure drop in large-diameter flow

3.1.2  Cotrrelations for CO, vaporization in larger-diameter tubes

As mentioned above, Hogaard Knudsen and Jensen correlated their data by
using the model of Shah (1982) and multiplying the result by a constant
factor of 1.9.

Hwang et al. (1997) correlated the data of Bredesen et al. (1997) by a
modified Bennett-Chen correlation, achieving a mean deviation of 14%. The
other correlations that were examined included the models of Chen,
Bennett-Chen (original), Shah, Gungor-Winterton, Schrock-Grossmann,
and Liu-Winterton, which all gave poor correspondence.

Rieberer (1998) compared the experimental data of Bredesen et al. (1997),
who used pure COz and constant heat flux in a 7mm ID tube, to a number
of correlations from literature. The qualitative variation in measured heat
transfer coefficient was correlated best by the model of Wattelet et al.
(1994), although the predicted data were generally too low. Rieberer (1998)
also modified the nucleate boiling model of Steiner (1993) by using a
multiplier C;=1.5 instead of 1.11 as given by Steiner. The modified Steiner
model correlated the data of Bredesen et al. (1997) with a deviation of about
+30%.

Sun and Groll (2001) developed a COz flow boiling heat transfer prediction
method based on three regimes: pre-dryout, dryout, and post-dryout.
Initially, the location of onset and completion of dryout is estimated, based
on the method of Ahmad (1973), and adapted to horizontal tubes by Wallis
(1969). In the pre-dryout region, a Chen (1966) heat transfer correlation is
used if the tube diameter is above the microchannel range (limit not given,
but probably around 1-2 mm). For microchannel tubes, the Chen
correlation is replaced by the Cooper (1984) nucleate boiling heat transfer
correlation if the heat flux is larger than 10 kWm?2 The Dougall and
Rohsenow (1963) correlation (Eq. 2.49) is used in the post-dryout regime,
and a linear drop between the two correlations is assumed in the dryout
region. Compared to the test data of Sun and Groll (2001), the model gave
an average deviation of 6.3% and a mean deviation of 29.7%. (Mean and
average deviation is defined in the Notation and Definitions Chapter).
Compared to the microchannel test data of Pettersen et al. (2000), the
model gave an average deviation of —1.3% and a mean deviation of 26.3%.
In their analysis of the new model, Sun and Groll (2001) believed that their
approach was a starting point in the effort to include dry-out effects, which
are of great importance in CO: flow boiling and generally not taken into
account in existing correlations. Further refinements were needed though,
since the Ahmad model had an upper limit of x=0.9 for onset of dryout,
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3 Earlier studies on CO2 evaporation heat transfer and pressure drop

and since the Chen correlation did not properly reflect the influence of
varying heat flux.

3.1.3 Pressure drop data

In the pressure drop measurements on a 7 mm ID tube of Bredesen et al.
(1997), there was little or no influence of varying heat flux at —10°C and 400
kgm=2s!) with a maximum pressure gradient of about 4000 Pam! at a
vapour fraction of 0.8. The pressure drop was influenced significantly by
varying evaporating temperature, however. Pressure drop data were
correlated well by the model of Fuchs (1975).

Rieberer (1998) evaluated pressure-drop correlations in relation to the
experimental data of Bredesen et al. (1997), and his own measurements. The
friction pressure drop correlation of Friedel (1979) was found to reproduce
the pressure drop data of Bredesen et al. (1997) quite well. A homogeneous
model was shown to predict too small pressure drop, especially at higher
vapour fraction. The correlation of Chawla (1993) was shown to give
unrealistic jumps in pressure drop gradient due to change of model from the
“homogeneous” regime to the “separated” regime, depending on a Froude-
number parameter. The acceleration pressure drop was shown to have only
a minor influence compared to the friction pressure loss. Rieberer (1998)
also  showed excellent correspondence between pressure drop
measurements in heat exchangers and predictions using the Friedel (1979)
correlation. These data were taken on components in an experimental rig
where a small concentration of compressor lubricant was present. Only at
the highest evaporating temperature (10°C) and for mass flux below 1000
kgm2s! did the Friedel model overpredict the experimental pressure drop
data.

3.2 Heat transfer and pressure drop in
microchannel flow

3.2.1 Heat transfer data

Results from a few studies on CO: heat transfer and pressure drop in
microchannel tubes have been reported in the literature. Hihara and Tanaka
(2000) conducted measurements on a horizontal stainless steel test tube with
1 mm internal diameter. The tube was heated by direct DC power. Inside
tube wall temperatures were found by measuring the outside wall
temperatures by T-type thermocouples and then calculating the radial
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3.2 Heat transfer and pressure drop in microchannel flow

temperature profile for the given heat flux. The thermocouples were
electrically insulated from the tube by a PTFE film. Experiments at varying
vapour fraction were conducted at 15°C evaporating temperature, with mass
flux and heat flux ranging from 360 to 1440 kgm2s'! and 9 to 36 kWm=2,
respectively. The authors measured very high heat transfer coefficients (10-
20 kWm=2K-1) in the nucleate boiling regime at low vapour fractions. At the
onset of dryout the coefficients dropped abruptly to only a small fraction of
the nucleate boiling level. Onset of dryout occurred at a vapour fraction of
around 0.8 at a mass flux of 360 kgm2s-!, decreasing to 0.4 at a mass flux of
1440 kgm2s-. Experimental data from Hihara and Tanaka (2000) are shown
in Figure 3.2. The authors believed that the earlier onset of dryout for
higher mass flux was unique for carbon dioxide. They further concluded
that forced convection did not contribute to the heat transfer since the
measured coefficients were independent from mass flux and vapour

fraction.
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Figure 3.2 Experimental results on CO; heat transfer in microchannel with 1mm
diameter at 15°C. Reproduced from Hibara (2000).

Zhao et al. (2000) conducted experiments on a direct-DC power heated
horizontal tube with several parallel microchannels, and T-type
thermocouples that measured wall temperatures. The tube width was 28
mm, but the channel dimensions were not reported. Preliminary results were
reported for an evaporating temperature of 10°C, an inlet vapour fraction to
the test section of 0.05, and in most cases an outlet vapour fraction of 0.30.
Mass flux ranged from 250 to 700 kgm?2s, and heat flux from 8 to 25
kWm2. Measured heat transfer coefficients were generally around 10
kWm2K-1, and the effects of varying mass flux and heat flux on heat
transfer coefficient were negligible. The authors concluded that nucleate
boiling dominated over forced convection for CO: flow boiling in
microchannels. Dryout phenomena were not observed, probably because of
the low vapour fraction at the test section outlet.
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3 Earlier studies on CO2 evaporation heat transfer and pressure drop

In a presentation of results from further experiments on the same rig as
above, Ohadi, Molki and Zhao (2000) showed CO: heat transfer and
pressure drop data on microchannel tubes with rectangular and triangular
cross sections, with hydraulic diameter of 0.7 and 0.86 mm, respectively.
The authors reported problems of achieving uniform distribution of two-
phase flow in the inlet of the test tube, and showed how these problems
were solved by careful design of the inlet manifold, including a redesigned
narrow inlet port normal to the tube axis. Experimental data in rectangular
tubes for mass flux 300 kgm2s? and heat flux 8.5 kWm2 at 10°C show a
heat transfer coefficient of about 12 kWm2K! at vapour fractions of 0.2 to
0.5. The coefficient drop to around 7 kWm=2K-! at a vapour fraction of 0.8.
Data for triangular tubes show 10-20% lower heat transfer coefficients for
low and moderate vapour fractions, and similar level from x = 0.5.

Koyama et al. (2001) measured CO: heat transfer coefficients in a 1.79 mm
ID horizontal stainless steel tube of 771 mm length, using direct DC heating
and wall thermocouples. Local fluid pressures/temperatures wete not
measured, and a calculation scheme was developed to find local refrigerant
temperature along the tube. Only a few test data were published, at mass
flux 100-260 kgm2s-1, heat flux 4-37 kWm2 and evaporating temperatures 0
and 10°C. The authors tried to correlate their data with a heat transfer
model by Yu et al. (1999), but the model generally underpredicted their data,
especially at low mass flux. The reason may be that the tested correlation did
not account for the dominance of nucleate boiling heat transfer with CO..

3.2.2 Cotrrelations for flow vaporization heat transfer of CO, in small-
diameter tubes

Ohadi, Molki and Zhao (2000) recommended the Liu and Winterton (1991)
correlation as a basis for modelling CO: microchannel heat transfer in
evaporators, and they also proposed a modified flow-boiling correlation on
this basis. The modification consisted in adjusting the two-phase convection
multiplier by using a different exponent, and multiplying the total heat
transfer coefficient from an asymptotic model by a factor of 1.23. Ohadi
Molki and Zhao (2000) also found that the model of Kandlikar (1990) could
predict their heat transfer measurements reasonably well, and that their
pressure drop recordings at low/modetate x could be reproduced by the
correlation of Tran et al. (1999).

Hihara and Tanaka (2000) found that a Schrock and Grossmann (1962)
model with adapted constants reproduced their experimental data quite
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3.2 Heat transfer and pressure drop in microchannel flow

good in the nucleate boiling region, but failed to predict the measured data
during dryout and in the post-dryout region.

As already discussed in Section 3.1.2, Sun and Groll (2001) proposed a
method of predicting boiling CO; heat transfer in microchannel flow, using
separate schemes for the pre-dryout, dryout and post-dryout regimes. Their
method reproduced the experimental data of Pettersen et al. (2000) and
Hihara and Tanaka (2000) reasonably well.
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4. Experimental methods

4.1 Chapter overview

The present Chapter starts by discussing some general principles for
measurement of heat transfer in tube flow vaporization. Design details of
the present heat transfer and pressure drop test rig are shown, and details of
the test section and the rig are discussed. Principles for data reduction are
shown both for heat transfer and pressure drop measurements. A large part
of the Chapter is focused on instrumentation and uncertainty of
measurements, and uncertainty data for all test results are found. Finally, the
test system for flow pattern observation and visualization is explained, and
the principles for capturing images are shown.

4.2 Methods of measuring in-tube evaporation heat
transfer

4.21 Overview

Principles for measuring in-tube heat transfer for evaporating flow can be
categorized based on the method of providing heat load on the test tube. In
practice, three different methods can be used:

o Electric resistance heating, either by applying a heating foil or a heating
wire to the outside of the test tube, or by applying DC or AC
power directly to the test tube. In case of a thin-wall tube a
constant heat flux boundary condition will result, and the local
equilibrium enthalpy and vapour fraction of the fluid in the test
tube can be calculated from a simple heat balance. Tubes with
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large wall thickness and high material conductivity may approach
constant-temperature boundary conditions.

o Heating by a secondary single-phase fluid, e.g. water or brine. This will
give a varying heat flux and wall temperature along the test tube,
and the local vapour fraction along the test section cannot be
accurately determined. By installing local wall and fluid
temperature sensors along the tube and in the secondary fluid
channel, local coefficients can be estimated, although with limited
accuracy due to the varying heat flux.

e Heating by a condensing fluid. In this case the boundary conditions
will be similar to a constant wall temperature situation. Again, the
local vapour fraction along the test tube cannot be accurately
estimated.

When deciding on method of heat supply, the dilemma 1s that electric
resistance heating can give local measurements along the test tube, but the
constant heat flux boundary condition is not quite relevant for evaporators
that are heated by a fluid, as in air coolers or water chillers. With constant
heat flux conditions, the local tube wall temperature can become quite high
in regions of poor heat transfer, a situation that is physically impossible in
fluid-heated heat exchangers. In reality, most evaporators in refrigerating,
heat pump and air conditioning applications will have a local heat flux that 1s
determined by local heat transfer coefficient and local temperature
difference between cooled fluid and refrigerant. The local heat flux
conditions are of particular importance when studying boiling crisis
phenomena and post-dryout heat transfer, where constant heat flux may
give wall temperature excursions that cannot occur with fluid heating.
Thome (1998) strongly advised against using electrical heating at high x with
partial dryout of annular flow, and instead recommended a combination of
fluid heating and local thermocouples to measure local wall temperature and
hot fluid temperature.

With electric resistance heating, the inside tube wall temperature must be
determined in order to find the local temperature difference in Eq. (2.1).
With fluid heating, there is a choice between measuring local tube wall
temperature, or using a calculation scheme to separate the measured overall
heat transfer coefficient into a refrigerant-side coefficient and a heating-fluid
side coefficient (including wall resistance and fouling).

The discussion of test rig principles thus becomes a matter of choosing the
heating method, and deciding between using local tube wall surface
temperature measurement or a scheme to find refrigerant-side heat transfer
from overall heat transfer.
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4.2 Methods of measuring in-tube evaporation heat transfer

4.2.2 Discussion and choice of test rig principles

In the present study, the circular cross-section of the test tube and its
mternal diameter of approximately 0.8 mm were regarded as given
parameters, based on extruded tubing that had been produced for prototype
COz heat exchangers (Pettersen et al., 1998). Even though smaller tube
diameters could have been manufactured, this size seemed to be a
reasonable compromise between high heat transfer efficiency, reduced heat
exchanger size and mass on the one side, and practical concerns in real
systems such as clogging (in operation or duting production/brazing), cost
of production, and tolerance requirements on the other side. There was a
choice between using one single test tube, and using a multi-channel
extruded tube, however. A single tube would have required extreme care in
the heat balance, since the heat load would have been quite small. Also, the
material and surface properties may not have been representative to the
conditions in an extruded aluminium tube that would be used in real heat
exchangers. It was therefore decided to use a multi-channel extruded
aluminium test tube, of the same type as in prototype heat exchangers.

With this type of test tube geometry, it would be quite difficult to obtain
accurate and representative measurements of tube wall temperatures. Owing
to the geometry of the multi-channel tube, the temperature profile in the
tube wall would be rather complex. One possibility would be to apply
mverse methods to calculate the two-dimensional temperature field in the
tube wall, but this would still rely on very accurate and very accurately
located temperature sensors. Owing to the small dimensions of the test
tube, this was not regarded as a practical possibility.

The following example may give an idea about the numbers involved: A
heat flux of 10 kWm=2 and a heat transfer coefficient of 20,000 Wm-2K-!
would give a temperature difference between tube wall and refrigerant of 0.5
K. With a total uncertainty in tube surface temperature of £0.2 K f, this
would give an interval for the heat transfer coefficient ranging from 14,300
Wm2K"1 (-29%) to 33,300 Wm2K:! (+67%). On average, this gives an
uncertainty of +47.5%. Earlier experiments (Bredesen et al, 1997) had
shown that even with a simple round tube geometry and larger dimensions
(7 mm ID) the accurate measurement of wall temperature was very difficult.

Based on the desite for relevant heat flux conditions, relevant tube
geometry, relevant tube surface properties, and acceptable measurement
accuracy, it was thus concluded that the present tests had to rely on

f Including the whole measurement chain, as well as uncertainties in estimation of inner
surface temperature based on an externally measured temperature.
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measuring the overall heat transfer coefficient for the test tube, and then
using test rig calibration and a calculation scheme to find the refrigerant-side
coefficient. These calibration and regression principles, often called “Wilson
Plot Methods” are discussed in Chapter 5.

4.3 Heat transfer and pressure drop test rig

This Section gives an overview of the laboratory test rig for measuring
vaporization heat transfer and pressure drop data of CO: in the
microchannel tube.

4.3.1 Overview

The test rig consisted of three main parts:

e Refrigerant (COy) circuit,
® test section, and
®  heating fluid (water) circuit.

Figure 4.1 shows a flow chart of the complete test rig, including a list of
components and their positions.

Refrigerant circulation was maintained by a pump (1) that was fed from a
receiver (7) through a heat exchanger (8). The purpose of the heat
exchanger (8) was to maintain subcooled liquid state (approximately 3-5 K)
at the pump inlet, thus avoiding flashing and/or cavitation in the pump. A
sepatate cooling circuit was connected at position “c/d” in order to absorb
heat from the liquid refrigerant. Pressurized liquid from the pump flowed
through a filter (2) and a refrigerant mass flow meter (3), before reaching a
preheater (4). In the preheater, the desired inlet vapour fraction or inlet
enthalpy to the test section (9) was adjusted by regulating the amount of
electric power supplied. The refrigerant leaving the test section (9) entered a
condenser (6) where the vapour was condensed. A separate cooling system
was connected at position “e/f” to remove heat from the condenser. Liquid
from the condenser was then led back to the receiver, thus completing the
circuit. The refrigerant charge had to be chosen in such a way that during
the tests, a liquid level could be maintained in the receiver, ie. the
refrigerant left the condenser in a saturated liquid state. Refrigerant was
charged through connection “a”.
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4.3 Heat transfer and pressure drop test rig

12 11

G

Refrigerant circuit:
1 Refrigerant pump
2 Refrigerant filter
3 Refrigerant mass flow
meter
4 Pre-heater
5 Safety valve (102 bar)
6 Refrigerant cooler

7 Refrigerant receiver with sight glass
8 ‘Sub-cooler’

Test section:
9 Test section

Water circuit:
11  Water tank with heat exchanger
12 Water heater (Lype HAAKE)
13 Main water pump

Figure 4.1

14 Booster water pump
15 Water filter
16 Water mass flow meter
Supply lines:

a Refrigerant charge

b Water charge

¢ City water inlet

d City water outlet

Flow circuit and components list of the heat transfer and pressure drop test rig
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Figure 4.2 shows the measurement points of the refrigerant (COz) circuit,
which included a Coriolis-type mass flow meter (Mcoz), pressure and
temperature measurements at the preheater inlet (p;, 17), temperature and
pressure at the test section inlet (T3, pz), temperature at the test section
outlet (T}), and pressure drop across the test section (Ap). In addition to
these data, which were sampled by a logger, observations were made of the
temperature between the two preheater sections, as well as the secondary
coolant temperatures (at ¢/d and e/f).

Figure 4.2 Refrigerant (CO:) circuit with instrumentation locations

The heating fluid (water) circuit with the measurement points is shown in
Figure 4.3. After exiting the test section (9) the cooled water flowed to a
tank (11) containing a heat exchanger that was connected to a water heater
of the type Haake (12). Water supply temperature to the test section was
adjusted by regulating the heat transfer in the tank (11). Two centrifugal
pumps (13 and 14) circulated the water through the circuit. The water flow
rate could be regulated by varying the opening of the bypasses.

The mass flow rate of water (Mmuz0) was measured with a Coriolis-type mass
flow meter (16) that was installed after the pumps (13,14), and after a filter
(15). Temperatures at the test section inlet (Ty, T9) and outlet (T, Trg) were
logged, and pressures at the test section inlet and outlet were obsetved.
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Figure 4.3 Heating fluid (water) circuit with measurement points
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4.4 Test Rig Components

4.4.1 Test Section

The microchannel tube had a length of 540 mm and was brazed into
manifolds on both ends. The cross-section of the tube can be seen in Figure
4.4. The tube was an externally zinc-coated aluminium “multiport” tube
having 25 round ports with an average diameter of 0.81 mm (manufactured
by Hydro Aluminum Adrian). Some additional data on the test tube are
shown in Table 4.1
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Figurve 4.4 Cross-section of the multiport extruded (MPE) tube
Table 4.1 Test section data
CO; flowchannel diameter 0.81 £0.03 mm
CO:s flowchannel roughness (assumed) 10-6 m
Internal heat transfer area (25 potts) 0.03202 +£3.96-104 m?
CO:» flow cross-section (25 ports) 1.2882-10-5£3.18-107 m?2
Length of extruded tube 540 £0.5 mm
Length of heated part of tube 503.4 mm
Internal diameter of CO; manifold 7 mm

The nominal diameter of the microchannels was 0.79 mm, based on tube
production drawings. The actual diameter was determined from
measurements on enlarged photos of tube cross-sections. Measurements on
a total of eight channels from random positions across the width of the tube
gave an average diameter of 0.81 mm, with a variation of £0.03 mm (several
measurements were made of each port, in different directions). A typical
view of the actual microchannel geometry is shown in Figure 4.5. As may be
observed from the photo, there was quite some variation in diameter and
roundness of the channels. The scale in the lower right corner is 1 mm.
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Figure 4.5 Enlarged photo of tube cross-section (1mm scale in lower right corner of photo)

Even though there was variation between the individual channels, the
average diameter is considered as representative of the tube geometry. The
present tests are based on results for flow in all channels simultaneously,
and it does not make sense to consider the effects of individual variation in
diameter between the channels. In the uncertainty analysis in Section 4.7,
the channel diameter is thus regarded as defined within the uncertainty of
measurement for one individual channel, estimated at £0.01 mm.

The test tube was placed inside a jacket that had flow-channels for the
water. These channels, each having a semicircular cross-section, led the
water in a “spiral” flow around the test tube, at a pitch of 16.5¢. A
photograph of the tube placed in the (opened) jacket is shown in Figure 4.6,
and Figure 4.7 shows the pattern of the water channels. The jacket was
manufactured from PTFE (Teflon), and its outside was insulated with 25
mm polystyrene (Styrofoam).

When deciding on the length of the test section, there were some conflicting
requirements due to need for accuracy of measurement (Munkejord, 1997).
A long test section was desired in order to increase heat load and water-side
temperature change between inlet and outlet. A larger temperature
difference here would give a more accurate heat load measurements. On the
other hand, a too long test section with large surface area would give less
sensitivity in temperatures to changes in overall heat transfer coefficient U.
Also, the vapour fraction would change significantly in the section, thereby
making the test data less “local”. Finally, the test section length should not
be too far from the tube length in actual heat exchangers. Munkejord (1997)
concluded that the test section should not be longer than 0.7 m.

¢ This restriction can be removed by measuring the load elsewhere, either as electric power
supply, or in a separate heat exchanger as pointed out by Garimella and Bandhauer (2001)
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Figure 4.6 The microchannel test tube with manifold (left), positioned in the lower part
of the jacket. Water inlet is at the upper left, and water channels are milled in the jacket
at a piteh of 16.5°
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Figure 4.7 Principle of water channel around test tube

Another concern in the test section design was the water channel
dimensions and layout. Again, there were conflicting requirements because
high water flow velocity and large channel diameter were needed to have
turbulent Reynolds numbers; while the accurate measurement of transferred
heat relied on large temperature change, which meant smaller water flow
rate. The resulting design of the water jacket had small flow-channels that
led the water in a helical orientation around the test tube, with the water
flow split on two parallel channels. Figure 4.8 shows the design of the water
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channel cross-section, with one water channel above and one below the test
tube, shown by the hatched area. The dimensions and geometry parameters
are listed in Table 4.2. Temperature sensors were located in the water inlets
and water outlets to/from the jacket.
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Figure 4.8 Cross-section of water channels.
Hatched area with height t represents the test tube.

Table 4.2 Water channel geometry data

h Height of rectangular part 0.75 £0.05 mm
by Diameter of circular part 8.0 £0.1 mm
Ay Flow atea in one channel® 3.11-105 £1.6:106  m?
D Hydraulic diameter 5.64 £0.1 mm

(a): Water flows in two channels in parallel

4.4.2 Preheater

The preheater (4) consisted of two stainless-steel tube-in-tube sections
connected in series, where CO; flowed inside the 22 mm OD inner tube,
and a bifilar heating wire was wrapped on the outside. The heating wires
were then jacketed by a 38 mm OD outer tube, and the preheater unit was
wrapped in thermal insulation.

4.4.3 Refrigerant condenser

The refrigerant condenser (6) was a coaxial tube-in-tube heat exchanger with
an ID/OD 7/10 mm inner tube and a ID/OD 16/20 mm outer tube. A 2
mm wire was spun with 100 mm pitch on the inner tube in order to
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maintain a spacing in the annulus. The total length of the heat exchanger
was about 40 m, which was coiled into a unit with diameter 450 mm.

4.4.4 Refrigerant Pump

The refrigerant pump (1) was a gear pump of the type MICROPUMP 219. By
controlling the voltage (0 to 24 V DC) it was possible to vary the number of
revolutions between 0 and 3,000 rpm. The maximum capacity of the pump
was 2.5 liter per minute, and the maximum pressure differential was 0.4
MPa.

4.4.5 Water Pumps

The main pump (13)) was a centrifugal pump of the type GRUNDFOS CHI
4-60 with a capacity of 10 liter per minute at 0.6 MPa pressure differential. It
was driven by a 220 V AC motor.

During the test section calibration and some experiments it was necessary to
vary the coolant (water) flow rate in a wide range. In the high end of the
range a large pressure drop had to be overcome. Therefore a ‘booster’ pump
was needed (14). This pump was a centrifugal pump of the type GRUNDFOS
CH 2-50 with a capacity of 10 liter per minute at 0.4 MPa pressure
differential. It was connected in series to the main pump. This pump was
only used when high water flow rates were required.

4.5 Instrumentation

This Section describes the instrumentation and measurement equipment in
the heat transfer and pressure drop test rig. During the tests it was necessary
to measure temperatures, pressures, mass flow rates, and electrical power
input. All these data were logged and processed. Table 4.3 gives an overview
of the instruments used and their uncertainty, with reference to the
locations shown in Figures 4.2 and 4.3. Instrument uncertainties are based
on calibration data or manufacturer data, and include uncertainty of the
sensor, logger and reference (e.g. ice point for thermocouple and
atmospheric pressure for gauge pressure sensors).
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Table 4.3 Heat transfer and pressure drop lest rig instrumentation summary

. Spreadsheet Fig 4.2 . Uncertainty
Location name and 4.3 Type of instrument (20)
Electric power, lower Watt transducer.
> . > +

pteheat section, P_ell Wi LWT-24-A1-H F20W
Electric power, upper ] Watt transducer, 4

preheat section, P_clu W LWT-24-A1-H F20W

CO2 temperature, T_CO2ips: T, Thermocouple type T, 10015 K

preheat section inlet, 0.07 mm

CO; temperature, test
section inlet,
CO; temperature, test
section outlet

T_CO2,its: T, Pt100, H&B Sensors Ltd. 10.064 K

T_CO2,0ts: T, Pt100, H&B Sensors Ltd. 10.064

COs pressure, preheat Gauge pressure

. n
section inlet p_CO2,ips: i transmitter, Honeywell T 124 kPa

CO, pressure, test p_CO2,its: Pz Gagge pressure + 124 kPa
section inlet transmitter, Honeywell

COz pressure drop dp_CO2,ts: Ap Differential pressure 1.0 kPa

across test section, transducer, Honeywell

Water temp., lower test
section inlet
Water temp., lower test
section outlet
Water temp., upper test
section inlet
Water temp.. upper test
section outlet

T_H2O,il: T, Pt100, H&B Sensors Ltd. 10.064 K
T_H20,o0l: T Pt100, H&B Sensors Ltd. 10.064 K
T _H204w T,  Ptl00, H&B Sensors Ltd.  +0.064 K

T_H20,0u: T,  Pt100, H&B Sensors Ltd.  +0.064 K

Mass flow of CO; M_CO2: M, Cotiolis type, Danfoss ~ £0.00003 kg/s
10.2% of

Water mass flow M_H20: M, Coriolis type, Rheonik reading

Even though the directly measured test data were calculated as averages of
20-30 samplings, the result was regarded as single-sample. According to
ASHRAE (1986), a repeated reading with the same procedure and
equipment does not provide a multi-sample result. The uncertainties in
Table 4.3 represent £20, i.e. with a confidence level of 95%. Combined
uncertainties are calculated based on the individual uncertainties using root-
sum-square addition (Moffat, 1988).

451 Temperature

Two different methods were used to measure temperature. The preheater
section inlet temperature was measured with a thermocouple, and the
temperatures in the test section were measured with calibrated platinum
resistance (Pt100) sensors from H&B Sensors Ltd. The thermocouple was
of the type T, ie. Copper (Cu) / Constantan (CuNi). The reference
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temperature was given by crushed ice. Measurement uncertainties for the
Pt100 sensors in Table 4.3 include the sensor, measurement bridge, and
thermometer. The temperature sensors on the CO; inlet and outlet of the
test section were mainly used during calibration tests (See Chapter 5), since
COs: temperature was determined by pressure in the evaporation tests.

4.5.2 Pressure

The test section CO» inlet and outlet pressures were measured with pressure
transducers of the type Honeywell STA3000 (gauge = pressure over
atmospheric pressure). The atmospheric pressure in the laboratory was
added to obtain absolute pressure. The refrigerant pressure difference
between test section inlet and outlet was measured with a Honeywell
STD924 differential pressure transducer. All pressure transducers were
calibrated to the accuracy shown in Table 4.3 (including uncertainty in
reference and logger uncertainties). Manometers were connected to the
water inlet and outlet to determine the pressure on the water-side along the
test section.

4.5.3 Mass Flow

Refrigerant mass flow rate was measured with a Coriolis-type Danfoss MASS
2100 sensor connected to a Danfoss MASS 3000 signal converter. The
manufacturer specified the uncertainty to £0.15% of full scale.

Water mass flow rate was also measured with a Coriolis-type mass flow
meter, but in this case the sensor was a Rheonik RHM 04 GNT connected
to a Rheonik RHE 08 signal converter. The manufacturer specified the
accuracy for a measurement range of 1:20 to £0.2 % of reading.

4.5.4 Electric Power

The electrical power supply to the pre-heat section was regulated by two
variable resistances (Variacs) and displayed on two Elcontrol VIPD watt
transducers. Two L-Unit LWT-24-A1-H watt transducers provided the
logged signals.
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4.5.5 Data Logging and Processing

Data from thermocouple, pressure transducers, mass flow meters and watt
transducers were processed and logged by a KEITHLEY 7001 Switch System
and a KEITHLEY 2010 Multimeter. The switcher changed between the
different input channels, while the multimeter measured the voltage,
digitised it, and transferred the result to a PC.

The KEITHLEY data logger was not capable of measuring with Pt100-
elements. Therefore an Automatic System Laboratories (AZA) F250 MK II
Precision Thermometer was used combined with a AZA SB250
Multichannel switch box.

The PC processed the data by a computer program that converted the data
to values with physical units. The data could also be shown as graphs on the
computer screen. At the same time the program wrote data to a file that
could be processed by other programs.

After the measurement, these data files could be analysed in spreadsheets.
The thermodynamic and transport properties of carbon dioxide and water
were supplied by the libraties x/02/ib.dll and h2oprop_p.xls, respectively. The
library x/o2/ib.dll is an implementation of the IUPAC thermodynamic
equations of state for COz (Angus et al., 1986), with improvements by Pitzer
and Schreiber (1988). The transport properties were taken from Vesovic et
al. (1990).

4.6 Data reduction

4.6.1 Heat transfer measurements

The data from each experiment at a given nominal refrigerant mass flux,
heat flux, evaporating temperature, and mean vapour fraction were
processed in a PC spreadsheet as explained above. In addition to actual
measured data for the nominal test parameters, the following main results
were the basis for the data reduction in the spreadsheet:

e Net heat supply from water to COx in the test section
e Water inlet and outlet temperatures and pressures

e  Water mass flow rate

e COzinlet and outlet pressure in test section
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e COzinlet enthalpy to the test section
e CO; mass flow rate

A key result that was desired from each experiment was the mean overall
heat transfer coefficient (U) for the test section. The refrigerant-side heat
transfer coefficient (4) was determined based on this value, using the
techniques described in Chapter 5.

In principle U could have been calculated based on the logarithmic mean
temperature difference between water and refrigerant in the test section, but
this would have required constant evaporating temperature and constant
water properties. In reality, the evaporating temperature changed through
the test section due to pressure drop, and the water properties were not
constant due to temperature and pressure change. Earlier tests had shown
that pressure changes on the water side were in fact large enough to
influence the water enthalpy significantly. The determination of U was
therefore based on a procedure where the test section numerically was
divided into N=60 elements having equal heat load, i.e. unequal length.
Each cell was regarded as small enough to have approximately constant CO-
temperature and constant water properties. The choice of 60 cells was based
on convergence studies made by Tang (1998), who showed that U was
almost constant for N > 60.

The following approach was then used. Local refrigerant pressure was
assumed to drop linearly with exchanged heat along the test section, from
the inlet of the heated part of the section to the outlet of the heated part.
These pressures were found based on measured inlet and outlet pressures in
the test section manifolds, as outlined in Section 4.6.2. Based on the
pressure profile, a corresponding saturation temperature profile inside the
test section could be found. A similar approach was used on the water side,
thereby obtaining local water pressures. On this basis, the local CO: and
water temperatures at the inlet and outlet of each cell could be estimated
based on a heat balance on the cell. Thus, the logarithmic mean temperature
difference AT},, could be calculated for each cell. From the heat balance of
cell 7 it is known that

£: UnAin (41>
AT, ’

Im,n
where Q is the heat load and U, is the overall heat transfer coefficient in

cell #, and A;, is the refrigerant-side heat transfer area in cell 7 The heat
load @, could be calculated as the total exchanged heat divided by the
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number of cells. Now, with Qn and AT, known for each cell, the overall

heat transfer coefficient U for the entire test section could be calculated as

:_EU :j 2{ Q, 4.2)

l n=1 lm n

where N was the total number of cells. It was inherent in the design of the
experiment that the overall heat transfer coefficient U was assumed to be
constant, and equal in all cells. Apart from experiments with very large
difference in x from inlet to outlet, and tests with dryout inside the test
section, this assumption holds reasonably well. In the absence of local data
inside the test section, the above method is in fact the only viable solution in
order to account for temperature- and pressure variation along the test
section. The alternative would be to ignore these effects and use an overall
logarithmic temperature difference (Olson, 2000), but this would introduce
considerably larger errors in the measurement of “local” heat transfer
coefficient.

With U known, the COz-side area A.4;, and length AL, of each cell could be
calculated as

p, =L (43)
- U,-AT,,
AAi n
AL, = —"t" (4.4)
n-D-Z

where D is the diameter of a flowchannel (0.81 mm) and Z is the number of
parallel flowchannels (25).

On this basis, the mean refrigerant temperature T (evaporating

temperature) and the mean vapour fraction X could be calculated as

. N

T _%2 T (p,) AL, and @3)

— 1 &

x=—Yx, AL, (4.6)
L n=1
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where Tj,(p,) is the saturation temperature at the local pressure in cell #. The
local vapour fraction in cell #, x, is calculated as a function of local
refrigerant enthalpy and temperature in the cell. Local enthalpy is a linear
function of the cell number, since every cell has the same heat load. Also the
pressure is a linear function from the inlet to the outlet.

For the sake of simplicity, the symbols T and x are used in the report to
represent the results from Equations (4.5) and (4.6). Furthermore, the heat
flux g is taken as the total heat transfer rate divided by the internal
(refrigerant-side) heat transfer area.

4.6.2 Pressure-drop measurements

The test section design allowed only the measurement of the total pressure
drop between the inlet and outlet manifold, and a few corrections thus had
to be made in order to find the pressure drop along the part of the tube
being heated. Figure 4.9 shows how the heated part (where there are water
channels) does not cover the entire length of the tube. The Figure also
illustrates the principles of the pressure drop measurement and the
necessary corrections.

While flowing from the manifold into the MPE tube — consisting of 25
parallel ports - a sudden flow-area contraction occurs to the refrigerant. This
leads to a pressure drop at the inlet. At the outlet of the MPE tube the
opposite effect occurs where the expansion leads to a pressure rise.
Calculation models for sudden enlargements and contractions in two-phase
flow are given by Collier and Thome (1994).

The pressure drop due to a sudden contraction in separated flow was
modelled as

v, (-x) v’
(1+CC)-( >+ : ] , ,
(1-a) —CC'[X .VV+(l—x) 'Vl]

2~[x-vv+(1—x)~v,] o (1-a)

(] e

4.7

and the pressure rise due to a sudden enlargement (assuming constant void
fraction) as
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% AQJ i

Refrigerant flow -

Pcoziits *
PMPE,in AEFC
Pecorr,its Pt
o
o Apts Apmeas
S
73
173
o
o
corr,ots N
BCOz 0 } Apse Apos
CO,water MPE tube length water’ co,
inlet inlet outlet outlet

Figure 4.9 Sketch of the test tube (with water channels) and refrigerant pressure along
the tube (simplified)

A=x) (v )x )

Ap,,=G*-c-(1-0)v,-
po,e ( )vl (l—a) Vl o

Here, G 1s the refrigerant mass flux in the flowchannels, and ¢ is the ratio of
the total flowchannel area (A, to the front area () of the tube. For the
present test tube, this ratio was
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Ap tot
6=~ =028 (4.9)

fr

The coefficient of contraction C. depends on the contraction ratio defined
by equation (4.9) Based on data for turbulent single-phase flow reproduced
from Perry’s (1963) by Collier and Thome (1994), the coefficient was
estimated to

C.=0.6 (4.10)

The void fraction (@) was estimated based on the model of Zivi (1964):

-1

2

_ 5

o=|1412% [P @.11)
X P

The refrigerant also flows through two 18.3 mm short sections at the ends
of the heat transfer tube where no heat is transferred. The frictional
pressure drop in these adiabatic parts of the tube was estimated by means of
the Blasius single-phase friction factor

03164

f _W (4.12)

and an equivalent mass flux (G,) to account for two-phase flow, as
proposed by Akers et al. (1959):

G, =G (1—x)+x-(plj2 (4.13)

v

With these equations the ‘adiabatic’ pressure drop at the inlet (Ap, ;) and at

the outlet (Ap,, ;) could be calculated. Pressures were measured in the inlet

and outlet manifolds, and any local pressure drops in the manifolds were
neglected.
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Finally, the net pressure drop in the heat transferring length of the test
section (Ap,, ) could be calculated as:

Apts = Apmeas _Api,c _Api,f _Apo,f +Ap0,e (414)

Note that because of the hotizontal installation of the test tube, there was
no influence of gravity.

Finally, the frictional pressure drop in the heated part of the test section was
found by subtracting the acceleration pressure drop from the above result.
Acceleration pressure drop was estimated using Eq. (2.67), which over the
change in vapour fraction x and void fraction Q@ in the test section becomes

X3 " (1-x,)* _ x; _ (1-x)*

a,p, (1—0!2)pl a.p, (1—0!1)/),

Apls,fric = Apls _Gz[ :| (415)

where index 1 and 2 indicates inlet and outlet of heated part of test tube,
and the liquid and vapour density were assumed to be constant. The local
void fraction was estimated using Eq. (4.11).

Finally, the pressure drop was found as:

Y
d_p —_ pts,frzc Pam-! (416)

dz L

where L is the heated length of the test tube, i.e. 0.5034 m.

4.7 Uncertainty analysis

4.71 General

Key results from the present study are refrigerant-side heat transfer
coefficients, and refrigerant-side pressure drops. The CO: heat transfer
coefficient () was determined based on a procedure for separating the
overall heat transfer resistance (1/U) into its internal and external
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components. Details of this procedure and the resulting uncertainty in 4; are
presented in Chapter 5. In the present chapter, the uncertainty in U is
found, as well as the uncertainty of the pressure drop (dp/d3) measurements.
Uncertainties of other parameters that are included in the results or used in
further processing of data are also needed. These parameters include the
evaporating temperature (), the refrigerant mass flux (G), the heat flux (g),
the vapour fraction (x), and the water-side Reynolds and Prandtl numbers.

4.7.2 Principles of uncertainty analysis

Uncertainty OR in a computed result (R) can be estimated using propagation
analysis, i.e. a root-sum-square combination of the effects of the individual
parameters (Moffat, 1988):

1/2

& ( OR
OR = X, (4.17)
2| ax,

1

Here, 0X; is the uncertainty in the variable X, and the result R is calculated
from a set of measurements using algorithms represented by

R=R(X,X,,X,.,X,) (4.18)

where X;.Xn ate independent variables. The partial derivative is the
sensitivity coefficient for the result R with respect to the measurement X Fach
term in Eq. (4.17) represents the contribution made by the uncertainty in
one variable (0X)) to the overall uncertainty in the result (0R). Equation
(4.17) applies as long as

1. Fach of the measurements was independent
Repeated observations of each measurement, if made,
would display Gaussian distributions

3. The uncertainty in each measurement was initially expressed
with the same confidence

The validity of the first two assumptions is commented in the following
text. All uncertainty data are discussed based on a confidence level of 95%
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4.7.3 Uncertainty in evaporating temperature

The evaporating temperature T was based on pressure measurement at the
test section inlet and pressure differential across the section. Compared to
the uncertainty in the absolute pressure measurement, the uncertainty of
differential pressure measurement is negligible. Temperature uncertainty is
therefore calculated from the uncertainty in absolute pressure measurement:

oT
O =| — ,
% 5p (4.19)

From Table 4.3, the uncertainty in pressure measurement (0p with 95%
confidence) was £12.4 kPa. Owing to the non-linear saturation pressute
curve, this uncertainty has a varying effect at different temperatures. Table
4.4 shows the uncertainties in T at the temperature levels used in the present

tests.
Table 4.4 Uncertainty in evaporating temperature
T, oC 0 10 20 25
o7, K +0.13 +0.11 +0.09 +0.08

4.7.4 Uncertainty in water temperatures

Water inlet and outlet temperatures were used to find the heat transfer rate
in the test section, as well as the mean water temperature. The latter was
needed in the determination of overall heat transfer coefficient U, and in the
calculation of water Reynolds and Prandtl numbers.

From Table 4.3, the uncertainty of individual water temperature
measurements was 01; = £0.064 K. Two independent sensots measured the
test section inlet and outlet water temperature, respectively, and the average
value at the inlet and outlet was used in further calculations. Thus, the
uncertainty was improved compared to single measurements. Inlet and
outlet water temperature was therefore measured with an uncertainty of

2 1/2
or =2 ldTi =L6Ti =10.045K (4.20)
2 2
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The validity of this assumption may be discussed, since the water flow was
split before the inlet measurement, and joined after the outlet temperature
measurement. Thus, the inlet measurement 1s based on two independent
measurements of the same parameter, but it may be argued that the average
outlet temperature is instead based on two different physical locations. In
order to assess the above assumptions, some data were extracted from a
randomly chosen experiment at T=10°C, G=370 kgm3s-, 4=10 kWm2, and
x=0.57. Figure 4.10 shows an example of the frequency of measured water
temperatures into and out of the test section, in a test with 26 measurements
over a period of 26 minutes. Temperature bins of 0.01 K were used.

14 10
Upper inlet, Upper outlet, mean T,=11.78°C
12 1 mean T»=13.16°C

10

Frequency
Frequency

0 0 T
0\%‘5,\%,\%6’\%@@0 oo RO DD T D PP
R R IR RN AR RN IR RIS NN AT AT AT AT AT AT AT AT AT
Temperature bin, °C Temperature bin, °C

14 10
Lower inlet, mean T,=13.15°C Lower outlet,
12 mean T,=11.79°C

10

Frequency
Frequency

N \\(’/\‘5\“\‘3\6\/\\%\@@
WO B 0,0 A0 WY 00,00 400 DY 0

Temperature bin, °C Temperature bin, °C

Figure 4.10 Frequency of water temperature measurements at test section inlet and
outlet, for 26 measurements. Bin size: 0.01 K. Test conditions are listed in the text
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As may be observed, the temperature data show a reasonably “normal”
distribution, even though the range of scatter is small. There is very little
difference between the two measurements at the inlet and outlet,
respectively, and this was the situation in most experiments.

4.7.5 Uncertainty in refrigerant mass flux

The uncertainty in refrigerant mass flux is given by the mass flow meter
uncertainty, and the uncertainty in the microchannel average diameter,
which are independent measurements. From Section 4.4.1 and Table 4.3,
these uncertainties ate 0D = £0.01 mm and Odm = 10.00003 kg/s,
respectively. The resulting uncertainty in mass flux was calculated by Eq.
4.22, with data as shown in Table 4.5. The telative uncertainty 6G/G ranges
from 2.6 to 2.8%.

- 1/2
) 2
O [ Yy 421
m 0A,
- ) 12
1 .. — 1
oG =||—odm | + —TéA P (4.22)
A A
i I f
Table 4.5 Uncertainty in refrigerant mass flux
G, kgm?2s! 200 300 400 600
0G, kgm?s! +5.6 +8.0 +10.5 +15.6

4.7.6 Uncertainty in heat transfer rate and heat flux

During vaporization tests, the heat transfer rate (Q) was determined by a
calotimeter balance on the water side:

Q=rrc,(T,~T) (4.23)

93
URN:NBN:no-2319



4 Experimental methods

Thus, the uncertainty in heat transfer rate is given by the uncertainty in
water mass flow rate, temperature change, pressure change, and the
uncertainty in water specific heat capacity ¢(1,p). Heat leakage from the
ambient air through the thermal insulation was not included in the
uncertainty analysis. The minimum mean water temperature of 4°C, gave an
estimated heat flow of about 0.5 W which can be neglected. The absence of
heat leakage effects were also demonstrated by the calibration tests, where
the difference between heat flow given off from the water and heat flow
taken up by the single-phase CO» flow was generally less than 1%.

The contribution from uncertainty in ¢ was found to be negligible
compared to the other uncertainties, and the effect of d¢, was therefore not
included in the calculations. As a result, the uncertainty in heat transfer rate
was a function of three independent uncertainties:

2 . 2 . 2 172
s |90 . 20 90
00 = Ha”'lw 5mw) +{8T2 6T2) +{8Tl 5T1) } (4.24)

Tempetature uncettainties (6T and 6T were both *£0.045 K (Section
4.7.4), and the uncertainty in water mass flow rate was £0.2% of reading
(Table 4.3). Partial derivation of Eq. (4.23) gives a sensitivity coefficient

aQ /0T that depends on the water mass flow rate, and a sensitivity
coefficient 90 / om,, that depends on the temperature change of the water:

T> — Ty The latter parameter generally varied between 1.5 and 3 K in the
tests, and it has therefore been set to 2 K in the following uncertainty

calculations. The resulting uncertainty for the heat transfer rate is shown in
Table 4.6.

Table 4.6 Uncertainty in lest section heat transfer rate in evaporation tests.
m,,, kgs! 0.03 0.05 0.10 0.15

50, W +8 *13 +27 +40

During vaporization tests, the water flow rate ranged from 0.03 to 0.09
kgst. Almost 80% of the tests were carried out with a water flow rate of
around 0.05 kgs1. Since the uncertainty is constant for a given water mass
flow rate, the relative (percent) uncertainty in test section heat transfer will
be smaller the greater the heat load is.

The uncertainty in heat flux is influenced by the uncertainty in the inside
heat transfer area, as shown by
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5 J1/2

5 = (s—gsg') + ;TqéAht (4.25)

Based on the uncertainty in average diameter (£0.01 mm) and uncertainty in
heated length of the test section (£0.5 mm), 6.4 is estimated to £3.96-10+4
m?, which is about 1.2% of the heat transfer surface area. Combining this
with the uncertainty of heat transfer rate, the uncertainty of heat flux
measurement (0g) can be found from Eq. (4.25). Table 4.7 gives the results.

Table 4.7 Uncertainty in heat flux in evaporation tests.

i, kgs'! 0.03 0.05 0.10

g, KWm? 10 20 10 20 10 20
54, Wm?2 +279 1352 424  £475 852 %879
5/, % +28 1.8 4.2 +2.4 +85 144

4.7.7 Uncertainty in vapour fraction

The mean vapour fraction in the test section was calculated based on
enthalpy and temperature data at the test section inlet and at locations along
the test section. The “local” enthalpy values were found based on heat load
and refrigerant mass flow rate. In principle,

x =x(h,T) and (4.26)

Q .
hzhip(Tip,pip)+?”+F-% (4.27)

where /; is the enthalpy at the preheater section inlet, and Qp is the heat

load 1n the preheater section. Q and 1 are the test section heat load and
the refrigerant mass flow rate, respectively. F is a factor (less than 1)
resulting from the averaging procedure to find the mean vapour fraction in
the test section. In most cases, I' = 0.5. As explained above, both enthalpy
and pressure were assumed to depend on the cell number in a linear
relationship. The averaging is therefore a matter of accounting for the
varying length of the cells.

Uncertainty in the preheat section inlet enthalpy 1s
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1/2

oh, .\ (oh, ..\
6hips = gé‘p + a—T5T (428)

where the sensitivity coefficients varied with test section inlet pressure and
temperature. Table 4.8 shows some typical data for the uncertainty in
enthalpy at the evaporating temperature levels in the tests. A subcooling of
5 K, and a saturation pressure corresponding to the evaporation
temperature was assumed.

Table 4.8 Uncertainty in enthalpy at prebeater section inlet
T, °C 0 10 20 25
Obps, Jke'! +36.7 t43.5 +59.8 +76.5

The expression for uncertainty of the “local” enthalpy in the test section can
be detived from Eq. (4.27) (h/0h;, = 1):

1/2

Sh = 5h;+[;7."p5gp] +(§—25QJ +(§_Z5’h] (4.29)

Table 4.9 shows calculated uncertainty of mean vapour fraction at varying
refrigerant mass flux, heat flux, and evaporating temperature. A preheater
heat load of 150 W was assumed for the 4=10 kWm2 data, and 300 W for
the 4=20 kWm2 data. Uncertainty of preheater heat load was taken from
Table 4.3 (£20 W), and uncertainty of refrigerant mass flow rate and test
section heat load were taken from Tables 4.3 and 4.6, respectively.

Table 4.9 Uncertainty in mean (local) vapour fraction in test section
(T=10C, m,= 0.05 kgs')

G, kgm2s 200 300 400 600

g =10 kWm?2 +0.085 +0.057 10.042 +0.028

g =20 kWm?2 *0.137 10.091 10.068 +0.045
The uncertainty in x is also shown graphically at varying mass flux in Figure
4.11.
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Figure 4.11 Uncertainty in mean vapour fraction at varying mass flux and heat flux

(q) 10 and 20 &Wm?

4.7.8 Uncertainty in pressure drop

The pressute drop dp/dy is measured by differential pressure across the
length of the heated part of the test section. As explained above, corrections
wete made for inlet and outlet pressure losses/gains between the manifolds
and the heat transfer tube, and for friction losses in the short unheated
sections of the tube. These corrections did not exceed 5% of the total
measured pressure drop in any experiment, and even though the models for
two-phase flow pressure losses are inexact, it is estimated that the maximum
contribution to the pressure drop uncertainty from these corrections was
12.5% or 0.5 kPa. The latter corresponds to about £1 kPa'm ! for the
pressure drop data, and this is neglected. From Table 4.3, the uncertainty of
the pressure transducer was 1 kPa, or £2 kPa'm for the test section
pressure gradient. Thus, the total uncertainty in test section pressure drop
was:

(dp /dz) = +2.2 kPam! (4.30)
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Table 4.10 shows some data for the relative uncertainty at varying pressure

gradients.
Table 4.10 Relative uncertainty in pressure drop
dp/ dz, kPa-m'! 20 30 40 50
S(dp/ dz)/ (dp/ d3), Yo +11.0 +7.3 +5.5 +4.4

4.7.9 Uncertainty in overall heat transfer coefficient

As may be seen from Eq. (4.2), the overall heat transfer coefficient U was
determined by test section atea (A), heat transfer rate (Q), and temperature

difference (AT). The expression for U may be written as

q q
U = — =
Tw B Tc02 AT (4.31)
with uncertainties defined as
5 ) 5 L2
U = (%&1) +(8A—UT 5ATJ and 432)
_ , |12
AT = [(5wa +(8Tp,) ] (4.33)

where ¢ is the heat flux,7 is the mean water temperature, and Tco: is the

mean temperature of COz in the test section. Uncertainty in water
temperature is discussed in Section 4.7.4, and Table 4.3 gives 0Tco:.
Uncertainty in heat flux is given by Table 4.7, and the uncertainty in heat
transfer surface is shown in Section 4.7.6: 8.4;, = £3.96:104 m2.

The uncertainty of U varies with water mass flow rate, heat flux,
temperature  difference between water and COz, and evaporating
temperature level. The uncertainty in temperature difference AT based on
Eq. (4.33) is shown in Table 4.11.
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Table 4.11 Uncertainty in temperature difference
between water and COz in evaporation tests
T, C 0 10 20 25
OAT, K +0.14 +0.12 +0.10 +0.09

Resulting uncertainty of U for normal tests is shown in Figures 4.12, 4.13,
and 4.14. In the Figures, the relative uncertainty SU/U is shown at varying
U, for temperature levels (1) from 0 to 25°C, heat fluxes (g) 10 and 20
kWm2, and water mass flow rates (11 of 0.03, 0.05 and 0.10 kgs'.

All the curves show an increase in relative uncertainty as U increases. This is
due to the greater impact of the constant OAT as AT becomes smaller at
higher U. The percent uncertainty in U is reduced as the heat flux is
increased from 10 to 20 kWm2, due to the reduced relative uncertainty in
heat flux. Also, relative uncertainty in U is reduced as the evaporating
temperature is raised from 0 to 25°C, due to the reduced temperature
uncertainty at higher temperature. In addition, uncertainty is reduced at
reduced water mass flow rate. Most experiments were conducted with a
water mass flow rate of 0.05 kgs'. Based on the above data, the typical
uncertainty in U is OU = £6% at a heat flux of 10 kWm=2, and 4% at a
heat flux of 20 kWm=2. Uncertainty of the CO, vaporization heat transfer
coefficient is discussed in Chapter 6, based on the water-side heat transfer
coefficient and its uncertainty, which is derived in Chapter 5.
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Figure 4.12 Uncertainty of measured overall heat transfer coefficient (U), at evaporating
temperature (T) of 0, 10, 20, and 25°C. Heat flux is 10 Wnr? and water mass flow

rate is 0.05 kgs'.
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Figure 4.13 Uncertainty of measured overall heat transfer coefficient (U), at evaporating
temperature (T) of 0, 10, 20, and 25¢C. Heat flux is 20 EWnr? and water mass flow
rate is 0.05 kgs'.
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Figurve 4.14 Uncertainty of measured overall heat transfer coefficient (U), at varying
water mass flow rate of 0.03, 0.05, and 0.10 kgs'.Evaporating temperature (T) is 10°C
and heat fluxc s 10 £Wnr2.

4.7.10 Uncertainty in water-side Reynolds and Prandtl numbers

The Reynolds and Prandtl numbers on the water side (at the mean water
temperature and pressure), as well as the thermal conductivity of the water,
are used in the determination of the expression for water-side heat transfer
in the regression based on calibration tests, and to calculate water-side heat
transfer coefficient in the ordinary tests.

The definitions are

Re=—+—" (4.34)

Pr="t_ (4.35)
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where G, is water mass flux, D, is hydraulic diameter of the flowchannel, Uy
1s dynamic viscosity, and £ is thermal conductivity. Based on the above
definitions, the uncertainties are

— 1/2
oRe = |[ 28 56 2 +[ 2R 5 2 [ 9Re s 2 (4.36)
aG. 7| Tlap, O ou M '
— a 2 a ) a 5 1/2
SPr = ﬁ&:p + (ﬂa/,z ) + (ﬂﬁk) 4.37)
| o, ou ok

The uncertainty of the mass flux is found based on similar methods as
shown for the refrigerant side in Section 4.7.5. For property parameters U, ¢
and £, only the influence from uncertainty in water temperature was taken
into account, since the pressure effects were negligible. The results are:

6D, = 0.1mm (4.38)
S = ;T/*‘W&W (4.39)
oc, = g;’; or, (4.40)
Ok = aaTkw W (4.41)

The magnitudes of these uncertainties were found by entering incremental
temperature changes corresponding to 0T, into the property calculation
routines. As shown in Section 4.7.4, 8T, = 0.045 K. The uncertainty in flow
area can be found in Table 4.2: 4 = 1.6:10¢ m2.

Resulting uncertainties in Pz, ¢, and & caused by the temperature uncertainty
were insignificant. Calculated uncertainties for these parameters were
+1.5-10° %, £0.0012%, and £0.013%, respectively. Uncertainty in { was
around +0.11%, however, and this influence was included in the calculated
Reynolds number uncertainty.
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4.8 Distribution of two-phase flow into test section

The uncertainty in Reynolds number was mainly affected by uncertainty in
water mass flow rate measurement, and the percent uncertainty of Re thus
did not vary much at different conditions. The following value represents
the average for the 20 calibration tests:

ORe/Re =1+3.2% (4.42)

4.8 Distribution of two-phase flow into test section

Initially, the test section was supplied with CO: from one side of the
manifold, i.e. an asymmetric flow. This could cause a separation of the liquid
and vapour phase in the horizontal manifold, leading to non-uniform supply
of liquid to the parallel ports of the test tube. This is shown schematically in
Figure 4.15, which shows a possible solution as well.

It was decided to redesign the manifolds so that the fluid could enter and
leave the test section symmetrically, i.e. through two inlets and two outlets.
After the rebuilding the manifold connections, previous tests were repeated
at an evaporation temperature of 10°C. Figure 4.16 shows the result for the
modified test section with ‘double inlet’, in comparison with the initial
results with ‘single inlet’.

CO, - vapour/liquid CO, - vapour/liquid
l \ . }- \

2
A > 88

o N1

CO, - vapour/
liquid

\
2
2

» liquid

NN

separation of liquid

9
» bl

CO, - vapour/liquid
Figure 4.15 Schematic drawing showing possible phase separation in manifold with inlet/ outlet

1o/ from one side only (left), and solution with inlet/ outlet to/ from both sides.
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Figure 4.16 Overall heat transfer coefficient depending on the vapour fraction with single
and double refrigerant inlets/ outlets. Conditions: Temperature 10°C, heat flux 20 kWnr
2, mass flux 600 kgr?s.

As can be seen from this Figure, there was no significant change, even at
high vapour fraction. Thus the conclusion was drawn that both solutions
gave uniform liquid supply to the ports, at least for this mass flux. All tests
apart from the initial series at high mass flux were nevertheless done with
two symmetric inlets and outlets.
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4.9 Flow pattern visual observation rig

Detailed analysis of in-tube two-phase heat transfer and flow phenomena
requites information about vapour/liquid flow pattetns in the tube. This is
of particular importance with COz, where results from earlier studies and
from present heat transfer experiments indicate that dry-out phenomena
play a significant role. It was thus decided that visual observations of two-
phase flow patterns were needed. Since it was not practical to install any
visual observation features in the heat transfer rig, a dedicated rig was built
in order to observe and record two-phase flow pattern data.

4.9.1 Overview

In the design of an experimental rig to observe flow patterns in
microchannels during vaporization of CO., a number of challenges had to
be coped with:

a) Owing to the small tube diameter and high flow velocity, a
magnified, high-speed recording was needed.

b) Owing to the high saturation pressure, special care was needed in
the preparation of the test section to meet safety requirements
without seriously impairing observation possibilities.

o) The phenomena to be observed were related to diabatic flow
conditions, and the addition of heat flux to the observation tube was
thus desired (again without impairing the observation possibilities).

A combination of a glass tube with sufficient wall thickness and a high-
speed camera with magnifying optics was chosen. A “standard” quartz glass
tube of ID/OD 0.98/6.35 mm was pressute tested and found capable of
withstanding 25 MPa without breaking. It was thus decided to use this type
of tube in the flow observations. Two different options for applying heat
load to the observation tube were evaluated; a water jacket in a transparent
outer tube, and a transparent resistive film coating on the glass tube. The
last option gave the least effect on transparency, and was thus selected. In
contrast to most earlier studies on flow pattern in evaporator tubes, where
glass tube sections are installed after or between heated sections, this
arrangement gives flow pattern observation inside the heated zone. This
may not be of great importance in large tube diameters and when the
vaporization is dominated by convective evaporation where the flow pattern
1s maintained through the adiabatic section. In microchannel flow, and
especially when the heat transfer is dominated by nucleate-boiling, the use
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of an unheated observation section that is very long compared to the tube
diameter is not acceptable.

Since the refrigerant mass flow rate in a single tube would be quite small, it
was decided to use an open circuit where CO; was taken from the liquid
phase of a storage cylinder, through a control valve, preheated to reach the
desired vapour fraction at the observation section, and finally expanded to
atmospheric pressure and discharged from the circuit after passing through
the observation tube.

The circuiting of the test system, and its instrumentation and components is
shown in Figure 4.17. The instrumentation is also specified in Table 4.12.

Subcooler

/e |

DC Power Supply

000

1

} Vol /.|

<> | — Afterheater - -
= ( Rotameter. —Oer upply
-

<

Vs

Figurve 4.17 Flow circust and instrumentation of visual observation test rig

A commercial CO; storage cylinder with internal riser tube was installed on
a scale to measure average mass flow rate during the test period. A heater
blanket wrapped around the cylinder controlled the temperature and
maintained a slightly higher pressure than in the test section. A subcooling
coil on the line from the CO, cylinder was submerged in ice/water to
control the temperature at the inlet of the manual metering valve (V2),
which  expanded the liquid CO. down to the evaporating
pressure/temperature. The CO; flow then entered the preheater section,
which consisted of a stainless steel tube with heating wires wrapped on it, all
coated by thermal insulation. Heat load in the preheater was controlled by
regulating the DC voltage and current applied to the heating wires. After the

106
URN:NBN:no-2319
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preheater, the flow was taken through a thermally insulated return bend
before it entered the test section.

After the test section, the refrigerant flow was taken through a coil
submerged in heated water. This was done in order to evaporate any
remaining liquid which otherwise could form dry ice in the final expansion
valve (Vs) that reduced the pressure down to atmospheric pressure. Finally,
a rotameter was used to monitor refrigerant flow rate.

The mstrumentation consisted of surface thermocouples at the locations
shown in Figure 4.17, and manometers at p;, p» and ps. The two latter
manometers were calibrated. CO2 mass flow rate was measured by a scale
with a resolution of 1 g, and voltage/cutrent to the preheater section and
observation section were measured by multimeters.

Table 4.12 Instrumentation of visual observation rig

Pos- Location Type of Spec.
ition instrument
pi COg3 cylinder Manometer Standard
manom.
Manometer,
p2 Inlet of valve V> Bourdon Class 1 0-100 bar
D3 Inlet of obsetvation section Bi\fracrifrl;nce;:?s 1 0-100 bar
1 Inlet of valve V» Thermocouple, type T 0.5 mm
1 Preheater heating wires Thermocouple, type T 0.5 mm
1 Prehe(i;etreﬁzlll)lanon Thermocouple, type T 0.5 mm
1 After preheater Thermocouple, type T 0.5 mm
15 Inlet observation section Thermocouple, type T 0.5 mm
Is Exterior of glass tube Thermocouple, type T 0.2 mm
17 After observation section  Thermocouple, type T 0.5 mm
I3 Before valve V; Thermocouple, type T 0.5 mm
1y After valve V3 Thermocouple, type T 0.5 mm
o Before rotameter Thermocouple, type T 0.5 mm
I Ambient air Thermocouple, type T 0.5 mm
71 Weight of CO> cylinder Mettler electronic scale

4.9.2

Observation tube and camera equipment

The horizontal quartz glass observation tube was installed in a steel frame
that supported the glass tube. Sealing between the glass tube and the steel
frame was obtained by threaded packing glands from Conax. Main
specifications of the observation tube are given in Table 4.13.
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Table 4.13 Test section data

Tube inside/outside diameter 0.98 / 6.5 mm
Tube length 570 mm
Length of heated section 442 mm
Resistance of film 237 Ohm

Heating of the observation tube was achieved by applying DC voltage to a
resistive coating film of transparent Indium Tin Oxide (ITO). The coating
was carried out by BTE Bedampfungstechnik GmbH, Elsoff, Germany.
Wires were strapped around the tube perimeter at each end of the ITO film
to serve as electrical connectors.

A high-speed digital camera from Vision Research Inc. (Type Phantom 4.0
with a 25 mm F1.4 objective) recorded flow-patterns inside the observation
tube at a location 65 mm downstream from the start of the heated part of
the test section. A relatively short distance (but still corresponding to 66
tube diameters) was chosen to reduce the uncertainty in local x caused by
heat loss to/from the observation tube. The camera had an observation
angle 28 degrees above the horizontal, i.e. the images were taken slightly
from above. Images were recorded for a test period of 1 second, and
downloaded from the camera to a PC. For a recording rate of 4000 frames
per second (fps), the recording image was 512x128 pixels. In some of the
tests at higher mass flux, a recording rate of 8000 fps was used and only
50% of the image size could be recorded. The shutter speed was typically 15
microseconds.

Phantom 4.0 High Speed Camera Software was used in the processing of
the images, including generation of still images, video clips, and
measurements of dimensions and velocities.

4.9.3 Test principles

Almost all the flow-pattern recordings were taken at 20°C evaporating
temperature, to reduce the uncertainties due to heat losses to/from the test
section and the preheater, and to be able to focus on the temperature range
where the dryout effects were of greatest importance.

Tests were conducted in seties at constant mass flux, and increasing heat
load in the preheater, thereby giving points of increasing vapour fraction in
the observation tube. Once stable operating conditions were reached,
temperatures, pressures, heat loads and mass flow data were recorded, and a
flow pattern recording was made. Results from the recordings are presented
in Section 0.0.
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5. Heat exchanger data regression

5.1 Chapter overview

The purpose of this Chapter is to explain and document the principles and
steps involved in finding a relation for the water-side heat transfer, based on
special calibration tests under controlled conditions. The basic principles are
outlined, and the calibration tests and resulting data are discussed. Two
different water-side heat transfer models are tried in regression analysis
based on calibration test data, and the best expression is found. Finally, the
uncertainty of the water-side heat transfer coefficient is deduced, based on a
rigorous uncertainty propagation procedure.

5.2 Basic relations

The overall heat transfer coefficient (U) and the mean refrigerant
(evaporating) temperature (1) in the test section were experimentally
determined as outlined in Chapter 4. U referred to the inside heat transfer
surface () is defined as:

11 1( A,
—=— 4R, +—| L (.1)
U h h | A

1 o o

In order to determine the refrigerant-side heat transfer coefficient (4, the
measured U must be separated into its individual components. The
conduction and fouling resistance (R;) based on the inner tube area can be
estimated as outlined later in this Chapter, and the area ratio 1s known from
the tube geometry. Both heat transfer coefficients in Eq. (5.1) are unknown
however, and an expression is needed for the outside (water side) heat
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transfer coefficient (4,) in order to find the inside coefficient based on U and

Ry

In principle, single-phase heat transfer models from the literature could have
been applied in order to estimate A,, but such correlations typically have an
uncertainty of £15-20%, even fot tube flow with fully developed velocity
and temperature profiles. The complex geometry of the water ducts in the
present test section is not covered by any standard well-proven correlation,
and fully developed temperature and velocity profiles are not likely to be
achieved. Most of the present water-side test data are in a transition region
where fully developed turbulent flow is not reached, where uncertainties
would be even greater. Thus, the use of standard correlations for 4, would
give unacceptably large uncertainty in refrigerant-side heat transfer
coefficient, which is a key result from the study.

Another approach is to conduct systematic “calibration” tests on the heat
transfer tube, and then apply a regression scheme based on the test data to
find a “calibrated” equation for the water-side heat transfer. If the heat
transfer coefficient inside the test tube (4) 1s kept constant, and the water
flow rate on the outside is varied systematically, an expression can be found
for the water-side heat transfer coefficient (4,). Such a regression depends
on experimental data for U taken at controlled conditions, so that when U
and Ry are known, and /4 is constant, an equation can be fit that gives 4, at
varying water flow rate and temperature. During later experiments, this
equation can then be used to find /4 based on measured U. These principles
were applied in the present tests.

5.3 Calibration test data

During the calibration experiments, the water-side Reynolds number was
varied systematically by varying the water flow rate. The inside heat transfer
coefficient 4; had to be constant during the experiments. Therefore, the
following conditions were fulfilled:

e The calibration tests were conducted with single-phase
supercritical-pressure flow of CO: inside the test tube, and the
CO:» flow rate (flow velocity) was constant.

e The mean CO: temperature and the CO: inlet and outlet
temperatures and pressures were constant, in order to keep the
amount of heat transferred and the thermophysical properties
(viscosity, thermal conductivity, Prandtl number) constant.
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5.3 Calibration test data

e In order to keep the amount of heat transferred constant while
varying the water flow rate, the water inlet and outlet temperature,
and the mean temperature of the water had to be varied.

By conducting the calibration tests with supercritical CO: on the inside, the
(constant) inside heat transfer coefficient 4; was quite high, thus giving
better resolution in the determination of the variable 5, This can be seen
from Eq. (5.1) where increased /; reduces the magnitude of the inside
resistance term (1/4,). Even so, calibration tests wete also needed in the high
water-side Reynolds number range, where the outside resistance was
diminished. This increased the accuracy in estimating the value of the
constant inside resistance based on the data regression. In principle, the
inside resistance was found as the asymptotic value of the total resistance
minus wall/fouling resistance when Re — .

A total of 20 tests were conducted at varying water flow rate in order to
obtain data for the regression analysis. The conditions on the inside (CO2-
side) were kept constant as shown in Table 5.1. Some key data for the water

side for each test, and the measured overall heat transfer coefficient, are
shown in Table 5.2.

Table 5.1 Conditions on the inside (COz-side) during caltbration tests

Parameter Nominal or average Obsetved vatiation
value range

, MPa 9.1 10.07

T, oC 11.3 10.5

g, Winr? 19,380 19,086 — 19,805

G, kgm?2s! 1890 1877 - 1901

During the calibration tests, the heat load on the test section was measured
separately by flow rate and temperature difference on the water side
(outside) and CO: side (inside). On average, the difference in measured heat
load was 0.7%, and the maximum deviation was 1.6%.

Since calibration tests were conducted at one temperature level, there may
be some concern about using the regression-based formula at other
temperatures. By using “standard” correlations based on dimensionless
groups containing fluid properties, these effects should be accounted for at
least in a limited range of temperature around the calibrated level.

111
URN:NBN:no-2319



5 Heat exchanger data regression

Table 5.2 Water-side test data and measured overall beat transfer coefficient U for the
test section in the calibration tests. Conditions on the COs-side are (nominally) constant
as given in Table 5.1.

Data m, T Re Pr k U
" Wm'K! Wm2K!

point kgS’l oC
1 0.0286 16.85 2357 7.75 0.595 3002
2 0.0356 16.64 2914 7.79 0.595 3261
3 0.0417 16.39 3392 7.85 0.594 3468
4 0.0486 16.27 3938 7.88 0.594 3670
5 0.0555 16.13 4487 791 0.594 3846
6 0.0576 16.11 4652 791 0.594 3894
7 0.0595 16.04 4794 7.93 0.594 3959
8 0.0698 15.92 5610 7.95 0.594 4175
9 0.0714 16.25 5786 7.88 0.594 4233
10 0.0777 15.83 6230 7.97 0.593 4342
11 0.0780 15.90 6262 7.96 0.593 4347
12 0.0824 15.84 6608 7.97 0.593 4421
13 0.0913 15.77 7306 7.99 0.593 4576
14 0.0947 15.75 7578 7.99 0.593 4636
15 0.1047 15.71 8370 8.00 0.593 4752
16 0.1079 15.68 8620 8.01 0.593 4814
17 0.1171 15.62 9334 8.02 0.593 4899
18 0.1318 15.64 10511 8.02 0.593 5077
19 0.1445 15.61 11518 8.02 0.593 5189
20 0.1565 15.60 12475 8.03 0.593 5267

5.4 Constant resistances

5.4.1 Single-phase heat transfer resistance on refrigerant side

The single-phase heat transfer coefficient on the refrigerant side is one of
the parameters determined from the regression using the calibration data. In
order to assess its uncertainty and to evaluate the magnitude of the other
fixed resistances, some calculations were made based on single-phase heat
transfer correlations. Two types of correlations were used; the general
single-phase models of Dittus and Boelter (1930), Pethukov (1970), and
Gnielinski (1976), and special correlations for supercritical-pressure flow by
Ghajar and Asadi (1986), Jackson and Fewster (1975), and Kakac (1987).
Calculated heat transfer coefficients using the conditions of Table 5.1 are
shown in Table 5.3.
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Table 5.3 Calulated CO: single-phase heat transfer coefficient during calibration tests,
at conditions given in Table 5.1

Model — Dittus- Gnie- Ghajar - Jackson-  Kakac Pethukov
Boelter linski Asadi Fewster et al.

b, Wm-2K-1 10498 9775 10378 9878 9883 9988

Deviation

from mean, +4,3 -2,9 +3,1 -1,9 -1,8 -0,8

%

All the calculated coefficients fall within a few percent deviation from the
mean value of /=10067 Wm=2K-L. Thus, it is reasonable to assume that the
COgz-side heat transfer coefficient during the calibration tests should be
approximately 10 kWm-=2K-.

5.4.2 Conduction and fouling resistance R,

The conduction resistance in the tube wall was calculated based on tube
geometry and thermal conductivity. The test tube was extruded from
aluminium alloy with 180 Wm=2K-! conductivity, and the mean conduction
length was calculated to 0.47 mm. Thus, the conduction resistance could be
calculated to 2.6:106 m2KW- referred to the inside heat transfer area.
Although the number is uncertain, the influence of this uncertainty on
overall heat transfer is negligible due to the very small value.

Regarding fouling resistance, the situation is more complex. Inspection of
the test tube and its jacketing after prolonged use shows a very slight deposit
caused by ferrous corrosion products. Thus, some fouling resistance should
be accounted for on the water side, even though distilled/deionised water
was used. On the inside, fouling effects were assumed to be negligible due
to the cleaning effect of pure CO: and the absence of substances that could
cause fouling.

The most widely used design data for fouling were published by TEMA
(Tubular Exchanger Manufacturers Association), based on “expetience
values” collected for many years. The TEMA data reproduced by Knudsen
(1998) recommends a fouling resistance of 8.5-10-> m2KW-! for distilled or
closed-cycle condensate water in shell-and-tube heat exchanger geometries.
Cooper, Suitor and Usher (1980) studied fouling in plate and spiral heat
exchangers, and found that due to higher turbulence level such heat
exchangers had less tendency to fouling than shell-and-tube types. Flow
geometry on the water side of the present test section had more in common
with a plate or spiral heat exchanger than a shell-and-tube unit, and
experience for plate units were therefore assumed to be valid also for the
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test section. Specific data for water-side fouling in plate heat exchanger were
given by Cross (1978), who recommended using a resistance between 2-10-
and 7.5-10> m2KW-1. Since the test 11ig used distilled water in a sealed flow
circuit, the fouling resistance should not be any higher than 2-10-> m2KW-L.
Cooper and Usher (1998) recommended the use of values not greater than
one-fifth of data for shell-and-tube units should be used for plate heat
exchangers. Based on the above data from Knudsen (1998), the plate heat
exchanger fouling resistance with distilled water should therefore be less
than 1.7-10-> m2KW-1,

The calibration data do not provide any basis for separating between the
fixed resistance caused by the constant internal heat transfer coefficient and
the fixed resistance due to conduction and fouling. Total fixed resistance
may be found, but the reduction of test data in ordinary experiments relies
on having determined the value of combined conduction and fouling
resistance. The only solution is then either to estimate fouling or to estimate
inside heat transfer, and the latter was felt to be a safer estimate. Since the
calibration tests were conducted with single-phase flow of “liquid” CO», it
was possible to calculate the internal heat transfer coefficient with
reasonable accuracy, as shown in the previous Section. Using the mean heat
transfer coefficient of 10 kWm2K! it was then possible to split the known
overall fixed resistance into its two parts, thus finding a plausible number
for the combined conduction and fouling resistance. After some initial trial
and error using varying fouling resistance, it was found that the fouling and
conduction resistance had to be approximately 105 m2KW- in order to
arrive at the above COz-side heat transfer coefficient from the regression.
This fouling resistance was within the range of the lowest values from the
literature, and it would not be unreasonable if low resistance was obtained
considering the cleanliness of the water circuit, the moderate temperatures
of operation, and the high water flow velocities. As a result, the following
value was assigned to the total fixed resistance caused by conduction and

fouling:

R, =107 m2KW1 (5.2)

5.5 Methods of regression

Several schemes for determining individual heat transfer coefficients based
on the overall heat transfer are described in the literature. These methods,
which are often termed Wilson Plot Methods, all rely on using regression based
on experimental data to determine constants and exponents in mathematical
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expressions for the heat transfer coefficient. The original method was
developed by Wilson (1915), who found an expression for the tube-side
(single phase) heat transfer coefficient in steam condensers. Tube-side heat
transfer was expressed as a “reduced” flow velocity multiplied by a constant
and raised to the power of 0.82. This “reduced” velocity has been shown to
correspond to the Reynolds number. After including another constant to
account for the wall resistance and the shell-side resistance (assuming that
the latter was constant), a linear plot was fitted to the experimental data.
Based on this plot, the two constants could be determined, thereby arriving
at an expression for tube-side heat transfer. The original Wilson Plot
method can be used only to determine one or two constants, and Wilson
Plot methods in general rely on turbulent flow or flow situations where heat
transfer varies with Reynolds number.

5.5.1 Categorization

A number of “modifications” of the original Wilson Plot method have been
shown in the literature. These methods can be categorized based on the
following criteria:

o Number of expressions for heat transfer coefficient that need to be derived. In
some cases, expressions need to be derived for both the inside and
outside heat transfer coefficient in the heat exchanger. This is
typically the case when operating conditions are varied
simultaneously on both sides. When calibrating the water-side of a
test section, the conditions (temperature, pressure, flow rate) on
the inside may be kept constant to reduce the number of
unknowns.

o Type of heat transfer expression(s). Mathematical expressions for single-
phase turbulent convective heat transfer coefficient are generally
of the form

Nu = f(Re,Pr) (5.3)

where the functional relation typically have one or more constants
and coefficients, and the Reynolds and Prandtl numbers may have
exponents. Some common heat transfer models are discussed in
the next Section.

o Number of constants, coefficients and exponents that are determined. A
regression scheme can only determine a limited number of
constants, coefficients and exponents, but the ability of the model
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to reproduce test data may be better when more such parameters
can be fitted.

o Type of regression scheme applied. In most cases linear regression
schemes have been used, in accordance with the original Wilson
Plot Method. In some cases, three unknowns need to be
determined, a task that cannot be solved by linear regression.
Briggs and Young (1969) developed a procedure for solving this
problem by using two linear regressions with iteration to avoid the
added complexity of a non-linear regression scheme. Later on,
Khartabil and Christensen (1992) developed a nonlinear regression
scheme that was claimed to be more robust with respect to
convergence. In general, any non-linear regression software may
be used, provided that the desired form of Equation (5.3) can be
handled.

5.5.2 Heat transfer models for the water side

The most common heat transfer expression used in relation to Wilson plot
methods is the Dittus and Boelter (1930) type of equation, 1.e.

Nu,, =C-Re" Pr" (5.4)

This type of expression is generally valid only for Reynolds numbers above
the transition regime, ie. above 10,000. In relation to a Wilson-plot
regression, the coefficient C and the exponents 7z and # can be regarded as
unknown, or one or more values can be assigned based on standard
assumption. The Prandtl number exponent # in Eq. (5.4) is usually defined
as 0.4 for heated flow and 1/3 for cooled flow, as in our case. The standard
Reynolds number coefficient in Eq. (5.4) is #=0.8, and the standard C for
tully developed turbulent flow in s#7aight circular tubes is 0.023.

Kattan (1996) instead used the Gnielinski (1976) expression for single-phase

heat transfer, both inside the test tube and for the external annulus. This
heat transfer model is given as

(g)(Re —1000 )Pr

NMG = 1/2
1+12.7(£) (Pr2-1)

(5.5)

where the Darcy friction factor (/) is estimated from the expression of
Filonenko (1954 ) for isothermal flow in smooth tubes.
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f=[.82-1og,,(Re)-1.64]" (5.6)

One mmportant feature of the Gnielinski (1976) model 1s its claim of higher
accuracy for Reynolds numbers in the transition region, ie. between 2300
and 10,000. The Gnielinski correlation only needs one additional constant to
account for flow in non-circular cross section, and short tube length. Even
though the use of this correlation may seem promising, a statistical
comparison made by Kattan (1996) based on his test data showed that the
use of a “Dittus-Boelter” type of model generally gave smaller deviations.

All types of Nusselt number correlations may be refined by a multiplier that
accounts for variation in viscosity (or Prandtl number) from film (tube wall)
to bulk conditions. For liquids, this multiplier is often calculated as (Kays
and Crawford, 1993):

Nu__[He (5.7)
Nuc, | 4,

where subscript CP refers to the constant-property result, and subscripts »
and / refer to wall (film) and bulk conditions. For cooled flow, # can be
assumed to be -0.25, according to Kays and Crawford (1993) quoting
Pethukov (1970). In the present calibration tests, the temperature difference
between wall and bulk on the water side varies from about 1 K to 4 K|
which gives a cotrection factor Nu/Nucp varying from 1.006 to 1.025. This
variation is regarded as small enough to be neglected.

As shown in Chapter 4, the water flow channels in the test section are short
straight ducts with abrupt 180° bends between each pass. Heat transfer takes
place only on one (flat) side of the duct. The length of a straight section is
about 5.8 times the duct hydraulic diameter. This situation may come closer
to developing flow along a flat plate than tube flow, especially considering
the temperature profile development. Another obsetrvation is that the bend
may be abrupt enough to give flow separation over the edge of the test tube.
In case of flow along a flat plate, the Reynolds number is evaluated based on
plate length in the flow direction (L), and turbulence requires Rer. > 105.
Based on this limit, all water-side data in the present test would be in the
laminar region, if the inlet velocity profile was regular. This is probably not
the case due to the flow around the abrupt tube edge, but it may still be of
interest to consider a model for heat transfer in laminar flow along a flat
plate based on the Poblbausen solution for Pr > 0.5 (Kays and Crawford,
1993):
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5 Heat exchanger data regression

Nu, =0.664 - Re'*Pr'" (5.8)

This Nusselt number represents the average over the length of the plate (L).
This equation is similar to Eq. (5.4) with #=1/3, even though the constant
and the Reynolds number exponent » are different. According to Briggs
and Young (1969), 7 varies from about 0.6 at low Reynolds numbers (less
than 1000) to approximately 0.9 at high Re.

It seemed reasonable to try both a “Gnielinski” type model and a “Dittus-
Boelter” type model in the regression analysis. The latter model may also be
relevant if the flow situation resembles developing flow along a flat plate.

5.6 Linear regression using Gnielinski model
5.6.1 Principles

The Gnielinski model promises good accuracy at transition flow. Unless one
wishes to modify any of the terms in Eq. (5.5), e.g. by changing the friction
factor formula or exponent, or by changing other constants, only one single
constant C need to be fitted in the expression for the water-side heat
transfer coefficient:

h,=C-Nug

o

k
- (5.9)

Since the Gnielinski model was regarded as “fixed” and the outcome of
changing the expression was uncertain, only the “constant-multiplier”
approach was used. This was also the approach used by Kattan (1996). The
Nusselt number N 1s calculated from Equations (5.5) and (5.6), based on
the known Re and Pr for the water flow. Inserting Eq. (5.9) into Eq. (5.1)
and rearranging, we get

1 11 D(A4 1
—-R, |=—— =L |+ = (5.10)
U C Nug k| A, h,

This is a linear equation of the form
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5.6 Linear regression using Gnielinski model

Y=A-X +B (5.11)

where the slope .4 equals

1
A=— 5.12
C (5.12)

the independent variable is

1 D A
X =— 2|45 (5.13)
Nuc k| A,

the intersection with the y-axis (B) equals
B=— (5.14)

and the dependent variable (Y) is

1
() -

The variables and parameters in Eq. (5.13) are known from geometry data,
calculated Nusselt number (Eq. 5.5), and fluid properties, thus making a
calculation of X possible. Furthermore, the overall heat transfer coefficient
(U) is known from the experiment, and the conduction and fouling
resistance (Rj) was estimated to 1105 m?2KW! in Section 5.4.2. With both
variables in Eq. (5.15) known, the dependent variable Y is also known. A
regression 1s then possible to find .4 and B to fit a linear curve.

5.6.2 Results and discussion

Figure 5.1 shows the data points from Table 5.2 converted to X-Y
coordinates based on Eq. (5.13) and (5.15). The diagram also shows a linear
regression line fitted to the data points using the Gnielinski model, with the
interception of the ordinate axis marked.
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5 Heat exchanger data regression

The slope A based on the N=20 data points (X,Y) was based on a normal
Gaussian least-squares method of linear regression

A= 5 (5.16)
v N
N ZXJ B EX]
j=1 j=1
The following constants were derived:
A1 =0,2709
B =1,6041-10+
0,0004
0,00035
[m]
0,00083 -
=)
o
0,00025
> 0,0002 -
0,00015
0,0001
0,00005 -
0 T T T
0 0,0002 0,0004 0,0006 0,0008
X
Figure 5.1 Data points and regression line based on the Gnielinski model
This gives:
C=3.692
hi = 6234

Thus, the Nusselt number calculated from Equations (5.5) and (5.6) has to
be multiplied by a factor of almost 4 to fit the test data. Some increase may
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5.6 Linear regression using Gnielinski model

be explained by the short flow-channels on the water side of the test
section. The correction factor given by Gnielinski (1976) is

d 2/3
1+(f) (5.17)

where 4 and L are channel hydraulic diameter and length, respectively. This
correction would give only about 30% increase in Nz, however.

The ordinate-axis interception B gives a constant internal heat transfer
coefficient of about 6200 Wm=2K-!, which is almost 40% lower than the
calculated coefficients in Section 5.4.1. This indicates that the regression-
based /; is too low.

Another problem is the deviation between the regression line and the data
points, as may be observed in Figure 5.1. Using Eq. (5.9) with C=3.69, and
mserting /=06234 into Eq. (5.1), U may be calculated and compared to the
experimental U. This comparison is shown in Figure 5.2, and the deviation
between the measured and calculated U-values 1s shown in Figure 5.3.

6000
o o
5000 - o -
4000
£ 3000 |
=
D
2000 -
1000 - o Measured
Calculated
0 \ ‘
0 5000 10000 15000

Re

Figure 5.2 Measured and calculated overall heat transfer coefficient U, using a
Gnielinski heat transfer model on the water side

121
URN:NBN:no-2319
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As may be observed from Figures 5.2 and 5.3, there is considerable
deviation between the calculated and measured data, and the calculated
curve does not reproduce the shape of the curve given by the experimental
data. Based on Figure 5.3 it seems like the Gnielinski model gives a
systematic or “non-random” deviation from the experimental data. The
present model is not acceptable for processing of test data in order to find 4
based on measured U.

100(U calc'U meas)/U meas %
[u]

-6 \ \
0 5000 gpe 10000 15000

Figurve 5.3 Deviation between measured and calculated overall heat transfer coefficients
in Frgure 5.2

This outcome may have been changed by introducing modifications in the
Gnielinski expression, as suggested above. In order to limit the efforts
needed, and since the simpler Dittus-Boelter model gave a good fit (see next
Section) it was decided to not spend more time on modifying Eq. (5.5),
however.
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5.7 Regression using Dittus-Boelter model

5.7.1 Principles

As explained above, both Eq. (5.4) and Eq. (5.8) are of the same type, ie.
with Re and Pr having exponents that can be assumed known or adapted by
regression, as well as a constant that should be determined by regression.
This type of model 1s termed “Dittus-Boelter”, although we are talking more
of a type of equation than a specific model. Compared to the Gnielinski
correlation this type of equation has the advantage of being more easily
“adaptable” to test data.

Equation (5.4) provides an expression for the water-side heat transfer
coefficient:

h, = K Remprr (5.18)
D

Combining this with Eq. (5.1), and rearranging, we get

1 A, 1 A,
Tl K\ oA 5.19
i (C-Re”’-Pr”.DJ i A (5-19)

This equation has four unknowns: 4, C, 7 and » The Prandtl number
exponent # may be assigned the standard value for cooled flow, »=1/3, but
still there are three unknowns, thus making linear regression impossible.
There are then two possible solutions; either to use non-linear regression, or
to use two linear regressions (one based on transformed data) and iteration,
as devised by Briggs and Young (1969) and adapted to computer program
use by Farrell et al. (1991). The linear/iterative method may give
convergence problems, however, and the linear “Logarithmic Wilson Plot”
s famous for the large uncertainty involved in finding the slope and
ordinate axis intersection from transformed data points clustered together
far away from the ordinate axis. Another important argument for using non-
linear methods is the better possibility to analyse uncertainties in the derived
model, as shown later in this Chapter.

Eq. (5.19) can be written as
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A A
l—Rcf A L Rgempps B 1A (5.20)
U Ai C k hi Ai
This is an equation on the form
Y=a-X] - X,+K-c (5.21)
where the dependent variable 1s
1 A
vy=|——-pr |2 5.2
(U cf ) Ai ( )
the independent variables are
X, =Re (5.23)
X,=pPr'"’ D (5.24)
k
and the parameters to be fitted are
g2 (5.25)
C .
b=-—m (5.26)
c= i 5.27
ho ( : )
The constant is
A
K= AO =0.852 (5.28)
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5.7 Regression using Dittus-Boelter model

5.7.2 Results and discussion

The commercial software package Datalit v. 7.1.44 by Oakdale Engineering
was used to conduct a non-linear least-squares data regression based on the
data in Table 5.2. The program used a Levenberg-Marquardt (iterative)
method to find the optimum solution. The following initial values were
used:

Ciiir = 0.02 = @isiw = 50
Wi = 0.8 = by = -0.8
b it = 10000 = G = 0.0001

Convergence was obtained after 13 iterations, with the following results:

C =0.1820
m = 0.6352
b;‘ = 9840

Variation in the initial values did not give significant changes in the result,
and the derived numbers seemed plausible, so it was concluded that the
desired solution had been found. The water-side heat transfer coefficient
could thus be calculated as:

Nu =0.182 -Re " pr'/? (5.29)

A Reynolds number exponent 7 of 0.635 is significantly lower than the
usual value of 0.8 for turbulent tube flow. Since the range of Re generally is
in the transition region, a somewhat lower value can be expected. Also,
following the arguments given in Section 5.5.2, the exponent can be
expected to be close to 0.5-0.6. It is also interesting to note that if the
constant in Eq. (5.8) is corrected by the ratio of length-based and cross-
section based hydraulic diameter, the value becomes 0.114, which is much
closer to the C=0.182 found from the regression than the usual value of
0.023 used in tube flow.

Figure 5.4 shows a plot of the data points and the regression-based model,
in  X;/X>/Y-coordinates. The plane representing the fitted model
reproduces the data points with a coefficient of multiple determination (R?)
of 0.99954. The single experimental point that deviates from the general
trend in Figure 5.4 was caused by a slightly higher water temperature than
nominally. This gave a Prandtl number that deviated from the trend in the
experimental points.
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Model Dittus Boelter

Input Data °
Dittus Boelter ——

0,00014 —

\\
— 0,00028
0,00028 — \><>
-] - 0,00026
0,00026 —
T 0,00024
0,00024 | I —
— | 0,00022
0,00022 | I ——
NS 1 0,00020"
Y 0,00020 | ] I —
| 0,00018
0,00018 -+ |
| 0,00016
0,00016 —|
L 0,00014
790

Figure 5.4 Plot of data points and model from non-linear regression

Figure 5.5 shows a comparison between the measured U and the calculated
U using Eq. (5.29) for the water side, and assuming an internal (CO»-side)
heat transfer coefficient of 9,840 Wm=2K-'. In comparison to Figure 5.2, the
fit of the model has been greatly improved. The improved accuracy can also
be observed from Figure 5.6, showing the percent difference between
measured and calculated U. In this case, the deviation is much smaller and
of a much more random nature than in Figure 5.3. Most of the deviation in
Figure 5.6 can be attributed to experimental scatter.

The mean absolute difference between measured and calculated U is
reduced from 2.50 % with the Gnielinski model to 0.29% with the Dittus-
Boelter model. In the present study, Equation (5.29) based on the Dittus-
Boelter model is therefore used to calculate water-side heat transfer in the
processing of test data to find the COz-side heat transfer coefficient.
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Figure 5.5 Measured and calculated overall heat transfer coefficient U, using Eq. (5.29)

to model water-side heat transfer
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Figure 5.6 Deviation between measured and caleulated overall heat transfer coefficients
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5.8 Uncertainties of Wilson plot method

5.8.1 General

Many authors have stressed the fact that Wilson plot methods can give large
uncertainties. Based on the discussion of Shah (1990), the following
restrictions apply:

1. Fluid flow rate and log-mean average temperature on the constant-
resistance side (in our case: the inside) must be constant during
calibration, so that the thermal resistance is truly constant.

2. The Reynolds number on the variable-resistance side (in our case:
the outside) is not known initially and needs to be determined.

3. All test data must be in one flow region (e.g. turbulent flow) on the
variable-resistance side.

4. Fluid-property variation on the variable-resistance side must be
taken into account.

5. Tube wall (and fin) thermal resistance must be taken into account.

6. During calibration and testing, fouling on either fluid side must be
avoided or kept constant.

The present methods have taken these restrictions into account, even
though the fouling influence gave some uncertainty. In order to get an
indication of possible changes in fouling resistance over time, the same test
series was repeated three times in a time span of 16 months with extensive
use of the test rig. Figure 5.7 shows measured heat transfer coefficients at an
evaporating temperature of 20°C, a mass flux of 300 kgm2s-! and a heat flux
of 10 kWm2, recorded at three different times during the test program. Heat
transfer coefficients were derived using the methods described in this
Chapter. The deviation was relatively small (well within experimental
uncertainty) and did not show any consistent tendency, and it was therefore
concluded that variable fouling effects were not significant.
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Figure 5.7 Repeated measurements of COz-side heat transfer coefficient at varying
vapour fraction, at the following conditions: Evaporating temperature 20°C, mass flux
300 ks, and beat flusc 10 £Wir?

5.8.2 Uncertainty analysis of calibration data

In the calibration tests that were used to derive the water-side heat transfer
equation, the test section heat load was determined by two independent
measurements; calorimeter balances on the water side and a similar balance
on the COz side (single-phase CO; flow). Thus, accuracy could be improved
by using the average value of the two capacities. As mentioned in Section
5.3, the difference between the two measured heat loads was 0.7% on
average, and the maximum deviation was 1.6% or 10.1 W.

The CO:> mass flow rate, inlet/outlet temperature and pressure was

maintained constant during the calibration tests. Thus, the heat load as
measured on the CO»-side was constant, given by

Q =Meo, [hz(Tzapz)_hq(T1ap1)] (5.30)
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with uncertainty

1/2

(30 5Y (2 50 Y (2050 )
o0 = [am 5m] +[8h2 5h2] J{ah] 5h1] (5.31)

Both refrigerant enthalpies were measured with the same uncertainty, given

by

1/2

oh ..\ (on .Y
Oh=|| =—06T — 0 5.32
(aT ] +(ap p) (532

The enthalpy uncertainties at inlet temperature (5°C) and outlet temperature
(15°C) were found by perturbing the input data to the thermodynamic
property functions. The results are

0k = £147 Jkg! at 5°C and 9.0 MPa
0h2 = £164 Jkg! at 15°C and 9.0 MPa

Resulting uncertainty in measured heat load on the CO; side was 0Q =123

W, which, combined with water-side uncertainty data from Table 4.6, gives
uncertainties of the averaged heat load during calibration tests as shown in
Table 5.4.

Table 5.4 Uncertainty in test section heat transfer rate in calibration tests.
m,, kgs 0.03 0.05 0.10 0.15

50, W +12 +13 +18 +23

Figure 5.8 shows typical distribution of heat transfer rate measured on the
COg-side and the water side in a calibration experiment (Data point 4 in
Table 5.2). A total of 21 measurements were taken over 21 minutes, and the
two capacities calculated for each point. As may be observed from the
diagrams, both measurements experience scatter with a reasonably “normal”
distribution. Since the measurements were independent and the
distributions “normal”, the averaging was believed to reduce uncertainty.
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Figure 5.8 Typical distribution of individual heat load measurements on CO: side and
water side.

The uncertainty in mean temperature difference between water and COz
(AT) was calculated based on Eq. (4.33), using éTWZ 0.045 K (Eq. 4.20),
and 0Tco2= 10.064 K (Table 4.3), giving

SOAT =10.078 K (5.33)

The heat flux uncertainty O was then calculated for the calibration tests,
using heat load uncertainty data from Table 5.4. Table 5.5 shows some
results.
Table S.J Uncertainty in heat flux in calibration tests.
m,, kgs'! 0.03 0.05 0.10 0.15

g, kWm-2 10 20 10 20 10 20 10 20
O0g, Wm?2 1395 1449 +424 +475 576 *614 £729 760

Using the same methods as shown in Section 4.7.9, the uncertainty in
overall heat transfer coefficient (OU) was calculated for each of the
calibration tests. In addition, the uncertainty in Reynolds number was
calculated. Results are shown in Table 5.6.

The percent uncertainty in mass flux and Reynolds number were more or
less constant at 0G,/G,= 12.6% and ORe/Re = £3.2%, respectively. The
uncertainty in U increased from £2.6% to £4.5% as the Reynolds number
increased from 2,400 to 12,500. On average, OU/ U was £3.4%.
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Table 5.6 Water-side test data and calculated uncertainties in the calibration ftests.

Uncertainty in water temperature was OI, = +0.045 K in all tests, and uncertainty in

mass flow rate was dm,, = £0.2% of m,,

Data i, G, oG, _w ; Re ORe U oU
point kgs! kgm?s! kgm?Zst c Wm2ZKt Wm2K-
1 0.0286 459.3 +11,8  16.85 2357 *74 3002 77
2 0.0356 571.7 +147  16.64 2914  £92 3261 +88
3 0.0417  669.7 +173 1639 3392 £107 3468 +96
4 0.0486 780.5 +20,1 16.27 3938 125 3670 +105
5 0.0555 891.3 230 1613 4487 *£143 3846 +114
6 0.0576  925.1 +238 1611 4652 +148 3894 +117
7 0.0595 955.6 246 16.04 4794 £153 3959 +120
8 0.0698 1121.0 *289 1592 5610 180 4175 +131
9 0.0714 11467 *29,6 1625 5786 *184 4233 +138
10 0.0777 12479  *322 1583 6230 200 4342 +144
11 0.0780 1252.7 %323 1590 6262 £201 4347 +144
12 0.0824 13234 341 15.84 6608 213 4421 +150
13 0.0913 14663 *37,8 1577 7306 £236 4576 +161
14 0.0947 15209 *392 1575 7578 1245 4636 +165
15 0.1047 16815 *433 1571 8370 £270 4752 +179
16 0.1079 17329  *447 15.68 8620 1272 4814 +182
17 0.1171 1880.7 *485 15.62 9334 £296 4899 +194
18 0.1318 2116.7 *546 15.64 10511 333 5077 +209
19 0.1445 2320.7 *59,8 15.61 11518 =365 5189 +227
20 0.1565 25134  *648 15.60 12475 395 5267 1239

5.8.3 Uncertainty analysis of regression-based water-side heat

transfer coefficient

In order to derive uncertainty data for the regression-based heat transfer
coefficient for the water side, a comprehensive propagation analysis was
made. Since the heat transfer correlation was derived through regression, the
analysis had to include the propagation of uncertainties through the
regression scheme.

The heat transfer coefficient was regarded as a function of three variables:

h,=h,(U,Re,R)
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where R is the sum of the fixed resistances, i.e. conduction/fouling, and
convective heat transfer on the inside during calibration.

R =R, +R, (5.35)

Thus, the uncertainty in water-side heat transfer coefficient is:

1/2

oh C (oh > ( on
o =|[ e s o ke | +| - sr 5.36
: (BU )+(8Re e) R, 39

In other words, the undetlying procedure of regression was regarded as a
functional relation for 4, based on U, Re, and R. In this respect, U and Re
were independently measured parameters, and R was a parameter that
resulted partly from the assumptions on fouling and conduction resistance
shown in Section 5.4, partly from the original (baseline) regression, and

partly from calculated single-phase COz heat transfer, as shown in Section
5.4.1.

Khartabil and Christensen (1992) discussed a scheme for calculation of
uncertainties in heat exchanger regressions. With some modifications, this
comprehensive procedure has been used to calculate the uncertainties in 4,
caused by OU and ORe from Table 5.6. The following steps wetre involved:

1. For the first data point in Table 5.6, the original U was perturbed in
a positive direction by its uncertainty OU, while Re remained
unchanged.

2. A regression was conducted based on the data set having the

perturbed U point with the remaining points unchanged, finding a
new expression for the water-side heat transfer coefficient 4, The
difference between the new /, and the original 5, was then
computed for every Re in the calibration seties, giving values of A,
for each Re. Since the constants C and 7 are not independent, these
could not be assessed individually.

3. The same procedure as in 1. and 2. was carried out with a negative
petturbation of U by OU for the first data point. The average of the
absolute values of the two Ak, was then used as the representative
value at each Re. Perturbations in both directions were used since
the relations were not linear.
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4. The procedure in 1., 2., and 3. was then repeated for each of the 20
data points, 1.e. 40 regressions, with one data point perturbed at a
time. This finally gave a set of 20 AJ,-values for each Re. The

parameter (aho / U )éU at each Re was then taken as the root-
mean-square of all 20 Ab,.

5. A similar procedure as 1. to 4. was then repeated with perturbations
of Re (from Table 5.6) mnstead, keeping U constant. This gave
variations ARe for each data point. In the same way as above, after

40 regressions, this eventually gave the factor (aho / 8Re)éRe at

each Re as the root-mean-square of the individual factors from each
regression.

The above procedure differs from the one proposed by Khartabil and
Christensen (1992) in that actual uncertainties of U and Re were used for
each data point, and not average relative uncertainties.

Uncertainty in the fixed resistance R was calculated by a different scheme.
The combined fouling and conduction resistance (R,), which was
calculated/estimated to 105 m2KW-! in Section 5.4, was assumed to have a
large uncertainty. Thus it would be reasonable to assume that it could vary
between 0.5 and 1.5 times the calculated value, ie. an uncertainty of £50%
or

OR,= £0.510° m*’KW"

The fixed internal resistance (R)) of 1/9840 m2KW! due to convective heat
transfer between CO> and the tube wall was based partly on regression and
partly by prediction using common single-phase flow models. Normally,
such predictions would be expected to have an uncertainty of around *15-
20% (Gnielinski, 1976). Due to the good correspondence between several
models (Section 5.4.1), it was assumed that uncertainty was somewhat
better, at £10%. Thus, the uncettainty in intetnal tesistance in the
calibration tests was

OR, = £1.02:10° m2KW-!

The resulting total uncertainty of the fixed resistance was calculated as the
root-mean-square of the two parts:

SR =[6R2 +6R?]"? =1.14-10° m2KWH (5.37)
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In order to evaluate the effect of this uncertainty, Eq. (5.20) was rewritten

as:
A
l—(R+i) o~ L gemprn.2 (5.38)
U h'|A, C k

where

R

1
o +E=Rcf +R, =R (5.39)

L

Now, perturbations of R could be introduced in the regressions, based on
similar principles as above. In this case, however, only one regression was
needed in the negative and positive direction, respectively, since OR was
constant for all Reynolds numbers. Table 5.7 gives a summary of the
uncertainty data, including the total uncertainty in water-side heat transfer
coefficient (Oh, ) based on Eq. (5.36). As may be observed from the Table,
the uncertainty in fixed resistance dominates among the three terms that
contribute to uncertainty in the heat transfer coefficient

As shown by Figure 5.9, the uncertainty 04, is an almost linear function of
the Reynolds number. Figure 5.10 shows the relative uncertainty.

The uncertainty can be expressed as the following linear function:
éhv = i(0.241Re -235) Wm2ZK-! (5.40)

Most evaporation tests were conducted at Reynolds numbers ranging from
3000 to 6000, where the relative uncertainty 04,/5, was between 8% and
13%.

Uncertainty of the vaporization heat transfer coefficient is discussed in
Chapter 0, together with the experimental data.
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Table 5.7 Uncertainty data for water-side heat transfer coefficient in the calibration tests.

Data (ahg/gw- (a”%/g';e)' @h/oR)}OR b, &h,  Oh/h,
point W 2Kl W 2K L Wm2K! Wm2K! Wm2K! %
1 2357 197 82 244 5268 324 6,2
2 2014 279 100 349 6036 458 7.6
3 3392 350 121 440 6658 575 8,6
4 3938 432 151 544 7327 711 9,7
5 4487 514 177 648 7967 846 10,6
6 4652 539 186 679 8154 887 10,9
7 4794 560 194 706 8314 922 11,1
8 5610 682 240 860 9195 1123 12,2
9 5786 706 249 890 9356 1163 12,4
10 6230 774 276 976 9833 1275 13,0
11 6262 778 277 981 9861 1282 13,0
12 6608 829 297 1046 10208 1367 13,4
13 7306 931 338 1175 10885 1537 14,1
14 7578 971 353 1225 11143 1603 14,4
15 8370 1086 399 1370 11872 1793 15,1
16 8620 1122 413 1416 12098 1853 15,3
17 9334 1225 454 1545 12731 2024 15,9
18 10511 1392 520 1756 13727 2300 16,8
19 11518 1534 577 1935 14550 2535 17,4
20 12475 1667 630 2103 15309 2757 18,0
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Figure 5.9 Uncerlainty in water-side heat transfer coefficient at varying Reynolds
number.
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Figurve 5.10 Relative uncertainty in water-side heat transfer coefficient at varying
Reynolds number
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5 Heat exchanger data regression

5.8.4 Temperature fluctuation effects

Woijs and Tietze (1997) showed that temperature interference (fluctuation,
oscillation, or random variation) could have a significant effect on the heat
transfer coefficient determined by Wilson-plot methods. By introducing
random temperature variation using a normal-distribution interference with
zero average and known variance, they found the influence of a RMSh
deviation of 0=0.01, 0.1 and 1.0 K, respectively. This variation was
introduced to the hot and cold fluid outlet temperatures from the test
section, while the fluid flow rate on the variable-resistance side was varied.
The 0=0.01 K deviation was found to influence the resulting heat transfer
coefficient by less than 2%, while a deviation of 0=0.1 K gave an
uncertainty of about 20%. The 1.0 K case gave unacceptable and sometimes
unphysical results.

In the present calibration tests, the standard deviation of measured water
and CO: outlet temperatures from the test section were calculated for each
test run (at a given water flow rate). Results from one test were taken as
mean values from 20-30 data points logged during 20-30 minutes at steady-
state conditions. Typically, the standard deviation for such a measured
temperature point was about 0.02 K. These data are not directly comparable
to the “interference data” used by Wojs and Tietze (1997), because only
individual data points are characterized in the present results. The standard
deviation calculated from all the water and CO: outlet temperature variance
data for the 21 calibration tests is about 0.01 K. It thus seems like
temperature fluctuations should not introduce significant (more than 5%)
uncertainties in the present heat transfer data.

h Root Mean Square, in this case over a range of fluid flow rate on the vatiable-resistance
side
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6. Test data and observations

6.1 Chapter overview

This Chapter gives an overview of test data and observations from heat
transfer measurements, pressure drop measurements, and two-phase flow
pattern observations. In the first part of the Chapter, the test program is
outlined, including a discussion on test conditions and parameters. Next, the
change in x through the test section is shown at varying heat and mass flux.
The uncertainty of heat transfer data is then shown, before the heat transfer
test data are presented at varying heat flux, mass flux, and evaporating
temperature. A special section is devoted to nucleate boiling heat transfer
data. Pressure drop recordings are then presented for the same conditions.
Finally, the flow pattern observations results are explained, in series at
constant G and varying x, and the results are shown in flow regime charts.

6.2 Heat transfer and pressure drop test program

6.2.1 Test conditions

Microchannel heat transfer tubing for CO. will most likely be used primarily
in compact heat exchangers for vehicle or residential air conditioners and
heat pumps. From an engineering point of view, flow vaporization heat
transfer and pressure drop test data are therefore needed for temperatures in
the range 0 to 15°C for air conditioning, and —30 to 0°C for heat pump
applications. Owing to the low critical temperature of CO. (31.1°C),
properties like surface tension, liquid-to-vapour density difference, and
evaporation enthalpy, departs considerably from those of conventional
refrigerants at air conditioning evaporation temperatures. The primary
interest from a scientific point of view would therefore be to study

139
URN:NBN:no-2319



6 Test data and observations

evaporation heat transfer at near-critical temperatures, to see the effects of
these peculiar properties. Also, from an experimental point of view, it is
simpler to operate close to normal room temperature, since heat losses into
the test section become less of an issue, and water can be used as secondary
fluid. The use of water is practical, and it is also reduces experimental
uncertainty compated to other fluids, e.g. alcohols. Owing to the high heat
transfer coefficient of water, maximum resolution and accuracy is obtained
in the determination of refrigerant-side heat transfer coefficients. Focus of

the present study has therefore been on evaporating temperatures between 0
and 25¢C.

Other experimental parameters include mass flux (G), heat flux (9) and
vapour fraction (x). Relevant range was assumed for each variable, reflecting
the conditions of operation that are likely to be encountered in actual
compact evaporators. Vapour fraction was generally varied from slightly
above zero to almost one in each experimental series. Table 6.1 provides an
overview of the test condition range.

Table 6.1 Range of nominal test conditions

Parameter Symbol Unit Range
Mass flux G kgm-2s1 190 - 570
Heat flux g Wm=2 5,000 — 20,000
Evaporating temperature T °C 0-25

A few tests were conducted at higher heat flux than shown in the Table, see
Section 6.4.4. In total, 143 test points were recorded, one point being a
recording of heat transfer coefficient and pressure drop gradient at a
combination of the above parameters (x, G, ¢, T).

During a typical test, slightly subcooled CO2 was pumped into the preheater
section, where the liquid was partly evaporated to achieve the desired
vapour fraction at the test section inlet. In the test section, further
vaporization occurred by absorbing heat from the water. The test section
outlet vapour fraction was adjusted by water temperature and flow rate, in
order to get the desired mean vapour fraction. After the test section, the
two-phase flow entered the condenser, where the vapour was liquefied.

6.2.2 Change in vapour fraction through test section

In contrast to tests where local heat transfer coefficients are measured by
wall temperatures, the present test rig provided data based on mean values
for the test section length. As explained in Section 4.6.1, the mean value was
based on geometric length (“length-averaging”) of local x as shown by Eq.
(4.6). The change in x through the test section depended on heat flux and
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6.2 Heat transfer and pressure drop test program

mass flux, as well as evaporation enthalpy. Figures 6.1 and 6.2 show the
change in x from test section inlet to outlet at some typical test conditions.
The abscissa shows change in x below and above the mean point for the

test. As may be observed, the change in x (4x) is larger above the mean
value than below it. This is caused by the mean-value calculation scheme.
Since water flows in the opposite direction of CO: in the test section, the
necessary tube length is larger from the refrigerant inlet and up to the mean
point, than from the mean point to the outlet where the temperature
difference is larger. Due to the “length-averaging” procedure, the mean x
will be located nearer the refrigerant inlet. In reality, the degree of
“eccentricity” varies from test to test due to variation in water flow rate and

-temperature. In the present test program, the Ax above the mean value was

between 1% and 25% larger than the Ax below the mean. In the diagrams,

the average ratio of 16% difference was used.
800

-05 -04 -03 -02 -01 00 O1 02 03 04 05

X
Figure 6.1 Range of x in the test section below and above the mean value at varying
mass flux (G) and beat flux (q). Heat fluxc curves are shown for 5, 10 and 20 W nr2.

The evaporation temperature is maintained constant at 10°C

As may be observed from Figure 6.1, combinations of high heat flux and
low mass flux are not possible due to x becoming subcooled or superheated.
A similar effect can be seen in Figure 6.2 as the evaporation enthalpy drops
at higher temperature. The diagrams give some idea about the range of x
that is possible without entering the subcooled liquid or superheated vapour
region, depending on the operating conditions.
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6 Test data and observations
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Figure 6.2 Range of x in the test section below and above the mean value at varying

mass flux (G) and evaporating temperature (T). Temperature curves are shown for 5, 10
and 200C. The heat flux is maintained constant at 10 W nr?

6.3 Uncertainty of heat transfer coefficients

Uncertainty of the measured heat transfer coefficient has been calculated
based on data and principles from Chapters 4 and 5. Equation (5.1) can be
rewritten as

11 1( A,
—=—-R, -—| L 6.1
e U 7 ha(Ao} 6.1)
or
h, = ! "
L_Rcf_L i (62)
U h,| A,
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6.3 Uncertainty of heat transfer coefficients

whete

h, =h, (Re Pr) (6.3)

as defined by Eq. (5.29). Uncertainty data for U are given in Figures 4.12 to
4.14, and uncertainty data for 5, at varying Reynolds numbers are given in
Table 5.7. The uncertainty in Prandtl number and its influence on 4, is
negligible. On this basis, the uncertainty of the CO: side heat transfer
coefficient can be calculated from

5 2 1/2
Sh = {(;—Sau ) " (;Thého) ] (6.4

In Equation (6.4) and the following text, the CO2-side heat transfer
coefficient is designated with the symbol “/ “ without a subscript.

Figure 6.3 shows the relative uncertainty of / (in %) at varying level of
measured heat transfer coefficient and varying evaporating temperature, for
a heat flux of 10 kWm2 and a water mass flow rate of 0.05 kgs. As pointed
out in Chapter 4, most tests were carried out with this water mass flow rate.

50
40 -

30 A

oh/h, %

20 A

10

0 T T T
0 5000 10000 15000 20000
h, Wm2K"!

Figure 6.3 Relative uncertainty of CO; vaporigation heat transfer coefficient, at a heat
Sluse of 10 RW 2 and a water-side mass flow of 0.05 kg/s.
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6 Test data and observations

As may be observed, the relative uncertainty in measured vaporization heat
transfer coefficient is an almost linear function of the coefficient itself,
increasing from about £13% at a measured 4 of 5000 Wm2K-!, to almost
140% if the heat transfer coefficient is 15000 Wm2K!. Uncertainty
increases a bit with evaporating temperature. As shown by Figure 6.4, the
uncertainty is reduced when the heat flux is increased to 20 kWm2, giving a
typical uncertainty of £30% at 4/=15000 Wm2K:L.

50

40

30

Sh/h, %

20 A

10 A

0 5000 10000 15000 20000

h, Wm?K’'
Figure 6.4 Relative uncertainty of CO; vaporization heat transfer coefficient, at a heat
Sluse of 20 kW2 and a water-side mass flow of 0.05 kg/s.

Figure 6.5 shows the effect of varying water flow rate on the relative
uncertainty, for a temperature of 10°C and a heat flux of 10 kWm?2.
Increased water mass flow rate gives a noticeable increase in the uncertainty.

Increased relative uncertainty at higher 4 is caused by two primary reasons:

e As ) increases, the importance of water-side resistance becomes larger,
and thus also the importance of uncertainty in water-side resistance.
When /4 is high, the relative impact of 04, thus becomes very large.

e The influence of the constant uncertainty in temperature difference
between watet and CO2 becomes large when AT becomes small, i.e.
when 5 1s high. This effect was also observed in the uncertainty of U
shown in Figures 4.12 to 4.14.
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6.3 Uncertainty of heat transfer coefficients
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Figure 6.5 Relative uncertainty of CO; vaporigation heat transfer coefficient, at heat
Sluxe 10 &Wnr2, temperature 10°C, and water mass flow of 0.03, 0.05 and 0.10 kg/ s.

Uncertainty in 4 increases as the heat flux is reduced, because the constant
(absolute) uncertainty in ¢ becomes more important at lower heat flux.

In contrast to the U-uncertainty data, where OU/U was reduced at higher
evaporating temperature, 05/} instead increases with temperature. A higher
evaporating temperature leads to higher water temperature and higher
water-side Reynolds number (for a given water mass flow rate), which gives
larger uncertainty in the water-side heat transfer coefficient. This increased
uncertainty leads to increased uncertainty in 5 as well, since 5 1s the result of
subtracting the water-side resistance (1/4,) from the total resistance (1/U).

Experimental uncertainty for the heat transfer coefficient becomes very high
as the measured coefficient increases above 15,000-20,000 Wm=2K-1. Some
improvement may be possible by reducing the uncertainty of the fixed
resistance (mainly fouling), and/or by improving heat transfer on the water
side. The use of wall temperature measurement is not likely to give lower
uncertainty, as pointed out earlier. To a certain extent, large uncertainty
must therefore be accepted in this range of geometry and heat transfer
efficiency. Some of the nucleate boiling data at high temperature should be
considered as very uncertain, though.
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6 Test data and observations

6.4 Heat transfer results

6.4.1 Heat transfer at varying heat flux

Figure 6.6 shows test data taken at evaporating temperature T=10°C and a
mass flux (G) of 300 kgm?2s1. The heat flux (9) was varied between three
different levels; 5, 10 and 15 kWm=2. In this diagram, lines (“etror bars”) are
included, showing the range of x from the test section inlet to the outlet.
Since these lines make the diagrams difficult to read, they are omitted in the
remaining figures. The reader should keep in mind that all data points are
based on mean values for x and 4 in the test section, and consult Figures
0.1. and 6.2 for information on the actual range of x in each experiment.

20000
T=10
G =280
15000 F====--= o H
l———————:%:: ——————— |
- e A - —— 1
qz S B e RRARREELEEE
10000 ~ K
=
<
5000 - ——
B--q=10
-4&-q=15
0 T T T T
0,0 0,2 0,4 0,6 0,8 1,0

X

Figure 6.6 Measured heat transfer coefficient (h) at varying vaponr fraction (x), for heat
Sfluxes (q) 5, 10 and 15 kW nr?. Evaporating temperature is 10°C and mass flux: is
G=280 kgim?s.

Varying heat flux has a significant effect on heat transfer at low and
moderate vapour fraction, while the curves seem to fall closer together at
higher vapour fraction. This behaviour indicates a dominance of nucleate
boiling in the low/moderate vapour fraction region, and a dominance of
other mechanisms such as dryout or convective evaporation at higher x.
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6.4 Heat transfer results

Figure 6.7 shows test data taken at the same evaporating temperature
(10°C), but slightly higher heat fluxes 10 and 20 kWm=2, and a higher mass
flux of G=570 kgm?s'. The same tendencies as in Figure 6.6 can be
observed here. Again, the heat flux has a major influence on heat transfer at
low/moderate x, while the influence is quite small at higher x. Heat transfer
coefficients in the low x range are at the same level as in Figure 6.6, despite
the twice as high mass flux. This is another indicator that nucleate boiling
dominates at low x.

20000
B g T=10
D....____I_;} G =570
15000 -
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=
K
5000 -
0 T T T T
0,0 0,2 0,4 0,6 0,8 1,0

Figure 6.7 Measured heat transfer coefficient (h) at varying vapour fraction (x), for heat
Sfluxces (q) 10 and 20 £Wnr?. Evaporating temperature is 10°C and mass flux is
G=570 kgn?s'!. Results (a) and (b) are from different test series.

Figure 6.8 shows test data at G=280 kgm2s! and an evaporating
temperature of 20°C, 1.e. the same conditions as in Figure 6.6 but a higher
temperature. A higher temperature apparently gives higher heat transfer
coefficients, but the data points are too few to make definite comments on
the general tendency. Since the points are quite close even at a moderate x
around 0.4 it may seem like convective evaporation becomes dominant at a
lower vapour fraction than in Figure 6.0.
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Figure 6.8 Measured heat transfer coefficient (h) at varying vapour fraction (x), for heat
Sfluxces (q) 10 and 15 £Wnr?. Evaporating temperature is 20°C, and mass flux: is
G=280 kgnr?s!. Results (a) and (b) are from different test series.

6.4.2 Heat transfer at varying mass flux

Figure 6.9 shows the influence on measured heat transfer coefficient by
varying mass flux (G), at an evaporating temperature of 0°C and a heat flux
of g=10 kWm=2.

Varying mass flux and vapour fraction (both related to flow velocity) has
little or no influence on heat transfer over a wide range of x. At 0°C a drop
in heat transfer at x>0.6 1s observed for the highest mass flux.

In Figure 6.10, data are shown for the same conditions, but at a temperature
of 10°C. Both figures show how variation in mass flux and x has little or no
influence on heat transfer at low/moderate x, again indicating a dominance
of nucleate boiling. As observed before, the nucleate boiling heat transfer
coefficients increase with temperature, like shown when comparing Figure
6.9 and 6.10. The most striking observation is the sudden drop in heat
transfer coefficient at a vapour fraction of 0.5 to 0.7.
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6.4 Heat transfer results
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Figure 6.9 Measured heat transfer coefficient (h) at varying vapour fraction (x), for mass
Sfluxces (G) 190, 280 and 380 kgnr?s’. Evaporating temperature is 0°C, and heat flux

5 g=10 EWm.
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Figure 6.10 Measured heat transfer coefficient () at varying vapour fraction (x), for
mass fluxes (G) 190, 280 and 570 kgnr?s’. Evaporating temperature is 10°C, and
heat flux is g=10 W nr.
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6 Test data and observations

This behaviour is quite similar to the dryout effects observed by Hihara
(2000) and Sun and Groll (2001), referred to in Chapter 3. Increased mass
flux seems to move the onset of dryout to lower x, thus indicating that the
flow velocity may play a role in defining the inception of dryout. In Figures
6.11 and 6.12, the evaporating temperature has been further increased to 20
and 25°C, respectively.
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Figure 6.11 Measured heat transfer coefficient () at varying vapour fraction (x), for
mass fluxes (G) 280, 380, and 570 kgn?s'. Evaporating temperature is 20°C, and
heat flusc is g=10 RWpnr?. Results (a) and (b) are from different test serzes.

At these higher temperatures, the measured nucleate boiling heat transfer
coefficients become extremely high, and limitations in the test rig prevented
testing at lower vapour fractions than shown. Still the tendencies observed
in the earlier diagrams are present: Very rapid decrease in / beyond a certain
critical x, and earlier onset of dryout at higher G. From Figures 6.11 and
6.12 it seems like the mass flux has little or no influence on heat transfer
near the completion of dryout. Finally, the onset of dryout seems to occur at
lower x at higher evaporating temperature.
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6.4 Heat transfer results
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Figuve 6.12 Measured heat transfer coefficient () at varying vapour fraction (x), for
mass fluxes (G) 280, 380, and 570 kgnrs!. Bvaporating temperature is 25°C, and
heat flux is g=10 W nr.

6.4.3 Heat transfer at varying evaporating temperature

Figure 6.13 shows test data recorded at mass flux 280 kgm2s-'and heat flux
10 kWm2, with evaporating temperature ranging from 0 to 25°C. As may be
observed, heat transfer behaviour is a strong function of evaporating
temperature. In the low/moderate vapour fraction region, the nucleate
boiling heat transfer is strongly affected by the temperature level. Dryout
effects apparently play a much greater role as temperature increases; at 0°C
the heat transfer is almost constant independent of x, while at higher
temperatures the dryout effects become more and more dominant. Onset of
dryout is a function of temperature, apparently starting even below x=0.4 at
25°C. At high vapour fraction, the convection-dominated heat transfer
coefficients apparently become lower as temperatures increases. This may
be explained by reduced flow velocity at higher temperatures due to higher
vapour density, and possibly due to non-equilibrium effects caused by poor
heat transfer between vapour and droplets. Figure 6.14 shows the influence
of varying evaporating temperature at higher heat and mass flux: 4=20
kWm=2 and G=570 kgm2s-.
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Figuvre 6.13 Measured heat transfer coefficient (h) at varying vapour fraction (x), for
evaporating temperatures (T) of 0, 10, 20 and 25°C. Mass flux is G=280 kgrrs,
and heat fluxc is g=10 RWnr?. Results (a) and (b) are from different test series
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Figure 6.14 Measured heat transfer coefficient () at varying vapour fraction (x), for
evaporating temperatures (T) of 0, 10, 20 and 25°C. G=570 kgn?s', g=20 kW n?.
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6.4 Heat transfer results

At g=20 kWm2, there is a drop in heat transfer coefficient with increasing x
also at 0°C. The onset of dryout again seems to occur at lower x as the
temperature increases. In contrast to the curves in Figure 6.13, the heat
transfer coefficient at higher vapour fraction seems to fall into the same
range, regardless of temperature level. It should be remembered that the
uncertainty of the heat transfer coefficient is quite large in the range of
from 15,000 Wm=2K-' and up (Figure 6.4), where relative uncertainty
becomes larger than 30%.

Summing up the heat transfer test results, nucleate boiling dominates at
low/moderate vapour fraction, with heat transfer coefficients increasing
with heat flux and temperature. Dryout effects become more pronounced at
increasing mass flux and temperature, with dryout inception moving to
lower x. Post-dryout heat transfer is not much affected by heat flux and
mass flux, but low flow velocity (low G and/or high T) may give reduced
heat transfer due to non-equilibrium effects.

6.4.4 Heat transfer tests at constant inlet and outlet vapour fraction

Some tests were conducted in order to investigate the effect of varying mass
flux when both the inlet and outlet vapour fraction to the test section were
maintained constant. In order to achieve this, the heat flux also had to be
varied simultaneously. Two such test series were conducted, at conditions as
shown in Table 6.2, and results as shown in Figure 6.15.

Table 6.2 Test conditions in Figure 6.12

Series Xkt Noutt g, KWm-2 G, kgm2s! T, °C
A 0.3 0.9 9.5-252 189 - 552 10
B 0.0 0.9 14.0-41.6 185 - 574 10

Normally, the heat transfer coefficient would be expected to increase with
mass flux and heat flux, but the experimental data show that the coefficient
actually has a maximum around G=300 kgm2sl. The B series gives
somewhat higher coefficients, probably because a larger part of the heat
transfer takes part in the nucleate boiling region.

Again these results confirm that heat transfer deteriorates at higher mass
flux (and heat flux), most likely because of dry-out of the liquid film.
Increased liquid entrainment at higher mass flux may explain the negative
effect of higher flow velocity, and increased heat flux may also give more
entrainment caused by increased bubble transport and film turbulence.

153
URN:NBN:no-2319
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Figure 6.15 Measured mean heat transfer coefficient at varying mass flux and heat flux,

with constant test section inlet and outlet vapour fraction as indicated. Evaporating
temperature 10°C.

6.4.5 Nucleate boiling heat transfer

Figure 6.16 shows the measured relation between wall superheat and heat
flux based on test data where nucleate boiling is expected to dominate, i.e. at
low vapour fraction where heat transfer was not affected by varying G and
x. The wall supetheat AT is the difference between sutface temperature
inside the tube (T,) and the local refrigerant temperature (saturation
temperature, T,,). AT was estimated by the relation

AT:Q—QM=% 65)

As would be expected, the data points for a given temperature fall together
along a curve. Within a narrow range of heat flux and wall superheat, the
curve may be approximated by a linear relationship as shown. Also as
expected, increased boiling temperature gives smaller superheat for a given
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0.5 Pressure drop measurements
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Figure 6.16 Relation between heat flux and calenlated wall superbeat based on Eq.
(6.1), at evaporating temperature 0, 10, 20, and 25°C. Mass fluxc varies from 190 to
570 kgn?s'. Linear least-square regression lines are shown for 0 and 10°C

heat flux. Even though data points at each temperature and heat flux were
taken at mass fluxes varying over a wide range, they collapse into clusters of
data points in the diagram, thus confirming that the heat transfer
mechanism is more or less pure nucleate boiling, i.e. unaffected by varying
mass flux and convective evaporation. In most cases where several data
points are shown in one group, the range of mass flux is 280-570 kgm2s! or
190-380 kgm2s-1.

6.5 Pressure drop measurements

6.5.1 Pressure drop at varying mass flux

Figure 6.17 shows measured pressure drop at evaporating temperature 0°C
and heat flux 10 kWm2, i.e. based on the same test series as shown in Figure
6.9. The mass flux is varied from 190 to 380 kgm?s'. As expected, the
pressure drop is a strong function of mass flux and vapour fraction, both
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Figure 6.17 Pressure drop gradient (dp/ dz) at varying vapour fraction (x), for mass
Sfluxces (G) 190, 280 and 380 kgnrs. Evaporating temperature is 0°C, and heat flux
is g=10 _Wnr?.

characterizing the refrigerant flow velocity. When comparing the pressure
drop data to the heat transfer data of Figure 6.9 it is interesting to note that
although the pressure drop rises, there is not much gain in heat transfer by

1,0

increasing the mass flux due to the dominating role of nucleate boiling.

Figure 6.18 shows pressure drop data at 10°C, for the same heat flux and
mass fluxes, plus data at mass flux 570 kgm2s'. For given G and x, the
pressure drop is lower, due to the reduced vapour volume (higher saturation
pressure). Heat transfer data corresponding to this Figure are shown in
Figure 6.10. Again, the higher mass flux and pressure drop does not lead to
higher heat transfer. Dryout also sets in at higher x when G is reduced, thus

diminishing the negative impact of dryout.
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6.5.2

0.5 Pressure drop measurements
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Figure 6.18 Pressure drop gradient (dp/ dL.) at varying vapour fraction (x), for mass
Sfluxes (G) 190, 28, 380, and 570 kgn?s'. Evaporating temperature is 10°C, and heat
Slusc s g=10 EWnr?.

Pressure drop at varying heat flux

Figure 6.19 shows pressure drop test results at 10°C and 280 kgm2s! for
heat fluxes 5, 10, and 15 kWm=2 Apparently, heat flux does not have a
major influence on the pressure drop gradient. The results at 5 and 10
kWm2 fall on the same line, while there is a slight increase when the flux is
further increased to 15 kWm=2. The corresponding heat transfer data are

shown in Figure 6.0.

Figure 6.20 shows pressure drop data at a higher mass flux (570 kgm2s1).
The tendency is the same — varying heat flux does not have a major
influence on pressure drop gradient. Heat transfer data corresponding to
this diagram are shown in Figure 6.7.
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Figuve 6.19 Pressure drop gradient (dp/ dL) ar varying vapour fraction (), for mass
Sfluxes (q) 5, 10, and 15 kW2, T=100C, G=280 kgm?s.
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Figure 6.20 Pressure drop gradient (dp/ dL.) at varying vapour fraction (x), for heat
Sluxces (q) 10 and 20 RWnr2. T=100C, G=570 kgn?s'. Results (a) and (b) are from
different test series.
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0.5 Pressure drop measurements

6.5.3 Pressure drop at varying evaporating temperature

Increased temperature and saturation pressure gives reduced vapour
volume, and thereby reduced flow velocity. The pressure drop 1s therefore
reduced as temperature increases for a given heat and mass flux, as shown in

Figure 6.21 (G=280 kgms, 4=10 kWm2).
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Figure 6.21 Pressure drop gradient (dp/ d) at varying vapour fraction (x), for
evaporating temperatures (T) 0, 10 and 20 *C. Heat fluxc is 10 £Wnr? and mass flux
is G=280 kgn?s'. Results (@) and (b) are from different test series.

In summary, the pressure drop measurements show expected behaviour of
higher gradient at lower temperature, higher mass flux and increasing
vapour fraction. In most cases, the gradient does not increase linearly with
x, but shows a declining tendency at high vapour fraction, maybe because of

change in flow pattern.
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6 Test data and observations

6.6 Two-phase flow pattern studies

The present Section outlines the results from recordings of flow patterns
inside the glass test tube, using the equipment described in Section 4.9.
Forty-one recordings were made, at varying vapour fraction and mass flux.
Detailed observations and photos, as well as flow pattern charts, are
discussed in the following text.

6.6.1 Overview

In order to separate between the different flow patterns that were observed,
a classification system was used, as shown in Table 6.3. The degree of detail
that can be illustrated in flow regime charts is limited, and only the major
flow regimes are identified in the charts. In Table 6.4, however, the patterns
in most flow situations are characterized in some more detail, using the flow
pattern terminology of Table 6.3. The term “droplet” flow could have been
replaced by “mist” flow, but since the liquid droplets were quite large
compared to the tube diameter, the pattern did not associate well with
“mist” even though the droplets had a diameter only of a fraction of a

millimetre.
Table 6.3 Classification of flow regimes
Major flow regime Flow pattern
Stratified Smooth
Wavy
Intermittent Bubble
Elongated bubble
Slug
Annular Smooth
Wavy
(E) - With entrainment
Dispersed Bubble
Droplet

Table 6.4 shows the conditions at each of the recordings that gave useful
results. All tests except No 21 and 41 were conducted at an evaporating
temperature of 20°C. Text in zalkics indicate tests where conditions depart
from the “standard” of g=13 kWm2 and T=20°C.
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0.6 Two-phase flow pattern studies

Table 6.4 Outline of flow pattern tests

G, kgm- T, Flow
Test ’ Zs§ k\X%n*Z . é regime Flow pattern
1 252 0 19 0.13 Intermittent Elongated bubble
2 244 13 19  0.22 Intermittent Elongated bubble
3 259 13 20  0.23 Intermittent FElongated bubble
4 263 13 20 0.27  Intermittent Slug
5 274 13 20 0.29  Intermittent Slug
6 255 13 20 0.35 Intermittent Slug
7 266 13 20 045 Annular Wavy (E)
8 255 13 20 0.53 Annular Wavy (E)
9 248 13 20 0.58 Annular Wavy (E)
10 256 13 20 0.59 Annular Wavy (E)
11 263 13 20 0.63 Annular Wavy (E)
12 292 13 20 0.62 Annular Wavy (E)
13 266 13 21 0.82 Annular Smooth (E)
14 540 0 19 0.20 Uneertain: Annular/ Dispersed
15 584 12 20 031 Annular Wavy (E)
16 581 12 20 040 Annular Wavy (E)
17 529 12 20 0.52 Annular Wavy (E)
18 544 12 20 0.62 Annular Wavy (E)
19 522 12 20 0.77 Droplet
20 502 12 21 0.93 Droplet
21 229 12 -1 0.42 Annular Smooth (E)
25 99 0 20 0.23 Intermittent Elongated bubble
26 135 13 20  0.16 Intermittent Elongated bubble
27 93 13 20 0.58 Intermittent Slug
28 128 13 20 048 Intermittent Slug
29 109 13 20  0.78 Annular Smooth
30 119 13 20 0.87 Annular Smooth
31 115 0 20 0.78 Stratified Smooth
32 367 0 20 0.04 Intermittent Bubbly
33 360 13 20 0.12 Dispersed Bubble
34 371 13 21 0.56 Annular Wavy (E)
35 382 13 20 0.72 Annular Wavy (E)
36 378 13 20 0.84 Annular Wavy (E)
37 387 13 20 0.99 Droplet
38 398 13 20 098 Droplet
39 253 13 21 1.00 Droplet
40 557 13 21 1.08 Droplet
41 379 12 0 0.72 Annular Wavy (E)
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6 Test data and observations

6.6.2 Recordings at mass flux 250 kgm™s™

Figure 6.22 shows a picture of the flow pattern in Test 1, at a nominal mass
flux of 250 kgm2s-!, a vapour fraction of 0.13 and zero heat flux. Direction
of flow is from right to left, as shown by the arrow. The diameter of the
tube can be cleatly observed, and the length of the image is about 7.5 mm.
In this test, no heat load was applied to the flow in neither the preheater nor
the observation tube. The apparent upward inclination of the tube was
caused by the camera position being slightly out of horizontal. The tube was
hotizontal, however.

Figure 6.22 Flow pattern in Test 1(G=252kgm?s" , x=0.13, g=0)
Flow direction is from right to left

As may be observed from the picture, the flow regime was elongated bubble
or slug flow, with some smaller vapour bubbles in the liquid phase. In
general, the bubbles had a regular rounded front, and the interfaces were
quite smooth. According to Tong and Tang (1997), this flow pattern would
fall into a plug flow category due to the “staircase” hydraulic jumps at the tails
of the gas pockets. The elongated bubbles moved at a velocity of about 0.5
ms.

Figure 6.23 shows the conditions at a slightly higher vapour fraction
(x=0.22), this time with a heat load of 13 kWm2 applied to the observation
tube. In this case, the flow pattern could be described slug flow.

Figure 6.23 Flow pattern in Test 2 (G=244 kgm?s!, x=0.22)

162
URN:NBN:no-2319



6.6 Two-phase flow pattern studies

The addition of heat flux and a slightly higher vapour fraction gave a quite
different flow pattern. In this case, there was a large amount of smaller
vapour bubbles in the liquid phase, and the shape of the elongated bubbles
was quite irregular. The differences were clear at the front of elongated
bubbles, and in the annular film interface along the bubbles. The liquid film
was irregular, and large waves occurred on the film surface. These
irregularities were probably caused by bubble nucleation and growth along
the tube wall. In the lower right corner of Figure 6.23, the dark “patches”
along the tube wall are probably small vapour bubbles. On the recorded
images, these patches could be observed growing and entering the liquid
film. In the part of the film that was observed further up the sides of the
tube, bubbles could be seen growing in the film and collapsing at the vapour
interface. The elongated bubbles moved at a velocity slightly above 0.6 ms-1.
In some cases, the front of a liquid slug formed a rounded oblong front that
protruded into the vapour space, as shown in Figure 6.24

Figure 6.24 1.iguid front shape in Test 2 (G=244 kgpr’s!, x=0.22)

Figure 6.25 shows an image from Test 4, at a vapour fraction of x = 0.27.
The liquid slugs became less frequent at these conditions, and vapour
bubbles seemed to take up more of the liquid slug volume. In some periods,
the flow showed more of an annular/wavy flow pattern. Velocity of the
vapour plugs was about 0.7 ms' at these conditions. The liquid film was
very wavy in periods.

Figure 6.25 Flow pattern in Test 4 (G=263 kgm?s!, x=0.27)
“Large” droplet inside circle

Figure 6.25 also shows a further development of the phenomenon observed
in Figure 6.24. The front of the slug (in the right part of the picture)
developed a protrusion apparently moving in the centre of the tube. In
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6 Test data and observations

addition, a larger droplet of liquid that seemed to originate from this slug
was flowing in the vapour core about 2.3 mm in front of the slug (to the left
of the centre of the picture).

In Test 6 (x=0.35), the flow pattern became even more annular and wavy in
its nature, Figure 6.26. Slugs of liquid filling the entire diameter were now
very rare. It was difficult to judge from the images if stratification occurred,
ie. if the film was thinner in the top of the tube. Apparently, the upper part
of the tube had less liquid than the bottom, but it was often swiped by
waves extending to the top. These waves had a “sawtooth” shape, and liquid
droplets seemed to enter the vapour core from the tips of such waves. An
important feature of the flow pattern was the large amount of entrained
droplets, as well as larger drops of liquid. In Figure 6.26, a larger drop that
was torn off from the advancing wave can be observed in the centre of the
picture. The velocity of advancing slugs of liquid was around 0.7 ms.

Figure 6.26 Flow pattern in Test 6, with liguid drop torn off from wave front (G=255
kgm?s!, x=0.35). (The picture bas been processed to get a sharper image)

In Test 8 (x=0.53), the tendencies observed so far continued, as shown in
Figure 6.27. Now the flow did not have any slugs at all, and the flow pattern
was purely annular, possibly with more liquid in the bottom of the tube than
in the top. The waves in the wavy annular flow pattern had a marked
“sawtooth” or “rippled” shape. The liquid film seemed thinner than in
previous tests, and there was a visible difference in speed between the liquid
film, moving at about 0.6 ms! and the core flow, moving at about 1 ms-.
Considerable amounts of liquid was entrained in the core, with droplets of
varying size and larger drops having diameters around 0.2 to 0.4 mm, i.e. 20-
40 % of the tube diameter.

Figure 6.27 Flow pattern in Test 8 (G=255 kgm?s!, x=0.53)
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6.6 Two-phase flow pattern studies

The tendencies of ever more regular (although wavy) annular flow
continued as the vapour fraction was increased in Tests 9, 10 and 11. Figure
6.28 shows a typical situation from Test 11, at a vapour fraction of x = 0.63.

aaw Ll RN v ;
Figure 6.28 Flow pattern in Test 11 (G=263 kgnrs!, x=0.63)

The liquid film was continuously getting thinner as the vapour fraction
increased, and measurements on the recorded images indicated a film
thickness between the waves of less than 0.1 mm in test 11.

In Test 13, at a vapour fraction of x = 0.82, there was only an almost
mvisible liquid film in the lower part of the tube, as shown in Figure 6.29.
Small liquid droplets were entrained in the vapour flow, moving at about
1.1-1.3 ms'. The liquid film was moving at a quite low velocity, in the order
of 0.2 ms.

Figure 6.29 Flow pattern in Test 13 (G=266 kgn?s!, x=0.82)

Going back to Figure 6.11, it is clear that the major reduction in measured
heat transfer coefficient occurred around x=0.6 (0.5-0.7) for a mass flux of
280 kgm2s. Based on the observations in Figures 6.28 and 6.29, this range
of x give a dryout of (parts of) the liquid film on the tube wall, and a
transition to entrained droplet flow.
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6.6.3 Recordings at mass flux 550 kgm™s™

In Tests 14 to 20, the mass flux was increased to a nominal value of about
550 kgm?s-!, and the vapour fraction was varied over a similar range as in
the above tests. Figure 6.30 shows an image taken from Test 14, at a mass
flux of 540 kgm?s! and x=0.20. In this case, no heat flux was applied
neither in the preheater nor the glass tube.

Figure 6.30 Flow pattern in Test 14 (G=540 kgnrs', x=0.20, g=0)

Owing to the high flow velocity and the high turbulence inside the tube, it
was quite difficult to evaluate the flow pattern. In addition, the light was
concentrated by the liquid film, making the image less clear. Most likely, the
flow was annular, but with significant entrainment of liquid droplets in the
core, and with large waves on the liquid film surface.

Figure 6.31 shows a recorded image from Test 15, at a vapour fraction of
0.31 and a mass flux of 584 kgm?s!. The video film clearly indicated
annular flow with considerable entrainment in the cote flow. The entrained
liquid phase looks finely dispersed, and there is only a small amount of light
coming through the tube due to the scattering effect by the droplet mist. As
may be observed, the liquid film thickness on the tube wall was quite thin,
even at this moderate vapour fraction.

Figure 6.31 Flow pattern in Test 15 (G=584 kgn?s!, x=0.26)

Due to the high flow velocity, it was difficult to observe droplet movement
from one frame to the next with a recording rate of 4000 frames per second.
In the subsequent tests the rate was therefore increased to 8000 frames per
second. As a result, the number of image pixels had to be reduced by 50%.
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6.6 Two-phase flow pattern studies

At this higher recording rate, a significant difference in flow velocity could
be observed between the film on the wall and the entrained liquid droplets.
In Test 17 (x=0.52), the droplet speed was measured to about 2.2 ms,
increasing to about 2.4 ms- in Test 19 (x=0.77). Figures 6.32 and 6.33 show
the change in flow pattern between Test 17 and Test 19. In the first picture,
a very thin liquid film can still be observed on the tube wall, while in the
latter test, the liquid film seems to be concentrated mainly in the bottom of
the tube. A reduction in the amount of entrained liquid droplets can also be
observed.

Figure 6.32 Flow pattern in Test 17 (G=529 kgn?s!, x=0.52)

Figure 6.33 Flow pattern in Test 19 (G=522 kgnrs'!, x=0.77)

The heat transfer test data in Figure 6.11 indicates that dryout occurred at a
vapour fraction around 0.5, i.e. at conditions corresponding to the above
images. Again, it seems plausible that onset of dryout was caused by liquid
film thinning and removal due to entrainment.

Figure 6.34 shows the dramatic change in flow pattern that occurred when
the vapour fraction was raised to 0.93 in Test 20. In this case, the liquid film
completely dtied up and the flow pattern became entrained/droplet flow.
The droplet speed was measured to about 2.7 ms-!.
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Figure 6.34 Flow pattern in Test 20 (G=502 kgn?s!, x=0.93)

6.6.4 Recordings at mass flux 100 kgm™s™

Even though heat transfer measurements had not been conducted at mass
flux below 200 kgm<2s!, the flow pattern situation at low mass flux
conditions was of some interest. Flow pattern observations were therefore
made at a nominal mass flux of 100 kgm=2s!. Figure 6.35 shows an image
from Test 26, at G=135 kgm?2s! and x=0.16, with flow pattern in the
bubble regime. The vapour plugs moved at a velocity of only about 0.2 ms™
and bubble growth and detachment could therefore be cleatly observed for
the nucleate boiling occurring in the liquid phase. Bubbles typically detached
from the tube wall at a diameter of 0.12-0.15 mm

Figure 6.35 Flow pattern in Test 26 (G=135 kgns!, x=0.16)

An interesting observation in Test 26 was the appatent suppression of
nucleate boiling in the film under the vapour plug. In the above picture,
bubbles cannot be observed under the elongated bubble in the left part of
the photo. This phenomenon was also obsetved at higher vapour fraction,
as may be seen in Figure 6.36 from Test 28 at x=0.48. The liquid film flow
velocity was about 0.3 to 0.4 ms™!, but with quite some fluctuation. In the
left part of the picture, where the film is thinner, there are very few, if any,
visible bubbles.

168
URN:NBN:no-2319



6.6 Two-phase flow pattern studies

Figure 6.36 Flow pattern in Test 28 (G=128 kgn?s!, x=0.48)

Another observation in the G=100 tests was the apparent lack of entrained
liquid droplets. At this low flow rate, the relative velocity between vapour
and liquid may not be high enough to give significant (observable)
entrainment.

As the vapour fraction was increased beyond 0.5, the flow pattern stayed in
the annular regime, and vapour bubbles could generally be obsetved in the
film. By comparing images from tests 29 and 31, the effect of removing the
heat flux could be observed, Figure 6.37 and 6.38.

" T T ' ;

Figure 6.37 Flow pattern in Test 29 (G=109 kgn?s', x=0.78), g=13 kW

o

Figure 6.38 Flow pattern in Test 31 (G=115 kg, x=0.78), g=0

In test 29, the flow pattern was annular with a thin film towards the top of
the tube, and nucleate boiling in the film along the tube wall. In test 31,
however, the flow pattern was stratified, and no liquid film could be
observed on the sides of the tube. The row of drops on the tube wall could
not be easily explained, though. This may be lubricant from the COz supply
cylinder, or it may be evidence of the “rivulet flow” pattern found by

169
URN:NBN:no-2319
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Barajas and Panton (1993) for liquid/surface combinations giving large
contact angle.

6.6.5 Recordings at mass flux 380 kgm™s™

Finally, a series of tests were made at a nominal mass flux of 380 kgm2s-.
Figure 6.39 shows a bubble flow pattern at zero heat flux. This test was
made to check the correspondence between observed near-zero vapour
fraction and resulting calculated vapour fraction. Recorded/calculated x was
0.04, which shows good correspondence to the observed situation.
Obsetrved bubble velocity was 0.5 ms', and the calculated liquid flow
velocity at x=0 for the given mass flux was 0.473 ms-.

Figure 6.39 Flow pattern in Test 32 (G=367 kgnrs'!, x=0.04), with g=0
In test 33, at x=0.12, the flow pattern was dispersed bubbly flow, a regime

that was not observed in the other tests. Figure 6.40 shows the flow pattern
in Test 33.

AL AT P e |

Figure 6.40 Flow pattern in Test 33 (G=360 kgn?s', x=0. 12) .

6.6.6 Effects of reduced evaporating temperature

In order to get some indications on the effect of evaporating temperature,
two experiments (Test 21 and 41) were conducted at a nominal temperature
of 0°C. The nominal mass flux was 250 kgm=2s-! in Test 21, i.e. at conditions
comparable to Test 7 at 20°C, and the mass flux was 400 kgm?s in test 41,
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ie. at conditions comparable to Test 35 . An image from Test 21 is shown
in Figure 6.41. As may be observed, the flow was annular, with a quite
smooth liquid film having only small waves.

i >

Figure 6.41 Flow pattern in Test 21 (T=-1°C, G=229 kgn?s', x=0.42)

A few small entrained drops could be observed. The flow pattern fluctuated
quite a bit over the 1-second recording time, with a large variation in film
thickness, and fronts of liquid entering intermittently. This could have been
caused by flow instabilities in the test rig. The occurrence of liquid droplets
was also intermittent. Droplet speed was measured to about 2.5 ms, and
liquid film speed was about 0.3 ms!. Apparently, there was not much
bubble formation in the liquid film.

Compared to the flow pattern in Tests 6, 7 and 8 at similar x and G but at
higher temperature, the pattern was quite different. While Figures 6.26 and
6.27 showed very unstable liquid/vapour interface, and large entrained
drops, the reduced-temperature test had a much more stable smooth wavy
interface even though the vapour velocity and the slip velocity was more
than twice as high.

A similar comparison at higher mass flux gave the same tendencies. Figure
6.42 shows an image from Test 41 with a mass flux of 379 kgm?s! at a
temperature of 0°C (x=0.72), and Figure 6.43 shows the flow pattern at the
same G and x at 20°C. The liquid surface was smoother at the lower
temperature, the vapour core contained much less entrained drops/droplets,
and the droplets were generally smaller.

Figure 6.42 Flow pattern in Test 41 (IT=00C, G=37 kgn?s' 9, x=0.72)
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Figure 6.43 Flow pattern in Test 35 (IT=200C, G=382 kgnris’, x=0.72)

6.6.7 Control of x=1.0

Two tests, at G=250 and 550 kgm?s! were conducted in order to check the
correspondence between the observed situation where x should be close to
1.0 based on the images, and the measured equilibrium x based on heat
balance and measured mass flow rate in the test rig. Figure 6.44 shows a
recorded image from Test 40, at a mass flux of 557 kgm2s-!, and a measured
equilibrium x of 1.08. This correspondence was regarded as satisfactory.
Probably, the vapour was somewhat superheated and even though liquid
droplets could be observed, the equilibrium x was at or slightly above 1.0.
Measured droplet speed was about 2.5 ms-, and the calculated vapour flow
velocity for equilibrium x=1 was 2.74 ms-. The same procedure in Test 39
gave x=1.00, observed droplet velocity 1.1 ms-!, and calculated vapour flow
velocity 1.275 ms.

Figure 6.44 Flow pattern in Test 40 ( G=557 kgm?s', x=1.08)

6.6.8 Flow regime maps

A flow chart based on supetficial vapour and liquid flow velocity is probably
the most common type of diagram for showing two-phase flow pattern
obsetvations. Some charts of this type for ait/water flow in small-diameter
tubes are presented in Chapter 2. All observations at T=20°C and ¢=13
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0.6 Two-phase flow pattern studies

kWm? in the present study are shown in (superficial vapour and liquid
velocity) 7,/ ji-coordinates in Figures 6.45 (linear scale) and 6.46 (logarithmic
scale). In contrast to low-pressure systems, the range of vapour flow velocity
is quite limited due to the high vapour density, and a linear scale is probably
more appropriate than the more common logarithmic scale.

The series of tests at increasing x for a constant G can be seen as points on
diagonal paths in the linear diagram, with increasing vapour fraction from
upper left to lower right. Lines drawn into the diagram mark the
approximate location of transition between intermittent and annular flow,
and between annular and droplet flow. These lines are of course very
approximate, since transitions occur in a region and not at a specific point,
and since mote observations are needed to confirm the actual location of

the lines.
0,6
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0 O Annular
~ 051 ® Droplet
g + Dispersed
20,4 -
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0,3
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0,2
A 'e) ¢
0,1
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Figure 6.45 Flow pattern observations plotted against vapour and liguid superficial
velocities in linear scale. Conditions: D=0.98 mm, T=20:C, g=13 kWnr.

Kattan et al. (1998a) preferred a more practical or “useful” representation of
the flow chart, with x as abscissa and G as ordinate. Thus, the development
of flow pattern along an evaporator tube for given G could be easily
obsetved. The present observations are shown in x/G-coordinates in Figure
6.47, including approximate lines of transition. Again, more observations
would be needed to have a firm basis for locating the transition lines.
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Figure 6.46 Flow pattern observations plotted against vapour and liguid superficial
velocities in logarithmic scale. Conditions: D=0.98 mm, T=200C, g=13 kW nr.
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Figure 6.47 Flow pattern observations plotted at varying vapour fraction and mass flux,
including approximate transition lines. D=0.98 mm, T=20°C, g=13 kW nr2.
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0.6 Two-phase flow pattern studies

Both diagram types above show the dominance of annular flow in the tested
system, and Figure 6.47 shows how intermittent flow becomes less
dominant at increasing mass flux, while mist/droplet flow (post-dryout)
becomes more important. Stratified flow was not observed in tests at the
above conditions (20°C), even at the low mass flux of 100 kgm2s-1.
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7. Analysis and discussion of
results

7.1 Nucleate boiling heat transfer

7.1.1  Conditions for Onset of Nucleate Boiling (ONB)

Results shown in Chapter 6 indicate a clear dominance of nucleate boiling
heat transfer at low/moderate vapour fractions, up to the onset of dryout.
As explained in Section 2.5.3, the threshold conditions for onset of nucleate
boiling (ONB) can be predicted, using the model of Frost and Dzakowic
(1967), Eq. (2.38).

Figure 7.1 shows results from calculations for CO2 based on this model, at
three saturation temperatures: -10, 0 and 10°C, giving predicted regimes of
nucleate boiling and heat transfer without boiling. The diagram shows
threshold conditions for ONB at varying surface superheat. For a given wall
superheat (L.e. given wall temperature since T}, is constant), the lines show
the maximum heat flux that allows nucleate boiling. More relevant is the use
of the diagram for a given heat flux, where the lines show minimum wall
superheat required for ONB. Thus, ONB is favoured by increasing
superheat.

As may be observed, a very low wall superheat is required for ONB at the
heat flux levels of the present study (5-25 kWm2). A wall superheat of 0.1-
0.2 K is only a small fraction of the actual wall superheat found in the test
data, and conditions should therefore be well beyond those required for
ONB in most if not all experiments.
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Figure 7.1 Predicted conditions for onset of nucleate boiling (ONB) in CO», based on
the model of Frost and Dzakowic (1967).

Analysis of nucleate boiling results

Experimental data for heat transfer dominated by nucleate boiling are
presented in Section 6.4.5 (Figure 6.16). This heat transfer mechanism plays
an important role in CO: flow vaporization at the tested range of
temperature, and these data are therefore analysed in some detail in relation
to other published data and in comparison to nucleate boiling correlations.

In Figure 7.2 the low-x heat transfer data of Hihara and Tanaka (2000) are
shown together with data from the present study. Hihara and Tanaka (2000)
conducted experiments with constant heat flux on a 1 mm ID stainless steel
tube at 15°C evaporating temperature. Their results follow the same trend as
in the present experiments, but at a lower level. By interpolating between
the 10°C and 20°C data from the present study, and drawing a line through
the data points at this temperature, a comparison can be made to the data of
Hihara and Tanaka (2000). The result is that the data of Hihara and Tanaka
generally have about 30% lower heat flux for a given wall superheat, 1e.
about 30% lower heat transfer coefficient.
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Figure 7.2 Nucleate boiling beat transfer data of the present study at varying
temperature (1,C),and data taken from Hihara and Tanaka (2000) for ID=1mm
electrically heated tube at 15°C evaporating temperature

There are numerous possible reasons why the data are different, including
experimental uncertainty, influence of convective heat transfer, differences
in heat supply and wall temperature conditions (electric heating instead of
fluid heating), tube surface properties, confinement effects, and presence of
small lubricant concentrations. Hihara and Tanaka (2000) used a stainless
steel test tube that may have surface properties that differ from those of
aluminium, and their test loop had a compressor. Thus, small amounts of
lubricant could influence their experimental data. These effects are known
to have a significant influence on nucleate boiling.

Heat transfer data dominated by nucleate boiling have also been extracted
from test data published by Yun et al. (2001) for flow boiling in a 6 mm ID
tube at 5°C, Figure 7.3. Again, the values are in the order of 30-40% lower
than in the present study, but the data also gives a slightly different slope of
the g/AT-cutve. The above comments regarding differences are relevant
also in this case, except for the lubricant issue since this system used a pump
that did not introduce lubricant into the test circuit. A few data points from
unpublished test data of Pettersen (2001) in a 2.5 mm ID stainless steel tube
are also shown in Figure 7.3. These data were taken at 0°C in a fluid-heated
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Figure 7.3 Nucleate boiling heat transfer data of the present study at varying
temperature (T,°C),data taken from Yun et al. (2001) for ID=6mm electrically heated
stainless steel tube at 5°C evaporating temperature, and data for ID=2.5 mm fluid-
heated test tube at 0°C.

test section. As may be obsetved from the diagram, the data points fall quite
close to and somewhat above the ID=0.81 mm results at 0°C from the
present study. This indicates that confinements effects are not significant.

The experimental data of Koyama et al. (2001) indicates a heat transfer
coefficient of approximately 22 kWm=2K-! for nucleate boiling-dominated
heat transfer at a heat flux of 31.2 kWm?2 at 10°C (4.5 MPa saturation
pressure) in a ID 1.79 mm electrically heated tube. This corresponds to a
temperature difference of 1.4 I, and the data of Koyama et al. (2001) thus
correspond well to the level in the present tests. The test system of Koyama
et al. (2001) circulated COz in an open circuit from a storage cylinder with
discharge into the atmosphere, and lubricant effects should thus not be
present.

In summary, data from other tests give coefficients that are in the same
range as in the present experiments, and it is not possible to conclude if the
data are consistently lower or higher than data from others. Figure 7.4
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shows the present test data together with lines of constant heat transfer
coefficient. The nucleate boiling test data cover a range of heat transfer
coefficient from about 10000 Wm=2K! to almost 30000 Wm=2K-'. The
experimental uncertainty in this range of heat transfer coefficient is quite
high with any test method. From Figures 6.3 to 0.5, the uncertainty in the
ptesent test tig is more than £25% at these high coefficients. Thus, it is not
possible to draw clear conclusions based on differences in level of about
1+30% compared to the very limited data published by others.

30
0 T=0 h=25000
L To10 - h=20000
25 o T=20 %
X T=25
Linear (T = 10)
20 1 | linear T=0) h=15000
o
S
2z 15
o
h=10000
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5 —
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0 0,5 1 1,5 2

Wall superheat, K

Figurve 7.4 Lines of constant heat transfer coefficient (h) shown in relation to
experimental data from the present tests

7.1.3  Correlation of nucleate boiling data

Experimental data from tests dominated by nucleate boiling (Figure 6.16)
have been compared to the pool boiling correlations discussed in Chapter 2.
Figure 7.5 shows the percent deviation between experimental and calculated
heat transfer coefficients based on the Cooper (1984) correlation (Eq. 2.40).
The test data are the points shown in Figure 6.16 and in Section 6.4.5. From
the data points in this and later diagrams it may seem like there 1s some
systematic “declining” tendency within each group of points at a given
temperature, but it has not been possible to identify any plausible reason
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why this should be the case. For all the data points in Figure 7.5, the Cooper
correlation predicts lower heat transfer coefficient than measured, and the
average deviation is —28%. There is no clear general tendency regarding
effects of temperature level, and the deviation seems to be of the same
magnitude at all the tested temperatures. The single point at the highest
temperature (25°C) shows largest deviation, and this is also the point with
largest experimental uncertainty. It is interesting to note that the Cooper
(1984) correlation seem to agree well with the data of Hihara and Tanaka

(2000).
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o\‘: 10 - AT=20 o0T=25
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Figure 7.5 Deviation (in %) between experimental data in the nucleate botling region
and calculated pool botling heat transfer using the Cooper (1984) correlation (Eq. 2.46)

Comparison of experimental data to the Borishanski (1969) correlation (Eq.
2.39), using fluid-constant and reduced-pressure functions of Mostinsky
(1963) (Egs 2.40 and 2.41), gave an average deviation of 60.2%. This 1s an
unacceptably large deviation.

By replacing the reduced-pressure function of Mostinsky (1963) with the
model of Bier et al. (1976) (Eq. 2.42), the deviation was reduced
considerably, Figure 7.6. Owing to the different shape of F(p) at high
reduced pressure (Figure 2.9), the coefficients calculated based on Bier et al.
(1976) are much closer to the experimental data, with an average deviation
of —7.6 % and a mean deviation of 8.8%. The Bier et al. (1976) reduced-
pressure function was developed using experimental data over a full range
of reduced pressure, including points at p, —1. With this function, the
correlation of Borishanski (1969) gave better correspondence to the present
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COz data, which were taken at reduced pressures ranging from 0.47 at 0°C
to 0.87 at 25°C.

A comparison was also made to pool boiling coefficients calculated with the
correlation of Gorenflo (1993), Egs. (2.43) to (2.45), using reference heat
transfer coefficients (4) of 5100 and 4170 Wm2K-, respectively, as
explained in Chapter 2. Results from the comparisons are shown in Figures
7.7 and 7.8.

In Figure 7.7, using the 5100 coefficient, the correlation on average predicts
31.5 % higher heat transfer coefficient than the experimental data, a rather
surprising result considering the general tendency of underprediction
observed so far, and the well-established basis for the Gorenflo (1993)
correlation. By replacing the reference heat transfer coefficient with the
4170 coefficient, however, the situation improves, as may be observed in
Figure 7.8. In this case, the average deviation is reduced to 7.6%, and the
mean deviation to 7.9%. Among the tested pool boiling correlations, this
model gives best correspondence to the present test data.

As outlined in Section 2.5.6, a special correlation for nucleate flow boiling in
small-channels was developed by Tran et al. (1997) Eq. (2.65), using
experimental data for fluorocarbon refrigerants. The confinement number
(Nuwy), Eq. (2.2) was believed to be significant for small-channel boiling,
accounting for bubble size in relation to channel size. The confinement
number for CO: boiling in a 0.81 mm ID tube at varying temperature is
shown in Figure 7.9. Based on the criterion that confinement effects
become important for N,y > 0.5, boiling at temperatures below 22.5°C
could be influenced by channel size for this particular diameter.

Using regression based on their experimental data, Tran et al. (1997) found
the three coefficients ¢, > and ¢ in Eq. (2.65), arriving at the following
correlation:

0.297
Nu = }23 =770 (Bo -Re, - N ,,, )“""2[&) (7.1)
P

i

where Re; is the liquid Reynolds number based on the superficial liquid
velocity, tube diameter, and liquid viscosity. Figure 7.10 shows the deviation
between the present experimental data and Eq. (7.1), using the same data
points as in the earlier figures. Eq. (7.1) with the coefficients derived by
Tran et al. (1997) does not predict the heat transfer coefficients of COz in
nucleate boiling well, and the model gives calculated coefficients
significantly above the test data. The correlation also fails to predict the
relative change in heat transfer coefficient at varying temperature level, thus
giving an increasing deviation as the boiling temperature drops. This
confirms the observation made by several investigators, who have
concluded that nucleate boiling heat transfer correlations need to account
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Figure 7.6 Deviation (in %) between experimental data in the nucleate botling region
and calculated pool boiling heat transfer using the Borishanski (1969) correlation and the
Bier et al. (1976) reduced-pressure function
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Figure 7.7 Deviation (in %) between experimental data in the nucleate botling region
and calculated pool botling heat transfer using the Gorenflo (1993) correlation with a
reference heat transfer coefficient of 5100 Wnr?K'!
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Figure 7.8 Deviation (in %) between experimental data in the nucleate botling region
and calculated pool boiling heat transfer using the Gorenflo (1993) correlation with a

reference heat transfer coefficient of 4170 Wn?K'!
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Figure 7.9 Confinement number (Eq. 2.2) for CO;z nucleate flow boiling in 0.81 mm

1D tube.
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7 Analysis and discussion of results

for varying (reduced) pressure in order to reproduce the physics of the
boiling process. The correlation of Tran et al. (1997) does not have the
necessary features for prediction of nucleate boiling heat transfer over a
wide range of conditions.
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Figure 7.10 Deviation (in %) between excperimental data in the nucleate boiling region
and caleulated “confined” nucleate flow boiling heat transfer using the correlation of Tran
etal. (1997), Egq. (7.1)

Based on the above comparison of current test data to other published data
and to various pool boiling correlations, the situation is evaluated as follows:

e Compared to published data from other studies, the measured
heat transfer coefficients in the region dominated by nucleate
boiling seem to be comparable or somewhat high in the present
study. A conservative assessment would be to conclude that the
present coefficients are about 30% higher than the “average” level
from other studies.

e Nucleate boiling heat transfer correlations with “reduced-
pressure” features reproduce the experimental data in a
satisfactory way. The correlation of Gorenflo (1993) with a
reference coefficient of 4170 Wm?2K! gives the best
correspondence to test data, while the Cooper (1984) correlation
predicts about 30% lower coefficients. Again, a conservative
approach would be to use the Cooper correlation in heat transfer
models.
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e The small-diameter nucleate boiling correlation of Tran et al.
(1997) did not fit the present experimental data, and also fails to
follow the observed trends at varying temperature.

7.2 Convective evaporation

As outlined in Section 2.5.2, Kattan et al. (1998b) proposed a correlation for
convective evaporation in annular flow using a turbulent single-phase model
with coefficients adapted to their test data. Since annular flow is a
dominating flow pattern in pre-dryout vaporization of CO: in
microchannels, this model may also be adapted to CO» Although the
exponents and coefficients of Eq. (2.34) may have to be adjusted to CO-
results, a first approach would be to use this model for convective heat
transfer in annular flow. In a more refined model, the effect of entrainment
and onset of annular flow will have to be accounted for.

Figure 7.11 shows calculated local convective coefficients for COz at two
temperatures (0 and 20°C) and two mass fluxes (200 and 600 kgm=2s1),
based on Eq. (2.35). Film thickness was estimated using the void fraction
correlation of Rouhani and Axelsson (1970, Eq. (2.33), neglecting
entrainment.

In practice, film dryout will occur before the convective heat transfer
coefficient reaches the very high values at x beyond 0.7-0.8, especially at
high mass flux and high temperature. Nevertheless, the above data provide a
basis for a model of combined nucleate and convective heat transfer in the
annular flow regime up to the critical x.

Depending on the relative magnitude of convective evaporation and
nucleate boiling heat transfer, it may be necessary to check for possible
suppression of nucleate boiling. By using an asymptotic model (Eq. 2.28)
the contributions from nucleate boiling and convective evaporation can be
combined into a total pre-dryout heat transfer coefficient. Figure 7.12 shows
calculated coefficients at 0°C using an asymptotic model with #=3, and the
Cooper (1984) correlation for nucleate boiling (Eq. 2.406).

At the lower mass flux the predicted effect of the convective heat transfer is
quite small, while at higher mass flux the convective contribution is
significant. In practice, dryout is likely to occur from a vapour fraction of
0.7-0.9. A heat transfer coefficient of 25 kWm2K-"' corresponds to a wall
superheat of 0.4 and 0.8K at 4=10 and 20 kWm2, respectively. From Figure
7.1, this wall superheat is well beyond the requirements for ONB, and
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Figure 7.11 Calcnlated convective empom)lgon heat transfer coefficient in annular flow
(without entrainment) in 0.81 mm 1D tube, based on the correlation of Kattan et al.
(1998b) (Eq. 2.34), for combinations of mass fluxc G (in kgn?s7)
and saturation temperature T (in °C).
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Figure 7.12 Calcnlated vaporization heat transfer coefficient (not considering dryout)
using asymptotic model (Eq.2.29) with n=3, and nucleate boiling and convective
evaporation heat transfer coefficients from Equations (2.46) and (2.34), respectively.
Conditions: T=00C, D=0.81 mm, G=200 and 600 kg5, g= 10 and 20 kW 2.
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suppression of nucleate boiling is not likely to occur. This situation may
change at lower temperature and higher mass flux, however.

Predictions using the above model for vaporization heat transfer in the pre-
dryout regime are compared to the local measurements of Hihara and
Tanaka (2000) in Figure 7.13.
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= ,. | [Heot flux 9kW /m? ¥~ Calculated
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Figure 7.13 Calculated pre-dryout heat transfer coeffeient using the asymptotic model
explained above, compared to test data points of Hibara and Tanaka (2000).
Conditions: D=1mm, T=15°C, g=9 kWnr?, G=360 and 720 kgm?s'.

The level and trends of the model give reasonably good correspondence
with the local heat transfer test points of Hihara and Tanaka (2000). For the
highest mass flux, the convective contribution seems to be a bit
underpredicted, though.

7.3 Dryout

7.3.1 Analysis of results

Nearly all the heat transfer experimental data shown in Chapter 6 are
affected by dryout, particulatly in tests with high mass flux and/or at high
evaporating temperature. Even though the experimental rig did not allow
true local measurements of heat transfer coefficient at varying vapour
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fraction, the tendencies are clear, and even the “averaged” coefficient is
sensitive enough to show the significant drop at increasing x.

It is possible to identify approximate x before onset and after completion of
dryout for some of the test series shown in Chapter 6. In this way, the range
of x where dryout occurs can be bracketed. Figure 7.14 shows results taken
from Figures 6.7 and 6.10, at evaporating temperature 10°C and heat flux 10
and 20 kWm?2, respectively. As may be observed from the diagram, dryout
occurs at lower vapour fraction as the mass flux increases, and although
only one observation 1s shown at the high heat flux, there also seems to be
some effect of increasing ¢g. Unfortunately, most test seties in Chapter 6 did
not allow this type of observation, because the data did not show
completion of dryout, or the rig could not be operated at low enough x, or
the data points were too few.
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Figure 7.14 Vapour fraction before and after dryout as observed in present tests at
10°C, compared to x giving onset of dryout in the excperimental data of Hihara and
Tanaka (2000) in a 1mm 1D tube at 15°C.

The local heat transfer measurements of Hihara and Tanaka (2000) in a 1
mm tube at 15°C allow accurate determination of the onset of dryout. Data
taken from the published diagrams of Hihara and Tanaka (2000) are
included in Figure 7.14 to serve as reference data. The same general
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tendency can be observed, although data from the present tests indicates
eatlier onset of dryout and larger dependency on heat flux. Considering the
somewhat higher temperature level and the slightly larger tube diameter in
the tests of Hihara and Tanaka (2000), dryout would be expected to occur
earlier than in the present tests.

There are a number of possible reasons for differences in dryout x. Heat is
supplied with different methods in the two rigs, with Hihara and Tanaka
(2000) using electric resistance heating in the tube wall. Upstream flow
history is also known to play a role, especially with subcooled inlet as in the
case of the Hihara/Tanaka system. Another possible source of difference is
effects of flow maldistribution between the parallel channels in the present
tests. Tube surface characteristics are also known to play a role. Tong and
Tang (1997) refer to experiments conducted by Jansson et al. (1963),
showing considerable reduction in CHF at high vapour fraction as the
surface roughness was increased. Roughening of the heated surface was
believed to increase the liquid re-entrainment in annular flow, thus reducing
the film thickness and reducing the CHF.

Finally, flow instabilities and flow oscillations give reduced critical heat flux
and lower critical vapour fraction for a given heat flux. Two-phase flow in
parallel channels as in the present test section is known to give flow
oscillations. Umekawa et al. (1999) showed that the critical heat flux is
significantly reduced due to the periodic dryout and rewetting that occurs
under oscillatory flow conditions. Compared to the single test tube of
Hihara and Tanaka (2000), where the flow is more stable, the present
“multi-channel” test tube is likely to give earlier onset of dryout. Even
though the flow oscillations give an uncontrollable test parameter, the
results from the present test tube should be closer to the behaviour in a real
heat exchanger.

7.3.2 Correlation of dryout results

Section 2.3.7 discusses methods for predicting onset of dryout in forced
convection vaporization. In principle, the methods shown by Govan et al.
(1988) and Hewitt and Govan (1990) have the potential to predict dryout
accurately, by modelling the mechanisms of film evaporation, droplet
entrainment and depostion along the tube. These methods are important in
analysis of dryout phenomena and in the development of predictive tools.
In relation to heat transfer correlations for engineering evaporator design
purposes, however, methods that require detailed modelling and integration
of the two-phase flow along the tube from inlet to dryout conditions may
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become too complex. The second best solution is then to use empirical
correlations that can predict critical x based on flow parameters, geometry
and operating conditions.

In absence of a general dryout prediction correlation for a wide range of
fluids, the only available option is to use dryout data for water systems and
to convert those data to COz by a scaling method. As shown in Chapter 2,
Ahmad (1973) devised a fluid-to-fluid scaling method that may be used.
Figure 7.15 shows calculated dryout data for CO», based on the water data
of Kon’kov (1965). Cutves for temperatutes 0/10°C and heat flux 10/20
kWm2 are shown. The “error bars” show predicted onset of dryout at the
top of the tube (low x) and at the bottom (high x).
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Figure 7.15 Predjcted onset of dryout at varying mass fluxc in CO; evaporator tube with
ID 0.81 mm and temperature/ heat flux: as shown. Based on water dryout data by
Kon’kov (1965) and scaled to CO» by the method of Abmad (1973). Error bars show
predicted dryout at top and bottom of tube (Auracher et al., 1993).

The curves follow the general trend observed in the tests, and as expected
the dryout occurs earlier at higher evaporating temperature. The model of
Kon’kov (1965) also predicts some influence of heat flux. Noticeable
stratification effects giving different dryout in top and bottom of the tube
are predicted only at low mass flux levels. This factor is somewhat
questionable, though, since stratification is not well predicted by a Froude
number parameter only, which is the basis for this model (Eq. 2.17 to 2.20).
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In addition, the correlation of Kon’kov (1965) is only valid for tube
diameters above 4 mm.

Use of the Ahmad (1973) method is also questionable for this range of
parameters, considering the limitations shown in Table 2.2. The density ratio
limit of 0/, < 7 testricts the method to CO; saturation temperatutes
below 7°C, and the minimum value of the scaling factor ( of 5 restricts the
method to very high mass flux levels (from about 1300 kgm?s! and up),
owing to the small tube diameter in the present study. Another restriction is
the vapour fraction at channel inlet, which is specified to negative values, 1.e.
subcooled inlet. Inlet conditions to the test section are always at positive x
in the present study, even though the preheater has a subcooled inlet.
Finally, the test section tube length/diameter ratio of 620 is well above the
maximum limit of 310 in Table 2.2.

Thus, both the water data and the scaling method are extended well beyond
their intended range, and high accuracy of prediction can therefore not be
expected. Figure 7.16 shows a comparison between predicted dryout and
observations from the test data.

1,0
0,9 1
0,8 A

0,7

0,6

0,5 1

Xcrit

T=10/q=10

{
0,4 g
03 | [T=07a=20]
7=10/9=20]

T=10/g=-20
0,2 A
0 1 4 —<—q= 10
' —A—q =20
0,0 T T T
0 200 400 600 800

G, kgm?s™

Figure 7.16 Dryout observations from test data compared to predicted dryout curves at
10°C from Figure 7.15.

The observed range of x at dryout corresponds reasonably well to the
predictions, especially at 10°C, but the general tendency seems to be that
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dryout occurs earlier than predicted. One issue in relation to the level of the
predicted curves is the use of two alternative formulations for the Ahmad
(1973) scaling factor . As shown by Equations (2.12) and (2.13) the scaling
factor can be calculated using a Weber-Reynolds number or a Barnett
number, which is supposed to give similar results. Figure 7.17 shows that
this is not the case, and the choice of formula has a major effect on the
dryout prediction. Results so far have been based on the We-Re factor (Eq.
2.12).
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Figure 7.17 Dryout predictions at T=10°C and g=20 &W nr? using Kon’kov (1965)
waler data and Abmad (1973) scaling factor based on Weber-Reynolds number (Egq.
2.12) and Barnett number (Eq. 2.13).

The Barnett number method was originally introduced as a simplification
due to scarcity of surface tension data, and since saturation density data
were more readily available for various fluids. Consulting the paper of
Ahmad (1973), it is clear that the scaling parameter should preferably be
based on the We-Re-group. It 1s then a paradox that in all literature, the
Barnett number method has been established as the only approach. It may
be noted that Barnett number scaling gives improved correspondence
between measured and predicted x at dryout in the present tests. In
comparison to the dryout data of Hihara and Tanaka (2000) however, the
We-Re-method provides the best prediction at high mass flux, even though
the predicted x;, values at moderate and low mass flux are too low, as shown
by Figure 7.18.
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Figure 7.18 Predicted dryout x for flow at varying mass flux at 15°C in a 1 mm 1D

tube, using Kon’kov (1965) and Abmad (1973) method, compared to experimental
dryout data from Hibara and Tanaka (2000)

In the above results, all predictions were made using the Kon’kov (1965)
empirical dryout correlation for water. Figure 7.19 shows the effect of
replacing this correlation by the model of Levitan and Lantsman (1975) for
critical x in vaporization of water (Eq. 2.21). A correction is done for the
change in diameter from 8 mm to 1 mm as explained in Chapter 2. The
Levitan and Lantsman (1975) correlation does not include any effect of
varying heat flux. Although the prediction curves follow the trend of the
experimental data in a better way than above, the predicted level of dryout x
is too high.

Provided that the experimental data of Hihara and Tanaka (2000) can be
trusted as being typical of dryout behaviour of COz in microchannel flow, a
simple correction can be made to the Levitan and Lantsman (1975)
correlation by reducing the constant term from 0.39 to 0.24. The adapted
equation for water dryout thus becomes

2 3 G -0.5
x, =[024+157 £ |-204 £ | +0.68 £ | | = (7.2)
08 98 98 | [ 1000
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Figure 7.19 Predicted dryout x for flow at varying mass flux at 15°C in a 1 mm 1D
tube, using Levitan and Lantsman (1975) dryout data for water and the Abmad
(1973) scaling model, compared to excperimental dryout data from Hibara and Tanaka
(2000)

The fit to experimental data (using the We-Re-group in the scaling) is then
improved, as shown in Figure 7.20. Even though the adapted equation may
seem like a good choice for prediction of CO: dryout, the range of
equivalent mass flux is partly below the range for the Levitan and Lantsman
(1975) correlation, and until more dryout data for CO2 becomes available
this model should be used only if the predictions can be checked.

Some general CHF prediction methods from literature were also tested in
relation to the available data. The correlation of Katto and Ohno (1984),
which is regarded as the best generalized model, predicts the critical heat
flux as

hl,sat - hin
4. =4q.,|1+K r— (7.3)
Iv

where ¢, 1s the critical heat flux at zero subcooling at the tube inlet
(saturated inlet), K is a non-dimensional parameter, and (b - hi) is the
amount of inlet subcooling expressed as enthalpy difference. CHF for satu-
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Figure 7.20 Predicted dryout x for flow at varying mass flux at 15°C in a 1 mm 1D
tube, using Eq. (7.2) and Abmad (1973) scaling model (based on We-Re), compared to
experimental dryout data from Hibara and Tanaka (2000

rated inlet (g.) is estimated based on vapout/liquid density ratio, liquid
Weber number, L/D, mass flux, and enthalpy of evaporation. The upper
curves in Figure 7.21 shows predicted x, for saturated inlet, using the
correlation of Katto and Ohno (1984). Since the heat flux is a given
parameter in the experiments, the boiling length L is varied with mass flux,
and the critical x is found at the length that gives 4,=¢. The lower curves
were obtained by extrapolating the inlet condition into the saturated region,
Le. using a negative enthalpy difference in Eq. (7.3). Neither of the two
methods reproduce the observed behaviour. Results similar to the lower
curves in Figure 7.21 were obtained by using the CISE dryout correlation
(Bertoletti et al., 1965). The general CHF correlation of Shah (1987), and the
lookup table method of Groeneveld et al. (1986) were tested as well, but
these methods also failed to reproduce the observed dryout behaviour in the
CO:s tests.

In summary, the only practical method for estimating dryout x seems to be
by scaling of water data using the Ahmad method. Future experiments on
CO- dryout and/or development of advanced two-phase models for CO;
flow may change this. The best fit to present data was obtained using the
Barnett number in the Ahmad scaling factor.
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7.4 Post-dryout heat transfer

Heat transfer coefficients measured in the present study are not truly local,
since they result from averaging over the length of the test section. Thus, no
data were measured that enable a detailed discussion of local post-dryout
heat transfer coefficient. Some trends may be observed in the test data of
Chapter 6, however. In Figure 6.7, for instance, the heat transfer coefficient
seems to be approaching a level of about 2000 Wm=2K-! from a vapour
fraction of 0.7-0.8. These data were taken at 10°C evaporating temperature
and a mass flux of 570 kgm2s-1. Also in Figure 6.11, the coefficient seems to
approach this level at higher vapour fractions, in this case at a temperature
of 20°C. The mass flux does not seem to have a major influence on the heat
transfer coefficients at higher x in this diagram. In Figure 6.13, however, the
post-dryout heat transfer coefficient was lower at higher temperature,
possibly due to direct effects of smaller flow velocity, but possibly also due
to non-equilibrium effects.
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7.4 Post-dryout heat transfer

Based on the correlations for mist flow heat transfer outlined in Chapter 2,
the expected level of heat transfer coefficients in the post-dryout regime can
be estimated. Using the correlation of Dougall and Rohsenow (1963), Eq.
(2.49), calculations were made at saturation temperatures 0 and 20°C and
mass fluxes 100 and 600 kgmZs!, thus encompassing the range of
conditions in the present study. A tube diameter of 0.81 mm was used.
Results are shown in Figure 7.22, with calculated heat transfer coefficients
from x=0.3 to x=1.0. As pointed out in Chapter 2, the Dougall and
Rohsenow (1963) correlation becomes equal to the Dittus-Boelter single-
phase correlation for x=1. As a reference, heat transfer using superficial
vapour velocity in the Dittus Boelter correlation was also calculated for
T=0-C, G=600 kgm=?s"'. The two models meet at x=1, but at x=0.3 the
Dougall and Rohsenow (1963) correlation predicts about 20% higher heat
transfer coefficient due to the presence of entrained droplets. This
difference becomes larger at higher temperature, becoming 45% at 20°C due
to the effect of the density ratio in Eq. (2.49).

5000
T=0,G=100 -
T=0,G =600 -
———_T=20,G=100
4000 -| ——__T=20,G =600
....... Superficial T = 0, G = 600
::4 3000
=
=
< 2000
1000 -
0 w ‘ ‘ ‘
0,2 0,4 0,6 08 1 1.2

X

Figurve 7.22 Calenlated mist-flow heat transfer coefficient at varying vapour faction based
on the Dongall and Rohsenow (1963) correlation, for combinations of saturation
temperature (T, °C) and mass flux (G, kgn?s!). The “superficial” curve is calculated
using Nu=0.023Re*Pr>4, where Re is based on vapour-only superficial velocity, and
Re, Prand Nu are based on vapour properties.

A common feature of all equlibrium correlations is the predicted steady
increase in heat transfer coefficient at increasing x;, due to the increased flow
velocity as the vaporization of droplet proceeds.
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7 Analysis and discussion of results

Models that account for non-equilibrium effects consider the limited heat
transfer between vapour and droplets. The resulting departure from
equilibrium gives rising vapour temperature and delayed evaporation of
droplets. The test data of Hihara and Tanaka (2000) include local post-
dryout heat transfer coefficients for mass flux 360, 720, and 1440 kgm2s1 at
15°C, as shown in Figure 3.2. Even though there is quite some scatter in the
test data, it is clear that the measured trends are different from the steady
rise in heat transfer predicted at equilibrium. At 360 and 720 kgm?s' the
measured coefficient actually drops after dryout completion, and continues
at a low level at increasing x.

Figure 7.23 shows calculated heat transfer coefficients at conditions
corresponding to the Hihara and Tanaka (2000) tests, using various models.
The equilibrium model of Dougall and Rohsenow (1963) (D&R) predicts
steady increase in b, while the non-equilibrium model of Groeneveld and
Delorme (1976) (G&D) predicts a rising coefficient at a much lower level.
Calculations were only done at 720 kgm?s' using this model. The
correlation of Shah and Siddiqui (2000) (S&S) predicts a quite different
behaviour, with a sudden drop after dryout completion for G=720 kgm2s1,
and a near-equilibrium trend up to x=0.75 and then a rapid drop at higher x
for G=1440 kgm2s1.

8000
— — S &S:qg=18, G=720
S & S: =18, G=1440
....... D & R: G=720
D & R: G=1440
6000 |- - - - G & D: G=720
"_:c
a
£ 4000 |
=
K
| \
2000 N p
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0 0,2 0,4 0,6 0,8 1

X

Figurve 7.23 Calculated post-dryout heat transfer coefficients using the “non-equilibrium”
models of Shah and Siddiguz(2000)(SS), and Groeneveld and Delorme
(1976)(G&>D), and the equlibrium model of Dougall and Robsenow (1963)(D&>R).
Conditions:D=1mm, T=15°C, g=18 kW2, G=720 and 1440 kgmns'.
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7.4 Post-dryout heat transfer

Figure 7.24 shows the predictions using the correlation of Shah and Siddiqui
(2000) drawn into the diagram of Hihara and Tanaka (2000), with a very
good correspondence between test data on post-dryout heat transfer and
predicted behaviour.

Heat flux 18kW /m?

2K]

o1 E &1 [0 _ cCalculated
4+ @360kg/m2s A)Q
5 | X720kg/m2s )

L o1440kg/mds | m.q

0 0.2 9.4 . 08 0.3 I
Q uality
Figurve 7.24 Calenlated post-dryout heat transfer coeffcient using the corvelation of Shah
and Siddigui(2000) compared to the test data points of Hihara and Tanaka (2000).
Model conditions:D=1mm, T=15°C, qg=18 kW2, G=720 and 1440 kgms .

transfer co<-:!ffici'r;nt[k‘3V/ i

Heci

At 1440 kgm2s! the behaviour is close to thermal equilibrium after dryout
completion, due to the high turbulence and good heat transfer between
vapour and droplets. The predicted and measured drop from around x=0.8
could not have been predicted with an equilibrium model, however. At 720
kgm2s! there is considerable departure from equilibrium, which is correctly
predicted by the Shah and Siddiqui (2000) correlation. As shown in Figure
7.23, the use of an equilibrium model here would have given overprediction
by several hundred percent compared to the actual heat transfer coefficient.

A preliminary conclusion from modelled and experimental post-dryout heat
transfer data is that non-equilibrium effects seem to be of quite some
significance, even at the relatively high mass flux of 720 kgm2s!. Heat
transfer in this regime is apparently well predicted by the model of Shah and
Siddiqui (2000). At lower mass flux, the non-equilibrium effects are likely to
be even more significant. At lower temperature the higher vapour flow
velocity may compensate for this, however.
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7 Analysis and discussion of results

One question in relation to the above results is the effect of heat flux
boundary conditions. The test data of Hihara and Tanaka (2000) and the
correlation of Shah and Siddiqui (2000) are based on constant wall heat flux.
In the above data, this gives a wall superheat of more than 15 K at a mass
flux of 720 kgm2s'. These conditions may not be comparable to the
situation in a fluid-heated tube, where wall superheat would be prevented
from reaching this level. Some caution must therefore be exercised in the
use of the above model in heat exchangers with small temperature
difference and limited possibilities for surface superheating.

7.5 Discussion of flow pattern observations

7.5.1 General

Flow pattern observations and flow charts for the heated 0.98 mm ID glass
tube are presented in Section 6.6. A majority of observations were done at
20°C to reduce the heat transfer from/to the test tube to/from ambient air,
and to make sure that dryout effects were present due to high temperature.
Two-phase flow characteristics in COz evaporator tubes are unusual due to
the high vapour density, and at 20°C this effect becomes very clear. Figure
7.25 shows calculated void fraction using the Rouhani-Axelsson (1970)
vapour void fraction correlation (Eq. 2.33).

1
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Figure 7.25 Void fraction at varying vapour fraction, at temperatures(T) 0 and 20°C
and mass fluxes (G) 100 and 600 kgrr?s, based on the correlation of Roubant and
Abxcelsson (1970).
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7.5.2

7.5 Discussion of flow pattern observations

Already at 0°C the curve is much more linear than usual for common
refrigerants, and at 20°C, the vapour volume increases almost linearly with
x. This behaviour, plus the particularly low surface tension, should be kept
in mind while discussing the flow pattern results. An additional parameter
that may affect the flow patterns is the contact angle between liquid and
wall, especially at low flow conditions. Here, the flow may behave
differently in a glass tube than in a metal (aluminium) tube.

Superficial velocity chart

In analysing the flow pattern observations, a key question is whether the
transitions between flow regimes can be predicted by any of the generalized
chart types and transition lines discussed in Chapter 2. In addition, the
observations can be compared to published charts based on experiments in
small-diameter air/water flow, as shown in Chapter 2. Figures 7.26 and 7.27
show two of the transition lines proposed by Weisman et al. (1979); for
transition between intermittent and annular flow, and for transition into the
dispersed flow regime at increasing liquid superficial velocity.
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Figure 7.26 Flow pattern observations for CO2 (Chapter 6) in relation to transition
lines proposed by Weisman et al., (1979) (regime names in CAPITAL ITALICS).
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Figure 7.27 Flow pattern observations for COz (Chapter 6) in relation to transition
lines proposed by Weisman et al., (1979).

The intermittent/annular transition line of Weisman et al. (1979) is close to
predicting the observed behaviour, even though a few points fall on the
“wrong” side of the line and the slope apparently should have been in the
opposite direction. Coleman and Garimella (1999) also noted that this
transition line was close to their expetimental ait/watet obsetvations in a 1.3
mm ID tube. The Weisman transition line into dispersed flow does not fit
the data, however, predicting transition at a moderate liquid superficial
velocity (0.22 ms). Coleman and Garimella (1999) observed the opposite
tendency, so this transition prediction seems questionable as a general tool.

Weisman at al. (1979) also gives a transition line into stratified flow, giving a
horizontal line at a liquid superficial velocity of 0.00006 ms-, which gives a
liquid flow rate that probably can not be observed in practice. The possible
occurrence of stratified flow below this j; has no practical significance, since
x will be equal to 1.0. As mentioned above, stratified flow was not observed
in the experiments with 4>0.

Compared to the observed transitions of Damianides and Westwater (1988)
(Figure 2.13), and Coleman and Garimella (1999) (Figure 2.14), the present
observations show some important differences. The air-water two-phase
flow map of Damianides and Westwater (1988) show transition from
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mtermittent (slug) flow to annular flow at vapour superficial velocity of 20-
40 ms, ie. almost two decades higher than in the present study. They
observed transition to dispersed flow with air/water at about 0.5 ms,
which seems to be at about the same level as in the present CO: tests.
Stratified flow was not observed by Damianides and Westwater (1988).
Coleman and Garimella (1999) observed transition from intermittent to
wavy annular flow at about /=6 ms! in a 1.3 mm ID tube with air/water
flow, and transition to annular flow at about 20 ms™ for a wide range of
liquid superficial velocity. Stratified flow was not observed. The absence of
stratified flow and the transition to dispersed flow show some similarities to
the present observations on COg, while transition to annular flow occurs at
much lower vapour velocity with CO» than with air/water at low pressure.
Another difference is the absence of droplet or mist flow patterns in the
air/water tests. Several authors have claimed that surface tension effects
were responsible for absence of stratified flow, but this factor should not
play an important role with COx considering the much lower surface tension
than of watet.

A few observations of CO; flow were made also at 0°C/13 kWm=2 and at
20°C/0 kWm=2, to see the effects of temperature and heat flux on the flow
pattern. Results from these additional observations are shown as grey
markers in Figure 7.28. At a temperature of 0°C, annular flow was
maintained up to a much higher superficial vapour velocity. This indicates
that the entrained amount of liquid is smaller at low temperature, thus
leaving more liquid in the annular film. At =0, one obsetrvation of stratified
flow was made, at conditions that gave annular flow when heat flux was
added. The other observations at g=0 gave flow patterns that matched
observation with positive heat flux (intermittent or annular flow).

The stratified flow observation at zero heat flux is quite interesting,
indicating an influence of heat flux in determining the flow pattern. It is not
clear what mechanism that gives annular flow when heat is added, but the
presence of small vapour bubbles may alter the flow characteristics of the
liquid phase by changing the effective density and viscosity.
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Figure 7.28 Flow pattern observations for CO; including points at 0C and at zero
heat flux.

Vapour fraction / mass flux chart

Based on the equations and procedures for drawing transition lines in the
flow pattern chart of Kattan et al. (1998a), a chart for CO> flow in a 0.98
mm diameter tube at 20°C was generated. Figure 7.29 shows the resulting
chart, with the present observations plotted into the coordinate system. The
generalized transition lines give a poor prediction of the actual situation,
with droplet (“mist”) flow obsetvations in the predicted annular regime, and
a majority of the annular observations in the predicted intermittent regime.

The transition into bubbly flow is predicted to occur at mass flux around
600 kgm2s-!, while transition into mist flow is predicted from a mass flux of
1500 kgm2s1 and upwards, which is well above the range where mist flow
(entrained droplet flow) was observed in the present tests. It is clear that the
concept of the transition lines in this map does not match the present data.
The flow chart of Kattan et al. (1998b) was based on eatlier charts by Taitel
and Dukler (1976) and Steiner (1993), all of which were adapted to larger
diameter flow and quite different fluid properties than of COo.
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Figure 7.29 Flow pattern observations for CO2 (Chapter 6) in relation to transition
lines proposed by Kattan et al.(1998a). Predicted flow chart regimes are shown in Italics

Onset of partial dryout in the flow pattern map of Kattan et al. (1998a) was
based on identifying the conditions that would give a transition from
annular flow to stratified-wavy flow. By modifying the Weber- and Froude
number influence on the stratified-wavy flow boundary in the Steiner (1993)
flow map, transition to partial dryout could be accounted for. In the present
tests, the dryout mechanism is not related to stratification of the flow, and
liquid entrainment seems to have much more influence on the dryout
occurrence. In the experiments that constitute the basis for the Kattan et al.
(19982) flow map, annular to mist flow transitions occurred only at very
high mass flux, due to the properties of the refrigerants studied, and the
relatively low pressures. Entrainment effects and models were not
considered by Kattan et al. (1998a). In the present system, however, the
annular to mist transition and liquid entrainment effects on dryout are of
great importance, and have to be accounted for. As an example of the
possible shape of the annular-droplet transition line, the predicted
occutrence of dryout based on the Kon’kov/Ahmad method (Chapter 2) is
indicated in Figure 7.30. Even though transition from annular to droplet
flow was generally observed at higher x, the line seems to follow the
observed tendency of earlier onset of droplet flow at higher mass flux.
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Figure 7.30 Predicted onset of dryout shown as a possible indicator of transition from
annular to droplet flow. The dryout curve is based on water dryout data by Kon’koy
(1965) scaled to CO2 by the method of Abmad (1973).

7.5.4 Inception of entrainment

Equation (2.5) (Utsuno and Kaminaga, 1998) and Figure 2.10 predicted
inception of entrainment at a superficial vapour flow velocity of about 0.4
ms! at a temperature of 20°C. Table 7.1 shows results from flow pattern
observations that indicate conditions when entrainment could/could not be
obsetved in the video recordings. Superficial velocity data are based on
measured mass flux and vapour fraction.

Table 7.1 Entrainment observations in tests

Test G, kgm3s! X Jsms!  ms!  Entrainment
29 109 0.78 0.43 0.03 no
30 119 0.87 0.53 0.02 no
7 266 0.45 0.62 0.19 yes
11 263 0.63 0.85 0.13 yes
13 266 0.82 1.10 0.06 yes

From the above observations, the inception of entrainment seems to occur
at a superficial vapour velocity between 0.5 and 0.6, thus indicating that the
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inception criterion of Eq. 2.5 1s close to the actual situation. The thicker
liquid film in tests 7 and 11 than in tests 29 and 30 also contributes to onset
of entrainment, since higher film Reynolds number is known to increase
entrainment.

In summary, the flow pattern observations on CO» did not fit any of the
generalized maps or transition lines, including the map proposed by Kattan
et al. (1998a2). Only the intermittent-annular transition prediction of
Weisman et al. (1979) was close to the observed behaviour. Compared to
small-diameter observations with air/water at low pressure, the transition
into annular flow occurred at much lower superficial vapour velocity
(superficial velocity of approximately 0.5 ms'). Observed inception of
entrainment at 0.5-0.6 ms! supetficial vapour flow velocity was close to the
predicted onset at 0.4 ms.

7.6 Pressure drop

All pressure drop measurements presented in Chapter 6 have been
compared to the correlations outlined in Chapter 2, including the general
models and the special correlations for small-diameter flow. A total of 95
test points were considered. Frictional pressure drop data were obtained as
shown in Section 4.6.2, by subtracting inlet/outlet pressure drops, frictional
pressure drops in unheated inlet/outlet, and acceleration pressure drop,
from the measured total pressure drop between the test section manifolds.

7.6.1 Comparison with general friction pressure drop correlations

Two versions of the Friedel (1979) correlation were tried, the first one using
equivalent two-phase density and corresponding Froude and Weber
numbers, as shown in Section 2.6.2. Instead of the turbulent friction factor
formula given by Friedel for the liquid-only flow (Eq. 2.77), an explicit
expression by Haaland (1983) was used

-2

6.9 BRNEE
=<1.8log, | —+ 7.4
f g10|:Re (3-7DJ ] (7.4)
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Here, 7 1s the wall roughness of the tube, which was assumed to be 106 m.
Correspondence between measured and calculated pressure drops using this
correlation is shown in Figure 7.31 (left). Average deviation is —15.3% and
mean deviation is 25.3%. Especially at small pressure drops, the model
greatly underpredicts the experimental data. The right-hand side part of
Figure 7.31, shows results using the other version of the Friedel correlation
using single-phase liquid density, Froude- and Weber numbers, and the
original single-phase friction factor models by Friedel. The accuracy is
slightly improved, with a mean deviation of 22.3%, but the tendency of
underprediction is increased slightly, giving an average deviation of -17.4%.
Also Friedel (1979) commented the slightly better accuracy of the “liquid-
property” version of the correlation.
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Figure 7.31 Correspondence between measured and calenlated friction pressure drop
using the corvelation of Friedel (1979). The left diagram was based on two-phase density,
We and Fr, and friction factor from the Haaland (1983) model, and the right diagram
was based on single phase liguid density, We and Fr, and the original Friedel friction
Jactor expression.

Figure 7.32 shows the results obtained using the CESNEF-2 correlation of
Lombardi and Carsana (1992), as given in Section 2.6.2. Accuracy was
markedly improved compared to the Friedel model, giving an average
deviation of —1.1% and a mean deviation of 16.4%, which is very good.
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Figure 7.32 Correspondence between measured and calenlated friction pressure drop

using the CESNEF-2 correlation of Lombardi and Carsana (1992)

A number of other correlations were also tried, including the modified
Chisholm correlation of Wambsganss et al. (1992), which gave a mean
deviation of 103.5%, and the model developed by Gronnerud (1971), with a
mean deviation 45.3%. The correlation of Fuchs (1975), without using the
Froude number correction, gave better results with average deviation of
minus 16.8% and mean deviation of 29.0%.

7.6.2 Comparison with small-tube correlations

Figure 7.33 shows results using the correlation of Tran et al. (1999), which is
a specially developed model for small-diameter tubes. The correlation fails
to reproduce the test data, with average/mean deviation of 74.5% and
80.4%, respectively.

Another small-tube correlation that was tried is the “adapted” version of the
Friedel model as proposed by Zhang and Webb (2001), Figure 7.34.
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Figure 7.33 Corvespondence between measured and calenlated friction pressure drop
using the small-tube correlation of Tran et al. (1999)
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Figure 7.34 Correspondence between measured and caleulated friction pressure drop
using the small-tube correlation of Zhang and Webb (2001)
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7.6 Pressure drop

The correlation of Zhang and Webb (2001) works slightly better than the
other small-tube model, but at average/mean deviation of —40.5 / 40.5%
the accuracy is not very good. A paradox here is that the original Friedel
model does a better job in relation to the present small-tube test data than
the “adapted” model by Zhang and Webb (2001). The same authors claimed
that the Friedel (1979) correlation overpredicts the pressure drops in small
diameter tubes, especially for high reduced pressures. The above data and
results show that this general statement is incorrect.

7.6.3 Evaluation of correlations by Friedel (1979) and Lombardi and
Carsana (1992)

In order to evaluate the characteristics of the two best models, and to study
the deviation between calculated and measured pressure drops in some
more detail, predictions using the Friedel (1979) and Lombatdi/Carsana
(1992) correlations have been compared to some experimental data points
shown in diagrams in Chapter 6. Figures 7.35 and 7.36 show results for
varying mass flux at 0°C evaporating temperature and heat flux 10 kWm2,
with experimental data as presented in Figure 6.17.
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Figure 7.35 Measured and predicted pressure drop gradient (dp/ d3) using the Friede!
(1979) correlation, for mass fluxes (G) 190, 280 and 380 kgn?s'. Evaporating
temperature is O0°C, and heat flux is g=10 W nr.
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Figure 7.36 Measured and predicted pressure drop gradient (dp/ d3) using the
correlation of Lombardi and Carsana (1992), for mass fluxes (G) 190, 280 and 380
kgn?s?. Evaporating temperature is 0°C, and beat fluxc is g=10 W nr?.

As already observed, the Friedel correlation underpredicts the experimental
data considerably, with increasing difference at lower mass flux. The
Lombardi and Carsana (1992) correlation also gives increasing
underprediction at lower mass flux, as shown in Figure 7.36, but the
difference 1s smaller. Both correlations predict a steady increase in pressure
drop at higher vapour fraction for the highest mass flux, while the
experimental data indicate a more moderate increase in pressure drop at the
highest vapour fractions.

At higher evaporating temperature, the deviation between calculated and
measured data is smaller, as shown in Figure 7.37 for the Friedel (1979)
correlation and in Figure 7.38 for the Lombardi/Catsana correlation. The
evaporating temperature is 10°C, heat flux is 10 kWm2, and the range of
mass flux is from 190 to 570 kgm2s-L.

Again, the deviation is larger for the Fiedel (1979) correlation. Both models
give better predictions as the mass flux is increased. Accuracy is improved
compared to the data at 0°C, however, and the Lombardi/Catsana
correlation gives data very close to the measured points.
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Figure 7.37 Measured and predicted pressure drop gradient (dp/ d3) using the Friede!
(1979) correlation, for mass fluxes (G) 190, 380 and 570 kgn?s'. Evaporating
temperature is 10°C, and heat fluxc is g=10 EWnr?
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Figure 7.38 Measured and predicted pressure drop gradient (dp/ d3) using the
Lombardi and Carsana (1992) correlation, for mass fluxes (G) 190, 380 and 570
konr?s!. Bvaporating temperature is 10°C, and heat fluxc is g=10 W nr?
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7 Analysis and discussion of results

As commented above, both correlations predict a steady increase in pressure
drop at increasing x, especially at high vapour fraction and high mass flux,
while the test data show a declining trend at higher x. As a result, the
correlations overpredict the measured pressure drop data at high mass flux
and high vapour fraction. A possible reason for this may be a change in flow
pattern, giving less increase in dp/dz as x increases.

The above observations indicate that prediction accuracy changes with
evaporating temperature, which is confirmed by Figures 7.39 and 7.40,
showing data at temperatures 0, 10 and 20°C, at a heat flux of 10 kWm2 and

a mass flux of 280 kgm2s-1.
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Figure 7.39 Measured and predicted pressure drop gradient (dp/ d3) using the Friede!
(1979)correlation at varying vapour fraction (x), for evaporating temperatures (T) 0, 10
and 20 *C. Heat flux is g=10 &Wnr? and mass fluxc is G=280 kgm?s!.

Both correlations predict well at 20°C, with increasing deviation at low
temperature, again showing larger deviations with the Friedel (1979) model.
The test data at 20°C indicate just a small increase in dp/dz at rising x, but
the calculated data show more effect of x.

Since both correlations were developed using data mainly at moderate to
low reduced pressure, it is somewhat surprising that prediction accuracy is
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Figure 7.40 Measured and predicted pressure drop gradient (dp/ d3) using the

Lombardi and Carsana (1992) correlation at varying vapour fraction (x), for evaporating

temperatures (T) 0, 10 and 20 °C. Heat flux is g=10 £Wnr? and mass flux is

G=280 kgn?s'

improved as p, —1 and not the other way around. Also, the above results
are quite opposite to the observation of Zhang and Webb (2001), which
found that the Friedel (1979) correlation overpredicted friction pressure
losses in small tubes.

To summarize, the analysis of pressure drop data and correlations have
shown that

URN:NBN:no-2319

Among the tested correlations, experimental data on two-phase
frictional pressure drop are best reproduced by the correlation of
Lombardi and Carsana (1992). Second best prediction accuracy
was obtained using the Friedel (1979) correlation using liquid-
phase We, Frand density.

Prediction accuracy of the above correlations 1s reduced at lower
evaporating temperature and lower mass flux, where the
underprediction may be considerable. At high mass flux and high
x, the correlations may overpredict the pressure drop
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7 Analysis and discussion of results

e None of the tested special small-tube correlations reproduced the
experimental data well.

7.6.4 Pressure drop converted into temperature drop

In order to assess the consequences of refrigerant side pressure drop in
evaporatots, dp/dy can be converted into its equivalent in terms of drop in
saturation temperature (41/d3). Based on this parameter, the loss in total
temperature difference caused by pressure drop and by heat transfer
resistance can be compared. Figure 7.41 shows the pressure drop data of
Figure 6.21 converted to temperature drop. Owing to the exponential shape
of the saturation pressure curve, a given pressure drop has a larger effect at
low temperature than at higher temperature. Heat transfer test data taken at
the same conditions as these pressure drop recordings are shown in Figure

6.13.
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Figure 7.41 Temperature gradient (d1/ d3) at varying vapour fraction (x), for
evaporating temperatures (T) 0, 10 and 20 °C. Heat fluxc is 10 £Wnr? and mass flux
is G=280 kgnrs!. Results (a) and (b) are from different test series. For a tube length of

2 m, the ordinate gives temperature loss in K.
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7.6 Pressure drop

Figure 7.42 shows the local temperature difference between tube wall and
saturation temperature, calculated based on the heat transfer test data of
Figure 6.13, 1.e. at the same conditions as Figure 7.41.

From these two diagrams, the effects of pressure drop and heat transfer
resistance can be observed and compared in terms of the common
parameter of temperature difference. Since the temperature points in Figure
7.41 represent gradients, some information regarding circuit length is

needed.
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Figure 7.42 Local temperature difference (=g/ b) at varying vapour fraction (x), for
evaporating temperatures (T) 0, 10 and 20 °C. Heat fluxc is 10 &Wnr? and mass flux
is G=280 kgn?s'. Results (@) and (b) are from different test series.

Assuming a circuit length of 2 m, the values of Figure 7.41 represent the
mean reduction in temperature difference over the circuit length due to
pressure drop. For the conditions in these diagrams, the loss in temperature
difference due to pressure drop is smaller than the effect of finite heat
transfer coefficient, and the influence by pressure drop becomes smaller at
higher temperature even though the local heat transfer coefficient increases.

Since heat transfer dominated by nucleate boiling 1s not much improved by
increased mass flux, and since the dryout problems are much aggravated by
increased mass flux, there is actually no benefit of increasing G and dp/d.
From this it follows that conventional evaporator optimisation strategies
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7 Analysis and discussion of results

using a trade-off between AT caused by heat transfer and AT caused by
pressure drop does not apply, at least not for the geometry and range of
conditions investigated by this study. The optimum evaporator design based
on the data shown here would have low mass flux and flooded operation,
using efficient nucleate boiling, and avoiding the penalties of dryout, poor
post-dryout heat transfer, and temperature loss due to pressure loss.
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8. Correlation of heat transfer
data

8.1 Basis for correlation development

In order to predict heat transfer behaviour of CO: in microchannel fllow
vaporization, a number of mechanisms need to be accounted for and
correlated:

¢ Nucleate boiling heat transfer

e Convective evaporation heat transfer

e Model for combining nucleate and convective components
e Dryout inception and completion

e Post-dryout heat transfer

Earlier Chapters have described experimental data and shown comparisons
between data and various models for these mechanisms, thus establishing a
basis that can be used in the development of a heat transfer correlation.
Based on the analysis and discussion in Chapter 7, the models shown in
Table 8.1 seem to have the potential for use in a heat transfer correlation for
CO:s flow vaporization in microchannels.

Experimental observations and predictions show that flow stratification is
not likely to occur in microchannel flow vaporization of COz.in horizontal
tubes. Effects of stratification and partial wetting on heat transfer and
dryout behaviour are therefore not included in the proposed correlation.

Annular flow is likely to dominate up to dryout in heat exchanger tubes with
two-phase inlet, such as in evaporators for refrigeration, air conditioning
and heat pump systems. The proposed correlation therefore assumes
annular flow pattern up to the estimated x for onset of dryout.
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8 Correlation of heat transfer data

Table 8.1 Models that constitute a basts for corvelation development

Mechanism Model Shown in
. Cooper (1984 Eq. (2.46
Nucleate boiling Goregﬂo((199;) Eq.q(Z(.43—4>5)
Convective evaporation Kattan et al. (1998b) Section 2.5.2
Model for combining nucleate Asymptotic model, Eq. (2.28
and convective heat transfer with #=3 q (2:28)
Kon’kov (1965) data
Dryout inception scaled from H;O to CO2  Section 2.3.7
using Ahmad (1973)2
Post-dryout heat transfer Shah and Siddiqui (2000)  Section 2.5.5
a: Using scaling factor that can be based on Weber-Reynolds number (Eq.

2.12) or Barnett number (Eq. 2.13)

As shown in Chapter 7, the Cooper (1984) model underpredicts the nucleate
boiling data from the present tests by approximately 30%, while the
Gorenflo (1984) model gives a slight overprediction.

Dryout inception 1s predicted at lower x using the Barnett number version
of the Ahmad (1973) scaling factor, than with the original factor based on
Weber-Reynolds number. The first model seems to give better
correspondence to the critical x measured in the present tests.

From Table 8.1, there are two choices that need to be made; selection of
nucleate boiling correlation, and selection of scaling factor in the Ahmad
model. Owing to the limited number of data and the stll incomplete
understanding of COs vaporization heat transfer behaviour, no attempts
have been made to derive additional empirical factors or multipliers that
could improve the fit between observed and predicted data. Since the
present test data are not truly local, this would in any case be questionable.

8.2 Comparison between test data and correlations

8.2.1 Principles of comparison

Comparisons between test data and correlations have been made using three
different combinations of the above models:

(a) Using the Cooper (1984) nucleate boiling correlation, and the
Weber-Reynolds number scaling factor. This model would give the
best fit to the published data of Hihara and Tanaka (2000).
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8.2 Comparison between test data and correlations

(b) Using the Cooper correlation and the Barnett number scaling factor.

(¢)  Using the Gorenflo (1993) nucleate boiling correlation, and the
Barnett number scaling factor.

The models for  convective  evaporation, combination  of
nucleate/convective contributions, and post-dryout heat transfer are as
shown in Table 8.1.

In order to get a correct comparison between measured and correlated data,
the mean heat transfer coefficient for the range of x in the test section need
to be calculated. By calculating a mean coefficient, the predicted result for
each test can be directly related to the experimental data presented in
Chapter 6.

A special procedure was applied in calculation of the mean coefficient, using
the measuted G, ¢, and T. Based on the measured inlet and outlet x to the
test section, the mean heat transfer coefficient was calculated for ten “sub-
sections” using the following scheme:

1 10
h_,. =—)» h(x, 8.1
calc 10; ( z) ( )
where
i—0,5
X =x +——(x , —X 8.2
1 mn 10 ( out m) ( )

Xin/ Xor was the measuted inlet and outlet vapour fraction in the test section
in each test. The mean vapour fraction was assumed to be the x found in
the experimental data reduction (Eq. 4.6).
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8.2.2

8 Correlation of heat transfer data

Correlation using Cooper nucleate boiling correlation and
Weber-Reynolds number in dryout scaling

Figure 8.1 shows the correspondence between measured and calculated heat
transfer coefficient when using the models shown in Table 8.1 and in point
(a) in Section 8.2.1. The average deviation is 14.6% and the mean deviation
is 52.5%.

Two types of deviation can be observed in the Figure; a general
underprediction at all levels of heat transfer, and significant scatter and
overprediction in the lowest range of coefficients. These observations will
be discussed in relation to “local” data in the following text.
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Figure 8.1 Comparison of measured and calcnlated heat transfer coefficients using a
combination of models given in point (a) in Section 8.2.1.

Figure 8.2 shows a comparison of test data and calculated data at 4=10 and
20 kWm2, T=10°C, and G=570 kgm2s-1, i.e. data as shown in Figure 6.7. At
low/moderate vapour fraction, the correlation underpredicts the heat
transfer coefficient, as may be expected when using the Cooper (1984)
nucleate boiling model. The predicted drop in 4 due to dryout apparently
occurs too late to match the experimental data, and this may also be
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8.2 Comparison between test data and correlations

expected when using the We-Re-based scaling factor in the Ahmad (1973)
model. As a result, a peak in the heat transfer coefficient is predicted for
¢=10 kWm2 that is not reflected in the experimental data. This peak may
also be influenced by a too high predicted convective coefficient.

Figure 8.3 shows heat transfer data and predictions for varying mass flux, at
a temperature of 0°C and a heat flux of 10 kWm?2, ie. corresponding to
Figure 6.9. Again, the nucleate boiling coefficients are too low, the
convective contributions are too high, and predicted dryout occurs too late

at G=380 kgm2s-!
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Figure 8.2 Measured and calenlated (“cale”, using the (a) combination of models) heat
transfer coefficients at g=10 and 20 kW nr?, G=570 kgn?s' and T=10°C
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8 Correlation of heat transfer data
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Figure 8.3 Measured and calenlated (“ale”, using the (a) combination of models) heat
transfer coefficients at g=10 EWnr?, G=190-380 kgn?s! and T=0C

The reasons for a general underprediction using this correlation thus seems
to be an effect of the Cooper correlation, while the scatter and
overprediction at low measured coefficients may be due to heat transfer
being predicted in the pre-dryout regime, while the test data are in the post-
dryout regime.

By using the Barnett number scaling parameter instead, dryout will be
predicted at lower x, and the effects of this is shown in the next Section.

Correlation using Cooper nucleate boiling model and Barnett
number in dryout scaling

Figure 8.4 shows the overall comparison between measured and calculated
heat transfer using the (b) correlation in Section 8.2.1. Compared to Figure
8.1, the situation is significantly improved, with average deviation reduced to
only 7.7% and mean deviation to 35.1%.

226

URN:NBN:no-2319



8.2 Comparison between test data and correlations

40000
+30%
_ 30000 -
-
£
Z 30%
B 20000 - o
© ™Moo g
° [m] [m]
< 10000 { Tm
[m]
0 T T T
0 10000 20000 30000 40000

h measured, Wm?K"

Figure 8.4 Comparison of measured and calcnlated heat transfer coefficients using a
combination of models given in point (b) in Section 8.2.1.

Still, a slight underprediction can be observed, but very few data points now
fall below the —30% line. The overprediction at low heat transfer
coefficients has also been reduced, even though there is still potential for
improvement in this range of data.

Figure 8.5 shows a comparison between test data and predictions for the
same points as shown in Figure 8.2, i.e. at g=10 and 20 kWm2, T=10°C, and
G=570 kgm2s-!. Compared to Figure 8.2, the predicted drop in heat transfer
due to dryout now falls closer to the experimental data, even though the
predicted x;, still seems a bit too high.

Since dryout is not predicted in the range of experimental data of Figure 8.3
even with the changed dryout scaling model, the results are unchanged at
these conditions (0°C).

Figure 8.6 shows results at varying mass flux for a temperature of 10°C, and
a heat flux of 10 kWm2. The experimental data are underpredicted at low x,
and the convective effect seems a bit too large. Dryout location is
reasonably well predicted, even though at a slightly high x compared to the
observations.
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Figure 8.5 Measured and calenlated (“cale”, using the (b) combination of models) heat
transfer coefficients at g=10 and 20 kWnr?, G=570 kgn?s! and T=10°C
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Figure 8.6 Measured and calenlated (“cale”, using the (b) combination of models) heat

transfer coefficients at g=10 EWnr?, G=280-570 kgn?s' and T=10C
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8.2 Comparison between test data and correlations

Figure 8.7 shows a comparison between experimental data at varying
temperature and the “(b)” correlation, for a mass flux of 380 kgm2s! and a
heat flux of 10 kWm2. Again, the underprediction is noticeable at low x;
while the fit is reasonably good at moderate/high x apatt from the failure of
the model to predict dryout at 0°C.
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Figure 8.7 Measured and calenlated (“cale”, using the (b) combination of models) heat
trangfer coefficients at g=10 EWnr?, G=280 kgn?s'! and T=0-25:C

8.2.4 Correlation using Gorenflo nucleate boiling model and Barnett
number in dryout scaling

In the above comparisons, the experimental nucleate boiling heat transfer
coefficients were underpredicted, and this effect could be avoided by instead
using the Gorenflo (1993) nucleate boiling correlation, i.e. model (c) in
Section 8.2.1. The dryout scaling is still based on the Barnett number.

Overall results are shown in Figure 8.8, where the average deviation
between experimental and predicted data is 47.2%, and the mean deviation
is 51.4%. The much higher calculated nucleate boiling coefficients give a
consistent overprediction of the test data.
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Figure 8.8 Comparison of measured and calcnlated heat transfer coefficients using a
combination of models given in point (c) above.

A slight overprediction of low/medium-x heat transfer data can be
observed in Figure 8.9, showing the same experimental data points as
discussed in relation to the (a) and (b) correlations above. The percent
deviation between measured and predicted pre-dryout heat transfer is
smaller than with the Cooper model, but the change from underprediction
to overprediction increases the effect of the “delayed” predicted dryout
inception, thus giving too high heat transfer also at higher x.

Figure 8.10 shows how the prediction gives good correspondence at low x
and 0°C, but too steep increase in heat transfer with increasing x, probably
due to the combined effect of too high predicted convective heat transfer,
and prediction of dryout at too high x.

Finally, Figure 8.11 shows how the overprediction of nucleate boiling heat
transfer apparently becomes larger at higher evaporating temperature.
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Figure 8.9 Measured and calenlated (“cale”, using the (c) combination of models) heat
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Figure 8.11 Measured and calculated (“cale”, using the (c) combination of models) heat
transfer coefficients at g=10 EWnr?, G=280 kgmr?s' and T=0-25°C

8.2.5 Concluding remarks

The above comparisons have shown that a combination of existing models
for pre-dryout heat transfer (nucleate and convective), a model for dryout
inception, and a model for post-dryout heat transfer can provide a
reasonably good overall correlation for CO: flow-vaporization heat transfer
in microchannels, even in situations where heat transfer varies dramatically
due to dryout and post-dryout effects.

Very few results have been reported so far from other studies on CO:
microchannel flow vaporization. Earlier attempts to correlate experimental
data have largely been based on using existing “standard” correlations
without looking into the more fundamental models for nucleate boiling,
convective vaporization, dryout, post-dryout heat transfer, and the
combination of these into a correlation. The range of temperature and mass
flux in earlier studies has been more limited, thus providing less of a basis
for discussing characteristics and for developing correlations. The present
work has pointed out a possible correlation concept, reproducing the trends
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and magnitudes of experimental heat transfer coefficients. Owing to the
extreme and abrupt changes in heat transfer between regimes of nucleate-
boiling and post-dryout heat transfer, the correlation of data is difficult.

The present study has also measured and correlated frictional pressure drop,
a factor that has largely been ignored by earlier studies. Experimental heat
transfer and pressure drop data in the present study were determined under
fluid heating conditions and not with constant heat flux as in earlier work.
Also, the test tube was of a relevant type and material for heat exchanger
service, including parallel flowchannels. Thus, the present results should be
as close as possible to the behaviour in real compact heat exchanger
geometries. Farlier studies have generally used a single stainless-steel tube
with resistance heating. Implications of experimental data and findings in
this work are discussed in Chapter 0.

Further refinement of test data and models is cleatly needed, especially
regarding dryout prediction, and modelling of the convective evaporation
heat transfer component prior to dryout. Compared to earlier studies using
existing “standard” correlations, the present correlation with mean deviation
of 35% gives improved prediction accuracy. The accuracy compared to
present test data could have been further improved by introducing empirical
factors and/or multipliers detived through regression of experimental data,
but this would have introduced more uncertainty regarding general
applicability of the correlation.

Thus, the recommended correlation for engineering prediction is model
“(b)” above, as long as the system is similar to the present test tube, i.e. with
patallel microchannel tubes having inlet/outlet manifolds, and flow of pure
CO; at similar conditions of mass flux, heat flux and temperature.

Further studies in this area should extend the range of test conditions and
flow observations, e.g. to lower temperature and lower mass flux, and to
other tube diameters. In order to provide the necessary foundation for
correlation development, true local heat transfer data will be needed. This
will necessitate improved experimental concepts using wall temperature
measurements. Effects of lubricant on heat transfer and pressure drop also
needs to be investigated. Lubricant may have considerable mfluence
especially on nucleate boiling heat transfer, and may also play a role in the
post-dryout regime.

Further developments in modelling and prediction should consider the
potential of using a detailed two-phase flow model with local correlations
for entrainment and deposition as a basis, not just for dryout prediction but
also as a basis for heat transfer modelling. As shown by some published
studies on water/steam systems, this type of model can give good accuracy
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in prediction of critical vapour fraction, and can also aid the modelling of
pre- and post-dryout heat transfer.
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Notation and Definitions

Symbol Description Unit
A Area m?2
A" Fluid dependent constant (Eq. 2.39) -
Ay Flow area m?2
b Weight function (Eq. 2.87) -
¢ Friction factor (Fanning) -
A Inside heat transfer surface m?

’ Outside heat transfer surface m?
B Constant -
¢ Isobaric specific heat Jkg K-t
C Constant _
C, Coefficient of contraction -
D Diameter m
E Enhancement factor -
F Two-phase convection multiplier -
E Entrainment rate kgm-2s1
f Friction factor (Darcy) -
F Factor -
Fa Parameter defined by Eq. (2.53) -
Fp) Function of reduced pressure -
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Notation

FPI :

T

z =

Ry
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Function of reduced pressure
Mass flux (mass velocity)
Acceleration due to gravity
Heat transfer coefficient
Specific enthalpy

Enthalpy of evaporation
Superficial velocity
Thermal conductivity
Constant

Length

Mass flow rate

Moleculat mass

Number

Exponent

Exponent

Pressure

Reduced pressure (=p/pe)
Heat flux

Heat load

Radius
Thermal resistance

Conduction and fouling resistance

Wm-2K-!

kgst

kg-mol!

m2KW-1

m2KW-1



Notation

R, Surface rougness m

S Suppression factor -

T Temperature °oC, K
T, Reduced tempetature (=T/T,) -

U Opverall heat transfer coefficient Wm-2K-!
v Specific volume m’kg!
x Vapour (mass) fraction (quality) -

XA Actual (non-equilibrium) vapour fraction -

Xr Equilibrium vapour fraction

X Lockhart-Martinelli parameter (Eq.2.22) -

X Independent variable

Y Dependent variable

Y Parameter defined by Eq. (2.48)

4 Length m

A Number )
Greek

a Void fraction

9] Film thickness m

Y Parameter defined by Eq. (2.14)

U] Dynamic viscosity Pas
P Density kgm
o) Sutface tension Nm'!
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Notation

o) Flow area ratio -

1] Mass flux scaling factor Eq. (2.12), (2.13)
Wetting angle Radians

Py Two-phase frictional multiplier (Eq. 2.68) -

Dimensionless numbers

Ce Eq.(2.84)

Bo Boiling number Eq.(2.15)

Co Convection number Eq.(2.31)

Fr Froude number

Lo Lombardi number Eq.(2.83)

Neoy Confinement number Eq.(2.2)

N, Viscosity number Eq (2.7)

Nu Nusselt number

Re Reynolds number

We Weber number

Subscripts

b bulk

¢ critical

ce convective evaporation

er critical

CP constant property
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Notation

m

lig

lo

meas

nb

nbp

ONB

out

URN:NBN:no-2319

critical
dry part
equivalent
friction
front
frictional
gravity
vapour/gas
hydraulic
inside
inlet
liquid
liquid

liquid only

momentum (acceleration)

mixture (homogeneous)

measured

nucleate boiling

pool boiling

onset of nucleate boiling

outlet

preheater
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Notation

sat saturated

y2 two-phase
15 test section
v vapour

vo vapour only
w wall

w water

wet wetted part
o reference value
o outside
Superscripts

m exponent

n exponent
240
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Definitions

Vapour and liquid superficial flow velocity:

P,
G(l-
I = 6= (N.2)
P

Darcy (or Moody) friction factor for circular tube:

_2Dp(_dp
f="c ( dz) (N.3)

Fanning friction factor for circular tube:

Dp ( dp
= L 4
1 262( dz | (N4

Average deviation (4D) and mean deviation (MD) are used in the assessment of
the fit between calculated data for parameter P (P.;) and measured data for
parameter P (P,.). The data set contains # points.

The deviations are defined as

2 ( calc mca.s ) (NS)

mem

( cale —_ meas )

meas

MD:lz

n n

(N-6)
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