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a b s t r a c t

A comparison of optimized trilateral cycle (TLC) - systems with water as working fluid and optimized
organic Rankine cycle (ORC) e systems with pure organic working fluids is presented. The study includes
the heat transfer to and from the cycles. The TLC - systems were optimized by the selection of the
maximum water temperature, the ORC - systems by the selection of the working fluid and the process
parameters. The optimization criterion is the exergy efficiency for power production being the ratio of
the net power output to the incoming exergy flow of the heat carrier. Results will be presented for five
different cases specified by the inlet temperature of the heat carrier and the inlet temperature of the
cooling agent. The inlet temperature pairs are (350 �C, 62 �C), (280 �C, 62 �C), (280 �C, 15 �C), (220 �C,
15 �C) and (150 �C, 15 �C). It is found that the exergy efficiency for power production is larger by 14%e29%
for the TLC than for the ORC. On the other hand, the outgoing volume flows from the expander are larger
for the TLC than for the ORC by a factor ranging from 2.8 for the first case to 70 for the last case.

� 2011 Elsevier Ltd. All rights reserved.
1. Introduction

Conversion of heat to power is a long-standing challenge for
which the basic physical principles have already been worked out
in the 19th century by Carnot [1], Clausius [2] and Rankine [3].
Presently, there is rapidly increasing interest in technologies for
conversion of heat with low and moderate temperatures which is
available e.g. as solar, geothermal, biogenic or waste heat. For
conversion of this heat to power one can consider Clau-
siuseRankine cycles with organic working fluids called organic
Rankine cycles (ORC) [4e30], Kalina cycles [28e36], and trilateral
cycles (TLC) [37e44]; in view of the large number of publications
about these cycles the references given are by far not complete.
Whilst ORC and Kalina processes are used already in existing power
plants, the TLC are still in a state of technical development and less
known.

As TLC are less similar to Carnot cycles [1] than Clau-
siuseRankine cycles one expects TLC to have a smaller thermal
efficiency than ORC at the same maximum and minimum cycle
temperatures. The advantage of the TLC, however, is the more
efficient heat transfer from the heat carrier to the working fluid of
the cycle. Hence, in order to come to a practically relevant
comparison of ORC and TLC one has to perform model calculations
for systems which include the heat transfer from the heat carrier to
.
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the working fluid, the cycle process, and the heat transfer from the
working fluid to the cooling agent. For comparisons of the systems
efficiencies the inlet temperatures of the heat carrier and of the
cooling agent have to be the same for the TLC- and the ORC-
systems.

It was estimated by Löffler [40] that TLC - systems have effi-
ciencies which are 50%e100% higher than those of ORC - systems.
Model calculations for comparison of TLC - and ORC - systems
have been published by Zamfirescu and Dincer [43]. They consid-
ered a heat carrier inlet temperature of 150 �C and a cool-
ing air temperature of 25 �C. The TLC working fluids were
ammonia þ water mixtures and the ORC working fluids were pure
R141b, R123, R245ca, and R21. They found that the exergy efficiency
for power production xP being the ratio of the net power output to
the incoming exergy flow of the heat carrier is about 2e3 times
larger for the TLC than for the ORC. In the estimates of Löffler [40]
and in the calculations of Zamfirescu and Dincer [43], however,
rather low values for the maximum ORC pressures have been
selected; from Fig. 7 in [43] we conclude that the maximum pres-
sure of R21 was about 1.47 MPa which is only 28% of the critical
pressure. On the other hand, it is known [24,45] that the power
output of ORC systems can be remarkably increased by using higher
pressures which are slightly subcritical or supercritical. For such
pressures the isobar of the working fluid during heating matches
much better the isobar of the heat carrier. Hence, a comparison of
higher pressure ORC with TLC remains a challenging task.

In this paperwewill consider optimized TLC-systemswithwater
as working fluid and optimized ORC systems with pure organic
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Nomenclature

CHP combined heat power
_C heat capacity flow rate [kW/K]
cp heat capacity of the heat carrier [kJ/kgK]
e specific exergy [kJ/kg]
_E exergy flow rate [kW]
h specific enthalpy [kJ/kg]
_H enthalpy flow rate
IHE internal heat exchanger
_m mass flow rate [kg/s]
o2 ORC cycle at subcritical pmax without superheating
o3 ORC cycle at subcritical pmax with superheating
ORC Organic Rankine cycle
p pressure [MPa]
q specific heat [kJ/kg]
_Q heat flow rate [kW]
s specific entropy [kJ/kgK] or [J/molK]
s2 ORC cycle at supercritical pmax

T temperature [K] or [�C]
TLC trilateral cycle
v specific volume [l/kg]1
_V volume flow rate [l/s]1

w specific work [kJ/kg]
j _Wj net power output of a cycle [kW]

Greek symbols
D difference of quantities
D _H enthalpy flow rate transferred to the working fluid

[kW]

hs,P isentropic pump efficiency
hs,T isentropic turbine efficiency
hth thermal efficiency of the cycle
x total exergy efficiency
xP exergy efficiency for power production

Subscripts
1,2,3,4, state points of working fluid in TLC and ORC
2a,4a state points of working fluid in ORC with IHE
5,6 state points of heat carrier
7,8 state points of cooling agent
c critical point
i state point
ij process from state point i to j
in ingoing flow; Inlet temperature
max maximum quantities of working fluid (state point 3)
min minimum quantities of working fluid (state point 1)
out Outgoing flow; Outlet temperature
P Pump, Power
p pinch (hot stream)
s isentropic
T turbine
u environment state
WF working fluid
HC heat carrier
CA cooling agent

1 1l ¼ 1 x 10�3 m3.

Fig. 1. Configuration of a TLC- system.

J. Fischer / Energy 36 (2011) 6208e6219 6209
working fluids. The heat source temperatures range from 150 �C to
350 �C. Whilst the optimization of the TLC-systems concerns only
the selection of themaximumwater temperature, theORC - systems
are optimized with respect to the working fluid and the process
parameters. For ORC-systems model calculations have been made
for rather high heat source temperatures by Angelino and Colonna
[8,9] and for rather low heat source temperatures by Lakew and
Bolland [23]. For the temperature range considered here optimized
model results with pure organic fluids were presented recently by
Lai et al. [24] for ORC-systems including the heat transfer from the
heat carrier to the working fluid.

Optimized model results will be presented for complete TLC-
and ORC-systems for five different cases, which are specified by the
inlet temperature of the heat carrier and the inlet temperature of
the cooling agent. The inlet temperature pairs are for case I (350 �C,
62 �C), for case II (280 �C, 62 �C), for case III (280 �C, 15 �C), for case
IV (220 �C, 15 �C) and for case V(150 �C, 15 �C). For the ORC we
selected the best working fluids and the best process parameters on
the basis of our previous study [24]. For all cases the optimization
criterion was to find for a net power output of 1 MW the minimum
heat capacity flow rate of the heat carrier _CHC This criterion
corresponds to finding a maximum net power output for an
available heat carrier with given temperature and heat capacity
flow rate.

For comparison of the TLC- and the ORC-systems we use two
measures. The first is the exergy efficiency for power production xp
[24] which is linear proportional to 1= _CHC Hence, this measure
corresponds to the applied optimization criterion. Now one may
argue that xp does not fully reflect the situation as in particular for
higher inlet temperatures of the cooling agent the outgoing flows of
the heat carrier and of the cooling agent contain still remarkable
exergy flows which could still be used e.g. in cascade systems or in
combined heat power (CHP) plants. Hence, we use as second
measure the total exergy efficiency x which is the ratio of all
outgoing exergy flows to all incoming exergy flows of the system.

The paper is organized such that in Sec. 2 the TLC- system is
described. As the TLC- process is not so well knownwe explain also
the “ideal” TLC-process. In Sec. 3 the ORC-system is described
shortly as it has been treated previously already in detail in
Ref. [11,24]. In Sec. 4 the supply of the heat to the cycles and its
removal are considered together with a full exergetic analysis of the
systems. In Sec. 5 we consider the five cases mentioned above,



Fig. 2. The Trilateral cycle in the T,s-diagram.
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discuss the selection of theworking fluids and the cycle types of the
ORC-systems and present the optimized results for the TLC- and
ORC- systems. Finally, in Sec. 6 a general discussion and conclusions
will be given.
Fig. 4. T, D _H -diagram for the heat transfer from the heat carrier to the working fluid in
the TLC-systems for cases I and III. - - - - heat carrier,d working fluid.
2. Description of the trilateral cycle

2.1. Configuration of the TLC-system

The TLC-system is shown in Fig. 1 and consists of the trilateral
cycle to which heat is supplied from the heat carrier and removed
by the cooling agent.

The TLC-plant consists of a pump, a heater, a two-phase
expander and a condenser. In state 1 the working fluid is satu-
rated liquid water with temperature T1 at the vapour pressure p1.
Then the pressure of the liquid is increased by the pump to p2 at
state 2 in the homogeneous liquid. Thereafter, the liquid water
Fig. 3. Configuration of an ORC- system with internal heat exchanger (IHE).
enters the heater where it is heated up just to its boiling point at
pressure p2 which is state 3. The temperature T3 is the boiling
temperature at pressure p2. At state 3 the fluid enters the two-
phase expander. In the expander the liquid expands into the wet
vapour region down to pressure p1 and arrives at state 4 with
temperature T1 and vapour content x. During this process step the
working fluid delivers work. Finally, starting from state 4 the wet
vapour is completely condensed till it reaches state 1.

As already mentioned, the heat is supplied to the TLC-plant
from a heat carrier which enters the heater at temperature T5
Fig. 5. T, D _H -diagram for the heat transfer from the heat carrier to the working fluid in
the ORC-s2 -systems for cases I and II. - - - - heat carrier for case I, �, �, �, � heat
carrier for case II,dworking fluid. For case I the pinch is at the cold end of the heat
carrier, for case II the pinch is indicated in the figure.



Fig. 6. T, D _H -diagram for the heat transfer from the heat carrier to the working fluid in
the ORC-o2 -systems for cases I and II. - - - - heat carrier for case I, �, �, �, � heat
carrier for case II,dworking fluid. For case I the pinch is at the cold end of the heat
carrier, for case II the pinch is indicated in the figure.
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and leaves it at temperature T6. The heat is removed by a cooling
agent which enters the condenser at temperature T7 and leaves it
at temperature T8.

The two-phase expander is the technically most challenging
component and may be a turbine, a scroll expander, a screw
expander or a reciprocating engine. Recent developments are
described for a screw-type engine in [39] and for a reciprocating
engine in [40,42,44].

2.2. Thermodynamics of the TLC-process

A schematic representation of the TLC in a temperature vs
entropy (T,s)-diagram is shown in Fig. 2, where CP is the critical
point of the working fluid and the curve connecting points 1, 3, and
CP is the boiling curve. In the following, the quantities Ti, pi, hi, si
Fig. 7. T,h-diagram for the heat transfer from the working fluid to the cooling agent in
the TLC- systems.
and vi denote the temperature, the pressure, the specific enthalpy,
the specific entropy and the specific volume at state point i and the
quantities wij and qij denote the specific work and heat in the
process from state point i to state point j.

At state point 1 the working fluid is saturated liquid water at T1
and the corresponding vapour pressure p1 where T1 ¼ Tmin is the
minimum temperature and p1 ¼ pmin is the minimum pressure in
the TLC. By adiabatic compression to p2 which is the maximum
pressure in the TLC, p2 ¼ pmax, the state point 2 is reached in the
homogeneous liquid at temperature T2. The specific work w12
required for compression with an isentropic pump efficiency
hsP ¼ (h2’ e h1)/(h2 e h1) is w12 ¼ h2 e h1. The hypothetical state
point 20 (not shown in Fig. 2) lies on the isobar p2 and has the same
entropy as state 1, s2’ ¼ s1. From point 2 the liquid flows isobarically
through the heater till it arrives at its boiling temperature at point
3. The temperature T3 is the maximum temperature Tmax in the TLC,
T3 ¼ Tmax. During that process the working fluid takes up the
specific heat q23 ¼ h3 e h2. At point 3 the working fluid enters the
expander where it undergoes a flash expansion till it arrives at
point 4 in the wet vapour region with pressure p1, temperature T1
and vapour content x. During that expansion the specific work
w34 ¼ h4 e h3 is delivered from the expander with the isentropic
expander efficiency hsE¼ (h4 e h3)/(h4’ e h3). The hypothetical state
point 40 shown in Fig. 2 lies on the isobar p1 and has the same
entropy as state 3, s4’ ¼ s3. At state point 4 the working fluid enters
the condenser in which it returns isobarically to state point 1 by
releasing the specific heat q41 ¼ h4 e h1 to the cooling agent.

Summarizing, for the TLC the net specific work isw ¼w12 þw34
and the supplied specific heat is q23. Then the thermal efficiency hth
of the cycle is

hth ¼ jw12 þw34j=q23; (1)

and for a mass flow rate of the working fluid _mWF the net power
output is

j _Wj ¼ _mWFjw12 þw34j: (2)

Finally, the volume flow rate at a given state with specific
volume v is given by

_V ¼ _mWF v: (3)

The thermodynamics of the supply of heat to the cycle and its
removal from the cycle will be considered in Sec. 4 for the TLC- and
the ORC-system.
2.3. The ideal TLC

The concept of the ideal TLC is described already in the literature
[37,40]. But as these sources are difficult to access the ideal TLC is
explained here again shortly for convenience of the reader by using
Fig. 2. As state point 2 is very close to state point 1 in a T,s-diagram it
is assumed in the ideal TLC that point 2 coincides with point 1 in
the T,s-diagram. Then one moves along an isobar from 1 to 3.
Thereafter, the flash expansion from 3 to 4 is assumed to be isen-
tropic so that point 4 coincides with 40. Hence, the ideal TLC is
represented by the isobar from 1 ¼ 2 to 3, the vertical isentrope
from 3 to 4 and the horizontal isotherm from 4 to 1.

For deriving the equation of the isobar in the T,s-diagram, we
start from the thermodynamic relation

dh ¼ Tdsþ vdp; (4)

which for an isobar simplifies to dh ¼ Tds. Moreover using the
isobaric relation dh ¼ cpdT one obtains
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ds ¼ �
cp=T

�
dT; (5)
which, assuming constant cp, can be integrated to yield

s� s1 ¼ cplnðT=T1Þ; (6)

or

T ¼ T1exp
�ðs� s1Þ=cp

�
: (7)

Next, the heat transferred to ideal TLC along the isobar from
1 ¼ 2 to 3 is simply

q23 ¼ cpðT3 � T1Þ; (8)

whilst the heat removed from the ideal TLC along the isotherm
from 4 to 1 is given by the area (with negative sign) below that
isotherm in the T,s-diagram

q41 ¼ �T1ðs4 � s1Þ ¼ �T1ðs3 � s1Þ; (9)

which can be written by using Eq. (6) as

q41 ¼ �cpT1lnðT3=T1Þ: (10)

Ignoring the small work for compression from 1 to 2, the first
law requires that

w34 ¼ �q23 � q41; (11)

which by insertion of (8) and (9) yields the work

w34 ¼ �cpðT3 � T1Þ þ cpT1lnðT3=T1Þ; (12)

and there from the thermal efficiency hth¼�w34/q23 of an ideal TLC
is obtained as

hth ¼ 1� lnðT3=T1Þ=½ðT3=T1Þ � 1�: (13)

Some authors [41] replace the exponential isobar from 1¼ 2 to 3
in the T,s-diagram by a straight line, which then yields the thermal
efficiency hth as

hth ¼ ðT3 � T1Þ=ðT1 þ T3Þ (14)

3. Description of the organic Rankine cycle

3.1. Configuration of the ORC- system

The plant configuration of an ORC-system with internal heat
exchanger (IHE) is shown in Fig. 3. The IHE transfers heat from
(4,4a) to (2,2a) and is not contained in the most simple configu-
ration. The ORC-system shown in Fig. 3 includes also the heat
supply and removal.

The plant without IHE consists of a pump, a heater, a turbine and
a cooler-condenser. In state 1 the working fluid is a saturated liquid
with temperature T1 at the pressure p1, where T1 ¼ Tmin is the
minimum temperature and p1 ¼ pmin is the minimum pressure in
the cycle. Then the pressure of the liquid is increased by the pump
with isentropic pump efficiency hsP to p2 ¼ pmax, which is the
maximum pressure in the cycle. Thereafter, the fluid is heated in an
isobaric process to the temperature T3 ¼ Tmax which is the
maximum temperature in the cycle. In case that pmax is lower than
the critical pressure pc of the working fluid, the process step from 2
to 3 includes heating of the liquid to saturation, evaporation of the
liquid and eventually superheating of the vapour. In case that pmax
is higher than pc, there is no phase transition in going from 2 to 3
and the fluid in state 3 is supercritical. At state point 3 the fluid
enters the turbine where it expands with isentropic expander
efficiency hsE to the pressure pmin at state 4 and delivers work in
this process step. Finally, starting from state 4 the fluid is first
cooled to the temperature Tmin and then condensed in an isobaric
process till it reaches state 1.

It is known e.g. from [11,24] that for many cycles the tempera-
ture at state 4 after the turbine is considerably higher than at state
1. Hence it may be rewarding to implement an IHE for heat recovery
within the cycle. The low pressure vapour cools down from state 4
to 4a and the heat is transferred to the compressed liquid which is
heated up from state 2 to state 2a.

The heat supply in the heater and its removal in the cooler-
condenser are also shown in Fig. 3 and are similar to those in the
TLC-system.

3.2. Thermodynamics of the ORC process

ORC-processes have a greater variety than TLCeprocesses
[11,24]. With respect to the maximum pressure they can either be
subcritical or supercritical (s), the shape of the coexistence curve
can either be bell-shaped (b) or overhanging (o) and in subcritical
cycles state 3 can either be on the dew line or in the superheated
vapour. Moreover, the cycle can be run with or without IHE. For
clarity, we have introduced in [11] a nomenclature which distin-
guishes subcritical cycles b1, b2, b3 for bell-shaped T,s-diagrams,
subcritical cycles o2, o3 for overhanging T,s-diagrams, and super-
critical cycles s1, s2. Here, wewill consider only s2 and o2 cycles, for
which T,s- diagrams are shown in Figs. 2 and 4 of [24].

From the T,s-diagrams in Figs. 2 and 4 of [24] it can be seen that
for the cycles s2 and o2 the temperature T4 at state 4 can be
remarkably higher than the temperature T1 of the condenser. Hence
it is rewarding to use an IHE inwhich the hot stream is cooled down
from T4 to T4a which has to be higher than T2; we call
T4a e T2 ¼ DTIHE. The enthalpy difference h4 e h4a is transferred
adiabatically to the cold stream which is heated up from T2 to T2a
with an enthalpy difference h2a e h2 ¼ h4 e h4a.

In the cycles without IHE the heat q23 ¼ h3 e h2 is added to the
working fluid during the process (2-3) and the heat q41 is removed
from it during the process (4e1). The work w34 is taken from the
turbine during the process (3e4) and a small amount of workw12 is
required to pump the liquid during the process (1e2). For the heat
q41 and the worksw12 andw34 the same equations hold for the ORC
as for the TLC. Hence, the thermal efficiency of a cycle without IHE
is given again by Eq. (1) whilst for a cycle with IHE only the heat
q2a3 has to be added to the working fluid and hence the thermal
efficiency is given in these cases as

hth ¼ jw12 þw34j=q2a3ðORC with IHEÞ: (15)

For a mass flow rate of the working fluid _mWF the net power
output is given by Eq. (2) and the volume flow rate by Eq. (3).

4. The TLC- and the ORC- systems with supply and removal of
the heat

As already mentioned in the Introduction the efficiency of the
heat to power conversion systems does not only depend on the
thermal efficiency of the cycle but also substantially on the heat
transfer to the cycle and to minor extent also on the heat removal
from the cycle. For the operation of such a system, one usually has
a heat carrier available with a given inlet temperature T5, a mass
flow rate _mHC and a heat capacity cp,HC. It is convenient to combine
the two latter quantities to the heat capacity flow rate
_CHC ¼ cp;HC _mHC . On the cold end one has a cooling agentwith inlet
temperature T7 which may either be close to the environmental
temperature or remarkably higher in case that the removed heat is
still used, e.g. in district heating or a cascade process. The required



Fig. 8. T,h-diagram for the heat transfer from the working fluid to the cooling agent in
the ORC e systems.
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mass flow _mCA of the cooling agent or its hho;eat capacity flow rate
_CCA ¼ cr;CA$ _mCA will result from the design of the whole system.

The remaining question is that for the objective function to
which the system shall be optimized. For sure, a minimization of
the exergy loss may be of interest but from a practical point of view
one might be more interested in maximizing the net power output
j _Wj. For convenience of comparison we decided here as already in
[24] to assume a given net power output j _Wj of 1MWand to take as
objective function the minimum of the heat capacity flow rate _CHC
of the heat carrier. To summarize, the boundary conditions of the
system are T5, T7 and the net power output j _Wj ¼ 1MWwhilst the
objective function for minimization is the heat capacity flow rate
_CHC of the heat carrier.

The items at issue are now the heat transfers in the heater and
the cooler-condenser. These heat transfers shall be considered by
pinch analyses using T;D _H -diagrams.

Throughout this paper we assume that the heat carrier and the
cooling agent flow through the heat exchangers with constant
pressure and that their isobaric heat capacities cp,HC and cp,CA are
constant. By these assumptions one obtains for the heat carrier and
the cooling agent linear relationships for the temperature T as
function of the enthalpy flow rate D _H.

In the actual calculations we start for a selected working fluid
and cycle type with given values of T5 and T7. Moreover, we couple
throughout this paper T1 to T7 by T1 ¼ T7 þ 23 K and start with
a trial-and-error temperature T3. With these values of T1 and T3 the
thermodynamic calculations of the working fluid cycle are per-
formed which yield w12, q23 or q2a3, w34, and q41 or q4a1. Then the
mass flow rate _mWF is determined by the requirement that the net
power output j _Wj ¼ _mWFjw12 þw34j is just 1 MW. Knowing _mWF
allows the calculation of the heat flow rates _Q23 for TLC or _Q2a3 for
ORC which have positive signs and of _Q41 for TLC or _Q4a1 for ORC
which have negative signs by _Qij ¼ _mWFqij As the heat exchangers
are assumed as adiabatic these quantities yield immediately the
heat flow rates _Q56 (negative) and _Q78 (positive) as _Q56 ¼ � _Q23
for TLC or _Q56 ¼ � _Q2a3for ORC and _Q78 ¼ � _Q41 or _Q78 ¼ � _Q4a1
for TLC or ORC resp. In subsequent steps one has to account for the
heat transfer to the working fluid which is explained below.
4. 1. Heat transfer to the working fluid

In the heater the heat flow rate j _Q56j has to be transferred which
is given by

j _Q56j ¼ _mHC cp;HCðT5 � T6Þ ¼ _CHCðT5 � T6Þ; (16)

wherein T6 and _CHC are still to be determined. From Eq. (16) it is
clear that for given j _Q56j the value of _CHC decreases with decreasing
T6. This is also intuitively clear as with increasing cooling of the heat
carrier more heat can be transferred to the working fluid. The
cooling of the heat carrier, however, is limited by the occurrence of
a pinch point between the heat carrier and theworking fluid, which
has now to be found. First one has to determine the T vs h function
for the working fluid in the heater, i.e. for the process from 2 or 2a
to 3. There from the enthalpy flow rate D _H ¼ _mWF$ðh� h2Þ or
D _H ¼ _mWF$ðh� h2aÞ and hence also the T vs D _H function of the
cold stream can be determined. Such curves have already been
shown in Fig. 8 �10 of [11]. Next, the T vs D _H function of the hot
stream, i.e. of the heat carrier, has to be considered which can be
obtained from D _H ¼ j _Q56j þ _CHC$ðT � T5Þ as

T ¼ T5 þ
��� _Q56j= _CHC

��
D _H=

�� _Q56
��� 1

�
(17)

with the still unknown value of _CHC which determines the slope of
this straight line. The next task is then to find the pinch point by
variation of the slope of the straight line till the minimum differ-
ence between the hot and cold stream curve DTp becomes just
equal to a prescribed value which is assumed to be 10 K. The
temperature of the hot stream at that pinch point (or the upper
pinch point temperature) is denoted by Tp. The largest possible
slope j _Q56j= _CHC of Eq.(17) determines then the minimum heat
capacity flow rate _CHC of the heat carrier.

As the procedure was started for a selected working fluid and
a selected cycle type and a trial-and-error temperature T3 for given
values of (T5, T7) one has to vary now first the temperature T3 again
with the objective to find a minimum value of _CHC. In the ORC-
systems one has thereafter still to screen different cycle types and
working fluids.

Finally, we want to point out that the net power is given as
j _Wj ¼ j _Q56jhth or by use of Eq. (16) as

j _Wj ¼ _CHCðT5 � T6Þhth; (18)

which means that for a given net power output j _Wj of 1 MW the
minimum of _CHC is obtained by the maximum of the product
(T5 e T6) hth. We remind that the thermal efficiency of the cycle is
essentially determined by the maximum cycle temperature T3
which can be achieved in the process. Concluding, the heat capacity
flow rate _CHC can be minimized by a low value of T6 and a high
value of T3.

4.1.1. Heat transfer to the working fluid in the TLC
Fig. 4 shows the T, D _H -diagram for the heat transfer from the

heat carrier to the working fluid in the TLC-systems for Case I
(T5 ¼ 623.15 K, T7 ¼ 335.15 K, T1 ¼ 358.15 K) and Case III
(T5 ¼ 553.15 K, T7 ¼ 288.15 K, T1 ¼311.15 K). In that Figure as well as
in the subsequent Figs. 5 and 6 the enthalpy flow rateD _H is reduced
by j _Q56j to obtain a scale from 0 to 1. The dashed lines refer to the
heat carrier, the full lines to the working fluid.

For Case I the heat carrier line ranges from T6 ¼ 370.53 K to
T5 ¼ 623.15 K with the upper pinch point temperature being at
Tp ¼ 416.16 K, whilst the working fluid water with pressure
p2 ¼ 10.821 MPa is heated from T2 ¼ 360.20 K to the boiling point
temperature T3 ¼ 590.00 K. Hence, the temperature difference
between the heat carrier and the working fluid amounts at the cold
end to T6 eT2 ¼ 10.33 K, decreases at the pinch point to DTp ¼ 10 K
and increases at the hot end to T5 e T3 ¼ 33.15 K.

For Case III the heat carrier line ranges from T6 ¼ 322.39 K to
T5 ¼ 553.15 K with the upper pinch point temperature being at
Tp ¼ 388.53 K, whilst the working fluid water with pressure
p2 ¼ 4.7574 MPa is heated from T2 ¼ 311.90 K to the boiling point
temperature T3 ¼ 534.00 K. Hence, the temperature difference
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between the heat carrier and the working fluid amounts at the cold
end to T6 e T2 ¼ 10.49 K, decreases at the pinch point to DTp ¼ 10 K
and increases at the hot end to T5 e T3 ¼ 19.15 K.

We observe from the Fig. 4 that the water isobars are in essence
straight lines which become slightly curved downwards at higher
temperatures. Because of this curvature the heat carrier and the
working fluid curves are not strictly parallel and the temperature
gap is larger at the hot end than at the cold end. Moreover, this
curvature is the reasonwhy the pinch point does not occur between
states 2 and 6 but at some higher temperature.

With regard to the minimization of the heat capacity flow rate
_CHC according to Eq. (18) we note that the temperatures T6 are very
low and only a few tenth of K above their limiting value T2 þ DTp.
Moreover, the maximum cycle temperatures T3 are also rather high
and not very far below the heat carrier inlet temperature T5. Both
these facts are very favorable for low _CHC -values, which will be
presented in Sec. 5.

4.1.2. Heat transfer to the working fluid in the ORC
Fig. 5 shows the T, D _H -diagram for the heat transfer from the

heat carrier to the working fluid cyclopentane in the ORC-s2
-systems for case I (T5 ¼ 623.15 K, T7 ¼ 335.15 K, T1 ¼ 358.15 K)
and Case II (T5 ¼ 553.15 K, T7 ¼ 335.15 K, T1 ¼ 358.15 K). The dashed
line refers to the heat carrier for Case I, the dashed-dotted line
refers to the heat carrier for Case II, and the full line refers to
cyclopentane at the supercritical pressure p2 ¼ 5.412 MPa. First, we
observe from Fig. 5 that the supercritical isobar of cyclopentane has
a strong curvature in particular at higher temperatures.

For the ORC-s2 -system in Case I the heat carrier line ranges
from T6 ¼ 394.29 K to T5 ¼ 623.15 K with the upper pinch point
temperature being at the cold end, i.e. Tp¼ T6¼ 394.29 K, whilst the
working fluid cyclopentane is heated from T2a ¼ 384.29 K to the
temperature T3 ¼ 529.00 K. Hence, the temperature difference
between the heat carrier and the working fluid amounts at the cold
end with the pinch point DTp ¼ T6 e T2a ¼ 10.00 K and increases at
the hot end to T5 e T3 ¼ 94.15 K. Because of the latter large
temperature difference, the curvature of the cyclopentane isobar
does not show any interference with the straight line of the heat
carrier which can be cooled down to only 10 K above T2a which is
favorable for minimizing _CHC. The temperature difference T5 e T6 is
228.86 K. On the other hand, the maximum cycle temperature T3 is
remarkably lower in the ORC-s2-system than in the TLC-system for
Case I.

For the ORC-s2 -system in Case II the heat carrier line ranges
from T6 ¼ 428.68 K to T5 ¼ 553.15 K with the upper pinch point
temperature being Tp ¼ 510.06 K, which is indicated in Fig. 5. The
working fluid cyclopentane is heated from T2a ¼ 384.29 K to the
temperature T3 ¼ 529.00 K. Hence, the temperature difference
between the heat carrier and the working fluid amounts at the cold
end to T6 e T2a ¼ 44.39 K, decreases at the pinch point to DTp¼ 10 K
and increases at the hot end to T5 e T3 ¼ 24.15 K. Here, the
temperature difference at the hot end is rather small and in order to
keep the temperature difference between the straight line of the
heat carrier and the strongly curved isobar of the working fluid
larger or equal to DTp ¼ 10 K the slope of the heat carrier line has to
be rather flat. This results in the large temperature difference of
44 K at the cold end which is less favorable for minimizing _CHC. The
temperature difference T5 e T6 is only 124.47 K.

Fig. 6 shows the T, D _H -diagram for the heat transfer from the
heat carrier to the working fluid cyclopentane in the ORC-o2
-systems for Case I and Case II. The dashed line refers to the heat
carrier for Case I, the dashed-dotted line refers to the heat carrier
for Case II. The full line shows the isobar of cyclopentane at the
subcritical pressure p2 ¼ 3.342 MPa which reaches its boiling point
at 489.00 K and continues horizontally till its dew point. One
should note that this isobar shows a slight curvature before it
reaches the boiling point.

For the ORC-o2 -system in Case I the heat carrier line ranges
from T6 ¼ 390.27 K to T5 ¼ 623.15 K with the upper pinch point
temperature being at the cold end, i.e. Tp ¼ T6, whilst the working
fluid cyclopentane is heated from T2a¼ 380.27 K to the temperature
T3 ¼ 489.00 K. Hence, the temperature difference between the heat
carrier and the working fluid amounts at the cold end with the
pinch point DTp ¼ T6 e T2a ¼ 10.00 K and increases at the hot end to
T5 e T3 ¼ 134.15 K. Again, because of that large temperature
difference, the curvature of the cyclopentane isobar does not show
any interference with the straight line of the heat carrier which can
be cooled down here in the o2 system like in the above considered
s2 system to only 10 K above T2a which is again favorable for
minimizing _CHC. The temperature difference T5 e T6 ¼ 232.88 K is
even 1.8% larger than for the Case I ORC-s2- system. On the other
hand, the maximum cycle temperature T3 is lower by 40 K in the
ORC-o2-system than in the ORC-s2-system. As a consequence, hth is
larger by 7.5% for the s2-cycle than for the o2-cycle which can be
seen from Table 10 of [24]. Hence, according to Eq. (18) the ORC-s2-
system has a smaller _CHC value than the ORC-o2-system for Case I.

For the ORC-o2 -system in Case II the heat carrier line ranges
from T6 ¼ 408.70 K to T5 ¼ 553.15 K. The pinch point which is
indicated in Fig. 6 is somewhat below the boiling point with the
upper pinch point temperature being Tp ¼ 483.47. The working
fluid cyclopentane is heated from T2a¼ 380.27 K to the temperature
T3 ¼ 489.00 K. Hence, the temperature difference between the heat
carrier and the working fluid amounts at the cold end to
T6 e T2a ¼ 28.43 K, decreases at the pinch point to DTp ¼ 10 K and
increases at the hot end to T5 e T3 ¼ 64.15 K. The present subcritical
isobar does not interfere so much with the heat carrier straight line
as the supercritical isobar which, as a consequence, allows
a somewhat steeper slope of the heat carrier line. Hence the outlet
temperature T6 here is about 20 K lower than for the s2 case. This
yields a temperature difference T5 e T6 for the o2 ecycle which is
16% larger than that for the s2- cycle. Even though hth of the o2-
cycle is smaller than that of the s2- cycle by 7% this can not
balance the larger temperature difference and hence, according to
Eq. (18), the o2 cycle has the smaller _CHC -value for Case II.
4. 2. Heat transfer from the working fluid

On the cold end one has a cooling agent with inlet temperature
T7 which may either be close to the environmental temperature or
remarkably higher in case that the removed heat is still used as e.g.
in district heating or a cascade process. The requiredmass flow _mCA
of the cooling agent or its heat capacity flow rate _CCA ¼ cp;CA$ _mCA
will result from the design of the whole system.

4.2.1. Heat transfer from the working fluid in the TLC
In the TLC we have at state 4 wet vapour with temperature T1

which has to be completely condensed by removing heat from the
working fluid till it reaches state 1. The heat is transferred to the
cooling agent which enters the system with temperature T7 and
leaves it with temperature T8. The process is shown schematically
in a T,h-diagram in Fig. 7 which also shows the pinch between
points 4 and 8. The heat flow rate to be released by the working
fluid is _Q41 ¼ _mWF (h1 e h4) which is completely received by the
cooling agent according to _Q41 ¼ � _Q78 The latter quantity can also
be written as

_Q78 ¼ _CCAðT8 � T7Þ: (19)

As already mentioned we use throughout the paper
T1 ¼ T7 þ 23 K. Moreover, we assume here as everywhere in this
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paper that the temperature difference at the pinch point DTp is 10 K,
which means that T8 ¼ T1 e 10 K. Hence, T8 e T7 ¼ 13 K, which
allows the calculation of the heat capacity flow rate _CCA of the
cooling agent from Eq. (19).

4.2.2. Heat transfer from the working fluid in the ORC
In the ORC we have at state 4a superheated vapour with

temperature T4a which has firstly to be cooled down to state 1”
which is the dew point corresponding to the boiling point state 1.
There from the working fluid has to be completely condensed till it
reaches state 1. The heat is transferred to the cooling agent which
enters the system with temperature T7 and leaves it with temper-
ature T8. The process is shown schematically in a T,h-diagram in
Fig. 8 which also shows that there is a pinch between state 1” and
a state of the cooling agent called 8a.

We make now similar assumptions for the temperatures as in
Sec. 4.2.1. We prescribe the inlet temperature of the cooling agent
T7, assume for the condensation temperature of the working fluid
T1¼ T7 þ 23 K and for the temperature difference at the pinch point
DTp ¼ 10 K, which means that T8a ¼ T1 e10 K or T8a e T7 ¼ 13 K. In
order to determine the heat capacity flow rate _CCA and the
temperature T8, we have to make now separate balances for the
cooling and the condensation. Similarly as above, we have now for
the condenser

j _Q100;1j ¼ _Q7;8a ¼ _CCAðT8a � T7Þ; (20)

wherefromwe obtain the heat capacity flow rate _CCA. Next we have
for the condenser

j _Q4a;100 j ¼ _Q8a;8 ¼ _CCAðT8 � T8aÞ; (21)

which allows the calculation of the temperature T8.
4.3. Exergy equations

As we assume the cooling agent inlet temperature T7 to be
T7 ¼ T1 e 23 K and the lowest value of T1 in our case studies is
311.15 K, the lowest values for T7 is 288.15 K (¼15 �C) which we also
assume to be the environmental temperature Tu.

Generally, for a state point i and a mass flow rate _m the exergy
flow rate _Ei is given as

_Ei ¼ _miei; (22)

where ei is the specific exergy at state i which is known to be

ei ¼ ðhi � huÞ � Tuðsi � suÞ; (23)

where the subscript u refers to the conditions of the environment. If
the flow of the fluid is isobaric and its heat capacity cp is assumed as
constant, we have

hi � hu ¼ cpðTi � TuÞ; (24)

si � su ¼ cplnðTi=TuÞ; (25)

and using the heat capacity flow rate _C ¼ _mcp we obtain for the
exergy flow rate

_E_i ¼ _C½ðTi � TuÞ � TulnðTi=TuÞ�: (26)

The latter equation can now be specified for the incoming
exergy flow rate _E5 and the outgoing exergy flow rate _E6 of the heat
carrier as well as for the incoming exergy flow rate _E7 and the
outgoing exergy flow rate _E8 of the cooling agent by using for Ti the
appropriate temperatures.
With Eq. (26) the exergy efficiencies defined in the Introduction
can now be formulated. The exergy efficiency for power production
xp was defined as ratio of the net power output to the incoming
exergy flow rate of the heat carrier and is obtained as

xP ¼ j _Wj=� _Chc½ðT5 � TuÞ � Tu lnðT5=TuÞ�
�
; (27)

whilst the total exergy efficiency x defined as ratio of all outgoing
exergy flows to all incoming exergy flows is given as

x ¼ ��� _Wj þ _E6 þ _E8
�	�

_E5 þ _E7
�
: (28)

5. Case studies

In this Sectionwe consider five cases which are characterized by
different pairs of inlet temperatures of the heat carrier T5 and of the
cooling agent T7. General assumptions throughout are, that
T1 ¼ T7 þ 23 K and that all pinch point temperature differences DT
amount to 10 K. This refers to the pinch points in the heater, in the
condenser or the cooler-condenser and for the ORC in the IHE
(T4a ¼ T2 þ 10 K). Next, we assume for the isentropic pump effi-
ciency hsP ¼ 0.65 and for the isentropic expander efficiency
hsE¼ 0.85. Finally, all flow rates will be given for a net power output
j _Wj of 1 MW.

The thermodynamic data for water are taken from the Wagner
equation of state [46] which is easily accessible via the NIST web-
book [47]. For the organic working fluids we use the BACKONE
equation of state [48] with the substance specific parameters given
in [24,49].

In the following subsections we will discuss details of the
particular cases. The data for all cases are summarized in Table 1.
First, this table shows the heat carrier inlet temperature T5 and the
cooling agent inlet temperature T7. Then the table shows the
optimal cycle type and working fluid followed by the optimal case
results for the cycle data T1, T2a, T3, T4, T4a, p1, p3, _V3, _V4, _Q2;2a, x, hth,
for the heat carrier data T6, Tp, j _Q56j, _CHC, and for the cooling agent
data T8, _Q78, _CCA. Finally, the optimal case results for the exergies
_E5, _E6, _E7, _E8 and for the exergy efficiencies x and xp are shown.

5.1. Case I: T5 ¼ 350 �C, T7 ¼ 62 �C

The Case I input data are T5 ¼ 623.15 K, T7 ¼ 333.15 K, and
consequently T1 ¼ 358.15 K.

For the TLC the only free parameter is the boiling temperature
T3. Using the optimization criterion of minimal heat capacity flow
rate _CHC of the heat carrier for net power production j _Wj ¼ 1MW
we found by trial and error as optimal value T3 ¼ 590 K. For that
temperature the heat capacity flow rate _CHC being the objective
function is _CHC ¼ 20:00kW=K , the exergy efficiency for power
production is xp ¼ 0.44, and the total exergy efficiency is x ¼ 0.87.
For all the other data we refer to Table 1.

For the ORC we have found in [24] that the lowest value of _CHC is
obtained with cyclopentane in the supercritical s2 cycle. The
pressure p3 was taken to be 1.2pc with pc being the critical pressure
as the value 1.2pc was found in [24] to be an optimal pressure for
supercritical cycles. The temperature T3¼ 529 Kwas determined by
the consideration that 1) higher temperatures on the selected
isobar increase _CHC and that 2) the expansion should not go
through the wet vapour region. Hence the criterion for T3 is that the
entropy at state point 3 on the isobar p ¼ 1.2pc is just slightly larger
than the maximum entropy on then dew line which occurs at
489 K. For that optimized point 3 one obtains for the heat capacity
flow rate _CHC ¼ 23:45kW=K, for the exergy efficiency for power
production xp¼ 0.38, and for the total exergy efficiency x¼ 0.84. For
all the other data we refer again to Table 1. We mention that we



Table 1
Results for minimal heat capacity flow rate _CHC of the heat carrier at given heat carrier inlet temperature Tin,HC ¼ T5, cooling agent inlet temperature Tin,CA ¼ T7, and net power
output j _Wj ¼ 1 MW (T1 ¼ T7 þ 23 K, Tu ¼ 288.15 K, pinch point temperature differences DT ¼ 10 K, hsP ¼ 0.65, hsT ¼ 0.85).

Case I Case II Case III Case IV Case V

T5 (K) 623.15 553.15 553.15 493.15 423.15
T7 (K) 335.15 335.15 288.15 288.15 288.15
Cycle type TLC ORC-s2 TLC ORC-o2 TLC ORC-o2 TLC ORC-s2 TLC ORC-s2
Work fluid water cC5H10 water cC5H10 water cC5H10 water nC4H10 water C3H8

T1 (K) 358.15 358.15 358.15 358.15 311.15 311.15 311.15 311.15 311.15 311.15
T2a (K) e 384.29 e 380.27 e 337.65 e 321.54 e e

T3 (K) 590.00 529.00 534.00 489.00 534.00 470.00 479.00 443.60 412.00 390.00
T4 (K) 358.15 401.00 358.15 396.41 311.15 357.09 311.15 333.55 311.15 314.03
T4a (K) e 372.88 e 370.63 e 322.96 e 324.86 e e

p1 (kPa) 57.87 288.8 57.87 288.8 6.633 68.88 6.633 359.7 6.633 1309
p3 (kPa) 10,821 5412 4757 3342 4757 2546 1754 4706 350 5097
_V3ðl=sÞ 7.00 51.0 10.4 121.0 6.24 113.7 9.53 74.8 22.4 201.3
_V4ðl=sÞ 4993 1778 6540 1937 33,546 4824 43,550 1711 69,896 997
_Q2;2aðkWÞ e 539 e 530 e 380 e 236 e e

x 0.3739 e 0.2843 e 0.3184 e 0.2466 e 0.1561 e

hth 0.1979 0.1863 0.1585 0.1727 0.2183 0.2329 0.1706 0.1608 0.1136 0.1024
T6 (K) 370.53 394.29 369.15 408.70 322.39 372.89 321.42 333.18 321.22 335.48
Tp (K) 416.16 394.29 386.57 483.47 388.53 480.00 321.42 368.16 321.22 370.32
j _Q56jðkWÞ 5054 5368 6309 5790 4581 4294 5862 6217 8800 9766
_CHCðkW=KÞ 20.00 23.45 34.29 40.08 19.85 23.82 34.14 38.86 86.33 111.4
T8 (K) 348.15 348,94 348.15 348,85 301.15 301.65 301.15 302.13 301.15 301.42
_Q78ðkWÞ 4054 4368 5308 4790 3746 3309 4862 5217 7800 8766
_CCAðkW=KÞ 311.81 316.63 408.30 349.66 288.15 245.15 374.00 373.2 600.0 660.6
_E5ðkWÞ 2255 2644 2643 3016 1530 1836 1713 1950 2096 2705
_E6ðkWÞ 198 370 330 795 37 249 61 124 152 391
_E7ðkWÞ 1080 1096 1413 1210 0 0 0 0 0 0
_E8ðkWÞ 1714 1784 2244 1964 82 75 106 99 171 196
x 0.8732 0.8440 0.8812 0.8895 0.7314 0.7211 0.6813 0.6272 0.6312 0.5867
xp 0.4435 0.3782 0.3784 0.3316 0.6536 0.5447 0.5838 0.5128 0.4771 0.3697
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have investigated in [24] also a) the o2 cycle with T3 ¼ 489 K and
p3 ¼ 0.74pc where the maximal entropy on the dew line occurs and
b) the o3 cycle with p¼ 0.9pc and T3¼ 513.45 Kwhich is 10 K higher
than the saturation temperature for p ¼ 0.9pc in order to avoid
expansion through the wet region. We found for the o2 cycle _CHC ¼
24:9kW=K (xp ¼ 0.36) and for the o3 cycle _CHC ¼ 24:0kW=K
(xp ¼ 0.37) which are both slightly worse than for the s2 cycle.

Comparing the optimized results for the TLC and the ORC-s2
cycle we note that the exergy efficiency for power production xp
is larger by 17% for the TLC. The better xp result of the TLC in
comparison with the ORC-s2 is caused by the difference in the heat
transfer to the working fluid shown in Figs. 4 and 5 which was
discussed in Sec. 4.2. The difference in the heat transfer between
the ORC- s2 and the ORC-o2 can be seen from Figs. 5 and 6 and was
also discussed in Sec. 4.2.

It is also seen from Table 1 that the total exergy efficiency x is
only larger by 3% for the TLC than for the ORC-s2. The main reason
for that small difference is that the outlet temperature T6 of the heat
carrier is 24 K higher for the ORC than for the TLC and hence also
the outgoing exergy flow rate of the heat carrier _E6 is remarkably
higher for the ORC which is favorable for cascade systems or in CHP
plants.

Finally, wewant to draw the attention to the volume flows at the
inlet of the expander _V3 and at the outlet of the expander _V4. For
the TLC the volume flow _V3 is 7.00 l/s and increases up to
_V4 ¼ 4993 l=s which is an increase by a factor of 710. For the ORC
the volume flow _V3 is 51.0 l/s and increases up to _V4 ¼ 1778 l/s
which is an increase by a factor of 35.
5.2. Case II: T5 ¼ 280 �C, T7 ¼ 62 �C

The Case II input data are T5 ¼ 553.15 K, T7 ¼ 333.15 K, and
consequently T1 ¼ 358.15 K.
For the TLC we found by trial and error as optimal temperature
T3 ¼ 534 K. For that temperature the heat capacity flow rate is
_CHC ¼ 34:29kW=K, the exergy efficiency for power production is
xp ¼ 0.38, and the total exergy efficiency is x ¼ 0.88.

For the ORC we have found in [24] that the lowest value of _CHC is
obtained with cyclopentane in the subcritical o2 cycle. with
T3 ¼ 489 K and p3 ¼ 0.74pc where the maximal entropy on the dew
line occurs. For that optimized point 3 one obtains for the heat
capacity flow rate _CHC ¼ 40:08kW=K , for the exergy efficiency for
power production xp ¼ 0.33, and for the total exergy efficiency
x ¼ 0.89. We mention that we have investigated in [24] also the s2
and the o3 cycle with the same state points 3 as in Case I. We found
for the s2 cycle _CHC ¼ 43:1kW=K (xp ¼ 0.30) and for the o3 cycle
_CHC ¼ 44:6kW=K (xp¼ 0.29) which are both somewhat worse than
for the o2 cycle. It is interesting to note that in Case I the best ORC
cycle is of s2 type whilst in Case II the best ORC cycle is o2. This
difference is again caused by the heat transfer as is shown in Figs. 5
and 6 and was discussed in Sec. 4.2.

Comparing the optimized results for the TLC and the ORC-o2
cycle we note that the exergy efficiency for power production xp
is larger by 14% for the TLC. On the other hand, the total exergy
efficiency x is now even slightly larger for the ORC than for the TLC
which is caused by the rather high outlet temperature of the heat
carrier T6.

Finally, we note that the volume flows show a similar behavior is
in Case I.
5.3. Case III: T5 ¼ 280 �C, T7 ¼ 15 �C

The Case III input data are T5 ¼ 553.15 K, T7 ¼ 288.15 K, and
consequently T1 ¼ 311.15 K.

For the TLC we have as in Case II as optimal temperature
T3 ¼ 534 K. Then the heat capacity flow rate is _CHC ¼ 19:85kW=K,
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the exergy efficiency for power production is xp ¼ 0.65, and the
total exergy efficiency is x ¼ 0.73.

The best ORC was found with cyclopentane in an o2 cycle with
T3 ¼ 470 K and p/pc ¼ 0.5645. Therewith, _CHC ¼ 23:82kW=K,
xp ¼ 0.54, and x ¼ 0.72.

Comparing the optimized results for the TLC and the ORC-o2
cycle we note that the exergy efficiency for power production xp
is larger by 20% for the TLC whilst the total exergy efficiency x is
only larger by 1.4% for the TLC than for the ORC-o2. These results
can be understood first by the very good match of the heat carrier
and the working fluid curves for the TLC in the T,D _H -diagram
shown in Fig. 4. Second, for the ORC-o2 cycle the pinch occurs at the
boiling point and the heat carrier outlet temperature T6 is 35 K
higher than the temperature T2a of the working fluid at the inlet of
the heater.

Finally, we note that the volume flows at the inlet of the
expander _V3 are of the same order as in Cases I and II. At the outlet
of the expander _V4, however, becomes very high in particular for
the TLC where it amounts to 33,546 l/s. The reason for that is low
water vapour pressure of 6.6 kPa at the outlet temperature 311.15 K.

5.4. Case IV: T5 ¼ 220 �C, T7 ¼ 15 �C

The Case IV input data are T5 ¼ 493.15 K, T7 ¼ 288.15 K, and
consequently T1 ¼ 311.15 K.

For the TLC we have found now as optimal temperature
T3 ¼ 479 K. Then the heat capacity flow rate is _CHC ¼ 34:14kW=K ,
the exergy efficiency for power production is xp ¼ 0.58, and the
total exergy efficiency is x ¼ 0.68.

For the ORC we did not consider cyclopentane anymore as
working fluid because its critical temperature Tc ¼ 511.7 K is too
high for the given value of T5 ¼ 493.15 K. Instead, we considered n-
pentane with Tc ¼ 469.65 K and n-butane with Tc ¼ 425.20 K. For n-
pentane we performed calculations for o2-cycles and found the
minimal heat capacity flow rate _CHC for T3 ¼ 413.43 K as
_CHC ¼ 43:55kW=K For n-butane we considered an s2-cycle with
p3 ¼ 1.2pc and T3 ¼ 443.60 K. The criterion for selection of T3 is the
same as in Case I, namely that the entropy at state point 3 on the
isobar p¼ 1.2pc is just slightly larger than themaximum entropy on
the dew line. With this selection we obtained for n-butane
_CHC ¼ 38:86 which is 11% lower than the optimal o2 result with n-
pentane. Furthermore, this ORC-s2 cycle with n-butane yields for
the exergy efficiency for power production xp ¼ 0.51 and for the
total exergy efficiency x ¼ 0.63.

Comparing the optimized results for the TLC and the ORC-s2
cycle we note that the exergy efficiency for power production xp
is larger by 14% for the TLC whilst the total exergy efficiency x is
larger by 9% for the TLC than for the ORC-s2. These results agree
quite well with those obtained in the previous cases.

Regarding the volume flows, the _V4 value for the TLC becomes
now still higher as in Case III because for the same net power output
j _Wj ¼ 1MW and a lower value of T5 the water mass flow has to
increase. For the organic working fluid the value _V4 decreases in
going from cyclopentane for Case III to n-butane in Case IV because
the vapour pressure of n-butane is five times larger than that of
cyclopentane at T1 ¼ 311.15 K.

5.5. Case V: T5 ¼ 150 �C, T7 ¼ 15 �C

The Case V input data are T5 ¼ 423.15 K, T7 ¼ 288.15 K, and
consequently T1 ¼ 311.15 K.

For the TLC we have found now as optimal temperature
T3 ¼ 412 K. Then the heat capacity flow rate is _CHC ¼ 86:33kW=K,
the exergy efficiency for power production is xp ¼ 0.48, and the
total exergy efficiency is x ¼ 0.63.
For the ORC we take now propane as working fluid. This choice
is based on the idea to have a similar ratio Tc/T5 as in Case IV
where this ratio is 0.86. In Case V the heat carrier inlet temper-
ature is 423.15 K and with the critical temperature of propane
being Tc ¼ 369.825 K one obtains the ratio Tc/T5 ¼ 0.87. Before
discussing the results we want to mention two peculiarities of
this case.

First, the coexistence curve of propane in the T,s-diagram is bell-
shaped in contrary to cyclopentane and n-butane, which have an
overhanging dew line. This simply is a consequence of our
hypothesis [24] that the coexistence curve in the T,s-diagram
becomes less skewed with decreasing ideal gas heat capacity of
the considered fluid.

The second peculiarity is a consequence of the first. As the dew
line is not overhanging the end point 4 of a dry expansion in the
turbine does not need to be far away from the dew line and in such
a case an IHE is not required.

We decided to consider again an ORC-s2 cycle with the super-
critical isobar for p3 ¼ 1.2pc and took T3 ¼ 390 K. This selection of
point 3 resulted in a temperature T4 ¼ 314.03 K which is between
T1 ¼ 311.15 K and T2 ¼ 315.81 K. With this point 3 we obtain for the
heat capacity flow rate _CHC ¼ 111:4kW=K, for the exergy efficiency
for power production xp ¼ 0.37, and for the total exergy efficiency
x ¼ 0.59.

Comparing the optimized results for the TLC and the ORC-s2
cycle we note that the exergy efficiency for power production xp
is now larger by 29% for the TLC whilst the total exergy efficiency x

is larger by 8% for the TLC than for the ORC-s2.
We were somewhat surprised about this 29% higher TLC result

because in Cases I to IV xp for TLC was only higher than for ORC by
14%e20%. Hence, we checked our calculation by using alternatively
to BACKONE the NISTwebbook [47] which is based on the reference
equations [50,51]. Taking the same point 3 as above we obtained
now for xp ¼ 0.3547 which is even 4% lower than the BACKONE
result. We learn two things from this check. First, the BACKONE
results are even for supercritical pressures sufficiently accurate.
Second, whilst the TLC results for xp decrease roughly linearly from
Case III to V, the ORC results decrease stronger with decreasing heat
carrier inlet temperature. The latter finding, however, leaves some
room for speculation. The TLC results are considered inherently as
being more consistent than the ORC results because always the
same working fluid is taken and only the maximum cycle
temperature T3 is varied. In the ORC, however, not only the pressure
p3 and the temperature T3 are varied but also the working fluid. The
crucial point with pure working fluids, however, is that their
thermodynamic properties do not vary continuously in going from
one substance to another.

Finally, looking on the volume flows we see that the ORC-s2
values are _V3 ¼ 201 l=s and _V4 ¼ 997 l=s, whilst TLC values
increase from _V3 ¼ 22 l=s to _V4 ¼ 69;896 l=s.

6. Comparison with literature results

The remaining task is an explanation for the remarkable
difference between our findings on the one hand and the estimates
of Löffler [40] and the results of Zamfirescu and Dincer [43] on the
other hand.

The estimate of Löffler is based on his Figs. 2 and 3 in Ref. [40]. In
Fig. 2 he compares a TLC and an ORC in a T,s-diagram and in Fig. 3 he
approximates the ORC by a Carnot cycle. The difference between
that assumption and our calculations can be seen from Figs. 2 and 4
in [24] which show schematically the T,s-diagram of a subcritical
high-pressure ORC and a supercritical ORC. Moreover, the present
Figs. 5 and 6 show quantitatively that for these high pressure cycles
the heat carrier and the working fluid curves in the heater do not
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match so bad in the T, D _H e diagram as one may conjecture from
the Figs in Ref. [40].

Regarding now the results of Zamfirescu and Dincer [43] we
want to mention that their quantity εso is just our exergy efficiency
for power production xp. In their Table 3 they present results for xp
(¼εso) for ORC, Kalina and TLC cycles.

For the ORC, Zamfirescu and Dincer [43] selected as working
fluids the substances 141b (CHCl2-CH2F, Tc ¼ 477.5 K, o-fluid), R123
(CF3-CHCl2, Tc¼ 456.83K, o-fluid), R245ca (CF3-CHF2, Tc¼447.57K,
o-fluid) and R21 (CF2Cl2, Tc ¼ 451.48 K, b-fluid). Following [11] we
use the notations “b-” for fluids with bell-shaped and “‘o-’’ for fluids
with overhanging saturation line. In [43] the best xp result was
obtained for the b-fluid R21 as xp ¼ 0.21 using the boundary
conditions T5 ¼ 423.15 K (150 �C), T7 ¼ 298.15 K (25 �C), and
T1 ¼313.15 K (40 �C) as well as Tu ¼ 298.15 K (25 �C) and hs,P ¼ 0.70.
Moreover, one observes from [43] that for the o-fluids the xp results
become better with decreasing critical temperature. Hence, our
hypothesis is that the substances selected in [43] have too high
critical temperatures and hence too low pressures for their
boundary conditions (For R21 p3 ¼ 0.28pc). In order to check our
hypothesis we simply made a test calculation with n-butane
(Tc ¼ 425.125 K, o-fluid) using the same boundary conditions as in
[43] and the NIST-webbook [47] based on the reference equations
[51,52]. For an ORC-o2 without IHE and the frequently used, non
optimized pressure p3 ¼ 2.0 MPa (T3 ¼ 387.52 K) we obtained
xp ¼ 0.24 which is already 20% higher than the best value xp ¼ 0.20
for an overhanging working fluid (R245ca) considered in [43]. That
pressure p3, however, is still only 0.53pc whilst in our case V which
uses similar boundary conditions as [43] the supercritical propane
ORC with p3 ¼ 1.2pc yields xp ¼ 0.37.

We also performed a TLC calculation with water for the same
boundary conditions as in [43]. using again the Wagner equation
[46,47]. We found as optimal temperature T3¼ 412 K and therefrom
xp ¼ 0.45 which has to be compared with a value xp ¼ 0.43 for an
ammonia þ water mixture given in [43]. Whilst the agreement is
acceptable taking into account some power loss for the air fan
considered in [43] the result, however, raises the question why it is
advantageous to use an ammonia þ water mixture instead of pure
water as working fluid. A little advantage might be the temperature
glide of the mixture in the condenser. The big disadvantage,
however, is the corrosive behavior of ammonia which requires
expensive material for the plant.

7. Summary and conclusions

For comparison of ORC and TLC we have performed optimized
case studies for five pairs of heat carrier inlet temperatures T5 and
cooling agent inlet temperatures T7 being (350 �C, 62 �C), (280 �C,
62 �C), (280 �C, 15 �C), (220 �C, 15 �C) and (150 �C, 15 �C). The
working fluid for TLC was water. For the ORC the working fluid was
cyclopentane for T5 ¼ 350 �C and 280 �C, n-butane for T5 ¼ 220 �C
and propane for T5¼150 �C and optimal results were obtained with
slightly sub- or supercritical pressures.

We found that the exergy efficiency for power production xp
which is the ratio of the net power output to the incoming exergy
flow of the heat carrier is higher for the TLC than for the ORC
between 14% and 20% for T5 from 350 �C to 220 �C. For T5 ¼ 150 �C
the exergy efficiency for power production xp is higher for the TLC
by 29%. The total exergy efficiency x which is the ratio of all
outgoing exergy flows to all incoming exergy flows is slightly larger
for the ORC than for the TLC for the case (280 �C, 62 �C), in the other
cases TLC is better between 1% and 9%. For a change of T5 the exergy
efficiencies of ORC do not change in a systematic way as optimal
results are obtained from different organic working fluids and/or
different cycle types.
Other quantities of interest are the volume flow rates _V3 at the
inlet and _V4 at the outlet of the expander which are important for
the design of the expander and also for the sizing of the heat
exchangers. The outgoing volume flows _V4 from the expander are
larger for the TLC than for the ORC by a factor of 2.8 for case I with
the minimumworking fluid temperature T1 ¼ 85 �C and by a factor
of 70 for case V with T1 ¼ 38 �C. The ratios _V4=

_V3 are for the ORC
between 5 and 42, but amount for the TLC 710 and 630 for the cases
I and II with T1 ¼ 85 �C and even between 5400 and 3100 for the
cases III to V with T1 ¼ 38 �C. These large volume flows _V4 for TLC
with water as working fluid for lower T1 may be difficult to handle
in real plants. Hence, the application of TLC with water as working
fluid is mainly recommended for higher values of the minimum
working fluid temperature T1 or higher values of the cooling agent
inlet temperature T7. Examples are combined heat power plants or
upper stages in cascade heat to power conversion systems. An
advantage of water as working fluid in comparison with organic
substances is its non-flammability.

The large volume flows _V4 for TLC with water as working fluid
for lower T1 is caused by the low water vapour pressures at lower
temperatures; at T1¼38 �C, e.g. the vapour pressure of water is only
ps ¼ 6.633 kPa. Hence the volume flows _V4 in TLC can be decreased
by using working fluids with higher vapour pressures. Examples
could be cyclopentane (Tc ¼ 511.7 K, ps ¼ 68.88 kPa), n-pentane
(Tc ¼ 469.65 K, ps ¼ 109.2 kPa), n-butane (Tc ¼ 425.20 K
ps ¼ 359.7 kPa), propane (Tc ¼ 369.825 K, ps ¼ 1309 kPa) or
a refrigerant like HFO-1234yf (Tc ¼ 367.85 K, ps ¼ 971.6 kPa). The
critical temperatures Tc are an upper limit for the use of these
substances in TLC and the vapour pressures ps are given as
demonstration examples at 38 �C and were obtained from BACK-
ONE [24,49,53]. The mentioned organic substances have auto-
ignition temperatures which are higher than their critical temper-
atures and have low global warming potentials.

An additional improvement of TLC and ORC can be obtained by
using mixtures [54] as working fluids because of their temperature
glide in the condenser which yields a better match to the cooling
agent in the T,h-diagram.
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