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Abstract 

 

Compressing equipment can be found in almost every area of our industrialized 
society. Compressors drive our fridges, air conditioning systems and enable turbine 
engines to propel the aircrafts we use when going for holidays or a business trip. 
Without compressors an operation of virtually any conventional power plant 
providing electricity to our houses would not be possible. The compressor 
technology can therefore be regarded as a mature area of engineering with a vast 
theoretical and operational experience.  
 
It may happen however that a traditional approach to certain new problems will not 
suffice, and alternative ways must be searched for. Such open-mindedness was 
required when the idea of introducing an oil-free compressor for a CO2 commercial 
refrigeration system was born. Initially, hermetic radial turbomachinery was 
identified as a potential candidate for this task. However, it turned out that rather 
special properties of carbon dioxide, compared to other common refrigerants, will 
result in challenges uncommon in turbomachinery found in other applications. 
While the initial technology choice still seemed feasible, high density of the CO2 at 
relevant operating conditions and significant rotational speeds required for a 
relatively small machine were indicating excessive levels of windage losses 
generated by the spinning rotor of the compressor.  
 
It was decided to build a 1D tool for prediction of efficiencies for a wide range of 
machines based on a radial turbocompressor principle, but designed for CO2 
applications with different operating pressures and capacities. The predictions of 
the tool were compared against numerical and experimental data. Good match was 
found. The 1D study revealed that high compression efficiencies, exceeding 70 %, 
are possible for the oil-free radial compressor concept in a relatively wide range of 
capacities provided that the inlet pressure is low, around 1 MPa, and that the 
pressure ratio is moderate, below 3. Potential for good efficiency is expected to 
deteriorate rapidly with increasing operational pressures due to windage losses. 
There is no obvious strategy for improvement of overall compressor efficiency 
when smaller capacities and close to supercritical pressures are in the focus. The 
major fraction of undesirable rotational losses is generated by the electrical motor. 
It can be reduced either by installing longer more slender motor or by reduction of 
rotational speeds. Efficiency improvement reached with application of a longer 
motor is shown to be of limited impact and is expected to be challenging from the 
rotordynamics point of view.  Alternatively, multi-stage multi-shaft machine can be 
designed, but economic viability of such a strategy remains questionable.   
 
Reduction of the compressor speed is not straightforward either, especially at low 
volumetric flows when low speeds would be detrimental to the impeller and 
diffuser efficiency.  A non-standard approach introducing partially admitted radial 
machine was therefore proposed. A numerical analysis of a partially admitted 
compressor stage with a 16 cm impeller rotating at 13000 rpm is carried out. 
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Transient 2D simulations indicate more than 80% efficiency of the wheel at the 
total pressure ratio of around 1.4. To estimate the final stage efficiency, 3D effects 
such as the end-wall losses, the radial leakage, and the diffuser performance must 
be taken into account. A transient 3D analysis of the complete stage of the novel 
compressor has not been completed due to its time consuming nature. 3D 
simulations performed for various diffuser configurations indicate however that 
around 75% overall stage efficiencies might be possible. It would require further 
optimization of both blade and diffuser shapes. Comparison of non-stage losses, for 
both centrifugal and partial admission concepts, allow presuming that the novel 
machine could be superior in terms of the overall performance provided that 
comparable systems are characterized by close to supercritical mean operating 
pressures and capacities typical for commercial scale applications. To verify the 
initial insights of the present work, further research, including laboratory testing, is 
needed.     
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Roman symbols 

A area (m2) 
C absolute velocity (m/s) 
Cd skin friction coefficient (-) 
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E energy (J) 
F force (N) 
h enthalpy (kJ/kg) 
L length (m) 
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V velocity (m/s)  
W relative velocity (m/s) 
z transverse dimension (m) 
cl clearance (m) 
α absolute flow angle (rad) 
ω tangential velocity (rad/s)  
β relative flow angle (rad) 
Δ finite change  
τ torque (N∙m) 
ν kinematic viscosity (m2/s) 
μ viscosity (Pa s) 
ρ density (kg/m3) 
υ velocity (m3/s) 
 

Subscripts 

c critical 
is isentropic 
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x flow direction 
1 inlet  
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2 outlet  
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HVAC Heating, Ventilation, and Air Conditioning 
NASA National Aeronautics and Space Administration 
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EIA Energy Information Administration 
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LT Low temperature 
HT High temperature 
ORC Organic Rankine Cycle 
PEEK Poly Ether Ether Keton 
OE Obrist Engineering 
FPSO Floating Production, Storage and Offloading 
RNG Re-Normalisation Group 
DVM Differential Viscosity Model 
SST Shear Stress Transport 
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1 Introduction 

 

1.1 Background 

“Improved energy efficiency is imperative to minimize the greenhouse gas 
emissions and to ensure future energy security. It is also a key to continued 
profitability in energy consuming industry” – these words introduce us into the 
CREATIV project which is a research initiative answering to the constantly 
growing need for smart, energy efficient solutions in various areas of our 
industrialized life. The particular focus of the project is put on the utilization of 
surplus heat and efficient heating and cooling based on natural working fluids.  

The potential for improvements and innovations within these two industrial areas is 
enormous. To realize this it suffices to mention that an incredible amount of up to 
50% of the total energy input in the whole industrial sector is lost in the form of 
heat released to the surroundings. According to EIA (2011), the total industrial 
energy consumption in 2008 amounted to 210 x 1018 J. Even though it is difficult to 
put such a number in perspective, one should be able to imagine that even its small 
fraction is still a huge amount of energy, energy that potentially could be utilized 
for a useful purpose, instead of being lost to the surroundings. This thermal energy 
can be used in different ways, one of which is production of electricity through the 
application of more or less advanced thermodynamic cycles.  

Electrical energy, in turn, regardless of its origin (fossil fuels, renewable, waste 
heat) is further used in other industrial, commercial or private applications, very 
often based on similar thermodynamic principle utilizing various working fluids 
(i.e. domestic fridge, building air conditioning). Such applications are widely found 
in refrigeration and HVAC market which, according to the IIR estimates (2010) 
consumes around 15% of global electricity production. Even modest improvements 
in this one sector alone, can result in a significant contribution to the global energy 
share outlook. The common denominator of various energy related processes could 
be the working fluid used to convey various forms of energy. It may be thermal 
energy trapped in the latent heat of the refrigerant, pressure energy of a compressed 
gas or a work performed by the fluid in a turbine or an expander, see Fig 1.  

Growing environmental awareness as well as the ever increasing economic 
pressure of the last decades brought revival of the interest in natural working fluids. 
Among them, carbon dioxide, a non-toxic, non-flammable easily available gas with 
zero global warming potential and good thermodynamic properties, that attracted 
quite remarkable amount of attention. This led to development of a new class of 
compact components capable of withstanding the uncommonly high pressures 
required for its efficient application. One of the key components that had to be 
redesigned for efficient operation of new systems was the compressors. Nowadays, 
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oil-lubricated piston compressors are the benchmark technology for commercial 
refrigeration and HVAC applications utilizing carbon dioxide, CO2, as a 
refrigerant. While the technology is proven and able to provide high pressure ratios 
in a single stage of compression, it does not excel in other categories. The 
isentropic efficiencies of the reciprocating compressors are limited due to the 
throttling, leakage and mechanical losses. The system is complex due to the 
additional oil infrastructure, and the performance of remaining vital components 
may be reduced due to the surface contamination with oil picked up by the gas in 
the compressor. Thanks to recent developments in the field of the supercritical CO2 
(SCO2) cycles for power production, a new class of oil-free high speed 
turbocompressors has been brought to focus. These machines, relatively new to the 
commercial CO2 refrigeration market, are believed to have a potential to reach 
good efficiencies, providing at the same time a simplified architecture of the 
system and no contamination of internal parts of the system components. On the 
other hand, the new technology is not without challenges, posed by the nature of 
the working fluid itself. This thesis makes an attempt to evaluate the feasibility of 
introducing a new type of efficient oil-free machinery into CO2 applications, to 
identify possible challenges and to propose potential solutions.  

  

Figure 1. Working-fluid-based thermodynamic cycles in the global energy structure 
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1.2 Previous experience 

The demand for new, efficient, environmentally sound and operationally robust 
compression technology is obvious as CO2 based cycles are gaining more attention 
and are proposed in a growing number of applications.  

While in the field of CO2 an oil-free compression is relatively new, it has been 
maturing in other applications since the middle of the past century. Much of the 
pioneering development came from NASA where oil-free technologies had been 
perceived as of uniquely intrinsic and enabling value in space power conversion 
and aero-propulsion systems. Some of the relevant applications included air cycle 
machines (ACMs) used for aircraft cabin ventilation and electronic equipment 
cooling, cryogenic turbo-expanders and compressors, maintenance-free auxiliary 
power units (APUs), aircraft propulsion engines, and closed Brayton cycle turbine 
generators for space power [DellaCorte and Bruckner (2010)]. It is interesting to 
know that foil gas bearing technology that intrinsically accompanied development 
of oil-free machines, was originally discovered within the tape recording industry. 
It was found that the magnetic tape performance was degraded at ever-faster speeds 
as the tape began to float away and “lift off” the heads. The floating phenomenon 
was later named the “foil bearing problem” in reference to the flexible oil-
lubricated bearings made from metal foils and studied in Europe in the 1950s. 
Among the very first applications of the recording tape inspired foil bearings was 
the 15 kW Brayton rotating unit shown in Fig 2.  

 

Figure 2. One of the first radial turbines using gas foil bearings. Source: DellaCorte 
and Bruckner (2010) 

 

Oil free turbo-machinery is also known in the refrigeration marketplace. Turbocor 
developed the world’s first 2-stage oil-free centrifugal compressor (see fig 3) 
specifically designed for Heating, Ventilation and Air-Conditioning (HVAC) 
industry. The machine introduced in 2001 was designed for mid-size chiller 
applications using R134a as a refrigerant. The compressor uses magnetically 
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levitated bearings on a single shaft. The electrical motor of the compressor is of 
synchronous permanent-magnet type, operates at speeds of up to 48,000 rpm and is 
driven by a variable speed inverter. Reliability and commercial success of the 
compressor was proved, according to the manufacturer, with almost 24,000 units 
produced since 2003.       

 

Figure 3. Turbocor commercial oil-free HVAC compressor for HFC refrigerants. 
Image courtesy of Danfoss Turbocor Compressors Inc. 

 

Another variant of an oil-free compressor, in this case supported on special type of 
gas bearings called Herringbone Grooved Bearings was proposed by Schiffmann 
and Favrat (2009, 2010). The machine designed for a domestic heat pump utilizing 
R134a refrigerant was built and successfully tested at rotational speeds of up to 
210,000 rpm, achieving pressure ratios in excess of 3.3 and efficiencies above 
78%. The study proved feasibility and high efficiency potential of an oil-free 
concept despite usage of a very small centrifugal impeller, measuring only 20 mm 
in diameter.  

At present, it seems that the main driving force behind development of CO2 based 
oil-free machinery will come from power generation sector where potential 
benefits of supercritical CO2 have gained significant attention. It is viewed that 
SCO2 could be a game changer for power plant economics, efficiency and the 
environment. It is estimated that the cycles’ efficiencies could reach between 40 
and 50% depending on their complexity [Dostal (2006), (Chen (2011)]. Thanks to 
high density of the working fluid, footprints of one hundredth of those of 
traditional turbo-machinery for the same power output can be expected, see Fig 4. 
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Figure 4. Echogen’s 10 MWe SCO2 power turbine compared to a 10MWe steam 
turbine. Source: Persichilli et al. (2012) 

 

A great deal of emphasis on SCO2 is placed by major American research bodies 
such as Sandia National Laboratories, Southwest Research Institute (SwRI) and 
Lawrence Berkley National Laboratory. Also major engineering companies such as 
Toshiba, Echogen, Dresser Rand, GE, Bechtel and Barber-Nichols are involved in 
making the next-generation technology viable. Unfortunately, at this stage of 
development only few details are made public. 

The most detailed publication on the oil-free high speed CO2 radial-compressor 
was released by Sandia National Laboratories [Wright et al. (2010)]. The report 
outlines the design of the small scale Brayton loop, describes the major 
components, presents models for the system and compressor performance, and 
describes experimental results.  The compressor is designed to pump 3.5 kg/s of 
supercritical CO2 at a pressure ratio of 1.8 at the design speed of 75,000 rpm and 
nominal power of approximately 50 kW. Measurements of parameters such as off-
design compressor performance, axial loads, windage losses and seal leakage are 
generally in good agreement with the models. The Sandia compressor is equipped 
in a booster pump to reduce significant windage losses triggered by the high speed 
motor rotating in the high density CO2. The reported peak compressor efficiencies 
are found within 65-70%. These are not necessary high values for a centrifugal 
type compressor, especially as the power consumption of the booster pump is not 
included in the calculation. The relatively small size of the compressor (diameter of 
the impeller is 3.7 cm) and the high pressure gradient across the labyrinth seal 
causes a significant portion of the compressed gas to leak from the impeller area to 
the motor cavity. As a result, significant energy expenditure for the booster pump 
must also be taken into account. The authors of the report point out that the relative 
pumping power will be much smaller in a large scale application, enabling use of 
more sophisticated seal technology.  
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An area where supercritical CO2 has been around for decades is Enhanced Oil 
Recovery (EOR). Here the pipeline applications have traditionally been 
accompanied by centrifugal pumps with non-contacting dry gas seals. Recent 
interest in CO2 capture and storage has brought new challenges also to this 
megawatt-class industry. Higher operating pressures, higher operating speeds and 
increased temperatures resulted in higher seal leakages and pronounced churning 
heat generated form viscous drag of the rotating seal components. Especially high 
speed applications tend to generate temperatures that are not typical in commonly 
used seal solutions. It is identified that such applications will require some form of 
additional cooling which can be remedied by proper design of the seal support 
system [Marquardt (2011)]. This thesis will not focus on large scale applications, 
but it is important to signal that although extensive industry experience may be of 
valuable contribution to the development of new commercial size CO2 systems, 
also here challenges are present. 

 

1.3 Objectives of the study 

 

The main objective of the present work is to develop an efficient turbocompressor 
concept for CO2 as working fluid applicable to medium capacity applications and a 
relatively wide range of operating pressures. 

Oil-free operation is a desirable characteristic of virtually any cycle-based 
application. The thesis gives an overview of technologies that might be suitable for 
enabling oil-free compression for a wide range of CO2 applications. A 
comprehensive overview of existing experiences with CO2 machinery, as well as of 
the characteristics of CO2 as a working fluid, is given. This motivates why 
turbocompressors are the most likely candidate for an oil-free compression 
technology. It is known that CO2 has some rather uncommon properties, when 
compared to working fluids typically used in power generation and HVAC 
applications. In order to assess an impact of these properties on potential oil-free 
CO2 compressor a modeling tool was needed.  

A 1D mathematical model that would analytically propose a basic design of an oil-
free radial turbo-compressor and predict its efficiency will be proposed. The model 
should take into account losses generated due to oil-free operation such as windage 
of radial and axial bearings and electrical motor. Attractiveness of an oil-free 
turbocompressor technology is expected to be dependent on the type of application, 
therefore efficiency of compressors designed for various capacities and operating 
conditions is to be assessed.  
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For some of the applications in focus, introduction of a typical oil-free radial 
compressor does not guarantee achieving reasonably high efficiency levels. In such 
cases alternative solutions should be sought. A novel concept of a 
turbocompressor, using known principles of a partial admission, but applied in 
radial inward flow configuration and at operating conditions not considered before, 
will be proposed.  

The largest part of the work will be related to numerical predictions of a novel 
compressor aerodynamic performance, being a basis for further 1D calculations of 
the overall machine efficiency. 

 

1.4 Structure of the thesis 

 

The present thesis is divided into several parts. An extended overview of the CO2 
compressing technology is presented in Chapter 2. In that chapter various kinds of 
compressors together with supporting technologies, such as bearing systems, are 
described. While that part of the work is not necessary inventive it serves the 
important function to motivate why turbomachinery supported on gas foil bearings 
has been selected for a more in-depth analysis presented in the attached papers. The 
“Theoretical background” provided in Chapter 2 is supplemented by the short 
“Summary of the papers” given in Chapter 3. “Conclusions” and “Suggestions for 
further work” are presented in chapters 4 and 5, respectively. The major part of 
original work is comprised in the papers attached in the final part of the thesis. The 
description of the adopted research direction and the discussion to the obtained 
results is presented in the following sub-chapter called “Extended summary of the 
original work”. 

 

 

1.5 Extended summary of the original work 

 

Modeling of turbo-machinery is an interdisciplinary undertaking that merges areas 
of thermodynamics, fluid dynamics, rotordynamics, material and numerical 
sciences. Due to the complexity of the full design procedure the scope of the 
present study had to be contained within reasonable boundaries.  

The initial assumption for the content of this thesis was rather broad.  It was 
founded in the need of an efficient oil-free compressor for a specific CO2-based 
commercial refrigeration system. It was known that such a machine did not exist 
and that gave the motivation to develop one.  
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The matter turned out to be more complex than initially thought.  The technology 
best suited for oil-free operation was a turbo-compressor. After initial calculations 
of specific speed, it was found that a two-stage hermetic radial machine could be 
feasible. After inclusion of various non-stage losses, it seemed that high efficiency 
potential of the aerodynamic stage would, to a large degree, be ruined by the rotor 
windage losses.   

It was decided to build a tool that in a simple way would predict efficiencies of oil-
free compressors designed for conditions and capacities different from the initial 
case. Screening through different CO2 applications aimed at revealing whether high 
rotor windage was to be a general problem or an application dependent one. The 
method used for initial modeling was based on a rather simple 1D approach 
involving calculation of various losses generated in specific parts of the 
compressor. The accuracy of the predictions provided by the 1D model is an 
important aspect of this study. In the course of the present research it was 
unfortunately not possible to verify the model with the most reliable method of 
validation, namely a prototype testing. Instead cheaper and more easily available 
methods were used.  

The part of the 1D tool predicting aerodynamic efficiency of the stage was 
validated with CFD simulations of 3D geometries generated based on the results 
from the 1D model. Again, numerical results typically also need experimental 
validation, but the procedures like the mesh independence study, significantly 
increase reliability of the method.  

The simplest method of verification of 1D results is comparing non-dimensional 
performance coefficients of the proposed designs to these of the machines already 
existing and tested. Even though the non-dimensional coefficients do not include 
detailed information about the compressor design, such as a number and thickness 
of blades or their 3d curvature, they indicate realistic level of performance that can 
be expected, provided that a detailed design process is executed properly. As it was 
not the intention to give a detailed aerodynamic design of any machine, application 
of both validation methods seemed justifiable. 

In the end, aerodynamic efficiencies predicted by the 1D model were in a good 
agreement with both numerical results and with the efficiency levels read from Ns 
(specific speed) and Φ (flow rate coefficient) charts. That led to believe that the 
accuracy needed for initial aerodynamic performance estimation was sufficient. 
Moreover, an insight into basic turbo-machinery equations and loss correlations 
had undeniable educational valor, vital for deeper understanding of the 
fundamentals underlying turbomachinery behavior. 

To assess overall performance of the hermetic turbo-compressor, the 1D model was 
supplemented with a module calculating size of the gas bearings and the motor, and 
the windage caused by these components.  The motor windage calculation was 
based on Vrancik (1968) model, validated for motors rotating in air as well as in 
high pressure CO2 [Wright et al. (2010)].  
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The prediction of radial load was relatively simple and equivalent to calculation of 
the mass of the rotor.  Similarly, the calculation of the journal bearing windage was 
based on the rule-of-thumb formula developed by Schlichting (1968) and proved 
sufficiently accurate for  supercritical CO2 applications by Bruckner (2009) and 
Howard et.al. (2007).  

Much more difficult to predict with a rapid analytical model was the direction and 
the magnitude of the axial loads. Although fairly detailed analytical procedures 
exist for the prediction of axial loads for radial pumps, their direct application to 
high pressure CO2 applications seems troublesome. This is due to very high 
absolute pressure gradients present in a radial stage of a CO2 compressor.  

Not without an impact remains a detailed 3D geometry of the impeller. The models 
for the axial load prediction typically require pressures and/or densities in 
characteristic points of the compressor to be supplied by the user. 1D aerodynamic 
prediction of these parameters is not always precise enough to assure reasonable 
thrust estimation. In effect, small variations of very big numbers lead to significant 
errors, giving misleading image not only of the magnitude of the force but 
sometimes even its direction. These challenges are confirmed by Wright et al. 
(2010) and Noall and Batton (2011).  In Wright et al. (2010) a 1D model assuming 
incompressible character of supercritical CO2 fluid is mentioned to be reasonably 
accurate in predicting axial load of the centrifugal machine operating in SCO2. The 
more detailed presentation of that model can be found in Vernon et al. (2010). Here 
again an accurate matching to test data is required. Perhaps, for the time being, a 
numerical prediction of axial forces acting on the centrifugal compressor should be 
treated as a more reliable method. Such a conclusion is also supported by Shi et al. 
(2010). Axial thrust acting on a cryogenic liquid turbine impeller has been 
analyzed both analytically and numerically by Wang et al. (2011). He reports huge 
difference in results between both methods and attributes them to the rough 
approximations present in the empirical method.  

During the course of the present research it became clear that if overall efficiencies 
of a large amount of machines were to be predicted quickly, a reasonable 
assumption about allowable (already balanced) axial thrust had to be made. 
Hopefully, based on the available data [Wright et al. (2010, Paper II, Noall and 
Batton (2011)] about the thrust magnitude that can be expected in a relatively small 
CO2 compressor, this goal was achieved. It was also shown in loss breakdown 
depictions (Paper I, II and III) that relatively high load capacitates of a new 
generation of gas foil bearings result in acceptable levels of bearing induced losses. 

CFD methods are used extensively in the present work. They were used for 
validation of the 1D aerodynamic model of a centrifugal stage of the CO2 
compressor as well as for the design of the stage of the novel partial admission 
compressor. The basics for the numerical method are presented in the thesis. Rather 
rich experience with numerical modeling of turbomachinery exists. There are 
numerous studies providing good overview of the criteria that should be followed 
for a reliable prediction of a compressor behavior [Denton and Dawes (1998), 
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Tousi and Tourani (2008), Denton (2010), Liu and Hill (2000)]. Accordingly, the 
following criteria were chosen for the cases simulated in the present thesis. 

One of the most important aspects of the numerical simulation setup is the 
selection of a proper turbulence model. The main problem with turbulence models 
comes from the fact that their formulas are derived from special cases, experiments 
or simulations, and therefore they cannot be universally valid [Bradshaw 
(1996)].  

The same limitations apply to the wall functions. In the present work k-ε models 
were used extensively. The standard k-ε model is the most well-known of k-ε 
models and its applicability has been analyzed thoroughly for many industrial 
problems. The model has been improved over years as its weaknesses had been 
identified. Galerkin et al. (2003) compared the data from the testing of a centrifugal 
compressor with a vaneless diffuser to the predictions obtained with different 
variations of the k-ε model. He observed that while k-ε RNG and k-ε RNG DVM 
models were most precise in the impeller efficiency and work coefficient 
prediction, standard k-ε model was more precise in the full stage efficiency 
prediction (with negligible 0.1% discrepancy).  

The limitations of a standard k-ε model become more apparent in the presence of 
highly adverse pressure gradients. Application of a pipe diffuser to the centrifugal 
stage certainly introduces more severe pressure gradients acting on a fluid during 
the diffusion process. In such cases models different than standard k-ε model 
should be used.  

Roberts and Steed (2004) modeled a centrifugal stage with such a diffuser using 
mixing-plane interface and both k-ε and SST (shear stress transport) models and 
compared the numerical results with the experimental rig data. It turned out that 
both turbulence models were able to predict the total-to-static pressure ratio 
characteristic well, while closer match to the test data was achieved by SST model. 
At 100% of the design exit-corrected flow, pressure ratio was 2.41% overpredicted 
by k-ε model, compared to 0.76% overprediction with the SST model. Similarly, 
the SST model was more precise at predicting the stage efficiency. The k-ε model 
overpredicted the exit-corrected flow stage efficiency by 1.99 points, while the 
SST model only by 0.37 points. The authors observed that the k-ε model failed to 
capture the stall side roll-off behavior, yielding extremely optimistic predictions 
near stall. It is further concluded that the poor standard k-ε model performance 
would be observed primarily in the pipe diffuser without severe accuracy reduction 
in the impeller characterized by lower adverse pressure gradients.  

The better choice for pipe diffuser simulations might be a modified version of a 
standard k-ε model called the Realizable k-ε model, developed for problems 
characterized by strong adverse pressure gradients as well as separation, 
recirculation and strong streamline curvature. Successful application of the  
Realizable k-ε model was presented in the work of Simonsen and Krogstad (2004) 
who analyzed the flow in an axial to radial bend-diffuser configuration, typically 
used as a pressure recovery device in axial compressors with strict space 
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limitations. Realizable k-ε model was also used by Muntean et al. (2009) to analyze 
unsteady swirling flow in a conical diffuser with a processing vortex rope. The 
calculation conducted with the FLUENT code showed good match between 
experimentally measured and computed pressure pulsation.  The fundamental 
frequency and higher harmonics of the vortex rope were accurately captured in the 
throat and up to the middle of the cone. In the last part of the cone the numerical 
results did not agree well with the experiments. It was concluded that to improve 
numerical results in the last part of the cone, more computationally expensive 
models should be used (like Large Eddy Simulation or Detached Eddy Simulation). 

In the end, it was decided that due to the low computational cost and reasonable 
accuracy in many similar cases, the k-ε models were used in the present study. The 
standard model was used for simulations of a centrifugal stage with a vaneless 
diffuser and for 2D simulations of the novel partially admitted wheel. The 
realizable model was used for simulation of a curved duct diffuser. Due to the 
relative novelty of both applications, also due to the nature of the simulated fluid, 
the final validation of the models used can be confirmed only by an experiment, 
while different more computationally demanding models (such SST) should also be 
used for comparison. 

Regarding modeling in multiple frames of reference, the Frozen Rotor interface 
was applied between the impeller and the vaneless diffuser of a centrifugal 
compressor, due to the weak intensity of coupling effects between the two domains 
[Liu and Hill (2000)]. The Frozen Rotor model is also considered by Tamm et al. 
(1999) as the most useful model for turbo-machinery providing satisfying results 
for both efficiency and pressure ratios around the design point of the compressor.  

For the novel compressor the Sliding Mesh model was used as the more 
pronounced coupling effects between the compressors zones were expected due to 
the partial admission. Even though the simulations did not show significant 
differences between Frozen Rotor model and Sliding Mesh model in terms of the 
efficiency, the predicted flow fields differed significantly. This can be of particular 
importance when simulating the full stage of the compressor, where the flow 
profile at the inlet of the diffuser will have a considerable impact on the diffuser 
performance coefficients  
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2 Theoretical background 

 

2.1 CO2 as a working fluid 

Refrigeration applications 

Carbon dioxide as a fluid used in various thermodynamic cycles is in some aspects 
quite unusual compared to the most commonly used refrigerants. CO2 has a 
relatively low critical temperature of 31.06 °C and a high critical pressure of 73.8 
bars. For refrigeration cycles, it implies high mean operating pressures and 
operation in super-critical region for high heat sink temperatures. For example, at 
0°C saturation temperature, the pressure of carbon dioxide is about 6 to 7 times 
higher than that of other commonly used refrigerants, like R404A and NH3. From 
the early use of CO2, which is the late 80s of the 19th century, this fact led to 
challenges as the systems components that could withstand such high pressures 
tended to be costly and heavy. At that time ammonia systems were preferred. An 
essential breakthrough for CO2 machines was brought by Franz Windhausen in 
1886. The first CO2 ship refrigeration systems in Germany were built according to 
his patent. In the following decades CO2, thanks to its harmlessness, became a 
popular choice for ship refrigeration. According to Bäckström (1970), in 1950 still 
around 60% of the global ship refrigeration and around 10% of the onshore 
refrigeration was operated with CO2.The first halocarbon refrigerant R12 was first 
introduced in the early 1930s. The introduction of the cycles utilizing new 
synthetic refrigerants and characterized by good thermal efficiencies and much 
lower operating pressures, resulted in a decline of the interest in CO2 systems 
around 1940. Factors favoring transition to the new technology included the 
possibility of using simpler and cheaper construction material and methods (like 
copper tubing), light screw or solder fittings, cheap automatic control equipment 
and hermetic motors [Lorentzen (1995)].  

Development of the manufacturing technology in last decades of 20th century and 
development of novel cycle concept [Lorentzen and Pettersen (1993), Lorentzen 
(1995), Nekså et al. (1998)] allowed turning challenges posed by uncommon 
characteristics of CO2 into advantages. Today super-critical CO2 is used with a 
great success, for example in hot water heat pumps where the CO2 temperature 
profile can provide a better match to the high temperature heat sink (water) than 
other working fluids operating at sub-critical conditions. A typical one-stage CO2 
process with internal heat exchanger is shown in the T-s diagram of Fig 5. 
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Figure 5. T-s diagram showing the transcritical CO2 cycle used for water heating. 
Source: Nekså (2002) 

 

Good temperature matching between the fluids allows avoiding so-called pinch 
commonly occurring when other working fluids are used inside counter flow heat 
exchangers. It is crucial to reducing the irreversibility of the cycle and achieving 
good thermal efficiency. 

Comparable with other common refrigerants latent heat of evaporation of CO2 and 
its much higher vapor densities at corresponding temperatures results in highest 
volumetric refrigerating effect of CO2 amongst other popular refrigerants, as shown 
in Fig 6. 
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Figure 6. Volumetric refrigeration capacity for selected refrigerants 

 

This means smaller flow rates of a refrigerant needed for a given cooling capacity. 
Furthermore, due to higher operating pressure, CO2 will have lower relative 
pressure drop than competing refrigerants. The corresponding temperature drop 
will be also lower, thus making the COP of a system based on CO2 less vulnerable 
to size of the piping. 

When sub-critical systems are considered, low pressure drop translates directly to 
the low saturation temperature drop – desirable to keep the coefficient of 
performance (COP) of the system high. In short, high volumetric refrigerating 
effect, low pressure and temperature drops enable the design of more compact 
components of the system. This is advantageous from investment cost point of 
view as well as when space-saving is required, such as in mobile air conditioning. 
Lower amount of refrigerant in the transfer lines poses also lower threats to human 
life when a leakage occurs. This is important argument for usage of CO2 regardless 
of whether it’s a supermarket or an industrial plant. In fact, CO2 has at least as 
good safety characteristics as popular halocarbons. It is non-explosive, non-
flammable and relatively non-toxic. In case of an accident resulting in a large 
quantity loss of the refrigerant and rapid increase of CO2 concentrations, a good 
ventilation system is required to reduce the risk of adverse health effects or even 
suffocation. It must be remembered that CO2 is heavier than air and its vapors will 
tend to accumulate at the ground level or below it. In this respect CO2 behaves 
similarly to the halocarbons but differently from ammonia which is lighter than air 
and easily vented away. Ammonia on the other hand is poisonous and burns when 
mixed with air. Carbon dioxide is also safe for environment. It has zero Ozone 
Depletion Potential (ODP) and Global Warming Potential (GWP) of 1. It is also 
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inexpensive and widely available as a waste product from various industrial 
processes. For comparison of selected refrigerants see Table 1. 

 

Table 1. Comparison of popular refrigerants 

Refrigerant 
symbol 

Molecular 
mass, kg/kmol Tc, °C Pc, bar ODP GWP TLV* 

R-744 
(CO2) 44,01 31,1 70,3 0,000 1 5000 
HCFC-22 86,47 96,1 49,36 0,040 1790 1000 
HCFC-
134a 102,03 101,1 40,6 0,000 1370 1000 
R-407C 86,20 86,0 46,2 0,000 1700 1000 
R-417A 106,75 86,1 46,1 0,000 2300 1000 
R-410A 72,58 71,4 48,6 0,000 2100 1000 
R717 
(NH3) 17,03 133,3 112,8 0,000 0 25 
*The threshold limit value (TLV) or “Exposure limit”, indicates the 
workplace exposure limits for the components of the refrigerant, typically as 
an 8-hour time-weighted average 

 

Power applications 

The potential of CO2 as an efficient working fluid was noticed not only in the 
HVAC industry but also in the power generation sector. It is expected that 
application of this natural working fluid may be beneficial from a thermodynamic 
point of view for power cycles in fossil-, renewable- (solar thermal, biomass 
combustion) and advanced nuclear power plants.  In case of the cycles with high 
temperature heat sources (nuclear power, concentrated solar, combustion) the 
working fluid can be used entirely in its supercritical state (supercritical cycle) or 
pass through both subcritical and supercritical states (transcritical cycle). It is 
identified that transcritical (TCO2) Rankine cycle exhibits a large internal 
irreversibility in the recuperator due to the high specific heat difference between 
the low specific heat stream at the turbine exhaust and the high specific heat stream 
at the pump discharge [Hejzlar et al. (2006)]. An example of T-s diagram for TCO2 
cycle with HT (high temperature) heat source is shown in Fig 7. 
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Figure 7. T-s diagram of T-CO2 Rankine cycle with HT heat. Source: Kim et al. 
(2012) 

 

The same challenge in the recuperator used in SCO2 cycle was first revealed by 
Feher (1968). To address this issue a recompression cycle was proposed in which 
the recuperator is divided into low- and high- temperature part, each having 
different flow rates to cope with a large variation in the heat capacity. The 
schematic representation of the Brayton recompression cycle considered as one of 
the more promising CO2 cycles for HT sources is shown in Fig 8.  
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Figure 8. Layout and T-s diagram for SCO2recompression Brayton cycle 

 

Meanwhile, the low critical temperature of CO2 ensures especially good 
temperature match to LT (low temperature) heat sources [Kim et al. (2012)]. Until 
recently, the most commonly investigated cycles for low-grade heat sources were 
Organic Rankine Cycles (ORCs) and Kalina cycle (binary fluids and fluid 
mixtures). The numerous drawbacks of these cycles have been pointed out. For 
ORC, the working fluids such as R113 and R123 are expensive, have high GWP 
and contribute to ozone layer depletion. Thermodynamically, the ORC cycles are 
disadvantaged compared to the supercritical cycles due to the possible pinching in 
the heat exchanger. For Kalina cycles, even though better temperature match can 
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be achieved, the usage of binary fluids or mixtures leads to poorer heat transfer 
than in case of pure fluids. One of the main drawbacks of Kalina cycle is however 
increased number of system components involving additional separator and 
intermediate heat exchangers. Moreover, ammonia-water, typically used as a 
working fluid pair, is considered highly toxic and corrosive. 

 

2.2 CO2 machinery 

CO2 has been used in different applications for decades, as a working fluid or as an 
agent serving various industrial purposes, such as: fire extinguishing, carbonating 
soft drinks and soda water, for enhanced plant growth, as technical gases, for 
enhanced oil recovery, in urea and methanol production, for metals production and 
for fumigation and removing organic compounds through its good dissolving 
qualities. As a result, quite significant experience with CO2 purpose built 
machinery exists. This includes a significant experience with CO2 compressing 
equipment. Only a few examples of CO2 based expansion machines have been 
made public, and they are limited to single laboratory units.  

We can distinguish between three main types of compressors: reciprocating, rotary 
(screw, scroll, swing) and turbo-compressors (axial and centrifugal). Examples of 
all of the typical compressor technologies can be found in existing CO2 
applications. Depending on the type of the application different compressor 
technology might be suitable. Generally, reciprocating compressors have been 
serving small- and medium-size, mainly stationary applications, while rotary 
machines have been developed for large-size stationary applications or medium 
stationary and mobile applications. Scroll and rolling piston compressors are 
examples of rotary machinery developed for smaller capacity applications, such as 
domestic heat pump water heaters, bottle coolers and automotive air conditioning. 
The main experience within CO2 turbocomachinery comes from large industrial 
applications.  

Several aspects must be taken into the consideration if one is to select an 
appropriate technology for a given application. The capacity requirement of the 
compressor is probably the most important parameter affecting the designer’s 
choice. Pressure ratio achievable by different types of compressors also varies and 
often multistage machinery must be used. For example, typical single stage piston 
compressor stage will be capable of delivering higher heads than a radial stage of a 
turbocompressor. The off-design performance of a compressor describing its 
behavior under changeable operating conditions often plays an important role as 
well, e.g. for air source heat pumps. Sometimes, an oil-free operation must be 
assured. Finally, the purchase and maintenance costs cannot be ignored, as well as 
the running cost determined by the compressor’s efficiency.  

If a quick indication of an appropriate technology is needed, it is well-known 
practice to apply the similarity parameters developed through the technique known 
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as dimensional analysis. It is beyond the scope of the present work to go into 
details concerning derivation of the similarity parameters, but it should be stated 
that it is based on the assumption that machines are similar when their dynamic and 
geometrical similarity can be shown. A popular way of presenting machinery 
performance as function of the similarity is through correlation of the specific 
speed, Ns (1) and the specific diameter, Ds (2).    
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where: ω – rotational speed, Q – flow rate, Δhis – isentropic enthalpy change, D - 
diameter 

These two non-dimensional parameters combine several important quantities 
reflecting the nature of the sought machine. If these quantities, such as rotational 
speed, adiabatic head and capacity of the machine are known, one can get an 
indication of a suitable technology and its performance from the so called Cordier 
diagram, known also as Ns-Ds chart. An example of such a chart derived for 
pumping machinery is presented in Fig 9. 
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Figure 9. An example of a Cordier diagram (Ns- Ds chart) derived for pumps. 
Source:  Balje (1981) 

 



 
 

21 
 

The above procedure might be used as a preliminary step in defining the 
technology capable of fulfilling the designer’s expectations. It is should be clear 
however that depending on a particular case, alternative strategies might be 
pursued.  

To acquaint the reader with some more specific work done within the field of CO2 
machinery, several examples of machines operating with this natural working fluid 
are presented in the following chapters. 

  

2.2.1 Reciprocating and rotary compressors  
Reciprocating compressors work by the principle of reducing the volume of a 
trapped gas in a cyclic fashion. The most common reciprocating compressor 
concepts cannot work without lubrication, although examples of oil-free piston 
compressors, mainly for special purpose larger capacity compressors, are known. 
They usually incorporate labyrinth seal type of the piston and are slow running 
costly machines with relatively low efficiency due to the occurring inherent 
leakage losses. An example of a small oil-free semi hermetic piston compressor for 
supercritical CO2 heat pump applications is presented by Baumann and Conzett 
(2002). A prototype of a rated shaft power of 500W at 1500 rpm was designed and 
tested for the inlet pressure of 35 bar and the delivery pressure in a range of 80 – 
150 bar. The technology incorporates a combination of high pressure 
piston/cylinder clearance seal with a minimal gap of 4-6 μm and PEEK-plate 
valves with flat valve springs. The cylinder head of the machine was manufactured 
from two different materials to investigate the influence of heat conduction 
between the pressure and suction side of the cylinder. The first compressor was 
fitted with stainless steel head, the second one with temperature resistant plastic. In 
both cases the rest of the machine was manufactured in aluminum. The 
measurements of isentropic efficiency of the two versions of the compressors are 
presented in Fig 10. The reference power input is measured from the shaft power, 
so no electrical losses are taken into account. The figure shows the importance of 
heat leakage from hot parts of the compressor into the suction section. According 
to the authors, the test series proved the feasibility of the technology for small oil-
free CO2 compressors. The reported efficiencies are not very high, especially for 
higher pressure ratios, but show potential of the technology for small scale 
applications. The authors emphasize that an important focus in the future 
development should be put on a more compact design and lower production costs. 
It can be added that high heat transfer coefficient of CO2 while desirable from the 
cycle point of view can be problematic on the machinery side of the process. 
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Figure 10. Isentropic efficiency of a small oil-free CO2 piston compressor at 
varying pressure ratio for a suction pressure of 35 bar [Baumann and Conzett 

(2002)] 

 

The performance of oil-free piston compressor can be compared against test data 
for existing oil-lubricated reciprocating compressors.  

Nekså et al. (2000) reported on the development on the series of semi-hermetic 
reciprocating compressors with swept volumes in the range of 0.5 - 12.6 m3/h. The 
single- and two-stage compressors were running at nominal speeds of 2900 rpm 
and achieving cooling capacities of 0.6 – 15 kW for -35°C evaporating 
temperature. The measurements of a two-stage compressor in the 4-pole 
configuration running at 1450 rpm indicated volumetric efficiencies of up to 80% 
and isentropic efficiencies of up to 60%.   

In Christen et al. (2006) performance measurements of five different prototype 
carbon dioxide compressors are reported. The different compressor designs 
included:  

• a semi-hermetic reciprocating single-stage compressor (Type A) with an 
nominal cooling capacity of 8.3 kW and displacement of 2 x 20.9 cm3 

• a hermetic rotary two-stage compressor (Type B) with an nominal cooling 
capacity of 2.4 kW and displacement of 3.33/1.88 cm3 

• a semi-hermetic reciprocating two-stage compressor (Type C) with an 
nominal cooling capacity of 10.5 kW, intercooling and displacement of 
28,8/17.1 cm3 
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• a semi-hermetic reciprocating single-stage compressor (Type D) with an 
nominal cooling capacity of 0.8 kW and displacement of 2.45 cm3 

• a semi-hermetic reciprocating single-stage compressor (Type E) with an 
nominal cooling capacity of 1.6 kW and displacement of 4.18 cm3 

Compressor tests were conducted for varying suction pressures, superheats and 
discharge pressures. The comparison of the overall isentropic efficiencies of the 
compressors is depicted in Fig 11. 

 

Figure 11. Overall isentropic efficiency of various oil-lubricated rotary and 
reciprocating compressors. Source: Christen et al. (2006) 

 

It can be seen that overall efficiency of rather small reciprocating compressors 
presented in the study is low and amounts to below 60% in the full range of 
pressure ratios. The highest efficiency, in a range of 70%, is reported for the rotary 
compressor. These high values may seem overly optimistic confronted with the 
compared piston compressors. The rotary compressor has however an advantage of 
being equipped in a more efficient DC brushless motor, while the remaining 
machines are driven by more standard AC motors, 3-phase for compressor types A, 
C, D and 1-phase for compressor type E. Another factor favoring the rotary 
compressor in terms of the performance is its double stage configuration, compared 
to single stage configuration of compressor types A, D and E. Furthermore, the 
authors do not clarify if and how the heat leak affects the measurements of 
different types of tested compressors.  
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An example of the newest generation of semi hermetic piston compressors (see Fig 
12) is presented in Hafner et al. (2012 and 2013). The 100 kW 6-cylinder 
compressor was developed in response to commercial refrigeration market need for 
a machine capable of delivering flow rates in the range of 10 to 90 m3/h in a single 
stage of compression.  

 

Figure 12. Obrist/Sintef semi hermetic piston compressor 

 

The test results of the compressor, which is still under development, revealed a 
relatively high overall efficiency. Clear performance advantage of the new 
compressor over the state-of-art commercial piston compressors for CO2 
applications was shown during the test campaign executed in 2012, see Fig 13. 
According to the developers, the efficiency improvement can be attributed partially 
to the application of a new generation of a permanent magnet motor and partially to 
the careful design of the valves and internal parts of the compressor. 
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Figure 13. Isentropic efficiency of the new generation of semi hermetic CO2 piston 
compressor 

 

Depending on the operating conditions, the compressor can reach isentropic 
efficiencies up to almost 80%. High efficiency potential is reduced towards higher 
speeds and operating pressures, which is typical for reciprocating type of 
compressor. A room for further improvements of the design focusing on the 
optimization of the piston clearance and the valve area is indicated by the authors. 
Significance of a careful design of the cylinder sealing for piston compressors with 
very high pressure difference between suction and discharge is emphasized in 
Suess and Kruse (1998). The authors show how cylinder leakage losses depend on 
the difference between the squares of the pressure before and after cylinder. In the 
case of CO2 the difference between suction and discharge pressure can easily reach 
100 bar. An impact of the rotational speed and operating pressures on the 
Obrist/Sintef compressor isentropic efficiency is depicted in Fig 14. 
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Figure 14. An impact of speed and operating pressure on the isentropic efficiency 
of a new generation of semi hermetic CO2 piston compressor. Source: Hafner et al 

(2013) 
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Screw compressors 

Another class of compressors that can operate without oil is screw compressors. 
These are, like piston compressors, positive displacement type machines typically 
used when large volumes of gas need to be handled. The twin screw technology 
has been identified as a one that could serve both compression and expansion 
processes when using more conventional halocarbon refrigerants. Unfortunately, 
when applied to CO2 the technology appears less suitable due to the significant 
axial and radial forces generated by the large pressure differences between suction 
and discharge side of the compressor as well as high leakage losses due to the high 
pressure differences. Current practice for the twin screw technology has been to 
use 85 bar as a maximum discharge pressure and a maximum of 35 bar pressure 
difference between single stage inlet and discharge. It is clear that many CO2 
cycles require both maximum pressures and pressure differences beyond these 
limits.  In Stosic et al. (2002) an analysis is presented showing how the rotor forces 
created by the compression and expansion processes can be partially balanced to 
improve the suitability of the technology for high pressure applications. The 
novelty of the proposed arrangement is the distribution of the admission and exit 
ports, depicted in Fig 15.  

 

 

Figure 15. Schematic view of the balanced rotor compressor-expander. Source: 
Stosic et al. (2002) 
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Around 20% reduction of the radial bearing loads and elimination of axial loads 
has been achieved in the course of the computer simulations for a machine 
designed for a flow rate of 2.75 m3/min dry saturated vapor at a suction pressure of 
35 bar. This would correspond to around 1000 kW of cooling capacity. Still, the 
remaining loads are huge and amount to tens of kN. Such high loads indicate that 
high load capability bearings must be used if twin screw technology was to be used 
for CO2. Additionally, space available for bearing installation is very limited due to 
the direct contact of both screws. In effect, the choice of an appropriate bearing 
technology seems to be limited to roller bearings.   

Examples of oil-free screw compressors are known, but not for CO2 as refrigerant. 
Oil-free air compressors are used in applications where entrained oil carry-over is 
not acceptable, such as in medical research, food and beverages industry, textile or 
semiconductor manufacturing. They are manufactured by several major 
compressor vendors, but their performance figures are difficult to obtain. The 
compressors can be equipped with standard oil-lubricated bearings with special 
seals guaranteeing 100% oil-free operation (Atlas Copco ZR/ZT series) or 
completely oil-free bearing support (CompAir DH series). In the first case the flow 
rates processed by the compressor (>300 m3/h) exceed those typically met in 
commercial applications. In the later case, water is injected into the compression 
element to provide lubrication and cooling, hence making the technology 
unsuitable for CO2 applications.  

 

 

2.2.2 Turbocompressors 
 

Turbocompressors belong to the group of machinery that features the continuous 
flow of a fluid through one or more rotating blade rows. The work is imparted to 
the fluid by the dynamic action of the blades. The most general classification of 
turbocompressors can be made based on the direction of fluid flow through them. 
In a radial (centrifugal) compressor the fluid typically flows towards the larger 
radius and in an axial compressor it is mainly parallel to the axis of rotation of the 
machine.   

One of the basic turbomachinery equations which relate the work transfer between 
the fluid and the machine stage is the Euler turbomachinery equation. It is derived 
from Newton's second law of motion applied to the fluid passing through a control 
volume. It states that the rate of change of momentum of the fluid is equal to the 
net applied force Fx on the fluid in the control volume in the direction x of the flow, 

dt
mCdF x

x
)(

=  
(3) 

For the steady flow between state 1 and 2, the above equation can be written as 
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)( 12 xxx CCmF −=   (4) 

To relate the change of angular momentum of the fluid to the work done by the 
machine due to the torque τ at the shaft, the right hand side of the equation is 
multiplied by the local moment arm of the torque, r. 

)( 1122 θθτ CrCrm −=   (5) 

The specific work transfer is then given by the equation applicable both for radial 
and axial machines, generally known as Euler turbomachinery equation. 
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For an axial machine the U component of the velocity triangle is constant and this 
term equals zero, see Fig 16. This is why the work input and pressure ratio will be 
higher for a radial stage assuming equal diameters of both stages and equal gas 
velocities. It follows that absolute velocities in an axial compressor must be higher 
for comparable mass flow rates and pressure ratios. This, together with the 
inherently higher admission radius of an axial machine, means that to maintain 
similar efficiency levels for both machines, the mass flow in an axial machine will 
be significantly higher than in a radial one.  

 

Figure 16. Velocity triangles in radial and axial turbo-compressors 
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Axial machines are therefore preferable for multi-MW industrial applications, 
while radial machines are better suited for smaller, lighter, commercial 
installations. In course of the present thesis it should also become apparent that 
challenges related to the oil-free operation become more difficult to overcome 
when smaller applications are in focus. 

 

Radial compressors 

A radial compressor is a typical example of turbomachinery often applied in the 
industry. It has been successfully serving in wide range of applications including 
aircraft and industrial gas turbines, turbochargers and industrial compressors. 
Widespread popularity of centrifugal compressor can be attributed to its high 
efficiency, wide range of operating conditions, compact design and high stage 
pressure ratios (up to 10:1).  

The precursor of a centrifugal compressor was a radial hydraulic pump, later 
followed by fans and blowers used for ventilation. It is recorded [Cheshire (1945)] 
that one of the first turbojet engines, the Wittle engine, that was first flown on May 
15, 1941 at Cranwell, England , incorporated a centrifugal compressor. Although 
development of the centrifugal compressor based turbojet engine continued, it soon 
became clear that axial machines were more suitable for increasingly larger 
aircrafts. Further acceleration of centrifugal compressor development was fostered 
in mid-1960s by the need for advanced military helicopters powered by small light 
turbine engines. Soon centrifugal compressors became a popular choice for small 
gas turbines for road vehicles and commercial helicopters, as well as for diesel 
engine turbochargers, chemical plant processes, workshop and factory air supplies 
and large scale air conditioning plants [Dixon (2005)]. 

Essential parts of a centrifugal compressor include; an impeller where energy is 
transferred to the fluid increasing its kinetic energy, and a diffuser where high 
velocity fluid is decelerated in a diverging duct and converted into a static pressure 
head, see Fig 17. The fluid from the diffuser is collected in the volute where it is 
guided as efficiently as possible to the compressor outlet or to the next stage of 
compression. In multistage compressors the return channel is usually used as an 
intermediate duct between the diffuser of one stage and the inlet of another. 
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Figure 17. Radial compressor stage  

 

The operating behavior of a centrifugal compressor can be shown in form of a map 
displaying the relation between pressure ratio and volume or mass flow rate. The 
region where the compressor can operate is limited by the surge and choke lines 
and the maximum permissible compressor speed. Typically, such a map includes 
lines of constant speed and constant efficiency, as shown in Fig 18. The surge line 
indicates the lowest feasible mass flow at a given speed. The compressor start 
surging if the flow rate drops below a certain level and the discharge process is 
interrupted. The surge phenomenon is associated with a sudden drop in delivery 
pressure and with violent aerodynamic pulsations which are transmitted throughout 
the whole compressor and may end up in damaging the machine. 

The limitation of the maximum compressor volume flow rate is indicated by the 
choke line. As the mass flow increases at a given speed, the density reduction 
results in an increase in velocity. At some point the incidence at the leading edge of 
the impeller and/or diffuser vanes (depending on the type of the diffuser) reaches 
its maximum and further increase in mass flow becomes impossible. During 
choking a local velocity in the vaned diffuser or the impeller throat becomes equal 
to the acoustic velocity. This point represents the maximum gas delivery obtainable 
at the particular rotational speed.  
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Figure 18. A typical centrifugal compressor characteristic 

 

2.2.3 Industrial scale CO2 turbomachinery 
 

While CO2 is now attracting a great deal of interest for being used as working fluid 
within refrigeration and power production, it has been used for many decades as a 
support fluid for enhanced oil recovery (EOR). Since its introduction in the early 
1970s, CO2 injection has proven to be one of the most efficient EOR methods. Its 
good characteristics regarding flowability in porous structures and its ability to 
dissolve and reduce the viscosity of the oil components make it superior to water 
which is often an alternative used for EOR. One of the more recent mega-Watt-
class applications for compression of CO2 is carbon capture and storage (CCS) for 
the purpose of preventing accelerated climate changes. The Sleipner platform was 
the first to feature CO2 reinjection compressor for the exclusive purpose of 
mitigating greenhouse emissions, with about one million tonnes per year of CO2 
injected since 1996. 

The traditional approach for compressing CO2 in large quantities was to use high-
speed reciprocating compressors. The main reasons for that included:  

• Ability to work across wide range of pressure ratios and capacities 
• Short delivery times due to relatively flexible assembly from a selection of 

frames and cylinders on stock 
• Familiarity of the field operators with this type of machinery 
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An increasing demand for new technologies to meet the demand for clean and 
sustainable power generation created a room for a new class of machinery capable 
of handling even higher quantities of carbon dioxide in a more effective manner. 
Where reciprocating technology reaches its limits, turbocompressors become an 
interesting alternative. Factors favoring centrifugal compressors include: 

• Achievable capacities can reach up to 100 kg/s, exceeding the 
reciprocating technology for which the maximum is about 12 kg/s 

• More reliable and oil-free design reduces maintenance intensity and 
extends intervals between overhauls 

• Superior efficiency 
• Higher speeds, that better match to the high speed drivers (electric motors 

or gas/steam turbines) commonly used in the 10-40 MW range 

Within the industrial centrifugal compressors market, two technologies can be 
distinguished, namely single-shaft and multi-shaft internally-geared machines.  

An example of aerodynamic, mechanical and rotordynamic performance of a large 
single-shaft high pressure centrifugal compressor for CO2 reinjection is presented 
in Soulas et al. (2011). The 5.2 MW (7000 hp) compressor was configured as a 
back-to-back, eight-stage barrel-type machine, with impeller tip width as narrow as 
two millimeters, see Fig 19. 

 

 

 

Figure 19. The assembly of the 5.2 MW CCS compressor. Photo courtesy of 
Dresser-Rand 

 

The compressor was equipped with offset-pivot tilt-pad journal bearings with 
squeeze film dampers and dry gas seals. During testing of the compressor a good 
correlation was observed between experimental data and analytical predictions, 
confirming predicted performance levels and sound rotordynamic characteristic of 
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the compressor. The machine was capable of compressing CO2 to a pressure of 310 
bar in two main sections, achieving overall pressure ratio of around 8:1. After 
successful testing the subject compressor was supplied to the end user for a 
Floating Production Storage and Offloading (FPSO) unit, off the coast of Brazil.  

Examples of various integrally-geared compressors, for which a schematic 
representation is shown in Fig 20, for large capacity CO2 applications can be found 
in Habel (2011).  According to the author, there are several factors favoring 
internal-gear design over its single shaft counterpart. These include, among others:  

• An axial in-flow to each stage contributing to better impeller efficiency 
• More optimal impeller flow coefficients due to the flexible speed selection 

for each compressor stage 
• Possible intercooling between the stages 

 

Figure 20. The schematic representation of integrally-geared turbo-compressor.  

 

An example of integrally geared compressors can be the RG series from MAN 
Turbo. The manufacturer claims that above 80% overall efficiency is possible for 
the technology. Up to 10 stages are possible within a single unit with impellers 
measuring from 100 to 1600 mm in diameter. Machines with up to 350 000 m3/h 
capacity and shaft power of up to 44 MW are offered. The vendor offers several 
different sealing options, e.g. carbon ring, single and tandem dry gas seals and 
labyrinth seals.  
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Ramgen compressor 

Innovative approaches to CO2 compression are sought not only for commercial 
scale applications. Although much has been achieved within the field of 
turbomachinery the below example will show that the room for non-conventional 
solutions still exists. And although the presented concept is still in the development 
phase, it may turn out to be a breakthrough when low footprint and high efficiency 
compression solutions are demanded.  

The Ramgen supersonic compressor combines many of the aspects of shock 
compression systems commonly used in supersonic flight inlets with 
turbomachinery design practices employed in conventional axial and centrifugal 
compressor design. According to the analytical predictions and design studies, the 
novel type of machine has a potential to deliver higher single stage pressure ratios 
at greater efficiencies than both conventional axial or centrifugal compressor stages 
[Lawlor and Baldwin (2005)]. The proof-of-concept system was designed to 
process 1.43 kg/s of air and to produce a pressure ratio of 2.41. Based on that effort 
an industrial CO2 compressor has been proposed that could offer both significant 
purchase savings and efficiency advantages over standard industrial CO2 
compression technology.   

The conceptual rotor was configured with an oblique shock system and a terminal 
shock; according to the principle found in supersonic flight inlet designs, see Fig 
21.   

  

Figure 21. Supersonic flight inlet and supersonic compressor principle. Source: 
Lawlor and Baldwin (2005) 

 

The rotor flow path is determined by the shape of three elongated blades or strakes 
mounted on the rim of the rotor, as shown in Fig 22. The main purpose of the 
blade, unlike in conventional turbo-compressors, is to guide the gas stream, not to 
compress it. The principal compression work is done by the shock system 
generated by a compressive ramp or largely planar surface integrated into the rim 
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of the rotor. The oblique shock is generated by a ramp, and the normal shock is 
produced downstream of the throat where the subsonic diffusion process 
commences.  

 

Figure 22. Supersonic compressor stage rotor. Source: Lawlor and Baldwin (2005) 

 

The designers’ expectations about the high efficiency of such a system stem from 
the experience with supersonic flight inlet systems.  In Fig 23 the comparison 
between the flight inlet performance and the performance of conventional 
industrial compressors is shown. The adiabatic efficiency levels for Point A and the 
“Military Standard” performance trend do not include impact of the pre-swirl, de-
swirl or diffusion losses associated with the stator elements that will be present in a 
stationary machine. Efficient execution of the above processes will therefore be 
crucial to realizing the potential performance suggested in Fig 23. 
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Figure 23. Comparison of the performance of the flight inlet systems with 
conventional industrial compressor efficiencies. Source: Lawlor and Baldwin 

(2005) 

 

Initial tests of the novel compressor have shown that the analytical tools used to 
design the system deliver predictions consistent with the experimental data. The 
measurements obtained for relatively low total pressure ratios for the rotor, below 
2.5, indicate that that the system performance will be sensitive to the tip gap, 
especially as the future pressure ratios per single stage are expected to reach 10:1.  

 

2.2.4 Small and medium size CO2 turbomachinery 
 

Only a few examples of small- and medium-scale CO2 turbo machinery can be 
found and generally they are limited to laboratory tested prototypes. A probably 
most detailed report within the field was released by Sandia National Laboratories 
in USA [(Wright et al. (2010)]. That report is cited extensively in the attached 
papers. Some of the remaining experience within the field of small-scale CO2 
turbomachinery will be mentioned in the present chapter as well. 

It is known that for certain refrigeration applications CO2 cycles could benefit 
relatively much from introducing an expander to replace the throttling valve [Yang 
et al. (2005)]. The study of Robinson and Groll (1998) indicated that an efficient 
design of the CO2 expander would be needed.      

Hays and Brasz (2004) presented and tested a one-stage two-phase axial-flow 
impulse turbine with a view to improving efficiency of CO2-based cycles. A small 
scale prototype (see Fig 24) with the rotor diameter of 7.1 cm (2.8 inch) and the 
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blade height of 0.76 cm (0.3 inch) was operated at a maximum speed of 12 800 
rpm.  

 

Figure 24. A depiction of a small impulse-type axial CO2 turbine. Source: Hays 
and Brasz (2004) 

 

The measured isentropic efficiency of 56 % at the power output of 310 watts was 
close to the predicted efficiency of 61 %. The authors attribute the discrepancy 
between the predictions and test data to the relatively large degree of sub-cooling at 
the inlet compared to the saturated conditions assumed for the calculations.  

Another study, this time for a radial outflow impulse turbine designed for a CO2 
refrigeration process with relatively low capacities, was presented by Tøndell 
(2005). The test conditions, given in Table 2, were chosen to approximate the real 
conditions in CO2 based refrigeration, i.e. mobile air conditioning, with 
corresponding cooling capacity of around 10 kW.  
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Table 2. Process conditions for expander design 

Property Unit Value 
Inlet temperature °C 30 
Inlet pressure Bara 100 
Outlet pressure Bara 40 
Mass flow Kg/s 0.05 
Jet velocity m/s 133 
 

The turbine principle geometry is shown in Fig 25. The nozzle jet is represented by 
line ED and the tangent where the nozzle jet hits the turbine wheel by the line AB. 

 

Figure 25. The working principle of a radial outflow impulse turbine. Source: 
Tøndell (2005) 

 

The experimental campaign showed low turbine efficiency, in the range of 24-
30%. Poor performance of the machine is attributed by the author to the three main 
loss mechanisms: the exit loss, the loss from jet not hitting the blade and the 
rotational losses. It is also pointed out that the nozzle efficiency is only 60 %, while 
up to 84 % nozzle efficiencies are reported for other working fluids [Hays & Brasz 
(1996)]. The author supposes that conical nozzle jet caused considerable fractions 
of the jet to by-pass the turbine blade. Further improvements could involve 
optional shaft support, which in this case, comprised the standard grease lubricated 
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roller bearings generating considerable friction loss. It is also pointed out that the 
velocity triangles achieved during the test runs deviated from the design ones as the 
machine did not reach its intended speed.  

 

 

2.3 Windage in CO2 machines 

Rotational losses or windage losses can be of significant magnitude in CO2 
machinery [Tøndell (2006), Briggs (2008), Wright et al. (2010), Paper I, Paper II]. 
Vrancik (1968) developed an equation to predict the windage losses for a 
cylindrical rotor and modified it with empirical relations to take into account the 
effects of the salient poles and shrouds of the homopolar induction alternator. 
Measurements of the windage loss of a shrouded homopolar inductor alternator 
conducted at NASA Lewis Research Center agreed with ± 10 % for a range of 
pressure from standard atmospheric to 2.75 bar. The developed method assumed 
that the gap is small compared to the radius and length of the rotor and that the 
flow in the gap is laminar. The rotor moves with respect to the stator with a 
velocity V thanks to a driving force F. An action of force F must be 
counterbalanced by an equal in magnitude and opposite in direction force coming 
from the shearing stress of the fluid, as shown in Fig 26. 

 

Figure 26. Depiction of assumptions for calculation of windage of a rotating 
cylinder 

 

The shearing stress was defined as the force per unit area dF/dA and the strain as a 
ratio of the displacement due to the stress to the transverse dimension z. The shear 
stress in a fluid having laminar flow is proportional to the rate of change of shear 
strain v·t/z, therefore: 
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where viscosity μ is treated as constant of proportionality. Integration results in 
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where  RLA π2= and ωRV = or 

z
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=  
(10) 

The windage power is 

Re
2 34 LRFRW ωπρω ==  

(11) 

where 

vRz /Re ω=  (12) 

Finally, if Cd=Re/2 where Cd  is understood as the skin friction coefficient, the 
windage loss is defined as 

LRCdW 34ωρπ=  (13) 

The equation developed for a laminar flow ceases to be valid for fast rotating 
rotors. It was shown that sufficient approximation of windage for turbulent case is 
obtained when the theoretical skin friction coefficient for turbulent flow between 
two parallel plates is applied 

)ln(Re768.104.21 Cd
Cd

+=  (14) 

The model developed by Vrancik was later validated by Wright et al. (2010) for a 
rotor spinning at 35,000 rpm in the CO2 atmosphere at pressures ranging from 32.4 
– 55.15 bar. The comparison of measured and modeled windage losses are shown 
in Fig 27. 
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Figure 27. Comparison of windage estimates based on measured data (magenta) 
with the Vrancik model (yellow). Source: Wright et al. (2010) 

 

The windage loss is proportional to the density of the ambient fluid and increase 
with third power of rotational speed. The magnitude of the loss may be significant, 
thus it cannot be neglected during the design process of a hermetic type machine. 
Examples of efficient high speed radial turbo-compressor designed for R134-based 
cycles are known [Schiffmann and Favrat (2009, 2010), Alvares (2010)]. However, 
if one realizes that carbon dioxide have around 7 times higher vapor density at -5 
°C than R134, it becomes clear that previous experiences do not necessarily 
guarantee achieving good efficiencies for CO2 applications. 

 

 

2.4 Seals and bearing concepts for oil-free operation 

Several configurations enabling oil-free compression can be distinguished 
depending on the size of the compressor and particular technology choices. It 
should be further clarified that a compressor enabling oil-free processing of the gas 
is not necessarily an oil-free machine. Some vendors use the term oil-free 
compressor for machines providing “clean” gas compression but supported on oil-
lubricated bearings. To avoid confusion we will distinguish between an oil-free 
compressor and a compressor providing oil-free compression. To picture the 
importance of such a distinction let us consider the following examples. 
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Typically, to avoid losses of the gas or losses of the energy transferred to the gas in 
the impeller any leakage from the compressor stage to its surroundings should be 
prevented. In large MW-class machines this can be realized through application of 
dry gas seals. This technology has been serving in turbocompressors for already 
more than 30 years. It is estimated that that over 80% of centrifugal gas 
compressors manufactured today are equipped with some variation of a dry gas 
seal [Stahley (2003)]. 

Dry gas seals are non-contacting, dry-running mechanical face seals. The “running 
gap” of the seal is created between a stationary and a rotating face of the seal by 
fluid-dynamic force generated by the grooves of a rotating face. There is a variety 
of dry gas seals configurations, among which the “tandem” style seal, see Fig 28, is 
typically applied in process gas services.  

 

Figure 28. Tandem style dry gas seal 

 

The tandem seal consists of a primary and a secondary seal, placed in a single 
cartridge. The task of a primary seal is to absorb the total pressure drop to the vent 
system. The secondary seal serves as backup should the primary seal fail. A sealing 
gas is supplied between the inner labyrinth seal and the gas seal providing the 
working fluid for the running gap and the seal between the atmosphere and the 
compressor internal process. The separation of the process gas from the seal gas is 
ensured by the inner labyrinth seal. The dry gas seal is accompanied by a barrier 
seal, which separates the gas seal from the compressor shaft bearings. The 
separation gas used in a barrier seal is typically air or nitrogen. The primary 
function of the barrier seal is to prevent lubrication oil migration into the gas seal. 
Secondary function of the barrier seal is to serve as a last defense in the event of a 
serious failure if both primary and secondary gas seals.  
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The schematic representation of a compressor providing oil-free compression, 
equipped with dry gas seals is presented in Fig 29.  

 

Figure 29. Industrial turbo-compressor equipped with dry gas seals 

 

For smaller compressors, in a few tens to a few hundreds kW class shaft power, for 
which dry gas seals are not available, a different strategy must be applied to avoid 
leakage to the atmosphere or contamination of the process gas. For example, a 
hermetic configuration, with oil free bearings and electrical motor contained in a 
single housing is used. The leakage of the compressed gas between impeller space 
and motor cavity is limited through the application of labyrinth seals. Labyrinth 
seals are most widely used and the simplest among the annular type gas seals. They 
are made of a series of blades and cavities, as shown in Fig 30.  
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Figure 30. Cross/section of a labyrinth seal 

 

The working fluid is throttled and expanded repeatedly in the annular constrictions 
formed by the seal blades, thus reducing the total pressure of the fluid from one 
cavity to the subsequent one, limiting the overall axial leakage rate. Although 
labyrinth seals have been successfully serving in various types of turbo-machinery 
for decades, they do not eliminate the leakage completely. In hermetic CO2 
compressors this feature is actually desirable as some part of the process gas has to 
be throttled into the cavity in order to provide at least the fraction of the cooling 
capacity needed to remove friction heat generated by the gas bearings and the rotor, 
see Fig 31. 

 

Figure 31. An example of a hermetic oil-free compressor configuration 
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The above examples illustrate that oil-free compression might incorporate 
significantly different solutions.  Dry gas bearings enable separation of a process 
gas from the motor and bearings, but require relatively low shaft speeds and 
relatively large diameters. Due to not complete elimination of a leakage, a working 
fluid make-up system will also have to be considered. The CO2 compressor in such 
a case is not expected to suffer from high windage losses of a rotor. On the other 
hand, choice of the specific speed for each impeller might be more constrained, and 
the overall design of the machine with its auxiliary systems, e.g. lube oil 
distribution and seal gas delivery, more complex.  

Hermetic oil-free concepts favor smaller machines, in theory giving more freedom 
in selecting compressor speed and in making the overall design more compact and 
simpler.   

An attempt to categorize the appropriate technologies that might be suitable for oil-
free compression based on the size of the machinery is presented in Fig 32. The 
dotted line represents the compressor range that seems especially challenging in 
terms of achieving high efficiencies due to the windage issues.  
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Figure 32. Overview of the potential technology choices for oil-free CO2 
compression systems 
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2.5 Oil free bearing technology for commercial applications 

 

Oil-free bearings are an integral part of oil-free machines. Two main categories of 
the technology enabling oil-free operation can be extinguished among the bearing 
alternatives: active magnetic bearings and fluid film bearings. Regardless of the 
technology choice, oil-free bearings offer the following advantages over its 
lubricant based competitors. These include: 

• No speed limitation 
• Quiet operation 
• Wide operating temperature range 
• No scheduled maintenance 
• Virtually no wear once they are in operation 

 

Magnetic bearings 

Active magnetic bearings (AMB) offer a relatively novel way of solving classical 
problems of rotor dynamics by supporting the rotating rotor with no contact, wear 
and lubrication, and controlling its behavior through an electronic system. 
Although the early history of AMB can be traced back to as far as 1840s when 
Earnshaw (1842) and later Braunbek (1939) were investigating the magnetic forces 
acting on a freely suspended body, the first industrial applications came much later, 
when  Haberman and Liard (1977) introduced AMBs to aerospace momentum 
wheels applications. The pronounced growth of interest in AMB followed the 
implementation of digital control becoming a standard element of modern 
machinery. The availability of the design tools for modeling rotor dynamics and 
advances of hardware for power electronics led to industrialization of the 
technology some 20 years ago. Today, AMBs are used in a number of applications 
including high-speed turbines and compressors, pumps and jet engines and 
flywheels for energy storage. The bearings are inherently unstable and a feedback 
control system is needed to provide stable operation. 

The principle of the active magnetic bearing is shown in Fig 33. Main components 
of the system include: a gap sensor measuring the displacement of the rotor from 
its reference position, a microprocessor control unit deriving a control signal from 
the sensor and a power amplifier transforming the signal into a control current 
generating the magnetic field responsible for maintaining the rotor in its hovering 
position. Of course, the support of a full rotor requires several magnets connected 
to one another by a multivariable controller.  
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Figure 33. Principle of actively controlled magnetic bearing 

 

The characteristics of the system are determined by the software allowing for 
adjustments of stiffness and damping, also during operation of the bearing. 
Magnetic bearings require electromagnetic coils to generate magnetic forces 
sustaining the rotor in levitation. Additional stacked laminations are required on the 
rotor to reduce the eddy currents and hysteresis losses. As a result static parts of the 
bearing are larger than those of a competing technology. The relative footprint of 
the machine using AMBs increases with decreasing rotor size, which makes the 
technology less suited for very small capacity applications. Another drawback of a 
magnetic bearing system is the need for touch-down bearings in case a power 
failure occurs, and these are difficult to design, increase the length of the motor and 
add complexity to the system. At present, touch-down bearings are manufactured 
by only a handful of companies around the world. Typical design of a backup 
bearing comprises ceramic tightly packed balls, without ball separators. The racers 
are manufactured in corrosion resistant steel to protect the bearing from aggressive 
gases. For particularly harsh environments zirconia balls can also be used. The 
touch-down bearing system must be capable of fulfilling several strict design 
criteria, including extremely high accelerations from zero to nominal speed, high-
impulse radial and axial forces, limited dimensions, poor lubrication and 
reasonable manufacturing costs.  

 

Fluid film bearings 

The Fluid Film Bearing represents the second category of non-contact bearing 
technology. Depending on the working principle two further sub-categories can be 
distinguished: dynamic or static bearings.    
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In the dynamic bearing the lifting force is generated through the rotation of the 
shaft thanks to the viscosity of the lubricant dragged along with the moving 
surface. During the relative movement of the bearing surfaces wedge is formed, in 
which pressure is generated due to the hydrodynamic action of the fluid, see Fig 
34. The combination of Couette (shear driven) and Poisselle (pressure driven) 
flows in the gap produce a distribution of pressure allowing to keep the two 
surfaces separated. 

 

 

Figure 34. Hydrodynamic pressure generation 

 

In a static bearing a pressurized fluid is delivered to the space between the 
surfaces assuring continuous flow through the bearing.  Unlike the hydrodynamic 
bearing the hydrostatic one avoids the slip resistance during the start-up and    
rundown, thus reducing the wear of the bearing. The hydrodynamic effect gets 
involved also at zero rotational speeds thanks to the circumferential difference in 
the fluid flow resistance. The drawback of a static bearing is an additional 
consumption of energy, as the continuous work of a lubricant delivery pump is 
required. Systems involving continuous oil circulation can typically be found in 
smaller capacity compressors for refrigeration applications.  

 

Foil bearings 

Foil bearings have been selected as a potential technology for enabling cost 
efficient oil-free CO2 compression for various commercial applications (Paper II). 
They belong to the group of self-acting hydrodynamic fluid film bearings. The 
lubricating fluid film is generated by the viscous pumping action of a moving 
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runner, a mechanism common for all hydrodynamic bearings. The distinctive 
feature of the bearing is the combination of a sheet metal foil layer and a series of 
supporting spring (bump) foils depicted in Fig 35.   

 

 

Figure 35. Cross section view of simple radial foil bearing 

 

The top foil's primary function is to trap the gas film and enable generation of the 
hydrodynamic pressure required to push the shaft ensuring the non-contacting 
movement. The major benefit of the foil surface being compliant is larger thickness 
of the film than would be present in a geometrically identical rigid bearing. The 
thicker fluid film and compliant surface make the bearing less susceptible to 
damage by ingested dirt particles. 

The spring foils play multiple roles providing compliance, tolerance to 
misalignment and distortion, and external damping. Through a relatively simple 
and robust design a high tolerance to misalignment, shock and excessive vibrations 
is achieved. When the machine is in operation the fluid film protects the surfaces 
from wear. During stop/start sequences, when the foil surface is in contact with the 
shaft, special coatings minimize the wear. The modeling of foil bearings is rather 
complicated due to the complex non-linear structural, hydrodynamic and thermal 
interactions between the foils and the fluid film. Thermal management can 
sometimes also be an issue. Typically used materials such as nickel based super-
alloys are characterized by low thermal conductivity and high thermal expansion 
coefficients. In effect, localized overheating of the bearing can lead to foil 
distortion, rupture of the fluid film, and bearing failure (DellaCorte and Bruckner, 
2010).   
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Main advantages of foil-bearing technology  

High reliability – Only a few parts needed to support the rotating assembly results 
in increased reliability of the machine supported on foil gas bearings. Elimination 
of the components responsible for lubricant distribution further simplifies the 
system architecture.  

No scheduled maintenance – During operation of the machine there is no direct 
contact between metallic surfaces of the bearing, hence the wear is minimized. 
Since there is no oil in the system, there is no need to check and replace the 
lubricant. This results in lower operating costs. 

Soft failure – In case any failure occurs, the overall damage is quickly restrained by 
the bearing design that due to the inherently low clearances and tolerances prevents 
the shaft from excessive movement. As a result, the main part of the impact is 
confided to bearings and shaft surfaces, and the damage to other parts of the 
assembly is minimal and usually repairable during overhaul.  

Low and high temperature capabilities - Many oil lubricants will not operate at 
very high temperatures as they will decompose. At very low temperatures they will 
become too viscous to provide efficient operation or they will simply freeze. Foil 
bearings can provide reliable operation at severely high temperatures as well as at 
cryogenic temperatures. 

Pure process fluid operation – Foil bearings have operated in various applications 
utilizing fluids such as air, refrigerants, helium, xenon, and oxygen and nitrogen 
and operating down to cryogenic temperatures. Often a fraction of working fluid 
can be used to lubricate the bearings without the need for any additional lubrication 
system or additives to the working fluid. As a result, the system can operate 
efficiently without contamination of internal surfaces of the installation, which is 
often the main motivation for pursuing oil-free system concepts. 

 

 

2.6 Partial admission turbines 

A significant portion of the original work presented in this thesis (Paper III and IV) 
explores an idea of partial admission applied to a radial type turbocompressor. 
Unfortunately, rather scanty amount of experience on this subject is made publicly 
available. Examples of radial blowers and compressor with either partial admission 
or emission are presented in Paper III. None of the mentioned technologies seems, 
however, to have a potential of achieving reasonably high efficiencies at pressure 
ratios required in commercial scale CO2 applications. On the other hand, rather rich 
experience exists within the field of partially admitted axial turbines. While that 
experience may not be, in all of its aspects, directly transferable to the design of a 
novel turbocompressor, it is believed that analogies between the two technologies 
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can be found, and hence an extended introduction to the subject should be provided 
at this place.    

 

Where small volumetric flow rates and low rotational speeds are design constraints, 
partial admission machines should be considered. In fact, partial admission has 
been applied for more than a century and, over the years, has been studied by many 
researchers [Stodola (1927), Ohlsson (1962), Traupel (1977)] whose insights 
provided a general physical understanding of the phenomena accompanying 
operation of partial admission turbines. 

It is commonly adopted practice to use partial admission turbines in high pressure 
stages of small axial steam and gas turbines. Such a configuration allows using 
relatively high blades and avoiding significant blade losses that would occur if the 
flow was admitted in full arc but with smaller blades.  

Partial admission is also routinely applied for industrial steam turbines in CHP 
(combined heat and power) plants which frequently operate at partial load, thus 
enabling the district heating grid to act as a heat sink. When rapid load changes 
occur, the inlet steam flow is individually throttled with control valves into 
separate annular arcs of the first stator row. If a partial admission stage is applied 
as a first admission stage in an industrial turbine it is commonly referred to as a 
control stage. High part load efficiencies are possible due to the maintained high 
pressure at the turbine inlet [Fridh et al. (2012)]  

Performance of a turbomachine is limited by various loss mechanisms. While some 
of them are common for all types of turbomachinery, operation in partial admission 
mode introduces additional forms of irreversibility. A general division and brief 
characterization of losses occurring in full- and partially admitted axial turbine are 
listed below.  

Losses in a full admission turbine stage 

• Endwall losses. Occur on surfaces having direct contact with a fluid in 
motion due to the separation of the boundary layer formed on the end-wall 
of hub and casing when it is hit by the blades.  

• Profile losses. Generated through viscous interaction between the 
boundary layer around the blade profile and the main through-flow. The 
loss is calculated in a similar manner as a pipe flow friction and is mainly 
dependent on the flow velocity and surface roughness 

• Mixing losses. Occur in turbomachinery due to the shear strain between 
the fluid streams having different velocities. Mixing losses are especially 
pronounced in separated flows, such as in the jet/wake zones at the 
discharge of the blades 

• Leakage losses. For unshrouded rotors they are generated by undesirable 
fluid flow over the tip of the blade driven mainly by the pressure difference 
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across the gap. For shrouded blades the leakage takes place in the space 
between blade the rings and the turbine casing 

• Disc friction losses. Occur due to the relative motion between the disc and 
the housing of the turbine as a product of interaction between the skin 
friction and circulation of the fluid between these two surfaces.  

• Shock wave losses. Result from viscous dissipation across a shock. In a 
transonic turbine stages the trailing edge shock from the upstream blade 
rows are one of the most important sources of unsteadiness (Denton, 
1993). Due to the interaction of the shock with the boundary layer indirect 
sources of the loss are also present.  
 

Losses due to the partial admission 

Depending on the author, various classifications of the partial admission losses can 
be found. A comprehensive list of mechanisms arising from partial admission 
operation is cited below, after Yahya (1967). 

• Pumping loss 
• Nozzle jet dispersion loss 
• Sudden expansion loss 
• Mixing loss 
• Leakage loss 
• Shear flow loss 
• Loss due to change of reaction 
• Interstage losses in multistage turbines 
• Induced pumping and friction losses 

In Yahya (1969) a method for predicting the stage efficiency of a partial admission 
turbine is given. The derived loss correlations are verified using three turbine rotors 
with different blade pitches. They are shown to be approximately correct and the 
effect of blade pitching is shown to be negligible. It is concluded that the mixing, 
leakage and sudden expansion losses are primarily responsible for the lowered 
efficiency of a partially admitted machine. While the literature on the similar 
partial admission concept applied to an axial compressor is lacking, it is expected 
that similar loss mechanisms will be present.  

A review of the analysis and the design of an axial partially admitted impulse 
turbine, substantiated by the test data, is presented in Linhardt and Silvern (1961). 
The working principle of an impulse turbine is understood in the following way. 
The turbine converts its available pressure energy completely in the nozzle and 
then extracts the resultant kinetic energy in the rotor by turning of the relative flow 
(110 to 140 deg) under constant static pressure. A typical blade configuration of an 
impulse turbine together with its velocity triangles is shown in Fig 36.  



 
 

55 
 

 

Figure 36. Typical velocity triangle and blade configuration of an impulse turbine. 
Source: Linhardt and Silvern (1961) 

 

The authors propose combining several partial admission impulse stages within a 
single disc, introducing a so-called “re-entry-type-turbine”, as shown in Fig 37. In 
such a configuration the gas is admitted on one side of the rotor, passes through the 
blade row, is collected and passed through the rotor again. The fluid leaves the 
turbine at the same side at which it is admitted. The advantage of such a re-entry is 
that the disc friction is reduced compared to the conventional multidisc turbine. 
Both test and theoretical analysis illustrated that leakage is the most important 
parameter affecting the performance of a two-stage high pressure ratio (pr = 300:1) 
re-entry turbine. It was shown that the tangential and radial leakage occurs between 
the first stage nozzle exit and the exhaust port of the second stage, due to the 
significant pressure gradient. In order to reduce the driving force of a leakage it is 
suggested that the nozzles of the first stage and second stage should be located on 
the same side of the rotor through the application of the cross-over duct. Further 
improvement potential, according to the authors, lies in a proper redesign of the 
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blades for the supersonic conditions. Efficiencies of more than 60% were cited for 
the two-stage turbine prior to the mentioned design modifications.  

 

Figure 37. Two-stage re-entry partial admission impulse turbine. Source: Linhardt 
and Silvern (1961) 

 

Vibrations in partial admission machinery 

One of the main drawbacks of the partial admission is the inherently unsteady 
nature of the flow generating unsteady forcing on the rotor. Due to the unforeseen 
excitation frequencies, underestimated force magnitudes, or a combination of both, 
the risk for a so called high cycle fatigue (HCF) leading to a failure of machine 
elements exists.  

When rotating blades of a partial admission machine enter and leave the active arc 
they receive a rapid load increase and then a rapid load decrease.  This can lead to 
several problems. In the early 1940s, the introduction of partially admitted 
machines resulted in industry-wide problem of shroud and blade failures. These 
experiences initiated the early investigations into the vibration of turbine blades 
due to the partial admission [Allen (1940), Kroon (1940)]. The conclusions of this 
early research were that the problem was a result of an increase in the rotational 
speed of the high capacity machines to 3600 rpm. As a result of increased speed the 
blade heights also increased, making the blades more susceptible to shock induced 
vibrations. The new challenge was encountered again in the early 1960s. At that 
time, the resonances with the nozzle wake frequency were identified as a source of 
the problem [Vuksta (1961)]. The comprehensive analysis of both the shock load 
and nozzle resonance stresses was presented by Pigott (1980). He found that the 
shock amplification was independent of the degree of admission and that the 
unwanted resonances can be eliminated by changing the number of blades per 
group, the number of nozzles or the basic design. These modifications will affect 
the blade group response to the shock loading. Hence, the optimization of the 
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design should involve analysis of both the nozzle wake response and the shock 
loading response. It was also observed that the severity of the transients was 
strongly coupled to the loading/unloading time and the natural periods of the 
blade’s eigenfrequency. The depiction of general character of the blade forces 
acting in a partial admission stage are shown in Fig 38. 

 

Figure 38. General character of blade forces in partial admission stage. Source: 
Pigott (1980) 

 

In his recent paper Fridh et al. (2012) gives an extended design criteria toolbox, as 
well as validation data, for control stage design based on experimental data to 
reduce HCF incidents in partial-admission turbines. For that purpose a forced-
response analysis of a two-stage air test turbine is performed and results are 
presented in Cambell diagrams (rotational speed vs frequency). It is observed that 
partial admission creates a large number of low-engine-order forced responses due 
to the blockage, pumping, loading and unloading processes (see Fig 39). 
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Figure 39. Illustrated emptying, pumping and filling processes for a partial 
admission stage 

 

According to the author, the excitation pattern can be altered changing the stator 
and/or rotor pitches. Also a relationship between the circumferential lengths of the 
admitted and non-admitted parts dictates the excitation forces and may serve as a 
design parameter. 

 

 

2.7 Design and analytical methods 

The complete design of a turbo-compressor is a multidisciplinary undertaking 
involving knowledge of thermodynamics, fluid dynamics, rotordynamics, material 
and numerical sciences. Although the tools may differ, the essential procedures 
remain similar.  

 

2.7.1 Aerodynamic design procedures 
 

Typically, the design activity starts with the aerodynamic analysis that, depending 
on complexity, may include 3 steps: 1D, 2D and 3D modeling. 

 

1D modeling 

A one-dimensional (1D) approach to the design and analysis of the compressor is a 
combination of fundamental fluid flow equations, thermodynamic equations and 
empirical relationships.  

Its main aim is to establish the main geometrical outline of the compressor stage 
including diameters, passage height and blade angles. Empirical loss models allow 
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calculating losses occurring in subsequent ducts of the compressor and estimating 
overall compressor efficiency. A 1D study can be expanded to include off-design 
performance and present behavior of a compressor in its full range, between the 
surge and choke margins. Some prior knowledge of good design practice is 
essential to provide a reasonably good starting point for the design assumptions. In 
terms of the time required for completion of each design stage, a 1D procedure is 
the most convenient one for the designer. A detailed overview of one-dimensional 
design procedures can be found in several turbo-machinery textbooks, i.e. Dixon 
(2005), Whitfield and Baines (1990), Japikse and Baines (1994).  

 

2D analysis 

Two-dimensional or hub-to-shroud analysis predicts the evolution of the velocity in 
the impeller passage and can be used as a first estimate for more detailed analysis 
and refinement of the design. 

3D CFD 

Further aerodynamic improvements can be obtained by means of a three-
dimensional computational fluid dynamics (CFD). This stage of the design process 
is usually the most time consuming and least suited for multiple optimization 
iterations. It is therefore important to achieve a reliable design already during the 
preliminary phase of the process. 

 

2.7.2 Introduction to the applied CFD method 
 

CFD methods have been of great importance during the present work. A more 
detailed introduction to CFD is therefore important.  

There are five equations describing the physical behavior that a fluid must abide. 
First, the continuity equation (15) states that the rate of change of density in a 
control region equals the net flow of mass into that region. Second equation (16) – 
the momentum equation - is based on Newton’s second law and states that the 
change of momentum of a particle is equal to the sum of forces acting on the 
particle. The third equation (17) – the energy equation – stems from the first law of 
thermodynamics and states that the rate of change of energy within a fluid region 
convected with the flow equals the rate of energy received or rejected by heat and 
the work transfer.  
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Where jiτ  is the viscous stress tensor, defined by 
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(18) 

 

The above equations are impossible to solve analytically, except for simplified 
laminar flow. The main reason of difficulties with real flow is their complex 
nature, often including turbulent behavior. By turbulence, we understand the flow 
that is unsteady, irregular, swirly and occurring above a certain Reynolds number. 
The chaotic nature of turbulence results in difficulties in its modeling.  

 

Figure 40. Time averaging of velocity 

 

To model it directly is usually too demanding in terms of computational time and 
recourses.  Fortunately, for industrial problems, it is rarely necessary to predict 
turbulence to its smallest eddies or for the smallest time scales. In practice, short-
scale influence of turbulence is smeared by time-averaging the set of equations. 
The velocity is split into a constant part U and a part varying in time, u’(t), as 
shown in Fig 40. The turbulent part is considered truly random and therefore the 
time average of u’(t), equals zero. 
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The pressure is treated in a similar fashion and p’(t)+P is substituted for p. 
Reformulation of the instantaneous continuity and momentum equation can be now 
given. 

0' =∂=∂ iii uUi  (20) 

( ) ( )ijjijjiijj uuUPUUp ''∂−∂∂+−∂=∂ ρµ  (21) 

When the equations are averaged, six new terms emerge as ( )ij uu ''ρ , known as 
the Reynolds stresses. These stresses are calculated through a turbulence model, 
which adds from one to seven extra equations to the set.  

 

Turbulence models 

The choice of turbulence model is a compromise between computing time and the 
level of detail. Detailed description of various turbulence models can be found in 
handbooks, i.e. Versteeg and Malalasekera (1995), Ferziger and Perić (1996), 
Chung (2010). 

The Fluent code used for this thesis offers multiple choices for turbulence 
modeling: 

• Spalart-Allmaras model 
• Standard k-ɛ model 
• RNG k-ɛ model 
• Realizable k-ɛ model 
• RSM 
• Large eddy simulation model 

An appropriate model has to be selected with respect to the flow problem in 
consideration, since not every model is suited for every problem. The k-ɛ used 
extensively in this thesis adds two equations, for the kinetic energy, k and its rate 
of dissipation, ɛ,  to the set of equations solved by the Fluent solver. 
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In the above equations, Gk represents the generation of turbulent kinetic energy 
due to the mean velocity gradients, Gb represents the generation of turbulent 
kinetic energy due to the buoyancy and YM is the contribution of the fluctuating 
dilatation in compressible turbulence to the overall dissipation rate. σk,  σɛ are 
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turbulent Prandtl numbers for k and ɛ  and C1ɛ, C2ɛ and C3ɛ are constants [(Tousi 
and Tourani (2008)]. 

Finite volume method 

To solve the averaged – non-linear set of equations, a numerical method for 
discretizing and solving differential equations must be applied. In many 
commercial codes, including Fluent, a robust and proven finite volume method 
(FVM) is used. The procedure comprises three main steps. Mesh generation is the 
first step in the CFD FVM procedure, where the computational domain is divided 
into small control volumes (CV). Physical properties such as velocity and pressure 
are calculated for each control volume, some of them in the central point of it, 
some on the volume faces. The second step involves integration of underlying 
equations for the given CV. The parameters are considered to be known at the 
central points of each control volume, while the values at the faces are determined 
by means of interpolation. More, second order, or less accurate, first order, 
methods of interpolation can be used. To increase the accuracy of the solution, the 
size of the mesh should be as small as possible, as the interpolation accuracy is 
dependent on the distance between the grid points. Finally, the solver integrates the 
governing equations for the unknowns (p, v, t, and conserved scalars) and the 
linearized set of discretized equations is solved to yield updated values of the 
dependent variables [Ansys, Inc (2011)].  

Solver 

In Ansys Fluent the user has a choice of two numerical solvers, pressure-based and 
density-based solver. The velocity field, in both methods, is calculated from the 
momentum equation. In the density based solver, the density field is determined 
based on the continuity equation, while the pressure field is based on the equation 
of state. In the pressure-based approach, the continuity and momentum equations 
are manipulated to obtain a pressure field from pressure or pressure correction 
equations. The outline of the pressure-based solver procedure is presented below. 

 

The pressure-based solver algorithm 

The pressure based algorithm implemented in Fluent belongs to the segregated 
algorithms, which means that the governing equations are solved sequentially. A 
converged solution is found iteratively as the non-linear and coupled equations 
cannot be solved directly. Each governing equation must be “decoupled” and 
“segregated” during the solving process. Since the discretized equations must be 
stored in the memory only at the time they are segregated and solved, it makes it 
memory-efficient. Each solver’s iteration consists of the following steps: 

1. Update fluid properties (e,g, density, viscosity, specific heat) including 
turbulent viscosity (diffusivity) based on the current solution. 

2. Solve the momentum equations, one after another, using the recently 
updated values of pressure and interfacial mass fluxes. 
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3. Solve the pressure correction equation using the recently obtained velocity 
field and mass-fluxes. 

4. Correct interfacial mass fluxes, pressure, and the velocity field using the 
pressure correction obtained from Step 3. 

5. Solve the equations for additional scalars, if any, such as turbulent 
quantities, energy, species, and radiation intensity using the current values 
of the solution variables. 

6. Update the source terms arising from the interactions between different 
phases (e.g., source term for the carrier phase due to discrete particles). 

7. Check for the convergence of the equations  

 

Grid sensitivity 

A very important part of the numerical procedure is the grid independence study. 
Theoretically, the errors in the solution related to the grid should decrease as the 
number of cells is increased. When the numerical solution obtained on different 
grids agree to some reasonable level of tolerance, it may be referred as a grid 
converged solution.  

To validate the numerical results one must also ensure that the computational 
domain complies with the requirements of the turbulent models used.  The standard 
k-ɛ model ceases to be valid in the vicinity of the wall, where viscous stresses 
exceed the turbulent Reynolds-stresses. The approach employed in the k-ɛ model in 
the concerned region is to use a semi-empirical formula instead of resolving the 
flow. The standard wall functions using a logarithmic formula to solve the mean 
velocity are used. It is therefore essential that the distance from the wall for the 
wall adjacent cell must be within the range in which the formula is applicable. To 
measure this distance the dimensionless wall distance y+ is defined.  

υ
yu

y *=+  
(24) 

Where u* is the friction velocity at the nearest wall, y is the distance to the nearest 
wall and υ  is the local kinematic viscosity of the fluid.  

Based on experimental work, the law-of-the-wall is known to be valid in the range 
of 30<y+<60 (Tamm et al., 1996). Some authors suggest that higher values are also 
permissible. In practice, values of y+ above 200 should be avoided due to the 
substantially large wake above the log layer [Ansys, Inc. (2011)]. 

 

Numerical approaches to turbo-machinery 

There are different modeling approaches to the problems involving rotating 
elements, such as blades of a turbo-compressor. The so-called multiple frames 
problems can be treated with the following models: 
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• The frozen rotor model 
• The mixing plane model 
• The sliding mesh model 

The two first models belong to the multiple frames of reference (MFR) technique 
in which the rotating element (impeller) is modeled in a rotating frame of 
reference, while the stationary components (inlet duct, diffuser) are assigned to the 
to a stationary frame of reference. Between each zone an interface is applied. The 
first type of interface implemented in the MFR analysis is called the frozen rotor 
model. The model preserves the flow profile variation in the circumferential 
direction before transferring the information to the downstream frame of reference. 
This interface however does not consider any circumferential flow distribution 
change due to the variation of the relative position between the two involved zones. 

The second type of interface is called the mixing model or circumferential 
averaging. It means that before the information is transferred to the downstream 
zone, the upstream velocity profile is averaged circumferentially. It is assumed that 
the flow is steady and axisymmetric. None non-uniformity or distortion of the flow 
in the circumferential direction is preserved across the interface (mixing plane).  

Both the mixing plane model and the frozen rotor model are steady state 
representations of rotating parts and therefore cannot simulate adequately all 
transient effects occurring in turbo-machines. 

The third type of the interface, called the transient sliding mesh interface is able to 
predict the fluid motion caused by the relative movement between a rotor and 
stationary ducts of the turbo-machine. In this approach, a moving mesh of a 
rotating part is coupled with a stationary zone mesh with sliding interface. The 
flow field unsteadiness in both time and space is fully taken into account in the 
transient sliding mesh methodology.  

The selection of appropriate model for simulation of turbo-machinery is essential. 
Liu and Hill (2000) compared the results of all three models obtained for a 
centrifugal compressor. Firstly, the effects in the impeller inlet interface were 
examined for two cases, radial and axial inflow. Secondly, the impeller-diffuser 
interaction was analyzed for different gaps between the impeller and the diffuser 
vanes. In general, it was concluded that when the coupling effects between moving 
and stationary zones is weak, then all three interfaces give similar results. The 
deviations between the three models are displayed in circumferential flow field for 
a radial inlet interface. For the case of impeller-diffuser interface, the frozen rotor 
model tends to predict the flow field to be very different from the other solution 
when the gap is decreased. It is also concluded, that only the transient approach is 
capable of simulating the aerodynamic interactions between the impeller and inlet 
guide vanes or downstream discharge vanes.  
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3 Summary of papers 

 

3.1 Paper I 

Kus, B., & Nekså, P. (2013). Development Of One-Dimensional Model For Initial 
Design And Evaluation Of Oil-Free CO2 Turbo-Compressor. International Journal 
of Refrigeration. Available online. In press. 

In the first paper a 1-dimensional tool for preliminary design and performance 
prediction of an oil-free CO2 compressor is presented. A radial 2-stage machine 
with the rotor supported on gas foil bearings lubricated by a fraction of a 
compressed gas is modeled. In order to give a possibly comprehensive overview of 
the technology, a wide range of loss mechanisms is considered. Well established 
semi-empirical correlations are used to calculate compressor stage efficiency as 
well as the remaining non-stage losses, such as windage of a motor and gas 
bearings, cooling and electrical losses. It is reasoned that only an inclusion of a full 
scope of loss generating mechanisms enables comparison of a new compressor 
concept with existing commercial alternatives.  To validate the accuracy of the 
analytical model three methods are used. 3D numerical modeling of the three 
different centrifugal stages is carried out to verify the 1D predictions of the stage 
efficiency. The maximal discrepancy between analytical and numerical method 
amounts to 2% for efficiency and 5% for pressure ratio, while the largest 
disagreement is observed for supercritical compression to a supercritical pressure.  
Without experimental verification it is difficult to conclude which method is more 
accurate in this case. It can however be expected that some general approximation 
present in the 1D model tend to reduce accuracy prediction in the supercritical 
region where small under- or over-prediction of one thermodynamic property can 
result in significant variation of another. The main non-dimensional performance 
coefficients are also calculated for the analyzed geometries to compare obtained 
stage efficiencies with those of existing machines. Also here reasonable match is 
found. The 1D prediction of the total compressor efficiency is compared with the 
test data from a 50kW compressor published by Sandia Laboratories. The predicted 
peak efficiencies are between 66-67.5% while experimentally measured values are 
within 65-70%. The paper identifies the need for fast accurate methods of thrust 
prediction. When using typical 1D correlations to calculate thrust acting on a radial 
impeller operating with CO2, one risks both wrong prediction of its magnitude, and 
even its direction. At the present stage of the tool development values of axial 
thrust were assumed in order to calculate size and windage of a thrust bearing. 
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3.2 Paper II 

Kus, B., & Nekså, P. (2013). Oil Free Turbo-Compressors For CO2 Refrigeration 
Applications. International Journal of Refrigeration. Volume 36, Issue 5, August 
2013, Pages 1576–1583 
 
The model developed and described in Paper I is used to assess feasibility of 
replacing oil-lubricated compressing equipment in CO2 based refrigeration systems 
with oil-free turbocompressors. The peak efficiency is predicted for compressors 
designed for different system capacities and operating between different pressure 
levels. According to the 1D study, high compression efficiencies (>70%) are 
possible for the oil-free concept in a wide range of capacities provided that the inlet 
pressure is low, around 1 MPa, and the pressure ratio is moderate, below 3. 
Potential for good efficiency deteriorates with increasing operational pressures. As 
the density of the fluid increases so does the required rotational speed of the 
impeller. In turn, the windage exerted by the rotating elements of the machine 
increases rapidly introducing pronounced friction losses. Depending on the case, it 
may occur that the optimal speed of the compressor is different than the one 
providing the best aerodynamic performance. The aim of the designer is therefore 
to find the trade-off between aerodynamic performance and the remaining non-
stage parasitic losses. An approach to reduce windage losses by incorporating a 2-
times longer motor is also applied to a compressor with inlet pressure of 3 MPa and 
pressure ratios of 2 and 2.56, respectively. Such a strategy could be beneficial for 
compressor efficiency but may require special rotordynamic solutions or 
supporting each impeller-rotor pair on a separate set of bearings. The latter option 
while theoretically easier to realize, is likely to suffer from unbalanced impeller 
thrust, due to the lack of a balancing action of a second impeller, as well as 
increased investment cost. A double shaft approach can be expanded by increasing 
the number of impellers to four and thus improving aerodynamic efficiency while 
reducing thrust values at the same time. In effect, one ends up with two two-stage 
compressors in series. Whether such a strategy is reasonable from an economical 
point of view it is yet to be answered. It is nevertheless apparent, that there is no 
obvious solution assuring reasonably high efficiency of an oil-free CO2 commercial 
scale turbocompressor while maintaining a relative simplicity of the system. 
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3.3 Paper III  

Kus, B., & Nekså, P. (2013). Novel partial admission radial compressor for CO2 
applications. International Journal of Refrigeration. Available online. In press. 
 
 
In this paper a different approach is proposed for reduction of the high windage 
losses affecting performance of an oil-free CO2 compressor. The concept of a 
partially admitted radial flow machine is analyzed by means of a numerical 
method. The rationale behind applying a partial admission stage is to enable 
operation at speeds that will be lower compared to a fully admitted centrifugal 
stage of a commercial size compressor. It is clear that an electrical motor designed 
for a certain rated power, but operating at different speeds will generate 
significantly lower windage friction losses at lower speeds, despite its bigger 
dimensions. The aim was to find a design where the aerodynamic performance of 
an inward flow partial admission stage was at levels similar to that of a competing 
centrifugal counterpart. The overall performance of a novel compressor should 
benefit from reduced non-stage losses. To initially assess the performance potential 
of a novel partial admission stage, a 2D transient analysis of a wheel bladed with 
200 blades and rotating at 13000 revolutions per minute was carried out. The base 
stage efficiency without the diffuser, namely the wheel efficiency, was according 
to the simulations, higher than 80% at around 1.4 total pressure ratio. Depending 
on the 3D depth the profile (blade height), a drop in the base efficiency caused by 
the wall effects and other 3D effects can be expected. These aspects should be 
analyzed more extensively in future research. It is initially assessed that a more 
pronounced drop in efficiency occurs for blade heights of less than 5 mm. It 
accounts for volumetric flow rates of less than 0.02 m3 s-1, corresponding to 
cooling capacity of around 500 kW at 60 bar.  
The proposed impeller design is characterized by a low degree of reaction which 
means that the major part of the static head must be created in the diffuser. It is 
therefore concluded that a careful design of the diffuser will be crucial to the 
overall stage efficiency. The paper does not include predictions of the diffuser 
performance but shows how the overall stage efficiency depends on the diffuser 
total loss coefficient. Additional steady state simulations show a potential for wheel 
efficiency improvement by optimization of the shape and the number of blades. For 
the selected shape of a blade an initial structural analysis of safety factor is also 
presented. Depending on the factual load that will act on a very short and thin 
blade, the usage of very strong and expensive materials might be necessary in order 
to safely transfer the loads. It is expected that a small size of the blades and small 
distances between them may require electrochemical machining especially when 
difficult-to-machine alloys would be used. 
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3.4 Paper IV 

 
 Kus, B., & Nekså, P. (2013). Numerical study of diffuser systems for a novel 
partial admission compressor using CO2 as refrigerant. Submitted to International 
Journal of Refrigeration. 

To get a better impression of the level of the overall efficiency for a partial 
admission stage, the performance of the diffuser system must be assessed. A 3D 
numerical study of various diffuser systems that could be applicable for the novel 
compressor is therefore presented. For each diffuser a non-uniform inlet velocity 
profile resembling that at the partial admission wheel discharge is applied. Each 
geometry is characterized by the bend section necessary to direct the gas outside 
the wheel and design of a proper diffuser duct. Designs with rectangular and 
circular cross sections, different lengths and area ratios are analyzed with regard to 
pressure recovery and total pressure loss coefficients. For the best geometries 
within the given area ratio, return channels are added and the performance of the 
diffuser/return channel assessed. For the applied inlet conditions the most efficient 
system, characterized by the circular diffuser with an area ratio of 3.9 and non-
dimensional length of 15.3, achieves total pressure loss and pressure recovery 
coefficients of 0.13 and 0.82, respectively. It is believed that a redesign of the 
impeller discharge angles should improve the performance of the diffuser due to 
the lower curvature of the channel. It was expected that application of a pinch to 
the rectangular assembly would improve the uniformity of the flow across the 
diffuser channel and therefore improve its performance. It turned out however, that 
introduction of a 3% pinch to the 2.8 area ratio diffuser, while improved the 
uniformity of the flow, actually increased the overall loss across the channel. It is 
believed that this can be attributed to the increase of already high friction losses in 
the initial segment of the rectangular duct, were the deceleration of the gas is 
minimal.  
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4 Conclusions 
 

The objective of the present work was to propose the design for an efficient oil-free 
compressor for commercial scale CO2 refrigeration applications.  It was shown that 
for higher operating pressures, around supercritical pressure, an ordinary radial 
compressor in hermetic configuration will not provide the aimed efficiency level.  
A novel concept of a partially admitted compressor was therefore proposed as an 
alternative solution for high pressure medium capacity applications. The important 
parts of the present work comprised: 

- Development of a 1D tool for preliminary design and performance 
prediction of two-stage hermetic radial turboconmpressor 

- Evaluation of the 1D tool based on CFD aerodynamic efficiency 
predictions and experimental data for a 50kW hermetic CO2 
turbocompressor 

- Development of a novel partially admitted radial turbocompressor concept 
- Numerical investigations of the novel compressor’s wheel and diffuser 

systems 
- Analytical predictions of the novel compressor overall efficiency 

The more detailed outline of subsequently achieved objectives for the present 
research is given below. 

In the course of the present study turbo-type technology was identified as the most 
feasible candidate for oil-free operation. An overview of other technologies that 
have been considered, but not necessarily recommended as cost- and energy-
effective alternatives, such as custom designed oil-free piston compressors, has 
been also provided. 

A 1D model of a two-stage radial turbo-compressor supported on oil-free foil gas 
bearings was built to predict compression efficiencies that could be achievable for 
different CO2 based applications. To validate aerodynamic predictions of the 1D 
model, three compressor stages with specific speeds ranging from 0.34 to 0.66 
were generated and investigated with a 3D CFD method. Maximal discrepancy 
between analytical and numerical predictions amounted 2% for efficiency and 5% 
for pressure ratio. The 1D prediction of the total compressor efficiency was 
compared with test data from a 50 kW compressor published by Sandia National 
Laboratories. The analytically predicted peak compressor efficiencies were 
between 66 and 67.5% while experimentally measured values were within 65-70% 
region.  The validation procedure confirmed acceptable accuracy of the model, 
which was subsequently used to investigate the performance of compressors 
designed for various operating conditions and capacities corresponding to shaft 
power from a few tens of kilowatts to a few megawatts. 

It was found that high overall isentropic efficiencies, exceeding 70%, are possible 
for the 2-stage radial compressor concept, but within limited range of applications. 
For low inlet pressures and low to moderate pressure ratios (Pin = 1 Mpa, Pout = 2 
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or 3) the compressor is expected to achieve good efficiency in a wide range of 
system capacities, corresponding to shaft powers from 50kW up to a few MW. The 
potential for a good overall efficiency deteriorates with increasing operational 
pressures. It is an effect of reduced volumetric flows requiring higher shaft speeds 
and thus triggering pronounced windage losses. For example, for a 100kW shaft 
power machine designed for inlet pressure of 3 MPa and pressure ratio of 2.5, the 
overall isentropic efficiency is expected to be of around 60%. This is not a 
satisfactory value, especially when compared to the new generation of commercial 
oil-lubricated CO2 piston compressors.  

The higher the capacities of the system, the lower the parasitic windage losses 
triggered by high shaft speeds and the more we approach the performance levels 
typical for centrifugal compressor concepts for other applications. As we move 
towards multi-mega-Watt applications, the aerodynamic stage can be much more 
effectively sealed from the motor compartment by dry gas seals and the windage 
losses become negligible. As the perfect sealing does not exist, some degree of 
leakage of the working fluid to the ambient must be taken into account. In such 
cases an additional installation for a working fluid make-up might turn out 
necessary.  

Pursuing higher compression efficiencies in high pressure commercial size 
application requires more effort. In these applications, permanent leakage is 
unacceptable. Designing CO2 hermetic turbocompressor is not a trivial task, as the 
designer must find the trade-off between the aerodynamic performance and the 
remaining parasitic losses. It is likely that the specific speed of the compressor 
optimal from an overall efficiency point of view will be different than that optimal 
from the stage efficiency point of view.  In some cases, the level of windage may 
still remain unacceptable. It was shown (Paper II) that applying non-standard 
strategies such as driving each of the impellers with a separate motor, thus assuring 
higher overall length of the rotor, may prove insufficient in achieving desirable 
efficiency levels.   

Instead, another approach to the reduction of high windage losses was pursued. The 
presented novel concept of a turbo-compressor employs partial admission 
principle, radial inward flow configuration and a special type of a curved diffuser. 
The theoretical analysis has shown that 75% reduction of rotational speed of the 
motor could result in as much as 90% reduction of the windage, despite bigger 
dimensions of the slower rotating motor, for the same rated power.  

Partially admitted wheel does not guarantee achieving competitive aerodynamic 
stage efficiency, when compared to typical radial compressor. Essential part of the 
current work focused therefore on a theoretical prediction of the partial admission 
stage efficiency. While only limited amount of blade shapes and angles were used 
for numerical simulations it seems obvious that very short and thin blades similar 
to those found in an impulse turbine are required to achieve good wheel efficiency. 
2D simulations indicated that the wheel isentropic efficiencies of more than 80 % 
might be expected. To confirm these initial findings detailed structural and 
manufacturability analysis should be performed. Further analysis should also be 
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undertaken to take into account a full spectrum of 3D effects, such as end-wall 
losses, impact of the blade length or radial clearance. 

Due to the short passage length and a certain angle at which the flow should be 
discharged to the diffuser, the degree of reaction will be low. This indicates that the 
major part of the static head must be produced in the diffuser, the design of which 
must be executed very carefully, having in mind generally unfavorable conditions 
for the diffusion process like the non-uniform velocity profile, close to sonic flow 
conditions and curved shape of the channel. For given inlet conditions, 
approximating these at the discharge of the previously simulated partial admission 
wheel, a number of different diffuser systems were analyzed with the 3-
dimensional numerical method. The most efficient, among the tested, 
diffuser/return channel is characterized by the circular diffuser with an area ratio of 
3.9 and non-dimensional length of 15.3 and achieves total pressure loss, and 
pressure recovery coefficients of 0.13 and 0.82, respectively. An impact of 
introduction of 3% pinch to the rectangular 2.8 area ratio diffuser was also 
simulated. It turned out, that instead of an expected improvement in the diffuser 
performance, the level of losses increased. It is believed that this can be attributed 
to the increase of already high friction losses in the initial segment of the 
rectangular duct, were the deceleration of the gas is minimal. The contradictory 
results to these typically found in a diffuser of a centrifugal compressor, where low 
degree of pinch typically improves the diffuser performance, deserves however 
more insight. 

After the first round of simulations of both the wheel and the diffuser, the target 
75% stage efficiency at around 1.4 pressure ratio may seem reachable. Much will 
however depend on further full stage 3D transient simulations that due to limited 
scope of this work have not been performed. Detailed structural analysis of the tiny 
blades undergoing cyclical loads and manufacturability issues will also be crucial 
to the feasibility of the new concept. At the first glance then, it seems that the 
partial admission concept could be an interesting alternative for an oil-free 
hermetic CO2 compressor operating at high, close to critical pressures in 
commercial applications. To confirm these first observations further modeling and 
experimental work is however inevitable. It is expected that further improvements 
of the diffuser shape accompanied by a redesign of the impeller blades and 
discharge angles are possible. 
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5 Suggestions for further work 
 

As shown in the present work the development of new machinery requires insight 
into various fields of science and engineering. During the theoretical analysis of 
potential alternatives for an oil-free compressor several areas have been identified 
as interesting from future research opportunities perspective.  If it comes to the 
rapid 1D modeling of a centrifugal compressor, a new method for an axial load 
prediction seems desirable. It is especially challenging area for CO2 compressors as 
one has to deal with very high pressure gradients across the impeller faces. The 
gained experience could be equally relevant for CO2 machines as well as for a wide 
range of different working fluids and applications. Fair amount of research has 
been devoted recently to foil gas bearings, a technology enabling operation of 
small to medium-scale oil-free turbo-machinery. Despite numerous advantages of 
foil gas bearing technology its coupling with turbomachinery is still emerging 
practice and only a small amount of performance data is accessible publicly. 
Relatively small number of foil bearing manufacturers has led to the high 
perception of risk and therefore rather slow industry transition to this technology 
[Conboy and Wright (2011)]. Recent interest of NASA and the U.S. Army 
Research Lab in the foil bearing technology encouraged more R&D activity 
bringing to the public open-source gas foil bearings [DellaCourte (2007)]. Still 
there is a considerable potential for future research in this area. Modeling of 
compliant gas foil bearings has been notoriously difficult as the solution of the 
hydrodynamic pressure fields must iterated together with the solution of the 
structural model, since the deflection of bearing surfaces and the local pressure are 
linked together. The present thermal effects make the problem even more 
demanding as the temperature gradients affect both the pressure distribution and 
the material expansion and deformation. It is not certain how foil bearings would 
behave with a partially admitted machine which rotor is expected to be less stable 
that a fully admitted one due to the cyclic loading and unloading processes. In 
addition, the speeds selected for the presented conceptual compressor are in the 
lower range of what is applicable for foil gas bearings. This together with not yet 
known radial loads of the partially admitted wheel creates an interesting area for a 
scientific inquiry. But not only prediction of the bearing behavior remains a 
challenge. The non-standard configuration of the partially admitted wheel and the 
complex geometry of the diffuser pose rather demanding problem from the fluid 
dynamics point of view. The transient simulations of a full aerodynamic stage with 
a properly selected turbulence models seem vital for a better understanding of the 
phenomena taking place in the novel compressor. It is also reasonable to infer that 
the numerical procedure, thanks to relative novelty of the problem, should be 
accompanied by an experimental campaign. Such a campaign could give a 
comprehensive insight into performance of various components put together in a 
rather uncommon configuration. The areas linked to the development of a novel 
compressor that are identified as interesting from both scientific and practical point 
of view are summarized below: 
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• Numerical modeling of various stage configurations, including different 
shapes and number of blades, admission ratios, admission arc position, 
impeller discharge angles and diffuser curvature 

• Impact of cyclic loads on structural and rotordynamic performance of the 
compressor 

• Experimental validation of predicted design and off-design stage 
efficiencies 

• Modeling and measurement of performance and behavior of foil gas 
bearings operating at relatively low speeds in high pressure CO2 
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a b s t r a c t

A 1-dimenional tool for preliminary design and performance prediction of oil-free CO2

compressor is presented. The model describes high speed centrifugal compressor in a

hermetic configuration supported on foil gas bearings. To give possibly comprehensive

overview of the technology, a wide range of loss mechanisms is considered. The model

predicts aerodynamic performance of the compressor as well as losses related to the

windage of rotor and bearings and due to the internal cooling. Numerical investigation of

different compressor stages was used to validate aerodynamic predictions of the 1Dmodel.

Maximal prediction discrepancy amounted 2% for efficiency and 5% for pressure ratio. The

prediction of the total compressor efficiency was compared with test data from a 50 kW

compressor published Sandia Laboratories. The predicted peak compressor efficiencies are

between 66 and 67.5% while experimentally measured values are within 65e70% region.

ª 2013 Elsevier Ltd and IIR. All rights reserved.

Développement d’un modèle unidimensionnel pour la
conception initiale et l’évaluation d’un turbo-compresseur
sans huile au CO2

Mots clés : turbo-compresseur radial ; dioxyde de carbone ; compression ; compresseurs sans huile ; froid sans huile

1. Introduction

Popularity of carbon dioxide as a working medium has been

gainingmomentum in the last decade. It ismotivated not only

by increased environmental awareness of the society but

economical factor as well. CO2 installations can be more

compact than its hydrocarbon- or synthetic-counterparts and

in many cases more energy efficient (Nekså et al., 2010,

NARECO2, 2009, Chen et al., 2006). Recent development in

supercritical CO2 power cycles has brought attention to the

new type of machines used in the CO2 field, namely high

speed oil-free turbo-compressors and turbo-expanders. San-

dia National Laboratories (SNL) has published a report (Wright

et al., 2010) from successful testing of 50 kW radial compressor
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spinning at up to 75 krpm and producing pressure ratios of up

to 1.8. Although rather low efficiencies of the compressor are

reported, such a concept can be perceived as an interesting

option for other CO2 based systems, such as air conditioning

or refrigeration. Benefits of oil-free operation are multiple and

include simplified architecture of the system, broader range of

operating conditions (Hafner et al., 2011) and improved heat

exchange.

Schiffmann and Favrat (2009, 2010) have designed and

successfully tested small oil-free radial compressor for do-

mestic heat pump utilizing R134a as a working fluid. 78%

isentropic efficiency is reported for a small 20 mm impeller

reaching pressure ratios in excess of 3.3. Mechanical efficiency

quantifying windage losses is calculated to be in the range of

92e95%. It is expected that such a high mechanical efficiency

will be very difficult to reach for CO2 systems due to the

significantly higher density of the gas.

To gain more understanding about which applications and

what operating conditions are particularly interesting for the

new type of machine, efficient design tools must be available.

The purpose of the present study is to introduce a tool that al-

lows for quick prediction of basic dimensions and performance

of CO2 oil-free compressor based on a set of designer inputs.

The importance of reliable preliminary estimation of

compressor parameters should not be underestimated as an

early identification of performance potential can save a lot of

time and resources in subsequent phases of the system

development as well as in its operation. It is expected that the

tool could be used as a very first step in the machine design,

providing rapid identification of possibly weak points of the

technology depending on a particular field of application.

The 1Dmodel consists of two essential parts. The first part

predicts aerodynamic performance of a centrifugal

compressor stage. The second one models losses resulting

from hermetic operation and includes gas bearing friction,

rotor windage and internal cooling losses.

One- or two-stage configuration can be simulated. The

preliminary validation of the tool is based on CFD analysis and

test data presented in the SNL report (Wright et al., 2010).

Configuration of the two-stage compressor with brushless

permanent magnet motor is shown in Fig. 1.

The presented model is used in Kus and Nekså (2013),

where more comprehensive overview of the oil-free CO2

compression technology is given, to assess feasibility of

introducing oil-free turbo-compressors into commercial and

industrial CO2 refrigeration applications.

1.1. Modeling

1.1.1. Tool structure
The design tool has beenmade with a Microsoft Excel interface

where a user has the full control of all important model con-

stantsandassumptions.These involve: impeller clearance, axial

length of impeller (as a fraction of impeller diameter), inducer

diameter ratio, diffuser diameter ratio, mean inducer blade

angle, impellerdischargeflowangle,magneticshearstressof the

motor, thrust bearing diameter ratio, motor electric efficiency,

labyrinth seal dimensions, radial gap in journal bearings, load

capacity of the gas bearings and internal cooling ratio (degree of

cooling that is performed by fraction of the compressed gas).

The procedure itself takes place in VBA macros activated

from the interface sheet. The algorithm contains three main

iteration loops; the first two calculating dimensions and

aerodynamic performance of the stages and the third one

calculating the total machine’s performance including addi-

tional losses generated by windage, electrical components

and the cooling flow (see Fig. 2). The tool also predicts basic

dimensions of bearings, rotor and shaft.

1.2. Aerodynamic modeling

It was decided to base the design procedure on 1D (mean line)

approach, treating a compressor stage as a set of character-

istic parts, each defined by inlet and outlet surfaces. Losses

occurring in each of these parts are modeled with empirical

correlations developed during the past several decades. The

mean line method is regarded as a most practical one and

providing acceptable accuracy (Oh et al., 1997, Sungho and

Baek, 2001). Furthermore, a tool based on basic thermody-

namic equations and pointing out specific loss mechanisms

has also significant educational valor. It gives a designer an

opportunity to test impact of particular design choices on the

final performance of the machine.

Table 1 presents loss models used in the present study.

The basic design procedure is given below.

1.2.1. 1D design procedure
The specific work needed to compress the fluid to required

pressure is calculated according to:

Wcomp ¼ ðh02s � h00Þhs total (1)

where both enthalpies are calculated by the REFPROP code

based on the designer inputs: the inlet temperature and

Fig. 1 e 2-stage compressor configuration.
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pressure and discharge pressure. The total isentropic effi-

ciency is assumed to start first main iteration loop.

Total discharge conditions are calculated from the isen-

tropic efficiency definition:

hs total ¼
ðh02s � h00Þ
ðh02 � h00Þ (2)

An inlet velocity triangle is established in an iterative pro-

cedure so as to satisfy the requirement of the assumed inlet

relative flow angle b1 r (mean) and D1h/D1t ratio. The admis-

sion of the gas at the impeller inlet is axial.

The discharge velocity triangle is established from Euler

equation:

Pcomp

_m
¼ U2Cq2 (3)

and includes reduction of tangential velocity component by

backward blade sweep bB2 and slip s, according to equations:

Cq2 ¼ sU2 þ CrtanbB2 (4)

s ¼ 1� 0:63p
ZB

(5)

The above procedure aims at providing specified impeller

discharge absolute flow angle a2r.

With calculated discharge blade tip speed U2 and assumed

rotational speed one can easily find impeller discharge

diameter:

D2 ¼ U2

pu
(6)

To calculate impeller discharge blade height b2 discharge

static gas conditions have to be known. These are found from

calculated (based on loss corellations) impeller efficiency.

Determination of vaneless diffuser ideal discharge velocity

triangle is based on two equations known as mass conserva-

tion equation and angular momentum equation.

_m ¼ r2A2Cr2 ¼ r3A3Cr3 (7)

s ¼ _mðr3Cq3 � r2Cq2Þ (8)

Real diffuser discharge conditions are calculated based on

the total compressor discharge temperature and calculated

passage losses.

Once the main stage dimensions and properties of the gas

in the characteristic sections of the compressor are estab-

lished, the loss correlations can be employed to predict the

stage efficiency.

hs total ¼
ðh02s � h00Þ
ðh02 � h00Þ ¼ ðh02s � h00Þ

ðh02s � h00Þ þ
P

Dhloss
(9)

Calculated efficiency is then compared with the initially

provided value and the iteration loop will be repeated until

both values match within the tolerance specified by the user.

Analogical procedure is applied to predict efficiency of the

second stage and the overall compressor efficiency.

After convergence of the calculation some general perfor-

mance coefficients can be defined and calculated to judge the

design of the compressor stage. These may include:

Flow rate coefficient f ¼ Q

U2d2
2

4
p

(10)

Work coefficient j ¼ Dht�t

U2
2

(11)

Machine Mach Number MU ¼ U2

a01
(12)

Machine Reynolds Number Re ¼ U2D2

y01
(13)

Specific speed Ns ¼ u
ffiffiffiffi
Q

p
Dh0:75

0s

(14)

1.3. Rotor windage modeling

It is identified that high speed motors operating in high

ambient pressure tend to induce windage losses that cannot

be neglected in the initial design of the compressor (Briggs

et al., 2008, Wright et al., 2010).

While there are many correlations well proven for some

specific operating conditions (Raymond et al., 2008, Walton

et al., 2012) present study will use correlation (1) developed

by Vrancik (1968) and validated for high speedCO2 compressor

(Wright et al., 2010).

Pmw ¼ pCfrR
4u3L (15)

where:

1ffiffiffiffiffi
Cf

p ¼ 2:04þ 1:768 ln
�
Re

ffiffiffiffiffi
Cf

q �
(16)

Fig. 2 e The calculation tool structure under Refprop

thermodynamic data library.
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Dimensions of the rotor are determined from the formula

found in Hanselman (2006):

TRV ¼ s
p
4 D

2
motLmot

(17)

where:

TRV ¼ 2sm (18)

Required torque is calculated from compressor power and

angular speed. Important design parameter is the gap sheer

stress which is the tangential force per unit rotor surface area.

When expressed in Pa units, low cost brushless permanent

magnet motors typically exhibit a shear stress in the range of

3400 < sm < 13800 (0.5 < sm < 2 psi), higher cost motors in the

range 10300 < sm < 20600 (1.5 < sm < 3 psi), very high

performance motors are typically in the range

13800 < sm < 69000 (2 < sm < 10 psi), and large liquid cooled

motors 69000 < sm < 138000 (10 < sm < 20 psi). The designer

must also decide on L/D ratio of the rotor. To reduce windage

losses it is desirable to have long slender rotor. One have to

bear in mind however that longer motors are more likely to

exhibit rotordynamics issues, especially pronounced in ma-

chines with gas foil bearings. For Sandia’s CO2 compressor L/D

ratio amounted to 3.7 (Wright et al., 2010). Final size of the

motor should always be preceded by rotordynamics analysis.

Rotor tip speed must be also checked. The limiting

constraint is to keep the magnets in compression. Depending

on the magnets material different peripheral speeds can be

allowed. For a high strength, low resistivity and highmodulus

material such as Inconel 718maximum rotor peripheral speed

of 200 m s-1 is acceptable.

Table 1 e Loss correlations.

Loss mechanism Loss model Reference

Blade loading loss: occurs due to the
boundary layer growth, separation
and secondary flow development

Dhbl ¼ 0:05D2
f U

2
2

Df ¼ 1� W2

W1t
þ 0:75DhEuler=U

2
2

ðW1s=W2Þ½ðZ=pÞð1� D1t=D2Þ þ 2D1t=D2�
DhEuler ¼ Cq2U2 � Cq1U1

Coppage et al. (1956)

Impeller skin friction: is generated by the

viscous shear forces in the flow

boundary layers. The procedure is

equivalent to the pipe flow friction

calculation

Dhsf ¼ 2cfiðLi=DihÞW2
m

Wm ¼ C1t þ C2 þW1t þ 2W1h þ 3W2

8

cfi ¼ 0:3164ðReiÞ�0:25

Jansen (1967)

Vaneless diffuser loss: The procedure

is similar to impeller loss calculation,

but the velocity is assumed to be the

mean value of inlet and outlet diffuser

velocities

Dhdf ¼ 2cfdðLd=DdhÞC2
m

cfd ¼ k

�
1:8,105

Red

�0:2

k ¼ 0:015

Japikse (1982)

Clearance loss: results from the leakage

of the fluid from the pressure to the

suction side of the unshrouded

impeller blades

Dhcl ¼ 0:6 ε

b2
Cq2

�
4p
b2Zb

�
r21s � r21h

ðr2 � r1tÞð1þ r2=r1Þ
	
Cq2Cr1


1=2

Jansen (1967)

Mixing loss: is a result of non-uniform

discharge of the flow from the

impeller and is calculated based

on the jet/wake theory

Dhmix ¼ 1

1þ tan2a2r

�
1� εwake � b�

1� εwake

�2C2
2

2

where: εwake ¼ 0.25, b* ¼ 1

Johnston and Dean (1966)

Oh et al. (1997)

Disc friction loss: Is generated by the

shear flow forces acting on the

impeller backplate

Dhdisc ¼ Cf disc
rr22U

3
2

4 _m8>>><
>>>:

2:67

Re0:5disc

; Redisc < 3� 105

0:0622

Re0:2disc

; Redisc > 3� 105

Redisc ¼ U2r2
n2

r ¼ r1 þ r2

2

Daily and Nece (1960)

Recirculation loss: results from reversal

into the impeller of a portion of the

flow that does not have enough

momentum to overcome pressure

gradients in the diffuser

Dhrc ¼ 0:02D2
f U

2
2

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
tana2r

p
Jansen (1967)

Volute loss: It is assumed that the

meridional velocity component

of the fluid leaving the diffuser

is lost in the volute

Dhvol ¼ C2
3r=2
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1.4. Gas bearings modeling

Estimation of gas bearing losses consists of three stages:

predicting radial and axial forces acting on the rotor, sizing the

bearing based on bearing load capacities and applying an

appropriate loss model.

1.4.1. Predicting axial loads
Simple 1D prediction of axial loads in a CO2 centrifugal

compressor is a subject to a significant uncertainty. There can

be up to few tens of thousands N of force across the front and

back face of the impeller, therefore the model must subtract

two very large numbers. It means that not only prediction of

thrust magnitude but also its direction could be challenging.

Noall and Batton (2011) used a 1D correlation to predict thrust

in a radial turbine working in supercritical state for CO2.

Measurements showed that actual thrust was not only a third

of the predicted one, but also acted in the opposite direction. It

is more difficult to predict static pressures at a radial turbine’s

intermediate stations than in radial compressors; however it

shows that simplemathematical operationswith big numbers

can give misleading results.

During testing of the SCO2 (supercritical CO2) compressor

performed by SNL (Wright et al., 2010) the following approach

was taken. First, the rotor was installed on typical roller

bearings and during the initial tests a load cell was used to

measure the thrust. The compressorwas equippedwith pump

out vanes on the back side of the impeller wheel. Gradual

trimming of the vane outer radius allowed for balancing of the

axial loads. Once the load cell indicated magnitudes of thrust

acceptable for gas bearings they were installed instead of ball

bearings.

The literature suggests that CFD methods can be reliable

sources of information about axial forces acting on centrifugal

compressor impeller. Shi et al. (2010) used numerical simu-

lations to predict axial thrust in a deep well pump. Compari-

son of simulation results with measured values gave error of

0.3e5.9% across the full range of operating conditions.

An attempt to validate the CFD model against experi-

mental data published by Sandia is made in the present study.

3D model (Fig. 3) of compressor stage was generated based on

the geometrical description provided in the SNL report. Nu-

merical simulation was conducted with FLUENT 13 code. The

turbulence was predicted with the k-ε model and wall

boundary layers were solved with wall functions. The second-

order discretization scheme was used for simulations. Inlet

conditions of the tested compressor were very close to the

critical point. It resulted in simulation convergence problem

when real gas (REFPROP) equations were used to determine

thermodynamic properties of gas. Changing inlet boundary

conditions to higher temperature and higher pressure would

solve convergence issues as the solver would have more

“space” to search for a solution around the assigned boundary

conditions without crossing the saturation line. Simulating

the compressor with different pressure levels does not how-

ever enable direct validation of CFD method against the

experimental data. The approach taken was instead to use

constant density model and reach simulation convergence

maintaining inlet boundary conditions in accordance with

test data. Sandia actually used the test data to adjust their 1D

model for thrust prediction based on incompressible gas

equations. Good agreement was achieved.

1.4.2. CFD simulation of Sandia’s compressor
Simulation parameters are presented in Table 2

To reduce computational effort periodic boundary condi-

tion was applied and only 1/6 of the compressor domain was

used for simulation.

Fig. 4 presents predicted thrust load acting on the full

impeller versus grid size of the simulated domain. It is

important to note that that presented results take into ac-

count thrust component resulting from cavity pressure acting

on the compressor shaft. Shaft diameter and cavity pressure

used for calculation are also taken from Sandia’s report. It can

be observed that direction of the thrust and its magnitude

matches quite well with the data presented by Sandia, around

533 N (120 lbs) of force for 40k revolutions per minute. The not

exact match can be attributed to the usage of the constant

density model instead of real gas equations and the not per-

fect reproduction of real compressor’s blade curvature. The

analysis however confirms that CFD can be a reliable tool for

prediction of magnitude and direction of axial thrust acting in

a centrifugal compressor.

Additional simulations were performed for 3 different im-

pellers in order to get more insight into what magnitude of

axial forces can be expected in CO2 turbo-compressor. Pa-

rameters of each simulated stage are presented in more detail

in the Results section of present paper. Predicted axial thrusts

are shown in Fig. 5. Negative valuesmean that resultant thrust

acted toward compressor inlet, positive ones indicate thrust

direction toward impeller back plate.

It is shown that axial forces acting in CO2 turbo-

compressors can be of significant value and due to the com-

plex 3-dimensional nature of the gas flow it is difficult to

predict them in a quick analytical way. There seems to be a

potential however to use CFD results as an input for devel-

opment of more accurate 1D models in the future. So far, if a

quick performance prediction of oil-free CO2 compressor is

needed, the magnitude of thrust should be assumed on some

reasonable level, to provide for its future balancing with

assistance of CFD or experimental methods.

1.4.3. Sizing a thrust bearing
Widely accepted “rule-of-thumb” for load capacity (expressed

in N) that can be supported by a thrust foil bearing is given

by (19):

WLC AB ¼ fABðpwDAB mÞDAB mN (19)Fig. 3 e 3Dmodel of Sandia’s impeller with pump out vanes.
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where:, w e difference between the inner and outer top foil

diameters or radial extent of the top foil (m);N e shaft speed

(krpm)

Dykas et al. (2009) cites different load coefficients obtained

by various researchers. They vary from 664 to 3460 kg m-3

Krpm-1 (0.024e0.125 lb in-3 Krpm-1) for different rotational

speeds. New generation of bearings is reported to achieve load

coefficients of around 2770 kg m-3 Krpm-1 (0.1 lb in-3 Krpm-1)

and this value is proposed to be used with the present model.

The above equation can be used to calculate the size of axial

bearing once the axial load is determined.

1.4.4. Windage of thrust bearing
Calculation of the power loss generated by the thrust bearing

employs the theory of flow around a disc rotating in a housing

and is presented in Schlichting (1968). It defines a dimen-

sionless torque coefficient cM from the laminar “free” rotating

disc case (20).

cM ¼ s
0:5rcavu2r5

(20)

Correlations for turbulent torque coefficient were proposed

by various authors.

Recent windage measurements of foil bearing rotating in

supercritical state CO2 was presented by Milone (2010). It

shows significant underestimation of the torque coefficient by

the often used Schultz-Grunow formula (see Fig. 6). The

overview of other correlations developed for free rotating disc

case is presented in Miles (2011). It is found that correlations

given by von Kármán (1921), Dorfman (1958) and Bayley and

Owen (1969) match quite well with test data obtained for

free rotating disc in pressurized air. Superimposing all three

correlations to supercritical CO2 conditions also gives a

reasonable match (Fig. 6). The Bayley and Owen formula will

be used as a default setting in the present tool.

Schultz� Grunow cM ¼ 0:0622ðReÞ�1=5 (21)

von K�arm�an cM ¼ 0:146ðReÞ�0:2 (22)

Dorfman cM ¼ 0:982
�
log10Re

��2:58
(23)

Bayley and Owen cM ¼ 0:131ðReÞ�0:186 (24)

where:

Re ¼ r2u
y

(25)

Once the torque coefficient is estimated the power loss of

the thrust bearing can be calculated:

PAB ¼ 0:5cMru
3
�
r50 � r5in

�
(26)

1.4.5. Radial load prediction
Provided rotor dimensions and its construction material

density, one can simply calculate the radial force that is

generated on the journal bearings. Radial force resulting from

non-uniform pressure distribution across the volute of the

compressor is believed to be negligible in the design point

operation and thus is not taken into account (Reunanen and

Larjola, 2005).

1.4.6. Sizing a radial bearing
Load capacity that can be supported by a journal bearing is

given by:

WLC JB ¼ fJBðLJBDJBÞDJBN (27)

Typical advanced journal foil bearing performance coeffi-

cient value fJB expressed in kg m-3 krpm-1 is 27680 (1 lb in-

3 krpm-1) (Dykas et al., 2009). If calculated dimensions are

smaller than the journal foil bearings commercially available

on the market, they are scaled up to match commercial

Table 2 e Simulation data for Sandia’s impeller.

Parameter Inlet mass
flow, kg s�1

Inlet static
pressure, bar

Outlet static
pressure, bar

Density,
kg m�3

Rotational
speed, rpm

Pump out vane
clearance, mm

Value 3.96 80 93.85 630 40,000 0.15

Fig. 4 e Mesh independence study for prediction of axial

thrust.

Fig. 5 e Prediction of axial thrust for different CO2

compressors.

i n t e r n a t i o n a l j o u r n a l o f r e f r i g e r a t i o n x x x ( 2 0 1 3 ) 1e1 26
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bearings sizes. Minimum diameter of a journal bearing is

assumed to be 30 mm.

1.4.7. Windage of radial bearing
It is proposed that foil journal bearing can be treated as a

special case of rotor-stator systemwhere the outer cylinder is

at rest and the inner is rotating and modeled with Taylor-

Couette flow theory (Schlichting, 1968). The theory predicts

three operational regimes which can be described by relating

two non-dimensional numbers, the torque coefficient (CM)

and the Taylor number (Ta).

Ta ¼ Uiε

y

ffiffiffiffi
ε

ri

r
(28)

CM ¼ Mi

0:5prU2
i r

2
i ε

(29)

For Taylor numbers higher than 400 the flow becomes tur-

bulent and this is the region where high speed bearings are

expected to operate. The validation of the theory for high

pressure and high speed CO2 applications can be found in

Bruckner (2009) and Howard et al. (2007). The measured toque

coefficients obtained for various CO2 pressures and rotor

shafts fit reasonably well with the theoretical predictions.

To calculate windage of a journal bearing the following

formula for turbulent torque coefficient can be used

(Sukhomlinov et al., 2003):

CM ¼ 0:02T�0:2
a (30)

Power loss is then simply found from angular speed and

torque relationship.

1.5. Cooling loss modeling

Hermetic CO2 compressors require efficient cooling. It is

known that friction losses occurring due to the rotor and

bearing windage can be significant. Proven practice is to allow

some ratio of the compressed gas to leak into the rotor cavity.

Throttling of the gas in the clearance of the shaft seal will

provide necessary cooling capacity needed to remove friction

heat from bearings and the rotor. If labyrinth seals are used

the actual mass flow of the cooling stream can be approxi-

mated by the “Martin” (17) formula and depends on the ge-

ometry of the seal, density of the gas and pressure levels on

both sides of the seal.

ml ¼ CdS0

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi

p1r1

0
BB@

�
1� p2

p1

�2

N� ln

�
p2
p1

�
1
CCA

vuuuuuut (31)

where: S0 is the leakage area and Cd is dimensionless

discharge coefficient

The correlation was found to predict leakage reasonably

well for a tested supercritical CO2 compressor (Wright et al.,

2010).

If assumed dimensions of the seal (diameter, number and

height of the teeth) results in mass flows and cooling capacity

not sufficient to remove friction losses then the geometry is

changed iteratively to allowmore coolant flow into the cavity.

The tool’s default pressure value in the cavity is set to inlet

pressure of the compressor. This eliminates the need for

booster pump/compressor that would otherwise have to

pump the leaked stream back into the compressor inlet

pressure. The designer can however specify different pressure

levels.

It is assumed that the heat removal process is isobaric. To

find the mass flow required for cooling the cavity discharge

temperature must be also provided. It is assumed to keep this

temperature around 100 �C in order to keep the motor cool

enough to perform efficient and safe operation.

The cooling loss is defined as a power needed to

compress the stream leaving the cavity to the discharge

pressure of the compressor. Efficiency of this process is

assumed to be that of the compressor. Cooling demand

generated by the windings of the electrical motor is not

taken into account here. It is assumed that additional casing

cooling will be provided.

2. Results

2.1. CFD verification of stage performance

It is believed that CFD can be used as a reliable method to

predict turbo-machinery internal flows. This was validated

experimentally by Krain and Hah (2003), Roberts and Steed

(2004), Swain (2005), Xu and Amano (2009). Therefore, an

attempt to verify predictions of the 1D tool with CFD analysis

was made.

Three different compressor geometries (Fig. 7) were

created based on the output from the 1D tool. Parameters for

each compressor stage are collected in Table 3.

Design point operation was simulated. Each CFD model

includes clearance between back plate of the impeller and the

housing, so disc friction loss is included in both models

(1D and numerical). Volute losses are excluded from both

models.

Fig. 6 e Theoretical torque coefficients for free rotating disc

versus experimental data for supercritical CO2 conditions.
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2.1.1. Numerical modeling
Steady state CFD simulations were executed with FLUENT 13

code. The turbulence was predicted with the k-ε model and

wall boundary layers were solved with logarithmic wall

functions. The second-order discretization scheme was

employed.

An inlet mass flow boundary condition was used with total

temperature and static pressure specified (operating pressure

was set to zero). Pressure outlet boundary condition with a

prescribed static pressure and backflow total temperaturewas

used for stage outlet. The turbulent kinetic energy was

assumed to be uniformly distributed with intensity of 10%.

Only one blade passage was modeled and periodic

boundary condition applied. Each compressor stage consisted

of three volumes: impeller zone, vaneless diffuser zone and

back plate clearance. Interfaces between zones adopt a frozen

rotor model. This allows inlet distortion to be transferred

across the different frames of reference.

Frozen rotor model can be used for turbomachinery ap-

plications in which rotor-stator interaction is relatively weak.

Centrifugal compressor with vaneless diffuser and without

inlet vanes can be treated as such a case (Liu and Hill, 2000,

Engeda et al., 2003). For each compressor model mesh inde-

pendence study was performed (see Table 4).

Results of analytical and numerical prediction are pre-

sented in Fig. 8.

Good fit between prediction of pressure ratio and efficiency

can be observed for Case A and B. For super-critical

compressor (Case C) the 1D model under-predicts the pres-

sure ratio compared to CFD. Without experimental verifica-

tion it is difficult to conclude which method is more accurate

in this case. It can be however expected that some general

approximation present in the 1D model tend to reduce accu-

racy prediction in supercritical region where small under- or

over-prediction of one thermodynamic property can result in

significant variation of another.

An additional insight into non-dimensional performance

coefficients of a machine can be beneficial in assessing

efficiency predictions obtained with a given model. Most

Table 4eMesh independence study for CFD pressure and
efficiency predictions.

Mesh size mis (tet) Average yþ Pout/Pin (tet)

Compressor A

Grid 1 1.7 mln 0.806 290 1.59

Grid 2 3.9 mln 0.806 260 1.59

Grid 3 8.5 mln 0.808 108 1.59

Compressor B

Grid 1 1.3 mln 0.711 270 1.70

Grid 2 3.8 mln 0.710 145 1.70

Grid 3 10 mln 0.710 122 1.70

Compressor C

Grid 1 0.9 mln 0.908 614 1.66

Grid 2 3.0 mln 0.910 220 1.66

Grid 3 7.8 mln 0.906 143 1.67

Fig. 7 e Different impellers tested with CFD method.

Table 3 e Parameters of different compressor stages used in CFD simulations.

Parameter Unit Compressor A Compressor B Compressor C

Speed krpm 47.5 47.5 75

Pressure inlet bar 30 30 120

Temperature inlet K 305 300 320

Mass flow Kg s�1 1.5 1.3 6.3

Blade height m 0.0015 0.0082 0.0017

Discharge blade angle � �45 �45 �40

Number of blades e 15 15 12

Inlet blade angle at tip � 54 57.6 61

Tip clearance m 0.00025 0.00035 0.00025

Impeller diameter m 0.084 0.094 0.0374

Inlet hub diameter m 0.011 0.0094 0.005

Inlet shroud diameter m 0.0275 0.027 0.0187

Diffuser diameter m 0.151 0.188 0.070

Axial length of impeller m 0.028 0.031 0.0124

Shaft diameter m 0.025 0.025 0.014

Back plate clearance m 0.0004 0.0004 0.0004
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important performance coefficients for the three simulated

compressors are calculated and presented in Table 5.

It can be concluded that the results of the non-

dimensional analysis are quite consistent with the analyt-

ical and numerical predictions of the compressors’ efficiency.

The high Reynolds numbers favor reaching high efficiency in

all of the presented cases. Both specific speed and flow co-

efficient of Compressor C are found to be within the optimal

range applicable for radial compressors. It is therefore to be

expected that this design will achieve the best efficiency

among the tested configurations. Still, the 90% prediction of

the isentropic efficiency may appear overly optimistic. If

however, one takes into account relatively low pressure ratio

and high molecular mass of the gas, and that the cited effi-

ciency is calculated based on the total-to-total conditions, the

prediction seems more realistic. Accordingly, a compressor

with the lowest specific speed and flow coefficient and with

the highest Mach numbers is expected to perform least effi-

ciently. The lowest performance among the tested designs is

predicted for Compressor B by both the analytical and nu-

merical model.

Based on the numerical results the chart presenting the

area averaged absolute Mach numbers along meridional span

of the impellers is depicted in Fig. 9. It is shown that for ma-

chines operating at similar pressure ratios, Reynolds numbers

and work coefficients the performance is dependent on the

velocity profile across the stage. Among presented cases, the

compressor with the highest maximal Mach number and the

steepestMach number profile across the impeller achieves the

worst efficiency.

2.2. Tool verification with existing experimental results

SNL test results were used to validate 1D prediction of total

compressor efficiency. Performance of the compressor work-

ing in its design point (no incidence at the impeller inlet) was

predicted for three rotational speeds: 40, 50 and 55 krpm. In

order to compare 1D prediction with experimental results the

set of parameters were extracted from Sandia’s report and

Fig. 8 e Comparison of analytical and numerical predictions of efficiency (tet) and pressure ratio (tet).

Table 5 e Non-dimensional performance coefficients for the simulated compressors.

Parameter Unit Compressor A Compressor B Compressor C

Machine mach number e 0.84 0.95 0.49

Flow coefficient e 0.021 0.012 0.064

Work coefficient e 0.68 0.68 0.66

Specific speed e 0.40 0.34 0.66

Machine Reynolds number e 7 e07 9 e07 7.1 e07

Fig. 9 e Numerical prediction of averaged absolute Mach

numbers across the impellers.
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used either as an input or a target of the simulations. For

example, inlet conditions, rpms, size of the rotor were input

constraints. Parameters such as impeller diameter and

discharge blade height were results of the simulations ob-

tained by adjusting other input parameters such as mass flow

or absolute discharge flow angle. The list of parameters that

were common for each simulation is presented in Table 6.

Predicted efficiencies as well as the remaining results of

simulations are collected in Table 7. Predicted peak

compressor efficiencies agree reasonably well with experi-

mental data where upper range of measured efficiencies (tes)

is found within 65e70% region.

2.3. Predicted loss breakdown for SNL compressor

Loss breakdown for 45 krpm machine is shown in Fig. 10.

Several loss mechanisms seem to have particularly pro-

nounced impact on compressor efficiency. Small diameter of

the impeller results in big relative clearance and therefore

significant leakage of the gas from high to low pressure side of

the blade (clearance loss). Despite significantly reduced cavity

pressure high shaft speed still results in non-negligible rotor

windage. Significant seal leakage loss is a result of big pressure

difference between rotor cavity and impeller back plate. This

leakage is accounted in the model as a cooling. The pumping

power needed to compress leaked gas from the lowered cavity

pressure to the inlet pressure of the compressor is not

included as it was also not included in Sandia’s efficiency

measurements. Electrical losses are inevitable in every kind of

compressor and come from switching circuitry of the inverter

andmagnetic losses within the stator windings. 93% electrical

efficiency was assumed according to the Sandia’s report.

3. Conclusions

A 1Dmodel for prediction of performance of CO2 oil-free radial

compressor has been proposed. 1D predictions of aero-

dynamic performance and pressure ratios of different

compressor stages are in satisfactory agreement with results

obtained with numerical methods. Efficiency predictions of a

Table 6 e Parameters of 1D simulation for Sandia’s
compressor..

Parameter Unit Value

Pressure inlet bar 77

Temperature inlet K 305

Cavity pressure bar 13.8

Cavity temperature K 320

Number of blades - 12

Mean inlet blade 

angle

° 51

Tip clearance m 0.00025

Motor length m 0.168

Rotor diameter m 0.044

Rotor gap m 0.0031

Axial load N 1000 Inputs

Axial bearing load 

capacity

Kg m-3 krpm-1

(lb in-3 krpm-1)

2767

(0.1)

Radial bearing load 

capacity

Kg m-3 krpm-1

(lb in-3 krpm-1)

27670

(1)

Seal leakage area m2 1.67E-06

Dimensionless 

discharge 

coefficient

- 2.1

Number of seal 

lands

- 4

Electrical efficiency - 0.93

D1h/D1s - 0.27

2b ° -50

Inlet shroud radius m 0.0094

Inlet hub radius m 0.0025 Targets

Blade height m 0.0017

Table 7 e Results of the 1D simulation of Sandia’s
compressor.

Parameter Unit 45 krpm 50 krpm 55 krpm

Pressure ratio

(total)

e 1.35 1.43 1.56

Efficiency tes e 0.662 0.670 0.675

Efficiency tet e 0.698 0.707 0.714

Leakage flow % (of main

mass flow)

0.95 1.09 1.31

Impeller discharge

flow angle

� 70.3 71 73

Mass flow Kg s�1 2.9 3.1 3.25

Fig. 10 e Loss breakdown predicted for Sandia’s

compressor operating at 45 krpm.
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compressor model based on a 50 kW Sandia’s compressor are

found to correlate reasonably well with the measurements.

The CO2-based turbo-machinery can be of very small sizes

due to the significant density of the working fluid, especially

when it is in the supercritical state. In some cases, the big

relative clearance and the high surface roughness can be of a

major issue when high stage efficiency is a priority. On the

other hand the relatively high molecular weight of carbon

dioxide and relatively low pressure ratios present in CO2 cy-

cles favors reaching reasonably high stage efficiency of the

radial compressor. It is the overall efficiency of the hermetic

CO2 machine that may be challenging to achieve, due to the

non-stage windage and cooling losses.

Prediction of axial thrust is an important step in the CO2

compressor development. Due to the complex 3-dimensional

nature of the gas flow it is difficult to carry out in a quick

analytical way. Various methods of thrust reduction, such as

manipulations of number and diameter of impellers, adjust-

ing the size of the labyrinth seal, varying the pressure in the

motor cavity or applying pump-out vanes can be applied.

In a present form the tool requires axial thrust to be

assumed. To give some preliminary orientation of a thrust

magnitude that can be present in relatively small CO2

compressor, a CFD method was used to analyze three

different radial compressor stages with back-plate clearance.

More research in the area of quick axial thrust prediction

seems however very desirable.

The present model was developed with a view to assess

possibility of introducing oil-free compression technology

into the area of commercial grade CO2 refrigeration. Hence,

machines in the range of a few tens to a fewhundreds of kWof

shaft power are subject of interest. Rather low pressure ratios

of between 2 and 3combined with at least 2 stages of

compression usually result in subsonic operation; hence

shock wave effects are not included in the present form of the

model. The correlations predicting friction in the passages of

the compressor assume smooth surfaces. Their applicability

for very small geometries is therefore limited to those with a

good surface finish.
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Nomenclature

b blade height (m)

b* ratio of vaneless diffuser inlet width to impeller exit

width (�)

C absolute velocity (m s�1)

cf skin friction coefficient (�)

cM Dimensionless torque coefficient (�)

D diameter (m)

Df diffusion factor (�)

h specific entalphy (kJ kg�1)

L length (m)

p pressure (Pa)

P Power (W)

r radius (m)

Re Reynolds number (�)

T temperature (K)

U impeller blade tip speed (m s�1)

ZB number of blades (�)

ε clearance (m)

a absolute flow angle (rad)

bb2 discharge blade angle (rad)

ε clearance (m)

εwake wake fraction of blade-to-blade space (�)

u angular velocity (rad s-1)

W relative velocity (m s�1)

s torque (N m)

m viscosity (Pa s)

r density (kg m�3)

sm the motor air gap shear stress (Pa)

Subscripts

1 impeller inlet

2 impeller discharge

3 diffuser discharge

AB axial bearing

bl blade loading

d diffuser passage

cav motor cavity

cl clearance

df diffuser friction

h hub/hydraulic

i Impeller channel

JB journal bearing

LS labirynth seal

m mean

mix mixing

mot motor’s rotor

mw motor windage

r meridional direction (angle)/meridional component

sf skin friction

t shroud

tes Total to static

tet Total to total

q circumferential direction (angle)/circumferential

component
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a b s t r a c t

Feasibility of replacing oil-lubricated compressing equipment in CO2 based refrigeration

systems with oil-free turbo-machinery is assessed. Presented concept enables efficient

compression for systems ranging from 0.1 to 5 MW of cooling capacity, provided that the

operating pressures are low, i.e. 30/10 bar. Performance of the systems with higher oper-

ating pressures, i.e. 77/30 bar is penalized in wide range of capacities due to the excessive

windage losses, especially pronounced in the systems with cooling capacities lower than

1 MW. In some cases, possibility of using longer motor should be analyzed. This may

require special strategies for rotordynamic issues or driving each impeller with separately

mounted motor. It is observed that optimal specific speed of the compressor stage does not

always result in optimal overall performance. The trade-off between aerodynamic effi-

ciency and non-stage losses must be found.
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Turbo-compresseurs sans huile pour les applications
frigorifiques au CO2

Mots clés : turbo-compresseur radial ; dioxyde de carbone ; compression ; compresseurs sans huile ; froid sans huile

1. Introduction

Small vending machines, residential heat pump water

heaters, commercial and industrial refrigeration, ventilation

and air conditioning, small tomedium scale power production

from waste heat - these are only some of the areas where CO2

is used as a working fluid (Nekså et al. (2010), “NARECO2”

(2009), Chen et al. (2006), Zhang et al. (2006)). Environmen-

tally benign characteristics, low cost and good thermo-

physical properties of carbon dioxide account for its

increasing popularity. Depending on the type of application,

designers of the systemmust cope with different type of often

antagonizing requirements such as: energy efficiency, size

andmanufacturing limitations, maintenance costs and safety

aspects.

Regardless of the application, oil-free operation is almost

always a desired characteristic as it usually results in simpli-

fied architecture of the system due to the elimination of oil

separation and distributing components, reduced investment

and maintenance cost and improved heat exchange condi-

tions. For refrigeration systems, oil-free operation addition-

ally means increased maximum discharge temperature (no

risk of decomposition of lubricant) allowing for higher pres-

sure ratios per compressor stage, and thus limiting number of
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Table 1 e Assumptions for the 1D model.

Assumption Comment/Reference

Impeller is open Closed impellers are more typical for large process compressors,

were casing protects blades from the damage. They are also more

expensive to manufacture.

Work split between stages is based on equal pressure ratios To maintain similar stage efficiency the preceding stage has

usually higher pressure ratio. It is expected however that similar

pressure gradients acting on both impellers will contribute to

better axial thrust balancing

Radial gap in journal bearings ¼ 20 mm Values of 12e75 mm are reported (Agrawal (1997), Müller and

Fréchette (2002), Bruckner (2009)). As choosing too big clearance

would result in underestimation of the bearing windage the value

from the lower bound of the range was assumed.

Journal foil bearing load capacity

coefficient ¼ 27700 kg m-3 krpm�1 (1 lb in�3 krpm�1)

Typically achievable for journal foil-bearings (Dykas et al. (2009)).

Axial foil bearing load capacity

coefficient ¼ 2770 kg m�3 Krpm�1 (0.1 lb in�3 Krpm�1)

Typically achievable for new generation of axial foil-bearings

Dykas et al. (2009)

Wright et al. (2010)

Motor electrical efficiency ¼ 0.97 New generation of electric motors with efficiencies exceeding

96% is reported by Tokai University (2009)

Driver electrical efficiency ¼ 0.97 Typically cited by the vendors

Gas superheat at compressor inlet ¼ 5 K A few degrees of superheat is typically advised to protect

impeller blades from droplets of liquid

Inner to outer diameter ratio of thrust bearing ¼ 0.35 Various values are reported: 0.42, 0.5 (Dykas et al. (2009)) Lower

diameter ratio will result in smaller overall size of the bearing

and therefore in smaller windage.

Axial length of impeller ¼ 0.3D2 Came and Robinson (1999) suggest using 0.32e0.37 for high inlet

Mach numbers of 0.9e1.2. For simulated compressors inlet Mach

numbers were usually below this range.

sm ¼ 20.7 kPa (3 psi) Shear stress in the gap of the motor.

Hanselman (2006)

D1h/D1t ¼ 0.265 Inducer hub/shroud ratio. Following values are reported: 0.2e0.3

(Witkowski (2004)) 0.265 (Wright et al. (2010))

a2r ¼ 75� High values of the absolute discharge angle result in good diffusion

rates across impeller but may result in excessive length of the flow

path across diffuser. Angles higher than 75� are not recommended

(Whitfield and Baines (1990))

b1r (mean) ¼ 45� It is proven that the minimum relative Mach numbers occurs at the

relative flow angle between 56 and 64 at the shroud of the inducer

(Whitfield and Baines (1990)). Such flow angles at the shroud will

result in approximately 45� mean relative flow angle.

b2r ¼ 45� Application of backward swept blades reduces impeller discharge

absolute Mach numbers, broadens operating range of the compressor

and reduces secondary flow losses (Came et al. (1979)). While there is

no optimum back swept angle values between 40 and 60� are often

found in literature [Whitfield and Baines (1990)].

ZB ¼ 15 The number of blades at the discharge of impeller. For small impellers

number of blades at the inducer could be smaller. Optimal number of

blades (with or without splitter blades) depends on the particular case

and requires more detailed analysis (CFD)

Clearance ¼ 0.3% of D2 Came and Robinson (1999)

Lrot/Drot ¼ 3.8 Relative length of the rotor. In order to reduce windage losses one

aims at possibly long slender rotor. Too long rotor can result in

rotordynamic issues and final choice must be always preceded by

rotordynamic analysis. CO2 compressor tested at Sandia National Lab

compressor has relative rotor length of 3.8 (Wright et al. (2010)).

D3/D2 ¼ 1.8 The larger the diffuser radius ratio, the greater the pressure recovery

attainable under ideal conditions. In practice, too long diffuser flow

path leads to excessive friction losses. It was been shown that

increasing diffuser ratio above 1.8 does not improve overall efficiency

((Brown and Bradshaw (1947))

LJB/DJB ¼ 1 Relative length of the journal bearing (DellaCorte and Bruckner (2011)).

Axial thrust ¼ 1500 N Example thrust values for CO2 radial compressor stages are presented

in Kus and Nekså (submitted for publication)
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necessary components. It also allows entering new areas,

enabling ultra-low temperature refrigeration technology, at

temperatures below�40 �C or even�62 �C (Hafner et al. (2011),

Niu et al. (2011)).

In typical closed circuit processes an oil or lubricant is used

to provide lubrication of mechanical moving parts in the

compressor. Due to the imperfect containment of the lubri-

cant, its fraction is transported with the working fluid into the

system and contaminates inner surfaces of tubes, expansion

devices and heat exchangers. This oil has to be captured using

different types of oil separation and management systems

which are usually costly and add complexity to the system. It

is therefore desirable to enable an oil free system.

We can distinguish between three main types of compres-

sors: reciprocating, rotary (screw, scroll, swing) and turbo-

compressors. Oil-free reciprocating piston compressors are

typicallyof the labyrinthseal type.Theseareslowrunningcostly

compressors with relatively low efficiency. Oil free screw com-

pressors are also costly and theefficiency is relatively lowdue to

excessive leakage losses.Radialoil-freeturbo-compressorswere

proven to work successfully in a wide range of applications

(DellaCorte and Bruckner (2011), Walton and Heshmat (1994)).

The selection of the appropriate bearing technology is

crucial for proper design of an oil-free compressor. According

to Molyneaux and Zanelli (1996), replacing oil or grease in the

rolling element of the bearing with refrigerant in liquid phase

is possible, however at the expense of the additional losses

due to the constant delivery of a bypass refrigerant stream.

The life span of such bearing operating at high speeds was not

reported. Magnetic bearings are an option. The technology is

commercially proven, but adds complexity to the system

(auxiliary feedback control, touchdown bearings) and

increased investment cost.

Fluid film bearings are the most common candidate for

oil-free machinery as they are relatively simple in construction

and exhibit successful track record from various fields of appli-

cation and over a wide range of rotating speeds. Schiffmann

(2008) gives an overview of different types of gas lubricated

bearings pointing out two especially interesting alternatives,

namely foil bearings and herringbone grooved bearings. Both

technologies have been successfully applied in many systems

and both have their pros and cons. While herringbone

groove bearings are easier to manufacture, they display lower

misalignment tolerance and load capacities than foil bearings.

Foil bearings, on the other hand, with its greater

misalignment tolerance, can affect impeller efficiency due to

the higher impeller tip clearances required, and they are

more difficult to model. The literature on foil bearings seems

richer and covers a wide range of applications, from micro-

turbines producing barely 100 W to a few hundred kW com-

pressors. The foil bearing air cycle machine on the Boeing 747

aircraft has demonstrated an MTBF (mean time between

failures) in excess of 100,000 h. Air cycle machines with foil

bearings has served on many other passenger and military

aircrafts and their application is a common practice today

(Agrawal (1997)).

While substantial amount of information can be found on

air oil-free turbo-machinery, the literature on CO2 oil-free

applications is rather scanty. Wright et al. (2010) performed

testing and analysis of a supercritical CO2 Brayton loop with a

50 kW shaft power compressor supported on foil bearings. The

study confirms feasibility and performance potential of such

cycles and takes notice of significant motor windage losses in

high density gas at high shaft speeds. Performance test of foil

journal bearing in various gases conducted by Briggs et al.

(2008) confirm power loss sensitivity to gas density and rota-

tional speeds.

The purpose of this work is to assess the feasibility of

replacement of standard oil-lubricated compressors operating

in various industrial and commercial applications utilizing

CO2 as a working fluid with a new generation of oil-free turbo-

machinery.

Due to the closed loop nature of a predominant number of

these systems, the study will consider hermetic type of com-

pressors with internal recirculation of gas leaked to the motor

cavity through the seals. Foil bearings are selected for this

study as a proven technology with high development poten-

tial in the future.

2. Theory and modeling

The intension of this study is to include all possible in-

efficiencies constituting the final performance of themachine.

Not only the aerodynamic performance is predicted, but

bearings and motor windage, electrical losses of driver and

motor and cooling flow loss are also taken into account. Full

assessment of the total contribution of various loss

Fig. 1 e Simulated compressor configuration.
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mechanisms is necessary to compare a new type of

compressor with existing commercial solutions.

The performance predictions presented in the study are

based on the 1D model presented and validated in Kus and

Nekså (submitted for publication). In order to run each simu-

lation a user must provide a set of inputs including opera-

tional conditions, mass flow, various geometrical relations of

the compressor stage, the rotor and the bearings, electrical

efficiencies, etc.

These relations are assumed and kept constant for

different machine applications to provide consistent point of

reference in assessing different applications’ feasibility. It

should be acknowledged that each machine’s design is not

optimized, but rather based on good engineering practice. The

most important assumptions together with commentary or

reference are presented in Table 1. If it is unclear how some

assumption weremade, a reader is advised to refer to Kus and

Nekså (submitted for publication) were more detailed

description of the tool’s default settings is given. The config-

uration simulated in this study is a two-stage compressorwith

a brushless DC motor placed between two impellers oriented

in opposite direction, so as to balance axial forces generated

on each impeller due to the pressure gradients (see Fig. 1). The

presented efficiencies are calculated based on totaletotal

conditions.

3. Results and discussion

3.1. Design issues with the test case compressor

A lower stage loop in a cascade refrigeration system was

chosen as an example case for the design of the turbo-

compressor. Evaporation and condensation pressures are

assumed to amount 1 and 3 MPa respectively. Mass flow is set

to 2 kg s�1.

Very often, the first step in the design process is the

determination of the specific speed (1) of the new machine,

and its comparison with the existing machines operating

under similar specific speeds. If the designer has the freedom

to adjust the speed of the compressor then specific speed can

be varied to provide optimal efficiency.

ns ¼ u
ffiffiffiffi
Q

p

Dh3=4
0s

; (1)

An example of the graph depicting peak stage efficiencies of

existing geometrically similar machines correlated against

specific speed is presented in Fig. 2.

Specific speed approach has however a few drawbacks.

Firstly, efficiency/specific speed graphs are created for a single

fluid and the data available in literature concernsmainly air or

water (when it comes to pumps). Secondly, it does not take

into account additional losses occurring due to the hermetic

design. Prediction of the efficiency of the test case compressor

designed for different operational speeds proves that pursuing

optimal stage efficiency (optimal specific speed) does not al-

ways result in maximum overall compressor efficiency, see

Fig. 3.

Typically, it could be expected that peak efficiency would

occur for the compressor designed for specific speeds between

0.8 and 0.9, according to Fig. 2. It is shown, however, that peak

performance of the machine occurs at lower specific speed

than the one optimal from aerodynamic point of view.

Fig. 2 e Selection of machine type with specific speed

Adapted from Whitfield and Baines (1990).

Fig. 3 e Estimated efficiency and specific speed of a CO2

compressor with varying motor speed.

Fig. 4 e Loss breakdown for selected compressors designed

for different specific speeds.
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To better understand this relation the loss breakdown for

three compressors designed for different operating speeds is

presented in Fig. 4. Compressor designed to achieve high stage

efficiency (specific speed ¼ 1) will suffer from pronounced

windage losses triggered by higher speeds of the shaft. This

automatically results in increased leakage flow required to

remove friction heat generated in the cavity of the motor and

in the gas bearings. Too big reduction of rotational speed

(specific speed ¼ 0.32) will contribute to reduction of non-

stage losses but will also significantly deteriorate aero-

dynamic efficiency. The aim of the designer is therefore to find

the tradeoff between the stage performance and the losses

stemming from hermetic type of operation.

3.2. Overall results

The purpose of this study is to investigatewhether a new class

of oil-free turbo-machinery could provide efficient compres-

sion for CO2 based refrigeration systems. To give a possibly

comprehensive overview of where new turbo-compressor

might be reasonable choice, a wide range of compressors

with different operating conditions, rotational speeds and

capacities were simulated. In Figs. 5e7 it is shown how total

efficiency of the compressor varies for fixed operating condi-

tions and fixed rotational speeds. The parameter varied is the

mass flow. For eachmass flow a newdesign of the compressor

is simulated. It can be seen that if one of the design con-

straints is the shaft speed, only a certain range of compressor

capacities can be considered for the proposed concept.

If one connects points of peak efficiency for each

compressor speed, curves depicting maximal efficiencies for

given operating conditions and compressor capacities can be

created. Such curves for are presented in Figs. 8e10.

Fig. 5 e Predicted efficiency for compression from

Pin [ 1 Mpa for different compressor speeds as function of

shaft power.

Fig. 6 e Predicted efficiency for compression from

Pin [ 2 Mpa for different compressor speeds as function of

shaft power.
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It is observed that with increased inlet pressure the

attainable compressor efficiency is reduced. It is mainly a

result of pronounced windage losses caused by the rotor

spinning in higher density gas, but also at the higher rota-

tional speeds required by reduced volumetric flow (according

to Eq. (1)). It can therefore be expected, that for a given mass

flow compression efficiency of an oil-free compressor will

tend to reduce significantly towards higher stages of

compression. There is no easy solution to this challenge. One

approach is suggested in the SNL report (Wright et al. (2010))

where a pump reducing the cavity pressure is applied. In the

proof-of-concept compressor operating in the supercritical

CO2 region, relative pumping power is however significant and

overall compression efficiency low. The authors of the report

believe that for large scale commercial application, the frac-

tional pumping power will be much smaller, largely because

conventional sealing technologies could be used. For smaller

applications however, use of the pumpwill result in excessive

leakage losses leading to high pumping powers. The next

drawback of such an approach will be higher complexity and

introduction of some amount of oil into the system, which

itself contradicts the oil-free concept. Another approach to

Fig. 7 e Predicted efficiency for compression from

Pin [ 3 Mpa for different compressor speeds as function of

shaft power.

Fig. 8 e Predicted peak efficiencies for compression from

1 MPa as function of compressor shaft power for different

compression pressure ratios.

Fig. 9 e Predicted peak efficiencies for compression from

2.3 MPa as function of compressor shaft power for different

compression pressure ratios.

Fig. 10 e Predicted peak efficiencies for compression from

3 MPa as function of compressor shaft power for different

compression pressure ratios.
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reduce the excessive windage losses may be to incorporate a

longer more slender motor. Due to the rotordynamic issues

that are likely to occur with a longer motor, the present study

proposes to drive each impeller with separate motors sup-

ported independently. The change in the efficiency due to the

application of a double motor for the compressor with inlet

pressure of 3 MPa is presented in Fig. 11. It was assumed that

the total axial load increased from 1500 to 2500 N due to the

lack of the balancing-force from the second impeller.

Improvement of efficiency is noticeable in higher capacity

range, especially for the higher pressure ratio case (pr ¼ 2.56).

At a lower range of capacities (50e100 kW) not balanced axial

trust becomes significant source of windage and overall effi-

ciencies are still not expected to reach 70% level. Further

improvement of efficiency, especially at lower capacities,

could be achieved by increasing number of stages, i.e. arran-

ging two two-stage compressors in series. Such an approach

based on the previous version of the present 1D tool was

presented in Kus and Nekså (2012). The increased cost of such

solution may however outweigh potential performance

improvement. For applications where axial thrust becomes an

issue, a magnetic bearing option should be also considered.

4. Conclusions

Performance of oil-free CO2 compressors that might be

applicable for commercial and industrial HVAC/refrigeration

systems is assessed based on 1Dmodeling. Proposedmodel of

the compressor employs two centrifugal stages placed on

opposite sides of the motor and orientated in the opposite

direction to reduce axial thrust. The study takes into account

possibly comprehensive set of loss mechanisms that may

occur in an oil-free hermetic compressor concept. Predicted

compression efficiencies vary depending on the operational

conditions and capacity. For low inlet pressures and low to

moderate pressure ratios (Pin ¼ 1 Mpa, Put ¼ 2 or 3) the

compressor is expected to achieve good efficiency (>70%) in a

wide range of capacities. Potential for good efficiency de-

teriorates with increasing operational pressures. It is caused

by the reduced volumetric flow requiring higher shaft speeds

to maintain reasonable aerodynamic performance. High

speeds and high density of the gas are, in turn, factors

contributing to significant windage of themotor operating in a

hermetic configuration. The aim of the designer is therefore to

find the trade-off between aerodynamic performance and the

remaining parasitic losses. Depending on the case, it may

occur that optimal specific speed of the compressor is

different than the one providing the best aerodynamic per-

formance of the stages. In cases where the level of windage

losses in unacceptable, application of double motor (each

impeller driven by separate motor) can be of advantage in

terms of overall performance, but at the cost of increased

system complexity. It should be stressed that present study is

based on a 1D model (Kus and Nekså (submitted for

publication)) and its aim is to give preliminary design and

performance estimation rather than a final optimized

solution.
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Nomenclature

D diameter (m)

L length (m)

Q volumetric flow rate (m3 s�1)

h0s total enthalpy increase (kJ kg�1)

u angular velocity (rad s�1)

Subscripts

1 impeller inlet

2 impeller discharge

3 diffuser discharge

h hub/hydraulic

JB Journal bearing

r meridional direction/component
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A novel partial admission turbo compressor concept is proposed as an alternative to a

conventional radial oil-free CO2 compressor. The concept aims at the improvement of the

overall performance through the reduction of the non-stage windage and cooling losses

enabled by compression at significantly reduced shaft speeds. Transient CFD analysis gives

fairly optimistic prediction of more than 80% of base stage efficiency at around 1.4 total

pressure ratio. The study shows potential for efficiency improvement by optimization of

the shape and number of blades. The conceptual compressor may be an interesting

alternative for commercial CO2 applications operating at close to critical pressures, pro-

vided that the deceleration of the gas in the diffuser is efficient.
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Nouveau compresseur radial à admission radiale pour
applications au dioxyde de carbone
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1. Introduction

According to Kus and Nekså (2013a and b) the performance of

high pressure oil-free hermetic CO2 turbo-compressors suf-

fers from high windage and cooling losses triggered by oper-

ation under high shaft speeds and in a dense gas area. This

concerns compressors particularly from lower capacity range

(below 100 kW of shaft power) typically found in various

commercial refrigeration applications. Refrigeration market

consumes around 15% (IIR, 2010) of global electricity

production. Since employment of CO2 as a working fluid often

becomes an obvious choice for many of the refrigeration cy-

cles, the matter of increased machinery efficiencies deserves

more focus.

Although oil-free operation of refrigeration systems,

including those using CO2 is highly desirable, this issue is not

widely addressed in the literature. Schiffmann and Favrat

(2009, 2010) successfully tested small oil-free radial

compressor for domestic heat pump utilizing R134a as a

working fluid and spinning at up to 210,000 rpm. Although
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www. i ifi i r .org

Available online at www.sciencedirect.com

journal homepage: www.elsevier .com/locate/ i j refr ig

i n t e r n a t i o n a l j o u rn a l o f r e f r i g e r a t i o n x x x ( 2 0 1 3 ) 1e1 4
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good efficiency of the compressor is reported, significantly

higher density of the natural refrigerant CO2 does not promise

achieving similar efficiencies in case of a CO2 compressor.

This is due to the nature of the losses induced by the relative

motion between the rotor and the stator of the electric motor.

These losses according to Vrancik (1968) are directly propor-

tional to the density of the ambient and increase with third

power of rotational speed. An additional loss mechanism that

is directly linked to the windage is the cooling loss, calculated

based on a work input required to recompress the fraction of

the gas that has to be throttled into the cavity to remove the

friction heat generated by the rotor.

Previous studies on the subject of oil-free CO2 compression

(Kus and Nekså (2013b), Wright et al. (2010)) suggest that

pursuing high efficiencies is not an easy task and more

research is needed. There seem to be two main approaches to

reducing significant windage losses, namely introducing

smaller motors with improved cooling or reducing rotational

speeds. None of these approaches is straightforward. Devel-

opment of new customized motors with better cooling stra-

tegies is expensive and involves extensive testing.

Furthermore, additional cooling infrastructure will likely

result in added cost and complexity to the compression sys-

tems. Significant reduction of shaft speeds is not the obvious

solution either. In a typical radial compressor it will reduce

specific speed of the impeller and therefore limit its aero-

dynamic efficiency.

Where small flow rates and low rotational speeds are

design targets, partial admission machines could be consid-

ered. It is a commonly adopted practice to use partial admis-

sion machines in high pressure stages of small axial steam

turbines. Such a configuration allows using relatively high

blades and avoiding significant blade losses that would occur

due to friction if the flow was admitted in the full arc. It is

generally known that the efficiency of a partial admission

stage is lower than that of a full admission one. This is caused

by the rotor blades periodically passing through admitted arcs

as well as the not admitted ones. Non-uniform velocity profile

across the admitted arc can be also expected to result in

impaired conditions of the diffusion process.

Sakai et al. (2006) validated 3D numerical analysis of a one-

nozzle partial admission steam turbine with experimental

data. The numerical grid for a one-stage turbine used in the

CFD experiments of Sakai is presented in Fig. 1.

According to Yahya (1969) the principal losses in partial

admission turbines are due to the rotor blades pumping the

gas in the inactive sector, mixing of the active and inactive

gas, leakage of the active gas into the inactive sector, and

sudden expansion of the active gas into a rotor blade passages

either entering or leaving the active admission sector. It is

stated that the mixing, leakage and sudden expansion losses

are the main contributors to the lowered efficiency of a

partially admittedmachine. The theory for prediction of these

losses is also formulated by the author and validated experi-

mentally. While the authors of the present paper are not

aware of studies implementing similar partial admission

concept to the axial compressor, it is supposed that analogical

loss mechanisms will be present.

The partial flow principle is also known in centrifugal

machines, when the typical full emission impeller designed

for very low specific speeds is characterized by very narrow

passages leading to significant friction losses. This can be

modified by using a conventional rotor but with higher blades

and blocking a part of the diffuser. Such concept is schemat-

ically shown in Fig. 2.

Test data reported by Van Lee (1961) shows that the static

pressure in the inactive area of the partial emission centrifu-

gal compressor is considerably higher than in the “live” flow

area. According to Balje (1981), this implies strong recircula-

tory flow tendencies coupled with sudden flow deceleration of

the blocked flow after leaving the impeller. The author gives a

procedure to calculate the losses associated to the high pres-

sure fluid leaking into the active flow path and the losses

caused by the increased windage in the unemitting arc. The

rather scanty amount of attention devoted to this concept in

more recent literature may indicate that its performance was

not satisfactory.

Another example of a partially admitted machine is the

cross-flow blower, depicted in Fig. 3. This type of machine is

nowadays used extensively in the HVAC industry. Usually it

consists of forward curved blades with inner-to-outer diam-

eter ratio of approximately 0.75 (Dang and Bushnell (2009)).

Various casing designs exist, but most of them are intended

Fig. 1 e Numerical grid for simulation of partial admission

axial steam turbine. Source: Sakai et al. (2006).

Fig. 2 e Partial emission configuration of a centrifugal

compressor.
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for approximately 90� flow turning from inlet to outlet. The

cross-flow blower is two-stage machine where the flow is

admitted on a certain part of the wheel arc and discharged

through the opposite arc. Such a design creates characteristic

fluid flow zones that limit the machine’s efficiency.

Three main zones can be distinguished, as indicated in

Fig. 3. In the zone designated with A, the main part of useful

work is done. Due to the partial admission, zone B is formed,

which behavior resembles that of a paddling wheel. The en-

ergy transfer in this region is regarded insignificant. Never-

theless, it contributes to the inefficiency of the compression

process. In early 1950s, research by Eck (1962) and then Laing

led to the discovery that the flow within the impeller was

characterized by the formation of a vortex eccentric to the axis

of the fan’s rotation. This vortex (zone C in Fig. 4) affects the

shape of the through flow region, causing its contraction in

the middle of the wheel. This contraction is an undesirable

phenomenon as one would aim at proper diffusion process

before the next compression stage. Additional reduction of the

efficiency comes from energy dissipation in the vortex. On the

other hand, in a properly designedmachine the vortex is used

as an aerodynamic seal preventing the return of the outflow.

Overall efficiency of the cross flow blower is however known

to be low, as well as achieved pressure ratios.

The present paper attempts to utilize chosen features of

both partial admission and cross-flow concepts and merge

them into a novel concept with proposed name of “partial

admission radial compressor”. This study will try to answer

whether the partial admission hermetic CO2 compressor can

be superior in terms of the overall efficiency compared to a

state-of-the-art centrifugal concept. To be able to compare the

novel compressor concept with a state-of-the-artmachine the

term “reference compressor” is introduced. For the sake of

simplicity one-stage compressors will be compared.

2. The reference compressor concept

The reference one-stage high-speed hermetic radial

compressor concept is depicted in Fig. 5.

For the preliminary design and performance estimation of

the reference compressor the 1D tool presented and validated

in Kus andNekså (2013a)will be used. The design assumptions

used in the present study are analogical to those presented

and explained in detail in Table 1 in Kus and Nekså (2013b). In

the present comparison an optimistic value of 1000 N is

assumed for the axial thrust generated by the centrifugal

impeller, which somewhat favors the standard compressor

concept. Overall efficiency predictions presented in the pre-

sent study do not include power loss in the electric driver.

Fig. 3 e Typical cross-flow blower layout. Source: Dang and Bushnell (2009).

Fig. 4 e Three characteristic flow zones in cross flow

blower. Source: Dang and Bushnell (2009). Fig. 5 e The reference compressor concept.
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An expected loss breakdown for a reference compressor

designed for high operating pressure (80/113 bar), mass flow of

3.5 kg s�1 and inlet temperature of 320 K is depicted in Fig. 6.

The machine is expected to operate at the shaft speed of

40,000 rpm, being a trade-off between good aerodynamic ef-

ficiency and low non-stage losses. The issue of optimal spe-

cific speed for hermetic CO2 compressor is commented in Kus

and Nekså (2013b). The most important results of the design

procedure are collected in Table 1.

The design can be compared against typical non-

dimensional performance coefficients defined and calculated

for the reference compressor in Table 2.

It can be concluded that the results of the non-dimensional

analysis are rather consistent with the analytical prediction of

stage efficiency. High Reynolds number, relatively low pres-

sure ratio, moderate machine Mach number and not optimal

but good values of specific speed and flow rate coefficient

applicable for radial compressor allow expecting good per-

formance of the stage.

It must be stated that while the expected stage efficiency is

maintained at a rather high level, the overall efficiency of the

machine is not satisfactory, especially when compared to

state-of-the-art piston compressors used in CO2 commercial

refrigeration (Hafner et al. (2012)).

The main loss source in the considered machine is the

motor windage. It is to be expected as the high density of the

gas (around 215 kg m�3 in the motor cavity) and high rota-

tional speeds are the main contributors to high friction losses

of a rotating cylinder, according to the Formula (1) developed

by Vrancik (1968) and validated for a high speed CO2

compressor (Wright et al., 2010).

Pmw ¼ pCfrR
4u3L (1)

where:

1ffiffiffiffiffi
Cf

p ¼ 2:04þ 1:768ln
�
Re

ffiffiffiffiffi
Cf

q �
(2)

To visualize impact of the shaft speed on themotorwindage

several motors where sized for the power required by the

reference compressor and windage was calculated. Di-

mensions of the motors are calculated based on formula

presented in Hanselman (2006).

2sm ¼ s
p
4 D

2
motLmot

(3)

Assumptions about motor length/diameter ratio and gap

sheer stress incorporated in this study (L/D ¼ 3.7 and

sm ¼ 20.7 kPa) are made based on Hanselman (2006) and

Wright et al. (2010).

Fig. 7 shows the windage exerted by the motors sized for

the same rated power (73.7 kW) but different design speeds. It

can be seen that the 4-fold reduction of rotational speed

Table 1 e Important design parameters for centrifugal
compressor stage.

Parameter Unit Value

Blade height mm 1.81

Discharge blade angle � �45

Number of blades e 15

Inlet blade angle at tip � 62.3

Inlet blade angle at hub � 26.7

Tip clearance mm 0.25

Impeller diameter mm 71.9

Inlet hub diameter mm 7.3

Inlet shroud diameter mm 27.5

Diffuser diameter mm 129.5

Axial length of impeller mm 38.8

Fig. 6 e Predicted loss break-down for a state-of-the-art

reference compressor designed for 80/113 operating

pressure.

Table 2 e Non-dimensional coefficients characterizing
centrifugal stage performance.

Coefficient Formula Value

Flow rate coefficient 4 ¼ Q
U2d22

4
p o 0.025

Work coefficient j ¼ Dht�t

U2
2

0.74

Machine Mach Number MU ¼ U2
a01

0.68

Machine Reynolds Number Re ¼ U2D2
n01

1.2e8

Specific speed Ns ¼ u
ffiffiffi
Q

p
Dh0:75

0is

0.4

Fig. 7 e Windage losses and proportions of electric motors

sized for the same rated power but different operating

speeds.
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results in around 90% reduction of the windage, despite 60%

bigger dimensions of the motor.

It is therefore reasoned that if one was be able to maintain

a reasonably high aerodynamic efficiency of the machine

while significantly reducing operational speed then the over-

all performance of the CO2 compressor could be improved.

The partial admission radial compressor concept is intro-

duced in an attempt to find out whether it could be possible.

3. The “partial admission radial
compressor” concept

In Table 3 a summary of the challenges occurring with her-

metic CO2 oil-free compression are presented and two

possible ways of tackling them are proposed. The two alter-

natives include a partial admission concept and application of

a smaller, more slender motor. As mentioned, designing

smaller motors with higher gap shear stress and therefore

increased cooling demand involves necessary experimental

work. Another approach could be to employ special rotordy-

namic strategies for longermore slendermotors. Applicability

of such a strategy will also have limited impact (Kus and

Nekså (2013b)). Pursuing both approaches at once could give

desirable effects. A detailed study of such an approach is

however beyond limitations of the present work.

Instead, a strategy for development of a partial admission

stage is pursued by performing a 2D CFD analysis, which could

be made relatively rapid and inexpensive. The main question

that the authors will try to answer in the present and the

following papers is whether it is possible to maintain

reasonable aerodynamic efficiency of a machine operating at

significantly lower shaft speedswithout significant increase in

applicable flow rates.

The concept of a partially admitted radial compressor is

shown in Fig. 8. In the presented version of the concept the

flow is admitted through a 33� arc. The impeller has an outer

diameter of 16 cm and consists of 200 blades of which 18 are

active. Thewheel rotates at 13000 revolutions perminute. The

diffuser is not shown in the figure. The 3D design of the wheel

is created by a simple extrusion of a 2D profile, hence initial

modeling and optimization can be performed with help of 2D

simulations. The flow is admitted in the radial direction.

There is no turning of the flow from axial to radial direction

across the impeller as it happens in centrifugal compressors.

The static head created in the impeller is very low, as will be

shown in a later section of this publication. Furthermore, the

blades are much shorter than those in the centrifugal ma-

chine. It is therefore expected that axial loads generated by

the wheel will be negligible, resulting in reduced windage and

wear of the thrust bearing.

4. Numerical modeling

For all CFD calculations the finite volumemethod code ANSYS

FLUENT 14.0 was used. Averaged Navier Stokes equations

were solved, and turbulencewasmodeled using the k-εmodel.

As the standard k-ε ceases to be valid in the vicinity of walls

thewall boundary layerswere calculated usingwall functions.

A second-order discretization scheme was used for all simu-

lations. PengeRobinson equations are used to simulate ther-

modynamic properties of CO2.

The calculation domain consisted of three zones: station-

ary inlet zone, rotating impeller zone and stationary outlet

zone. The diffuser is not simulated in the present work.

4.1. Boundary conditions

There is one flow inlet and one flow outlet. For the inlet, a

mass flow boundary condition was used with total tempera-

ture and static pressure specified. A pressure outlet boundary

condition with a prescribed static pressure and backflow total

temperature was used for the stage outlet. The turbulence

intensity at the boundaries is expected to be high in fast

rotating turbo-machinery. A value of 10%was assumed for the

simulations.

5. Results and discussion

The whole analysis consisted of several steps. First, steady-

state simulation of a 2-dimensional model fully bladed with

200 blades and 8 guiding vanes in the inlet section was con-

ducted. Frozen rotor model was employed to preserve any

circumferential non-uniformities occurring at the inlet and the

Table 3 e Comparison of a partial admission concept with a standard radial compressor. C [ Advantageous,
H [ Moderate, B [ Disadvantageous.

Partial admission Smaller/more slender motor

Axial bearing windage C No or near zero axial thrust e axial bearing

dimensions significantly reduced

B Balancing significant axial

forces remains a challenge

Motor windage C Greatly reduced B Moderate reduction

Aerodynamic

efficiency/pressure ratio

B Inherently lower efficiencies and pressure ratios C High stage efficiencies/pressure

ratios

Bearing/seal technology C Lift-off seal more likely to be applied

(non-hermetic work). Gas bearings still remain

an option

B Small and fast rotating shafts

require hermetic operation

and gas or magnetic bearings

Rapidity/Cost

of initial development

C Initial design and analysis possible with fairly rapid

and inexpensive 2D CFD methods

H Rotordynamic strategies possible

to analyze with theoretical methods.

Cooling strategies involve 3D modeling/testing
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outlet of the impeller wheel. The mesh developed in the first

step was then used in a 2D transient simulation. Due to the

time consuming nature of transient simulations only a single

run was performed. To give the initial impression whether the

performance of the compressor obtained from transient

simulation could bemaintained for other operating conditions,

additional steady-state simulations were performed.

5.1. Mesh development

The mesh was developed for the boundary conditions sum-

marized in Table 4. The same boundary conditions were used

for the transient run.

The development of the mesh is presented in Table 5.

Steady state simulations were considered converged when

solution residuals reached at least default values of absolute

convergence criterion, amounting to 10e-6 for energy residual

and 10e-3 for the remaining residuals and when further iter-

ations did not bring visible changes to the monitored quanti-

ties. The history of residuals and important solution monitors

for simulation of Mesh 6 are presented in Fig. 9.

Based on the mesh independence study Mesh nr 6 was

accepted as one providing sufficient resolution and was used

for the further simulations. Snapshots of the geometry and

final mesh are depicted in Fig. 10.

The standard k-εmodel was used for the simulations as an

industrial standard for turbulent flows. There are no visible

flow disturbances in form of separation or recirculation at the

discharge of the impeller, as shown in Fig. 12. On the other

hand, the downstream region where the blades are entering

the inactive sector can be viewed as rapidly straining the flow.

Even if some degree of separation occurs here, the main part

of the through flows appears to be unaffected. It is neverthe-

less important to know if the applied turbulence model

overestimates the efficiency levels. To check this, three addi-

tional turbulence models that could be superior in terms of

predicting complex phenomena present in turbomachinery

were tested for the developed mesh. The additional models

used are:

� k-ε Realizable model: recommended for problems charac-

terized by boundary layers under strong adverse pressure

gradients, separation, rotation, recirculation and strong

streamline curvature

� k-ε RNG model: advised for cases with high streamline

curvature and strain rate and transitional flows

� k-u SSTmodel: considered to effectively combine the ability

to solve inner parts of the boundary layer as well predict the

behavior in the free-stream. Often advised for the problems

were adverse pressure gradients and separating flows are

present

The performance predictions obtained using different

turbulence models are presented in Table 6. All of the three

models predict a few percent higher efficiency of the base part

of the compressor than the standard k-ε model. Without

experimental work it is difficult to give a definitive judgment

about applicability of the models for the current case.

Furthermore, the level of the solution residuals obtained for

the k-ε RNGand k-u SST are low compared to the k-ε Realizable

and Standard k-ε models. This may indicate that to obtain

more realistic results based on these models, further

improvement of the mesh is required. For the current study

the standard k-εmodel will be used as the one giving themost

Fig. 8 e The concept of the partial admission CO2 turbo-

compressor.

Table 4 e Simulation set-up used for mesh development.

Parameter Inlet mass
flow, kg s-1

Reference thickness
of 2D profile, m

Outlet static
pressure, bar

Inlet total
temperature, K

Rotational
speed, rpm

Value 180 1 40 330 13,000

Table 5 e Mesh independence study based on steady-
state simulations.

Mesh size, mln cells, his (t-t) Average yþ Pratio

Mesh 1 0.68 0.824 250 1.42

Mesh 2 0.76 0.825 136 1.42

Mesh 3 0.90 0.829 80 1.42

Mesh 4 0.85 0.826 200 1.42

Mesh 5 0.95 0.826 114 1.42

Mesh 6 1.22 0.830 115 1.42

Mesh 7 1.4 0.833 66 1.42
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conservative prediction of the efficiency. It should be noted

however, that turbulence modeling, in this special case, de-

serves more insight in future research.

5.2. Steady state performance predictions

The developed mesh was used to perform several more

steady-state simulations for slightly different rotational

speeds and various operating pressures. The predicted peak

efficiencies together with corresponding pressure ratios and

absolute discharge Mach numbers are presented in Table 7.

Based on the results presented in Table 7 one can expect

that for optimized flow rates the proposed concept can ach-

ieve similar performance for different operating conditions

and that pressure ratios higher than 1.4 could be achieved

with reasonable efficiencies.

5.3. Transient operation performance prediction

Due to the inherently transient nature of the processes pre-

sent in a partially admitted machine, dynamic simulation

with a sliding mesh was run. The simulation run for 19,000

times steps representing twelve full revolutions of the wheel.

The time step of 3e-6 s resulted in the 10 time steps passing

period for one blade. For each time step a maximal of 20

iterations were performed, according to the recommenda-

tions of the software provider. After around 15 iterations all

the residuals were reaching default absolute convergence

criterion, amounting to 10e-6 for energy residual and 10e-3 for

the remaining residuals. Hence, it was judged that the

selected time step does not require further reduction. Typi-

cally, it is advised to reduce the time step instead of per-

forming too much iteration during a single time step.

Otherwise, one risks obtaining non-realistic transient

behavior.

The history of important solution monitors is presented in

Fig. 11.

The comparison of the velocity field obtained by steady

state and transient simulations are presented in Fig. 12.

It can be observed that steady state simulation has limited

ability to capture two important phenomena depicted in

Fig. 12 within Zone A and Zone B. Zone A covers a region

where the discharge of the fluid passing the blades is

restricted by the collector wall. This restriction results in

reduced fluid velocity compared to the main through flow

(Zone C) and therefore reduced velocity at the inlet of the

blades. The result is increased incidence losses but also

dissipation of part of the energy transferred to the fluid into

the cavity (marked with an arrow). In this region a combina-

tion of clearance and sudden expansion loss occurs. The

Fig. 9 e Convergence history of steady-state simulation for Mesh 6.
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increased incidence loss is also present in the Zone B where

the impeller blades only starts transferring usable work to the

incoming fluid. The mixing of the active and inactive gas re-

sults in the mixing losses. The impact of a sudden expansion

and mixing losses can theoretically be limited by increasing

admission ratio of the compressor or by applying shorter

blades. The optimal size of the blade will likely depend on a

necessary curvature that must be achieved across the blade

relatively smoothly and mechanical and manufacturability

limitations.

Increased admission rate must also be analyzed carefully

for each case. Firstly, because the particles leaving each

particular blade, due to the inward flow configuration, have

conflicting flow paths. Hence, for a given impeller diameter

increased admission will result in worse flow uniformity in

the collector channel. In such a case, application of discharge

vanes does not guarantee improved performance due to the

additional friction and incidence losses resulting from high

velocity discharge conditions. Secondly, for a given design

flow rate increased admission arc must be followed by a lower

extrusion of the 2D profile (blade height) and therefore higher

impact of radial clearance and wall effects.

In the presently analyzed case, due to the already very

short blades and reasonably high admission ratio the impact

of transient effects resulted in a total efficiency reduction

from 83 to 82.5% for steady state and transient run respec-

tively. Accordingly, the total pressure ratio dropped from 1.42

to 1.38.

Themore pronounced difference between steady state and

dynamic simulation is visible in the prediction of the

discharge velocity profile. Non uniform velocity profile pre-

sented in Fig. 10b is very undesirable phenomenon with re-

gard to the efficient deceleration of the gas during the

diffusion process. Furthermore, the diffuser channel must

include a bent section required to direct the gas outside of the

wheel. It is therefore anticipated that the proper design of the

diffuser will be of critical importance to the high overall stage

efficiency of the presented concept. The static pressure field

presented for the transient simulation in Fig. 13 visualizes the

importance of the diffusion process. The static head produced

Fig. 10 e Two-dimensional geometry and mesh developed for steady-state and transient simulations.

Table 6 e Steady-state performance prediction
employing different turbulence models.

Turbulence model his (t-t) Pratio Continuity residual

k-ε Realizable 0.857 1.43 8e-08

k-ε RNG 0.875 1.44 1e-03

k-u SST 0.863 1.44 3e-03

Table 7 e 2D Steady-state simulations. No diffuser
included.

Inlet conditions Results

Pin, bar Tin, K rpm Mass
flow, kg s�1

Pratio, e his(t-t), % M02, e

38.6 330 13,000 210 1.44 83.3 0.73

38.6 330 15,000 242 1.61 82.7 0.85

76.6 340 13,000 458 1.50 83.9 0.67

73.7 340 14,000 458 1.58 83.5 0.69

i n t e r n a t i o n a l j o u r n a l o f r e f r i g e r a t i o n x x x ( 2 0 1 3 ) 1e1 48
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across impeller is minimal; it is in the diffuser where themain

part of the kinetic energymust be converted to static pressure.

5.4. Impact of a blade shape

The presented transient simulation was run for a particular

number and shape of the blades. A further study has shown

that efficiency of the blade and therefore efficiency of the

machine could be improved. Due to the time consuming na-

ture of transient simulations for a complete geometry, a few

additional blade configurations were examined with respect

to their maximum performance at the rotational speed of

13,000 rpm. Steady-state simulations of the fully admitted

wheel were performed. A frozen rotor approach with periodic

boundary of 7.2� was utilized in order to reduce computational

effort. An example of a meshed domain depicting the refer-

ence blades (used in transient simulation run) is presented in

Fig. 14.

In Table 8 the impact of the shape and number of blades on

themaximumwheel efficiency is presented. Alternative blade

shapes with velocity triangles are depicted in Fig. 15. The di-

rection of the flow, inlet and discharge angles and the radial

span of analyzed blades remain the same as in the base ge-

ometry used for transient simulation. It is shown that

increasing number of the reference blades from 200 to 250 will

improve the wheel efficiency by around 1%. Application of

droplet-like blade (Blade B) will reduce the wheel efficiency

but also the flow rate for which the wheel achieves optimal

performance. The reduced peak efficiency can be attributed to

the increased blockage at the leading edge of the blade and

less smooth through flow compared to the reference blade.

The best peak performance among analyzed blades was ach-

ieved for the Blade C. It achieves 2.3% higher efficiency than

the reference blade, both in 200 blades configuration. It can

likely be attributed to the lowest curvature of the though flow

for this blade and sharp leading edge resulting in low

blockage. Furthermore, Blade C due to its thickness is ex-

pected to achieve higher stiffness that could prove to be crit-

ical in a further mechanical design process.

5.5. Initial structural analysis of the blade

The presented shapes of the blades have very small di-

mensions. This can lead to challenges both in terms of man-

ufacturability and ability to withstand the loads. The present

paper aims primarily at the introducing of the novel concept.

The full scope of structural analysis deserves proper amount

of space in a separate publication. Nevertheless, it is important

to give the first impression about possible challenges. A simple

static analysis of the safety factor of a blade mounted on a

rotating disc was conducted with the help of Ansys Structural

13 software. Blade Cwas chosen for the simulation. The height

of the blade is set to 7 mm. The disc has 16 cm diameter and

rotates at 14,000 rpm. Pressure loads of 0.5 and 1 MPa were

applied to the pressure side of the blade to simulate the

pressure difference generated on both sides of the blade dur-

ing compressor operation. Judging from Fig. 13 such pressure

loads are maximal for the analyzed blades and during flow

conditions occur only locally along the blade span. It is

therefore expected that assumptions made for the structural

Fig. 11 e Main monitors’ history of the transient simulation.
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analysis pose more demanding conditions for the blade than

would occur during compressor operation. The prediction of

safety factors for the analyzed blade is shown in Figs. 16 and

17. In Fig. 17 the 7 mm blade is set on a 3 mm slightly thicker

base that is expected to partially relieve the pumping part of

the blade. It is further assumed that the base part of the blade

could be covered by attaching an additional plate to the disc

while exposing only active parts of the blade. The analysis of

safety factors indicate that the proposed size of the blade may

require using very strong and more expensive materials.

Depending on factual loads acting on a blade and taking into

account other factors such as vibration and potential fatigue

resulting from cyclic operation, some further blade modifica-

tions may be necessary, and one should realize that aero-

dynamic performance may also be affected. It is also expected

that the small size of the blades and the small distances be-

tween them may require electrochemical machining, espe-

cially when difficult-to-machine alloys will be used.

5.6. Stage efficiency estimation

To specify the overall stage performance the total pressure

loss coefficient of the diffuser must be known. The initial

study of the diffuser/return channel thatmay be applicable for

current design was conducted and will be presented in Kus

and Nekså (2013c). According to the study, the diffuser/re-

turn channel assembly achieving the best performance for the

inlet conditions approximating those at the discharge of the

Fig. 12 e Steady state (a) and transient (b, c) prediction of

velocity field and velocity vectors.

Fig. 13 e Pressure fields obtained by transient CFD

analysis.

Fig. 14 e The meshed domain of 1/50 of the full wheel

depicting the reference blade shape.
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presently analyzed transient case is characterized by pressure

recovery coefficient of 0.82 and a total pressure loss coefficient

of 0.13. The authors believe that there is a potential for further

improvement of the diffuser performance provided that the

discharge of the gas from the wheel is more radial. Fig. 18 is

showing what final stage efficiency can be expected when the

base stage efficiency and total pressure loss coefficient of the

diffusers are known.When, for example, 82.5% base efficiency

is combined with 0.13 total pressure loss coefficients of the

diffuser/return channel, then around 74% stage efficiency can

be expected. In reality, further reduction of this value may

occur due to the 3D effects in the base part of the machine.

These may include: wall effects, radial clearance leakage and

interaction of the diffuser with the blade through flow.

5.7. Overall efficiency prediction

An attempt to predict the overall efficiency of the novel

compressor and compare it with a centrifugal machine is

made. It must be emphasized that to give more accurate

prediction of partial admission stage efficiency, at least 3D

dynamic CFD simulations of a full wheel with the radial

clearance and the diffuser and preferably prototype testing

should be made. Such scope of the work unfortunately ex-

ceeds limitations of the present project.

Despite the limitations of the present study, predicting the

non-stage losses of the novel compressor and comparing

overall loss breakdown of both concepts is believed to be of

interest.

For estimation of both concepts’ overall performance the

tool presented in detail and validated in Kus andNekså (2013a)

is used. The 1D tool developed for radial compressor concept

must be provided with a stage efficiency of the novel

compressor in order to predict its overall efficiency. The non-

stage losses for both concepts can be calculated in the same

manner.

To commence a 1D overall performance prediction of the

new concept a new value of 75% total stage efficiency is now

assumed. This efficiency is further expected to drop for

compressors designed for reduced flow rates. At this stage of

Table 8 e Impact of the shape and number of blades on
the attainable wheel efficiency.

Blade shape/nr of blades ht-t Pratio Q/Qref

Blade A, 200 bl 89.0 1.45 1

Blade A, 150 bl 84.6 1.41 1

Blade A, 250 bl 90.0 1.41 0.78

Blade B, 200 bl 82.6 1.36 0.75

Blade C, 200 bl 91.3 1.47 1

Fig. 15 e Alternative blade shapes and velocity triangles.

Fig. 16 e Structural analysis of the 7 mm blade mounted on a rotating disc under different pressure loads applied to the

suction side of the blade.
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the analysis radial clearance is not taken into account, but this

issue deserves future considerations. 3D CFD steady state

simulations were performed for different geometries created

by simple extrusion of 2D profile to roughly assess impact of

the wall friction on the compressor efficiency. To reduce the

computational effort a periodic boundary was applied and

only 1/6 of the wheel was simulated.

From Fig. 19 it can be seen that for a given 2D design the

basic stage efficiency starts to drop significantly for the design

flow rates lower than 0.02m3 s�1. Such a flow rate corresponds

to around 30 kW of the stage compression power for the

compression conditions used in the transient simulation run.

The impact of wall effects must be incorporated into the 1D

model in order to evaluate performance of the partial admis-

sion compressor for various flow rates. Also the disc friction

which is not accounted for in the CFD prediction is taken into

account. The remaining losses common for both concepts are

included as well:

� Electrical loss in the motor

� Cooling loss

� Motor windage

� Bearing windage

The calculation of the above losses incorporates default

settings of the 1D tool presented in Kus and Neksa (2013a and

b). The assumed axial loads amount to 200 N and 1000 N for a

novel and reference compressor respectively. 1D predictions

Fig. 17 e Structural analysis of the 7 mm blade with 3 mm base mounted on a rotating disc under different pressure loads

applied to the suction side of the blade.

Fig. 18 e Stage efficiency vs total pressure loss coefficient

in the diffuser.

Fig. 19 e Predicted impact of wall effects on the

performance of a partial admission compressor depending

on a blade height.
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of overall efficiencies for both compressor concepts are pre-

sented for different operating conditions in Figs. 20 and 21.

Estimation of loss break-down for the partial admission

compressor operating at conditions equivalent to those of the

reference compressor is presented in Fig. 22 for different stage

efficiencies.

The overall performance predictions allow presuming that

the partial admission concept can be an interesting option

especially for the applications where operating pressure is

high and flow rates moderate, i.e. supercritical CO2 commer-

cial applications. In such cases lower stage efficiency of the

partial admission concept can be accepted due to the signifi-

cantly reduced non-stage losses, such aswindage and internal

cooling. In cases where operating pressures are low to mod-

erate, high aerodynamic performance of a traditional radial

compressor and moderate non-stage losses will favor a con-

ventional radial compressor concept over a partially admitted

machine.

6. Conclusions

A novel partial admission concept of an oil-free turbo-

compressor for CO2 applications is presented as an alternative

to high speed centrifugal machines. The main advantage over

state-of-the-art centrifugal compressor is significant reduc-

tion of the non-stage losses typically triggered by the elements

of the compressor rotating at high speeds in a dense gas.

Greatly reduced shaft speeds enable the designer to consider

more typical variants of bearings, namely oil or grease lubri-

cated bearings in conjunction with shaft sealed with dry gas

seals.

It is generally known that partial admission machines are

aerodynamically less efficient then their fully admitted

counterparts. However results of CFD simulations of the pro-

posed concept are reasonably optimistic when it comes to the

stage efficiency. The transient 2D simulation performed for

the base geometry showed around 82.5% isentropic efficiency

for a stage achieving 1.38 total pressure ratio. This efficiency is

predicted for the main part of the compressor including an

inlet vanes row, the impeller wheel and the outlet collector.

Depending on the 3D depth the profile (blade height), a drop in

the base efficiency caused by the wall effects and other 3D

effects can be expected. These aspects should be analyzed

more extensively in future research. It is predicted that amore

pronounced drop in efficiency occurs for blade heights of less

than 5 mm. It accounts for volumetric flow rates of less than

Fig. 20 e Prediction of overall peak efficiencies for two

compressor concepts designed for different flow rates.

Fig. 21 e Prediction of overall peak efficiencies for two

compressor concepts designed for different flow rates.

Fig. 22 e Predicted loss breakdown for partial admission compressor with different stage efficiencies.
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0.02 m3 s�1 corresponding to cooling capacity of around

500 kW at 60 bar. Applicability of the proposed concept may

also be limited for significantly higher flow rates where stiff-

ness of the long blades can become an issue. Further reduction

of the base efficiency will also occur in the diffuser. The

diffuser design will be covered in later publications.

Achieved efficiencies cannot be regarded aswhat optimally

can be achievable for the partial admission concept, but

hopefully they give a first reasonable approximation. Pre-

sented geometry cannot be regarded as the optimal one either.

It is shown that optimization of the blade shape and number

of blades should improve the base efficiency of the concept.

It is viewed that achievedCFD results and estimates of total

efficiency are reasonably optimistic and will be used as a

starting point for the design of the diffuser. The diffuser will

have deciding impact on the final stage efficiency, and

therefore more attention will be devoted to its design in a

separate publication. It should also be noted that presented

work does not take into account radial leakage that will be

present in the partial admission compressor. This leakage

however may be of particular significance especially at lower

flow rates. To gain more confidence in the presented CFD and

in 1D predictions study an experimental work will be

necessary.

Acknowledgments

This publication forms a part of the CREATIV project, per-

formed under the strategic Norwegian research program

RENERGI. The authors acknowledge the partners: SINTEF En-

ergy Research, Danfoss, FHL, Hydro Aluminium, John Bean

Technology, Norske Skog, REMA1000, Systemair, TINE, and

the Research Council of Norway (195182/S60) for their support.

The authors would like to thank Barber-Nichols Inc. for the

valuable comments to the present work.

Nomenclature

a (m s�1) speed of sound

Cf (�) skin friction coefficient

d (m) diameter

Dh (J) enthalpy difference

L (m) length

M (�) Mach number

mdot (kg s�1) mass flow

Pratio (�) pressure ratio

Q (m3 s�1) volumetric flow rate

R (m) radius

U (m s�1)blade tip speed

Yþ (�) dimensionless wall distance

h (�) efficiency

u (rad s�1) rotational speed

n (m2 s�1)

kinematic viscosity

sm (Pa) the motor air gap shear stress

s (N m) torque

Subscripts

01 absolute discharge conditions at the inlet

2 impeller discharge

02 absolute discharge conditions at the discharge

is isentropic

tet total/total

r e f e r e n c e s

Balje, O.E., 1981. Turbomachines. A Guide to Design, Selection
and Theory. John Wiley & Sons.

Dang, T.Q., Bushnell, P.R., 2009. Aerodynamics of cross flow fans
and their application to aircraft propulsion and flow control.
Prog. Aerospace Sci. 45, 1e29.

Eck, B., 1962. Ventilatoren. SpringereVerlag.
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Abstract 

 

A numerical study of a diffuser system for a novel turbo-compressor for commercial CO2 applications 
is presented. Geometries with the bent section have been analyzed for a dense high velocity gas with 
regard to pressure recovery and total pressure loss coefficients.  

The best performance was achieved for a circular 3.9 area ratio system achieving total pressure loss 
and pressure recovery coefficients of 0.13 and 0.82 respectively. Redesign of the impeller discharge 
should improve this number quite significantly. Application of a 3% pinch reduced the performance of 
the rectangular assembly. Poorer performance is attributed to the higher friction losses in the initial 
section of the diffuser channel.  

Modifications to the concept design might include: more radial gas discharge from the impeller 
followed by a smoother curvature of the diffuser and a combination of rectangular type of the diffuser 
with a square or circular cross section of the return channel.   
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Introduction 
 

In Kus and Nekså (2013c) a novel partial admission radial compressor concept was proposed as a 
potential solution to tackle an issue of high non-stage losses typically expected in high speed hermetic 
type radial compressor for commercial CO2 applications [Kus and Nekså (2013a, b), Wright et. al. 
(2010)]. The reduction of non-stage losses is expected to be achieved through operation at 
significantly lower shaft speeds. To ensure high overall efficiency of the new compressor, a reasonable 
aerodynamic performance of the partial admission stage must be obtained. Numerical investigation of 
the new compressor wheel with only partial admission provided quite optimistic results. According to 
the previous studies, a properly designed diffuser will be of critical importance for the overall stage 
efficiency. In the proposed design, the factors impeding optimal diffusion process include non-uniform 
impeller discharge velocity profile, close to sonic velocities and a curved shape of the diffuser channel.  

It is known that that the velocity profile at the exit of a curved diffuser is non-uniform. This combined 
with the non-uniform inlet velocity profile makes it reasonable to expect strong pressure fluctuation 
along the diffuser channel resulting in asymmetric flow separation and significant losses. 

The work of Simonsen and Krogstad (2004) describes the flow in an axial to radial bend-diffuser 
configuration that can be used as a pressure recovery device behind axial compressors when axial 
space is limited. The analyzed gas is air at 3.3e4 – 8e4 Reynolds numbers.  The numerical procedure 
employs different standard turbulence models and is carried out with the FLUENT code. Predictions 
of static pressure, time-mean velocity and skin friction are compared against experimental data. It is 
observed that k–eRNG and k–eREALZ models are in better agreement with the experimental data than the 
other models. The turbulence k–eSTD model delivered erroneous profiles indicating that the peak of the 
velocity profile was located at the opposite side of the channel compared to the experimental results. 
The discrepancy between predictions of the pressure recovery coefficients and test data were within 
5% for the simulated cases, while the realizable k–eREAL model predicted the mean velocity best 
among the models. Despite the relatively simple geometry, the complex flow physics due to the 
combination of the flow curvature and adverse pressure gradients, are emphasized.  

El-Askary and Nasr (2009) conducted numerical and experimental investigation of a combined bend-
diffuser configuration with a rectangular cross section. The analyzed fluid is air at Reynolds number 
between 8.8e4 – 1.94e5. The simulation is performed using the high-Reynolds number k–e turbulence 
model improved by the low-Reynolds number k–e turbulence model near the walls, to improve 
prediction of the flow with strong adverse pressure gradient. The authors report that the numerical 
method provides satisfying reproduction of the essential features of upstream curved flow effect on the 
diffuser performance. The results indicate that there is an optimum diffuser angle  that produces a 
minimum pressure loss in the diffuser system which depends on the inflow Reynolds number. In El-
Askary and Balabel (2007) it is also reported that the standard k–e model fails to predict the near-wall 
flow behavior when strong pressure gradients are present.  

A common example of a curved diffuser is the S-shaped diffuser typically found in aircraft 
applications where a small machinery footprint is an important design requirement.  Gopaliya et al. 
(2007) numerically investigated the effect of offset on an S-shaped diffuser of 90°/90° turn with 
rectangular inlet and semicircular outlet. The results obtained with a numerical procedure employing 
standard k–e turbulence model have not been verified against experimental data, however the authors 
claim that the model has been validated for similar geometry with the measurements presented in 
Anand et al. (2001). 

The technique known to improve efficiency of a centrifugal compressor is application of a converging 
(pinched) wall at the initial section of the diffuser. The pinch aims at smoothing the flow field non-
uniformities transferred from the impeller and therefore improving deceleration process in the diffuser. 
Turunen-Saaresti et al. (2006) compared numerical simulations with experimental data obtained for 
radial compressor equipped with six different diffusers (pinch of up to 10% of original height). Both 
measurements and numerical simulations showed that the pinched diffuser improved the efficiency of 



the centrifugal compressor. It is also reported that the pressure ratio was fairly well predicted by the 
model, whereas the isentropic efficiency was over-predicted. The numerical model failed to provide 
close match with the test data in terms of span-wise distribution of the total pressure and flow angle at 
the diffuser inlet. Ludtke (1983) reported that application of pinch ratios higher than 10% becomes 
ineffective.  

The efficiency and the proper functioning of a curved diffuser system depend on many factors. These 
include the diffuser angle, area ratio, degree of curvature, spacer length between the bend and the 
diffuser and Reynolds number. The present study undertakes numerical procedure to give initial 
estimation of the performance and flow behavior in the diffuser and return channel of a novel partial 
admission CO2 compressor.  

  

 

Numerical modeling 
 

Geometrical parameters 

The simulated cases can be divided into two main groups: systems with rectangular outlet and systems 
with circular outlet, see Fig 1. For the sake of convenience they will be further referred to as 
rectangular and circular systems respectively. All the diffusers have the same curvature resulting from 
an attempt to provide minimum degree of turning for the gas leaving the compressor wheel. All the 
diffusers are preceded by the 64 mm straight segment equipped in two mass flow inlets. Its purpose is 
to provide a non-uniform velocity profile at the inlet (In) of the diffuser. Creating such a profile is 
necessary to approximate the flow field present at the discharge of the partial admission compressor 
wheel. In order to compare the geometries, the inlet area and the inlet conditions are fixed. In case of a 
rectangular diffuser the geometries are created by two sweeps of the inlet geometry. The 1st sweep is 
identical and provides maximal area ratio for a given geometry of the wheel and discharge collector 
[see Kus and Nekså (2013c) for reference]. The second segment of the diffuser (outside the wheel) is 
varied with respect to length and area ratio (AOut/AIn). The expansion of the rectangular diffuser area is 
carried out only in the vertical direction in an attempt to minimize negative impact of curvature on the 
diffusion process. Thanks to the smoother area expansion in the circular diffuser, the creation sweep 
was conducted in one step, without conflicting with the wheel geometry, see also Fig 2. Non-
dimensional length is introduced to describe the length of the diffusers. It is defined as: 

hLLWR /=  (1) 



  

 

Figure 1. Two diffuser types (with rectangular and circular outlet) simulated in the study  

 

Performance parameters 

The overall performance of the diffusers is evaluated using the static pressure recovery coefficient and 
the total pressure loss coefficient. The static pressure recovery coefficient defined as 
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describes how efficiently the kinetic energy captured in moving fluid is transformed into a static 
pressure increment. This non-dimensional parameter can be especially useful when single stage 
compressors are compared and when highest possible static pressure at the outlet is the design target.  

During design of the multistage compressor the total pressure loss coefficient or simply total pressure 
loss between stages describe how well the diffuser/return channel system is designed. The total 
pressure loss coefficient is defined as follows. 
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In the present study the main emphasize is put on the design of an efficient connection between two 
compression stages. This is why the simulations are repeated with return channels included for the best 
diffusers with their respective specific shape and area ratios. How to connect two or more stages of the 
novel compressor is in itself a rather complex issue, involving a rotorydnamics analysis. The present 
study does not attempt to analyze all possible solutions, but rather tries to give an initial estimation of 
the pressure drop that we may face in the novel concept diffuser. Knowing the expected total pressure 
loss coefficient in the diffuser/return channel one may estimate total efficiency of the novel 



compressor stage based on the data presented in Kus and Nekså (2013c). Figure 2 illustrate how the 
diffuser proceeded with an axial mixing section relates to the original compressor geometry. 

 

Figure 2. Novel partial admission compressor configuration 

 

Computational method 

For all the calculations the finite volume method code ANSYS FLUENT 13.0 was used.  Averaged 
Navier Stokes equations were solved, and turbulence was modeled using the k-εREALZ model. As the 
model ceases to be valid in the vicinity of walls the wall boundary layers were solved using wall 
functions. A second-order discretization scheme was used for all simulations. The Peng-Robinson 
equation of state was used to calculate thermodynamic properties of CO2.  

As mentioned there are two mass flow inlets and one pressure outlet for each of the geometries. The 
static pressure outlet boundary was adjusted for in each case to obtain a mean inlet velocity of 188 m/s 
(+/- 7%).The approximate velocity distribution at the diffuser inlet is shown in Fig 3. The total 
pressure at the inlet of the diffuser was approximately 51 bar. 

The mesh generation was conducted with the default Ansys meshing tool to produce structured 
elements with inflation at the walls to fulfill y+ requirement of the turbulence model by utilizing 
standard wall functions. The mean y+ for all simulations ranged from 60 to 134.  

 



 

Figure 3. Approximate velocity distribution at the inlet of the diffusers 

 

 

Results and discussion 
 

 

Mesh dependency check 

It is known that numerical results depend of the resolution of the domain mesh. The solution can be 
accepted as grid-independent when further refinements of the grid do not bring further variations of 
the solution. By further variations one should understand changes exceeding some reasonable 
tolerance assumed by the designer. The mesh dependency check was conducted only for a single 
geometry, the one with highest area expansion in vertical direction, due to the significant number of 
geometries tested. The variations of the most important parameters showing the performance of the 
diffuser depending on the resolution of the mesh are presented in the Fig 4. The sizing variants used 
for meshing the geometry are collected in the Table 1. 

 

Table 1. Sizing controls used for meshing the geometry. 

Sizing variant Face sizing, 
mm 

Sweep element 
size, mm 

Mesh size, 
mln cells 

A 0.7 0.9 0.31 

B 0.5 0.8 0.53 

C 0.4 0.8 0.62 

D 0.3 0.8 1.06 

E 0.2 0.8 1.77 

F 0.2 0.6 2.34 

 



 

Figure 4. Total pressure loss- and pressure recovery coefficient variation with number of mesh cells 

Based on the mesh independence study it was decided that sizing variant D provides sufficient mesh 
resolution and will be used for sizing of the remaining geometries. 

 

Diffuser comparison 

The simulation campaign consisted of several steps. Firstly, two types of diffusers, with rectangular 
and circular outlet, with varying lengths and area ratios have been simulated. In this step, 18 
geometries have been simulated. As mentioned, the boundary conditions at the inlet of the diffuser 
were obtained by mixing two streams moving at different speeds. As a result, a non-uniform inlet 
profile was induced. In the second step, for each diffuser area ratio the geometries with the best total 
pressure loss coefficients were supplemented with the return channel to simulate performance of the 
system when a multistage compressor is considered. Finally, the third step of the analysis considers 
application of 3% of pinch to the one selected geometry of the rectangular diffuser. The predictions of 
pressure recovery and total pressure loss coefficients of diffusers tested in the first part of the 
campaign are presented in Fig 5.  

 



 

 

Figure 5. Pressure recovery and total pressure loss coefficients obtained for simulated diffusers 

 

Efficiency of the diffuser channel is characterized by a high degree of pressure recovery and low total 
pressure loss coefficient. The design that seems to meet both of these requirements best in the above 
study is a circular diffuser with an area ratio of 5.2 and non-dimensional length of 18. It indicates that 
if the last stage of the compressor is considered, the diffuser with relatively high area ratio, low angle 
and circular shape is advisable.  

It can be expected that to minimize undesirable effects of horizontal and vertical pressure gradients 
along the channel caused by curved shape and non-uniform velocity profile, a smooth area expansion 
is required.  

The idea behind analyzing a rectangular shaped diffuser with an area expansion only in the vertical 
direction was to avoid negative impact of pressure gradients caused by curvature of the diffuser. This 
aim is met only partially. In terms of pressure losses, rectangular diffuser with a small area ratio (2.8) 
achieves similar performance as circular diffuser with comparable area ratio (3.1). It is therefore 
expected, that rectangular design can serve as an efficient connection between compressor stages. In 
terms of pressure recovery, very low diffuser angles and significant lengths are needed to provide 
decent pressure lifts and to avoid recirculation zones across the rectangular diffuser. Thus, it can be 
expected that a rectangular channel serving in the last stage of the compressor will require a significant 
non-dimensional length and therefore introducing higher friction losses, which again is resulting in 
poorer performance compared to the circular diffuser.  



The general trend in case of low area ratio diffusers can be observed. At low non-dimensional lengths 
(high diffuser angles) the performance of the diffusion is reduced. This can be attributed to high 
adverse pressure gradients occurring across shorter distances. Such rapid deceleration linked with 
general flow non-uniformities reflects in the tendency of the flow to detachment from guiding walls, 
swirling and recirculation. Reducing the diffuser angle will provide smoother conversion of the kinetic 
energy into static pressure energy, but at the cost of increased friction losses. The designer must 
therefore try to find a balance between these two mechanisms. The same trend can also be expected 
for diffusers with higher area ratios. This behavior is not necessarily captured in the present study due 
to the limited number of geometries tested.  

 

Diffuser/return channel 

In case of a multistage machine, which naturally is a subject of the current deliberations, additional 
parts of the system will have to be considered. The flow discharged from the diffuser must be directed 
efficiently to the next stage of the compressor. To achieve a high performance of the diffuser/return 
channel the following, often antagonizing, goals have to be met: a low total pressure loss coefficient 
across the diffuser, uniform velocity profile at the discharge of the diffuser, preferably a low velocity 
at the inlet to the return channel and possibly low wetted perimeter of the channel to reduce friction 
losses. Additionally, curvature and length of the channel will affect the final performance.  

At this stage of the compressor development it is difficult to foresee which configuration of the 
multistage machine could be optimal. The subsequent stages could be placed on the opposite sides of 
the motor or only at one side. These considerations must involve rotordynamics analysis which will be 
a part of the rotating machinery development. It should be noted that in terms of rotordynamics, the 
novel concept may differ significantly from its centrifugal counterpart. The speeds at which the new 
impellers will rotate are significantly lower, distribution of radial loads acting on the rotor is different, 
and the diameter and mass of the new impellers and motor will be higher.  

The diffusers achieving the best performance in the diffuser comparison study were supplemented 
with the return channels to give some preliminary estimation of the performance of the diffuser/return 
channel system. It was assumed that that the next stage of the compressor will be placed at the same 
side of the motor, close to the preceding stage.  An example configuration of rectangular and circular 
diffuser/return channel systems is depicted in Fig 6.   

 

Figure 6. An examples of the diffuser/return channel configurations 

 

Geometrical description and simulation results for the diffuser/return channel systems are summarized 
in Table 2.  



The total pressure loss is extracted for the whole system and for the diffuser alone to compare the 
impact of the particular parts of the system on the assembly performance. Additionally, velocity fields 
in the characteristic cross-sections of the system (discharge of the diffuser and discharge of the return 
channel) are captured for all 6 cases (Fig 7).   

 

Table 2. Geometrical description and results of the performance prediction of diffuser/return channel 
systems 

 
LWR, - 

L_return, 
mm 

dp_diff, 
bar 

dp_total, 
bar Cp, - Kp, - 

mesh 
size, cells 

x 1000 
Rectangular outlet 
AR=2.8  14.8 321 1.55 2 0.76 0.14 2339 
AR=3.95  18.2 411 2.2 2.55 0.79 0.16 3972 
AR=5.2 23.7 609 1.92 2.18 0.81 0.15 2599 
Circular outlet 
AR=3.1  5.0 249 1.8 2.55 0.73 0.18 1444 
AR=3.9  15.3 445 1.55 1.88 0.82 0.13 2652 
AR=5.2  18.0 461 1.8 2.01 0.83 0.14 3466 

 

The lowest pressure loss amongst simulated cases is generated in the circular diffuser with area ratio 
of 3.9. It achieves similar performance in terms of pressure loss in the diffuser section as rectangular 
diffuser with AR=2.8 but has more favorable flow conditions (more uniform flow field, lower mean 
velocity) across the return channel. In terms of flow uniformity at the discharge of the return channels, 
both rectangular and circular concept are able to produce relatively mixed-out velocity fields.  

Producing uniform velocity profile before inlet to the next stage of the compression is important to 
maximize the next stage efficiency. It can be seen that circular discharge produced slightly better 
conditions for the next stage inlet. It is also apparent that it is not necessary to increase area ratio too 
much to achieve a uniform discharge. Middle range of area ratio seems satisfactory.  

An aim to avoid negative impact of pressure gradients caused by curvature of the diffuser by adopting 
only vertically expanded rectangular diffuser is met only partially. While relatively low pressure losses 
can be provided for the diffuser section of the system, the pressure loss across the rectangular return 
channel is increased compared to the pipe following the circular diffuser. It is expected that decisive 
factor here is an increased wetted perimeter of the rectangular channel resulting in increased friction 
losses for the flow with similar velocity. Perhaps, a combination of rectangular shape diffuser and 
more square-shaped (or circular) cross-section of the return channel could further reduce total pressure 
losses in the system.  

 



 

Figure 7.  Velocity profiles in characteristic cross-sections of the diffuser/return channel systems 

 

It must be emphasized that the efficiency of both proposed designs can be visibly improved if a more 
radial discharge from the compressor wheel was provided. In the current impeller discharge 
configuration, the performance of both types of the diffusers is reduced due to the rather significant 
curvature of flow path. The rectangular design suffers additional losses due to heightened friction 
losses in the initial high speed segment of the diffuser, directing the gas outside the wheel. In this 
critically important segment almost no deceleration is achieved. It is logical to assume that if the 
geometry of rectangular diffuser was created in one sweep step further improvement of the diffuser 
performance could be obtained. The resulting geometry will be shorter, thus allowing for a reduction 
of friction losses not only in the initial segment of the channel, but for the overall geometry as well. 
This accompanied with the further redesign of the return channel gives a potential for further reduction 
of the total pressure loss coefficient. 

 

Pinch  

One way of improving the performance of the diffusers operating with the non-uniform flow is to 
introduce the pinch. In this study 3% pinch was applied to the rectangular 2.8 area ratio diffuser 
presented in Table 2. It was expected that a pinch will improve uniformity of the flow across the 
diffuser and therefore improve its performance. It turned out that while the uniformity of the flow 
actually improved, see Fig 8, the total performance dropped. The total pressure loss increased from 
1.66 to 1.9 bar for a diffuser simulated without a return channel. Such a result can be attributed to the 
increase of the already high velocity flow in the initial segment of the rectangular diffuser. Increased 
friction losses at this section of the channel outweighed the potential gain in the latter parts of the 
system.  

The simulation of higher degrees of pinch was discarded as even higher losses were expected to occur. 
Presumably due to the speeds being close to sonic at the throat of the diffuser application of pinch can 
be of limited benefit to the partial admission concept compressor. This aspect should however be 
further researched in connection with a redesign of the impeller discharge angles. This should result in 
a proper diffusion process to be commenced just after trailing edges of the rotating blades.    



 

Figure 8. Velocity flow field improvement of 2.8 area ratio rectangular diffuser (no return channel 
included) after applying 3% pinch 

 

Conclusions 
 

A numerical study of diffuser systems that may be applicable for a novel partial admission radial 
compressor for commercial CO2 applications was presented. In total 18 geometries have been tested 
with regard to attainable pressure recovery coefficients and total pressure losses. They are divided into 
two main groups: circular and rectangular outlets.  

For the best geometries within the given area ratio, return channels were supplemented and 
performance of the whole system analyzed with regard to its total pressure loss. For the current 
compressor wheel configuration a target 1.5 bar pressure loss in the diffuser/return channel system 
was not achieved. The best system with circular cross-section and area ratio of 3.9 generated a total 
pressure loss of 1.88 bar. It is expected that a redesign of the impeller discharge angles and further 
modifications to the diffuser channel can improve this number quite significantly.  

A rectangular design with area expansion only in vertical direction was introduced in an attempt to 
reduce the impact of the flow non-uniformity caused by the curved shape of the diffuser channel. This 
aim was met only partially as the losses generated in the return channel were increased due to the 
higher friction losses compared to the circular design. Also application of 3% pinch to the rectangular 
diffuser turned out to worsen the performance of the full system. Here additional losses are attributed 
to the pronounced friction losses in the initial section of the diffuser channel. 

A high efficiency of the partial admission compressor diffuser is critical to achieving a reasonably 
high total stage efficiency of the compressor. Further improvements of the concept design should 
include: 



• A more radial discharge of the gas from the impeller wheel followed by a smoother curvature 
of the diffuser channel and probably a combination of rectangular type of the diffuser with a 
square or circular cross section of the return channel.  

• Further analysis of the pinch should be also undertaken for the rectangular diffusers with 
higher degree of deceleration in the initial segment of the diffuser.   
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NOMENCLATURE 

 

AR (-) Area ratio 

dp (bar) Pressure drop 

L (mm) Length/sweep rate 

Subscripts  

diff diffuser 

t Total conditions 

return Return channel 
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