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Summary and Conclusions

Carbon dioxide (CO,, R-744) has been identified as a promising alterna-
tive to conventional working fluids in a number of applications due to its
favourable environmental and thermophysical properties. Previous work
on residential CO, heat pumps has been dealing with systems for either
space heating or hot water heating, and it was therefore considered
interesting to carry out a theoretical and experimental study of residential
CO; heat pump systems for combined space heating and hot water heating
— so-called integrated CO, heat pump systems. The scope of this thesis is
limited to brine-to-water and water-to-water heat pumps connected to
low-temperature hydronic space heating systems.

Gas Cooler Design and System Evaluation

Due to the low critical temperature of CO,, an integrated CO, heat pump
unit will give off heat by cooling of CO, at supercritical pressure in a gas
cooler. In order to achieve a high coefficient of performance (COP), it is
essential that useful heat is given off over a large temperature range,
resulting in a relatively low CO, outlet temperature from the gas cooler.

A number of gas cooler configurations were evaluated. It was found that
the application of a tripartite gas cooler for preheating of domestic hot
water (DHW), low-temperature space heating and reheating of DHW,
would enable production of DHW in the required temperature range from
60 to 85°C, and contribute to the highest possible COP for the integrated
CO, heat pump unit. In the investigated CO, heat pump system, the gas
cooler units for heating of DHW were connected to a single-shell storage
tank by means of a closed water loop.

Experimental Activities and Modelling
The Prototype Brine-to-Water CO, Heat Pump Unit

A test rig for a 6.5 kKW residential brine-to-water CO, heat pump unit for
combined space heating and hot water heating was built in order to
document the performance and to study component and system behaviour
over a wide range of operating conditions. The prototype heat pump was
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equipped with a counter-flow tube-in-tube evaporator, a hermetic two-
stage rolling piston compressor, a counter-flow tripartite tube-in-tube gas
cooler, a low-pressure receiver (LPR) and a manual back-pressure valve.

The heat pump was tested in three different modes; Simultaneous space
heating and DHW heating, DHW heating only and space heating only.
The compressor was operated at 6000 rpm, and most tests were carried
out at an evaporation temperature of -5°C. The heat pump unit gave off
heat to a low-temperature floor heating system at supply/return tempera-
tures of 33/28, 35/30 or 40/35°C. In the combined heating mode and the
DHW heating mode, the set-point for the DHW temperature was 60, 70 or
80°C. At each temperature programme for the space heating and DHW
systems, the inlet gas cooler pressure was varied to check its impact on the
heating capacity, the COP and the temperature profiles in the tripartite gas
cooler.

A steady-state computer model for integrated CO, heat pump units using a
tripartite counter-flow tube-in-tube gas cooler was developed in order to
analyse and supplement the measurements from the prototype heat pump
test rig. The model, which was established in Microsoft Excel/Visual
Basic, was verified by means of measurements from the test rig.

The prototype CO, heat pump system was also analysed by means of the
exergy method in order to document the thermodynamic losses in the
components and sub-systems, and to check the possibilities for efficiency
improvements.

The DHW Storage Tank and the Movable Insulating Plate

A test rig comprising a 200 litre cylindrical single-shell DHW tank was
constructed, in order to measure the transient temperature development in
the tank caused by conductive heat transfer through the tank walls and
between the hot and cold water in the tank during the tapping and
charging periods. The test rig was also used to examine the thermal
performance and the functionality of a movable insulating plate, which
was used to eliminate the mixing and to reduce the conductive heat
transfer between the hot and cold water in the tank. Two different insu-
lating plates made of 50 mm extruded polystyrene (XPS) and equipped
with balancing weights were tested. During all tests, the tank was insu-
lated with 40 mm fibre-glass, the city water temperature and the DHW
temperature were around 5 and 55°C, respectively, and the room tempera-
ture was between 20 and 22°C.
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A transient two-dimensional heat conduction model was developed in
order to calculate the transient temperature profiles (thermoclines) in
cylindrical single-shell DHW tanks at actual tank designs, temperature
levels and gas cooler heating capacities. The model, which was estab-
lished in the Neutral Model Format (Sahlin, 1996) and IDA (Equa Simu-
lation Technology Group, 1996), was verified by means of measurements
from the DHW test rig.

Results and Conclusions

Integrated CO, Heat Pumps

+ Residential CO, heat pump systems for combined space heating and
hot water heating may achieve the same or higher seasonal perfor-
mance factor (SPF) than the most energy efficient state-of-the-art
brine-to-water heat pumps as long as:

0 The CO, heat pump unit covers the entire DHW heating demand,
and the annual heat delivered for DHW production is minimum
25 to 30% of the total annual heat delivered from the heat pump.

0 The CO, heat pump unit is operated in the combined heating
mode when there is a simultaneous space heating and DHW
heating demand.

0 The return temperature in the hydronic space heating system is
about 30°C or lower.

0 The city water temperature is about 10°C or lower.

0 The thermodynamic losses in the DHW storage tank are low, i.e.
negligible mixing losses and minimum conductive heat transfer
between the hot and cold water during tapping and charging.

+ In contrary to conventional heat pump systems for combined space
heating and DHW heating, the integrated CO, heat pump system
achieves the highest COP in the combined heating mode and the
DHW heating mode, and the lowest COP in the space heating mode.
Hence, the larger the annual DHW heating demand, the higher the
SPF of the integrated CO, heat pump system.

+ The lower the return temperature in the space heating system and the
lower the DHW storage temperature, the higher the COP of the inte-
grated CO, heat pump. A low return temperature in the space heating
system also results in a moderate DHW heating capacity ratio, which



means that a relatively large part of the annual space heating demand
can be covered by operation in the combined heating mode, where
the COP is considerably higher than in the space heating mode.

During operation in the combined heating mode and the DHW
heating mode, the COP of the integrated CO, heat pump is heavily
influenced by the inlet water temperature for the DHW preheating
gas cooler unit. The lower the inlet temperature, the higher the COP.
The CO, system will therefore achieve the highest COP at low city
water temperatures, and when there is negligible mixing and
minimum conductive heat transfer between the hot and cold water in
the DHW tank during the tapping and charging periods.

The COP for the integrated CO, heat pump is generally more
sensitive to variations in the compressor efficiency than that of con-
ventional brine/water-to-water heat pump systems. It is therefore of
particular importance to apply a high-efficiency compressor.

At each operating mode and temperature programme, there will be
an optimum gas cooler (high-side) pressure that leads to a maximum
COP for the integrated CO, heat pump. However, at moderate DHW
temperatures, the heat pump can be operated at constant high-side
pressure in all heating modes with only a minor reduction in the
COP. This is favourable, since it simplifies the operation of the
system and reduces the first cost.

During operation in the combined heating mode, the COP for the
integrated CO, heat pump may be higher than in the DHW heating
mode due to similar temperature approaches at the cold outlet of the
gas coolers and lower optimum high-side pressure. The higher the
DHW temperature, the larger the COP difference for the operating
modes.

The integrated CO, heat pump system will be more complex than the
state-of-the art residential heat pump systems due to the requirement
for a tripartite gas cooler, extra valves and tubing for by-pass of
fluids, an inverter controlled pump in the DHW circuit as well as an
especially designed DHW storage tank. The application of optimum
high-side pressure control will further increase the technical and ope-
rational complexity of the system.



Domestic Hot Water (DHW) Storage Tanks

+ Conductive heat transfer between the DHW and the cold city water
in the storage tank during the tapping and charging periods may
result in a considerable increase in the inlet water temperature for the
DHW preheating gas cooler. This will in turn reduce the COP of the
integrated CO, heat pump. The thermodynamic losses are highest at
large initial temperature differences for the DHW and the city water,
small charging volumes and low gas cooler heating capacities.
Inevitable mixing of hot and cold water in the tank will lead to
further increase in the thermodynamic losses for the CO, heat pump
system.

+ One possible way to reduce internal conductive heat transfer and
avoid the mixing in cylindrical single-shell DHW storage tanks, is to
separate the DHW and the city water by means of a movable plate
with low thermal conductivity. The concept proved to give satis-
factory thermal performance and functionality at atmospheric opera-
ting conditions. However, definite conclusions regarding the functio-
nality, thermal performance and optimum design can only be drawn
after full-scale testing has been carried out in a pressurised tank.
First-costs as well as the long-term reliability of the insulating plate
are also important issues that need to be further addressed.

Suggestions for Further Work

On the basis of the results and conclusions from this thesis, the sugges-
tions for further work are as follows:

+ To develop a steady-state computer model for in-depth analyses and
optimisation of integrated CO, heat pump systems, including the
calculation of the SPF based on hourly time steps.

+ To analyse the economic feasibility for an integrated brine-to-water
CO, heat pump system for residential use.

+ To study the operational characteristics and the performance of an
integrated CO, heat pump system using ambient air as the heat
source.

+ To develop a low-cost and high-efficiency tripartite gas cooler.

+ To carry out further analyses and tests on a movable insulating plate
for cylindrical single-shell DHW tanks.
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1 — Introduction

1 Introduction

This chapter presents the background for the doctoral work, focusing on
the main reasons for carrying out a theoretical and experimental study of
residential brine-to-water and water-to-water CO, heat pump systems for
combined space heating and hot water heating. The last part of the chapter
presents the objectives and scope of the doctoral work as well as the
structure of the thesis.

1.1 Background for the Doctoral Work

1.1.1 Working Fluids and the Environment

During the last fifteen to twenty years, the most pressing research issue
within the field of refrigeration, air-conditioning and heat pump systems
has been the search for environmentally acceptable working fluids which
can replace the ozone-depleting ChloroFluoroCarbons (CFCs) and Hydro-
ChloroFluoroCarbons (HCFCs). Most of the substances evaluated and
tested have been new synthetic compounds, namely HydroFluoroCarbons
(HFCs). Although these compounds are non-toxic, non-flammable, non-
carcinogenic and have zero ozone depletion potential (ODP), they have
environmental drawbacks:

+ The global warming potential (GWP factor) of the most commonly
used HFCs is about 1300 to 3500 times higher than that of CO,
(UNEP, 1998). Due to this fact, the HFCs have been implemented in
the Kyoto Protocol® to the United Nations Framework Convention on
Climate Change, together with CO,, methane and NO.

+ During production of HFCs, toxic and harmful wastes are released,
including fluorinated materials, vinyl chloride, ethylene dichloride
(carcinogenic), other chlorinated organics, HFCs and HCFCs (Banks
and Sharrat, 1996).

! The Kyoto Protocol - http:/Aww.untreaty.un.org/English/notpubl/kyoto-en.htm
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Since the HFCs are foreign to nature, widespread use of these fluids will
always include a potential risk of unexpected negative global environ-
mental effects, as already experienced with the CFCs and the HCFCs.

An alternative to the HFCs is to apply naturally occurring and ecologi-
cally safe substances, so-called natural working fluids. The most impor-
tant substances in this category are ammonia, hydrocarbons, carbon
dioxide, water and air. From an environmental point of view, carbon
dioxide (CO,, R-744) can be regarded as an almost ideal working fluid
since it is non-toxic, non-flammable and neither contributes to ozone
depletion nor global warming®. In former days, CO, was used as a
working fluid in many refrigerating and air conditioning applications.
With the introduction of the CFCs in the 1930s and the HCFCs in the
1950s, the application of CO, was gradually reduced until it ceased
completely during the 1960s. However, after several decades of
ignorance, CO, was “rediscovered” as a working fluid by Lorentzen and
Pettersen (1993), who initiated several projects regarding CO, heat pump
and air conditioning systems. Due to considerable international research
and development activities in recent years, CO, now appears as a viable
long-term alternative to the HFCs in a number of residential, commercial
and industrial applications.

1.1.2 Residential CO, Heat Pump Systems

Since virtually all residential heat pump units are charged with HFCs, it is
relevant to examine whether CO, heat pumps can be successfully applied
in the residential sector.

1.1.2.1 Research Projects on Residential CO, Heat
Pump Systems

In recent years a number of universities, research institutions and com-
panies have been evaluating and testing various types of residential CO,
heat pump systems. The applications include CO, heat pump water heaters
(Saikawa and Hashimoto, 2000), CO, heat pumps for the retrofitting of
boilers in high-temperature radiator systems (Brandes and Kruse, 2000),
CO, heat pumps in combination with low-temperature heat distribution
systems (Kerherve and Clodic, 2002), air-to-air heat pump systems for the
heating of ventilation air (Rieberer and Halozan, 1998), and reversible
split-type air-to-air CO, heat pumps (Richter et al., 2002; Aarlien, 2002).

2 The CO, which is used as a working fluid is a by-product from industrial processes.
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1.1.2.2 A Residential CO, Heat Pump System for Com-

bined Space Heating and Hot Water Heating

Previous work on residential CO, heat pumps has been dealing with
systems for either space heating or hot water heating. It was therefore
considered interesting to carry out a theoretical and experimental study of
residential brine-to-water and water-to-water CO, heat pump systems for
combined low-temperature space heating and hot water heating. The main
reasons for selecting this heat pump concept were as follows:

*

Increasing Relative Heating Demand for Domestic Hot Water

Due to stricter building codes, the transmission and infiltration losses
in houses have been considerably reduced in recent years, whereas
the ventilation losses and the domestic hot water (DHW) heating
demand have become more significant. Hence, the annual heating
demand for DHW in new houses constitutes an increasing part of the
total heating demand (Breembroek and Dieleman, 2001).

High-Efficiency Ground-Source and Water-Source Heat Pumps

The average seasonal performance factor (SPF) of ground-source and
water-source heat pump systems is typically 25% higher than that of
air-source systems (Gilly et al., 1999). They also maintain the heating
capacity at low ambient temperatures, and have longer operational
life-time due to relatively high and stable evaporation temperatures.

Low-Temperature Heat Distribution Systems

The lower the distribution temperature, the higher the SPF of the heat
pump system. Residential low-temperature floor heating systems are
now gaining an increasing market share in many European countries,
while central low-temperature air heating systems are commonly
used in the USA and Canada. (Breembroek and Dieleman, 2001).

1.2 Objectives of the Doctoral Work

The main objective of the doctoral work has been:

To carry out a theoretical and experimental study of residential
brine-to-water and water-to-water CO, heat pump systems for
combined low-temperature space heating and hot water heating, and
to compare the performance with the state-of-the-art heat pump
technology.
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This objective had a number of sub-goals:

+ ldentify and evaluate possible system designs, and apply the most
promising concept in the further work.

+ Carry out a thermodynamic analysis for the selected system, and eva-
luate the most important factors that affect the energy efficiency.

+ Design and test a prototype residential brine-to-water CO, heat pump
system for combined space heating and hot water heating.

s Carry out computer simulations to analyse the CO, heat pump
system and to supplement the measurements from the test rig.

+ Compare the performance of the CO, heat pump system with the per-
formance of state-of-the-art residential heat pump systems.

1.3 Structure of the Thesis

+ Chapter 2, Technological Status of Residential Heat Pumps for
Space and Hot Water Heating, provides an overview of the techno-
logical status for residential brine-to-water and water-to-water heat
pump systems for combined space heating and hot water heating. A
brief overview of the development in heating demands in houses as
well as common design and temperature requirements for low-
temperature hydronic space heating systems are also presented. The
final part of the chapter summarizes the research and development
work on residential CO, heat pump systems.

+ Chapter 3, Theoretical Background and System Evaluations,
provides a theoretical analysis of residential brine-to-water and
water-to-water CO, heat pump systems for combined space heating
and hot water heating. It focuses on the design, general operational
characteristics and the performance of the CO, gas cooler and the hot
water system. The application of a movable insulating plate, that
reduces the conductive heat transfer inside the DHW storage tank
and eliminates the mixing of hot and cold water, is also analysed.

+ Chapter 4, Test Rig Design and Experimental Methods, presents the
design, instrumentation and experimental procedures for two test
rigs: A 6.5 kW residential brine-to-water CO, heat pump system for
combined space heating and hot water heating (prototype), and a
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cylindrical single-shell 200 litre DHW storage tank. A movable
insulating plate, which was applied to reduce the exergy losses in the
tank, was also tested in the latter test rig.

Chapter 5, Experimental Results, provides a detailed presentation
and analysis of the experimental results from the two test rigs
described in Chapter 4.

Chapter 6, Modelling, presents the thermodynamic background and
mathematical basis for two computer models that were developed to
study the performance of tripartite counter-flow tube-in-tube CO, gas
coolers and cylindrical single-shell DHW tanks.

Chapter 7, Discussion and Analysis, provides an overview and a
discussion of the most important findings from the experiments and
simulations regarding the CO, heat pump unit and the DHW tank. A
thermodynamic (exergy) analysis of the prototype CO, heat pump as
well as an overall estimate of the SPF for two CO, heat pump
systems and a state-of-the-art heat pump system, are also presented.

Chapter 8, Conclusions and Suggestions for Further Work, presents
the main conclusions from the doctoral work and suggestions for
further work.

Appendices

A) Outlines and discusses important properties and characteristics
of CO; as a working fluid in heat pumps.

B) Presents standards for testing of brine-to-water and water-to-
water heat pumps and recent test results for residential units.

C) Provides an overview of the test results for the prototype CO,
heat pump unit.

D) Presents the uncertainties in the single measurements and the
computed values for the prototype CO, heat pump unit.

E) Displays photos of the prototype CO, heat pump unit.
F) Presents characteristic properties of DHW systems.

G) Discusses the design of the balancing weight and the selection of
plate material for a movable insulating plate in DHW tanks.

H) Presents the test conditions for the movable insulating plates.

) Presents the NMF and IDA files for the transient two-dimen-
sional heat conduction model for cylindrical DHW tanks.
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2 Technological Status
for Residential Heat
Pumps for Space and
Hot Water Heating

This chapter provides an overview of the technological status of residen-
tial ground-source and water-source heat pump systems for combined
space heating and hot water heating — so-called integrated brine-to-water
and water-to-water heat pumps.

The initial part of the chapter presents a classification of residential heat
pump systems, and briefly describes the development in heating demands
for houses as well as the main characteristics and typical temperature
requirements for hydronic heat distribution systems. The state-of-the-art-
technology for residential brine-to-water and water-to-water heat pump
systems is presented, focusing on commonly used working fluids, compo-
nent and system designs, energy efficiency and main operational charac-
teristics. The final part of the chapter summarizes the research and
development work on residential CO, heat pump systems.

2.1 Classification of Residential Heat
Pump Systems

Figure 2.1 shows a possible way to classify residential heating-only heat
pump systems according to the heating demand(s) that are covered by the
heat pump, the type of heat source and heat distribution system(s) and
whether the system is monovalent or bivalent. Monovalent heat pumps
cover the entire annual space heating demand, whereas bivalent heat
pumps are sized for 40 to 60% of the maximum heat load and cover about
50 to 90% of the annual space heating demand in the house. The
remaining heat load is covered by an auxiliary heating system (peak load).
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Heating Demand

Space heating

Residential
Heat Pump
Systems

System Design

N~

Rock/geothermal
Indirect system

DX system
Indirect system

Direct system
Indirect system

Direct system

Figure 2.1

Heat Distribution
— Hydronic syst.

Floor heating
Wall heating
Ceiling heating
Fan-coil(s)

Convectors

Radiators

Direct air syst.

Condenser + fan

Ducted forced air

Classification of residential heating-only heat pump systems

according to the heating demand(s), the type of heat source and
heat distribution system(s) and monovalent/bivalent system

design. “DX system”

and “Indirect system” refer to direct

expansion systems and brine systems, respectively.

Although Figure 2.1 classifies heating-only heat pump systems, a brine-

to-water ground-source heat pump

system can be utilized as a combined

heating and cooling system by connecting one or several fan-coil units to

the brine system.
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2.2 Heating Demands in Houses

The heating demands in a house are caused by transmission and infiltra-
tion losses through the building envelope, ventilation losses when fresh air
is supplied to the house by means of a ventilation system, and heating of
domestic hot water (DHW). Owing to the implementation of more
stringent building codes, the transmission and infiltration losses in new
houses have been considerably reduced in recent years. Various standards
for low-energy houses have also been established in Europe, the USA and
Canada. The annual transmission and ventilation losses in these houses
are typically 40 to 50% lower than that of new houses which are designed
in accordance with prevailing building regulations (Breembroek and
Dieleman, 2001).

Owing to the decreasing space heating demand and the fact that about
70% of the ventilation losses in balanced ventilation systems can be
recovered by heat exchange, the annual heating demand for DHW con-
stitutes an increasing share of the total heating demand in new houses.
Figure 2.2 shows, as an example, the development of the different heating
demands in German single-family houses (Breembroek and Dieleman,
2001). According to Afjei (1997) and Breembroek and Dieleman, the
DHW ratio® typically ranges from 10 to 15% in existing houses and from
20 to 45% in new houses and low-energy houses.

A Single-family house, 3-4 persons, 150 m? heated area, surface/volume = 0.84

>

S

= 240 D Ventilation heating demand
= 240 1

% 200 - 0 Transmission heating demand
é 160 . DHW heating demand

S

o 120 1 50

c

IS

9]

T

Building stock Building Building Low-energy
regulation 1984 regulation 1995 house

Figure 2.2 Development of the annual heating demand [kWh/(m?year)]
for German single-family houses with 150 m? heated area
and 3-4 residents (Breembroek and Dieleman, 2001).

! The ratio of the annual DHW heating demand and the total annual heating demand of the
house when heating of ventilation air is excluded.
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2.3 Hydronic Heat Distribution Systems

2.3.1 Main Characteristics

Heat distribution systems for residential heat pumps can be classified as
ductless air systems (space conditioning), central air systems (space
conditioning and ventilation) and hydronic systems (space heating and
heating of ventilation air). However, since the scope of this thesis is
limited to brine-to-water and water-to-water heat pump systems, only
hydronic heat distribution systems will be presented in more detail.

A hydronic heat distribution system comprises a closed-loop piping
system, circulation pumps, an expansion system as well as terminal units
for rejection of heat. Common terminal units are radiators, convectors,
floor/wall/ceiling heating systems as well as fan-coil units. In contrary to
ductless and central air systems, hydronic heat distribution systems can be
connected to an accumulator tank (thermal storage), which can be used to
shave electric peak loads and utilize off-peak electricity tariffs. The
systems also enable separate temperature control in the rooms, and they
generally have low parasitic energy demands and low distribution losses
(Breembroek and Dieleman, 2001). However, a separate ventilation
system is required in order to provide adequate indoor air quality in
modern air-tight houses. With the exception of simple fan-coil systems,
the state-of-the-art hydronic systems have relatively high investment and
installation costs, and they are therefore mainly considered a viable option
in new houses or houses that are being rehabilitated.

2.3.2 Temperature Requirements

Table 2.1 presents common temperature requirements for different types
of terminal units in hydronic heat distribution systems installed in houses
in Europe, the USA and Canada (Breembroek and Dieleman, 2001).

Table 2.1  Common temperature requirements for different types of ter-
minal units in hydronic heat distribution systems (Breem-
broek and Dieleman, 2001).

System Radiators Convectors Floor Heating Fan-Coils

Temperature 60 — 80°C 45 - 55°C 35-45°C 40 -50°C

10
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According to Halozan (1997) and Afjei (1997), a supply temperature in
the range from 28 to 32°C at design conditions is feasible for floor heating
systems installed in low-energy houses.

2.3.3 Floor Heating Systems

Owing to the low distribution temperature, hydronic floor heating systems
are particularly interesting in combination with brine-to-water and water-
to-water heat pump systems, since a high seasonal performance factor
(SPF) can be achieved (Afjei, 1997; Erb and Hubacher, 2001).

As long as draught from windows are prevented by means of windows
with low U-values, floor heating systems contribute to superior thermal
comfort and good indoor air quality due to moderate air temperatures,
small vertical temperature gradients, low air speed and turbulence, little
dust movement and no dust-burning (Breembroek and Dieleman, 2001).

Modern floor heating systems consist of diffusion-tight plastic tubes (OD
12 to 22 mm), which are embedded in concrete slabs, covered with con-
crete or gypsum on wooden sub-floors or installed on wooden sub-floors
by means of thin profiled aluminium plates on prefabricated, insulating
fibre boards, pressed wallboards or expanded polyester plates. In order to
minimize the heat loss to the ground, 100 to 200 mm of non-compressible
insulation (e.g. XPS) is recommended for basement installations (Breem-
broek and Dieleman, 2001; Woodson, 1999).

The optimum floor surface temperature when using a floor heating system
ranges from about 24 to 27°C, which corresponds to a heat transfer rate
between 35 and 60 W/m? (Breembroek and Dieleman, 2001). The
required distribution temperature is determined by the outside tube dia-
meter, the tube (C-C) distance, the water flow rate, the thermal resistance
below the tubes, the thermal resistance between the tubes and the ambient
air, the required heat transfer rate and the room temperature. In order to
obtain a relatively uniform floor surface temperature, the water flow is
cooled down maximum 5 K (Woodson, 1999).

Floor heating systems are usually controlled by room thermostats and an
outdoor air thermostat which control the supply temperature and the water
flow (on/off) for the various tube sections. In floor heating systems with
concrete or gypsum floors, the floor will act as a thermal storage, and the
surface temperature will change very slowly when the water temperature
changes (i.e. high inertia and large time constant). Floor heating systems

11
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with a low thermal mass will correspondingly have a much lower time
constant, which leads to more effective temperature control in the rooms.
Due to the moderate temperature difference between the water in the tubes
and the air, floor heating systems also have a self-regulating effect, and
the lower the water temperature, the larger the reduction in the heat
transfer rate at elevated room temperatures. Consequently, in low-tempe-
rature floor heating systems, the water temperature can be kept constant,
and the heat emission from the system can be controlled solely by
intermittent operation of the solenoid valves (Afjei, 1997).

2.4 The Heat Pump System
2.4.1 Design of the Heat Pump Unit

Residential brine-to-water and water-to-water heat pump units are
generally equipped with the following main components:

+ Plate heat exchangers (PHE) as evaporator and condenser

+ Hermetic scroll or reciprocating compressor

+ Thermostatic expansion valve (with external pressure equalization)

+ Liquid receiver/accumulator (large capacity units only)

+ Suction gas heat exchanger (propane and R-134a units)

+ Subcooler (rarely included)

+ De-superheater — tube coil or plate heat exchanger (rarely included)

+ Expansion tank (brine systems only)

+ Pumps for the secondary brine/water systems (not always included)

+ Safety equipment, power supply, control/monitoring system
The heat pumps are using R-404A, R-407C, R-410A, HFC-134a (R-134a),
R-290 (propane) or R-1270 (propene) as the working fluid. Table 2.2

presents some important physical and thermophysical properties for the
most commonly used fluids.

Since R-134a has a considerably lower volumetric heating capacity than
the other working fluids, R-134a heat pump units are mainly utilized in
high-temperature radiator systems as well as in houses with a considerable
DHW heating demand.

12
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Table 2.2 Important physical and thermophysical properties for work-
ing fluids used in residential brine-to-water and water-to-
water heat pump units (RnLib, 2003).

Property R-290 R-407C R-410A R-134a
Normal boiling point [°C] -42.1 -43.8 -51.6 -26.2
Critical temperature [°C] 96.8 87.3 725 101.1
Critical pressure [MPa] 4.25 4.63 4.95 4.07
Condensation temp. at 2.5 MPa [°C] 67.6 60.1 56.1° 77.6

Volumetric heating capacity at 0°C [kJ/m®] 3880 4115 6737 2866

1) The mean of the bubble point and dew point has been used as the datum temperature
2) Condensation temperature at 3.5 MPa for R-410A

Figure 2.3 shows a typical design of a residential brine-to-water heat pump.

- ‘ Evaporator (PHE)
\ © % C: Condenser (PHE)
o 3 SC: Scroll compressor
t%— | TEV: Thermostatic expansion valve
> 1 P: Pump
! [ | .
| ! X: Expansion tank
sc |
S 1|1 :
A Pressostats (A
=eidu SO
< ——
H | | N

Figure 2.3 Typical design of a residential brine-to-water heat pump unit.

Recent test results from the heat pump test stations at WPZ Tdéss and
TNO-MEP, demonstrates that the most energy efficient residential brine-
to-water heat pumps on the market in the capacity range from about 5 to 7
kW, achieve a coefficient of performance (COP) of about 4.6 and 3.3 at
inlet brine temperatures and outlet water temperatures of 0/35°C and 0/50°C,
respectively. Reference is made to Appendix B, Performance Testing of
Residential Brine-to-Water and Water-to-Water Heat Pumps, for further
details regarding performance testing of this kind of heat pump units.

13



2 — Technological Status

2.4.2 Design of the Heat Pump System

2.4.2.1 Application of an Accumulator Tank

The heating capacity of residential brine-to-water and water-to-water heat
pumps is controlled by intermittent operation, i.e. start and stop of the
compressor. In hydronic heat distribution systems with moderate water
volumes and/or limited thermal storage capacity, an accumulator tank is
required in order to prevent frequent starts and stops of the compressor
when heating demands are low. In countries offering low electricity tariffs
at night-time or reduced electricity tariffs for heat pumps that can be
switched off during peak hours at daytime, the storage volume of the
accumulator tank will typically range from 800 to 1000 litres, and often be
complemented by thermal storage in concrete floors.

2.4.2.2 Application of a DHW Storage Tank

In order to level the load for DHW heating during the day and night,
virtually all residential stand-alone systems use a storage tank which is
designed according to the momentary and average DHW demand in the
house. In a residential heat pump system, the storage tank is either an inte-
gral part of the heat pump or a separate free-standing unit.

DHW systems are usually designed as closed unvented systems, where the
storage tank is connected to the city water supply (cold mains). The static
operating pressure inside unvented tanks typically ranges from 4 to 6 bars.
In open vented systems, the storage tank has an open vent to the atmos-
phere. The DHW is then gravity fed to washbasins, bathtubs etc., and is
distributed by means of booster pumps to showers and whirlpools.

The following types of DHW tanks are used together with residential
brine-to-water and water-to-water heat pump units:

+ Single-shell DHW tanks are usually cylindrical, and the tank volume
typically ranges from 100 to 350 litres. The DHW is either preheated
by the hot water from the heat pump condenser which circulates
through an integrated tube-coil in the tank, or the water is heated to
the set-point temperature by means of a de-superheater in a closed
water-loop. Reheating and back-up heating of the DHW are usually
provided by an electric immersion element.

14
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+ Double-shell DHW tanks are constructed from a cylindrical primary
vessel for the DHW and a secondary vessel or water jacket. Typical
water volumes for the primary/secondary vessels are 200/120 and
300/120 litres. The hot water from the heat pump condenser circu-
lates through the secondary vessel and preheats the DHW. Reheating
and back-up heating of the DHW are usually provided by an electric
immersion element.

2.4.2.3 Examples of System Designs

Utilization of Condenser Heat for Hot Water Heating

The large majority of residential brine-to-water and water-to-water heat
pumps preheat DHW by means of the condenser heat, and the higher the
outlet water temperature from the condenser, the less reheating is required
in order to meet the minimum DHW storage temperature of 55 to 60°C.
The minimum storage temperature is set to prevent growth of the legio-
nella bacteria that cause the fatal legionnaires’ disease (USHA, 2003).

Figure 2.4 shows the principle of two different residential pump systems
for low-temperature space heating and DHW heating.

In alternative A, the system comprises an accumulator tank and a single-
shell DHW tank with an integral tube-coil heat exchanger. Double-shell
DHW tanks are also commonly used. The shuttle-valve directs the water
flow either to the accumulator tank for the space heating system or the
DHW tank, and heating of DHW is prioritized. When the heat pump unit
supplies heat to the space heating system, the required supply temperature
from the heat pump condenser is determined by the outdoor temperature
and the return temperature in the space heating system, i.e. variable
condensation temperature. During operation in the DWH mode, the water
flow rate through the condenser will be lower and the return temperature
will be higher than that of the space heating mode. Depending on the type
of working fluid, the heat pump unit is able to preheat the DHW to a
temperature of 45 to 60°C.

In alternative B, the secondary vessel in the double-shell DHW tank acts
as the thermal storage, and heat is transferred to the DHW through the
bottom of the primary vessel. When the heat pump unit delivers heat to a
low-temperature floor heating system, there will be an inevitable trade-off
between the supply temperature from the condenser, which determines the
COP of the heat pump unit and the degree of DHW preheating, and the
need for supplementary heating in the DHW system. The lower the supply
temperature, the more supplementary heating is required.

15
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Figure 2.4 Principle of a residential heat pump system for space
heating and DHW heating: A) Single-shell DHW tank with
tube-coil and separate buffer tank, B) Double-shell DHW tank.
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Table 2.3 shows, as an example, the relationship between the supply
temperature and the COP for a high-efficiency residential brine-to-water
heat pump unit (ref. Appendix B), and the relative need for external
reheating of the DHW. In the calculations it has been assumed 0°C inlet
brine temperature to the evaporator, 10°C city water temperature, 60°C
DHW temperature and 2 K difference between the supply temperature and
the DHW temperature at the bottom of the primary vessel.

Table 2.3  The relationship between the supply temperature from the
condenser, the COP of the heat pump unit (Appendix B) and
the relative need for supplementary heating for the DHW at
10°C city water temperature and 60°C DHW temperature.

Supply Preheating from Supplementary

Temperature [°C] cop Heat Pump [%0] Heating [%0]
35 4.6 45 55
45 3.7 65 35
55 2.9 85 15

Table 2.3 demonstrates that the larger the annual DHW heating demand,
the higher the optimum supply temperature from the heat pump unit.

In bivalent heating systems, electric immersion heaters mounted in the
accumulator tank or the secondary vessel are commonly used peak load
units. Other peak load units of current interest include separate electric
heaters and existing gas/oil-fired boilers which are installed in the
hydronic heating system as well as wood fired stoves, oil/kerosene/gas/-
electric stoves and electric baseboard heaters.

Utilization of a De-Superheater for Hot Water Heating

Some residential brine-to-water and water-to-water heat pump units are
equipped with a de-superheater, which utilizes the high temperature dis-
charge gas from the compressor for heating of DHW. The heat exchanger
is either a finned or smooth tube-coil which is an integral part of a single-
shell DHW tank, or a plate heat exchanger, which is connected to a single-
shell DHW tank by means of a closed water-loop. A small inverter
controlled pump is required for the latter system in order to circulate the
water through the water-loop. Figure 2.5 shows the principle of a resi-
dential heat pump unit equipped with a de-superheater.

17



2 — Technological Status

f

\

7 3

SH system 4 DHW system
N\

U De-super-
Condenser heater (L)

<>) Compressor A4 Single-shell

. DHW tank
Suction gas
heat exchanger

.
o=

Evaporator

& /_\[ 1 _@ ):|: City water

Figure 2.5 Principle of a residential heat pump unit equipped with a de-
superheater for DHW heating.

The heating capacity of the de-superheater typically constitutes 15 to 20%
of the total heating capacity of the heat pump unit. Since the temperature
of the discharge gas for a residential brine-to-water or water-to-water heat
pump unit is typically 30 to 40 K higher than the condensation tempe-
rature, a DHW temperature of 60 to 70°C can be obtained even when the
heat pump supplies heat to a low-temperature space heating system.

The main drawback of this system design is that heat can only be supplied
from the heat pump unit to the DHW system as long as the compressor is
running, and the DHW production is therefore inevitably linked to the
space heating demand of the house. Under design conditions, the com-
pressor will be running continuously, and cover the entire DHW demand.
With a decreasing heating demand, however, the thermal storage capacity
of the accumulator tank will lead to rather long off-periods for the
compressor and limited DHW heating. Consequently, in modern well-
insulated houses with moderate space heating demands, a heat pump unit
equipped with a de-superheater will cover less of the annual DHW heating
demand than that of a heat pump unit where the condenser heat is used for
preheating of DHW.

Heat Pump System for Preheating and Reheating of DHW

A more energy efficient but more complex alternative to the heat pump
systems presented in Figures 2.4 and 2.5, is to use the condenser for pre-
heating of the DHW and a de-superheater for reheating. The principle of a
possible system design is presented Figure 2.6.
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Figure 2.6  Principle of a residential heat pump system for space heating
and DHW heating. The DHW is preheated and reheated by
means of heat from the condenser and the de-superheater.

2.4.3 Technological Status of Residential CO»
Heat Pumps

Owing to the favourable environmental and thermophysical properties of
carbon dioxide (CO,, R-744), many universities, research institutions and
companies have in recent years been analysing and testing various types
of residential CO, heat pump systems. The systems include heat pump
water heaters, brine-to-water heat pumps for retrofitting in high-tempe-
rature radiator systems, air-to-water heat pumps in low-temperature heat
distribution systems, monovalent air heating systems and reversible air-to-
air heat pumps (air-conditioners).

2.4.3.1 CO;,; Heat Pump Water Heaters

Lorentzen (1994) reintroduced CO; as a working fluid, and demonstrated
that the production of DHW is one of the most promising applications for
the transcritical CO, heat pump process. The high energy efficiency of the
CO; heat pump water heater is due to the good temperature fit between the
CO, and the water in the counter-flow gas cooler, the excellent heat
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transfer properties of CO, and the high compressor efficiency (ref.
Appendix A, CO; as a Working Fluid in Heat Pumps). Another advantage
of the CO, heat pump water heater is the capability of supplying high-
temperature DHW, which eliminates the requirement for supplementary
heating.

In recent years, a number of prototype CO, heat pump water heaters have
been tested. Virtually all installations have been single-stage units using a
low-pressure liquid receiver (LPR), a suction gas heat exchanger and a
counter-flow tube-in-tube gas cooler. The principle of the CO, heat pump
water heater is presented in Figure 2.7.

COMPRESSOR
1; 24 Hotwater
consumption
(50 to 55°C)
60 to 85°C
—
EVAPO-
RATOR
SINGLE-SHELL
<+ HOT WATER
SUANVE City water
I I (5 to 25°C)
2 <

HEAT EXCHANGER

Figure 2.7 Principle of a CO, heat pump water heater.

Neksa et al. (1998) tested a 50 kW CO, heat pump water heater. The COP
for the unit ranged from about 3.0 to 4.3 when the set-point for the DHW
was 60°C and the evaporation temperatures ranged from -20 to 0°C. At
80°C DHW temperature and 0°C evaporation temperature, the measured
COP was about 3.6. The optimum gas cooler (high-side) pressure ranged
from about 9 to 11 MPa bar at DHW temperatures between 60 and 80°C.

CO; heat pump water heaters in the capacity range from 5 to 20 kW have
been investigated by, among others, Rieberer and Halozan (1997), Hwang
and Radermacher (1998) and Saikawa and Hashimoto (2000). The mea-
sured COPs of the prototype units are in the same range as for the CO,
heat pump unit which was tested by Neksa et al.
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In 2001, Denso Corporation Ltd. in Japan was the first company to start
commercial production of a residential air-source CO, heat pump water
heater. The 4.5 kW unit delivers 85°C DHW, and the measured SPF in
Tokyo climate is reported to be above 3 (Saikawa and Hashimoto, 2000).
Due to the considerable market for heat pump water heaters in Japan,
several other Japanese companies have also started production of CO,
heat pumps based on the same type of technology (www.shecco.com).

2.4.3.2 CO, Heat Pumps for Retrofitting in High-Tempe-
rature Heat Distribution Systems

Brandes and Kruse (2000) investigated the possibility of using CO, heat
pumps for retrofitting of residential oil-fired boilers installed in high-
temperature radiator systems. In the theoretical study, both single-stage
and two-stage CO, heat pumps were considered, but the 25% increase in
COP could not be justified by the higher first costs of the two-stage
system. A suction gas heat exchanger was not recommended owing to the
marginal impact on the COP.

The performance of the CO, heat pump was calculated at different tempe-
rature regimes in the radiator system, including 90/70°C, 70/50°C,
50/40°C and 35/30°C. In Berlin climate, the estimated SPF for an air-to-
water CO, heat pump installed in a 70/50°C system was about 2.8 when
running the system at optimised high-side pressure, and about 2.6 when
the high-side pressure was kept constant at 10.5 MPa. This was typically
10 to 25% lower than that of the state-of-the-art air-to-water heat pumps.
However, by reducing the water flow rate in the heat distribution system
by approximately 65%, the supply and return temperatures at design
conditions were altered from 70/50°C to 93/40°C. Due to the reduced CO,
outlet temperature from the gas cooler, the SPF increased by about 15%.
For the 93/40°C system, the optimum high-side pressure ranged from
about 8.5 to 11.5 MPa at varying heat source and heat sink temperatures.

A prototype CO, air-to-water heat pump was designed and tested. The
measured COP for the 93/40°C system was about 10 to 18% higher that
that of the theoretical system. Hence, the CO, unit was more energy
efficient than the best residential air-to-water heat pump on the market.
The main reason for the improved COP was that the prototype achieved a
lower temperature approach (AT a), than presupposed in the calculations.

2 The temperature approach is the difference between the CO, outlet temperature and the
inlet temperature of the heat sink for a counter-flow gas cooler.

21



2 — Technological Status

2.4.3.3 CO; Heat Pumps in Combination with Low-
Temperature Heat Distribution Systems

Kerherve and Clodic (2002) compared the performance of a state-of-the-
art R-407C air-to-water heat pump unit with a prototype CO, heat pump
unit. Heating capacities and COPs at various operating conditions for the
R-407C unit were based on experimental data from the manufacturer.
During testing of the CO, heat pump unit, the supply and return tempera-
tures in the hydronic heat distribution system were either 32/28°C (floor
heating system) or 47/43°C (convector system). The inlet temperature to
the evaporator was varied from -15 to +7°C in each test series, and opti-
mum high-side pressure control was used in all experiments.

The COP of the R-407C unit was higher than that of the CO, system at
ambient air temperatures higher than -10°C, and at +7°C the difference
was 25%. The main reason for the inferior energy efficiency of the CO,
heat pump unit was the poor temperature fit in the gas cooler and the
subsequent high CO, temperature before throttling. The only advantage of
the CO, system was that the heating capacity diminished less rapidly than
that of the R-407C system at ambient air temperatures below -5°C.

The test data were used to estimate the SPFs for the heat pump units when
they were supposed to cover the heating demand of a typical 140 m? house
situated in different climatic regions in France. In the calculations it was
presupposed that the heat pumps were operated as monovalent systems.
The calculated SPF for the R-407C unit was in average 25% higher than
that of the CO, unit. Since the CO, heat pump had the highest heating
capacity at lower ambient air temperatures, the difference in SPF would
have been less pronounced if the units had been operated as bivalent
heating systems using an external heater to cover the peak load demand.

2.4.3.4 A Monovalent Air-Heating System Using an Air-
to-Air CO, Heat Pump Unit

Rieberer and Halozan (1998) investigated a monovalent air-heating
system, which was designed to cover the transmission and ventilation
losses in modern low-energy houses equipped with a balanced ventilation
system. The heating system consisted of a ground heat exchanger, an air-
to-air heat exchanger for heat recovery as well as an air-to-air CO, heat
pump unit. Figure 2.8 shows the principle of the system.
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Figure 2.8  Principle of the residential monovalent air-heating system.

The ambient air is preheated in the ground heat exchanger before it enters
the CO, evaporator and the exhaust air heat exchanger. The preheated air
is then heated to the desired supply temperature in the CO, condenser.
Depending on the specific transmission loss of the house, the air exchange
rate and the outdoor temperature, the required supply temperature for the
air will typically range from 25 to 50°C. Owing to the low temperature of
the inlet air, heat will be given off at a subcritical pressure.

The combination of a relatively low inlet air temperature in the condenser
and a considerable temperature glide during heat rejection, results in an
energy efficient heat pump cycle. When operating at a constant subcritical
pressure of 7 MPa, the calculated SPF for the air heating system was
approximately 6.2 in an Austrian climate. By utilizing optimum high-side
pressure control the SPF increased about 5%.

Due to the high energy efficiency, the air heating system represents an
interesting alternative to ground-coupled heat pumps in combination with
low-temperature floor heating systems. However, the air heating system
has several disadvantages:
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The DHW heating demand must be covered by a separate heating
system.

The thermal comfort will be less satisfactory than in houses equipped
with low-temperature floor heating systems, since the warm supply
air may create relatively large temperature gradients in the rooms.

The ventilation efficiency will probably be reduced compared to con-
ventional balanced ventilation systems, since the temperature of the
supply air will be typically 5 to 30 K higher than the room tempe-
rature.

There is a risk that bacteria and fungus in the ground heat exchanger
may contaminate the inlet air. If the ground heat exchanger is
omitted from the heating system, auxiliary heating will be required to
maintain the room temperature at low ambient temperatures.
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3 Theoretical Background
and System Analysis

The initial part of this chapter provides a general analysis of the perfor-
mance for the transcritical CO, heat pump cycle, and discusses operational
characteristics for an integrated brine/water-to-water CO, heat pump unit
using a tripartite gas cooler for preheating of domestic hot water (DHW),
space heating and reheating of DHW. The theoretical framework for an
exergy analysis of the heat pump system is also presented. The last part of
the chapter presents the principle design and the main operational charac-
teristics of the DHW system, and provides an analysis of the exergy losses
in the DHW storage tank. The application of a movable insulating plate,
that reduces the conductive heat transfer inside the DHW tank and elimi-
nates the mixing of hot and cold water, is also analysed.

All calculations in this chapter have been performed by means of Micro-
soft Excel. The Span and Wagner (1996) equation of state was used for
the thermodynamic properties of CO,.

3.1 Introduction

Designing an integrated CO, heat pump system is a multi-variable
problem, partly due to the strong interaction between the performance of
the heat pump unit and the operational characteristics of the space heating
and DHW systems. An integrated heat pump system can be designed for
high energy efficiency, but in the design process there will always be a
trade-off between first costs and technical solutions that reduce the
thermodynamic losses in the system. In general, residential heat pump
systems should have a simple design in order to be competitive with low-
priced conventional heating systems. As a consequence, the theoretical
analysis has been limited to single-stage heat pumps, since the higher
coefficient of performance (COP) of a two-stage unit does not outweigh
the additional investment costs (Brandes and Kruse, 2000).
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Reference is made to Appendix A, CO, as a Working Fluid in Heat
Pumps, regarding a presentation of important physical and thermophysical
properties of CO,, main design parameters, compressor and heat
exchanger performance for residential CO, systems (literature review) and
the effects of gas cooler (high-side) pressure control on system performance.

3.2 The CO, Heat Pump Unit
3.2.1 Theoretical Reference Cycles

3.2.1.1 The Modified Lorentz Cycle

For conventional heat pump cycles, where heat is absorbed and given off
at practically constant temperatures, the reversed Carnot cycle is used as
the theoretical reference cycle. However, for the transcritical CO, cycle,
where heat is given off at a gliding temperature, the modified Lorentz
cycle is more suitable as the theoretical reference cycle (Klocker, 1998).
This cycle is characterized by the following changes of state:

1 -2, Isentropic compression
2,—3  Isobaric heat rejection (gliding temperature)
3 -4, Isentropic expansion

4,—1  Isothermal heat absorption

Figure 3.1 shows the principle of the modified Lorenz cycle in a Tempera-
ture-entropy (T-s) diagram.
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Figure 3.1  Illustration of the modified Lorenz cycle (Klocker, 1998).
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With reference to the definition of the COP of the reversed Carnot cycle
(Gosney, 1982), the COP of the modified Lorentz cycle is defined as:

COPLZ =—"m _ and T, = —TZS _ T3 (3.1)

m
Tm _TO In k
T3

T25 B T3

which gives

COP,, =

(3.2)
(TZS _Ts)_To 'In[TI.ZSJ

3

where the subscripts 2s and 3 refer to the inlet and outlet temperature of
the heated fluid (heat sink), Ty is the temperature of the heat source and
Ty is the thermodynamic average temperature during heat rejection.

Whereas the Carnot efficiency is often used as a measure for the thermo-
dynamic efficiency of conventional heat pump cycles, the Lorentz effi-
ciency can be used for the transcritical CO, cycle. The Lorentz efficiency
is defined as (Klocker, 1998):

_ COPyp
~ COP,

Nz (3.3)

where the subscript HP refers to the real CO, heat pump cycle.

Table 3.1 shows, as an example, the measured COP of residential CO,
heat pumps for low-temperature space heating (Kerherve and Clodic,
2002) and hot water heating (Saikawa and Hashimoto, 2000) as well as
the calculated Lorentz COP (COP, ;) and the Lorentz efficiency (1) for
the systems.

Table 3.1 clearly demonstrates that the thermodynamic losses in a CO,
heat pump water heater are considerably smaller than in a CO, heat pump
system for low-temperature space heating. The 25% higher Lorentz effi-
ciency of the heat pump water heater is caused by the better temperature
fit between the high-pressure CO, and the water in the counter-flow gas
cooler (ref. Appendix A2.4, Optimum High-Side Pressure when Incorpo-
rating Real Gas Cooler Performance).
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Table 3.1  Measured COPs as well as calculated Lorentz COPs and
Lorentz efficiencies for residential CO, heat pumps for low-
temperature floor heating (Kerherve and Clodic, 2002) and
heating of DHW (Saikawa and Hashimoto, 2000).

Heating Demand To T Ts COPyp COP.2 Nz
Space heating 0°C 32°C 28°C 32 10.1 0.32
DHW heating 0°C 85°C 10°C 3.0 6.9 0.43

3.2.1.2 The ldeal Lorentzen Cycle

For conventional heat pump systems with subcritical heat rejection, the
ideal Evans-Perkins cycle is normally used as the ideal reference cycle.
Halozan and Ritter (1994) proposed to use the ideal Lorentzen cycle as the
ideal reference cycle for the transcritical CO, cycle. This cycle has the
following changes of state:

1 -2, Isentropic single-stage compression to supercritical pressure
2s—3  Isobaric supercritical heat rejection (gliding temperature)
3-4 Isenthalpic expansion

4-1 Isothermal heat absorption

Figure 3.2 shows the principle of the ideal Lorentzen cycle in a Tempera-
ture-entropy (T-s) diagram.
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Figure 3.2  Illustration of the ideal Lorentzen cycle in a T-s diagram.
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When comparing a real transcritical CO, heat pump cycle with the ideal
Lorentzen cycle, the temperature approach' at the gas cooler outlet in the
ideal cycle is assumed to be zero. A fundamental problem arises, however,
regarding the selection of the gas cooler (high-side) pressure for the ideal
cycle, since the CO, outlet temperature from the gas cooler, the heating
capacity and the COP of a real transcritical CO, heat pump cycle are all
affected by the high-side pressure (ref. Appendix A2.3 and A2.4). Since
there is no acknowledged method for determining the required high-side
pressure in an ideal Lorentzen cycle at fixed temperature conditions for
the heat sink, the high-side pressure of the ideal cycle must be set as the
high-side pressure of the real cycle.

Figure 3.3 shows the COP of the ideal Lorentzen heat pump cycle as a
function of the CO, outlet temperature from the gas cooler and the high-
side pressure. The evaporation temperature is 0°C.

0

5 10 15 20 25 30 35 40
CO, Outlet Temperature [°C]

Figure 3.3 The COP for the ideal Lorentzen cycle as a function of the
CO; outlet temperature from the gas cooler and the high-
side pressure. The evaporation temperature is 0°C.

3.2.2 The Transcritical CO, Heat Pump Cycle

The real transcritical CO, heat pump cycle, which is often referred to as
the Lorentzen Cycle, is characterized by the following changes of state:

' The difference between the CO, outlet temperature and the inlet air/water temperature in
a counter-flow gas cooler is denoted the temperature approach (ATp).
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3.2.2.1

Figure 3.4 shows the calculated COP of a single-stage transcritical CO,
heat pump cycle as a function of the CO, outlet temperature from the gas
cooler and the high-side pressure. In the calculations it has been assumed
-5°C evaporation temperature, 5 K suction gas superheat, 60% isentropic
compressor efficiency and 10% heat loss from the compressor. These are
operating parameters that are typical for residential brine-to-water heat

pump units. The temperatures in the brackets are the CO, inlet tempera-

Irreversible polytropic non-adiabatic compression
Non-isobaric supercritical heat rejection (gliding temp.)
Non-isenthalpic (non-adiabatic) expansion
Non-isobaric (i.e. non-isothermal) heat absorption

Non-isobaric superheating of the suction gas

The Coefficient of Performance (COP)

tures for the gas cooler.

T ———10MPa

12 MPa : (112°C)
(132°C)

Figure 3.4

10 15 20 25 30 35 40
CO, Outlet Temperature [°C]

The COP for a single-stage transcritical CO, heat pump
cycle as a function of the CO, outlet temperature from the
gas cooler and the high-side pressure. The evaporation

temperature is -5°C.

From Figure 3.4 the following observation can be made:

+ Compared to the ideal Lorentzen cycle, the discharge gas tempera-
ture has increased by 25 to 35 K, whereas the COP has dropped by

roughly 40 to 45% at CO, outlet temperatures below 30°C.
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+ In order to achieve a high COP for the transcritical CO, heat pump
cycle, useful heat has to be rejected over a wide temperature range
(i.e. a large temperature glide for the CO,), and the resulting CO,
outlet temperature from the gas cooler as well as the high-side
pressure must be relatively low.

+ At temperatures and high-side pressures relatively close to the
critical values, the COP curves are very steep and even minor varia-
tions in the CO, outlet temperature from the gas cooler lead to a
significant change in the COP (ref. Appendix A2.3, Optimum High-
Side Pressure at Constant CO, Outlet Temp. from the Gas Cooler).

+ At CO,; outlet temperatures below 30°C, the COP curves are virtually
linear, and the COP increases on average by roughly 1% per degree
Kelvin drop in the CO, outlet temperature.

¢+ At CO, outlet temperatures below 30°C, the COP increases by
roughly 1.5 to 3.5% per 0.1 MPa drop in the high-side pressure.

+ In order to achieve a COP of 3.5, the CO, outlet temperature from
the gas cooler must be lower than 8 to 24°C at high-side pressures
ranging from 8 to 10 MPa, respectively. When assuming a minimum
CO; outlet temperature of 10°C, a COP above 4 can only be achieved
at high-side pressures below approximately 8.2 MPa.

The COP of a transcritical CO, heat pump is heavily affected by the eva-
poration temperature and the isentropic efficiency of the compressor. This
is illustrated in Figures 3.5 and 3.6, where the high-side pressure is kept
constant at 9 MPa and the other boundary conditions are as in Figure 3.4.

At CO; outlet temperatures below 30°C, the COP increases by roughly
2.5% per degree Kelvin rise in the evaporation temperature, whereas the
COP increases on average by 1.2% per percentage points rise in the isen-
tropic compressor efficiency.

Since the COPs for the transcritical CO, heat pump cycle and the conven-
tional subcritical heat pump cycle are depending on the temperature
requirements and heating demands for the space heating and DHW
systems, the component performance (ref. Appendix Al.5, Compressor
Performance, and A1.6, Heat Exchanger Performance) as well as the
system design, it is impossible to make a general comparison of the
system performance for the cycles.
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Figure 3.5  The COP of a transcritical CO, heat pump as a function of
the CO; outlet temperature from the gas cooler and the
evaporation temperature. The high-side pressure is 9 MPa,
and the other boundary conditions are as in Figure 3.4.
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Figure 3.6 The COP of a transcritical CO, heat pump as a function of
the CO, outlet temperature from the gas cooler and the
isentropic efficiency. The high-side pressure is 9 MPa, and
the other boundary conditions are as in Figure 3.4.
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3.2.2.2 The Volumetric Heating Capacity

Figure 3.7 demonstrates how the volumetric heating capacity [kJ/cm’] of a
single-stage transcritical CO, heat pump cycle is affected by the CO, out-
let temperature from the gas cooler and the high-side pressure. The tempe-
ratures in the brackets are the CO, inlet temperatures for the gas cooler,
and the boundary conditions for the calculations are as in Figure 3.4.

T
12 MPa 10 MPa 9 MPa
(132°C) (112°C) (104°C)

0.020 +
0.015 +
0.010 +

0.005 |

E Variable high-side pressure
| |

0.000 Fr b
5 10 15 20 25 30 35 40

CO, Outlet Temperature [°C]

Volumetric Heating Cap. [kd/cm?]

Figure 3.7 The volumetric heating capacity of a transcritical CO, heat
pump cycle as a function of the CO, outlet temperature
from the gas cooler and the high-side pressure. The boun-
dary conditions are as in Figure 3.4.

At CO, outlet temperatures below 30°C the volumetric heating capacity of
the heat pump increases by roughly 1% per degree Kelvin drop in the CO,
outlet temperature.

Figure 3.8 shows how the evaporation temperature affects the volumetric
heating capacity of the CO, heat pump when the high-side pressure is kept
constant at 9 MPa and the other boundary conditions are as in Figure 3.4.

At CO; outlet temperatures below 30°C, the volumetric heating capacity
increases on average by 2% per degree Kelvin rise in the evaporation
temperature. The capacity variations are mainly due to the variations in
the CO, vapour density at the compressor inlet. When incorporating the
volumetric efficiency of the compressor, the relative variations in the
absolute heating capacity will be even more pronounced than the varia-
tions in the volumetric heating capacity.
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Figure 3.8 The volumetric heating capacity as a function of the CO,
outlet temperature from the gas cooler and the evaporation
temperature. The high-side pressure is 9 MPa, and the
other boundary conditions are as in Figure 3.4.

3.2.3 Gas Cooler Configurations

The main operating modes of an integrated CO, heat pump system are:

+ Simultaneous space heating and hot water heating (combined mode)
+ Hot water heating only (DHW mode)
+ Space heating only (SH mode)

The CO, outlet temperature after rejection of useful heat in the gas cooler
should be as low as possible in order to achieve a high COP for the
system. The CO, outlet temperature is mainly determined by:

+ The characteristics of the fluids to be heated (heat sinks):
O the inlet temperatures (or temperature set-points)
0 the CP-values (ref. Appendix A2.4)

+ The design and configuration of the gas coolers

+ The compressor discharge temperature:
O the suction pressure and temperature
O the high-side pressure

0 the isentropic efficiency and heat loss for the compressor
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¢+ The CO, mass flow rate:
0 the suction pressure and temperature
0 the compressor swept volume and rotational speed
0 the volumetric efficiency of the compressor

+ The high-side pressure (ref. Appendix A2.4)

There is a close interaction between the operational characteristics of the
space heating and DHW systems, the configuration of the gas cooler units
and the performance of the CO, heat pump system. Figure 3.9 shows the
principle of the following gas cooler configurations:

a) Parallel connection of two gas cooler units for space heating (SH)
and hot water heating (DHW).

b) Serial connection of two gas cooler units for space heating (SH) and
hot water heating (DHW), where the DHW gas cooler is located
before the SH gas cooler.

c¢) Serial connection of two gas cooler units for space heating (SH) and
hot water heating (DHW), where the DHW gas cooler is located after
the SH gas cooler.

d) Serial connection of three gas cooler units for preheating of hot water
(DHW-P), space heating (SH) and reheating of hot water (DHW-R).

The proposed gas cooler configurations will lead to the same CO, outlet
temperature in the space heating (SH) mode and the DHW mode, as long
as the operating conditions and the total heat transfer surfaces for the gas
cooler units are identical. When applying counter-flow heat exchangers,
the theoretical limit for the CO, outlet temperature for each gas cooler will
be the inlet water temperature. For the parallel gas cooler configuration
(a), the resulting CO, temperature Tq at the outlet of the gas coolers in the
combined heating mode is calculated as:

m, -hy, +m; -h,
(rh2+rh3)

ha(Tg.Pg) = (3.4)

where the subscripts refer to Figure 3.9, p is the supercritical pressure, h is
the specific enthalpy, and m is the CO, mass flow rate. As an example, at
equal mass flow rates, 10 MPa high-side pressure and CO, outlet tempera-
tures of 30 and 10°C for the SH and DHW gas cooler units, respectively,
the resulting CO, temperature will be approximately 21°C.
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Figure 3.9  Principle of the gas cooler configurations of current inte-

rest for an integrated CO, heat pump unit. SH=space
heating, DHW=hot water heating, DHW-P=preheating of
hot water and DHW-R=reheating of hot water.

Table 3.2 summarizes the most important characteristics for the different
gas cooler configurations with regard to design, thermal performance as
well as capacity and temperature control.
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Table 3.2 Presentation of important characteristics for the gas cooler
configurations displayed in Figure 3.9.

@ (b) © (d)

Parallel Serial Serial Serial
High temperature space
heating possible (>60°C)? Yes No Yes No
Production of 60 to 80°C
DHW possible? Yes Yes No Yes
Theoretical minimum for Minimum Return temp.  City water City water
the CO, outlet temp. for Eq. 3.4 SH system temperature  temperature
No. of gas cooler units 2 2 2 3
Thermal interaction
between the GC " units? No Yes Yes Yes
Control valve(s) for CO, Yes No/Yes No/Yes No/Yes

distribution required?

Means of capacity control Compressor
Compressor ~ Compressor  Compressor

for the CO, circuit(s) and valves

Means of temp. control Pumps, fans ~ Pumps, fans  Pumps, fans  Pumps, fans
for the secondary systems and valves and valves and valves and valves
Technical complexity Lower Lower Lower Higher

1) Gas cooler

The different gas cooler configurations have distinct advantages and
drawbacks regarding the temperature limits for space heating and DHW
heating as well as the maximum attainable COP for the CO, heat pump.

+ Configuration a) enables simultaneous high-temperature space and
DHW heating, but the COP will be lower than that of configurations
¢) and d).

+ Configuration b) enables production of high-temperature DHW, but
the COP will be lower than that of configurations ¢) and d). A low-
temperature space heating system is also required.

+ Configuration ¢) may lead to the same COP as configuration d), but
it is incapable of producing high-temperature DHW.

+ Configuration d) enables production of high-temperature DHW, and
may lead to a high COP for the CO, heat pump due to the serial
connection of three gas cooler units. The configuration is only appli-
cable together with a low-temperature space heating system.
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Only the tripartite gas cooler configuration (d) has been further analysed,
since it is capable of producing high-temperature DHW and contributes to
the highest possible COP for the CO, heat pump unit.

3.2.4 Application of a Tripartite Gas Cooler
3.2.4.1 Principle System Design

Figure 3.10 shows a possible design for an integrated CO, heat pump unit
equipped with a counter-flow tripartite gas cooler for preheating of DHW
(A), low-temperature space heating (B) and reheating of DHW (C).

SUCTION COMPRESSOR

GAS HX {Q\
: N -
| \ 4 Reheating DHW

GAS
COOLER (C) | =

.
>

A Oil return A =-=-1(b)
A |
! >
1
GAS + Space
— COOLER (B) | heating L S
Heat EVAPO- ' .
source RATOR g ©
Y

Y
GAS .
A COOLER (A) g Preheating DHW

BACK-PRESSURE

VALVE @
® -

Figure 3.10 Principle of an integrated CO, heat pump unit for com-
bined space heating and heating of DHW.

A low pressure receiver (LPR) system in combination with an automatic
back-pressure valve can be used to control the supercritical pressure (ref.
Appendix A2.2, Methods of Controlling the High-Side Pressure). The
main purpose of the suction gas heat exchanger is to evaporate any CO,
liquid from the oil return system and thus prevent liquid slugs in the
compressor. The gas cooler units A and C are connected to a DHW
system, which is described and analysed in Section 3.3. Gas cooler unit B
is a water-cooled counter-flow heat exchanger, which is connected to a
low-temperature hydronic heat distribution system with radiant floor
heating, convectors or fan-coils.
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3.2.4.2 Operational Characteristics

Simultaneous Space Heating and Hot Water Heating (Combined Mode)

An important parameter for the CO, heat pump unit in the combined mode
is the DHW heating capacity ratio, which is defined as:

Qorw_p + Qohw_r

Qprw-p + Qorw r + Qsn

E_:DHW—HC =

(3.5)

where the subscripts SH, DHW-P and DHW-R refer to space heating,
preheating of DHW and reheating of DHW, respectively. The DHW
heating capacity ratio is determined by the temperature levels and mass
flow rates for the space and DHW systems, the discharge gas temperature
from the compressor, the high-side pressure, the CO, mass flow rate and
the heat transfer area and geometry for the three gas cooler units.

In Figure 3.11, the supercritical heat rejection process in the combined
mode is illustrated in a temperature-enthalpy (T-h) diagram. At 8.5 MPa
high-side pressure, heat is supplied to a low-temperature floor heating
system at 35/30°C supply/return temperatures and a DHW system where
the inlet water temperature and set-point temperature are 6.5°C and 70°C,
respectively. At the actual gas cooler design and operating conditions, the
DHW heating capacity ratio is about 45%.

110 110
. { | @&—® CO, - 8.5 MPa (a-b-c-d) -
Y A
"’\_/ 90 {{ O———0O Preheating of DHW a 90
5 i B . I -
“5-‘ O====0 Low-temperature space heating !
s 70 H C ) 70
5 O———0 Reheating of DHW ’///
Q. 4 | L
£ b |
(9]
~ 50 i 50
/ o
30 30
10 10
-10 T T T T T T T -10
450 500 550 600 650 700 750 800 850

Specific Enthalpy, h (kJ/kg)

Figure 3.11 Illustration of the heat rejection process for a tripartite gas
cooler operating in the combined mode. The high-side
pressure is 8.5 MPa.
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The slope of the CO, isobar (0T/ch), in the T-h diagram is the inverse of
the isobaric specific heat capacity of the CO,, whereas the slope of the
process lines for preheating of DHW (A), low-temperature space heating
(B) and reheating of DHW (C) are calculated as:

T _[Meoz | 1
oh [rhW ] c (36

p

where Mg, and My, are the mass flow rates for the CO, and water, respec-
tively, and ¢, is the average specific heat capacity of water at the actual
temperature range.

The heat rejection process in the tripartite gas cooler can alternatively be
displayed in a temperature-heat (T-Q) diagram as illustrated in Figure
3.12 (ref. Appendix A2.4). In the example, the high-side pressure is 9.5
MPa, the supply/return temperatures for the space heating system are
40/35°C, and the inlet city water temperature and set-point temperature for
the DHW system are 6.5°C and 70°C, respectively.

110 110
{1 | &—8 CO, - 9.5 MPa (a-b-c-d)

a |
A i
90  o—=—0 Preheating of DHW / 90
1/0=- B O Low-temperature space heating / 3 i
01 o—< i >—+170
O————0 Reheating of DHW |
1 b : L
50 : ‘ 50

30 : : —+30
| J// | ot
10 : : 110

R ATAI_C‘/ ' ! |
] ¢— Qppw.p — e Qgy %AAT QpHw-R ——»
1 2 3 4 5 6 7

Temperature, T (°C)

-10

-10
8

Heat, O (kW)

Figure 3.12 Illustration of the heat rejection process for a tripartite gas
cooler operating in the combined mode. The high-side
pressure is 9.5 MPa.

The main advantage of the T-Q diagram is that the heating capacities of

the three gas cooler units, the evaporator capacity and the compressor
power input can be read directly off from the abscissa.
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From Figures 3.11 and 3.12 as well as Appendix A2, The Transcritical CO,
Heat Pump Cycle, the following observations and comments can be made:

+ At moderate high-side pressures, the CO, isobar has a sway-backed
shape, and the heat rejection process is quite similar to a conven-
tional heat pump cycle with de-superheating (a-b), condensation
(b-c) and sub-cooling (c-d) of the working fluid.

+ The counter-flow tripartite gas cooler enables production of high-
temperature DHW, and the CO, outlet temperature before throttling
may be considerably lower than the return temperature in the space
heating system.

+ For a fixed gas cooler design, the CO, outlet temperature from the
tripartite gas cooler, and with that the heating capacity and COP of
the heat pump unit, is heavily affected by the temperature levels in
the space heating and DHW systems.

+ Due to the serial connection of the counter-flow gas cooler units,
changes in heat transfer areas or boundary conditions for one of the
gas cooler units will influence the heating capacity and the tempe-
rature profiles for the two other units.

+ As aresult of the variation in the specific heat capacity at pressures
and temperatures near to the critical point, the high-side pressure will
affect on the temperature differences between the supercritical CO,
and the fluids to be heated, and with that the heating capacity of each
of the three gas cooler units. Consequently, for an integrated CO,
heat pump system there is an optimum high-side pressure that will
lead to a maximum COP (ref. Appendix A2.4).

+ By using a tripartite gas cooler, a small temperature approach (AT,)
may be achieved at a moderate high-side pressure, which in turn will
lead to a large heating capacity and a moderate power input to the
compressor. As a consequence, the COP of an integrated CO, heat
pump in the combined mode may be even higher than that of the
DHW mode, where the optimum high-side pressure typically ranges
from 10 to 12 MPa (Neksa et al., 1998).

Hot Water Heating Only (DHW Mode)

The heat rejection process in the DHW mode is illustrated in a T-h dia-
gram in Figure 3.13. The high-side pressure is 10 MPa, while the city
water and DHW set-point temperature are 6.5°C and 70°C, respectively.
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Figure 3.13 Illustration of the heat rejection process for a tripartite gas
cooler operating in the hot water heating (DHW) mode.
The high-side pressure is 10 MPa.

The two gas cooler units for preheating and reheating of DHW will
perform as a single unit since no heat is delivered to the space heating
system. The high-side pressure must be higher than that of the combined
mode in order to move the pinch-point to the CO, outlet of the gas cooler,
and with that obtain a small temperature approach. Reference is made to
Appendix A2.4 and Neksa et al. (1998) for a further discussion on
operational characteristics of CO, heat pump water heaters.

Space Heating only (SH Mode)

The heat rejection process in the SH mode is illustrated in a T-h diagram
in Figure 3.14. The high-side pressure is 8.5 MPa, and heat is given off to
a low-temperature floor heating system at 35/30°C supply and return
temperatures.

Whereas the theoretical minimum CO, outlet temperature from the tri-
partite gas cooler in the combined mode and the DHW mode is the inlet
water temperature for the DHW system, the CO, outlet temperature in the
SH mode is limited by the return temperature in the space heating system.
A low-temperature floor heating system may achieve a minimum return
temperature in the order of 28 to 30°C (ref. Section 2.3, Hydronic Heat
Distribution Systems).
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Due to the bad temperature fit between the supercritical CO, and the water
in the floor heating system and the consequent high average temperature
difference, the COP will be lower than that of a conventional heat pump
cycle where heat is given off at constant temperature by condensation of
the working fluid (Kerherve and Clodic, 2002).
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Figure 3.14  Illustration of the heat rejection process for a tripartite gas
cooler operating in the SH mode. The high-side pressure is
8.5 MPa.

30

3.2.4.3 Design of the Tripartite Gas Cooler

Designing a tripartite gas cooler for an integrated CO, heat pump unit is
an iterative optimization process, since there are tight reciprocal connec-
tions between the set-point temperatures for the secondary systems and
the heat transfer surfaces for the three gas cooler units on one hand, and
the required heating capacity, the DHW heating capacity ratio, the high-
side pressure and finally the COP on the other hand. One of the main
goals in the design process, is to obtain the largest possible temperature
glide during heat rejection (i.e. a large enthalpy difference) at the lowest
possible high-side pressure (i.e. a moderate compressor power input)
during operation in the different modes.

Figure 3.15 shows the principle of the heat rejection process in the

tripartite gas cooler as well as an overview of the main variables and input
parameters.
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Figure 3.15 Principle of the heat rejection process in the tripartite gas

cooler in the combined mode and an overview of the main
variables and input parameters.

When the suction state and the compressor characteristics are known, the
main input parameters and variables in the design process comprise:

The main input parameters at design conditions are:

*

44

the operating mode (Combined mode, DHW mode or SH mode)
the required space heating capacity (QSH)

the required DHW heating capacity (QDHW)

the supply temperature in the space heating system (Tsy-out)

the return temperature in the space heating system (Tgp.in)

the set-point for the DHW temperature (Tpnw)

the city water temperature (Tcw)
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The main variables are:

+ the high-side pressure (Pac)

+ the inlet CO, temperature (Tcoy)

+ the CO, mass flow rate (M¢g,)

+ the water flow rate in the space heating circuit (mg,)

+ the water flow rate in the DHW circuit (mMp,, )

+ the heat transfer surface for space heating gas cooler (Asy)

«+ the heat transfer surface for the DHW preheating gas cooler (Appw-p)

«+ the heat transfer surface for the DHW reheating gas cooler (Appw-r)

3.2.4.4 Testing of a Prototype Heat Pump — Modelling

In order to document the performance and study the operational charac-
teristics of an integrated CO, heat pump, a 6.5 kW prototype brine-to-
water heat pump system was constructed and tested. The design of the test
rig and the test programme are described in Section 4.1, Testing of a
Residential Brine-to-Water CO, Heat Pump Unit, whereas the results are
presented and analysed in Section 5.1, Testing of a Residential Brine-to-
Water CO, Heat Pump Unit, and Section 7.1, Main Findings from the
Experiments and the Simulations.

A steady-state computer model for a tripartite counter-flow tube-in-tube
CO, gas cooler was also developed in order to analyse and supplement the
measurements from the heat pump test rig. The thermodynamic basis and
the mathematical background for the model as well as the simulation
results are presented in Section 6.1, Modelling of CO, Heat Pumps Using
a Tripartite Gas Cooler.

3.2.5 Exergy Analysis

3.2.5.1 Theoretical Framework

The thermodynamic losses for an integrated CO, heat pump system can be
quantified by employing an exergy analysis (Haukas, 1992). The total
exergy loss in W for each component or subsystem is calculated as:
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AEtot = (EH,in - EH,out )+ (EQ,in - EQ,out )+ (EP,in - EP,out ) (3'7)

where the subscripts in and out refer to exergy transfer in and out of the
component or sub-system. The variables refer to exergy transfer due to
fluid flows (En), heat transfer (Eq) and transmission of electric power or
mechanical work (Ep) across the component/system boundary.

The exergy losses in W for the evaporator, the hermetic/semihermetic
compressor, the tripartite gas cooler, the expansion valve and the space
heating system are calculated as shown in Egs. (3.8) to (3.13). In the
equations, the subscripts H and C refer to the “hot” CO, flow and the
“cold” secondary flow (water), respectively. Here My, is the CO, mass flow
rate, Q is the heating capacity or heat load, P is the compressor power
input, Ty is the reference (ambient) temperature and T is the logarithmic
average temperature for the secondary flow.

The exergy loss for the evaporator (E) is calculated as:

AEE = rhH ' [(hH,in _hH,out)_TO '(SH,in _SH,out )] (3'8)

The exergy loss for the hermetic/semi-hermetic compressor (C) including
the motor efficiency and the heat loss from the compressor shell, is
calculated as:

AEC =P- rhH ’ [(hH,out - hH,in )_ TO : (SH,out - SH,in )]_ (3-9)
: T - T
[P —my '(hH,out —hpin )]%
HL

where THL is the resulting average air temperature when heat is given off
from the compressor shell due to non-adiabatic compression.

The total exergy loss for the tripartite gas cooler (GC) is calculated as:

=3 T.-T,

AEGC ZZ n"]H ’ [(hH,in _hH,out )_TO ’ (SH,in _SH,out )] _Q ' CT— (3.10)
n=1 C n

where n is the number of the gas cooler unit. The average temperature for
the cold flow (water) during the heat transfer process is calculated as:
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Tc . (TC,in —Teout )n (3.11)
' In[ TC,in J
TC,out n
The exergy loss for the expansion valve (EX) is calculated as:
AEgy =my- Ty '(SH,out _SH,in) (3.12)

The exergy loss for the space heating system (SH) is calculated as follows,
when the room temperature is denoted Tg.

AEg, =Qsy -HTCT_TOJ—(TRT_TO H (3.13)
C R

The exergy loss for the DHW supply is regarded to be zero, since the
DHW from the CO, heat pump is pumped directly to the DHW tank and
stored. Reference is made to Section 3.3.3, Exergy Losses in the DHW
Storage Tank, for a description of the exergy losses in the DHW tank due
to heat loss through the tank walls, mixing of hot and cold water during
tapping and charging of the tank and conductive heat transfer inside the
DHW tank.

The exergy analysis can also be extended to include the electric power
input to the circulation pumps for the heat source and heat distribution
systems, and the power input to the peak load unit(s) if the heat pump
system is designed as a bivalent heating system.

With reference to Eq. (3.7), the total exergy balance for the integrated
CO; heat pump system is expressed as:

z AEtot =Py — (E o-sH t EQ—DHW +EQ—HL ) (3.14)

where Py is the total power input to the compressor, pumps and peak load
unit(s), and Eq gy, Eq pyy and Eq yy represent the exergy content in W
for the space heating load, the DHW heating load and the heat loss from

the compressor, respectively. The exergy balance is illustrated in Figure 3.16.
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Figure 3.16  Illustration of the exergy balance for the entire system.

The different exergy losses for the integrated CO, heat pump system can
also be expressed as relative values by dividing the individual losses by
the total exergy loss of the entire system. As an example, the relative
exergy loss of the compressor is expressed as:

AE.
AEg + AE¢ + AE. + AEg, + AEg,

AE¢ o = ( J 100%  (3.15)

It should be emphazised that the different exergy losses in the integrated
CO, heat pump system are mutually dependent, which means that modifi-
cations in one part of the system will effect the absolute and relative
exergy losses in other components or sub-systems.

3.2.5.2 Exergy Analysis of the Prototype CO, Heat Pump

Section 7.2, Exergy Analysis of the Prototype CO, Heat Pump System,
presents the results from an exergy analysis of the prototype brine-to-
water CO, heat pump system during operation in the three different
operating modes at 33/28 and 40/35°C supply/return temperatures for the
space heating system and 60 and 80°C DHW temperature. The analysis
includes, among other things, a discussion of the possibilities for
efficiency improvements of the prototype CO, heat pump system.
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3.3 The Hot Water System

3.3.1 Overall Design Criteria

With reference to Section 2.4.2.2, Application of a DHW Storage Tank,
modern domestic hot water (DHW) systems are equipped with unvented
single-shell or double-shell storage tanks, which are designed to cover the
momentary and daily DHW demand in the house. The storage tempe-
ratures typically range from 60 to 85°C.

When designing the DHW system for an integrated CO, heat pump unit,
the main goal is to attain a large temperature glide for the supercritical
CO, during heat rejection, and with that a low CO, outlet temperature
from the DHW preheating gas cooler. Since a double-shell DHW tank
cannot utilise the thermodynamic benefit of two separate gas cooler units
operating at different temperature levels, the DHW system should be
equipped with a single-shell storage tank. In principle there are two ways
of integrating the two gas cooler units and the storage tank:

+ The gas cooler units are made an integral part of the storage tank,
which means that the heat exchangers are designed as tube-coils and
mounted inside the tank as shown in Figure 3.17.

+ The gas cooler units are separated from the storage tank, and

connected to the tank by means of a closed water loop.

Y

O

GAS COOLER (C) %

SINGLE-
SHELL
DHW
TANK
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GAS COOLER (A)

-~ —

~— ——

Figure 3.17 Principle of a single-shell DHW tank, where the CO, gas
cooler units A and C are an integral part of the tank.

Although an integral design eliminates the need for a pump and a water

loop, externally mounted counter-flow gas coolers will lead to a lower
CO; outlet temperature. This is the main reason why virtually all CO, heat
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pump water heaters that have been developed and tested in recent years
have been using counter-flow gas coolers and a closed water loop (ref.
Section 2.4.3.1, CO, Heat Pump Water Heaters). Figure 3.18 shows how
the gas cooler units for preheating and reheating of DHW should be
connected to the single-shell storage tank. The other main components in
the DHW system include a small inverter controlled pump for circulation
of water through the DHW gas cooler units and an electric immersion
element for backup heating. The start and stop sequences for the pump is
activated by a temperature sensor at the bottom of the tank (Tcy), whereas
the set-point temperature for the DHW (Ts) is controlled by adjusting the
rpm of the pump and with that the water flow rate through the gas coolers.

co,
¢ Mec Ts MgtMge Ts
GAS > > >
A A
COOLER (C) > 7o T e DHW to the
v tapping site(s)
(50 to 55°C)
A4 T
- F
60 to 85°C
Space GAS
heating COOLER (B) ¢
TCW
SINGLE-
SHELL
L / DHW
TANK
GAS A i
. City water
COOLER (A) PUMP Tew | Mew 5 t)(; 20°C)
% g P A - <

-

Figure 3.18 Principle of the tripartite CO, gas cooler connected to an
unvented single-shell DHW tank and city water supply.

An integrated CO, heat pump is designed to cover the entire DHW demand,
and the total heating capacity of the two gas cooler units is expressed as:

QGC—DHW =Mgc - Cp '(Ts _Tcw) (3.16)

Due to the considerable difference between the set-point (storage) tempe-
rature for the DHW in the tank (Ts) and the inlet city water temperature
(Tew), the water flow rate though the gas cooler units (M) becomes quite
small. Figure 3.19 shows the relationship between the total heating capa-
city of the DHW gas cooler units, and the resulting water flow rate at
different DHW temperatures. The inlet water temperature is 10°C.
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Figure 3.19 The relationship between the total heating capacity of the
DHW gas cooler units and the water flow rate at different
DHW temperatures. The inlet water temperature is 10°C.

At equal heat loads, the mass flow rate in a floor heating system with 5 K
temperature difference between the supply and return line will be roughly
10 to 15 times higher than that of the DHW system.

3.3.2 Operating Modes
The DHW system will be operating in three different modes:

+ Tapping mode
+ Charging (heating) mode

+ Reheating mode

3.3.2.1 The Tapping Mode

Figure 3.20 shows the principle of the DHW system during the tapping
mode. DHW at typically 60 to 85°C (Ts) is drained from the top of the
tank at a flow rate Mg, premixed with city water to avoid risk of scolding,
distributed to the tapping site(s) and finally mixed with city water to reach
the desired tapping temperature T+. City water at typically 5 to 20°C (Tcw)
is supplied at a flow rate My, at the bottom of the tank. The CO, heat pump
unit is operative during the tapping mode, and the relatively small water
flow Mgcis heated to the set-point temperature Ts.
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Figure 3.20 Principle of the DHW system during the tapping mode. (1)
Tapping started, (2) Tapping ceased.

The total water flow rate from the DHW tank and the two CO, gas cooler
units during the tapping period is:

mtot = rhT [

Ts = Tew
where My and Ty are the total flow rate and water temperature at the
tapping site(s), respectively. At 70°C storage temperature, 10°C city water
temperature and 40°C tap water temperature, the total water flow rate
from the DHW system is 50% of the water flow rate at the tapping site(s).

3.3.2.2 The Charging (Heating) Mode

Figure 3.21 shows the principle of the DHW system during the charging
(heating) mode. The cold water is pumped at a flow rate Mg from the
bottom of DHW the tank through the two gas cooler units, heated to the
set-point temperature Ts, and delivered at the top of the tank. The required
charging period for the DHW tank is:

Vs ‘P'.Cp '(TT _Tcw)

QGC—DHW

(3.18)

where V7 is the total water consumption at the tapping site(s), and p and ¢,
are the density and the specific heat capacity of water, respectively.
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Figure 3.21  Principle of the DHW system during the charging (heating)
mode. (1) Charging started, (2) Charging ceased.

Eq. (3.18) describes the theoretical minimum charging period, since the
effects of mixing of hot and cold water, conductive heat transfer inside the
tank and heat loss from the tank have not been taken into account (ref.
Section 3.3.3). Figure 3.22 shows the minimum required charging period
at different DHW consumptions V1 and gas cooler heating capacities.
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[uy
N
I

| 50

Charging Period [h]

: Variable V¢
0O+t
0 1 2 3 4 5
Gas Cooler Heating Capacity [kW]
Figure 3.22 The minimum required charging period for the DHW
system at different DHW consumption [litres] and gas

cooler heating capacities. The DHW and city water tempe-
ratures are 70 and 10°C, respectively.
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Table 3.3 presents the required charging periods at typical DHW demands
when the total heating capacity of the DHW gas cooler units ranges from
1 to 3 kW. For the calculations it has been assumed a city water tempera-
ture of 10°C and a DHW temperature of 70°C. The water consumption
data are from Appendix F, Characteristic Properties of DHW Systems.

Table 3.3 The required charging period z [hours] at different DHW
demands and gas cooler heating capacities.

1)

m?  Time  ve? ol ot [h ts[]
Tapping Sites [I/s] [min] [litres] at1kwW at2kw at3kw
Washbasin x 3 0.1x3 1.1 20 0.7 0.4 0.2
Shower x 2 02x2 5.0 120 42 2.1 1.4
Bath-tub x 1 0.3 7.8 140 4.9 24 1.6
Aggregated demand - - 280 9.8 4.9 3.2

1) DHW flow rate (40°C) 2) Total DHW demand (40°C)

The duration of the charging period at the actual operating conditions is
about 10 to 50 times longer than the duration of the tapping period.

3.3.2.3 The Reheating Mode

In periods with little or no DHW demand in the house, the water tempera-
ture in the tank may drop below the set-point due to heat loss from the
tank shell, and the water needs to be reheated. Owing to the relatively
high temperature level in the tank, only the DHW reheating gas cooler
unit (C) can be used during the reheating mode. The DHW preheating gas
cooler unit (A) can be by-passed either on the water side or the CO, side.
When by-passing on the water side, two solenoid valves and a temperature
sensor are required. Figure 3.23 shows the principle of the by-pass
arrangement. The extra tubing and components will ensure proper
operation of the tripartite gas cooler, but will increase the cost and
complexity of the system. An alternative solution for the reheating mode
is to use the electric immersion element located near the bottom of the
tank for reheating of the DHW.

When the heat pump unit is operated in the combined heating mode, the
by-pass arrangement will be needed if the inlet water temperature from
the DHW tank exceeds the CO, outlet temperature from the space heating
gas cooler (B).

54



3 — Theoretical Background and System Analysis

R

GAS
COOLER (C)

=
v
4—
GAS g
COOLER (B) A
v

- To DHW tank

Solenoid £
GAS valves Temperature sensor

COOLER (A) @ E l
co, From DHW tank

PR —

Figure 3.23  Principle of a valve arrangement which by-pass the water
flow to gas cooler C during the reheating mode.

>

3.3.3 Exergy Losses in the DHW Storage Tank

The main exergy losses in the DHW storage tank are related to heat loss
through the tank walls, mixing of hot and cold water during the tapping
and charging modes and conductive heat transfer inside the tank.

3.3.3.1 Heat Loss Through the Tank Walls

Standard-sized cylindrical DHW tanks are normally insulated with 40 mm
fibre glass or expanded polystyrene (EPS), having a thermal conductivity
of typically 0.045 and 0.035 W/(mK) respectively. At an ambient tempe-
rature of 20°C and DHW temperatures ranging from 60 to 90°C, the mean
heat flux from the tanks will range from about 35 to 60 W/m® for glass-
wool insulation and 30 to 50 W/m® for EPS insulation.

The temperature drop in the DHW tank can be estimated by the following
differential equation when assuming uniform water temperature in the tank:

~(My -cpw +M;c,r)-dO=(U-A-6)-dt (3.19)

where My and My are the total mass of the water and the stainless DHW
steel tank, Cp.w and Cp.r are the specific heat capacity of the water and the
tank, U is the overall heat transfer coefficient for the tank wall, A is the
total outside surface area of the tank, and & is the temperature difference
between the water and the ambient air.
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By integrating Eq. (3.19), the DHW temperature Ts in the tank after a
period 7is calculated as follows:

T =T + 056 " (3.20)
where
U-A

T (MW 'Cp—W +MT 'Cp—T)

(3.21)

where Tg is the room temperature and & is the initial temperature diffe-
rence between the DHW and the ambient air.

Figure 3.24 shows the calculated mean temperature drop in a 200 litre
glass-wool insulated DHW tank during 48 hours storage time. The initial
DHW temperature ranges from 60 to 90°C and the room temperature is
20°C. In the calculations the convective heat transfer coefficient between
the tank wall and the ambient air was estimated to be 10 W/(m?K).

90

[e2] ~ (0]
o o o
| | |

Hot Water Temperature [°C]
al
o

:Variable initial DHW temperature Ts
407“‘i“‘}“‘}“‘}“‘}
0 8 16 24 32 40 48
Time [h]
Figure 3.24  The mean temperature drop in a 200 litre glass-wool insu-
lated DHW tank at different initial DHW temperatures.

At 70°C initial DHW temperature, the temperature drop is about 10 K
during a period of 24 hours, which corresponds to an average temperature
drop of about 0.4 K per hour. Hence, during normal operation of the
DHW system with regular tapping and charging, reheating of the water in
the tank is not required. However, reheating will be necessary if there is
no tapping during longer periods, e.g. during weekends and holidays.
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The mean temperature drop in the tank during a 24 hour period is also
influenced by the insulation standard, the tank volume and the ambient air
temperature. Table 3.4 shows the estimated annual heat loss from a 200
litre DHW tank at different temperatures when using different insulation
materials. The boundary conditions are as in Figure 3.24.

Table 3.4  The annual heat loss from a 200 litre DHW tank at different
DHW temperatures and insulation types.

Annual Heat Loss [kWh/year]

Insulation type 60°C 70°C 80°C 90°C
Glass-wool 880 1110 1320 1550
XPS 700 880 1060 1230

By replacing the glass-wool with expanded polystyrene (EPS), the annual
heat loss from the DHW tank will be reduced by about 20%.

The annual exergy loss in J due to the heat loss through the tank wall is
calculated as:

(3.22)

Te-T, Te-T
AE:(Ein_Eout):Q'( 2 R Oj

Ts Tr

where Q is the annual heat loss from the tank, Ts is the DHW storage
temperature in the tank, T is the room temperature and T is the reference
temperature (e.g. the outdoor temperature). At 70°C storage temperature,
20°C ambient air temperature and 0°C reference temperature, the exergy
loss constitutes about 15% of the heat loss from the tank.

3.3.3.2 Mixing of Hot and Cold Water

During the tapping and charging (heating) periods, the inlet water flows
will lead to inevitable mixing of some of the hot and cold water in the
DHW tank. This will in turn increase the average inlet water temperature
to the DHW preheating gas cooler unit during the charging period, and
with that reduce the COP of the CO, heat pump (ref. Figure 3.4 in Section
3.2.2.1). Figure 3.25 illustrates an idealized mixing process, where Ty, and
Vy refer to the average temperature and the water volume of the mixing
zone, respectively.
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DHW tank
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Vg Tg
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Vew  Tew View Tew
No mixing Mixing

Figure 3.25 Principle of the mixing of hot and cold water in a DHW
tank during the tapping and charging modes.

Since the water flow rate during the tapping period is in the order of 10 to
50 times higher than that of the charging period, the mixing is mainly a
problem during tapping. In an idealized mixing process, the cold city
water volume will be reduced by /2 Vy;, and the total water volume that
has to be heated by the CO, heat pump, will increase by 72 V.

The exergy loss in J due to the mixing can be estimated as follows, when
using average values for the density p and the specific heat capacity Cp:

V T -T, Toy -T T -7
AE=7M’P'Cp'(Tm—Tcw)‘ Sty e —2-( " OH (3.23)
S CW m

where
T, =—" (3.24)

According to the first law of thermodynamics, the mixing process will not
affect the total heating demand during the charging period, i.e.:

Vew PCy '(Ts —Tew ) =V'ew PCp '(Ts ~Tew )"‘ VupC, '(Ts T ) (3.25)
However, the mixing of hot and cold water will increase the energy con-

sumption for the CO, heat pump unit, since the COP is heavily affected by
the inlet water temperature to the DHW preheating gas cooler unit. Hence:

VCW 'P'Cp '(TS _TCW ) < V'CW -p-Cp '(TS _TCW ) n VM 'p'Cp '(TS _Tm) (3.26)
COP;_cw B COP;_cw COP;_,
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where the subscripts T-CW and T-m refer to the COP of the CO, heat
pump at the inlet water temperatures Tcw and Ty, for the gas cooler. The
equality sign is only valid when V’cw=Vcw, 1.e. when Vy=0.

Figure 3.26 shows, as an example, the estimated percentage reduction in
the COP for a residential CO, heat pump water heater operating at differ-
rent DHW temperatures, 10°C city water temperature and varying extent
of the mixing zone. The COP data for the CO, heat pump unit are from
Figure 3.4 in Section 3.2.2.1. A relative extent of the mixing zone of 0.5,
means that 50% of the city water volume has been mixed with an equal
amount of DHW, and reached an intermediate temperature T,

30 r
o5 L ____ /
F 80/10°C
T I
g 20 ” ”””””””””””””””””” 70110°C
O
c r —
= 151 60/10°C
[ L
=t r
§ [
5 1071
o] L
@ L
5 |
Variable hot water temperature
0+ ey
0.0 0.1 0.2 0.3 0.4 0.5

Relative Extent of Mixing Zone [-]

Figure 3.26  Percentage reduction in the COP for a residential CO,
heat pump as a function of the relative extent of the mixing
zone and the DHW temp. The city water temp. is 10°C .

The mixing loss can be greatly reduced by installing adequate diffusers
that decrease the inlet water velocities. A device that eliminates the
mixing is presented in Section 3.3.4.

3.3.3.3 Conductive Heat Transfer Inside the DHW Tank

Owing to the direct contact and the relatively high initial temperature
difference between the hot and cold water reservoirs in the DHW tank
during the tapping and charging periods, there will be considerable
conductive heat transfer between the reservoirs. This will in turn increase
the average inlet water temperature for the DHW preheating gas cooler
unit during the charging period, and reduce the COP of the heat pump.
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The temperature gradient between the water reservoirs is denoted the
thermocline, and the extent of the thermocline zone is mainly depending
on the initial temperature difference (Ts-Tcw) and the duration of the
tapping and charging periods. Figure 3.27 shows the principle of a
thermocline in a DHW tank, where Vrc.cw is the city water volume that
has been heated by the DHW reservoir, Vrc_s is the DHW volume that has
been cooled by the city water reservoir, Vic is the total volume of the
thermocline zone and Ty, is the average thermocline temperature.

DHW tank
Vs Ts
Vie oo 7YT7C;3 777777777777 Thermocline zone,
Viccw height Hy¢
Vew Tew

,,,,,,,,,,, — Temperature
Tew Tm Ts

Figure 3.27  Principle of the thermocline, i.e. the temperature gradient,
between the hot and cold water reservoirs in a DHW tank.

Vrc.ew and Ve are identical as long as there is no mixing of hot and
cold water, the heat transfer through the tank walls is neglected and the
density, the specific heat capacity and the thermal conductivity of water
are regarded independent of temperature. At temperatures ranging from 10
to 80°C, these properties will deviate by less than +1.5%, +0.2% and
+6.5% from their average values, respectively (NIST, 2000).

The total volume of the thermocline zone is calculated as:
Vic = (VTC—CW + Vics ) = Apuw Hrc (3.27)

were Apnw 18 the cross-sectional area of the DHW tank and Hic is the total
height of the thermocline zone.

The general conduction equation (Kreith and Black, 1980) can be used to
determine the transient temperature gradient between the hot and cold
water reservoirs, and ultimately the extent and the average temperature of
the thermocline zone:
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0°T 0°T 2°T _1 aT

LT, 3.28
ox? oy 0z a ot (3.28)

and

(3.29)

where « is the thermal diffusivity of water.

Figure 3.28 shows the estimated heat flux across a thermocline as a func-
tion of the thickness of the thermocline zone (Hrc) and the initial tempera-
ture difference (AT) between the hot and cold water reservoirs. Constant
thermal conductivity for the water was assumed.
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Figure 3.28 The heat flux across the thermocline as a function of the
thermocline thickness Hic and the initial temperature
difference AT.

Since the heat flux between the reservoirs is inversely proportional to the
thickness of the thermocline zone, the growth rate of the zone (AHrc/A)
will drop off gradually during the tapping and charging periods.

When the average temperature Ty, and the volume of the thermocline zone
V1c are known, the exergy loss in the DHW tank and the reduction in COP

for the CO, heat pump can be estimated according to Eq. (3.23) and
(3.26), respectively.
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3.34 Application of a Movable Insulating
Plate Inside the DHW Tank

One way to reduce the internal conductive heat transfer and to eliminate
the mixing in cylindrical single-shell DHW tanks, is to separate the water
volumes by means of a plate with low thermal conductivity. Since the
contact surface between the hot and cold water is moving up and down
during the tapping and charging periods, respectively, the plate has to be
movable. The simplest method to ensure proper function of the plate at all
operating conditions is to utilize the density difference between the hot
and cold water. Figure 3.29 shows the density of pure water at 6 bar as a
function of temperature.

1010
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960

0 20 40 60 80 100
Temperature [°C]

Figure 3.29  The density of pure water at 6 bar (NIST, 2000).
By employing an insulating plate which average density is lower than that
of the cold city water (5 to 20°C) and higher than that of the DHW (60 to

85°C), the plate will always be located between the water reservoirs due to
the hydrostatic force balance (Nozomi, 1986).

The hydrostatic force balance of a submerged plate can be expressed as:

p+(p1'g'Hl)+plP ‘g'(Hz +H3): p+p1-g~(H1+H2)+(p2 ‘g'Hs) (3.30)

d
an [ p1i-Hy+p,-Hg
Pp = (3.31)
H, +H,
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where ¢ is the acceleration due to gravity, p is the static pressure in the
tank, p is the density of the hot and cold water, pp is the average density
of the insulating plate and H are the heights as illustrated in Figure 3.30.

hot water (pq)

P+ p1-g-H:

contact surface l
{{ pr-g-(HatHs)

T i Hs

p+p1-g-(Hi+H2)+p2-g-Hs

movable insulating plate (p;p)

cold water (po)

Figure 3.30 Principle of the hydrostatic force balance of a movable
insulating plate in a circular DHW tank.

With reference to Eq. (3.31), the underside of the insulating plate will be
located at the contact surface between the water reservoirs (i.e. H;—0)
when the average density of the plate (pip) approaches the density of the
DHW (p;). On the other hand, when the average density of the plate
approaches the density of the cold water (p,), the upper side of the plate
will be located at the contact surface (i.e. H,—0).

The diameter of the insulating plate should be roughly 5 to 10 mm less
than the inner diameter of the DHW tank in order to avoid undesirable
friction forces between the plate and the tank wall, which could alter the
hydrostatic balance of the plate. When the plate reaches the top or bottom
position in the tank during the tapping and charging periods, the water can
flow freely through the cylindrical gap.

Figure 3.31 shows the fundamental function of the movable insulating
plate during the tapping and charging modes.
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Figure 3.31 Principle of a cylindrical DHW tank equipped with a
movable insulating plate for separation of the hot and cold
water reservoirs.

Since the density of solid insulators of current interest are considerably
lower than that of water, a balancing weight must be attached to the plate.
The required mass (Mgw) of the balancing weight is calculated on the
basis of the mass of the insulating plate (Mp), the density of water (pw) at
an intermediate temperature (e.g. 35-40°C), and the volumes of the
insulating plate (Vip) and the balancing weight (Vgw):

Mgy = (VIP + Vaw ) Pw —Mp (3.32)
Details regarding the design of the balancing weight and the selection of

plate material are discussed in Appendix G, Application of a Movable
Insulating Plate in Cylindrical Single-Shell DHW Tanks.
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3.3.5 Testing and Modelling of DHW Tanks
and Movable Insulating Plates

A full scale DHW tank test rig was constructed to study the transient
temperature development in cylindrical single-shell DHW tanks caused by
internal and external heat transfer. The tank was also used to examine the
feasibility of using a movable insulating plate to reduce the exergy losses
in the tank. The design of the test rig and the test programme are presen-
ted in Section 4.2, Testing of a DHW Tank and a Movable Insulating
Plate, whereas the results are presented and discussed in Section 5.2,
Testing of a DHW Tank and a Movable Insulating Plate, and Section
7.1.2.4, The COP vs. the Thermodynamic Losses in the DHW Tank.

A transient two-dimensional heat conduction model was also developed in
order to enable tailor-made calculations of the transient temperature
development in cylindrical single-shell DHW tanks at topical tank
designs, temperature levels, DHW demands and gas cooler heating capa-
cities. The thermodynamic basis and the mathematical background for the
model as well as the simulation results are presented in Section 6.2,
Modelling of Cylindrical Single-Shell DHW Tanks.
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4 Test Rig Design and
Experimental Methods

This chapter expands on Chapter 3, Theoretical Background and System
Evaluations, and provides a detailed presentation of the design, instru-
mentation and experimental methods for the following test rigs:

+ A 6.5 kW residential brine-to-water CO, heat pump unit for com-
bined space heating and hot water heating (prototype).

+ A 200 litre cylindrical single-shell domestic hot water (DHW) tank,
including two movable insulating plates (prototypes).

The main purpose of the heat pump test rig was to document the energy
efficiency and operational characteristic in order to evaluate the technical
potential of integrated CO, heat pump systems in residential applications.
The objective of the second test rig was to measure the transient tempe-
rature development in cylindrical single-shell DHW tanks caused by
internal and external heat transfer, and to examine the feasibility of using
an insulating plate between the hot and cold water volumes to reduce the
exergy losses in the tank.

4.1 Testing of a Residential Brine-to-
Water CO, Heat Pump Unit

4.1.1 Introduction

A residential brine-to-water CO, heat pump unit for combined space
heating and hot water heating was constructed in order to measure the
heating capacity and COP as well as to study component and system
behaviour over a wide range of operating conditions. Since it was consi-
dered as interesting to run the unit at realistic operating conditions and
obtain long-term operational experience, the prototype CO, heat pump
was installed in a detached pilot house situated in Trondheim, Norway.
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The prototype heat pump system comprised the following sub-systems:

1) An integrated brine-to-water CO, heat pump unit

2) A heat source system (energy well, indirect system)
3) A space heating (SH) system — hydronic floor heating
4) A domestic hot water (DHW) system.

The heat pump system was operated in two different modes:

+ In the Auto mode, the CO, heat pump unit utilized a 150 m deep rock
well as heat source, and supplied heat to a 200 m? low-temperature
floor heating system and a 300 litre single-shell DHW tank. A Satch-
well data acquisition system was used to control the overall system
and the individual components, and to collect and process data from
the temperature sensors, pressure transducers, volume/mass flow
meters and watt meters.

+ In the Test mode, the CO, heat pump unit was operated indepen-
dently of the heat source system, the floor heating system and the
DHW tank in order to measure the performance at specified
operating conditions. In this mode, all components, such as the CO,
compressor, pumps, and control valves were controlled manually,
and the data from the data acquisition system were transferred to
tailor-made Excel spreadsheets for further processing and analysis.

Virtually all experiments were carried out in the Test mode, and the few
results from the Auto mode were mainly used to compare the performance
of the evaporator and the tripartite gas cooler with the design data.

4.1.2 Design of the CO, Heat Pump Unit
4.1.2.1 General

The prototype brine-to-water CO, heat pump unit was designed for a total
heating capacity of approximately 6.5 kW in the combined heating mode.
The CO; process as well as the individual components were analysed and
designed by using MS Excel, Coolpack (Rasmussen, 2001) and software
for heat exchanger design and analysis developed at NTNU-SINTEF,
Department of Energy and Process Engineering. The integrated CO, heat
pump unit was constructed from the following components:
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+ A hermetic two-stage rolling piston compressor

+ A tripartite counterflow tube-in-tube gas cooler for:

o Preheating of hot water (DHW preheating gas cooler unit)

o Low-temperature space heating (SH gas cooler unit)

o Reheating of hot water (DHW reheating gas cooler unit)

+ A counterflow tube-in-tube suction gas heat exchanger

+ A cross-flow subcooler

+ Manual throttling valves (back-pressure valve and needle valve)

+ A low-pressure receiver (LPR)

+ An oil return system including filter

+ Control valves, closing valves and safety valves (8 and 12 MPa)

The design conditions for the heat pump unit are presented in Table 4.1.

Table 4.1  Design conditions for the residential CO, heat pump unit.

Component/Mode Parameter Value
Compressor Suction pressure (-5°C) 3.046 MPa
Suction temperature 0°C
Discharge pressure 8.5t0 9.0 MPa
CO, mass flow rate ~1.40 kg/min
Evaporator Evaporation temperature -5°C
LMTD ~5K
Tripartite Gas Cooler SH — Water temperatures 35/30°C
Combined mode SH — Heating capacity ~3.0 kW
SH — Temperature approach <0.2K
DHW - Water temperatures 5/60°C
DHW - Heating capacity ~3.5 kW
DHW - Temperature approach <3K
DHW Gas Coolers Units Water temperatures 5/60°C
DHW mode Heating capacity ~7.0 kKW
Temperature approach <3K
SH Gas Cooler Unit Water temperatures 35/30°C
SH mode Heating capacity ~5.5 kW
Temperature approach <0.2K
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Figure 4.1 shows the principle of the integrated CO, heat pump unit

including the instrumentation.
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Figure 4.1 Principle of the integrated CO, heat pump unit.

Figures 4.2 and 4.3 show the prototype CO, heat pump unit before it was
installed in the pilot house (reference is also made to Appendix E).
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Figure 4.3 Rear view of the prototype CO, heat pump unit.
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4.1.2.2 The Compressor

The prototype CO, heat pump unit was initially equipped with a Dorin
CD5.0175 compressor, Figure 4.4. This is a semi-hermetic single-stage
reciprocating unit with two cylinders. At a rotational speed of 1450 rpm,
the swept volume is 1.75 m*h. This corresponds to a heating capacity of
approximately 6 kW at +5°C suction temperature and 35 and 85 bar
suction and discharge pressure, respectively.

Figure 4.4 The Dorin single-stage reciprocating CO, compressor.

During the function testing of the CO, heat pump, the CO, mass flow rate
dropped gradually due to extensive wear and tear in the bearing for the
connecting rod between the crankshaft and the piston. The compressor
was therefore replaced by a prototype hermetic two-stage rolling piston
compressor from Sanyo (Tadano et al., 2000), Figure 4.5.

Figure 4.5 The Sanyo two-stage rolling piston compressor (prototype).
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The rotational speed, and with that the heating capacity of the Sanyo
compressor, was controlled by a tailor-made AC inverter from Sanyo.

The specifications of the prototype compressor are presented in Table 4.2.

Table 4.2  Specifications for the rolling piston compressor (prototype).

Compressor

Type:

Operating range:
Displacement volume:
Swept volume:

Max. operating pressure:

Max. discharge temperature:

Hermetic two-stage rolling piston unit
Operated as a single-stage unit (LP + HP)

1800 to 7200 rpm (30 to 120 Hz)
3.33 cm¥rev (LP) and 1.88 cm®/rev (HP)
1.439 m*/h at 7200 rpm

14 MPa

125°C at continuous operation

Motor

Type:

Maximum power input:

Digitally controlled brushless motor — 4 poles
2500 W

Lubricant
Type: Polyalkylene glycol (PAG)
Viscosity: 100 cSt
Properties: - Non-soluble with CO,
- Heavier than saturated CO, liquid above -15°C
- Excellent thermal and chemical stability
- High viscosity index
- High flash point — low pour point
- Hygroscopic
Oil discharge: - Approximately 6 to 9% of total mass flow rate

(100 Hz). Oil discharge rate increases with rpm
and lower suction/discharge pressure (Hubacher
and Groll, 2002)

Figure 4.6 shows the principle compressor arrangement with gas flows at
suction pressure, intermediate pressure and discharge pressure.
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Discharge line Suction line

! }

Figure 4.6  Principle of the Sanyo hermetic two-stage rolling piston
compressor (Bouma, 2002).

The compressor was charged with about 400 g of PAG oil. Although the
oil discharge from the rolling piston compressor was quite high (ref. Table
4.2), it was decided to operate the unit without an oil separator. The main
reason for this was that the construction of the prototype heat pump unit
was considerably overdue, and construction and testing of a tailor-made
oil separator would have delayed the project further. Reference is made to
Section 5.1.3.7, Evaporator Performance, and 5.1.3.8, Performance and
Main Operating Characteristics of the Tripartite Gas Cooler, regarding
the impact of the lubricant on heat transfer in the evaporator and the
tripartite gas cooler. The estimated overall isentropic efficiency and the
relative heat loss for the compressor at various operating conditions are
presented in Section 5.1.3.6, Compressor Performance.

4.1.2.3 The Evaporator

The evaporator was a helical counter-flow tube-in-tube heat exchanger.
The main reason for selecting this type of heat exchanger was the mode-
rate costs, and the fact that the heat exchanger could be easily constructed
at the engineering workshop of NTNU, Department of Energy and
Process Engineering. Table 4.3 shows the specifications of the evaporator.

A copper wire with suitable thickness was wrapped as a spiral around the
inner CO, tube in order to maintain uniform distance between the CO,
tube and the brine tube. Figure 4.7 shows a sketch of the cross section of
the tubes and the centring wire, whereas Figure 4.8 shows the evaporator
mounted in the test rig before the plant was insulated.
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Table 4.3 Technical specifications for the evaporator.

Type: Tube-in-tube heat exchanger
Number of circuits: One
Material: Stainless steel, both tubes
Diameters, inner tube (CO,): D; = 8mm
D, =10 mm
Diameters, outer tube (brine): D; =20 mm
D, =24 mm
Tube length: 12m
Average coil diameter: 450 mm
Approximate weight: 17 kg
Heat transfer area, inner tube (CO,): A =0.302 m?
Heat transfer area, inner tube (brine): A, = 0.377 m?
Ratio, heat transfer areas (A,/A): 1.25
Cross-sectional area, inner tube (CO,): A= 50 mm?
Cross-sectional area, annuli (brine): A., = 236 mm’
Wire CO,
Brine

Figure 4.7 Principle of the cross section of the evaporator.

Figure 4.8 The tube-in-tube evaporator mounted in the test rig.
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The evaporator was insulated with 25 mm Armaflex (k=0.032 W/(mK)),
and aluminium tape was used as diffusion block.

4.1.2.4 The Tripartite Gas Cooler

The CO, gas cooler for preheating of DHW, low-temperature space
heating and reheating of DHW, was designed as three separate helical
counter-flow tube-in-tube heat exchangers. Figure 4.9 illustrates the
principle for the tripartite gas cooler with superimposed CO, flows and
water flows.

CO, inlet
Reheating DHW

¢ 43—» Hot water outlet

\ NVL.2
- Y

E \(gj_b Water outlet
NV1.3 \ ﬁ

%Space heatlﬂ%

| G—

O —

| .
! * \QPJ
[o—
SOV3.2 S};(
SOv3.1 %Preheating DHW%
Q >

> —
City water inlet
CO, outlet

Figure 4.9 Principle configuration for the tripartite gas cooler.

Water inlet

When the unit was operated as a heat pump water heater, the CO, flow
was bypassed the space heating gas cooler by closing needle valve NV1.2
(Hook) and opening needle valve NV1.3 (Hook). In order to ensure proper
oil return, the counter-flow heat exchangers were operated with the CO,
flowing downwards and the water flowing upwards. Under normal
operation conditions, solenoid valve SOV3.1 (Danfoss) was open and
solenoid valve SOV3.2 (Danfoss) was closed. However, in special cases
when the inlet water temperature to the DHW preheating gas cooler
exceeded the CO, outlet temperature from the space heating gas cooler,
SOV3.1 was closed and SOV3.2 was opened to avoid heating of the CO,
and subsequent operational problems. Reference is made to Section
3.3.2.3, The Reheating Mode, for further details on this topic.
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Tables 4.4 to 4.6 present the technical specifications for the tripartite tube-

in-tube gas cooler.

Table 4.4 Technical specifications for the tube-in-tube gas cooler for
preheating of domestic hot water (DHW).

Type:

Tube-in-tube heat exchanger

Number of circuits:

One

Material: Stainless steel, both tubes
Diameters, inner tube (CO,): D; =6 mm
D, =8 mm
Diameters, outer tube (water): D; =12mm
D, =16 mm
Tube length: 14 m
Average coil diameter: 350 mm
Approximate weight: 13 kg
Heat transfer area, inner tube (CO, side): A =0.264 m?
Heat transfer area, inner tube (brine side): A, = 0.352 m?
Ratio, heat transfer areas (AJ/A): 1.33
Cross-sectional area, inner tube (CO, side): A= 28 mm?
Cross-sectional area, annuli (brine side): Ao =63 mm?
Ratio, cross-sectional areas (Aqo/Ac): 2.2

Figure 4.10 shows the tube-in-tube gas cooler for preheating of DHW
mounted in the test rig. The insulated suction gas heat exchanger (SGHX)

can be seen above the gas cooler.

Figure 4.10  The tube-in-tube gas cooler for preheating of DHW.
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Table 4.5 Technical specifications for the tube-in-tube gas cooler for
reheating of domestic hot water (DHW).

Type: Tube-in-tube heat exchanger
Number of circuits: One
Material: Stainless steel, both tubes
Diameters, inner tube (CO,): D; =6 mm
D, =8 mm
Diameters, outer tube (water): D; =12mm
D, =16 mm
Tube length: 35m
Average coil diameter: 350 mm
Approximate weight: 3 kg
Heat transfer area, inner tube (CO, side): A; =0.067 m?
Heat transfer area, inner tube (water side): A, = 0.088 m?
Ratio, heat transfer areas (AJ/A): 1.33
Cross-sectional area, inner tube (CO, side): A= 28 mm?
Cross-sectional area, annuli (water side): Ao =63 mm?
Ratio, cross-sectional areas (Aqo/Ac): 2.2

Figure 4.11 shows the tube-in-tube gas cooler for reheating of DHW
before it was mounted in the test rig.

Figure 4.11  The tube-in-tube gas cooler for reheating of hot water.
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Table 4.6  Technical specifications for the space heating gas cooler.

Type: Tube-in-tube heat exchanger
Number of circuits: One
Material: Stainless steel, both tubes
Diameters, inner tube (CO,): D; =6 mm
D, =8 mm
Diameters, outer tube (water): D; =18 mm
D, =22 mm
Tube length: 15m
Average coil diameter: 450 mm
Approximate weight: 18 kg
Heat transfer area, inner tube (CO, side): A =0.283 m?
Heat transfer area, inner tube (water side): A, = 0.377 m?
Ratio, heat transfer areas (A/A): 1.33
Cross-sectional area, inner tube (CO, side): A= 28 mm?
Cross-sectional area, annuli (water side): A., = 204 mm?
Ratio, cross-sectional areas (A o/Ac): 7.3

Figure 4.12 shows the tube-in-tube gas cooler for space heating mounted
in the test rig. The small tube-in-tube gas cooler for reheating of DHW
(DHW-RH) can be seen above the floor heating heat exchanger.

Figure 4.12  The tube-in-tube gas cooler for space heating.
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A stainless steel wire with suitable thickness was wrapped as a spiral
around the inner CO, tube in order to maintain uniform distance between
the CO; tube and the water tube. The gas coolers units for space heating
and preheating of DHW were insulated with 12 mm Armaflex, whereas 25
mm insulation was used for the DHW reheating gas cooler unit due to the
high operational temperature.

4.1.2.5 The Suction Gas Heat Exchanger

The main purpose of the suction gas heat exchanger was to superheat the
suction gas to the compressor. The heat exchanger was designed as a
counterflow tube-in-tube unit, and the heating capacity was controlled by
means of ball-valves at the inlet and outlet of the heat exchanger tubes.

Table 4.7 presents the technical specifications for the heat exchanger,
whereas Figure 4.13 shows the heat exchanger before it was installed in
the heat pump test rig.

Table 4.7  Technical specifications for the suction gas heat exchanger.

Type: Tube-in-tube heat exchanger
Number of circuits: One
Material: Stainless steel, both tubes
Diameters, inner tube (low pressure CO,): D; = 8mm
D, =10 mm
Diameters, outer tube (high pressure CO,): D; =12mm
D, =16 mm
Tube length: 2.3m
Average coil diameter: 350 mm
Approximate weight: 2.5 kg

Heat transfer area, inner tube (low pressure side): ~ A; = 0.058 m?
Heat transfer area, inner tube (high pressure side): A, = 0.072 m?

Ratio, heat transfer areas (AJ/A): 1.25
Cross-sectional area, inner tube (low pres. side): A.i = 50 mm’
Cross-sectional area, annuli (high pressure side): A, =35 mm’
Ratio, cross-sectional areas (A o/Ac): 0.7
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Figure 4.13  The tube-in-tube suction gas heat exchanger.

As with the gas cooler units, a stainless steel wire with suitable thickness
was wrapped around the inner tube in order to maintain uniform distance
between the tubes. The heat exchanger was insulated with 12 mm
Armaflex before it was mounted in the test rig.

4.1.2.6 The Subcooler

A subcooler was installed after the suction gas heat exchanger in order to
lower the CO, temperature before throttling and to reduce the amount of
flash gas at the evaporator inlet. The capacity of the subcooler was
controlled by means of a number of ball valves.

The simple cross-flow subcooler was made of a 6 m long ID 8 mm
stainless steel tube that was twisted around the inlet pipeline to the
evaporator. The total heat transfer area of the heat exchanger was about
0.05 m Figure 4.14 shows the subcooler installed in the test rig.

Figure 4.14  The cross-flow subcooler in the rest rig.

4.1.2.7 The Low-Pressure Receiver and Oil Return System

A low-pressure receiver (LPR) was installed between the evaporator outlet
and the inlet of the suction gas heat exchanger. The main purpose of the
LPR was to supply and absorb liquid for control of the gas cooler pressure
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at all operating conditions (liquid reservoir), and to prevent droplets from
entering the compressor. The heat pump was originally equipped with a
one litre LPR. However, at certain operating conditions the LPR turned
out to be too small, and was therefore replaced by a 4 litre vessel. Refe-
rence is made to Appendix A2.2, Methods of Controlling the High-side
Pressure, for further details about the design and operation of the LPR.

The heat pump unit was charged with approximately 2.5 kg of CO. In
order to ensure proper oil return and to provide liquid overfed in the eva-
porator, an ID 4 mm stainless steel tube was installed between the bottom
of the LPR and the top of the filter (Maidstone). A needle valve (Hook)
was used to control the oil flow rate. Reference is made to Section 5.1.1,
Function Testing, for details regarding function testing and operation of
the oil return system.

Figure 4.15 shows the one litre LPR and the oil return system. The filter is
placed behind the control valve NV1.1

Figure 4.15 The LPR, the oil return pipeline/valve and the filter.

4.1.2.8 The Expansion Valves

The test rig was equipped with two manually operated expansion valves,
i.e. a needle valve (Hook) and a back-pressure valve (Tescom). The latter
valve, which maintained a constant high-side pressure at each set point,
was used in virtually all the experiments. Figure 4.16 shows the expansion
valves installed in the test rig.
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Figure 4.16  The expansion valves in the test rig.

4.1.2.9 Pipelines

The pipelines at the low-pressure side of the test rig were round OD/ID
10/8 mm stainless steel tubes, whereas round OD/ID 8/6 mm stainless
steel tubes were used for the high-pressure side. The tubes and compo-
nents were joined by means of Swage Lock fittings.

4.1.3 Design of the Other Sub-Systems

4.1.3.1 The Heat Source System

The main purpose of the heat source system was to supply heat to the CO,
evaporator as well as to provide cooling of the space heating system
whenever required (ref. Section 4.1.3.3).

Figure 4.17 sketches the heat source system. The system consisted of a
150 m deep ID 135 mm borehole (energy well), which was connected to
the evaporator by means of a round OD/ID 40/32 mm PEM pipeline.
Potassium formate (Hycool 20), with a freezing point of -20°C, was used
as the secondary fluid (brine). The main circuit was equipped with an
inverter controlled pump (Pump2.1), a 5 kW electric heater connected to a
variable resistance (Variac) as well as a brine vessel and an expansion
system. The evaporator was either directly connected to the energy well,
or operated in a closed loop together with the pump and the electric
heater. The parallel circuit, which comprised a plate heat exchanger
(PEH2.1), a hand control valve (HCV2.1) and a pump (Pump2.2) with
fixed rpm, was used to cool the return flow in the space heating system
whenever required. The maximum cooling capacity was about 10 kW.
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height of the stainless steel tank were 500 and 1250 mm, respectively, and

heating and reheating of DHW. The main component in the system was a
it was insulated with 40 mm glass-wool.

The hot water system was connected to the gas coolers units for pre-
standard 300 litre single-

4.1.3.2
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In order to meet the special requirements for the prototype CO, heat pump
unit, the DHW tank was modified as follows:

+ Stainless steel tubes for the hot and cold water inlet and outlet were
mounted at the top and bottom of the tank, respectively.

+ A simple diffuser was mounted at the end of the tube inside the tank
in order to reduce the water velocity and consequent mixing of hot
water and cold city water during tapping. The diffuser directed the
water flow downwards in the tank, and reduced the water velocity by
approximately 80%.

+ Five 250 mm long stainless steel pockets for Pt1000 sensors were
installed to enable measurements to be made of the vertical tempera-
ture gradient in the centre of the tank. The same type of pockets was
also installed at the inlet and outlet pipelines.

+ Five ID 80 mm inspection glasses (PN 10) were mounted in the front
and the back of the tank wall in order to study the water flow inside
the tank.

+ A back-up heating system was made from a 4 kW electric heater and
stainless steel tubes with OD/ID of 54/48 mm and 34/28 mm. The
tubes were connected to the bottom and the top of the tank as seen in
Figure 4.18. In order to control the water flow rate and with that the
outlet temperature from the thermosyphon heating system (max.
80°C), a round disk with an ID 6 mm orifice was mounted inside the
upper part of the tube.

]
Figure 4.18 The modified 300 litre single-shell hot water tank.
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stainless steel (Pump3.1), a needle control valve in bronze (ACV3.1) and

two solenoid valves (SOV3.1, SOV3.2). Figure 4.19 sketches the principle
of the hot water system connected to the gas coolers units for preheating

In addition to the DHW tank, the hot water system comprised a pump in
(A) and reheating (C) of DHW.

4 — Test Rig Design and Experimental Methods

Principle of the hot water system.

Figure 4.19
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As described in Section 4.1.2.4, the purpose of the two solenoid valves
was to direct the inlet water flow to either the gas cooler units for pre-
heating or reheating of DHW, depending on the temperature level of the
water.

The hot water system was designed to be operated as a closed loop or as
an open system. During closed loop operation (Auto mode), cold or
tempered water from the bottom of the DHW tank was pumped through
the gas cooler(s) by means of Pump3.1 and returned to the top of the tank.
The needle valve ACV3.1 was used to control the mass flow rate, and with
that the outlet hot water temperature. In open mode (Test mode), cold city
water was circulated through the diffuser and the bottom of the DHW
tank, heated in the gas cooler units and poured into a drain through a ball
valve (BV3.7). It was not necessary to use the pump in open mode, since
the hot water system was pressurized (5 bar).

4.1.3.3 The Space Heating System

The space heating system, which was connected to the space heating gas
cooler (B), comprised two circuits that could be operated together or as
independent systems. Figure 4.20 shows the layout of the space heating
system.

Circuit 1 was a specially designed test circuit, which was equipped with
an expansion tank, an inverter controlled pump (Pump4.1), a hand control
valve (bypass — HCV4.1) and a cooling system. The latter system, which
was used to cool the return water flow in the space heating system when-
ever required, comprised a pump (Pump4.3), a hand control valve
(HCV2.1) and a plate heat exchanger (PEH2.1) connected to the heat
source system.

Circuit 2 was connected to a 200 m? state-of-the-art low-temperature
floor heating system. The circuit was equipped with an inverter controlled
pump (Pump4.2), an expansion tank, a 120 litre accumulator and a 12 kW
electric back-up system. When operating the two circuits together, it was
possible to increase the inlet water temperature to the gas cooler by
adjusting the by-pass valve (HCV4.2) between the supply and return pipe-
lines.
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Figure 4.20 Principle of the space heating system.

Instrumentation

4.1.4

Temperature sensors, pressure transducers, volume/mass flow meters and

watt meters with high accuracy, were installed in order to measure the
performance and operating conditions of the prototype heat pump system.
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The signals from the sensors/instruments were continuously processed and
logged by an advanced Satchwell data acquisition system, consisting of a
Satchwell UNC596 Outstation (hardware) and BAS 2800+ software.
Selected measurement data from the Outstation were processed, analysed
and displayed by means of tailor-made Excel spreadsheets. In the Excel
calculations, the thermophysical properties of CO, were supplied by the
library xIco2lib.dll (Skaugen 2002), where the data are based on corre-
lations from Span and Wagner (1996). The thermodynamic properties of
water and potassium formate (Hycool) were based on data from the VDI
Heat Atlas (1993) and Melinder (2000), respectively.

The absolute and relative uncertainties of the readings from the sensors/-
instruments and for the computed values are shown in Table 4.11 in
Section 4.1.4.5 and in Tables 4.12 to 4.16 in Section 4.1.4.6, respectively.

4.1.4.1 Temperature

Selected temperatures in the four sub-systems were measured with cali-
brated platinum resistance (Pt1000) sensors from Kundo, since the Satch-
well Outstation was not capable of processing low voltage signals from
thermocouples. Table 4.8 shows an overview of the temperature measure-
ments in the four sub-systems. The tag no. xTy, refers to the number of the
sub-system x (Sections 4.1.2 and 4.1.3) and the number of the sensor y.

The measurements from the Pt1000 sensors in the heat source, hot water
the space heating systems were used when calculating the heating capacity
of the tripartite gas cooler and the COP of the heat pump unit. In order to
measure the bulk temperature, the sensors were placed in specially
designed metal pockets that were installed vertically inside the tubes. The
sensors that were used to measure temperature differences, were cali-
brated both individually and as pairs since this improved the accuracy of
the measurements.

The temperature measurements from the CO, heat pump unit were used
for system and component analysis. Due to the relatively large diameter of
the Pt1000 sensors (5 mm), they had to be installed at the outside of the
OD 8 and 10 mm CO, tubes. Each sensor was mounted by means of
plastic strips, thermal mass and aluminium tape. In order to achieve iso-
thermal conditions for the sensor, about 10 cm of the wire was clamped to
the tube and insulated with 12 mm Armaflex.
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Table 4.8  Overview of the temperature measurements.

Tag. No. Range Sensor Placement Fluid
1T1 -20 to +5°C Expansion valve — outlet CO,
Evaporator — inlet
1T2 -20to +10°C  Evaporator — outlet CO,
1T3 -20to +30°C  Suction gas heat exchanger — outlet CO;
Compressor — inlet
1T4 75 to 125°C Compressor — outlet CO;,
1T5 75 to 125°C Gas cooler — inlet (reheating DHW) CO;,
1T6 40 to 125°C Gas cooler — outlet (reheating DHW) CO;,
Gas cooler — inlet (space heating)
1T7 25 to 40°C Gas cooler — outlet (space heating) CO;,
Gas cooler — inlet (preheating DHW)
1T8 5to 40°C Gas cooler — outlet (preheating DHW) CO;,
Suction gas heat exchanger — inlet
179 -10 to 40°C Suction gas heat exchanger — outlet CO;,
Subcooler —inlet
1T10 -15t0 +35°C  Subcooler — outlet CO;
Expansion valve —inlet
2T1 -15t0 +10°C  Evaporator — inlet Brine
2T2 -15t0 +10°C  Evaporator — outlet Brine
3T1 210 15°C Gas cooler — inlet (preheating DHW) Water
3T2 20 to 35°C Gas cooler — outlet (preheating DHW) Water
3T3 20 to 35°C Gas cooler — inlet (reheating DHW) Water
3T4 60 to 80°C Gas cooler — outlet (reheating DHW) Water
3T5-10 50 to 80°C Inside DHW tank Water
4T1 25 to 40°C Gas cooler — inlet (space heating) Water
4T2 30 to 45°C Gas cooler — outlet (space heating) Water

Calibrated thermocouples of type T (Cu/K) were installed to measure the
transient temperature response at the compressor inlet/outlet, the gas
cooler inlet/outlet and the outlet of the suction gas heat exchanger. The
thermocouples were connected to a Fluke Hydra 2625 data logger.
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4.1.4.2 CO, Pressure

The CO, pressure at the evaporator outlet and the compressor outlet was
measured by Druck PTX 521-00 and Druck PTX 510 piezoelectric
pressure transducers. The pressure transducers were calibrated to measure
the absolute pressure. A Rosemount G1151 DP5 pressure transducer was
used to measure the differential pressure in the evaporator, the entire gas
cooler and the individual gas cooler units. Six three-way valves were used
to switch between the measurement signals.

The pressure transducers were mounted above the heat pump unit, and the
connecting pipelines were designed with the purpose of preventing liquid
and oil hold up since this would affect the accuracy of the measurements.
Table 4.9 presents an overview of the pressure measurements.

Table 4.9 Overview of the pressure measurements.

Tag. No. Range Sensor Placement Fluid

1P1 2 t0 6 MPa Evaporator CoO,
Compressor — inlet

1P2 0to 16 MPa Compressor — outlet CO;,
Gas cooler — inlet (reheating DHW)

1DP1/2 10to 150 kPa  Evaporator CO;,

Gas cooler — reheating DHW
Gas cooler — space heating
Gas cooler — preheating DHW

Entire gas cooler

4.1.4.3 Mass and Volume Flow Rates

The CO, mass flow rate was measured by a Coriolis-type Rheonic sensor
RHM 015 GET2 connected to a Rheonic RHE 08 signal converter. The
sensor was installed between the suction gas heat exchanger and the
expansion valves. Figure 4.21 shows the sensor installed in the test rig.

The volume flow rates in the heat source, space heating and hot water
systems were measured by ultrasonic volume flow meters of type Kundo
G03. Due to the very low flow rate in the hot water system (< 2 I/min), the
measurements during most of the tests were carried out by means of a
2000 ml can and a stop watch in order to improve the accuracy of the
measurements.
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Figure 4.21 The Coriolis CO, mass flow meter.

Table 4.10 presents an overview of the mass and volume flow rate mea-
surements in the heat pump system.

Table 4.10 Overview of the mass/volume flow rate measurements.

Tag. No. Range Sensor Placement Fluid
1F1 0.5-2.0 kg/min  Heat pump unit CO,
2F1 0.1-051/s Heat source system (evaporator) Brine
3F1 0.2 -2.0 I/min Hot water system Water
4F1 0.1-051/s Space heating system Water

4.1.4.4 Power Input to the Compressor

The electric power input to the compressor was measured by a Norma
1704GB3D (class 0.5) analogue wattmeter. The measurements were
corrected for the power consumption and the efficiency of the inverter in
order to find the net power consumption of the compressor. The power
consumption and the efficiency of the inverter at various operating condi-
tions were measured in separate compressor tests.

4.1.4.5 Uncertainty of the Single Measurements

Table 4.11 provides an overview of the relative and absolute uncertainties
in the readings from the different sensors/instruments. The uncertainties
are based on calibration data or manufacturer data, and represent +2c, i.e.
with a confidence level of 95%. The relative uncertainties refers to the
measured value in percent of full scale (FS) or measured value (MV).
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Table 4.11  Relative and absolute uncertainties of the sensors/instru-
ments for the prototype CO, heat pump unit. FS=full scale,
MV=measured value (ref. Section 4.1.4.1t0 4.1.4.4).

Sensor Ranae Relative Absolute
g Uncertainty Uncertainty
Temperature i o - +0.085°C
Pt1000 2010 140°C +0.5°C!
Temperature i o * o1
TC Type T (Cu/K) 20 to 140°C +0.5°C
Absolute pressure 2t0 6 MPa +£0.2% FS +12 kPa
Druck
Absolute pressure 0to 16 MPa +£0.2% FS +32 kPa
Druck
Pressure difference 10t0150kPa  +0.09% FS + 135 Pa
Rosemount
CO, mass ro_w meter 0.5to _2.0 +03% MV +0.0015 - 0.006
Rheonic kg/min kg/min
Volume flow meter 5to _30 +05% MV +0.025 - 0.15
Kundo I/min I/min
Volume flow meter 0.2t02 +0.002 - 0.02
0,
Bucket, stop watch I/min 1% MV I/min
Wattmeter 500 to 2500 W +1%FS +25W
Norma

1) Estimated uncertainty in the CO, temperature measurement, when taking into account
that the sensor measured the tube wall temperature and not the CO, bulk temperature.

4.1.4.6 Uncertainty of the Computed Values

The uncertainty of the computed values was calculated on the basis of the
individual uncertainties propagation analysis, i.e. a root-sum-square com-
bination of the effects of individual measurements. The principles of the
uncertainty analysis are presented in Appendix D, Uncertainty Analysis of
the Measurements for the Prototype CO, Heat Pump.

Tables 4.12 to 4.16 show the calculated absolute uncertainty of the evapo-
ration temperature as well as the relative uncertainty of the gas cooler
heating capacity and the COP of the CO, heat pump unit. The uncer-
tainties for the heating capacity and the COP are based on measurements
from both the water circuits and the CO, circuit. Details regarding the
calculations are presented in Appendix D.
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Table 4.12  The absolute uncertainty in the evaporation temperature.

T [°C] -10 -5 0
8T [K] +0.16 +0.14 +0.13
Table 4.13  The relative uncertainty in the total heating capacity of the
tripartite CO, gas cooler. The calculations are based on
measurements from the water circuits.
SH DHW SH + DHW
aQ [%0] +2.5 +1.0 +1.3

SH=Space heating mode = DHW=hot water heating mode = SH+DHW=combined mode

Table 4.14  The relative uncertainty in the total heating capacity of the

tripartite CO, gas cooler. The calculations are based on
measurements from the CO, circuit.

Heating Mode

SH DHW

9MPa 9 MPa 10 MPa

SH + DHW

High-Side Pressure 8 MPa 8MPa 9 MPa

aQ [%0] +2.2 +2.0 +2.4 +2.0 +1.9 +1.9

SH=Space heating mode = DHW=hot water heating mode = SH+DHW=combined mode

Table 4.15  The relative uncertainty in the COP of the CO, heat pump

unit. The heating capacities are based on measurements
from the water circuits.

SH DHW SH + DHW
aCOP [%]

+2.8 +1.7 +19

SH=Space heating mode = DHW=hot water heating mode = SH+DHW=combined mode

Table 4.16  The relative uncertainty in the COP of the CO, heat pump

unit. The heating capacities are based on measurements
from the CO, circuit.

Heating Mode

SH DHW

9MPa 9 MPa 10 MPa

SH + DHW

High-Side Pressure 8 MPa 8MPa 9 MPa

aCOP [%] +2.6

2.2 +2.1 2.6 +2.6 2.5

SH=Space heating mode = DHW=hot water heating mode = SH+DHW=combined mode
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4.1.5

Since all components were manually controlled, a period of 1 to 3 hours
was required to stabilize the heat pump system at the selected set-points.
Logging was carried out 15 minutes after the system had stabilised.

Test Procedures and Test Programme

Figure 4.22 provides an overview of all controllable components and the
set-points for each sub-system. The component (Tag) numbers refer to the

sketches in Figures 4.1, 4.17, 4.19 and 4.20.

PROTOTYPE CO,
HEAT PUMP UNIT
Component control
Compressor
rpm (6000-constant)
Back-pressure valve
Position
Ball / needle valves
Pos., open/closed

Set Points

e Heating mode:
o SHonly
o DHW only
o SH + DHW

e Inlet pressure to the
gas cooler (1P2)

e Compressor suction
temperature (1T3)

ENERGY WELL
(HEAT SOURCE)

Component control
e Brine pump (2.1)
rpm

Brine pump (2.2)
On/off

El. heater (Variac)
Electric power
HCV2.2/HCV2.3
Position (by-pass)
HCV2.1 (cooling)
Position

Ball valve BV2.3
By-pass (open/closed)

Set Points
e CO, evaporation
pressure (1P1)

e Inlet temperature SH
system (4T1)

DOMESTIC HOT
WATER SYSTEM

Component control
« Ball valve BV3.7
Position

o Needle valve ACV3.1
Position

* Ball valve BV3.8
Open/closed
Set Points

o Inlet city water
temperature (3T1)

e Outlet hot water
temperature (3T4)

SPACE

HEATING SYSTEM
Component control
e Pump 4.1
rpm
Pump 4.2
rpm
Pump 4.3
Step 1, 2, 3 - On/off
HCV5.1/ HCV4.2
Position (by-pass)

Ball valves (4.1-4.4)
Open/closed

Set Points

o Inlet water tempe-
rature (4T1)

s Outlet water tempe-
rature (4T2)

Figure 4.22  Overview of controllable components and set-points.

Table 4.17 shows the ranges for the different set-points and the maximum
tolerable deviation.

The heat pump system was run in three different modes: 1) Space heating
mode (SH), 2) Hot water heating mode (DHW) and 3) Combined heating
mode (SH+DHW). When the system was operated in the space heating
mode, the circulation in the hot water system was stopped. In the DHW
mode, the CO, flow was by-passed the space heating gas cooler unit.

For all test series, the evaporation temperature and the superheating of the
suction gas were kept constant in order to provide constant inlet condi-
tions for the compressor. The suction gas superheat and the mass flow rate
were controlled by adjusting the ball valves for the suction gas heat
exchanger and the oil return valve. The latter valve determined the inlet
vapour quality to the suction gas heat exchanger.
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Table 4.17 Overview of the operating modes and range for the set-points.

System — Component Set Points Variation
Evaporation temperature -10, -5 and 0°C +0.1°C
Superheating of suction gas” 25and 5K +05K
Gas cooler — supercritical pressure  7.5to 11 MPa +0.03 MPa
DHW system — inlet water temp.? Approx. 6°C +1.5°C
DHW system — outlet water temp. 60, 70 or 80°C +0.5°C
SH system — outlet temperature 33°C, 35°C or 40°C +0.1°C
SH system — temp. difference 5K +0.1K
Compressor — rotational speed 6000 rpm (100 Hz) Constant
CO, mass flow rate® 1.210 to 1.630 kg/min +3%

1) 5 K for the space heating mode and 2.5 K for the other modes
2) Depended on the city water temperature and heat transfer through the supply pipe
3) Depended on the pressure and temperature of the suction gas

Most of the tests were carried out at an evaporation temperature of -5°C,
since this represents a typical temperature level for a ground-coupled heat
pump operating in a cold climate. The heat pump unit rejected heat to a
typical floor heating system, where the supply temperature ranged from
33 to 40°C, and the temperature difference was kept constant at 5 K.

At fixed inlet and ou